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Silence is a source of great strength.
(In der Ruhe liegt die starke Kraft.)

Lao Tzu (6th century BCE)



Preface

This book has arisen from my many years of experience in the automotive
industry. It is intended for advanced undergraduates in mechanical engineering,
research scientists, and practicing engineers working on automotive turbochargers.
It could be also used as an aero and vibroacoustics textbook in colleges and
universities, and as a practical handbook of Aero and Rotordynamics in turbo-
charger industries.

Aero and Vibroacoustics of Automotive Turbochargers is a widely interdisci-
plinary working field dealing with noise source generation and airborne noise
propagation from turbochargers to the environment. First, it involves thermody-
namics of turbomachinery to design the turbocharger and to determine its working
conditions. Second, it involves aerodynamics and the study of flow dynamics and
instabilities of rotating stall and surge in compressors, which lead to aerodynamic
noise. These are self-excited vibration noises rather than the response of external
excitation noise sources. Third, it involves fluid and rotordynamics to study the
unbalance whistle due to rotor unbalance, and self-excitation flow instabilities of
oil whirls in rotating floating ring bearings, leading to the constant tone (howling).
Both noise types are called rotordynamic noise. Lastly, it involves the noise
propagation computation based on the Lighthill’s analogy to investigate the air-
borne noise of turbochargers in passenger vehicles. However, some mathematical
backgrounds in vector, matrix, and tensor analysis are required to comprehend this
interdisciplinary working field of Aero and Vibroacoustics.

Airborne noise has recently become a much more important topic in passenger
cars next to CO, reduction, and reducing fuel consumption. In recent years, engine
noise has become relatively quiet so that other noise sources now become audible
in passenger vehicles. Drivers and passengers want to use online communications
via Internet and mobile phones, or relax with audio and video infotainment media
without any external noise disturbance during driving. Therefore, airborne noise
level in the cabin is required to be as low as possible. Moreover, car frames made
of light metals and light periphery components have been used to reduce the
vehicle mass, and to save fuel consumption and reduce emissions. Under these
circumstances, induced noise of turbochargers excites the periphery components
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neighboring the turbocharger, leading to additional airborne noises in the car cabin
and environment. The root causes of different airborne noise types in turbo-
chargers, such as pulsation, rotational, growling, whining noise, unbalance whistle,
constant tone, crackling noise, high-order harmonic noise, and wear noise are
thoroughly studied. Both active and passive measures are recommended to reduce
the airborne noise levels in passenger vehicles.

Despite all my careful efforts, there may be some unpredictable errors in this
book. I would be very grateful to receive your feedback and hints of errors.
Therefore, readers of this book need to have a thorough analysis before applying it
to their individual applications, and take their own responsibilities for possible
damages.

I am grateful to Dr. Martin Knopf, the executive director of Bosch Mahle Turbo
Systems (BMTS) in Stuttgart, for all his support and encouragement. Especially,
I am also indebted to my colleague Daren Bolbolan for reviewing this book, and
giving me constructive and helpful suggestions. In addition, I would like to
acknowledge Dr. Jan-Philip Schmidt at Springer in Heidelberg for proofing
mathematical derivations and for editing this book; Mrs. Heather King also at
Springer and Dr. Shine David at SPS (P) Ltd. for invaluable recommendations and
helps in publishing this book.

Finally, my special thanks go to my wife for her understanding, patience, and
endless support during writing this book in my leisure time and on vacation.

Stuttgart, Germany Hung Nguyen-Schifer
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Chapter 1
Introduction to Turbocharging

1.1 Introduction

Downsized engines, reducing the number of cylinders or volumetric size of cyl-
inders, combined with the use of exhaust turbochargers, are being applied more and
more in the automotive industry in order to comply with the recently enacted
emission laws for CO, and nitrogen oxides (NOy) reduction in automotive vehicles.

These downsized engines with fewer numbers of cylinders or small cylinder
volume induce less friction power between the pistons and cylinders. Additionally,
total weight of the vehicle is also reduced due to a smaller engine, leading to less
driving friction forces. Both measures help to reduce emissions and improve the
specific power of small engines [1]. The fuel consumption of passenger vehicles
could be reduced by nearly 18 % without loss of engine power through the
combined use of a turbocharger (TC), high-pressure direct injection (HPDI),
low-pressure exhaust gas recirculation (LP-EGR), variable compression ratio
(VCR), and variable valve train (VVT). With extreme engine downsizing, using
turbochargers and hybrid techniques, the reduction of fuel consumption could
reach 30 % in total. Such measures could help the automotive industry reduce the
enacted average emission law for CO,, reduced from 120 g/km in 2012 to 95 g/km
in 2020 for new passenger vehicles; and from 175 g/km in 2014 to 147 g/km in
2020 for new light duty commercial vehicles in the European Union (EU) coun-
tries, as shown in Figs. 1.1 and 1.2.

After the combustion of fuel in the engine, the large energy of exhaust gas still
remains in the form of enthalpy from the engine outlet because the temperature of
exhaust gas is quite high (e.g., diesel 820 — 850 °C and gasoline 950 — 1050 °C).
Generally, this enthalpy energy escapes from the engine to the environment. Why
do we not capture it to boost the engine for improving its specific power? To do
that, an exhaust-gas turbocharger is necessary to collect the exhaust gas in the
turbine, and compress the intake air in the compressor to a high pressure for
the engine combustion. This procedure is called turbocharging, which improves

H. Nguyen-Schifer, Aero and Vibroacoustics of Automotive Turbochargers, 1
DOI: 10.1007/978-3-642-35070-2_1, © Springer-Verlag Berlin Heidelberg 2013
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the engine-specific power. The exhaust-gas turbocharger consists of the CHRA
(center housing and rotating assembly), as shown in Fig. 1.3, turbine, compressor,
and actuator [2]. Both compressor and turbine wheels are mounted and fixed in the
rotor shaft that is supported on the bearing system including two separate rotating
floating radial bearings, and the thrust bearing. The exhaust gas expands in the
turbine wheel and generates the rotational kinetic energy for the rotor shaft. The
created turbine energy drives the rotor shaft and compresses the charge air to a
high pressure by means of the compressor.

The concept of using exhaust-gas turbochargers takes advantages of improving
specific engine power and as well as reducing CO, and NOy. Enabling either
having the same power of the original engine but less fuel consumption, which
reduces carbon dioxide and as well as nitrogen oxides in the downsized engine or
achieving more power at the same fuel consumption in the turbocharged engine
without downsizing for those who need more driving fun. However, the first one is
an important key to help us comply with the new emission law for the automotive
vehicles (see Sect. 1.2).

In this chapter, automotive turbochargers are applied to downsized engines to
comply with the given reduction of CO, emission from 2012. Due to car
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compressor wheel  thrust bearing radial bearings turbine wheel

Fig. 1.3 Automotive turbocharger’s CHRA (Courtesy BMTS)

infotainment and online communications via Internet while driving, induced air-
borne noise in the passenger cabin is required to be kept as low as possible,
especially in passenger vehicles. Additionally, light car frames and peripheral
components are used to reduce total vehicle mass; in turn, to save fuel con-
sumption (mpg), leading to reduction of exhaust gas emissions. Under such
boundary conditions, noise induced by the engine and turbocharger is transmitted
through the turbocharger, air filter, air intercooler, exhaust gas system (catalyzer,
diesel particle filter, and muffler), and car frame into the passenger cabin and car
environment. This transmitted noise is called airborne noise that should be
strongly reduced in passenger vehicles.

Besides engine noise, some synchronous and asynchronous (super- and sub-
synchronous) noise types induced in automotive turbochargers are caused by the
flow instabilities (rotating stall and surge) in the compressor wheel, rotation of
compressor and turbine wheels, rotor unbalance, oil whirls in hydrodynamic radial
bearings, and outer race clearance in rolling element bearings. The airflow noise is
defined as the aerodynamic noise (aeroacoustics). The unbalance whistle, constant
tone in the oil-film radial bearings, and high-order harmonic noise in the rolling
element bearings are called the rotordynamic noise (vibroacoustics or rotordy-
namic acoustics). Due to nonlinearity of the automotive turbocharger’s bearing
characteristics, non-synchronous rotor responses are induced from superimposing
the synchronous rotor unbalance excitation (1X) on subsynchronous components
of the nonlinear rotor system, such as inner and outer oil whirl vibrations [2, 3].
In turn, the inner oil whirl generates subsynchronous noise that is usually called
“constant tone”, a self-excited vibration response. Necessary measures must be
applied to turbochargers in order to minimize these turbocharger noises in
passenger vehicles. For this reason, aerodynamics in radial compressors and
nonlinear rotordynamic responses of the rotor have been thoroughly studied in a
passenger vehicle’s turbocharger running on two separate rotating floating ring
bearings. Computational results and measurements give a hint that inner oil whirl
is the root cause of constant tone. The induced noise of the turbocharger excites
other neighboring components nearby and is transmitted to the vehicle cabin and
environment.
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1.2 Applying Turbochargers to Downsized Engines

In automotive applications, single-stage turbochargers are normally used at the air
compression ratio to nearly 2.5. There are two layouts of turbochargers with
exhaust gas recirculation (EGR) at low pressure (LP-EGR) and high pressure (HP-
EGR). By means of engine exhaust gas recirculation, the burning temperature
spike of exhaust gas is lowered, leading to reducing NO,. Generally, turbocharged
downsized engines with the same original power could save nearly 10 % fuel
consumption by reducing the cylinder volume by 25 %. To abide by the current
emission law or to boost engines of passenger vehicles, two-stage turbochargers
are applied to engines working at large charge-air compression ratios above 4.
Two-stage turbochargers consist of two single-stage turbochargers with different
sizes that are sequentially set up in the engine. Some applications of different
turbocharger types are discussed in the following subsections.

1.2.1 Single-Stage Turbochargers with EGR

Figure 1.4 shows a single-stage turbocharger with HP-EGR in which the exhaust
gas partly returns to the engine with a maximum of 50 % EGR rate before entering
the turbine. The EGR rate is defined by the ratio of the recirculation mass flow rate
to the outflow mass flow rate of the exhaust gas. The EGR valve regulates the EGR
mass flow rate so that NO, emission fulfills the current emission law. Due to the
expansion energy of the exhaust gas, the turbine (T) propels the compressor (C)
that compresses the intake air to the maximum pressure ratio of nearly 2.5. The
compression process in the compressor brings the inlet air from the ambient
condition to high pressure and temperature as well. To maintain the compressed

Fig. 1.4 A single-stage
turbocharger with HP-EGR

Engine

EGR

inter-

intercooler
cooler

air exh. gas
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Fig. 1.5 Single-stage
turbochargers with LP-EGR
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intercooler
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charge air with large mass flow rate for the engine combustion, the intercooler
cools down the charge air temperature after the compressor. Otherwise, the air
mass flow rate would be reduced due to low charge air density at higher tem-
peratures. In case of turbochargers with HP-EGR, the recirculated exhaust gas
pressure after the intercooler must be higher than the charge air pressure at the
engine inlet. Hence, the pressure ratio of the turbine is required high enough to
overcome the charge air pressure. Generally, the turbine with HP-EGR is designed
to be smaller than the turbine without HP-EGR so that the exhaust gas pressure
remains higher than the compressed charge air pressure. Therefore, the engine
must work against the high exhaust gas pressure at the engine outlet. As a result,
the fuel consumption increases compared to the turbocharging system without
HP-EGR, especially at high turbocharging pressures. That is the reason why the
HP-EGR valve should be closed as soon as the exhaust gas meets the requirements
of the current emission law. To overcome this disadvantage, the HP-EGR valve is
replaced in the low-pressure site at the turbine outlet. The turbocharger layout
shown in Fig. 1.5 is called turbocharger with LP-EGR. Its advantage is that the
engine working condition against the high exhaust gas pressure drops; therefore,
the fuel performance becomes much more efficient.

However, the LP-EGR turbocharger has two disadvantages: first, the low
exhaust gas pressure of the turbine outlet and pressure drop in the soot trap limit
the LP-EGR mass flow rate, hence the EGR rate; second, the exhaust gas and
ambient air mix together at the compressor inlet; they are compressed in the
compressor to higher pressure. Due to the pressure increase in the compressor
wheel, the exhaust gas condenses, leading to erosion on the surface of the wheel.
Additionally, the unburned hard particles in the exhaust gas impact and damage
the aluminum compressor wheel at high rotor speeds, especially the blades at the
inlet of the compressor wheel. To prevent damage to the compressor wheel, nickel
phosphor (NiP ) coating layer with HV from 600 to 1,000 is usually applied to
the compressor wheel. However, this causes a reduction in the mass flow rate of
the charge air, and therefore the compressor power as well. Due to low-cycle
fatigue (LCF) of the driving cycle, the compressor wheel lifetime is reduced.
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1.2.2 Biturbochargers

Bi-/Twin-turbochargers consist of two small turbochargers of the same volumetric
size; they are parallel setups and operate at the same time in the entire rotor speed
range (parallel bi-/twin-turbo). The mass flow rate of exhaust gas is divided into
both turbines of the bi-turbo at opening both shut-off valves. In case of an engine
with four cylinders, two cylinders provide exhaust gas for each turbocharger, as
shown in Fig. 1.6. After compression and cooling, both compressors provide the
engine with the total compressed charge air.

With small geometry of turbochargers, the rotor generally has small mass
inertia moment that speeds up quickly to achieve maximum torque; therefore, the
transient behavior of the parallel bi-turbo is strongly improved in the low-end
torque (LET). However, a small turbocharger delivers too little air mass flow rate
alone and does not fulfill the required nominal engine power. Hence, both small
turbochargers have to operate in parallel in order to deliver enough compressed
charge air for the required nominal engine power.

In case of the sequential bi-turbo that is a parallel setup and sequentially
operating, only one of the bi-turbo, e.g., the left one operates alone at the low
engine speed by closing both shut-off valves. The small turbocharger builds up the
charge air pressure much earlier and improves the transient behavior of the tur-
bocharger at low engine speeds. At high engine speeds, the other turbocharger (i.e.
the right one) is additionally turned on by opening both shut-off valves where both
turbochargers work parallel like the parallel bi-turbo. Hence, the mass flow rate of
the charge air increases to empower the engine at high rotor speeds. In strongly
powered W-engines with 16 cylinders (e.g. Bugatti Veyron 16.4 Super Sport with
a power of nearly 1,200 hp), four single turbochargers (sequential quad-turbo) are
used; every turbocharger is applied to four cylinders (4 x 4).
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1.2.3 Two-Stage Turbochargers

Two-stage turbochargers are used for high-pressure ratios in which two different
volumetric sizes of turbochargers are sequentially set up and work at the given
procedure regulated by the bypass valves (see Fig. 1.7). Leaving the engine, the
exhaust gas containing large enthalpy is at high pressure and temperature; there-
fore, the turbocharger at the primary stage (C1, T1) is smaller than the secondary
stage (C2, T2). In case of unregulated pressures in sequentially working condition
for both stages in commercial vehicle applications, the primary turbocharger is
normally about 15 % smaller than the single-stage turbocharger; the secondary
turbocharger is 15 % larger than the single-stage one.

At low engine speeds, only the small turbocharger works alone because of its
small mass inertia moment; therefore, the transient behavior is significantly
improved compared to the large one. During this time, the bypass valves of the
primary turbocharger are closed, and the waste gate of the secondary turbine is
fully opened so that the secondary turbocharger is nearly decoupled from the
two-stage turbocharger. At middle engine speeds from about 1,500 rpm, both
turbochargers work sequentially by means of the regulated bypass valves. As soon
as the required charge air pressure is reached at high engine speeds, only the
secondary turbocharger works alone because the larger turbine (T2) has large
efficiency at high rotor speeds. In this case, the primary turbocharger will
be decoupled from the two-stage turbocharger, in which both bypass valves of the
primary turbocharger are fully opened.



8 1 Introduction to Turbocharging

Fig. 1.8 Compression T
. C
pressure ratios of regulated
two-stage turbochargers Full load curve
e . ZZ-C_Z— stage
1 ’

M,eq
Fig. 1.9 Engine torques of M
single- and two-stage
turbochargers

] two-stage TC
single-stage TC
primary stage TC
NTC

Similar to the earlier turbochargers, the compressed charge air temperature
must be cooled down by air intercoolers before entering the engine in order to
maintain the high mass flow rate of the intake air for the required nominal engine
power.

The compressor pressure ratio in the full load curve of the two-stage turbo-
charger is displayed in Fig. 1.8. This pressure ratio results from the product of the
pressure ratios of two compressors of the two-stage turbocharger. Due to the small
volumetric size of the primary turbocharger, its pressure load curve speeds up
faster at low engine speeds to achieve a good transient response compared to the
transient response of the secondary turbocharger in LET.

The engine torques of the single- and two-stage turbochargers versus the rotor
speed of turbocharger are compared to each other, as illustrated in Fig. 1.9. The
single-stage turbocharger is larger than the primary but smaller than the secondary
stage of the two-stage turbocharger. Therefore, the transient response of the two-
stage turbocharger is better than the single-stage turbocharger. The advantages of
the two-stage turbocharger are the better response behavior, higher compression
ratio of the charge air, and higher engine torque in the operating speed range.
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1.2.4 Turbo Compounds

Turbo compounds consist of a turbocharger and power turbine (PT) that uses the
exhaust gas from the turbocharger, still at high temperature, to generate additional
engine power for the engine. The power turbine shaft is directly geared to the
engine drive shaft to increase the engine torque and power to help to increase the
engine efficiency, as shown in Fig. 1.10. Turbo compounds are possibly applied in
commercial vehicles to gain some additional driven energy to the engine shaft.
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Chapter 2
Induced Noise Types

Noises, as shown in Fig. 2.1 induced in automotive turbochargers are normally
classified into the following different types of noises [1, 2].

Pulsation whistle is caused by slight differences in the compressor wheel
chamber volumes due to milling or molding process variations. Its frequency
ranges from 1,200 to 4,500 Hz and occurs at engine speeds from 1,500 to
3,500 rpm, usually in second gear with high load. It is also dependent of the
number of these unequal compressor wheel chambers.

Rotational noise (rotating-blade-related noise) is generated by the rotating
blades of the compressor or turbine wheels at an engine speed range from 1,400 to
2,500 rpm in second and third gears. This noise has very high frequencies between
about 8 and 18 kHz or higher, which result from the number of blades and rotor
speed. Although adult human ears cannot recognize noise higher than 16 kHz,
animals in the car could hear such high frequencies.

Growling noise (compressor-stall-related noise) is induced by the partial
reversal of the charge air in the compressor wheel. Partial flow separation at the
suction side near the blade outlet causes the growling noise. Its frequency ranges in
a wide band between 1,200 and 3,500 Hz containing partly metallic noise, and
occurs at engine speeds between 1,400 and 2,500 rpm in second and third gears.
Growling noise propagates in the direction of the compressor outlet, and the
charge-air intercoolers.

Whining noise (compressor-surge-related noise) is induced by a deep surge
condition in the compressor wheel where the charge air totally recirculates from
the compressor outlet to compressor inlet. The whining noise occurs when driver
suddenly releases the gas pedal, causing the required charge-air mass flow rate for
the engine to be suddenly reduced at still high turbocharger speeds. This leads to
the deep surge working condition in the compressor. Its frequency ranges in a wide
band from nearly 800 to 2,700 Hz containing partly metallic noise, and occurs at
engine speeds from 1,400 to 2,500 rpm in second and third gears. Whining noise
propagates in the direction of the compressor inlet and the air filter system.

Unbalance whistle is caused by the unbalanced rotor and unbalance change of
the rotor after a long-term operating time. Its harmonic frequency (1X) is between

H. Nguyen-Schifer, Aero and Vibroacoustics of Automotive Turbochargers, 11
DOI: 10.1007/978-3-642-35070-2_2, © Springer-Verlag Berlin Heidelberg 2013
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Fig. 2.1 Induced noises of automotive turbochargers

1,200 and 4,500 Hz happening at an engine speed range between 1,500 and
3,500 rpm in second gear at relatively low loads.

Constant tone (howling) is induced by the inner oil whirl due to oil whirling in
the oil-film radial bearing; its frequency lies between 600 and 1,000 Hz in the
human audible range. The inner oil whirl frequency order in the rotating floating
ring bearings reduces from about 0.4 to 0.3X as the rotor speed increases.
Therefore, the inner oil-whirl induced frequency varies in a small range between
600 and 1,000 Hz, and is generally considered as quasi-constant in the automotive
turbocharger operating speed range. Constant tone often occurs at engine speeds
between 1,500 and 3,500 rpm in second to fifth gears with middle to high loads.

High-order harmonic noise often occurs in turbochargers using rolling element
bearings (ball and roller bearings) where the constant tone fortunately does not
happen. This noise type is caused by an inappropriate design of the oil damper
clearance between the bearing outer race or cartridge and bearing housing [1]. The
high-order harmonic noise has multiple harmonic frequency orders of 2, 3, 4, 5X,
and above, as well as modulation sideband frequencies.

Wear noise mostly occurs in turbochargers using rolling element bearings (ball
and roller bearings) if wear defects of balls, rollers, cage, inner, and outer races
take place. The wear noise has different asynchronous frequencies that will be
discussed in Sect. 4.5.

Crackling noise mostly takes place in wastegated turbochargers in which the
waste gate (WG) vibrates about its pivot axis. This vibration generates the metallic
crackling noise in various asynchronous frequencies between about 7 and 15 kHz
in the WG open position. However, the crackling noise strongly reduces or
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diminishes when the WG is in the closed position due to the damped vibration
amplitude at the waste gate seat located in the turbine housing.

The first four noise types are caused by aerodynamics in the compressor and
turbine wheels. The unbalance whistle is induced by the rotor unbalance at high
rotor speeds, and the constant tone is generated in the inner bearing hydrodynamic
oil film. Both unbalance whistle and constant tone are therefore called rotordy-
namic noises. Rotordynamics engineers have studied both unbalanced whistle and
constant tone and found that an appropriate two-plane rotor trim balancing at high
balancing speeds reduces the unbalance whistle but not the constant tone; how-
ever, the constant tone could be released at an extremely large rotor unbalance.

In this book, the root causes of these noise types are studied; measures of
reducing them are thoroughly discussed. Furthermore, efforts are also made to
physically understand the noise behaviors and to reduce the undesirable noise
generated in automotive turbochargers. Aerodynamic flows in compressor wheels
are used to figure out the causes of the aerodynamic noises of the pulsation whistle,
rotational, growling, and whining noises. Rotordynamics is applied to analyze the
rotordynamic noises of the unbalance whistle, constant tone, crackling noise, high-
order harmonic noise, and wear noise. And finally, some measures are discussed to
improve the noise behavior (NVH) of automotive turbochargers in passenger
vehicles.

Figure 2.2 shows the noise sources and response noises in a typical automotive
turbocharger. The aerodynamic noise sources “1” of the pulsation, rotational,
growling, and whining noises are transmitted from the turbocharger through the
compressor housing to the air filter, air supply pipes, and air intercooler that are
excited by the aerodynamic noise, leading to the response noises. The whining
noise generally excites the intake-air supply components due to the flow reversal
from the compressor outlet to the compressor inlet. On the contrary, the growling
noise affects more the charge-air components, such as the charge-air duct and
intercooler, as displayed in Fig. 2.2. The partial flow separation near the
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O Q {;3:3 : response noise

engine (4 cyl.)
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exhaust
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Fig. 2.2 Airborne noises of automotive turbochargers
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compressor outlet is to blame for the growling noise propagating direction in the
charge-air components; this will be discussed in detail in Sect. 4.1.

The rotordynamic noise sources “2” of the unbalance whistle, crackling noise,
and constant tone in oil film bearings/high-order harmonic or wear noise in ball
bearings are propagated through the bearing oil films/bearing balls and oil damper,
and bearing center housing to the exhaust-gas system of the catalyzer, diesel
particle filter (DPF), and muffler. The noise sources also excite the components
neighboring the turbocharger, leading to the additional response noises. All
induced noises are eventually transmitted through the car frame as airborne noises
in the car cabin and environment. The audible airborne noise level depends on the
vehicle types and operating engine speeds. Therefore, the delivery and limit
acceleration unbalance levels must be determined for each car type; this will be
discussed later in Sect. 4.2.
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Chapter 3
Acoustic Propagation Theory

3.1 Aeroacoustic Characteristics

Aerodynamic noise types such as pulsation, rotational, growling, and whining noise
are generated from airflows in the compressor of turbocharger. Rotordynamic noises
are the noise types like unbalance whistle, constant tone, crackling noise, and high-
order harmonic noise. The unbalance whistle is caused by rotor unbalance; the
constant tone is induced by the inner oil whirl occurring in the oil-film radial
bearings due to self-excitation instability. Additionally, the high-order harmonic
noise and possible wear noise mostly occur in the rolling element bearings. Induced
noise is transmitted through the bearing oil films, bearing center housing, com-
pressor housing, air filter system, charge-air intercoolers, exhaust-gas manifold,
exhaust-gas system (catalytic converter, particle diesel filter (DPF), and muffler),
and car frame to the cabin, as shown in Fig. 3.1. The induced noise excites the
bearing center housing and periphery components near the turbocharger, such as air
filter, charge-air intercoolers, and exhaust-gas system of catalyzer, DPF, and muf-
fler. The excited vibration responses emit airborne noise into the turbocharger’s
environment. Such airborne noise is uncomfortable and undesirable for the vehicle
occupants, and should be reduced as much as possible in passenger-type vehicles.

Figure 3.2 shows some wave characteristics of acoustic propagation, such as
vibration amplitude &(7), oscillating air-particle velocity v(f), perturbed noise
pressure p'(¢), and propagating wave front with a sound speed c. At first, an air-
particle oscillates with an angular frequency w and impacts on the neighboring air
particles in a compressible fluid (e.g. air). The impact process continues onto the
next air particles, leading to propagating waves in the air. This process is com-
pared to the domino effect where the first domino falls with the velocity v; it affects
the second one that further affects the next one, and so on. During falling of the
domino pieces, the audible noise propagates in the air at the speed of sound c,
which is caused by the noise pressure perturbation. In this case, air particles are
accelerated and decelerated. This causes a compression wave with v > 0 at
increasing air pressure and density; an expansion wave with v < 0 at decreasing air

H. Nguyen-Schifer, Aero and Vibroacoustics of Automotive Turbochargers, 15
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pressure and density in a period of time 7, as shown in Fig. 3.2. At v = 0, the
oscillating air particle reaches the maximum amplitude where the air pressure and
density equal the time-averaged or undisturbed air pressure and density (po, po)-

The compression and expansion waves take turns changing in the wavelength A
in the propagation direction. After the compression wave, the expansion wave
follows in a period of time 7 and vice versa. While the air particles oscillate with
the velocity v(z) about their equilibriums, the perturbed noise pressure p’ moves
with the sound velocity c in all propagation directions. However, both velocities
v and c are in the same direction of the wave propagation direction.
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Fig. 3.2 Acoustic propagation wave characteristics
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Some thermodynamic characteristics of noise transmitting in a compressible
fluid are necessary for noise pressure propagation in the linear aeroacoustics (see
Appendix A). The linear aeroacoustics is based on the linearized Euler’s equations
(LEE) for inviscid and isentropic flows in which the acoustic propagation charac-
teristics of p’, p’, and T' have relatively small perturbation amplitudes in the fluid.

(a) Speed of sound

The sound velocity c¢ is generated from molecular interactions between the
oscillating air particles with the fluctuation velocity v about the equilibriums and
only depends on the absolute fluid temperature of the transmitting medium. The
speed of sound c is defined by the square root of the change rate of the thermo-
dynamic absolute fluid pressure p to its density p in an isentropic process.

=) (3.1a)

The acoustic characteristics p’, p’, and T are defined as (see Fig. 3.3).

p=po+p(x1);
p = po+p(x1); (3.1b)
T = To+ T (x1)

where

Do is the time-averaged or undisturbed gas pressure (v = 0);

p'(x, f) is the perturbed noise pressure (p'<pg); for convenience only, it is
further called the noise pressure p';

00 is the time-averaged or undisturbed gas density (v = 0);
p'(x, f) is the perturbed gas density (p’ < po);
Ty is the time-averaged or undisturbed gas temperature (v = 0);

T (x, ) 1is the perturbed gas temperature (' < Ty) thus, T ~ Ty.
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The relation of pressure and density of a perfect gas is described in an isentropic
process.

p=Cp" (3.2)

where
C is an integral constant;
Kk is the isentropic coefficient of gas (K, = 1.4).

The state equation of a perfect gas gives the relationship between pressure, gas
density, and temperature.

p = pRT (3.3)

where

R is the gas constant;

p is the gas density;

T is the absolute gas temperature [K].

Having substituted Eqs. (3.2 and 3.3) into Eq. (3.1a), one obtains the sound
speed in a compressible fluid of a perfect gas (e.g. air) at T = Tj,.

c= /%p = VkRT ~ \/kRTy = co (34)

- oat

Equation (3.4) gives the sound speed in dry air ¢y =~ 340 ms
Ty = 293.14 K (20 °C).
The longitudinal sound speed in incompressible media (e.g. solid materials and

liquids) is calculated by [2]

1 —v)
\/ (I+v) \/‘ \/ (1- 2v (3:5)
within

E is the medium elasticity modulus (Young’s modulus);

v is the medium Poisson’s ratio (v = 0.25 to 0.30 for most metals);
K is the medium bulk modulus;

p 1is the medium density.

As a result, the sound speed c; is nearly 6,000 m/s in steel: ¢; is about 1,500 m/s
in liquid water at 25 °C according to Eq. (3.5).

The relation between the noise pressure p’, perturbed gas density p’, and per-
turbed gas temperature 7’ is derived from Eq. (3.1b) and the state equation of a
perfect gas, as given in Eq. (3.3).
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(3.6)

Using Eq. (3.2), it can be written for a perfect gas at p’ < pg and p’ < pg in an

isentropic process.
/ I\ K ’
1+<§—) = <1+p—) zlJrK(p—)
0 Po . p(l) (373)
“ )+
0 Po
Therefore, one obtains the relation between the perturbation noise pressure and

density according to Egs. (3.4 and 3.7a).

/
p Po 2
—m~K|— ] =kRT)=c (3.7b)
o (m) ’
Thus, the perturbed noise pressure is proportional to the perturbed density at
very small perturbation amplitudes with ¢y & c in linear aeroacoustics.

P =cp = (3.8)
The perturbed gas temperature is calculated from Eqs (3.6 and 3.7a).

T/ B p/ pl

?o " po Po
/ _ 1 /
=(k-1) LAy (K > P
Po K Po
According to Eq. (3.9), the perturbed air temperature 7' ~ 0.57.10~* T, and
perturbed air density p’ ~ 1.43.107* p, at a perturbed noise pressure p’ = 20 N/

m? and py = 10° N/m?. This result shows that 7' < Ty and p’ < po, as given in
Eq. (3.1b).

(3.9)

(b) Noise impedance

The impulse equation of an air particle oscillating with an amplitude ¢ at a
velocity v is written in the direction x.

625 ap/
Poar = " ox (3.10)
Thus,
2 p—
65_6v__i'6f(t x/c) (3.11)

o2 p, o
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The forward propagating noise pressure can be written in the direction x.

Pl 1) =f(t—x/c) =f(1)
within the delayed time is defined by

1= (t—x/c).

Having timely integrated both sides of Eq. (3.11), one obtains the propagating
noise velocity v using the differentiation chain rule.

1 [of(r)or 1 [0Of(r) Ot
po/ ot 'axdt N poc/ ot 'ardt
1 [0p'(x,t) Or g = 1 [op'(x1)

= — —dt = — dt 3.12
PoC ot 0Ot PoC ot ( )
_r
PoC
where
or_ 10t .
ox ¢ o

Noise impedance Z is defined by the ratio between the noise pressure and air
particle velocity; it is resulted from Eq. (3.12).

ZEpoc:[% (3.13)

According to Eq. (3.13), the noise impedance (pqc) in air is about 428 kg/(mzs)
at 0 °C (273.14 K); approximately 415 kg/(mzs) at 20 °C (293.14 K). Thus, the air
particle velocity v is approximately 0.05 m/s at a noise pressure p’ = 20 N/m? (Pa).

(c) Noise intensity

Noise intensity vector I is the product of the noise pressure and air particle
velocity.

I(x,7) = p'(x,1) v(x,1) (3.14a)

where
p'(x,f) is the noise pressure, as given in Eq. (3.1b);
v(x,t)  is the air particle velocity.

The time-averaged noise intensity vector is given over the time period 7.

~| -

Lo (x) = / P (e, v, )t (3.14b)
0
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The rms noise intensity amplitude is calculated from Eqgs. (3.13 and 3.14a).

P _pL @)

Iimg (x) = "z poc (3.15)
where
P'ims 1S the root mean square of the noise pressure
T
Psl) = |7 [ 20t (3.16)
0

(d) Noise power

Noise power is defined by the sum of the noise intensity over the surface
S surrounding the noise source.

P ]{ Lnds (3.17)

S

The time-averaged noise power is resulted from the time-averaged noise
intensity and surrounding surface.

T
P:iS:%/I(t)-ndt (3.18)
0

(e) Noise levels

There are two kinds of noise levels in the aeroacoustics: noise power level and
pressure level.

e Noise power level

Noise power level Ly, [dB] is defined by

P
Ly = 10 log,, () (3.19)
Pref
within
P is the time-averaged noise power [W], as given in Eq. (3.19);

P.¢ is the reference noise power (=107'2 W).

The time-averaged noise power is proportional to the noise intensity according
to Egs. (3.15 and 3.18); therefore, one can write in
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P o Iips X pgns (3.20)

e Noise pressure level
Noise pressure level Lp [dB] is defined by

Lrms L\’ -
Ly =10 logm(l ) — 10 log,, (prm*) —20 logm(prm“) (3.21a)

ref Pref Pref

where
P'rms 1S the rms noise pressure [N/mz], as given in Eq. (3.16);
Pref is the reference noise pressure (= 2.107° N/mz).

According to Eq. (3.21a), the noise pressure level is about 114 dB at an
effective pressure p'ims = 10 N/m? (Pa); Lp = 120 dB at p/;ms = 20 N/m? (Pa).
As a result, the noise pressure level increases by nearly 6 dB if the rms noise
pressure is doubled. Obviously, the difference in noise pressure level depends on
the rms noise pressure ratios.

/
ALP = LP,Z — LP,I =20 ]Oglo (pIZ,rms> (321]3)

1,rms

3.2 Acoustic Propagation Equations

Vibrating solid surface causes local propagating disturbances, such as timely
change rates of pressure, density, and temperature in the fluid at the solid surface.
The gaseous fluid molecules interact with each other and radiate noise from the
noise source to the transmitting medium. Note that the larger the timely change
rate of the gas density or pressure, the more effective the noise propagates with
radiation velocity v that is very close to the average molecular gas velocity in the
gas medium [1]. Acoustic propagation is caused by the fluid molecular interaction
due to the initial disturbances at the interface between the solid surface and fluid.
The noise propagation is based on the continuity and momentum equations in the
gaseous medium that is assumed as a perfect gas (e.g. air).

The conservation of mass (continuity) equation of gas with the absolute gas
density p is written in
% +V.(pv) =0

o (3.22a)

A(py + p'
& %—i—v.(pov—i—p’v) =0
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According to Fig. 3.3, it gives % << %—’;/, and V.(p'v) < < V.(pgv)
Thus, the continuity equation in Eq. (3.22a) becomes

op’
o V.(pgv) =0 (3.22b)
where
p is the absolute gas density given in Eq. (3.1b);
o is the perturbed gas density;
00 is the undisturbed gas density;
v is the fluctuating fluid velocity in the transmitting medium;

V.(pov) is the divergence of the vector pyv.

The Nabla operator V is defined in

e Cartesian coordinate system (x,y,z):

0 0 0
\Y il + _ayJ + & (3.23a)

e Spherical coordinate system (r,0,¢):

0 1 0 1
—€ +—.—-¢+
or

d
V= F 00" " rsing 04 Y

(3.23b)

Because p’ << py, v is very small, and p, unchanged with locations, it results in
a(pV) ~ a(poV)

ot ot
PO(X,y, Z) = const = Vp = Vp/

PV <pyv =

The conservation of momentum equation of viscous gas flows is given by

§

% +V.(ppv®V)=-Vp +V.7 (3.24)
where
\%2 is the noise pressure vector acting on the fluid;

vt is the perturbed viscous shear tensor;
v ® v 1is the tensor product of the gas velocity.

The relation of the timely change rates of propagating noise pressure and
perturbed gas density in an isentropic process is resulted from Eq. (3.8).
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op’ »0p'
X 22 2
a Vo (3.25)
Having combined Eqgs. (3.22b and 3.25), it results in
a /
a—’; +AV.(pv) = 0 (3.26)
Timely differentiating Eq. (3.26), one achieves
7p 50 P oo [Apov)
2 T coav.(pov) =3p +COV.[ 3| = 0 (3.27)

The convective term, the second term on the left-hand side of Eq. (3.24), is
second order of the gas velocity v and therefore mostly negligible in linear
aeroacoustics due to small oscillating air-particle velocities according to Eq.
(3.13).

Thus, Eq. (3.24) becomes for inviscid gas flows

A(pov)
ot

Substituting Eq. (3.28) into (3.27), one obtains the acoustic propagation
equation linearized Euler’s equation (LEE), in which the viscous shear in the gas
flow is negligibly small, and the perturbation amplitudes are very low. Linear
acoustics generally applies the LEE, derived from the Navier-Stokes equations at
low Reynolds numbers of perfect gases in an isentropic process, to study the noise
propagation in the transmitting fluid.

~ —Vp' (3.28)

27 2.7
aa,]; — AV = 66—5 —ciAp' =0 (3.29a)
where
r is the perturbed noise pressure;
Co is the time-averaged or undisturbed sound speed, as given in Eqs (3.1a, 3.4,
and 3.5);
Ap’  is the Laplacian operator of the noise pressure p'.

The wave equation of a scalar velocity component v(X,y,z,t) is given by
substituting Eq. (3.13) into Eq. (3.29a).

1 v 1 v

VWV — . —=Av—— . —
c o ct or

=0 (3.29b)

The Laplacian operator A with ¢ = p’; v(x,y,z,t) is formulated in
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e Cartesian coordinate system (x,y,z):

o o ¢
— 72
Ap=V QDZV.V(pzﬁ-l-a—yz‘Fa—Zz (3.30a)

e Spherical coordinate system (r,0,¢) in the radial direction r:

1 d/,0 o 20

Acp—vzwv.wr—z.a(ﬂa—f) :a—r‘f+;.—‘f (3.30b)
Similarly, the Lighthill’s equation (also Lighthill’s analogy) is derived from the
nonlinear Navier-Stokes equations of viscous gas flows at high Reynolds numbers
and aeroacoustics. It has been considered as the bridge between aerodynamics and
aeroacoustics for the acoustic field. The Lighthill’s equation describes the acoustic
propagation at large perturbation amplitudes of viscous gas flows with high Rey-
nolds numbers in nonlinear aeroacoustics due to the nonlinear terms on the rhs [2].

aZpl
37 Ap' =V.N.(ppvev-1) s
2y . (3.31a)
57 Ay = ctV.V.(ppve v —1) + s (' —cip')
within
PoVRV  is the convective tensor;
7 is the perturbed viscous shear tensor.

The non-isentropic source term of Gz/atz(p’ — cozp’ ) on the rhs of Eq. (3.31a)
describes the nonlinear equivalent acoustic source in the Lighthill’s equation.
However, this term vanishes at small perturbation amplitudes in the isentropic
noise propagation.

Having substituted Ap’ = cjAp’ + V.V.((p' — c§p)I) into the first equation of
(3.31a), the Lighthill’s equation is given in the perturbed gas density.

62 p/
or?
The Lighthill’s turbulence tensor T is given by

—ciAp' =V.V.T (3.31b)

T=pyvev—1+ @ —cgp)l (3.31¢)

where
I is the unity tensor equivalent to the Kronecker delta tensor.
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In the case of inviscid flows at low Reynolds numbers and small perturbation
amplitudes in an isentropic process for linear acoustics, all rhs terms in Egs. (3.31a
and 3.31b) equal zero. Thus, the Lighthill’s equation (3.31a) in the perturbed
pressure becomes the LEE given in Eq. (3.29a).

The acoustic propagation equation LEE of the average noise pressure p’ is
written in the radial direction r.

2.1 2 /
ol (,zal) _ (3.32)

oz ror or

Substituting a new unknown variable m = p'-r into Eq. (3.32), one obtains the
acoustic propagation equation LEE in the radial direction after a few arithmetic
calculations.

m) & m)
or? 0 a2

The noise pressure in Eq. (3.33) can be written for the forward and backward
propagating waves in the complex formulation

=0 (3.33)

m

P(r0) == Pl (r.0) £ P (1)

(3.34)

= ﬂejw<t7”/c) + &ejw(ﬂrr/c)
r r

where

A; is the integrating coefficients;

o s the oscillation angular frequency;
r  is the noise transmitting distance.

The wavenumber k is defined by the ratio of the angular frequency of air
particles @ to time-averaged or undisturbed sound speed c.
w

~

k

w 2
c

. (3.35)

€o
where / is the wavelength of acoustic propagation with A = cT.

The noise pressure is generated by the spherical surface that vibrates in the
radial direction r with a velocity v = w¢ at frequency w about its equilibrium
radius a. The complex noise pressure in the forward propagating direction is
resulted in [1].

1 pOJw Q e—jk(rfa)
1+ jka) " 4mr

prt) = ( (3.36)

within the complex volume velocity of the noise source Q [m?®/s] is written in

Q = Q¢ = (4na’v)e (3.37)
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The noise source strength is defined by pjewQ* which is given in Eq. (3.38).

~ d * _joi : * jo :
PoQ = po - (Q™) = pojo Q"™ = pojw Q (3.38)

The complex volume acceleration dQ/dt [m>/s*] causes the noise propagation at
the velocity v by sound radiation in the transmitting medium.

For a point monopole source (i.e., ka < 1), the noise pressure is given by
substituting Eq. (3.38) into Eq. (3.36).

'(r,1) = P Q etk = Poe Q e Ik
47rr . 4nr (3.39)
_ PO Qo)
4nr

The inverse square law of the noise intensity is resulted from calculating the
root mean square of p'(r,r).

2 (PoCk)2 2
Tims O Prs = 55 5 7€ (3.40)
This inverse square law indicates that the noise intensity decreases with the
square transmitting radius r; i.e., the longer the distance from the noise source, the

lower the noise level is generated according to Eq. (3.40).

3.3 Computation of Acoustic Propagations
3.3.1 Computational Methods

The noise computational simulation of automotive turbochargers is much more
complex and difficult than computational fluid dynamics (CFD) because the air-
borne noise computation must be divided into many interdisciplinary simulations
based on finite element method (FEM), finite volume method (FVM), and
boundary element method (BEM), such as the noise generation simulations using
CFD and computational nonlinear rotordynamics (CNR), in the near-field acoustic
propagation simulations using computational aeroacoustics including LEE for
linear aeroacoustics, acoustic perturbation equations (APE) using the Lighthill’s
equation for nonlinear aeroacoustics in the mid-field, and far-field simulations of
noise radiation into the environment using the Ffowcs Williams and Hawkings’
equation (FWHE) based on the integral method BEM, as shown in Fig. 3.4. The
BEM solves the Kirchhoff-Helmholtz integral equation for 3-D acoustic field
problems by summation of the noise pressures over the boundary surface of the
noise source body.
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Near-field

Mid-field
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waves

Fig. 3.4 Acoustic propagation computational methods

First, the generation of aerodynamic noise sources, such as flow vortexes and
turbulent flows, is transiently computed by CFD with a direct numerical simulation
(DNS) for which all flow initial and boundary conditions, and turbocharger
geometries must be known in advance. CNR is applied to simulate the rotordy-
namic noise sources in the turbocharger (see Chap. 5). Second, using the LEE and
APE the acoustic propagation through the components neighboring turbochargers
are computed under mutual influences of the component walls on the noise levels.
Third, the FWHE is used to compute the noise radiation neglecting the component
wall effects at different rotor speeds in the far-field of the turbocharger (i.e. within
a few meters from the vehicle).

The Lighthill’s equations given in Egs. (3.31a and 3.31b) with the noise source
terms on the rhs are usually solved by the three-dimensional CAA program (3-D
CAA) based on the FEM and BEM for complex systems [1-3]. As an example,
such complex simulation models are applied in automotive industries where the
noise sources induced from the turbocharger, as discussed in Sect. 3.2, are
transmitted through the bearing center housing, compressor housing, charge-air
intercoolers, air inlet system, exhaust-gas system (catalyzer, DPF, and muffler),
and car frame to the cabin. Additionally, the strengths of aero- and rotordynamic
noise sources Q; on the rhs term of the Lighthill’s equation are computed by 3-D
CFD of flows in the compressor and turbine wheels [4] and the CNR of the
turbocharger [5, 6], respectively.

The BEM and FEM are briefly outlined for linear aeroacoustics in the following
subsections.
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3.3.2 BEM for Aeroacoustics

The BEM based on Green’s second theorem is used to transform the Helmholtz
equation in the acoustic volume domain (V,,) into the Kirchhoff-Helmholtz integral
equation defined on the closed surface (S,). The noise propagating domain (V,) is
enclosed by the closed surfaces S, Sp, and S, as shown in Fig. 3.5.

The noise pressure p'(r,f) at any point r in the noise field (V,) is solved by the
Kirchhoff-Helmholtz integral equation at the given boundary conditions of p'(r,,?)
and v(r,?) on the boundary surface (S,).

The homogeneous noise pressure equation given in Eq. (3.29a) is written in the
acoustic field volume domain.

1 62p/
vV —5—5=0 (3.41)
ck or

The timely second derivative of the harmonic noise pressure p’ can be written in
oy et 0P (r,0)
prn) = p(r) 6 = S0 — () (3.42)

The homogeneous Helmholtz equation of the noise pressure p’ is resulted from
Egs. (3.35, 3.41, and 3.42).

V2P (r,t) + kK*p'(r,t) = 0; Yr € V,
P00+l (r,0) = 05 ¥ )
k=w/co~2mn/

In the case of a noise source Q(r,?) in the acoustic field V,, the inhomogeneous
Helmbholtz equation is formulated in

Vzp’(r, 1)+ kzp’(r, 1) =Q(r,1); Vr,Q €V, (3.44a)

where the noise source in the rhs is defined by [1]



30 3 Acoustic Propagation Theory

Q(r,t) = VA(r, 1) — jpywq(r,1) (3.44b)

The rhs term in Eq. (3.44a) describes the force and noise source intensity acting
on the acoustic field volume domain, as described in the Lighthill’s equation
(3.31b and 3.31c) according to [1].

Generally, there are three kinds of boundary conditions at the enclosed surface
(S) for the Helmholtz equation:

e Dirichlet boundary condition at the rigid surface

( ): 0 = p(s)(ra, t) = constant (3.44c¢)
s

e Neumann boundary condition at the vibrating surface

op’
on

= —ipo® V(s)(Xa, 1) (3.44d)
(s)

e Robin boundary condition (also impedance BC for Sturm-Liouville problems)

op
on

pl(s) (raa t)
z

= —jpow 1 Z = poc ™ % (3.44e)

(s)

where Z is the noise impedance of the acoustic field, as given in Eq. (3.13).
Green’s second theorem transforms the volume domain V into the boundary S.

%(g)%’i_ %Z)ds = / (VY —yVip)av (3.45)

S \4

where ¢ and y are two scalar functions defined in the volume domain V.

To apply the BEM to linear aeroacoustics, the noise pressure p'(r,f) at the
location r, in the acoustic field V, is substituted for ¢; the free-field Green’s
function G(r,r,) in the acoustic field V,, with the wavenumber k is used for y [1, 7].

{ ¢ =p/(ra,1); . (3.46)

e iklr—ra]
l// = G(I‘, ra) ;i k i

= dnfr—r,|’

~
~

I
Sle

Having applied the Green’s second theorem to the closed boundary surfaces of
S, So, and S, one obtains the Kirchhoff-Helmholtz integral equation by setting
the rhs term in Eq. (3.45) to equal zero because both p’ (r,,7) and G(r,r,) satisfy the
homogeneous Helmholtz equation (3.43).
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/ _ L / 0G(r,ra) . op'(r,, 1)
p(r,t) = : p'(ra, t).46n G(r, ra).ién ds, (3.47a)

a

where the domain coefficient c¢(r) is resulted in [1]

—1if Vrev,
e(r) = —% if Vr e S, (3.47b)
0 if Vr ¢V,

The vibrating velocity of the solid surface is given by the Neumann boundary
condition given in Eq. (3.44d).

op(r,,t . .
%) = —ipo® V(s,) R =jpock Vs,
(S(,)
3.48
j op'(r,,1) (3.43)
= V(I‘a, t)|(S,,): —kT
Poc s,

Integrating the rhs term of Eq. (3.47a) at the noise pressure p’(r,,f) and vibrating
velocity v(r,.f) on the boundary surface S,, it gives the noise pressure at any point
r in the noise field V,. In the case of r inside V, at ¢(r) = —1, the induced noise
pressure results in

p'(r,1) :% {G(r,ra).wla/(ra,t).

Sa

0G(r,r1,)
T} ds, (3.49)

The noise pressure p’ is written in the Helmholtz operators by substituting the
additional incident acoustic field p}, into Eq. (3.49).

p'(r,0) = {Lv}s —{Mp'}g +pi,(r,1); Vr e V, (3.50a)

in which the incident noise pressure p/, is resulted from integrating the source term
Q(r,?) over the acoustic field volume V.

oL (r,1) = ]( Q(re,1).G(r,xs) dVs (3.50b)
Vs

The Helmholtz integral operators on the boundary surface S, are defined by

{Lv}s = ¢ [G(r7 ra).W} dSy;
’ K ’ 0G(r,ry) (351>
Mp'}g = § [p/(ra,0). 25550 as,

Sa

The integrated boundary surface S, is divided into N finite boundary elements
AS;_... n. as shown in Fig. 3.5. Thus, the noise pressure of Eq. (3.50a) inside the
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acoustic field V, is resulted by integrating the rhs of Eq. (3.50a) over the finite
boundary surfaces AS;—; .

N N
p,(l‘, 1) = Z {Lke}ASjVj(ra7 1) — Z {Mke}AS,-pj/'(ravt) —i—p;n(l',t); (3.52)
= = :

Yrev,

where e is the unit vector on the finite boundary element AS;.
The Helmholtz integral operators in Eq. (3.52) are given by

{ {Lie}ascs,= fAS,- Gi(r,ra)dS,;

_ G (rxs (3.53)
{Mke}ASsta: fAsj %d&

Due to the solution singularity for certain values of the wavenumber k on the
surface domain, other integrating methods, such as Schenck method based on
combined Helmholtz Integral equation formulation (CHIEF), improved indirect,
and direct formulations are used to compute the noise pressure in the acoustic field
[1, 2, 7]. The commercial 3-D Acoustics Code of LMS Virtual Lab [8] based on
the boundary element acoustics (BEA) is mostly used to compute three-dimen-
sional acoustic field problems in automotive applications.

3.3.3 FEM for Aeroacoustics

Instead of solving the Helmholtz equation by integrating the noise pressure over
the radiating surface (S,) by means of BEM, the FEM directly solves this equation
in a three-dimensional acoustic filed (V) surrounding the radiating surface of the
turbocharger, as shown in Fig. 3.6.

Multiplying the Helmholtz equation by a scalar function ¢ differentiable in the
control volume V and integrating both sides of the equation over dV, one achieves
the weak Galerkin formulation of the Helmholtz equation:

Fig. 3.6 FEM in an acoustic
field (V)

acoustic
volume
domain

noise
radiating
surface
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/ ¢ V.Vp' av + / Gkp' dV =0 (3.54)
Vv Vv

Having used the product chain rule of the divergence
V.(¢.Vp')=¢d.V.Vp +Vd.Vp',

Equation (3.54) is rewritten in
/V.(¢Vp’)dv —/ Vé.Vp' dv + / Gk p dv =0 (3.55)
\ \%4 \%4

Applying Gauss divergence theorem to the control volume V;, it is given by

/V.((ﬁVp’)dV = 74 (¢Vp').ndS

S
o (3.56)
~ o Las=jpo s, [ das
on
S Sa
Substituting Eq. (3.56) into Eq. (3.55), one obtains
[ @65 £ opiav = <ipo s, [ das (3.57)
v Sa

within the fluid velocity vg, on the radiating surface satisfies the Neumann
boundary condition given in Eq. (3.44d).

i o
Vs, = —— =

= (3.58)

(Sa)

The Rayleigh-Ritz method approaches the noise pressure p’® in the finite

element e = 1,...,N, in the local coordinate system (&, &,, £3) by a finite series
expansion according to [1].

P =~ S 6.8 e = ({86 6.6} D) {0}
N (3.59)
= {W(& &&= Y U6 L&)

where

S s the shape function (1 x N) matrix;

o is the coefficient (N x 1) vector;

D. is the distribution function (N x N) matrix;
Y is the weighting function (1 x N) matrix;
p’ s the noise pressure (N x 1) vector;
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is the number of discretized finite elements in the control volume V;

is the nodal points of the discretized finite element;

; is the pressure weighting function at the nodal point j that denotes the
weighting rate of the noise pressure per unit volume;

p;  1s the noise pressure at the nodal point j.

=z

Inserting Eq. (3.59) into Eq. (3.57), it gives at choosing ¢ = ;.
N

Z / (v‘pi'vd/j - k2lpilpj) av P; = —Jpo@Vs, /lﬁidSJ Vi=1,...,N

=y S,

(3.60)
Thus, Eq. (3.60) is formulated in the matrix equation of the noise pressure.
Al {p"} = {q} (3.61a)

where
[A] = (N x N) matrix of the components

ale/(Vwi.Vlﬁj— Kyap)dvivi=1,2,.. N;Vj=1,2,..,N (3.61b)
|4

{p'} = Wx 1) vector of the noise pressures

'} = [p'lp;...p;v]T; Vi=1,2,...,N (3.61c¢)

{q}) = (N x 1) vector of [q; g» _ gn]" of the components

qi = —jpoym Vs, / YdS; Yi=1,2,..,N (3.61d)
Sa

The weighting functions s of the considered finite element depend on the
discretizing scheme [1, 7]:

e For a local orthogonal curvilinear coordinate (&, &, &3), the weighting func-
tions ; (&1, &, &3) based on a quadratic element with N = 4 nodal points are
given

{’/’4NP(51752753)}:[% ‘Pz ‘Ps l//4} (3~62)
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e For a local orthogonal curvilinear coordinate (&, &, £3), the weighting func-
tions /; (&1, &, £3) based on a hexahedral element with N = 8 nodal points are
given

{'/’81\/13(51,52753)}:[% Yo W3 W s Y Y ‘ps] (3-63>

To transform the integral Eqs. (3.60, 3.61b and 3.61d) from the orthogonal
curvilinear coordinate (&;, &5, &3) of the finite element mesh into the Cartesian
coordinate (xi, x,, x3), the Jacobian determinant J is used to compute the gradients
of Y and dV in the curvilinear coordinate (see Appendix B). The commercial 3-D
Acoustics Code ACTRAN Aero and Vibroacoustics of the MSC Software [10]
based on the FEM is mostly used to compute three-dimensional acoustic field
problems in automotive applications.

The following computing steps must be carried out to find the noise pressure
solution of Eq. (3.61a) in the acoustic field V:

e Compute the terms ag;; in Eq. (3.61b) and the rhs term g; in Eq. (3.61d);

e Compute the noise pressures pj{ at the nodal points by solving the matrix
equation (3.61a) at the boundary conditions given in Egs. (3.44c—e);

e Compute the mean noise pressure in the discretized finite elements according to
Eq. (3.59).

3.4 Frequency Modulations of Nonlinear Aeroacoustics

Nonlinear aeroacoustics deals with large noise perturbation amplitudes in which
the acoustic characteristics are no longer linear. Therefore, synchronous and
asynchronous responses occur in a nonlinear aeroacoustic system when first, the
aero- and rotordynamic noise responses are superimposed to generate sidebands
and; second, the airborne noise response is additionally generated by superim-
posing many acoustic propagation waves at different frequencies during propa-
gation in the far-field at high Reynolds numbers.

The sidebands occurring at the sub- and supersynchronous frequencies are
generated by the propagated noise waves at different frequencies. Note that the
more visibly the sidebands appear in the sound spectra plot (Waterfall plot), the
more nonlinearly the aeroacoustic system responds. The response amplitude of the
nonlinear aeroacoustic system is resulted from all component amplitudes of the
propagating noise waves and sidebands combined together. As a result, the noise
response amplitude is intensified; the aeroacoustic behavior becomes much more
nonlinear at large perturbation amplitudes in turbulent flows at high Reynolds
numbers.
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3.4.1 Responses of Nonlinear Aeroacoustic Systems

Having considered a nonlinear aeroacoustic system, the system response y(x) is
resulted from the input signal x(f) with large amplitudes and the system transfer
impedance Z(¢), as shown in Fig. 3.7.

The nonlinear response y(x) of the system is written in second order of the input
function x(7).

y(x) =f(x,8) = Z(x + esgn(x)x® +...)

=Z(x+ex+..) (3.64)

where

X is the input signal with large amplitudes;

zZ is the complex transfer impedance of the system;
Zx is the linear term of the response;

€ is the nonlinear system factor (¢ < 1);

Ze*x? is the nonlinear term of the response;

e* = e.sgn(x) within sgn(x) is the signum function of x, which is defined by

—1if x<0
sgn(x) =¢ 0if x=0
+1if x>0

Therefore,

—e if x<0
e =esgn(x) =< 0ifx=0
+eif x>0

Thus, the nonlinear vibration response becomes
y(x) = Zx 4 Zesgn(x)x* + O(x°) (3.65)

The nonlinear vibration response y(x) is displayed in Fig. 3.8 and compared to
the linear response. In the linear system, the response of Zx is proportional to the
input function x. On the contrary, the nonlinear response is different from the linear
term of Zx; it increases or decreases more quickly with the input amplitude
x(f) because the nonlinear term is proportional to x°. As a result, the nonlinear
system can only be linearized at the small amplitudes because the nonlinear term is
quite small.

Fig. 3.7 Response of a Input Nonlinear system Output
nonlinear aeroacoustic

system x(t) —> Z(e) — y®)=f(Zex)
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In case of the excessively large unbalance whistle amplitude, the system
behavior is strongly nonlinear. Thus, the response amplitude y(x) increases faster
than the amplitude of the linear system since the nonlinear term increases with the
input amplitude squared that is no longer negligible, as shown in Fig. 3.8.

3.4.2 Modulated Noise Sideband Frequencies

Having supposed that the input x(f) is a harmonic acoustic propagation wave with
the amplitude X and single frequency w;.

x = Xcoswt (3.66)
Its response is resulted from Eq. (3.64) in second order of x(f).

= ZX cos w1t 4+ Z&e*X? cos® wt
Y ! ! (3.67)

= YL—term + YNL—term

The noise response consists of two terms, the first term y; ey 1S linear with
x(#) and the latter yn; term 1S the nonlinear term of x°. The nonlinear term can be
written in another trigonometric formulation.

VI —term = ZX €OS W1 1; (3.68)

YNL—term = Z&*X* = Z&*X? cos® wyt
(3.69)

1
= EZS*XZ(I + cos2w;1)
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By substitution of Egs. (3.67, 3.68, and 3.69), one gets the overall noise
response.

1 1
y =ZXcos wlt—i—EZs*Xz —|—§Z8*X2 cos 2wt (3.70)

Compared to the linear system, the nonlinear response has two new additional
terms: the rectification term of X> and the second-order harmonic term of 2w;.

Now, we consider the input function x(¢) of a periodic noise containing two
frequency components of w; and w, and corresponding amplitudes X; and X,.

x = X1 coswit + X5 cos mnt; m; > wy (3.71)

To simplify, we consider only the nonlinear term of the noise response in the
following calculation:

YNL—term = Z&"X* = Z&* (X cos w1 + X5 cos wzt)2
=Z&" (Xf cos® mt + X% cos® wyt + 2X1X; cos wy . cos wyt) (3.72)
=Eyit+ty»n+y

Similarly, the first two terms y; and y, provide two additional second-order
harmonics of the frequencies 2w, and 2w,, respectively. Furthermore, one obtains
the third term y; that generates sidebands of w; and m, after a few trigonometric
calculating steps.

vz = Z&" X1 X5 (2 cos m; . cos wit)
= Z&" X1 Xp[cos(w1t — wyt) + cos(wit + wyt))

[
3.73
= Z&" X1 Xa[cos(w) — wp)t + cos (w) + @2)1] (3.73)
= Z&" X1 Xa(cos o spt + cos wysp?)
with
WyUsB = W] + W25 WLSB = W] — W2 (3.74)
where
wysp 1 the upper noise sideband frequency (rad/s);
wrsg 18 the lower noise sideband frequency (rad/s).
Thus,
1
w1 = S(ouss + Lsp) = 0 = 27f; (3.75)
with f, is defined by the carrier frequency (1/s);
1
Wy = *(wUSB — CULSB) = Wy = Zﬁfm; (376)

2

with f,, is defined by the modulation frequency (1/s).
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Fig. 3.9 Double sidebands of noise frequency modulations
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Fig. 3.10 Double sideband (DSB) of the amplitude modulation

Figure 3.9 shows the noise sideband frequencies of the modulation of the
acoustic propagation waves. Due to the acoustic nonlinearity, the lower and upper
sidebands are induced by the amplitude and frequency modulations of f. and f;,,. In
fact, the noise sideband frequency varies in a bandwidth of frequency Af;,, e.g., in
case of oil whirl. Therefore, the noise sideband frequencies fi sg and fysg scatter in
the corresponding frequency bandwidth Af;,.

In the radio engineering, the carrier frequency f. is much higher than the
modulation frequency f, (fo > fw). To broadcast the modulation signal in a long
distance, the carrier signal modulates it in the double sideband (DSB) containing
the lower (LSB) and upper sidebands (USB) with the ultra-high frequencies fj sg
and fysp (see Figs. 3.9 and 3.10). The noise sideband frequencies are modulated
by the carrier and modulation frequencies in the wideband of frequency.
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Fig. 3.11 Frequencies and periods of the sideband signal

The modulation frequency f;, is normally the human voice frequency spreading
from 300 Hz to 3 kHz; therefore, the sidebands are generated with the maximum
frequency width of the DSB of 2 f,, about 6 kHz. The modulation signal is
recovered at receiving by using demodulation or detection of the received side-
band signals where the signal detector and low-pass filter are used. The entire
process of sending and receiving signal is carried out by the MODEM method that
consists of Modulation and DEModulation of the signals, generally applied in the
wideband technique.

The sideband signal generated by the carrier and modulating signals is dis-
played in Fig. 3.9, in which one finds the carrier and modulation frequencies again
in the sideband signal. The envelop signal of the sideband given in Eq. (3.73) has a
frequency of 2 f;, since its period equals one-half of the period of the modulation
signal, as shown in Fig. 3.11.

The lower and upper noise sideband frequencies of f; sg and fysp are calculated
from the carrier f, and modulation frequencies f,, with f, < f; hence, f; > f>:

e Lower noise sideband frequency (LSB):

fise =fe—fm =H — 12 (3.77)

e Upper noise sideband frequency (USB):

fuse =fe+fn =Hi+ 12 (3.78)

To sum up, the nonlinear acoustic system induces some new additional terms
due to the amplitude and frequency modulations as follows:
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Frequency order

Fig. 3.12 Noise sideband frequencies in Waterfall plot (courtesy BMTS)

e The rectification term 1Z¢*X? in Eq. (3.70);

e Second-order harmonic frequencies of 2w, and 2w, with the amplitudes X7 and
X2 in Egs. (3.70) and (3.72);

e Noise sideband frequencies modulated by the excitation frequencies of w; and
w, have the amplitudes that are proportional to the term of Z¢*X;X,. According
to Eqgs. (3.73 and 3.74), the noise sideband frequencies are the sum or difference
of the frequency components; hence, the first-order noise sideband frequencies
result in 3w, — 2wy, 20, — ®1, 201 — Wy, 3w — 2w,, 4w, — 3w,, etc., (see
Egs. 3.80, 3.81), and Fig. 3.15.

In the case of the unbalanced and misaligned rotor, the sidebands induced by
the frequency modulations of misalignment, unbalance whistle, and constant tone
(inner oil whirl) are indicated in the noise spectra Waterfall plot, as displayed in
Fig. 3.12.

Beat phenomenon, a special case of the modulation, is caused by the modu-
lation of two harmonic vibrations with the frequency components of w; and w,
that are close to each other. If their amplitudes are equal, only the amplitude
modulation occurs. Otherwise, both amplitude and frequency modulations take
place at the same time. The input signal is the sum of two sinus functions with the
amplitudes a; = a, = a.

X = a; sinwt + a; sin wyt

= a(sin wt + sin wyt)
3.79
= 2asin B(wl + wz)} t-cos B(wl — wz)} t ( )

= 2asin w.t - COS w,,t

where
W = Yo + o) =27, f. is the carrier frequency.
Wy = Yo — w2) = 27f,; fin  is the modulation frequency.
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Fig. 3.14 Beat response in the time domain

To demonstrate the beat frequency, one chooses two frequency components of
fi = 100 Hz and f, = 85 Hz for the beat modulation that is shown in the fre-
quency domain (Fig. 3.13). The carrier frequency f, is the average frequencies of f;
and f> and equals 92.5 Hz, and the modulation frequency f,, equals 7.5 Hz. The
beat frequency of 2 f;, (15 Hz) is defined by the frequency difference of f; and f>.

Figure 3.14 indicates that the closer the frequency components, the smaller the
beat frequency; obviously, the larger the period of the beat signal. The beat period
is inversely related to the beat frequency 2 f;,; hence, the beat period is about
0.067 s at the beat frequency of 15 Hz. The carrier frequency has a period of
0.011 s at 92.5 Hz in the time domain.

The generated first-order frequencies of the LSB and USB sidebands are
resulted from the sum or difference of the frequency components of f; and f,
which are located on the left- and right-hand sides of the carrier frequency f,, as
plotted in Fig. 3.15.
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Table 3.1 Noise sideband frequency modulations
Lower sideband (LSB) fe Upper sideband (USB) f Order
2f, - f, ﬁfz ) (f1+,f2)/2 @% 2f, - 1, 1X
72 P~y v & X N
3f, - f4 2 D (het) - 2f, 3, -, 2X
/ d | b AN
4 1’3 = v R Y Y
4t~ 1, 3, 26 +f, 3H+EL)2  2f +1, 3f, 4f -1, | 3X
h=2fw=fc—fu=r
—4f =f. —3fn =2 —
fLSB _ fl fm fc fm f2 fl (380)
Ji = 6fm =Jfe — 5fm =32 = 2fi
and
fl +0fm :fc +fm :fl
fi+2fm=fe+3m=2h -1
Juss = Q fi +4fm =Je +5m =31 =2/ (3.81)

Jfi +6fn =fo + T =41 — 3f2

However, the nonlinear terms of the noise response are not only proportional to
the input amplitude squared x> but also to the high-order input amplitude, such as
x° or higher orders compared to Eq. (3.64). According to Ehrich [9], the truncation
of the modulation frequencies of f; and f, could produce two new second harmonic
frequencies of (fj — f>) and (f; + f>) that in turn generate the third harmonics of
(2f> + f1) and (2f; + f>) in a strongly nonlinear acoustic system, as demonstrated

in Table 3.1.

To generate the LSB frequencies, one superimposes the excitation frequency f>
on (2f, — f1) to obtain the second-order frequency (3f, — f;) following the thin
arrow, and superimposing f, again on the second-order frequency to generate the
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third-order frequency (4f> — fi). Another way, following the dark arrow, one
obtains the new high-order harmonic frequencies of 2f, and 3f, by adding f> to
itself and 2f5, respectively. In order to receive the third-order frequency (2f> + f1),
one does the same way by adding f> to (f| + f») in the direction of the dashed
arrow. Similarly, the USB frequencies are generated in the same way.
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Chapter 4
Analyzing Root Causes of Noise

The induced noise types of automotive turbochargers in passenger vehicles have
been already displayed in Chap. 2. Aerodynamic noise types, such as pulsation,
rotational, growling, and whining noise, are generated from airflows in compres-
sors of turbochargers by interactions between the fluid (charge air), solid surface
(turbocharger), and fluid (ambient air) at their interfaces. Rotordynamic noise
types like unbalance whistle, constant tone, high-order harmonic noise, and wear
noise are created from rotordynamics of turbochargers by interactions between the
fluid (oil), solid surface (turbocharger), and fluid (ambient air) at their interfaces.
The unbalance whistle is generated by the rotor unbalance due to production
tolerances; the constant tone is induced by the inner oil whirl occurring in the oil
film bearings due to self-excitation instability. To improve the noise behavior of
turbochargers in the vehicles, the root causes of these noise types should be
analyzed in the following sections.

4.1 Aerodynamic Noise

Pulsation whistle, rotation, growling, and whining noise are the typical aerody-
namic noise types in automotive turbochargers.

4.1.1 Root Causes of Aerodynamic Noise

Pulsation whistle is caused by slight differences in the compressor wheel (CW)
chamber volumes due to milling or molding process variations. Due to the dif-
ferent chamber volumes, charge air pressures are slightly different at the blade
outlets, as shown in Fig. 4.1. The generated charge air pressures in the CW
chambers are substituted at the compressor outlet in every rotation cycle. This
pressure perturbation Op causes the synchronous pulsation whistle that is

H. Nguyen-Schifer, Aero and Vibroacoustics of Automotive Turbochargers, 45
DOI: 10.1007/978-3-642-35070-2_4, © Springer-Verlag Berlin Heidelberg 2013


http://dx.doi.org/10.1007/978-3-642-35070-2_2

46 4 Analyzing Root Causes of Noise

Fig. 4.1 Pressure
distributions at the
compressor wheel (CW)
outlet

propagated through the compressor housing, charge air intercooler, and charge air
duct. As a result, the charge air system is excited by the synchronous pulsation
whistle, and radiates the pulsation whistle as airborne noise into the car cabin and
environment. To reduce the pulsation whistle, a pulsation damper based on the
Helmholtz’s resonator is installed behind the compressor outlet in the charge air
duct. Thus, the pulsation whistle amplitude is reduced in the damper.

Rotational noise is generated by rotating blades of the compressor or turbine
wheels. In the case of a radial compressor, the charge air pressure is built in the
compressor wheel chambers due to rotation. The rotating blades disturb the charge
air pressure zone at the blade inlet, blade outlet, and near the compressor tongue in
each rotation cycle. This causes air wakes and vortexes behind the rotating blades
and near the compressor tongue, leading to local pressure disturbances that induce
rotational noise in the turbocharger. The frequency of the rotational noise frn
equals the product of the CW blades Z and rotor frequency fzr = w/(2n), also
frn = fr-Z. At the compressor inlet, Z equals the number of the main blades
(Z = 6); at the compressor outlet, Z equals the number of the main and splitter
blades (Z = 12), as displayed in Fig. 4.1.

The Waterfall plot measured at the compressor housing indicates that the
rotational noise has sixth frequency order (6X) at the compressor inlet and 12th
frequency order (12X) at the compressor outlet, as shown in Fig. 4.2. Generally,
either a large number of the CW blades or an optimized geometry of the com-
pressor tongue is used to reduce the rotational noise. The first one increases the
noise frequencies (6 and 12X) above 16 kHz so that adult human being ears cannot
recognize them, but animals could hear such noises at high frequencies. The
optimized tongue at the compressor outlet reduces pressure disturbances (e.g., air
wakes and vortexes) at the tongue. Therefore, the charge air pressure smoothly
flows into the compressor outlet in each rotation cycle, causing little rotational
noise.

Growling noise (compressor stall-related noise) is induced by the partial
reversal of the charge air at the suction side near the blade outlet.

Whining noise (compressor surge-related noise) is produced by the deep surge
condition in the compressor where the charge air totally recirculates from the
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Fig. 4.2 Waterfall plot of noise spectra in turbochargers

compressor outlet to compressor inlet. The whining noise occurs when car driver
suddenly releases gas pedal to decelerate the vehicle. At the moment, the currently
required charge air mass flow rate for the engine, still at high turbocharger speed,
is strongly reduced because the engine throttle valve begins to close. It leads to the
pressure increase at the compressor outlet due to the still high turbocharger speed.
This causes the deep surge working condition in the compressor, leading to
whining noise in the turbocharger.

To better comprehend the root causes of the compressor rotating stall and surge,
flow behaviors in the compressor must be studied and analyzed in the following
subsections.

4.1.2 Aerodynamics of Radial Compressors

Figure 4.3 shows a backward swept radial compressor wheel that is mostly used in
automotive turbochargers in order to improve the compressor performance map
width. Note that the rotating direction @ of the CW is against the blade outlet
direction; i.e., the outflow direction of the radial CW is against the circumferential
velocity at the blade outlet.

The radial CW consists of main and splitter blades that divide the CW chambers
into two equal chambers. The splitter blade has two functions: first, avoiding choke
flow at the blade inlet 1; second, reducing flow separation at the suction side near
the blade outlet 2. However, splitter blades cause more flow friction in the CW and
possibly decreasing mass flow rate in the compressor.
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flow chamber shroud >0

main blade
7 flow direction
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Fig. 4.3 Backward swept radial compressor wheel (CW)

Shroud is the contour on the top of the blades where the air gap is between the
shroud and compressor housing. Over the shroud the airflow could leak from the
pressure side to the suction side of the blades during rotating. Hub is the bottom
surface (conical shape) located between the main and splitter blades from the blade
inlet 1 to the blade outlet 2, as indicated in Fig. 4.3. Three-dimensional flows in
the CW are limited in the flow pattern between the main and splitter blades, hub,
shroud, and as well as compressor housing.

The compressor setup of a typical automotive turbocharger is displayed in
Fig. 4.4. The compressor contains the CW with the super back, diffuser, volute,
and compressor housing. Intake air enters the blade inlet 1 and is compressed
along the blades from the compressor inlet 1 to the compressor outlet 2, and from
the hub to shroud of the impeller (blade). Due to high rotational speed of the CW,
the intake air pressure is increased at the blade outlet 2. The charge air pressure is

Fig. 4.4 Radial compressor
setup

volute

diffuser

hub

shroud
back face

compressor
(super back)

housing

impeller

flow direction
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additionally gained in the diffuser built in the compressor housing between the CW
and the volute. The charge air mass flow rate through the compressor, not the
charge air pressure, is used for turbocharging downsized engines.

The compressor torque is derived from the angular momentum equation.

MC = mC(rZCu,Z — ”10u,1> (413.)

where
ric is the compressor mass flow rate;
r; and r, are the inlet (inducer) and outlet (exducer) radii of CW;
¢,; and ¢, » are the tangential (or whirl) velocities at the inlet and outlet.

The compressor mass flow rate is resulted from the air density p, meridional
velocity component c,,, and compressor cross-sectional area Ac.

I’;’lc = pCmAc (41b>

The compressor power is resulted from the compressor torque and angular rotor
speed.

Pc = Mcw = incw (rcup — ricu,) (4.22)
= tic(upcun — Uicu) )

within
u; and u, are the circumferential velocities at the CW inlet and outlet.

The compressor power is calculated from the turbine power Py and mechanical
efficiency #,,,.

: P4 ({T)g
Pc=n,Pr= nmnTmTCp,gT3 1 - (F—) (4.2b)

where

nr s the turbine efficiency;

T; is the exhaust gas inlet temperature;

p;  is the exhaust gas inlet absolute pressure;

ps  is the exhaust gas outlet absolute pressure;

is the exhaust gas isentropic coefficient (x, ~ 1.32);

Cpe 18 the exhaust gas heat capacity at constant pressure.

The required compressor power for the charge air compression is written in a
function of the mass flow rate, inlet temperature, and pressure ratio of the
compressor.

K—

Pc; iecn T (T)a
P = Cideal = mcCpall (2_2) —1 (42C)
Nc Ul 1
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where

nce  is the compressor efficiencys;

T, is the air inlet temperature;

D1 is the air inlet absolute pressure;

p> s the charge air outlet absolute pressure;

K, 1is the charge air isentropic coefficient (x, =~ 1.4);
Cpq 18 the charge air heat capacity at constant pressure.

Having combined Eqgs. (4.2b) and (4.2c), one obtains the pressure ratio of the
compressor 7c in the first turbocharger equation.

S (RN 8 I M R

Within the overall turbocharger efficiency is defined by

Nre = Nullrllc (4.2¢)
Convention for the flow and blade angles of o; and f;:

e o; > 0if ¢,; > 0; c,; has the same direction of the circumferential velocity u;;
e (<0 if w,; <0; w,, is opposite to the circumferential velocity u;.

The absolute gas velocity in the CW is the sum of the relative and circum-
ferential gas velocities w; and u;, respectively, as shown in Fig. 4.5

& = W, + i (4.3)

Therefore, the relative velocities are calculated for the CW inlet and outlet for
i=1,2.

wl.2 = cl-2 + ulz — 281 = c? + ul2 — 2c;u; cos (¢, 1;)
— 212 T S S Y . (4.4)
=c; +u; — 2ciu cos(E —oy) = ¢ +u; — 2u;c;sin o

The tangential vector component c,; for i = 1; 2 are calculated from the velocity
triangle map, as given in Fig. 4.5.
Cuji = Ci sin o (45)

Thus, the relative velocity components w; for i = 1; 2 are rewritten by
substituting Eq. (4.5) into Eq. (4.4) in

lwi| = \/c? + u? — 2u;cy, (4.6)

Having combined Egs. (4.2a) and (4.6), one obtains the compressor specific
work W¢ in the Euler’s turbocharger equation. This specific work W is defined by
the compressor power per unit mass flow rate in the unit of W/(kg.s~") or J/kg.
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Fig. 4.5 Velocity triangle map of a radial compressor wheel (CW)

The Euler’s turbocharger equation is formulated in

Pc
We =— = (uacy2 — Uicuy)

mc (4.7)

where

w, < wy because the outlet air density is larger than the inlet air density in case of
COMpressors.

Note that to avoid the flow separation at the suction side on the compressor
blades, the velocity ratio (w,/w;) should lie between 0.65 and 0.75 if the com-
pressor performance is fulfilled according to De Haller’s rule [1, 8].

The tangential component ¢, ; of the inlet absolute velocity is computed from
the inlet absolute velocity c;, and its inlet flow angle «; (x; > 0), as given in
Fig. 4.5.

Cu,l =C SiIl o (48)

The tangential component ¢, , of the outlet absolute velocity is resulted from
the outlet circumferential velocity u,, meridional velocity component c,,, and
outlet blade angle f3, (f, < 0), as shown in Fig. 4.5.

Cup = Cp sina

4.9
=uy + cpatan f, (4.9)

Having applied the second law of thermodynamics for a steady-state adiabatic
process, one obtains the compressor specific work
We = uzcup — uicy
=hp— hi) (4.10)
1
=cp(T2 —Th) +§(C% — )
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Fig. 4.6 Flow velocity profiles in a radial compressor wheel
where
h.1, h,,  total enthalpies at the CW inlet and outlet (see Appendix A);
Cp air heat capacity at constant pressure;
c absolute air velocity.

In the case of the backward swept CW mostly used in automotive turbo-
chargers, the charge air is compressed on the impeller front face in the rotating
direction , which is called the pressure side (ps = + + +), as indicated in
Fig. 4.6a. On the contrary, the airflow separates from the impeller back face near
the outlet 2, which is called the suction side (ss = — — —) opposite to the pressure
side.

On the pressure side, the airflow jet occurs at the blade outlet 2 and remains on
the blade with the forward flow during the rotation at a velocity w (see Fig. 4.6b).
On the suction side opposite to the pressure side, the charge air pressure decreases
from the blade inlet 1 to the blade outlet 2. Therefore, the air wake begins sepa-
rating from the suction side near the shroud where the relative velocity gradient at
the wall equals zero. In the separation zone, the charge air partially recirculates at
the negative velocity gradient at the wall; however, the volumetric flow rate in the
CW is still positive with the forward flow. The air outflow is mostly forward even
at the suction side near the hub. Note that the flow profile at the flow pattern outlet
changes from the hub to shroud, as shown in Fig. 4.6c.

When the charge air partially separates from the suction side near the blade
outlet, in the vaneless diffuser, or near the inducer tips of the CW, the rotating stall
(also mild surge) happens (see Figs. 4.6 and 4.7). In this case, the mass flow rate is
reduced but still positive in the compressor, causing however the growling noise.
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Fig. 4.7 Flow reversal in the impeller inducer

In contrast to the rotating stall, the charge air totally recirculates to the com-
pressor outlet to the compressor inlet, from the suction side to the pressure side,
and from the compressor hub to the compressor shroud at low air mass flow rates
and high pressures, as shown in Fig. 4.8.

This phenomenon is called the compressor deep surge that mostly follows the
rotating stall in case the pressure at the compressor outlet is much higher than the
charge air pressure. In the deep surge, the mass flow rate takes turns periodically
changing from the positive (forward flow) to negative (backward flow) mass flow
rates. During the periodic airflow reversal (recirculation), very loud whining noise
takes place in the compressor. Due to friction in the airflow recirculation, air
temperature is strongly increased in the CW. Moreover, the deep surge causes
damage the thrust bearing and turbocharger as well. Note that the compressor deep
surge could occur in the diffuser when the pressure at the compressor outlet is
relatively high at low mass flow rates so that the flow recirculates from the diffuser
to the compressor inlet. In the deep surge, the compressor does not transport any

suction side

deep surge
(total flow reversal)

pressure side

Fig. 4.8 Flow reversal in a radial compressor wheel
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Fig. 4.9 Compressor performance map

mass flow rate at all because the airflow entirely recirculates from the compressor
outlet to the compressor inlet and vice versa, as shown in Fig. 4.8.

These phenomena of the compressor rotating stall and deep surge will be
analytically analyzed in the following subsection.

4.1.3 Stall and Surge in Radial Compressors

Flow instabilities in the compressor are to blame for rotating stall and surge mostly
in the working condition at small mass flow rates and high pressures. The flow
instabilities cause flow reversals that happen at certain operating points left from
the surge line in the compressor performance map. The compressor ratio 7. versus
corrected mass flow rate is displayed in the performance map (see Fig. 4.9). At
low rotor speeds from the idle condition (about 30 % of N,,.x), the compressor
pressure ratio increases with a relatively high pressure gradient in the full load
curve to ensure a good transient response in low-end torque (LET). At further
increasing the rotor speed N to nearly 70 % of Ny,.x, the compressor pressure ratio
increases to approximately 2.5, and the engine achieves the maximum torque M.
The nominal power P, occurs just before the maximum operating rotor speed
Nmax- The maximum rotor speed corresponding with u, n.x = 560 m/s is reached
in highland applications where the rotor speed increases by 8-10 % (highland
speed reserve) above the nominal operating rotor speed.

The compressor pressure ratio is formulated in a function of the corrected mass
flow rate and turbocharger speed in the performance map.
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Tc E&Zf(l’}’lC,NTC) (4.11)
P1
where
e compressor pressure ratio;
p1, p>  air pressures at the compressor inlet and outlet;
me mass flow rates in the compressor.

At decreasing compressor volumetric flow rates, the charge air pressure rises in
the turbocharger isospeed Ntc, as shown in Fig. 4.10. As the turbocharger iso-
speed passes the surge line, the compressor rotating stall occurs where the charge
air partly recirculates in the CW periodically. In the stall condition, the compressor
pressure ratio decreases with reducing volumetric flow rates; however, the volu-
metric flow rates in the compressor are still positive. The charge air partly recir-
culates from the compressor outlet to the compressor inlet only in a short time and
is pumped again to the compressor outlet; thus, the rotating stall period is rela-
tively short. In contrast, in the deep surge condition the compressor volumetric
flow rate decreases in the direction of negative volumetric flow rates at further
reducing compressor pressure ratios. Suddenly, the duct pressure behind the
compressor drops below the compressor inlet pressure; thus, the charge air is
compressed again to the compressor outlet in a normal condition on the rhs of the
surge line (see Fig. 4.10). In this case, the surge period lasts much longer than the
rotating stall period because the large duct volume behind the compressor must be
completely discharged to a minimum pressure that is below the current compressor
inlet pressure. Then, the duct is charged again with the compressed charge air; its
pressure increases again above the entering charge air pressure, leading to com-
pressor stall and surge. As a result, the surge process is periodically repeated in the

deep surge

mild surge / rotating stall

. il

Fig. 4.10 Compressor stall and surge in the performance map
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surge working condition. Both rotating stall and surge flow conditions cause the
very disturbing growling and whining noises, respectively for driver and passen-
gers in the vehicle cabin. Additionally, the charge air temperature is drastically
increased in the compressor due to repeating periodic flow reversals. In this case,
the thrust load acting on the thrust bearing takes turns changing from the turbine
wheel to CW direction and vice versa due to the very large pressure pulsations of
the charge air, leading to damage of the thrust bearing and the whole turbocharger
as well.

Note that compressor surge has been considered in one-dimensional flow pat-
tern; however, it could be turned into the three-dimensional rotating stall insta-
bility, as shown in Fig. 4.8. At first, mild surge occurs when the operating flow
condition in the turbocharger isospeed passing the surge line at reducing volu-
metric flow rates. There begins the airflow to separate from the suction side near
the blade outlet. Usually, the deep surge follows the mild surge (rotating stall)
directly when the entire flow reversal takes place in the compressor. However,
deep surge and rotating stall could take turns occurring in certain operating
conditions.

To improve the flow stabilities for the stall and surge behaviors in radial
compressors, the outlet blade angle I, should be increased (i.e., more backward
swept blades). However, the larger the backward swept blade angle is, the higher
the flow resistance exists in the CW, causing the compressor efficiency reduction.
Additionally, the normal stresses caused by the centrifugal force acting on the
blades also increase due to the longer blade length, leading to blade damage in
some cases.

In the following section, the thresholds of instability of the compressor rotating
stall and surge are analyzed and discussed. At first, some useful dimensionless
numbers and coefficients are defined for analyzing the compressor stall and surge
instabilities in the performance map.

The flow coefficient ¢ is defined by the ratio of the meridional velocity to the
circumferential velocity at the blade outlet 2.

Ve e

$=m2

x X ——— 4.12
us D%uz pzD%ug ( )

The pressure rise coefficient i is defined by the ratio of the pressure increase in
the compressor to the kinetic energy at the blade outlet 2.

Apc ~ Apc o e
paN3 D3~ paud  pyu3

W

(4.13)

The compressor characteristic C is the behavior between the pressure rise and
flow coefficients, as shown in Figs. 4.10 and 4.13. The throttle characteristic T of
the compressor system containing the duct, plenum, and throttle (see Fig. 4.12)
describes the volumetric flow rate in the compressor depending on the throttle
coefficient a7 and the pressure drop Apz.
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The relation between the flow and pressure rise coefficients is resulted from
Eqgs. (4.12), (4.13), and (4.14a).

1 2
Yr x (ATocT)z o7 (4.14b)
Figure 4.11 shows that the stable condition (without stall and surge) locates on
the rhs of the surge line. Left from the surge line, the compressor characteristic is
statically stable between M and A in the isospeed Ntc. Then, it becomes statically
unstable between A and B when the compressor characteristic slope C' is larger
than the throttle characteristic slope 7" according to [3].

By differentiating Eq. (4.14b), one obtains the throttle characteristic slope 7'
that is always positive.

(N 2 234
= (56), Ay~ A (416

where
a7 is the throttle coefficient;
Er is the pressure loss coefficient of the throttle ({7 = 1/ay).
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Fig. 412 Compressor system setup

Equation (4.16) indicates that the throttle characteristic slope T’ is proportional
to the throttle flow coefficient ¢;. Therefore, the lower the throttle flow coefficient
¢r, the smaller the throttle characteristic slope 7" is. The volumetric flow rate in
the throttle is limited by the throttle area A (see Fig. 4.12). If the compressor
volumetric flow rate (¢~ C’) is larger than the maximum allowed volumetric
flow rate in the throttle (¢ ~ T"), the airflow reverses in the compressor. In case
of C' > T, as given in Eq. (4.15), the static flow instability takes place in the
compressor. In this case, the airflow separates from the suction side near the blade
outlet and recirculates to the compressor inlet, leading to compressor rotating stall
and deep surge.

Logically, the compressor working condition is statically stable only if

c'<T (4.17)

In this case, the compressor volumetric flow rate is less than the maximum allowed
volumetric flow rate in the throttle; thus, the compressor operates in a statically
stable condition and satisfies the stability condition given in Eq. (4.17). Both
statically unstable and stable conditions are displayed in the compressor perfor-
mance map, as shown in Fig. 4.11.

The threshold of static instability (onset of static instability) takes place if the
compressor characteristic slope C’ equals the throttle characteristic slope T'. In this
working condition, the airflow begins separating from the suction side near the
blade outlet.

c'=T (4.18)

At the static instability, as given in Eq. (4.15), the airflow collapses and sep-
arates from the blade. The limited small volumetric flow rate in the throttle is to
blame for the static instability. On the contrary, the negative damping of the
airflow vibration in the compressor system causes dynamic instability [1]. In the
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following section, the dynamic instability behavior of the compressor is thor-
oughly analyzed and discussed.

Figure 4.12 shows the compressor system containing the compressor C, duct
with a length Lp and cross-sectional area Ap, plenum with a volume Vp and sound
velocity cp, and throttle 7. Due to pressure reflection at the throttle, airflow
vibrates in the compressor system with amplitude {(¢) and angular frequency w.

The homogenous vibration equation of the characteristics of the mass flow rate,
perturbed pressure, and density is written for the compressor system.

ME()+Dl(t) +SL(1) =0 (4.19)
Within
{(?) is a perturbation characteristic,

M, D, and § are the vibration equation coefficients computed from the flow rate
equations of the compressor system [1].

The system-mass coefficient M is defined by
LpV,
M= (D—f) T >0 (4.20)
APCP
The system-damping coefficient D is written in
Lp C'TV,
D= (—D— . P) (4.21)
Ap Cp

The system-stiffness coefficient S is given by

S=(T'-C) (4.22)

Equation (4.19) is a linear second-order ordinary differential equation (ODE)
whose homogeneous solution results in

(1) = Ae™
= AN = At ol (4.23)

= Ae*'(coswt +jsinwt)

where

A is the vibration response amplitude of {(t);

A is the complex eigenvalue of the vibration system (4 = o + jw);
o is the surge angular frequency;

j is the imaginary unit (> = —1).

Note that the system response {(¢) is conditionally stable if the real term o of the
complex eigenvalue 1 is negative; otherwise, at o > 0 the solution exponentially
increases with time. This leads to the system instability that causes rotating stall
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and surge. In the following section, the real term o (growth/decay rate) is
computed.

Having substituted the first and second derivatives of {(¢) into Eq. (4.19), one
obtains the characteristic equation of the vibration system [4].

M*4+Di+S5=0 (4.24)

The eigenvalue 4 is resulted from solving Eq. (4.24).

: D D\*> (S

The system-stiffness coefficient S in Eq. (4.25) must be positive so that the
growth/decay rate o is always negative. Thus, S > 0 satisfies the condition of
o < 0 that is necessary for the compressor static stability of C' < T'.

However, Eq. (4.25) can be formulated in the complex number when the term in
the square root is negative.

D S D\’
h=atjo=——+ () = (= 42
FEIO= oy T (M) (ZM) (4.26)

Obviously, one obtains

To ensure that o < 0, the system-damping coefficient D must be positive (see
Appendix D); therefore, D > 0 is required for the compressor dynamic stability
condition, as given in Eq. (4.29).

Figure 4.13 shows the stability behaviors of vibration responses at different
values of «. The rotor response is stable at o < 0 where the compressor surge
amplitude exponentially dies down with time. The threshold of instability takes
place at « = 0, where the vibration response amplitude is constant over time.
Finally, the vibration response is unstable (compressor surge condition) at o > 0,
where the surge amplitude exponentially increases with time.

Alternatively, the Routh-Hurwitz stability criterion can be used to analyze the
flow stability of the compressor system vibration (see Appendix E) [4]. The airflow
behavior is conditionally stable if all coefficients M, D, and S in Eq. (4.24) are
nonzero and have the same positive or negative signs to satisfy the necessary
conditions for stability. First, the first coefficient M is positive because the throttle
characteristic slope T’ is always positive. Second, the positive system-stiffness
coefficient S > 0 fulfills the static stability condition of C' < T" at o < 0.

S=(T'-C) >0

4.28
=C<T (4.28)
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Fig. 4.13 Stability behaviors of vibration responses

The result of Eq. (4.28) indicates that the static stability condition given in Eq.
(4.17) has been reconfirmed using the Routh-Hurwitz criterion (q.e.d.).

Third, the dynamic stability condition of o < 0O is satisfied if the system-
damping coefficient D in Eq. (4.24) is positive.

L '"T'V
D(—DC 5 P> >0

A
Y (4.29)
’ LPC%;. 1
=C =——
ApVpT' — B2T’
where the factor B’ is defined by
ApVe 1 [(Ap\?
B2 ="~ ; =— <—P> ; B’ inunit[m.s]. (4.30)
LPCP Wy LD

The Helmholtz frequency of the plenum/duct is defined by

A
wn = cpy /L—}‘)/P; wgin unit [s7'] (4.31)

The factor B’ changes inversely related to the Helmholtz frequency squared. The
Helmbholtz frequency becomes small in case of the large plenum volume Vp, the
long duct length Lj, and the small cross-sectional area Ap according to Eq. (4.31).
Therefore, the factor B’ is quite large at the small Helmholtz frequency. At the
large factor B', the stability condition in Eq. (4.29) is not fulfilled any longer.
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Therefore, the dynamic instability occurs in the compressor, leading to compressor
surge.

The undamped eigenfrequency (natural frequency) of the compressor system is
computed from Eq. (4.19).

_ /S Ap T —C'

O =N T NN
Cl

= wn:wm/l—F<wH

This result indicates that the Helmholtz frequency wy; of the compressor system
is normally higher than the surge frequency w given in Eq. (4.27).

Therefore, the compressor working condition becomes dynamically unstable at
o > 0 in a negative damping system according to Eq. (4.29).

(4.32)

1

/
¢ > B/2 T

(4.33)

The dynamic instability condition is much critical at large values B’ and T’ that
lead to a very small rhs term in Eq. (4.33). In this case, the compressor charac-
teristic slope C’ easily exceeds this rhs term although the compressor characteristic
slope C’ is smaller than the throttle characteristic slope T', as shown in Fig. 4.14.
As a result, the dynamic stability condition in Eq. (4.29) must be taken into
account at first. Then, the static stability condition in Eq. (4.28) is considered.

Generally, the factor B’ in unit [m s] is transformed into the dimensionless
factor B [-] which was defined by Greitzer [3].

- Ap. dynamic instability if
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Porlts C'> !
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characteristic /
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Q
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/
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Fig. 4.14 Dynamic instability operating condition
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(4.34)

within
u, is the circumferential velocity at the impeller outlet;
cp s the sound velocity in the plenum.

Experimental results have shown that the threshold of the dynamic instability
(deep or mild surge) takes place in the compressor when the dimensionless factor
B is between 0.7 and 0.8 [1].

4.2 Unbalance Whistle
4.2.1 Root Causes of Unbalance Whistle

Production process of CW and turbine shaft causes an initial unbalance, in which
the mass center does not exactly locate in the geometrical axis of the CW or
turbine shaft, leading to unbalance forces acting on the rotor. Besides the initial
unbalance due to producing tolerances, additional rotor unbalances are resulted
from misaligned mounting the CW in the turbine shaft. This misalignment gen-
erates an unbalance moment acting upon the rotor [4]. Excessively large unbalance
forces and moments induce high response amplitudes; these lead to bearing wear,
seizure of the journal in the bearings, and rub contact between the compressor and
turbine wheels and their housings. Moreover, the rotor unbalance generates the
unbalance whistle whose frequency is synchronous with the rotor frequency (i.e.,
1X synchronous noise).

The unbalance force is proportional to the unbalance and rotor speed squared.
This is a dipole noise force acting on the turbocharger and inducing the unbalance
whistle. The unbalance whistle is one of the disturbing airborne noise types of
automotive turbochargers. To reduce the unbalance whistle, the turbocharger rotor
must be high-speed balanced at two balancing planes.

There are two rotor balancing types of automotive turbochargers:

e Low-speed balancing (shop balancing) is used for rigid rotors at a low balancing
speed up to 3,400 rpm, depending on the balancing machine types, to reduce the
initial unbalance caused by the production process. Generally, the whole rotor is
not balanced at the shop balancing, but only the CW and turbine shaft are
separately balanced at a rigid state with the low-speed balancing. Hence, it is
also named single part balancing. The low-speed balancing is generally carried
out in two balancing planes at the nose and back face of the wheel. The goal of
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the low-speed balancing is to reduce the unbalance excitations; therefore, this
prevents bearing damage due to rub contact and seizure between the journal and
radial bearings caused by an excessively unbalanced rotor.

e High-speed balancing (trim balancing) is applied to flexible rotors at high bal-
ancing speeds of nearly 200,000 rpm, generally above the first bending critical
speed. At high rotor speeds, the rotor deflects in the radial direction, causing an
additional static unbalance. The static and mounting-related unbalances must be
removed by the trim balancing in order to improve aeroacoustic qualities of
automotive turbochargers for passenger vehicles. The high-speed balancing is
carried out in two balancing planes at the CW screw-nut and hub surface between
the blades near the CW outlet. The trim balancing purpose is to reduce the
unbalance whistle noise level in passenger vehicles. Due to balancing costs, the
trim balancing has been usually omitted in turbochargers for commercial vehi-
cles and industrial applications unless the customers optionally request.

4.2.2 Unbalance Types of Turbochargers

Manufacturing CW and turbine shaft (i.e., turbine wheel and rotor shaft) induces
static, couple, and dynamic unbalances. The static unbalance occurs when the
polar mass-inertia axis differs from the rotational axis by an eccentricity ¢. On the
contrary, the couple unbalance occurs when the polar mass-inertia axis differs
from the rotational axis by a misalignment angle o; however, they intersect each
other at the mass center G.

In the static unbalance, the rotor mass center G always lies below the rotational
axis in the equilibrium due to the gravity (see Fig. 4.15a). That means the rotor
will return from any position above the rotational axis to the equilibrium position
because of its weight. Hence, one calls it static unbalance; obviously, it is easily
seen that the rotor moves itself to the equilibrium position. On the contrary, in the
couple unbalance the rotor does not return to the equilibrium position because the

(a) m (b) polar mass-inertia axis
rotational axis 1 P
N o
I, i€
G l rotational axis
polar mass-inertia axis A
U =me g

Fig. 4.15 a Rotor static unbalance. b Rotor couple unbalance
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rotor mass center G is always in the rotational axis. The rotor couple unbalance is
only recognized in the rotating condition in which the unbalance moment acts
upon the rotor despite without static unbalance, as shown in Fig. 4.15b.

The static unbalance is caused by producing tolerances, such as large eccen-
tricity at welding the turbine wheel on the rotor shaft, nonhomogeneous material,
and residual unbalance after the shop balancing. Moreover, it is also induced by
unbalance changes like thermal deformations, wear, and CW plastic deformations
generated by rotor over-speeding, overheating the turbine wheel, and hard particle
impact on the CW in low-pressure exhaust gas recirculation (EGR) turbocharging.
On the contrary, the couple unbalance is created by a misalignment angle at
welding turbine wheel in the rotor shaft, and unbalance changes, such as thermal
and plastic deformations of the rotor due to rotor over-speeding, or loose screw-nut
of the CW in the operation. In practice, both static and couple unbalances mostly
occur in the turbine shaft manufacture, and CW assembly in the rotor shaft; these
lead to the rotor dynamic unbalance.

The dynamic unbalance is similar to the couple unbalance, but the rotor mass
center G does not lie in the rotational axis (see Fig. 4.16). Therefore, the dynamic
unbalance can be decomposed in the static and couple unbalances. In fact, neither
the static unbalance nor the couple unbalance exists alone in automotive turbo-
chargers; instead, the dynamic unbalance mostly occurs. The dynamic unbalance is
generated in the turbine shaft manufacture at welding the turbine wheel in the rotor
shaft. Additionally, the roundness and manufacturing quality of the screw-thread
shape play a key role for causing the dynamic unbalances. The eccentricity ¢ causes
the static unbalance; the misalignment angle o induces the couple unbalance. Both
unbalances are combined to the dynamic unbalance, as displayed in Fig. 4.16. The
turbine shaft unbalance is the largest part of the entire rotor unbalance in the
production. It contains the initial unbalance of the turbine wheel itself, eccentricity
and misalignment at welding the turbine wheel in the rotor shaft.

transverse mass-inertia axis

rotational axis

polar mass-inertia axis

Fig. 4.16 Rotor dynamic unbalance
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4.2.3 Unbalance Change

The rotor dynamic change after a long-term operating time is considered as the
unbalance change. Thermal and plastic deformations or location changes of the
compressor and turbine wheels are to blame for the unbalance change. The
maximum unbalance change is approximately 100 % of the delivery acceleration
responses after the trim balancing according to experience. Therefore, the long-
term changed unbalance of the rotor increases to nearly twice the delivery
acceleration responses. About one-third of the unbalance change goes to the tur-
bine shaft due to heat-related plastic deformations, internal stress relaxations at the
welding interface between the rotor shaft and turbine wheel; two-third is caused by
changing the CW positions in the axial, radial, and rotational directions. The CW
unbalance change is generated by its new inappropriate positions of eccentricity,
misalignment, rotating about the turbine shaft. These are caused by the wheel
plastic deformation, the wheel dislocation in the radial direction due to over-
speeding, and the wheel misalignment in the rotor shaft because of loose screw-nut
at the compressor inlet.

As a result, the delivery acceleration levels at the trim balancing must be
reduced by at least one-half of the limit acceleration levels in which the unbalance
whistle is inaudible in the vehicle cabin. The unbalance change ratio between the
limit and delivery acceleration responses must be statistically determined by
testing many turbochargers of the same type for the same vehicle type in a long-
term operating time. If the ratio is chosen too large, many balancing steps are
required for the trim balancing to keep the delivery acceleration levels small,
leading to much time needed for the balancing process. Furthermore, this causes
additional costs of lowered producing cycles, and cutting tools wear; therefore,
more balancing machines are required for a large mass production. Otherwise, if
the unbalance change ratio is selected too small, the long-term changed unbalance
of the rotor exceeds the limit acceleration levels after a long-term operating time.
As a result, the unbalance whistle is audible again in the cabin due to the
unbalance change.

4.2.4 ICM Trim Balancing

The ICM trim balancing is based on the Influence Coefficient Method, which has
been developed by Goodman, Rieger, Lund and Tonnesen, Tessarzik, Badgley,
and Anderson, etc., since 1961 [5, 6]. To improve the aeroacoustic quality (NVH)
of automotive turbochargers, the trim balancing is normally carried out in two
balancing planes at the screw-nut (plane 1*) and the hub surface between the
blades near the CW outlet (plane 2*), as shown in Fig. 4.17.

Based on the complex transfer impedance Z of the balancing system, i.e., the
inversion of the complex dynamic stiffness coefficient K of the system, including
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plane 1*

Fig. 4.17 ICM trim balancing at the balancing planes 1* and 2*

the turbocharger rotor and less influent balancing machine, the unbalance response
at trim balancing is resulted from the complex transfer impedance and unbalance
excitation force. At the trim balancing, note that fo let the turbocharger possibly
free vibrate in the test rig; do not clamp it on the test bank!

The measured unbalance responses could be rotor vibration velocities or
accelerations measured in the measuring planes. Theoretically, the measuring
planes must be the same positions of the balancing planes 1* and 2* in the CW.
However, the balancing planes rotate at high rotor speeds. It is cost intensive to
measure the rotor unbalance responses in the rotating balancing planes in the mass
production. In practice, they are computed from the measured rotor responses in
the certain nonrotating position in the bearing housing or compressor and turbine
casings at the trim balancing. This nonrotating position must be experimentally
determined depending on turbocharger types.

Due to the unbalance whistle, the rotor must be balanced at the high-speed trim
balancing. Moreover, the rotor is flexible at high rotor speeds; it causes additional
unbalances and unbalance moments. For this reason, the rotor should be balanced
at high speeds in two balancing planes in the balancing plane 1* at the screw-nut
and balancing plane 2* at the hub surface.

A nozzle ring supplied by pressurized air at about 0.3 MPa absolute is used to
accelerate the rotor up to the balancing speed of about 200,000 rpm. The pres-
surized air energy is transformed into kinetic energy in the nozzle ring with an air
jet at the sonic speed acting upon the turbine wheel. Therefore, the turbine wheel is
propelled by the nozzle ring at the wheel inlet.

By twice timely differentiating the rotor amplitude, one obtains the acceleration
amplitude measured in the trim balancing.

lal = [3(1)] = Q*y(r)] o N?|y(1)] (4.35)

Note that the measured acceleration amplitude is proportional not only to the
rotor amplitude but also to the rotor speed squared. It displays not exactly the rotor
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Fig. 4.18 Limit and delivery acceleration levels at the ICM trim balancing

amplitude behavior, but the measured acceleration is strongly affected by the rotor
speed squared N?, as shown in Fig. 4.18. As discussed in Sect. 5.5, the typical
linear resonance does not exist in nonlinear rotordynamics, but only the limit cycle
of the rotor response occurs at each rotor speed. The unbalance amplitude (1X) is
relatively small compared to the asynchronous amplitudes in the rotor speed range.
According to Eq. (4.35), the acceleration amplitude at high rotor speeds
(N between Ny and Np,.x) could be higher than the acceleration amplitude at the
quasi-resonance (N,.s between Ny and Nyp) although its rotor amplitude is less than
the resonance rotor amplitude. Therefore, the radial bearing failure due to rub
contact at the trim balancing happens at the first quasi-resonance instead of the
maximum acceleration amplitude at high rotor speeds. Figure 4.18 and Table 4.1
give the delivery and limit acceleration levels for the rotor acceleration responses
in the ICM trim balancing process.

4.3 Subsynchronous Constant Tone

Inner oil whirl in the radial bearings of automotive turbochargers is to blame for
the constant tone (howling), whose frequency ranges from 600 to 1,000 Hz in the
human audible range. In rotating floating ring bearings, the inner oil whirl fre-
quency order reduces from about 0.4 to 0.3X at increasing rotor speeds. Therefore,

Table 4.1 Delivery and limit acceleration levels in the balancing speed ranges

Balancing speed range Delivery acceleration levels Limit acceleration levels
N (rpm) ax (m/s°) a (m/s’)

0 <N <N; ap: < ay ar

Ny =N <Np arx < 3y an

Nip < N < Npax anr+ < amp anp
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the inner oil whirl frequency varies in small frequency range between 600 and
1,000 Hz compared to the rotor frequency; this frequency is usually considered as
quasi-constant in the speed range of automotive turbochargers. The constant tone
mostly occurs at the engine speed range between 1,500 and 3,500 rpm in second to
fifth gear with middle to high loads.

The inner oil whirl is caused by nonlinear characteristics of the oil film bear-
ings. It is a subsynchronous vibration response whose frequency is less than the
rotor frequency. As long as the damping force in the bearing is larger than the
destabilizing force caused by the bearing cross-coupled stiffness coefficient,
the journal whirling amplitude still remains small in quasi-stable condition. Hence,
the constant tone is inaudible in the vehicle cabin. The journal begins whirling in
the bearing inner oil film when the destabilizing force exceeds the damping force
at increasing rotor speeds, leading to the self-excitation instability (subsynchro-
nous inner oil whirl) which generates the constant tone. On the contrary, the outer
oil whirl does not induce any noise due to its low frequency. Note that the noise
intensity is proportional to its frequency squared. The outer oil whirl frequency is
relatively low compared to the inner oil whirl frequency; therefore, the noise
intensity is negligibly small. As a result, the outer oil whirl is inaudible in the car
cabin although its whirl amplitude is much larger than the inner oil whirl ampli-
tude. The problematic constant tone will be thoroughly dealt with in Sect. 6, in
which the mutual effects between the constant tone and nonlinear rotordynamics
with two oil film bearings are analyzed and discussed.

4.4 High-Order Harmonic Noise

Ball bearings have no intrinsic damping due to very small clearances between the
balls and races (see Fig. 4.20). As a result, they need an additional external
damping to suppress the rotor amplitude responses at resonances and as well as to
reduce airborne noises, such as the unbalance whistle and other aerodynamic
noises induced by the ball bearings. In this case, a squeeze-film damper at the outer
race is necessary for automotive turbochargers using ball and roller bearings.
Contrary to the oil film bearings, the rolling element bearings do not induce the
inner oil whirl; therefore, constant tone does not occur. However, besides the
unbalance whistle (1X) the rolling element bearings have vibrations with multiple
harmonic frequency orders of 2X, 3X, 4X, ..., and modulation sidebands fre-
quencies, as shown in Fig. 4.19.

The inappropriate setup mechanism of the bearing cartridge in the bearing
center housing is to blame for the high-order harmonic and side band noises [4].
Due to the unsuitable damper oil film between the bearing cartridge and bearing
housing, high-order harmonic noises are generated at multiple harmonic
frequencies. At small damper oil film thickness, induced noise is not sup-
pressed enough and therefore transferred through the bearing center housing.
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Fig. 4.19 Noise spectra of a ball bearing turbocharger (Courtesy BMTS)

However, high-order harmonic noises are induced at large damper oil film
thickness. Therefore, the oil film damper set-up mechanism in the bearing housing
must be thoroughly studied to improve the noise behavior of automotive turbo-
chargers using the rolling element bearings.

4.5 Wear Noise

Wear defects in the rolling-element bearings, such as defects in the inner and outer
races, cage (retainer), and rolling elements (balls or rollers) generate different
noise types that have asynchronous high-frequency orders and as well as sidebands
frequencies due to frequency modulations. These wear noise frequencies are called
the bearing defect-related frequencies [4].

Figure 4.20 shows the key elements and geometries of a ball bearing. The balls
with diameter d are held in the cage (retainer); the pitch diameter D, is defined by
the maximum diametral distance between the centers of two opposite balls.
Contact angle 0 is the angle between the line perpendicular to the shaft and the ball
radius at the contact point in the outer race. The inner race is fixed to the shaft and
rotates at the rotor speed N; the outer race is mounted in the cartridge supported by
the damper oil film.

The bearing defect-related frequencies are computed from the bearing geom-
etries, number of balls, and rotor speed [2, 7].

Fundamental train frequency (ff) is caused by the cage defects depending on
the rotor speed N in rps.

fif = %V (1 - Dipcos 0) (4.36)
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Ball passing frequency over defective inner race (bpfi) is generated when the
Z balls or rollers pass over the defective inner race.

. N d
bpfi = ZE (1 + D—pcos 9) (4.37)

Ball passing frequency over defective outer race (bpfo) is generated when the
Z balls or rollers pass over the defective outer race.

N d
bpfo = Zz (1 - D—pcos 0) (4.38)

Two-times ball spin frequency (2bsf) is induced by the defective balls or
rollers spinning over the inner and outer races.

D d\’
2bsf = NF” [1 - (D_,,) cos? 9] (4.39)
where
d is the diameter of balls or rollers;
D, is the pitch diameter of the bearing;

0  is the contact angle of the rolling elements;
Z is the number of rolling elements;
N s the rotor speed in rps.

The bearing defect-related frequencies are displayed in Fig. 4.21 for a ball
bearing containing eight balls with d = 3.2 mm, D, = 12.2 mm, and 0 = 45°.
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Fig. 4.21 Bearing defect-related frequencies [4]
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The frequencies induced bearing defects bpfi, 2bsf, and bpfo are supersynchronous

> 1X); the fif frequency is subsynchronous (f < 1X).
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Chapter 5
Computational Nonlinear Rotordynamics
of Turbochargers

5.1 Vibration Equations of Automotive Turbocharger
Rotors

Figure 5.1 displays the rotor of an automotive turbocharger in the center housing
and rotating assembly (CHRA) including the rotor shaft, compressor and turbine
wheels, rotating floating ring bearings (RFRBs), seal rings, and thrust rings. All
rotor components must be taken into account in the rotor dynamic computation to
study the rotor vibration response, such as the frequency components in the
Waterfall plot, rotor orbits in the phase plane, and response amplitudes in the time
domain diagram.

The continuum rotor vibration equations are generally discretized by two
schemes: the finite element and transfer matrix methods. The finite element
method (FEM), a discretization method of the continuum rotor structure, is based
on the principle of D’ Alembert, where the sum of virtual work of all rotor
elements equals zero. By discretization of the continuum rotor vibration equations,
one divides the continuum rotor into a finite number of elements of the compu-
tational model that includes the concentrated masses, cylindrical elements, disks,
and interfaces between the rotor, bearings, and seal rings. Therefore, the rotor
vibration equations are derived and written in the discrete matrix Eq. (5.1).
Another alternative method is the transfer matrix method (TMM) developed by
Myklestad and Prohl, in which the rotor first element is connected with the last one
by the overall transfer matrix that consists of the transfer matrices of all involved
elements between the first and last rotor elements. The main advantage of the
TMM is to spare the working memory compared to the FEM.

The rotor vibration equations with N degrees of freedom (DOF), as shown in
Fig. 5.1 are written in the discrete matrix equation.

Mx + Cggx + Kgx :f(l) (51)

H. Nguyen-Schifer, Aero and Vibroacoustics of Automotive Turbochargers, 73
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Fig. 5.1 Automotive turbocharger rotor setup in the CHRA (Courtesy BMTS)

where
M = (N x N) is the mass matrix containing the rotor masses and inertia moments;

Csg = (N x N) is the rotor damping coefficient and gyroscopic matrix;
Kg = (N x N) is the shaft stiffness coefficient matrix containing the diagonal and

cross-coupled stiffness coefficients;
x = (N x 1) is the vibration rotor response vector including all degrees of free-

dom of two translational and two rotational displacements at each station of the

element;
f (r) = (N x 1) is the vector of the unbalance forces and moments, and nonlinear

bearing forces.
To reduce the second-order to first-order equation system, the (2N x 1) vector
z of the vibration response is defined by

(bl e

Y=EX;y=X.

where

By substituting the vector z(t) into Eq. (5.1), 2N first-order vibration equations

of z result in

m B [—MOIKS —MIICSGHQ i [MI[U(QJ)O+ Fi(x, %, f)]] (5.3)
e [—MOIKS —MIICS,J'Z+ {MI[U(Q t)0+ FB(Xaf‘af)J
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where

U is the unbalance force and moment;

Fy is the nonlinear bearing force computed by means of the impedance method
that is resulted from solving the two-phase Reynolds lubrication equation, as given
in Eq. (5.10).

The coupled nonlinear vibration equation system (5.3) is written in the matrix
equation of z.

z=Az+b(z, Q, 1) (5.4a)
where

A = (2N x 2N) rotor mass, mass inertia moments, stiffness, and gyroscopic effect
matrix;
b = (2N x 1) external force vector of unbalance and nonlinear bearing forces.
Within

0 I
A= [—MIKs —MICSG]; (5.4)
0
b(z, Q, 1) = [MI[U(Q) +FB(ZJ)]:| (5.4¢)

The matrix A containing the matrices M, Kg, and Cgg is obviously non-
symmetric; i.e., A # AT where AT is the transposed matrix of A. For this reason,
the bimodal method [1] is used to solve the first-order nonlinear matrix equation of
z with a 2N x 2 N) matrix A of N degrees of freedom.

5.2 Two-Phase Reynolds Lubrication Equation

Figure 5.2 demonstrates a two-phase oil model in the bearing clearances in which
the oil mixture volume V,,,;; consists of the volumes of gas bubbles Vy and pure oil
liquid Vjiq. Obviously, one has Vyix = Vg + Vg

The dynamic viscosity of the oil mixture is calculated from the oil liquid
viscosity and gas bubble fraction according to [2].

1
Mmix = Miq <1—+r> = ”Iliq9 (5.5)
— VB

where r = Vi is the bubble fraction in the oil liquid.
The bearing filling grade 0 is defined by the ratio of the oil liquid to oil mixture

volumes; it can be written in the bubble fraction r.
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Fig. 5.2 A two-phase oil mixture model

_Vig . Vg 1
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Vimix ™ Vig + Vg 1+7r

(5.6)

Similarly, the oil mixture density is calculated from the oil liquid density and
bearing filling grade.

_ Mmix Mg Mjiq
Pmix =

Viix Vig+ Ve Vig(1 + Va/Vig)

1
= Pliq <l—+r) = an9

The dynamic viscosity and density of the oil mixture given in Eqs. (5.5 and 5.7)
depend only on the gas bubble fraction and are not affected by the dissolved gas in
the oil liquid.

There are two cases of the bearing filling grade: first, 0 = 1 for the pure oil liquid
without air-releasing or cavitation; second, 0 = 0 for the oil condition at 100 % gas
phase due to air release or cavitation in oil. However, the bearing filling grade lies
between 0 and 1 (0 < 0 < 1) in the most application cases.

Having used the Henry-Dalton’s and Boyle-Mariotte’s laws, the gas bubble
fraction is calculated at 7 and p by

_ Vs (TPO) ( TPo)
r= =r|l—) —al|l -7
Viig Top Top

TP0>
=rnta)|l=——)—a
(n+a) (2

a, is the Bunsen’s coefficient chosen between 0.08 and 0.09 for the automotive
mineral oils of ISO-VG 32—220 to 30 MPa. This Bunsen solubility coefficient is
defined as the maximum dissolved gas volume per unit oil liquid volume in the
equilibrium condition at the gas partial pressure of 101.3 kPa;

(5.7)

(5.8)

where
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1p is the initial gas bubble fraction in the oil liquid at the bearing inlet;

T and p are the oil temperature and pressure in the oil film in the operating
condition;

Ty and p, are the ambient or oil inlet temperature and pressure.

Substituting Eq. (5.8) into Eq. (5.6), one obtains the bearing filling grade
Vii 1
0< =" —
Vmix (1 - av) + (70 + av) (m>

<1 (5.9)

Top

The Reynolds lubrication equation of two-phase flow lubricating oil is written
in

0 ( Piig ,39p 0 (Piiq, 3P\ d 5
Ox <nliq h o + oz Mg h oz =6 (Ur + Ub) o (pliqeh) + 26[ (pliqeh)

(5.10)
where

p(x, z) is the current oil film pressure in the bearing clearance;

Miq(T) is the oil liquid viscosity computed from the Cameron and Vogel’s equation
[4];

U, and U, are the circumferential velocities of the rotor and bearing ring;

h(x) is the current oil-film thickness in the bearing clearance;

0 is the bearing filling grade, as given in Eq. (5.9).

5.3 Nonlinear Bearing Forces

The bearing forces F, and F, are based on the rotating coordinate system (7, ¢) fixed
to the journal (i.e., shaft inside the bearing). In fact, the bearing forces acting upon
the journal in the inertial coordinate system (X;, X,) are required for the rotor

Fig. 5.3 Coordinate X,
transformation of the bearing
force components t
184
9,
£
94 ) %
X
F N
1R
4
r
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dynamic vibration equations. Therefore, the transformation from the rotating
coordinates into the inertial coordinates is necessary to compute the bearing forces
in the inertial coordinate system (X;, X5), as given in Fig. 5.3.

The radial and tangential components of the bearing force Fg acting on the
journal, opposite to the journal force Fj, are resulted from integrating the oil
pressure p(&, z) of Eq. (5.10) on the journal surface.

r L 2n

F, /R/P(f, z)cos ¢ dé.dz

( 0
2n
0

Fp = = —Fy (5.11)

F, = R/p(é, z)sin ¢ dé.dz

0
L
L 0 _

within
L is the inner bearing width;

R is the journal or shaft radius;
¢ is the position angle for the oil-film thickness where x = Ré&(see Fig. 5.4).

The nonlinear bearing forces in Eq. (5.11) are transformed into the inertial
coordinate system (X;, X5):

_(F1\ ([ siny cosy F,
Fy = <F2> - <—cosy siny) <F,> (5-12)

F;, F, are the force components in the inertial coordinates X; and X>;
F,, F, are the force components in the rotating coordinates » and ¢.

where
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The nonlinear bearing force components are written in the inertial coordinates:

F1:+Fr51n'))+FtCOS‘VEfl(gvea%%g) (5 13)
Fy, = —F,cosy+ F,siny = f>(¢,¢,7,7,Q) '

where

y is the angular position of the journal;

¢ is the relative eccentricity of the journal (¢ = e/c);
¢ is the bearing clearance;

o is the attitude angle;

Q is the rotor speed.

5.4 Boundary Conditions of Nonlinear Rotordynamics

In the following section, the computation of nonlinear rotordynamics for a typical
automotive turbocharger using two separate rotating floating ring bearings has
been carried out in the study case. The following characteristics are taken into
account running the rotordynamic computational program Madyn 2000 [5], which
is based on the extensionally developed module for nonlinear rotordynamics of
high-speed turbochargers [4]:

run-up simulation to very high rotor speeds;

transient behavior of the rotor responses;

gyroscopic effect of the flexible rotor;

two-phase flows of the oil films in the bearing clearances [2, 3, 6];
unbalance forces and moments acting upon the rotor;

damping effects of the seal rings;

nonlinear bearing forces of the rotating floating ring bearings;
synchronous and asynchronous vibration responses;

rotating floating ring bearings with changing ring speed ratios;
computing the ring speed ratios of the bearings;

induced oil temperatures in the bearing clearances;

heat convection in the oil films in the axial direction;

heat conduction between the oil-films in the radial direction;
various types of lubricating oil (SAE OW30, 5W30, 10W40, 15W40);
different pressures and temperatures of lubricating oil.

The computed rotor of an automotive turbocharger for passenger vehicles con-
sists of the compressor and turbine wheels, rotor shaft, thrust rings, seal rings, and
rotating floating ring bearings. One transforms this computed rotor into the dis-
cretized finite element model where the components of the rotor, such as the com-
pressor and turbine wheels, rotor shaft, and radial bearings are discretized in a finite
number of the concentrated mass points, disks, cylinder elements, and interfaces of
the bearings and seal rings (see Fig. 5.5). The finite element model of the computed
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Fig. 5.5 Computing rotor model and its finite element model [4]

rotor contains many sections that are connected by the stations at both ends of each
section. By solving the two-phase Reynolds lubrication equation of two-oil-film
bearings, the impedance table for the bearing forces is created for the bearing force
computation. The nonlinear bearing forces in the bearing clearance are resulted from
the corresponding bearing stiffness and damping coefficients by linearly interpo-
lating the computed values of the bearing characteristics at the journal center
position (g,7) and Sommerfeld number So in the impedance table. The nonlinear
bearing forces contain two force components: the rotation force induced by the rotor
speed Q depends on the bearing force angle o and So (1,¢,7); the damping force
caused by the journal velocities &, 7 depends on 7, ¢, 7, &, 7, as given in [4].

5.5 Computational Results of Turbochargers

The nonlinear bearing forces acting upon the journal are computed at each itera-
tion step based on the Sommerfeld number So by the impedance method. The
coupled nonlinear vibration equations of the rotor are given in Eq. (5.3), in which
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we put the nonlinear bearing forces, as given in Egs. (5.11 and 5.13) on the right-
hand side of Eq. (5.3). By using the bimodal method [1], we decouple the coupled
nonlinear equations in the decoupled nonlinear equations. Then, the vibration
responses are solved by a high-order Runge—Kutta scheme at each iteration step.

Using the Discrete Fourier Transform (DFT) with FFT, the frequency spectrum
of the rotor responses is displayed in the spectrogram (Waterfall plot). The rotor
orbits at the station S1 of the compressor inlet and at the stations S2 and S3 of the
journal loci in the radial bearings are computed in the runup simulation, as shown
in Fig. 5.5.

Two rotating floating ring bearings and two seal rings at each side support the
computed rotor with a mass at about 150 g including the shaft with a diameter of
7 mm, compressor wheel, turbine shaft, and thrust rings. The relative inner
diametral clearance of the bearing is initially about 3 x 10~ due to the temper-
ature difference between the inner and outer oil-films, the centrifugal force of the
bearing ring, and the bearing ring expansion in the radial direction. Hence, the
relative inner diametral clearance increases to a maximum about 4 x 10~ during
operation. The ratio of the outer and inner bearing clearances is varied by a factor
between three and four. The maximum rotor speed is limited to nearly
225,000 rpm (2 = 3,750 Hz).

The compressor wheel and turbine shaft have residual unbalances of approxi-
mately 0.1 and 0.2 g.mm, respectively. The lubricating oil SAE 5W30 is used in
the runup computation; the oil dynamic viscosity changes with the effective oil-
film temperatures in every iteration step according to the Cameron and Vogel’s
equation [4]. The oil condition at the inlet is given at a relative pressure of
0.3 MPa and oil temperature of 90 °C at S2; 100 °C at S3.

The computing time for the run-up simulation of about 20-hour-CPU is nec-
essary on a PC with a dual-core AMD Opteron of 3 GHz with 8 GB RAM. This
computing time is quite acceptable in the industry instead of a-few-week CPU in
the case of instantaneously solving the Reynolds equation at each iteration step.

The vibration mode of the flexible rotor in the run-up simulation is analyzed at
the stations S2 and S3. Figure 5.6 displays the vibration modes of the rotor at
various rotor speeds. At low rotor speeds, the rotor vibration has a conical mode.
From the rotor speed of about 81,000 rpm (36 % relative rotor speed) —
135,000 rpm (60 % relative rotor speed), the rotor vibration changes from the
conical to the cylindrical mode.

At low rotor speeds up to nearly 45,000 rpm, the rotor orbits at S2 and S3 are
mostly eccentric to each other (see Fig. 5.7), i.e., the mode shape of the rotor
response is conical since the rotor is still rigid at low rotor speeds. At high rotor
speeds from about 81,000 rpm, the bearing stiffness and damping coefficients
increase, the conical mode of the rotor vibration tends toward cylindrical mode.
Figure 5.7 shows that orbits at S2 and S3 are nearly concentric from the relative
speed of 60 % up to the maximum rotor speed. The limit cycles of the rotor
response at S2 and S3 have peak-to-peak amplitude of about 25 um at
135,000 rpm and reduce to 15 um at the maximum rotor speed of 225,000 rpm.
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Fig. 5.6 Vibration modes of the turbocharger rotor [4]

The unbalance amplitude (1X) is relatively small compared to the asynchronous
amplitudes of the inner and outer oil whirls in the entire rotor speed range.

In fact, the typical resonance due to unbalance does not exist in nonlinear
rotordynamics (see Figs 5.8, 5.9a, and b), but only the limit cycle of the rotor
response occurs at each rotor speed. The reason is the effective rotor stiffness
coefficient depends not only on the shaft stiffness coefficient itself but also on the
bearing stiffness coefficient. The rotor equivalent stiffness coefficient is called the
nonsynchronous complex dynamic stiffness. Therefore, the bearing stiffness
coefficient is dependent on the effective oil pressure, temperature, rotor speed,
bearing ring speed, and journal eccentricity as well. At large rotor deflections, the
journal eccentricity increases in the bearing clearance; the oil-film thickness
reduces in the bearing clearance to generate the large bearing force. As a result, the
bearing stiffness and damping coefficients increase with the rotor deflection until
the journal orbit stabilizes after the Hopf bifurcation point in the limit cycle at each
rotor speed [4]. In this case, no typical resonance like in linear rotordynamics
occurs in the entire rotor speed range, as shown in the Waterfall plot (see Fig. 5.8).

In practice, one plots Waterfall plot in a two-dimensional plot (modified
Waterfall plot), in which the amplitudes of the vibrations are displayed in color or
grayscale in the frequency order spectra, as shown in Fig. 5.9a. Instead of the whirl
frequency w, the frequency order w/€ versus rotor speed €2 is used in the modified
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Fig. 5.7 Orbit of the journal at the stations S2 and S3 [4]

Waterfall plot. Its main advantage is it is easier to analyze the frequency order
spectra of the synchronous and asynchronous vibrations at the rotor speed. The
frequency jump of the inner oil whirl takes place at nearly 30 % of relative rotor
speed, where the conical vibration mode changes into the cylindrical mode.
Figure 5.9a and b shows the comparison between the computation of rotordy-
namics and measurement results in Waterfall plots. Compared to the measurement,
the computed inner oil whirl takes place a little later at the relative rotor speed of
about 30 % (67,500 rpm) instead of at nearly 27 % (62,000 rpm) as in the mea-
surement. The frequency order of the computed inner oil whirl (inner OW) begins
at a lower frequency order of 0.4X compared to about 0.55X in the measurement
and ends at the frequency order of 0.2X, nearly the same as in the measurement
results. The low frequency order of the inner oil whirl is caused by the higher
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Fig. 5.8 Waterfall plot of the journal at the station S1 [4]

bearing ring speed in the measurement than in the computation. The unknown heat
flow transferred from the bearing housing to the outer oil-film of the bearing has
not been taken into account in the computation. For this reason, the outer oil-film
temperature increases in the measurement compared to the computation; therefore,
the ring speed ratio of the bearing is higher, leading to the higher frequency order
of the inner oil whirl.

In fact, the residual unbalance vector directions of the compressor and turbine
wheels are unknown after the trim balancing in the measurement. For this reason,
the resulting residual unbalance may be smaller in the computation. Thus, the
frequency jump of the inner oil whirl occurs at a rotor speed of about 67,500 rpm a
little later than in the measurement at 62,000 rpm. Similarly, the computed fre-
quency order of the outer oil whirl (outer OW) is a little lower than the frequency
order as in the measurement due to the reduced bearing ring speed, especially at
low rotor speeds.

In the rotating floating ring bearing case, the journal moves relatively to the
bearing ring at every rotor speed; i.e., the journal motion pushes the bearing ring in
the radial direction. In fact, it is very difficult to measure the relative displacements
between the journal and bearing ring during the rotation. Hence, the rotordynamic
computation is a useful tool to determine the relative displacements and the current
oil-film thickness in the rotating floating ring bearings at any rotor speed. Fig-
ure 5.10 displays the relative displacements between the journal and bearing ring
at different rotor speeds.
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Fig. 5.9 a and b Waterfall plots of the journal vibration at S1 [4]

At the beginning, the journal and bearing ring are nearly concentric to each
other since the rotor mass is very small at nearly 150 g. If the relative displacement
is positive, the journal moves closer to the bearing ring because the journal dis-
placement is larger than the ring displacement. In the other case, the journal moves
away from the bearing ring. The current oil-film thickness is resulted from the
bearing clearance and relative displacement. When the oil-film thickness is larger
than the limit oil-film thickness [4], the lubrication regime is fully hydrodynamic
and outside the mixed and boundary lubrications; little or no wear occurs in the
bearing. The computed results show that the maximum relative displacement is
about 9 pum in the limit cycle for the entire rotor speed range. It indicates that the
minimum oil-film thickness in the inner bearing clearance is nearly 5 pm with the



86 5 Computational Nonlinear Rotordynamics of Turbochargers

80,000 rpm (35%) 135,000 rpm (60%)

32\ ss\ 32\ /

S3

170,000 rpm (75%) 225,000 rpm (100%)
S2 S2

S3
S3

Fig. 5.10 Waterfall plots of the relative displacements between the journal and bearing ring at
S2 and S3 [4]

inner radial clearance of 14 pm. The minimum oil-film thickness of 5 pm in the
bearing clearance is larger than the limit oil-film thickness; hence, no wear occurs
in the bearing.
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Chapter 6
Subsynchronous Constant Tone

Constant tone is induced by the inner oil whirl in hydrodynamic radial bearings.
The inner oil whirl frequency order in the rotating floating ring bearings reduces
from 0.4X to about 0.3X at increasing rotor speeds, at which the inner oil film
temperature increases, leading to reduced oil viscosity. Therefore, the inner oil
whirl frequency varies in a narrow frequency band from 600 to 1,000 Hz of the
human audible range. This frequency is usually considered in automotive turbo-
chargers as quasi-constant compared to the rotor frequency; hence, its noise is
called constant tone. The constant tone occurs at the engine speed range between
1,500 and 3,500 rpm in second to fifth gears with middle to high loads.

Figure 6.1 shows the unbalance whistle and constant tone acceleration fre-
quency spectra in the Waterfall plot. Oil whirl is the self-excited instability with a
subsynchronous frequency that usually occurs in automotive turbochargers. The
oil whirling in the bearing clearance causes the oil whirl; therefore, it has nothing
to do with the rotor unbalance. This means that the oil whirl happens in the bearing
without precondition whether the rotor is well balanced or unbalanced. However, a
strongly unbalanced rotor could reduce the oil whirl amplitude where the rotor is
close to the bearing wall.

The constant tone level is measured by an acceleration sensor at the bearing
center housing, as displayed in Fig. 6.1. The constant tone is a subsynchronous
vibration response; i.e., its whirl frequency is lower than the rotor frequency. For
this reason, it is a subsynchronous noise type. As long as the damping force in the
bearing is larger than the destabilizing force caused by the bearing cross-coupled
stiffness coefficient, the journal orbit is in a quasi-stable condition. Hence, the
constant tone level is inaudible in the vehicle cabin. The journal begins whirling in
the bearing when the destabilizing force exceeds the damping force at increasing
rotor speeds, leading to the self-excitation instability of the subsynchronous inner
oil whirl, which generates the constant tone. Note that the noise intensity is pro-
portional to the whirl frequency squared. The outer oil whirl frequency is much
lower than the inner oil whirl frequency; therefore, the outer oil whirl noise
intensity is negligibly small. As a result, the outer oil whirl noise is inaudible
although its whirl amplitude is much larger than the inner oil whirl amplitude.

H. Nguyen-Schifer, Aero and Vibroacoustics of Automotive Turbochargers, 89
DOI: 10.1007/978-3-642-35070-2_6, © Springer-Verlag Berlin Heidelberg 2013
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Fig. 6.1 Acceleration frequency spectra in Waterfall plot measured at the bearing center housing

[4]

6.1 Transmitting Way of Airborne Noise

Synchronous and asynchronous (super- and subsynchronous) noises induced in
automotive turbochargers are caused by compressor aerodynamics of compressor
and turbine wheels rotation, and rotordynamics of rotor unbalance and inner oil
whirl in the radial oil film bearings. Induced noises transmit through the bearing oil
films, bearing center housing, compressor housing, air filter, charge-air intercooler,
exhaust-gas manifold, exhaust-gas system (catalytic converter, particle diesel fil-
ter, and muffler), and car frame to the vehicle cabin, as shown in Fig. 6.2. On the
transmitting ways, they excite the periphery components neighboring the turbo-
charger. When the noise source frequencies equal the component eigenfrequen-
cies, resonances take place with high response amplitudes in low damping cases
(see Chap. 7). The vibration responses of the bearing center housing, air filter,
charge-air intercooler, and exhaust-gas system additionally emit airborne noises to
the car cabin and environment. Airborne noises are uncomfortable and undesirable
for driver and passengers; therefore, they must be reduced as much as possible in
passenger vehicles.

The airborne noise level individually depends on the vehicle types because their
eigenfrequencies, damping and stiffness coefficients of the periphery components,
and car frame are non-identical to each other; therefore, these lead to different noise
responses. As a result, the vehicle characteristics play an important role in the
airborne noise level of automotive turbochargers. Note that some airborne noises of
a turbocharger are inaudible in one vehicle type, but they could be audible in
another vehicle type. For this reason, the airborne noise behavior of turbochargers
must be individually proofed for each vehicle type in their applications.
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6.2 Constant Tone Root Causes

The inner oil whirl in the radial bearing is to blame for the constant tone, as earlier
discussed. To better understand the constant tone, the inner oil whirl root causes
must be analyzed. In the following section, the dynamic force model for the
journal and flow model for rotating floating ring bearings are used to study the
constant tone. Such analytical models could answer the questions, such as why and
when the inner oil whirl takes place in the bearing, which influential parameters
the constant tone depend on, and how the constant tone could be reduced in
passenger vehicles. Eventually, measures of constant tone reduction are discussed.
At first, the model of dynamic forces acting upon the journal in the rotating
coordinate system (7, f) fixed to the journal is displayed in Fig. 6.3. In the radial
direction r, the journal stiffness force —Ke, bearing cross-coupled damping force
jcce, inertial force —mé, and centripetal force mr,w*e!® act upon the journal. The
destabilizing force jk.e caused by the cross-coupled stiffness coefficient k. of the
oil film and the damping force of the bearing —ce act upon the journal in the
tangential direction . The inner oil whirl does not occur as long as the damping
force is larger than the destabilizing force, as shown in Fig. 6.3. Thus, the stability
condition for the inner oil whirl is formulated in the tangential direction:

ce(t) > jkee(t) (6.1)
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where

¢ = jwe is the journal eccentricity velocity;

o is the whirl speed;

k. = ¢2Q is the cross-coupled stiffness coefficient of the oil-film bearing within
Q is the rotor speed; 4 is defined by the average fluid velocity ratio according to
[1]. The average fluid velocity ratio A versus the journal relative eccentricity ¢ is
displayed in Fig. 6.3.

By using the rotating floating ring bearing with two oil films, two subsyn-
chronous vibration responses of the inner and outer oil whirls induce in the bearing
next to the rotor unbalance harmonic vibration response. The constant tone is
induced by the inner oil whirl occurring in the radial bearing oil film. At increasing
rotor speeds, the journal begins whirling in the inner bearing clearance when the
damping force is less than the destabilizing force. In this case, the non-dissipated
whirling energy excites the rotor to the self-excited unstable response (inner oil
whirl) at a whirl frequency o.

The stability condition for the inner oil whirl can be derived from Eq. (6.1) and
is written in

> Q. (6.2)
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Equation (6.2) indicates that the rotor remains stable as long as the whirl
angular velocity o is larger than AQ, in which the feeding kinetic energy of the
destabilizing force is mostly dissipated by the damping energy in the radial
bearing.

At high rotor speeds, the effective temperature of the inner oil film rises due to
bearing friction, leading to the oil viscosity decrease in the inner bearing clearance
and the reduction of dissipated damping energy as well. As soon as @ < 1Q, the
rotor becomes unstable and begins to whirl in the whirl orbit at the whirl frequency
o (see Fig. 6.3). In the case of using the rotating floating ring bearings, the stability
condition for the inner oil whirl results in

w > A(Q+ Qp)

6.3
= o > 2Q (1 + RSR) (6:3)

where

RSR = Qg/Q, is the ring speed ratio of the bearing;

Qg is the ring angular speed;

Q is the angular rotor speed.

In the case of the semi-floating ring or fixed bearings, RSR equals zero; thus Eq.
(6.3) becomes the earlier stability condition (q.e.d.) given in Eq. (6.2).

On the one hand, the destabilizing force increases with rotor speed since the
bearing cross-coupled stiffness coefficient is proportional to the rotor speed. On the
other hand, the damping force in the bearing decreases with rotor speed because
the inner oil film temperature in the bearing increases due to bearing fiction;
therefore, its viscosity strongly reduces at increasing oil temperatures. As a result,
the damping force becomes small and underlies the destabilizing force in the
bearing at high rotor speeds. This causes the inner oil whirl, which is a subsyn-
chronous forward whirl; its precession has the same rotor velocity direction. The
threshold of instability of the rotor is studied and analyzed in the following
subsection.

Having applied Newton’s second law to the rotor, the rotor vibration equation is
written in the rotating coordinate system (r, ) fixed to the journal.

mé + (c —jee)e + (K — jke)e = mryw*e™ (6.4)
where
m is the rotor mass;
j is the imaginary unit (j> = — 1);

e is the journal eccentricity;

c is the bearing diagonal damping coefficient;

¢, is the bearing cross-coupled damping coefficient

K is the effective stiffness coefficient of the rotor-bearing system;
k. = c2Q is the bearing cross-coupled stiffness coefficient;

o is the whirl speed;

r, is the rotor unbalance radius.
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The rotor response is assumed as an exponential function of the eigenvalue
s and time 7.

e(t) = Ae” (6.5)

where
s is the complex eigenvalue including the real part o and the imaginary part w,,.

s=axjow, (6.6)
By twice differentiating Eq. (6.5), one achieves

e = sAe" = se(t);

é = s*Ae" = s%e(t) (6.7)

Substituting Eqgs. (6.5) and (6.7) into the homogeneous Eq. (6.4), the rotor
response characteristic equation is given by
D(s) = ms* + (¢ — jee)s + (K —jciQ) =0 (6.8)

The rotor stability condition is satisfied if the real part of the complex eigen-
value s is always negative. The real part o is calculated from the characteristic
equation (see Appendix C).

c
o= ——

N 2 2
= f[ E+VE +F} (6.9)
within
_K ¢t —c? ) _c Ce
:E_( — ) :%(},Q—%) (6.10)

By solving Eq. (6.9), one obtains the stability condition for the inner oil whirl.

Ce K Cce\2
0 =5+ m+(2m) >0 (6.11)
At low rotor speeds, the rotor stability condition in Eq. (6.11) is satisfied
because the rotor orbit is relatively small and quasi-stable. As the rotor speed
increases, the inner oil film temperature rises due to bearing friction, which leads
to decrease of the cross-coupled damping and bearing stiffness coefficients. This
causes the reduced whirl frequency o given in Eq. (6.11). Therefore, the rotor
stability condition is no longer satisfied because the whirl frequency w underlies
4AQ at high rotor speeds. In this case, the oil whirl orbit becomes unstable, leading
to the self-excited oil whirl instability, which corresponds to the constant tone.
The threshold of instability frequency is given by setting the real part o equal
zero, where the oil whirl instability begins.
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1 c K ce\?
Q= <%+ ~t (E) ) (6.12)

Oil whip, a self-excited subsynchronous instability occurs at the rotor speed in
which the oil whirl frequency w equals the first bending critical frequency Q... The
oil whip is very dangerous and destructive because the rotor defection continu-
ously exponentially increases with time in the bearing clearance even at a constant
rotor speed, leading to the bearing damage due to wear or seizure of the journal in
the bearings.

6.3 Constant Tone Analysis

In the following section, influential parameters of the constant tone are studied in
the flow model of a two-oil-film radial bearing. The rotor angular speed is defined
by Q; the ring speed of the rotating floating ring bearing by Qg. At the journal
eccentricity e, the inlet bearing clearance is obviously equal to (¢ + e); the outlet
bearing clearance equals (¢ — e), as displayed in Fig. 6.4.

Having considered the inner bearing convergent wedge, the oil volumetric flow
rate at the inlet is computed.

Qin = VinAin = /LI[QR + QR(R + C)](C + e)L,‘ (613)

rotatingfloating bearing ring : outer oil film

cavitating inner oil film

convergent wedge

Fig. 6.4 Oil velocity profiles in the bearing clearance
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where
A; is the average fluid velocity ratio, as given in Fig. 6.5;
c is the radial inner bearing clearance;
e is the journal eccentricity;
L; is the inner bearing width;
R is the journal radius.
Analogous to Eq. (6.13), the oil volumetric flow rate at the outlet results in

Qout = VourAout = 4i [QR + QR(R + C)](C - e)Li (614)

According to Egs. (6.13) and (6.14), the oil inflow rate into the convergent
wedge is more than the oil outflow rate. However, the supply oil can only flow in
the axial direction toward the bearing ends, but the axial oil flow rate is very small
due to the small inner bearing clearance. As a result, the journal has to move at the
whirl velocity v; tangent to the whirl orbit in order to satisfy the mass balance in
the inner bearing clearance. The journal whirl frequency w; corresponds to v;, as
shown in Fig. 6.4.

The oil surplus volumetric flow rate in the convergent wedge is given by

A0 = Qi — Qou ~ 2RL;e/i(Q + Qx)

(6.15)

where RSR = Qg/Q is the ring speed ratio of the bearing. The ring speed ratio
depends not only on the bearing geometries but also on the effective oil temper-
atures in the bearing clearances during operation (see Sect. 6.4).



6.3 Constant Tone Analysis 97

At the journal whirling, the removed oil volumetric flow rate (i.e. oil whirling
volumetric flow rate) results in

Q. = viA; = (ew;)(2RL;) = 2RL;ew; (6.16)
where
A; is the displaced journal cross-sectional area; A ; = 2RL;
o; is the journal whirl angular frequency.
Having used the continuity equation in the inner bearing convergent wedge,

The oil whirling volumetric flow rate in Eq. (6.15) is rewritten in

Qw = 2RLi€CL)i

, (6.18)

The inner oil whirl amplitude is proportional to the oil whirling volumetric flow
rate given in Eq. (6.18).
The journal forward whirl speed is resulted from Eq. (6.18) in
QGX
2RL,'€

Since the oil flow rate in the axial direction is negligibly small, the inner oil
whirl frequency near the bearing center at A; & 0.5 becomes

o = 4Q(1 + RSR) ~ JQ(1 + RSR) (6.20)

In the case of semi-floating ring or fixed bearings at RSR = 0, the constant tone
frequency is nearly one-half rotor frequency (w;~ 0.47Q). It is usually called the
half-frequency oil whirl. The average fluid velocity ratio of rotating floating ring
bearings is qualitatively displayed in Fig. 6.5.

6.4 Calculating Ring Speed Ratio

Floating ring bearings are usually applied to automotive turbochargers to reduce
airborne noise and rotor amplitudes at resonances. There are two common types of
floating ring bearings: semi-floating (SFRB) and rotating-floating ring bearings
(RFRB). The common characteristic of both floating ring bearings is having
two oil films: inner and outer oil films. However, the semi-floating bearing ring is
non-rotating but floating; the rotating-floating bearing ring is rotating and floating
at once.
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In order to reduce the bearing friction, the rotating floating ring bearings
(RFRB) are used in automotive turbochargers. Due to reduction of the bearing
friction at low rotor speeds, the transient response of turbochargers is improved in
low-end torque. Figure 6.2 shows the CHRA setup with the rotating floating ring
bearings. Lubricating oil at the pressure p; from the inlet flows through the outer
bearing clearance in the circumferential and axial directions and leaves the bearing
ends at the ambient pressure py. By means of oil holes in the bearing ring,
lubricating oil enters the inner bearing clearance, flows in the circumferential and
axial directions, and leaves the bearing ends at the ambient pressure py. The
volumetric oil flow rate depends on the oil inlet temperature, pressure drop
between p; and p,, rotor speed, as well as the rotating speed of the bearing ring.

The inner oil film has to carry the rotor to balance external forces acting upon it.
Therefore, its inner bearing radial clearance c, is relatively small to increase the
bearing stiffness coefficients. On the contrary, the outer oil film provides the rotor
with large damping effects to reduce the rotor deflection at resonances, and sup-
press the rotordynamic airborne noises of the unbalance whistle and constant tone.

Flow characteristics of the oil films are taken into account in computing the
friction power in the bearing (see Fig. 6.6).

The bearing friction power produced in the rotor shaft is given by

ou U;
p=r =0 [ aa=nlau~ (niia)u 62
A
where
n; is the inner oil film dynamic viscosity;
OU /0h is the oil film velocity gradient;
h is the oil-film thickness;
rotating floating bearing ring outer oil film
inner oil film
Up = QiR journal
— Q)
U,=QR o
Mo !
Q
R
AN
J U, =Q.R
R, N R, R0

Fig. 6.6 Flow velocities in the oil films
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A; is the journal frictional area;

U; is the journal circumferential velocity.

In order to reduce the bearing friction power, the velocity gradient is decreased
when the bearing ring rotates at a circumferential velocity Uy at the inner bearing
clearance. Hence, the bearing friction power is reduced to

According to Egs. (6.21) and (6.22), the relative reduction of the bearing
friction power is computed.

APf Pf_Pf* P;_URNQR

Py Py P U Q (6:23)

where

Qg is the ring angular velocity (Qr < Q);

Q is the rotor angular velocity.

Equation (6.23) indicates that the friction power reduction is proportional to the
ring speed ratio RSR. Therefore, the higher the ring speed ratio, the larger the
bearing friction power decreases.

The Petroff’s law resulting from the Reynolds lubrication equation computes
the torque acting upon the journal in the semi-floating ring bearing.

3
M:R/rdA:R/naa—ZdA:M (6.24)
C

A A

Having applied Eq. (6.24) to the rotating floating ring bearing, one obtains the
driving torque acting on the bearing ring inner side,

2 RILI(Q — Q)

M,; 6.25
. (6.25)
and the friction torque on the bearing ring outer side
210, R3L,Q
M, = — loZom0n R (6.26)
13

Having used the angular momentum law, the ring speed ratio RSR is resulted at
the steady-state condition (0 = 0).

> M=M;+M,=1,0=0
Thus,

Qg 1
RSRsleady ==

Q W(T) (L AR
L+ (?) (c_i) (F)

(6.27)
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oil holes

A

Fig. 6.7 Rotating floating ring bearing geometries

where
i N, are the dynamic viscosity of the inner and outer oil films;
L;, L, are the inner and outer bearing widths (see Fig. 6.7);
¢y, ¢, are the inner and outer radial bearing clearances;
D,, D, are the inner and outer bearing diameters;
I, is the polar mass inertia moment of the rotor.

When the inner and outer relative eccentricities ¢; and &, are taken into account,
the modified steady-state RSR* becomes according to [2].

1
1 (1) (v (&)3
ni(Ti) \ Li cn/1-¢3 D;

In the unsteady state at 0 # 0, the ring speed ratio in Egs. (6.27) and (6.28) is
modified according to [3].

RSR’

steady

(6.28)

*
:_R%
Q

1,0
270 (n[R?L,v N ;10R3L,,)

C1 2

RSRunsteady = RSRsteady - (629)

Because the inner clearance is much smaller than the outer clearance, the inner
oil-film temperature is higher than the outer oil-film temperature at increasing
rotor speeds due to the bearing friction. Hence, the oil viscosity ratio between the
outer and inner oil films increases (i.e., 4, >> #;), leading to the ring speed ratio
decrease. The computed ring speed ratio versus rotor speed at different oil inlet
temperatures of the rotating floating ring bearing is displayed in Fig. 6.8. In the
computation, the effective temperatures 7, ; and T}, , of the inner and outer oil films
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Fig. 6.8 Computed ring speed ratio RSRe,qy Versus rotor speeds

are induced only by the bearing friction without the heat conduction from the
bearing center housing to the oil films. In fact, the heat conduction from the
bearing center housing increases the outer oil film temperature. Therefore, the ring
speed ratio at the turbine side is normally quite larger than the ring speed ratio at
the compressor side. The ring speed ratio varies between 15 and 30 % at low rotor
speeds to about 90,000 rpm (1,500 cps) at the oil inlet temperature of 90 °C.
Hence, the rotor friction power of the rotating floating ring bearing could be
reduced by 20-30 % compared to the semi-floating ring bearing in low-end torque
(LET), leading to improving the turbocharger’s transient behavior.

The higher the rotor speed, the higher the effective inner oil film temperature is,
leading to the ring speed reduction. At high inlet oil temperatures, the dynamic
viscosity ratio of both outer and inner oil films does not change so much; therefore,
the ring speed ratio reduces more slowly and remains nearly constant at higher
rotor speeds. At decreasing inlet oil temperatures, the bearing friction increases in
the inner oil film, leading to high inner oil film temperatures. As a result, the ring
speed is lowered as the inlet oil temperature decreases. Generally, the ring speed
ratio decreases with the rotor speed at a constant oil inlet temperature and
increases with the oil inlet temperature at a constant rotor speed, as shown in
Fig. 6.8. The rotating floating ring bearings have two main advantages: first, the
bearing friction reduction, especially in low-end torque; second, the large damping
effect due to the large outer oil film. However, they need large oil volumetric flow
rate and the rotor orbit is larger than the orbit of the semi-floating ring bearings
because of having two oil films.

If we consider the unsteady state in the rotor run-up phase, the ring speed ratio
is very low at small rotor speeds and high inlet oil temperatures because the inertia
term of the ring speed ratio in Eq. (6.29) is significantly large, especially at high
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accelerations. At increasing rotor speeds, the inertia term becomes smaller; it leads
to the ring speed ratio increase. Then, the ring speed ratio is steady state at further
increasing rotor speeds.

6.5 Pre and Post Constant Tone

In the run-up phase, turbocharger rotor is accelerated from the idle condition to
maximum rotor speed, as displayed in Fig. 6.9. The oil film temperature in the
inner bearing is relatively low and nearly equals the outer oil film temperature at
small rotor speeds. Therefore, the ring speed ratio given in Eq. (6.29) increases
slowly during the rotor acceleration. According to Eq. (6.20), the inner oil whirl
frequency is nearly proportional to the product of the rotor speed and ring speed
ratio. As a result, the pre constant tone frequency varies from 400 to 600 Hz in the
audible frequency range.

At further increasing rotor speeds to the maximum speed, the inner oil film
temperature rises higher than the outer oil film temperature because the viscous
friction in the inner oil film is larger than the friction in the outer oil film, leading
to viscosity reduction in the inner oil film. Hence, the ring speed ratio reduces with
rotor speeds according to Egs. (6.28) and (6.29). On the one hand, the inner oil
whirl frequency decreases with reducing ring speed ratios at high rotor speeds. On
the other hand, the inner oil whirl frequency is proportional to the rotor speed, as
shown in Eq. (6.20). As a result, the constant tone frequency increases much
slowly at high rotor speeds and therefore ranges from 600 to 1,000 Hz. Thus, the
constant tone is considered quasi-constant compared to the rotor frequency in the
normal operating condition.
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In the slowdown phase, turbocharger rotor is decelerated from the maximum
rotor speed to the idle condition. During the slowdown, the ring speed ratio does
not change too much because the viscosities of both oil films are nearly equal.
Therefore, the inner oil whirl frequency decreases from 1,000 to 400 Hz at low-
ering rotor speeds. Between about 600 and 400 Hz, the post constant tone usually
becomes audible in the vehicle cabin, as shown in Fig. 6.9. The low damping
effectiveness in the outer oil film is possibly to blame for this audible post constant
tone between 600 and 400 Hz. However, it is inaudible at low frequencies
(<400 Hz) since the noise level is proportional to frequency squared.

The post constant tone in the slowdown phase is considered more critical than
the pre constant tone in the run-up phase because engine noise in the slowdown
strongly decreases compared to the run-up. This post constant tone could be
reduced by active and passive measures that will be discussed in the following
section. However, the post constant tone is sometimes confused with the unbalance
whistle and other generated noises of components neighboring the turbocharger
because their frequencies also decrease with the rotor speed in the slowdown
phase. In this case, other noise sources must be at first improved instead of the post
constant tone alone. In fact, such unbalance whistle, fuel-pump noise, and high
frequency-order engine noises, etc., could be audible in addition to the post con-
stant tone in some car types. Note that the post constant tone level depends on the
vehicle type, and how the turbocharger is mounted in the engine.

6.6 Measures of Reducing Constant Tone Level

As a result, the inner oil whirl amplitude is proportional to the oil whirling vol-
umetric flow rate given in Eq. (6.18); its whirl frequency w; depends on the
volumetric oil flow rate in the axial direction, rotor and bearing ring speeds, as
given in Egs. (6.19) and (6.20). To reduce the constant tone level, the oil whirling
flow rate must be kept as small as possible. There are some possible measures to
reduce the constant tone level by minimizing the oil whirl amplitude, as shown in
Table 6.1.

6.6.1 Active Measures

The main reason for the oil whirl is the oil volumetric flow rate surplus in the
convergent wedge of the inner bearing clearance. To minimize the constant tone
level, the oil flow rate surplus must be relieved to keep the inner oil whirl
amplitude as small as possible; therefore, the rotor remains in the stable condition.
Equation (6.18) shows that the oil whirling flow rate can be minimized by either
reducing the oil flow rate surplus itself (the first term) or increasing the oil flow
rate in the axial direction (the second term) to compensate the oil flow rate surplus.
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As a result, the oil whirling flow rate decreases, leading to reducing the constant
tone level.

First, some measures are possible to reduce the oil flow rate surplus according
to Eq. (6.18). They are namely, reducing the inner bearing clearance c to increase
the bearing stiffness coefficient so that the journal eccentricity e = c.e becomes
smaller; shortening the inner bearing width L;; reducing the rotor diameter
D (=2R); or decreasing the ring speed ratio. However, all these measures should be
thoroughly studied before applying them in turbochargers. They could cause some
disadvantages, such as the rotor instability, wear due to the bearing inner surface
reduction, increasing bearing friction due to mixed lubrication between the journal
and bearing, worsening transient behavior in the low end torque due to decreasing
the bearing ring speed, and finally oil coking in the inner bearing clearance.

Second, one increases the oil volumetric flow rate in the axial direction by
installing a few axial oil grooves in the inner bearing to compensate the oil flow
rate surplus. Therefore, the journal whirling amplitude reduces, leading to the
constant tone level reduction. However, wear could occur in the bearing because
lubricating oil does not sufficiently maintain in the bearing clearance, especially at
the start-stop-driving condition or highly unbalanced rotor at the trim balancing.

6.6.2 Passive Measures

The oil film damping effectiveness is defined by the ratio of the dissipated energy
in the oil film to the total energy of the vibration system per unit of radian.
The oil film damping effectiveness results in

or E — —_ — 6-30
4= on E, ( )

1 |E, Tewx> cw

[ } C2n(l?) ok

where ¢ is the oil film damping coefficient; k is the rotor-bearing stiffness
coefficient;x is the bearing displacement amplitude; o is the bearing whirl
frequency.

The outer bearing clearance is designed large enough to suppress the constant
tone level by increasing the damping effectiveness while transmitting through the
outer oil film of the bearing. However, an excessively large outer bearing clearance
could induce rotor instability because the bearing stiffness coefficient decreases.
Another possible measure is the large bearing outer diameter to increase the outer oil
film damping and stiffness coefficients; hence, the damping effectiveness of the outer
oil film increases in order to damp and suppress the constant tone level. However, the
ring speed ratio of the bearing reduces, leading to the bearing friction increase in the
rotor and therefore degrading the turbocharger transient behavior at LET. In addi-
tion, the turbocharger housing eigenfrequencies could be optimized to reduce its
resonance amplitude excited by the constant tone.
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Fig. 6.10 Constant tone levels at min—max inner bearing clearances measured in the bearing
housing [4]

Similarly, the stiffness and damping characteristics of the car frame and
periphery components neighboring the turbocharger could be improved by shifting
their eigenfrequencies to decrease the response amplitudes excited by the constant
tone (s. Chapter 7).

In the following section, two exemplary measures of reducing the inner bearing
clearance (active measure), and increasing the outer bearing clearance (passive
measure) are used to reduce the constant tone level of automotive turbochargers.
At the active measure, the diametral inner bearing clearance 2¢; is reduced from
15 to 23 pm. As a result, the constant tone level corresponding to the acceleration
is decreased from 8 m/s” at the maximum bearing clearance of 23 um to nearly
3 m/s? at the minimum bearing clearance of 15 pm, as shown in Fig. 6.10. This
result indicates that the smaller the inner bearing clearance, the lower the constant
tone level is. The reason is that the small inner bearing clearance increases the
bearing stiffness coefficient; therefore, the journal eccentricity becomes smaller.
Hence, the oil whirling volumetric flow rate reduces according to Eq. (6.18),
leading to the constant tone level reduction. On the contrary, the journal eccen-
tricity increases at larger inner bearing clearances 2¢; due to lowered bearing
stiffness coefficients, leading to higher constant tone levels. Note that, small inner
bearing clearances could cause bearing wear and oil coking in the bearing clear-
ance due to hard particle wear and high oil temperatures induced by the bearing
friction, respectively.

The passive measure of increasing the outer diametral bearing clearance 2c,
leads to decreasing the constant tone level. Measured results in Fig. 6.11 show that
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Fig. 6.11 Constant tone levels at min—-max outer bearing clearances measured in the bearing
housing [4]

the larger the outer oil film thickness, the lower the constant tone level is. The
large outer oil film thickness induces less bearing friction; the outer oil film
temperature is lowered, leading to increasing the damping effectiveness due to
large bearing whirl frequency in the outer oil film. Therefore, the outer oil film
damps the constant tone level while transmitting through the outer oil film. The
bearing friction in the outer oil film increases with reducing the outer bearing
clearance 2c¢,; hence, the oil temperature rises, leading to the oil viscosity
reduction in the outer oil film. As a result, the outer oil film damping effectiveness
is reduced by decreasing the bearing whirl frequency so that the constant tone level
is little damped while passing the outer oil film. As an example, the outer bearing
clearance 2c, is increased from 68 to 84 pm; the constant tone level corresponding
to the acceleration response is reduced from about 7 m/s* at the minimum bearing
clearance of 68 pm to nearly 4 m/s” at the maximum bearing clearance of 84 pm,
as displayed in Fig. 6.11. However, the outer oil film stiffness coefficient reduces
by increasing outer bearing clearances. Therefore, the rotor amplitude could
become unstable in the outer oil film, leading to bearing wear in the mixed
boundary lubrication between the bearing rings and bearing center housing. In this
case, it should be carefully proved which maximum outer bearing clearance fulfills
the rotordynamic stability condition in the operating speed range.
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Chapter 7
Eigenfrequency Modifications to Reduce
Constant Tone Level

Constant tone induced by the inner oil whirl is transmitted through the oil films
and periphery components neighboring the turbocharger, such as bearing center
housing, compressor housing, air filter, charge-air intercooler, exhaust-gas system,
and car frame to the vehicle cabin, as shown in Fig. 6.2. While the transmission,
the constant tone could excite the periphery components, especially nearby the
turbocharger. The resonance amplitudes occur when the component eigenfre-
quencies @.; and w.; equal the excitation frequencies of the inner oil whirl
W1ow,min and ®Wiow max, as shown in Fig. 7.1.

The response amplitudes of the periphery components additionally amplify the
airborne noise level at the bandwidth Af of the constant tone frequency. The
audible noises are usually considered as the constant tone, especially in the run-up
and slowdown phases at the frequency range between 400 and 600 Hz, as dis-
cussed in Sect. 6.5. Thus, the noise levels strongly depend on the vehicle char-
acteristics; as an example, the constant tone is inaudible in one car type; however,
it could be audible in another car type even with the same turbocharger. In this
case, the eigenfrequencies of the vehicle types are to blame for the airborne
acoustic quality.

The component eigenfrequency is calculated from the component stiffness
coefficient K and mass m [1, 4].

K

we =1/ (7.1)
Figure 7.1 shows the Campbell diagram of a periphery component nearby the
turbocharger. Every component eigenfrequency in the synchronous excitation line
1X equals the constant tone frequency; therefore, many resonances take place at
the cutting points between the component eigenfrequencies and constant tone
frequency bandwidth. The periphery component resonance amplitudes intensify
the airborne in the constant tone frequency bandwidth, as seen in Fig. 7.1. In this
case, the resonance amplitudes of the excited components are also audible in the

vehicle cabin, but not alone the constant tone induces the airborne noise.
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Fig. 7.1 Campbell diagram Excitation frequency bandwidth Af
of periphery components a)
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To reduce or avoid the intensified airborne noise, the component eigenfre-
quencies should be moved out of the constant tone excitation frequency range so
that no resonance takes place in the constant tone frequency bandwidth. According
to Eq. (7.1), one can vary the component eigenfrequency by either stiffening the
stiffness coefficient or reducing the component mass. As an example, the stiffness
coefficient is increased so that the minimum component eigenfrequency exceeds
the maximum constant tone frequency, as shown in Fig. 7.2. Thus, the response
amplitude is far from the resonance frequency and remains small, leading to
lowered airborne noise level. To increase the eigenfrequencies, the periphery
components should be tightened and damped in the engine, or their wall thickness
is increased. In the case of a long flexible air pipe, it should be fixed at some
damping supports between the pipe ends to increase its stiffness coefficient.
However, it is not always easy to stiffen all periphery components in the engine.

Fig. 7.2 Campbell diagram Excitation frequency bandwidth Af
of optimized periphery w
components

small amplitude

wlOW,min a)IOW,max (1)
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To detect noise of the engine components, a 3-D acoustic camera is used to
analyze and visualize the airborne noise field of the engine in different operating
conditions. Noise pressure levels are recorded by means of microphone arrays,
such as ring-shaped, spherical, or near-field planar arrays with to about 120
microphones. By using the analyzing and evaluating softwares, e.g., Software
Noise Image, the noise field-induced by the turbocharger itself and its periphery
components are visualized; the noise spectra diagram (Waterfall plot) is addi-
tionally displayed. This method is useful to detect which component stiffness
should be improved in the applied vehicle type.

Alternatively, the periphery components could be damped in order to reduce the
response amplitude |A| even at the resonance 7 = 1, as shown in Fig. 7.3. Note
that the more the damping ratio is, the lower the vibration amplitude responses.

The dimensionless damping ratio ( is defined by the ratio between the com-
ponent stiffness, damping coefficients, and mass [2, 3].

c
2V Km

In practice, the excited components are damped by elastomeric materials at the
supports in order to reduce the response amplitude. In fact, acoustic engineers have
to take the compromise between the periphery component improvement and costs;
rotor dynamic engineers have to reduce the induced noise in automotive
turbochargers.

(= (7.2)
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Conclusions

Besides the functionality of automotive turbochargers, the airborne noise level of
turbochargers has recently become a much more important topic, especially in
passenger vehicles. To analyze the noise sources of turbochargers, two flow
instabilities in the compressor have been studied in this book. First, the airflow
instability in the compressor causes rotating stall and surge, which induce the
growling and whining noise, respectively. Second, the self-excited instability of
the inner oil whirl in the rotating floating ring bearings, leading to the constant
tone (howling). In addition to these noise types, the residual unbalance after trim
balancing and unbalance changes after a long-term operating period generates the
unbalance whistle. All these are the noise sources induced in automotive
turbochargers of passenger vehicles. These uncomfortable noise types are
transmitted from the noise sources through the turbocharger itself, periphery
components nearby the turbocharger, and vehicle frame to the passenger cabin.
The noise pressure levels strongly depend on the car types; they are subjectively
evaluated by different drivers and passengers for the different car types in various
operating conditions.

The noise computational simulation of automotive turbochargers is much more
complex and difficult than computational fluid dynamics (CFD) because the noise
computational simulation involves many interdisciplinary simulations, such as the
noise generation simulation using CFD and computational nonlinear
rotordynamics (CNR) in the near-field, acoustic propagation simulation in the
periphery components neighboring turbochargers using computational
aeroacoustics (CAA) including linearized Euler’s equations (LEE) for linear
aeroacoustics, and acoustic perturbation equations (APE) using the Lighthill’s
equation for nonlinear aeroacoustics in the mid-field, and Far-Field simulation of
noise radiation into the environment outside the vehicle using the Ffowcs Williams
and Hawkings equations (FWHE), which is based on the integral methods using
finite element method (FEM) and boundary element method (BEM) for solving the
noise pressures of the nonlinear FWHE and Kirchhoff-Helmholtz integral
equations. Mostly, the BEM is used to solve the Kirchhoff-Helmholtz integral
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equation with aero- and rotordynamic noise sources by summation of the induced
noise pressures over the boundary surface for three-dimensional acoustic field
problems. Therefore, it is a big challenge in the near future to develop a
commercial computational code for nonlinear aeroacoustics, fluid dynamics, and
nonlinear rotordynamic simulations of automotive turbochargers in which the
periphery components nearby turbochargers are taken into account in passenger
vehicles.

As a matter of fact, the acoustic evaluation usually comes at the end of the
product development phase because the new vehicle model has never existed long
before its launching on the market. Therefore, airborne noise could not be
evaluated in the hot gas test rig in advance since the acoustic quality in the vehicle
cabin depends on the different influences of the vehicle frame and periphery
components nearby turbochargers. Sometimes, modified radial bearing types must
be applied in a certain new car model although they have not yet been thoroughly
evaluated for durability and wear in a long-term operating period. For this reason,
the airborne noise should be deeply understood so that one can react and improve
much more quickly at the end of the development phase, just shortly before the
start of production (SOP) for every customer’s vehicle model.
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Appendix A
Thermodynamic Characteristics
of Perfect Gases

Some essential thermodynamic characteristics of gases are required to be known in
turbocharging. They have usually been applied to the turbocharging of downsized
engines where the charge air and exhaust gas are assumed as perfect gases.

Total temperature 7, in Kelvin (K) is resulted from the sum of the static T (K)
and dynamic temperatures Ty, (K). The static temperature is measured at the wall
where the gas velocity equals zero due to the viscous boundary layer.

=T+ Tdyn
V2 (A1)
= Ts +—
2¢p
where
v is the gas velocity;
¢p is the heat capacity at constant pressure.
Total pressure p, is calculated from the isentropic gas equation of

_ (L)_‘
pt - ps T, ) (AZ)
(1 + 57 M2)

where
P 1s the static pressure;
K = ¢,lc, is the isentropic exponent of gas;
¢, is the heat capacity at constant volume;
M = v/c is the Mach number of gas;
¢ = the sound speed is calculated with the gas constant R,,.

¢ = VKR, T, (A.3)

Specific total enthalpy A, is resulted from the sum of the gas specific enthalpy
and specific kinetic energy of gas.
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V2

m(T) = h(T) + (A.4)

The gas specific enthalpy & (enthalpy per mass unit, J/kg) is defined by
h(T) = c,(T — Tp)
=Mﬂ+% (A.5)
=u(T) +R,T
within
p is the gas density;

T, is the reference temperature;
u is the gas specific internal energy.

The gas specific internal energy equals the product of the heat capacity at
constant volume c¢, and temperature difference of gas AT.

u(T) = c,(T — Ty) — R, Ty = ¢, AT — R, Ty (A.6)
where the gas enthalpy at T = 273.14 K (0 °C) is defined by
hTy) =0 (A7)
Thus, one obtains the gas-specific internal energy according to Eq. (A.7)

M(T()) = —RaTQ (AS)



Appendix B
Transformation of Coordinates

The discretized noise pressure equations in the local orthogonal coordinate
system (&, &, &3) of the finite element grid must be transformed into the global
Cartesian coordinate system (xj, x,, x3) in the FEM computation, as shown in
Fig. B.1. To carry out this transformation, some necessary mathematical
backgrounds are briefly described. More details can be found in many literatures
[17, 21, 22].

The position vector r in the control volume V is written in

e the Cartesian coordinate system (x, x5, X3)

r=xe; + xe; + x3e;3. (B.1)

e the curvilinear coordinate system (&, &,, £3)

r==¢g + 68+ &g (B.2)

Fig. B.1 Transformation of X,
coordinates Cartesian coordinate system (x;, X,, X5) ‘

E

Curvilinear coordinate system (51, g, é})
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where e, e,, and e; are the covariant basis vectors (unit vectors) of the Cartesian
coordinate system;

g1, 2>, and g3 are the covariant basis vectors (non-unit vectors) of the
curvilinear coordinate system;

X; is the covariant vector component of r for i = 1, 2, 3;

¢, is the covariant vector component of r for i = 1, 2, 3.

The covariant basis vectors tangent to the curvilinear coordinate are defined by
using Einstein summation symbol.

6r a(x,e,)

axj Ox]
aéz Z @fz

The contravariant basis vectors normal to the surfaces (¢; &) of the curvilinear
coordinate system are given by

(B.3)

3
g = %em = Z%em (B.4)

The scalar product of the co- and contravariant basis vectors is given by

. Ox 0& o¢; -
g8 = 3 o —Leen = @ =3 (B.5)

where 8, is the Kronecker delta; 6, = 0 if j # k; S =1 if j = k.
The metric coefficients of the curvilinear coordinate system are defined by

e Covariant metric coefficient:

8ij = 8i8j (B.6)
e Contravariant metric coefficient:

g=gg (B.7)
e Mixed metric coefficient:

gl =g.g (B.8)

A fluid vector v can be formulated in the curvilinear coordinate system
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v =vlg, +v%g, +v’g; = vig;(covariant basis vectors) (B.9)
=vig' +vg® + vag’ = vig'(contravariant basis vectors) '

where

vl v2, v are the contravariant vector components (raised indexes);

V1, Vo, V3 are the covariant vector components (lowered indexes).

The Jacobian determinant is applied to transform the coordinates and are given
by

Qa  on o

06, 0% 0& o Ox: a
Ox dx, Oxp | Xi Xj Xk \ e o
6—5 E a_éi = gijk (a&) (a@) <663>’ Vl,], k = 1, 2, 3. (BlO)

Qg O Oy
06 0&H  0G

~
M1l

within g is the permutation symbol defined by

0 ifi=jorj=k,ork=1i
gk = ¢ 1 ifijkisaneven permutation(= 123) (B.11)
—1 ifijkis an odd permutation(= 132)

In an orthogonal basis, the Jacobian determinant is resulted from Eqs. (B.3),
(B.6), and (B.10).

J=/811 82 8% (B.12)

Using Eq. (B.10), the infinitesimal volume dV is computed in the curvilinear
coordinate system.

dV = dxdxrdxs
= dX'(dX* x dX*)

ox; Ox; 0 B.13
) (e ()

=J.(d&d5dEs)

where the vector dX' is defined by
T
i oy O0x o O S
ax =& & k] vi-123 (B.14)

The velocity v does not change at changing the coordinate system. Therefore,
the volume integral of the velocity v depending on x; = x; (&, &, &3) fori =1, 2,
3 over the control volume V is resulted from Eq. (B.13).

/ b1, 2, 2)dV = / W(Er, &, ENIdEdEndEs (B.15)

Vv Vv

Similarly, the surface integral of a function ¢(X) is calculated over the
tangential surface S; in the curvilinear coordinate system, where X(4;, 4,)
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parameterizes the surface S in the Cartesian coordinate system.

, 0X 0X
N St

The coordinate transformation gives the operators written in Einstein
summation convention in the curvilinear coordinate system:

e Gradient operator of a scalar function of ¢ = @(&;, &, &3)

op ;
Vo = e 8 =08 (B.17)

e Divergence operator of a vector v = v(v', v*, v°)

_ 0 i = %)j <%) }
VY=g e = Kaéi Ve )88 (B.18)

i k
=v; + vy

where the first term on the rhs of Eq. (B.18) defines the derivative of v with
respect to &;.

v
Jo=_ B.19
=% (B.19)
The Christoffel symbol of the second kind is defined by

. 0%k, 0§
I = R B.20
* = 3208, B (B.20)

e Curl operator of a vector v = v(vy, v, V3)
Vxy =gy x(gv)=g"xgvi+g"xgv
g (&'vi) =g x g'vik +8° x ghvi (B.21)
— 6klmgmvi,k

where ™ is the permutation symbol given in Eq. (B.11);
The third term on the rhs of Eq. (B.21) defines the derivative of v; with respect

to ik-

_ aV,‘
Vik =

— B.22
* =55 (B.22)



Appendix C
Solutions of the Characteristic Equation
with Complex Coefficients

The characteristic quadratic equation with complex coefficients is derived from
the vibration equation.

D(s)=s*+ (a+jb)s+ (c+jd) =0 (C.1)
where

s = (0% jw,) € C are the complex eigenvalues;

a, b, ¢, d € R are the real numbers.

By solving the characteristic equation D(s) = 0, the eigenvalue s results in

b b P
sm:—(“z] )i\/(’? ) —(c+jd) = o +jo, (C2)

After calculating and rearranging the real and imaginary terms of the
eigenvalue, one obtains [8]

i\% (“2;b2—c)+\/<a2;b2—c>2+(azb—d>2 (C.3)

o= —

NSRS

and

b, 1 @ — b - \* (ab \°
o=t L) (B2 (2 a) | s

Necessary condition for the rotordynamic stability is that the real term o of the
eigenvalue must be negative.
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l 1
w=-S4—[-E+VE+F| <0 (C5)

2 V2
within
=S50 -o) - -(555) + (o)
Fe <32b _ d) (C.7)

Thus, the stability condition (¢ < 0) for the rotor given in Eq. (C.5) becomes
after a few calculation steps.

a(ac+bd)—d*>0 (C.8)



Appendix D
Stability Condition of Linear
Aeroacoustics

The eigenvalues analysis is based on the free vibration response of the linear
vibration. The free vibration response is resulted by superimposing the harmonic
components of the linear aeroacoustic system without excitation of noise source.
In fact, the free noise vibration response is exactly the homogeneous solutions of
the vibration equations. Each harmonic component has a complex eigenvalue in
which the imaginary part is the eigenfrequency (natural frequency) of the vibration
system; the real part indicates the stability characteristic of the vibration system.

The free noise vibration response of the system is written in

r(e) =) rie" (D.1)

where

r; is the response amplitude corresponding to the eigenvalue;
A; is the complex eigenvalue of the eigenmode i;
N is the number of degrees of freedom (DOF) of the vibration system.

The complex eigenvalue consists of the real and imaginary parts.
L=otjoy, (D.2)

within « is the real part of the eigenvalue, called the growth/decay rate; w, is the
imaginary part of the complex eigenvalue (eigenfrequency or damped natural
frequency).

Substituting A into Eq. (D.1), one obtains the vibration free response by
applying Euler’s theorem.
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r(t) = rlﬁme“”e’“” + Z ripwe’'e —Joit
i=1
N
ripwe’ [cos(w;t) + jsin(w;t)] + Z ripwe™ [cos(—aw;t) +jsin(—w;t)]
=1

N
i=1

N
i=1

= x(t) +jy(1)
(D.3)

The parts in the square brackets [ ] in Eq. (D.3) are the harmonic vibrations with
the eigenfrequencies of the forward and backward frequency components. Hence,
the maximal amplitude is limited at 1 at any time ¢. On the contrary, the terms in
front of the square brackets [ ] containing an exponential function exp (o) change
with time. The amplitude of the noise response depends on the growth/decay rate
;. If the rate o; is positive, the noise amplitude increases with time without limit.
The noise response is unstable at any positive rate o; therefore, o is the key
parameter for the stability analysis of the noise in the linear aeroacoustics.

Cases of the growth/decay rate o for the noise response behavior:

e o < 0: stability;
e o = 0: onset of instability (threshold of instability);
e o > 0: instability.

At a decay rate (x <0), the vibration amplitude with the frequency w
diminishes in a short time. The envelope of the vibration is the exponential
function ry.exp («t) that begins from the initial position ry at time f = 0 and
decreases with time to zero. The corresponding forward orbit decays from the
initial position ry to zero as t— co.

On the contrary, at a growth rate (« > 0), the vibration begins at the initial
position and increases with time exponentially; therefore, the vibration is unstable.

At the rate of o = 0, the vibration amplitude is unchanged with time, neither
decreasing nor increasing with time because the amplitude of the function ry.exp
(ar) always remains constant at r, at any time ¢. The noise vibration moves in a
circular orbit that is called limit cycle, which occurs in the Hopf bifurcation. The
vibration is at the threshold of instability (onset of instability).

To study noise vibration stability, the complex eigenvalues A are analyzed in
the A plane, as shown in Fig. D.1. The complex eigenvalue and its conjugated
eigenvalue have the common real part and opposite imaginary part with positive
and negative signs that correspond to forward and backward damped natural
frequencies. If both these eigenvalues lie in the half-left plane (o < 0), the noise
vibration behavior is stable; on the half-right plane (« > 0), it is unstable. In case
of the threshold of instability (o« = 0), the noise vibration moves with the damped
natural frequency w, at the constant amplitude, neither decreasing nor increasing
with time.
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Im(L) = @,
threshold of
instability

A
forward whirls
backward whirls
70
stable

Fig. D.1 Stability analysis in the A plane

In order to maintain the noise vibration in a stable condition, all eigenvalues of
the vibration system must lie on the left half-plane, so that the growth/decay rates
are always negative. In this case, there are two possibilities, as shown in Fig. D.1:

e When they locate in the upper left half-plane, the vibration response is a stable
forward whirl and decays with time from the initial position to zero.

e When they locate in the lower left half-plane, the vibration response is a stable
backward whirl and decays with time from the initial position to zero, but the
whirl direction is opposite to the forward whirl.



Appendix E
Routh-Hurwitz Stability Criterion

Characteristic equation is a polynomial equation of n™ order.
D(A) =a, "+ ap )"+ @) a4 ag=0 (E.1)
where

A are the complex eigenvalues with 4 = o + jog;
a; is the equation coefficients, i = 0, 1, 2,..., n;
n is the polynomial exponent that equals twice DOF (n = 2 N).

Having used the Gauss theorem, Eq. (E.1) can be written in the polynomial with
the n order of / where /; are the roots of D(A).

D(2) = an(h— 1) = Ja) -+ (3= dnr ) (0 — J) (E.2)

Finding the roots J; of the polynomial D(1) in Eq. (E.1) is quite difficult,
especially at a large number of DOFs. In fact, it need not be known the exact
values of the roots /;, but only the real parts o of the eigenvalues are necessary for
the stability analysis. In this case, the Routh-Hurwitz stability criterion is applied
to analyze the eigenvalues in linear vibration system.

According to the Routh-Hurwitz criterion, the vibration response is stable when
the following two conditions are satisfied:

1. All coefficients g; in the characteristic equation (E.1) must be nonzero and have
the same positive or negative signs (necessary condition).

2. Hurwitz determinant D,,_;, and its diagonal determinants D; fori = 1, 2,...,n—2
must be positive (sufficient condition).
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where the coefficients a,_; equal zero at all negative indices (n—i) for i = 0,

1,..., n.

The Hurwitz determinant D,_; and diagonal determinants D; for the
characteristic equation D(1) of n order (n = 2 DOF) can be written in

D, = |an—l| > 0;

a,;— ay—
D2 _ n—1 n—3 - 0’
ap ap—2
ap—1 Qp-3 dp-5
D3 = a, ap_y ap4|>0...
0 ap—1 ap-3
ap—1 Qap-3 dp-s 0
Ap ap—2 Qp—4 0
0 a1 a- 0
Dn72 — n—1 n—3 > 0.
0 a, Q> ap
0 0 as  aj
0 0 as ap
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Backward swept, 47
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Beat phenomena, 41
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D (cont.)

Diffuser, 53

Dirichlet boundary condition, 30
Discrete Fourier Transform (DFT), 81
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Downsized engine, 2
Downsizing, 1

DPF, 15

Dynamic instability, 58
Dynamic temperatures, 117
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Dynamic viscosity, 98, 100, 101
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Eccentricity, 64, 65
Eigenfrequency, 109, 125
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Euler’s turbocharger equation, 51
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Laplacian operator, 24
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R
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Reynolds lubrication equation, 77, 99
Reynolds number, 35
Rigid rotors, 63
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Robin boundary condition, 30
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Rotating floating ring bearings, 101
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Routh-Hurwitz criterion,
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Shop balancing, 63, 65
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Static instability, 58

Static temperature, 117
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T
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V (cont.)
Volume velocity, 26
VVT, 1

w
Waterfall plot, 35, 41, 81
Wave equation, 24

Wavelength, 26
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Whining noise, 11

Index



	Aero and Vibroacoustics of 
Automotive Turbocharger s
	Preface
	Contents
	Abbreviations
	1 Introduction to Turbocharging
	1.1…Introduction
	1.2…Applying Turbochargers to Downsized Engines
	1.2.1 Single-Stage Turbochargers with EGR
	1.2.2 Biturbochargers
	1.2.3 Two-Stage Turbochargers
	1.2.4 Turbo Compounds

	References

	2 Induced Noise Types
	References

	3 Acoustic Propagation Theory
	3.1…Aeroacoustic Characteristics
	3.2…Acoustic Propagation Equations
	3.3…Computation of Acoustic Propagations
	3.3.1 Computational Methods
	3.3.2 BEM for Aeroacoustics
	3.3.3 FEM for Aeroacoustics

	3.4…Frequency Modulations of Nonlinear Aeroacoustics
	3.4.1 Responses of Nonlinear Aeroacoustic Systems
	3.4.2 Modulated Noise Sideband Frequenciesmodulations

	References

	4 Analyzing Root Causes of Noise
	4.1…Aerodynamic Noise
	4.1.1 Root Causes of Aerodynamic Noise
	4.1.2 Aerodynamics of Radial Compressors
	4.1.3 Stall and Surge in Radial Compressors

	4.2…Unbalance Whistle
	4.2.1 Root Causes of Unbalance Whistle
	4.2.2 Unbalance Types of Turbochargers
	4.2.3 Unbalance Change
	4.2.4 ICM Trim Balancing

	4.3…Subsynchronous Constant Tone
	4.4…High-Order Harmonic Noise
	4.5…Wear Noise
	References

	5 Computational Nonlinear Rotordynamics of Turbochargers
	5.1…Vibration Equations of Automotive Turbocharger Rotors
	5.2…Two-Phase Reynolds Lubrication Equation
	5.3…Nonlinear Bearing Forces
	5.4…Boundary Conditions of Nonlinear Rotordynamics
	5.5…Computational Results of Turbochargers
	References

	6 Subsynchronous Constant Tone
	6.1…Transmitting Way of Airborne Noise
	6.2…Constant Tone Root Causes
	6.3…Constant Tone Analysis 
	6.4…Calculating Ring Speed Ratio
	6.5…Pre and Post Constant Tone
	6.6…Measures of Reducing Constant Tone Level
	6.6.1 Active Measures
	6.6.2 Passive Measures

	References

	7 Eigenfrequency Modifications to Reduce Constant Tone Level
	References

	Conclusions
	Further Reading
	Appendix A Thermodynamic Characteristicsof Perfect Gases
	Appendix BTransformation of Coordinates
	Appendix C Solutions of the Characteristic Equationwith Complex Coefficients
	Appendix D Stability Condition of LinearAeroacoustics
	Appendix E Routh-Hurwitz Stability Criterion
	About the Author
	Index




