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Preface

The sciences of thermodynamics, heat transfer and fluid mechanics play an important role in many applied
areas where they cannot in practice be considered in isolation from each other. However, this is often not
immediately apparent because they are usually taught, discussed and researched as separate subjects, an
approach which sometimes inhibits both the fundamental understanding of and the ability to apply them. To
overcome this, a thorough grounding in at least one practical application is desirable in order to obtain a good
understanding of their interaction and integration, If this happens to be an area where the appropriate
machinery is readily available for use and examination, so much the better, particularly if it is one which many
find interesting and stimulating. Omne such application is in the field of internal combustion engines which is
itself a sub-set of the broad and fascinating area which covers the production of useful work and power. Work
producing machinery (engines and power plants) cannot be properly understood, evaluated and optimised
without a detailed knowledge of the above thermo-fluid subjects and the way in which they are linked. In
addition, while these engines may obtain their energy from a variety of sources, for example, from nuclear
processes or from solar radiation, the vast majority, at the present stage of our technological development,
derive their power from combustion, internal or external, prmmpally that of fossil fuels. For these, the
fundamentals of combustion, often linked only with chemical engineering, must also be considered in
conjunction with the above three sciences which are regarded as fundamental to both mechanical and chemical
engineering. In this text, concepts for all of these sciences are developed together so that the reader can have,
in the one book, the means of integrating them and understanding the way in which each impinges on and
interacts with the others. While this should provide a background for engine design, analysis and modelling, it
"is hoped that the reader will be able to translate this approach to a great many other thermodynamic devices.

Combustion engines operate using either internal or external combustion, this terminology referring
respectively to whether or not the combustion processes take place within or separate from the engine working
fluid. Both types are common. The first covers most of the small to medium size engines used in transport and
stationary applications, these being, spark ignition (S.1.), compression ignition (C.I. or "diesel"), reciprocating
engines and most gas turbines. The second, external combustion is now largely confined to electrical power
generation which utilises large steam turbines for the initial conversion of the primary energy source to useful
work. With these, the working substance is continuously recycled. Other external combustion types with
which the reader may be familiar are some (rarely used) forms of large, stationary gas turbines, "Stirling cycle"
engines and the reciprocating, locomotive type steam engines . In this text, only internal combustion engines
will be considered, and these include both the "steady" flow gas turbine and the "unsteady”, intermittent flow
reciprocatin s. Together, they provide adequate scope for the development of a comprehensive
understanding of the above sciences. They are readily available and well understood mechanically in their role
as propulsion units for aircraft and automobiles respectively.

Some of the mgsg_gglgjlmdilpw heat transfer and combustion processes which are possible occur in
the operation of internal combustion engines because of the constraints imposed by the working fluid and the
wide range of operating conditions. Reciprocating internal combustion engines in particular provide a major
challenge to combustion researchers and computer modellists because of the short time duration available for
the gas exchange processes, fuel addition and its preparation as a mixture for combustion, the ignition of this
mixture and the combustion process itself. While many of the physical concepts have been known for many
years, the modern emphasis on clean, energy efficient engines which still retain ex exc:ellc:A_response
charcteristics has placed great pressure on researchers designers and manufacturers to improve their
understandmg of the fundamental engine processes. Thus, there is substantial continuing research and
development in this area. Internal combustion engines are therefore excellent devices to use as examples for an
advanced study of the thermal/fluid sciences.

A normal learning approach to any of the above fundamental areas is linear in the sense that the theory is
developed from the basic ideas through to more complex ones with a few applications usually being dealt with
at the end of a course. Thermodynamic texts are typical of this approach. A usual approach provides basic
material on ideal gas properties and a tabular approach to the liquid-vapour transition states together with a
fairly thorough study of the First and Second Law of Thermodynamics using the property values so obtained.
This is followed by a more re detailed discussion of properties and some simple w
approached from a chemical viewpoint. Finally, a section on basic cycle analysis of engines and heat pumps
completes the book. The t thermodynamics texts referenced at the end of Chapter 1 tend to follow this approach

dynamics and, sometimes heat transfer and combustion is avallable and the average student may have to make




up the deficiency by isolating the appropriate sections in more fundamental works. The present text is aimed at
providing a link between these approaches. While it assumes that the very basic material has been covered in a
first course, it refers frequently to these fundamentals so that they are revised in the readers mind. In its
structure, it reverses the normal logic by immediately examining cycle analysis in detail, pointing out the
advantages of a simple procedure and where it must be improved in order to reach the stage where advanced
development can occur. In doing so, the appropriate knowledge in the relevant fundamental engineering
sciences is highlighted. In summary, this text assumes that the reader has a basic (that is, a first course)
knowledge of flnid mechanics, thermodynamics and heat transfer with perhaps a very rudimentary feel for the
chemistry of combustion. The objective of the book is to develop a more sophisticated awareness of these
subjects while at the same time introducing the reader to a fundamental understanding of internal combustion
engines.

Once the link between fundamentals and application is perceived in one device, a similar association can be
more easily established for mamy other applications. In this book, the "engine" serves as a vehicle for relating
advanced theory to engineering practice, while the book serves in part as a fundamental treatment of engines in
particular and the applied thermal sciences in general. It is not intended as a replacement for either the many
very good thermodynamics, combustion and gasdynamic texts such as those referred to above which give a fuil
treatment from the very beginning of their particular subject or for the excellent engine text books which
assume a great deal of specialised knowledge at the outset. Indeed, it would be desirable if many of these are
studied simultaneously with this text, The intention of this work is rather to give an eclectic approach to the
individual subjects with applications focussed on engines, these being a well known group of devices.

B. E. Milton
May 17, 1993

The book was slightly revised for the second printing in 2001. The changes include updating some of the
material and corrections to the original text. However, the overall thrust of the book and its contents remains
the same. For the third printing in 2005, an additionat chapter, Air and Fuel Flows in Engines has been added.
This contains additional material and relocates some from other chapters in th previous editions. It is aimed at
clarifying and emphasising the importance of both the air and fuel flows in engines.

B. E. Milton
March, 2005



Useful data

The following is some abbreviated data that may be useful to the reader. More comprehensive data is available
in the specialized texts listed in the section Further reading at the end of this book.

(a) General
Universal gas constant Ro = 8314.3 Jkmol 'K
Gravitational constant g=98lms>
Avagado number Na = 6.023 x 10* kmol™
Planck constant h=6.626 x 10> Js
Boltzmann constant k=1.380x 10% JK'
Velocity of light ¢ =2.998 x 10° ms"
Stefan-Boltzmann constant s=567x 10® Wm’ kK™
(b) For air

Specific gas constant R =287 Jkg'K"
Molecular mass M = 28.97 kgkmol’
Standard atmospheric conditions 101.3 kPa, 298 K

Specific heat at constant pressure ¢, = 1004.5 Jkg 'K
Specific heat at constant volume ¢, =717.5 Jkg'K*!
Isentropic index y=1.400

Absolute viscosity (at 1 atm.) p=184.6 x 10" kgm's
Thermal conductivity k=263 x 10> Wm'K"
500K

Specific heat at constant pressure c, = 1028.6 Tkg 'K
Specific heat at constant volume ¢, = 741.6 kg'K
Isentropic index y=1.387

Absolute viscosity (at 1 atm.) n=270.1 x 10”7 kgm''s™
Thermal conductivity k= 40.7 x 10° Wm'K"
1000K

Specific heat at constant pressure c, = 1141.2 Jkg 'K
Specific heat at constant volume ¢, = 854.2 Jkg 'K
Isentropic index y= 1336

Absolute viscosity (at 1 atm.) p=424 x 107 kgm''s”

Thermal conductivity k=66.7 x 10° Wm 'K



(c) Atomic masses of common substances used in engines

Substance Atomic mass
Carbon, C 12.01
Hydrogen, H 1.008
Oxygen, O 16.00
Nitrogen, N 14.007

(d) Typical higher and lower heating values of some common fuels

Higher (M7 kg™) Lower (MJ kg”)

Petrol (gasoline) 57.3 44

Distillate (light diesel)’ 44.8 425
Fuel oil (heavy distillate) ' 438 41.4
Aviation fuel (kerosene)’ 44.0 42.0
Natural gas® 51.7 47.7
LPG - 50.2 50.0
Propane 50.3 46.4
n-Butane 495 45.7
n-Octane 479 44 4
Methul aicohol (lig.) 227 19.9
Ethyl alcohol (liq.) 29.7 26.8

'Values may vary slightly due to composition of fuel. They are representativew values only. “Composition
varies considerably. Typical sample for above data: 90.9% methane, 1.1% propane, 0.3% butane, 2.4% carbon
dioxide, 0.3% mnitrogen. *Composition varies considerably. Typical sample for above data: 90.0% propane,
5.0% butane, 5.0% propylene.



Introduction to internal 1
combustion engines

1.1 THERMODYNAMICS, COMBUSTION AND ENGINES

The topics, thermodynamics, combustion and engines are important elements of the engineering baf:kgrom}d
of either a generalist or a specialist engineer because they examine the principal way in which energy is uspgvl,r_l
society. While they are studied in many engineering courses, they are often areas in which both students and
practitioners do not feel comfortable. This particularly applies to the first two in that the concep ’;ts (?f
thermodynamics are perhaps considered t00 abstract for a practical approach while the area of combustion is
still regarded as ill-defined and intuitive, Engines, however, are concrete examples of practical devices well
Known to ail but which are currently evolving rapidly because of the requirements of greater fuel efficiency, low
emission levels and possible future changes in their fuels and they therefore now require a much better

understanding of the fundamental sciences on which their design and development is based. So by studying.

both simultaneously, an understanding of both the more abstract science of thermodynamics and the broad
technology of combustion can be enhanced by illustration from these well known mechanical devices, engines.
This book is intended to be used for that purpose while simultaneously providing a scientific background
sufficient to provide progression to further more specialised engine studies.

A few definitions are required.

Thermodynamics is the science which studies the conversion and interchange of energy in its various
- forms with particular regard to work and heat transfer. It requires the understanding of both the energy related
" aspects of the properties of matter and the laws which govern the interchanges, these being designated as the
(four) laws of thermodynamics. From an engineering perspective, the amount of useful work and power which
can be obtained (or used) via a machine can be evaluated by first law studies whilst the possible efficiencies of
the interchange is governed by the second law. It is assumed that the reader has undertaken a basic
thermodynamics course, is familiar with these laws and has a cursory understanding of the thermodynamic
properties of such substances as ideal gases and steam. This text starts from that point and undertakes a
thorough thermodynamic analysis of engine cycles with the necessary additional background being given for
~ the evaluation of high temperature and non-ideal gas properties relevant to them. Some revision of basic
. thermodynamics is required and the reader is referred to the books classified as thermodynamics texts at the
end of this chapter. These are only a selection of the many excellent texts on this subject and a wide reading is
recommended.

Combustion is the process of oxidation of molecules, usually carbon, hydrogen or hydrocarbons which
occurs readily at high temperature with the release of energy. That is, the process is exothermic. If the energy
release is sufficient, the process is self-sustaining and may liberate further energy in the form of heat and light
for useful purposes. The importance of combustion can be understood when it is realised that the vast majority
of the energy currently consumed worldwide is obtained from the combustion of fossil fuels and even if
renewable sources eventually provide much of the world's energy, it is probable that a high proportion of these
will continued to be utilised through combustion because of the need for energy storage and the advantage of
combustible substances in that respect. While combustion in the form of simple fires has been an important
facit of human technology since the beginning of civilisation, it is surprisingly poorly understood. This is
because a thorough knowledge of a great many factors involved in the process is required and some, such as the
interaction of combustion and fluid mechanics is still being refined. Factors such as the fuel compositign, the

for the reaction are important and these are quite variable between different devices and the different operating
regimes of any one device. Combustion is therefore a complex topic and has in the past been viewed by many
engineers as, at best, a cross between an art and a science. However, modern research and numerical modelling
have removed much of its intvitive nature making the design of combustion devices more amenable to a fully
scientific approach. Using the steady flow gas turbine and the unsteady flow reciprocating engines as a
background, this text builds up ideas on the intricacies of the combustion process. Several basic texts on
combustion are listed at the end of this chapter.

Engines, are the machines which are used for the production of useful work and power. Strictly, a single
process machine, for example, the devices for hurling rocks at castle walls in mediaeval times, can be called an

U
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engine but in modern parlance, the word is generally reserved for a machine with a continuous output for at
least a short period of time. Thus, the pri rime focus is more on its power. There is some overlap in the use of
the words engine, motor and power plant and they are, to some extent, synonymous. Engine is the term most
likely to be used for combustion machines in the small to intermediate power ranges (from less than 1 kW to
say, around 400 kW), motor for devices using a seconda_ry energy carrier such as electricity as an energy source
(although in transport it is also in common usage for mobile, combustion units) and power plant for large
stationary units. In general, all combustion engines work on a cyclical basis, taking in energy at high
temperature and rejecting it at a lower value. A cycle of this type is termed a thermodynamic one with a series
of processes being repeated continuously implying that the same thermodynamic states are reached repetetively.
Cycle analysis is therefore a fundamental part of the thermodynamics of engines and will be examined here
with the aim of giving an appreciation of the complexities that are required to closely simulate engine
operation. It should be noted that this text concentrates on internal combustion engines and a further general
discussion on them will be given in the later sections of this chapter. Again, a number of excellent texts are
available either on internal combustion engines as a whole or on aspects of their operation and these are noted
at the end of the chapter.

1.2 COMBUSTION ENGINES

The majority of engines use combustion for their energy supply although other types do exist, these being, for
example, those powered by nuclear, solar or wind energy sources.
Combustion engines may be immediately classified in two groups, these being:

e FExternal Combustion Engines In these, the working substance and the hot combustion products are
different fluids and are separated by a conducting wall. That is the air, fuel and combustion products
which are continuously exchanged do not at any stage contact the moving parts of the engine. This is the
function of the separate working substance which is continuously recycled through the various components
of the machine. External combustion engines include steam engines of various types (rec1procatmg and
turbine) and Stirling cycle (air or other light gas) engines.

o Internal Combustion Engines Here, the hot combustion gases themselves become the working substance
and energy is transferred directly from them as work. They can be reciprocating types, of either the spark
ignition (SI) or compression ignition (called either 'diesel’ or CI) which have intermittent flow and
combustion processes or a variety of continuous types such as gas turbines and rocket engines.

Although at first glance, it may seem simpler to combine the functions of the combustion and working fluids,
the problems with internal combustion engines are to some extent greater than external combustion because, in
the former, the moving parts are themselves subject to the high temperature gases at some stage during the
cycle. However, their advantage lies in their having fewer components (although not necessarily moving parts)
and therefore lower wgight and size for a given power output. In the continuous flow types, the temperatares of
the moving components can become severe and much of the progress in their development is limited by this

aspect. In the W combustion occurs during a limited part of the cycle only. Thus many
problems exist in continually initiating combustion and effectively transferring the heat energy to mgchanical

work in the short time period available. This text deals with air breathing internal combustion engines and
examines the the;gg_dzgg;n;gs_of the cycles, co/mbusgmrocesses working substance (gas) exchange, heat

transfer and other aspects which are important in maximising work_output and efﬁmengy and minimising
exhaust emissions.

e et

1.3. BRIEF HISTORICAL REVIEW OF INTERNAL COMBUSTION ENGINE DEVELOPMENT
1.3.1 Reciprocating engines

It is not the intention of this section to fully discuss the history of the reciprocating, internal combustion engine.
That is an immense task and the interested reader is referred to the book, "Internal Fire" by Commins (1976)
which deals with this in full. What follows is a simple overview which will perhaps give the reader an
introductory assessment of the problems which engine designers faced, what sort of problems were overcome
and what concepts still need further consideration. In the future, new ideas or development of old ones will
emerge which will further challenge designers.

Reciprocating internal combustion engines were developed before the arguably simpler concept of
rotodynamic (turbine) types and became successful units in the latter half of the nineteenth century. Some
attempts at creating a gas turbine did occur about the beginning of the twentieth century but successful types
did not appear for almost fifty years. While this was undoubtedly due to some difficult aspects of their design
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which will be explained later, the initial concentration on reciprocating types was probably due to their likeness
“to the cannon which was a well developed, early combustion driven apparatus. Since its inception, the
reciprocating internal combustion engine has undergone considerable development although its overa]l bgsis
has remained substantially similar for a long period. It exists in the spark ignition (SI) form in the smaller
range and the compression ignition (CI) in the larger although these two overlap to a large extent. While
development has in fact proceeded continuously over the whole period, it is useful to view it in three stages
because of the prevailing emphasis in each particular period. These can perhaps be grouped as a first stage of
initial concepts and invention when the basic understanding of engine operation was underway to produce
reliable machines similar in overall design, if not in detail, to those currently in operation, an intermediate
period of consolidation (which includes both World Wars) when the requirements of high specific power and
high reliability were at the forefront and a final period of refinement driven by the need for the improved

- emission levels and efficiency necessary for the constraints of a highly populated, high energy consnming
- modern world.

Initial concepts and inventions - The early period

External combustion engines, in the form of the steam engine, pre-dated the first successful internal
combustion engine by several centuries. This was partially due to the comparative ease of the continuous
combustion process combined with the high specific heat capacity of steam making heat transfer from the
burner to the working fluid the obvious choice. However, these engines were large and the small power unit so
conveniently obtained from internal combustion was delayed for a very long period because the processes for
creating a successful engine of that type were not understood. It is not surprising that, when the first internal
combustion engines appeared, they followed the then cusrent steam engine practice of using reciprocating
pistons in cylinders. This also tied in with the concept of an engine based on the operation of cannons which
conld, with some licence, themselves be described as the first successful internal combustion engines and which
~were certainly the devices on which the earliest I.C. engine designs were founded.

Thus, internal combustion engines developed from two lines. of thought, the cannon and the steam engie.
Based on the first, Frenchman Denis Papin in 1690, produced a device in which exploding gunpowder was
used to compress air but it was a further century until the next development, more akin to the workable
approaches of later engines, by Englishman Robert Street who, in 1794, patented an engine which was to use a
mixture of vapourised turpentine. and air, This apparently was not built but, in the early 19th century, the
combustible gas then being obtained from coal stimulated the invention of several similar engine concepts.
Other patents for liquid fuel engines also followed but none were exploited commercially, possibly because
they, could not compete with the by then well developed steam engine or the developing air engine.

The major developmental stage should be dated from 1857 with the design by two ltalians, Eugenio
Barsanti and Felice Matteucci, who using the cannon principle, built a free piston engine in which the
explosion drove a heavy piston freely up a vertical cylinder. On falling under the influence of both gravity and
the vacuum created by its own overun during its ascent, it engaged a ratchet which turned a shaft. This was, in
hindsight, obviously not likely to be a very successful system mechanically as it would have been large, noisy
and slow in rotation and it seems that none were actually built. It was followed very soon afterwards (1860) by
the first machine which, although less efficient, was successful commercially, this being the gas engine of
Belgian, Etienne Lenoir. This was based on current steam piston engine practice. Here, gas and air were
inducted at atmospheric pressure for the first half of the stroke at which point ignition occurred providing a
rapid pressure rise. The next half stroke expansion was sufficient to produce the work output. It was sufficient
to also expel the burned gases over the complete return stroke as well as repeat the induction of the next charge
to the position for the next ignition. Like the steam engines of the time, it was double acting; that is, it had
similar processes on both the front and back faces of the piston which was connected to the crankshaft via a
cross-head to keep the piston rod aligned in the one direction so that it could be sealed. It was therefore a type
of two-stroke engine, although different from the modern concept, with a single cylinder acting like two
cylinders in current engines. Efficiency was very low being about 5% (Cummins, 1976) but it fulfilled a need
for a small engine in workshops and some hundreds were constructed. A number of other similar
"atmospheric" engines followed,

In 1867, Germans Nikolaus Otto and Engen Langen produced their first engine which, althongh possibly an
independent invention, worked on the same principle as that of Barsanti and Matteucci. There is an uncanny
likeness. A typical version stood some two metres high It was limited in power to about 4 kW and was
~ extremely noisy but proved to be noticeably more efficient than Lenoir's engine because its burnt gas was
expanded over a greater pressure ratio due to the vachum created on the piston over-run.. Expansion ratio was
an important factor not realised at the time and it allowed efficiencies of up to 11%. Its commercial success
further established that a small engine was a marketable and sought after commodity and a number were
produced.
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During this period, the basic theoretical concepts of the operation of an internal combustion engine were
being grasped due to the work of French physicist and engineer Sadi Carnot in general and Alphonse Beau de
Rochas, a French railway engineer, in particular. The latter, between the years 1851 and 1888 pubhshed a

per in which he defined the basic four stroke cycle in common use today but this did not receive much
publicity until many years later. His most important point was that compression before ignition was needed in
order to give an adequate expansion ratio for the working stroke so that a good output could be obtained.

It is not clear whether the necessary knowledge to progress to a "modern” engine was commonly understood
or whether progress stemmed from practical development. However, in 1876, the first engine following these
principles was produced. This was the Otto "Silent" engine which worked as a four-stroke and used a
compression ratio of 2.5:1. The term “Silent” was a relative evaluation when compared to the extremely noisy
Otto engine of 1867, Mechamcally, it dispensed with the cross-head which, following steam engine practice
had been used on all previous engines, and connected the piston directly to the crank. The engine had a
noticeably higher efficiency (of about 14%) than any prior to it but nevertheless, it appears that Otto himself did
not fully appreciate the value of compression and argued that this was due to the stratification of the charge.
This, of course, may have been a subterfuge related to patent rights following the discovery of the paper of Beau
de Rochas. Cetainly, a controversy, stimulated by court cases over patent rights, raged on this point between
Otto and Scottish engineer and academic, Dugald Clerk, who incidentally was the first to use an air-standard
cycle analysis for engines, supporting the case of compression before jgnition. Clerk made other notable
contributions to the internal combustion engine being one of the developers of the two-stroke cycle, possibly to
circamvent Otto’s patents that were already in existence. In 1878 and 1881, he suggested a two-stroke concept
with a separate (scavenging) cylinder to compress the charge sufficiently to force it into the working cylinder
while at about the same time, (1877) an engineer called Robson patented the pnnclp_lggisia@ﬂ%@ressmn

obtained from under the working piston which was the concept that became used in practice. Two-stroke
engines have provided an important alternative to the four-stroke, particularly in very small petrol and in very
large diesel engines.

The initial Otto engines rotated quite slowly and consequenﬂy produoed little power, by modern standards,
for their size. This was, to a large extent, due to the primitive ignition and fuel/air mixing arrangements.
Ignition on early engines usually came via a constantly burning pilot flame that could easily be extinguished
when a port was briefly opened to expose the in-cylinder gas to it or a wiper spark which suffered from
durability problems. Eventually, the engine was refined by German engineer Gottliecb Daimler who in 1883,
using more precise engineering, produced what he called the "high speed” internal combustion engine which
operated at almost about 700 r.p.m. using a hot bulb type of ignition devic and produced about 0.8 kW from
460 cc. This now had a sufficient power to weight ratio for vehicle use and a 0.4 kW version was s adapted for
that purpose by Daimler in an experimental motor bike in 1885. His 0.8 kW commercial four wheeled vehicle
followed in 1887. In between these, in 1886, another German H__/K,a‘r/lB_em had developed a tricycle, powered by
a larger (980 cc) but slower (400 rpm) 0 7 kW, 4 stroke engine, that became commercially available a few
months before Daimler’s. These two companies competed for many years before eventully merging into the
well know organisation of today.

The peripheral equipment essential for engine operation also underwent considerable development. It
should be noted that the engines predominantly in use up to this time used coal gas as the principal fuel but,
with the advent of the motor vehicle, the advantage of a liquid, firstly benzene (then available at pharmacies)
and shortly afterwards gasoline (petrol) was obvious because of its high energy density. Hence, during the
1880s, many methods of vapourising fuel or introducing it into the cylinder during compression were tried.
These basically relied on "surface” methods where air was bubbled through the liquid. Accurate control of the
mixture was, to say the least, difficult. Some used the pressure drop across a valve to draw in the fuel.
Eventually Daimler’s most noted engineer, Wehelm Maybach's design of the venturi carburettor in 1892 solved
the problems. It had a float bowl to maintain a constant head upstream of the fuel jet while the venturi provided
a sufficient and well regulated pressure drop to draw the fuel into the air stream. This principle quickly became
the major method for fuel introduction for almost a century and one which is still sometimes in use today.

Ignition systems also needed considerable development. The unreliability of the pilot flame rendered it
obsolete very quickly. The red-hot bulb, heated by a flame from outside was a marked improvement as the
working mixture was only exposed to a very hot surface that was fully sealed. However, it required a fast
opening port to connect the bylb and mixture and so still had limitations. Early electrical ignition systems were
primitive being a low tension (low voltage) wiper type spark. Here, a device inside the cylinder wiped one
contact across another usually by rotation. This completed an electrical circnit with a winding around a magnet
external to the cylinder. As the contacts separated, the energy stored in the magnetic field was released and a
low voltage spark followed the receding contact. The spark was poor and ureliable and pitting of the contact
surfaces very rapid. It was mainly used on stationary engines. Eventually, the invention of the high tension
system by Robert Bosch, also of Germany, in the 1890s allowed the development of the modern electric spark
plug. Here, the low tension circuit with { with the separatmg (“make and break™) contacts is external to the cylinder
and these can be protected from pitting by a capacitor in parallel to them. The low tension and high tension
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circuits are both wound around the same core in the coil. The secondary, high tension winding has at least 60
times the number of turns of the low tension, magnifying the voltage in this ratio. As the low tension circuit is
broken, a high voltage occurs in the high tension side which is sufficient to cause a current to jump across the
gap in the spark plug to which it is connected inside the engine cylinder.

In the late 1880s, an additional type of combustion engine was being developed separately by William
Priestman and Herbert Ackroyd-S‘tum,l_n___gL_‘Engami While what could be termed the "light oil” (i.e. “petrol)
engines ngines used fuel vapourised before induction and were therefore similar to gas engines, these used the heavier
fractions, typically kerosene, vapourised by heating within the combustion system itsclf. To achieve this,
ILKJQXQ-StuaIt developed a system to inject fuel into a "vapouriser chamber” with a restricted throat to the
main chamber in which there was only air. These streams mixed to provide the charge for combustion. His
compression ratio was still low, about 3:1 and an ignition source was still required, this being the walls of the
vaporiser chamber which were still very hot after mixing. During mixing, this chamber gave high turbulence;
. however, the full implication of turbulent mixing does not appear to have been understood. Nevertheless, his
. designs helped to prvide the basis of the modern oil engine and, although they did not rely on compression
- ignition, the high temperature of the vapouriser chamber allowed them to continue mnning without other forms
of ignition. Efficiencies were similar to gasoline engines of the time at around 15%.

The final fundamental development in reciprocating engines came with the concept of the compression
- ignition engine by the German Rudolf Diesel. At this stage, the theory of the Carnot cycle was well known as
. having the highest possible efficiency for a heat engine. Diesel, an engineer by training was the first of the
. inventors to use a scientific approach to engine design, his initial idea being to create one with a cycle as close
‘to-the Carnot cycle as possible. However, while a Carnot cycle is very efficient, it produces little work as the

-isentropic compression process is followed by a constant temperature heat addition that lies only just above it
-+ on a pressure-yolume diagram. Hence, the area of the diagram is small and work output low. The practicalities

~ of such a low amount of work per cycle forced him to depart from the concept of constant temperature heat
- addition to that of constant pressure but the overail thrust of his ideas remained scientific. The concept of high

_compression of the air to ignition temperatures (about 500°C) followed by fuel sprayed into the cylmdcr
remained. Efficiencies of up to 25% were achieved early in the development. One of the major hurdles to be
* overcome to produce a workable dey device was that of fuel injection as a finely atomised spray introduced into the
highly compressed air. Diesel tried many approaches, all essentially using an air-blast fuel m@ou system
with high pressure air forcing the fuel into the cylinder. Originally, he tried to bleed off some of the air at the
end of compression using it to introduce the fuel in the early stage of expansion. Eventually, he resorted to a
separate, large, high pressure compressor (to about 7 MPa) driven from the crankshaft and therefore. the CI
- principle was confined to very large, stationary engines. After Diescl’s death, a fuel only (no air-blast, but
strangely for a liquid, termed “solid”) imjection system using a fine tolerance mechanical piston pump was
invented by McKechnie in 1910 and this paved the way for injection systems that were universal until the
1990s and are still common. It should be noted that Ackroyd-Stuart had invented a similar system several years
before Diesel's original paten but it had fallen out of existence. Also, Ackroyd-Stuart’s pre-chamber was revised
in a different form in 1910 by I'Orange at Benz. This system stimulated turbulence and matched very well with
the early solid injection sytems allowing smaller (truck size) engines to be developed. Soon afterwards,
P@Wmﬂy, in conjunction with Vickers Ltd in the UK managed a similar
conversion (see Walshaw "011 Engine” Practlce” 1950). These 1mprovements paved the way for the

Indirect Inmjection, IDI) domlnated in most dJesel engmes up to the sizes for large trucks (ahout 2 lltres/
cylinder) until the latter half of the twentieth century when they were progressively replaced by the more
efficient, single chamber types (Direct Injection, DI) down to quite small sizes. Engines of small to moderate
size that operate for long periods at low load, (eg marine auxiliaries, tractors) still nse the IDI principle.

The powerful, reliable engine - A consolidation of ideas

The period immediately following the early development (i.e. from about 1900 for SI engines and 1910 for CI
ones) saw basically a consolidation of the principles and ideas of the previous era. By about 1920, most of the
basic principles that are in use today in engine analysis were known although they were not able 10 be applied
with the thoroughness that modern technological, experimental and computational techniques allow. These
known effects included such things as the burning rate, compression ratio, air/fuel ratio and pumgmg lossgs on
engine efficiency and concepts as advanced in a modern sense as stratified charge combustion in SI engmes had
been put forward by Ricardo in the 1920s. Engines of that time were already i 1mpress1ve The work in the USA
of Midgeley (1920) on combustion and knock (that is, the so called "detonation”) in SI engines and on additives
to the fuel which would minimise it took place in the early 1920s (see Boyd, 1950) and it is to him that the
discovery, good or bad depending on the stance taken, of the addition of tetra-eﬂlyl-lead as a knock suppressant
was due. Another example of pioneering on the details of engine processes of that time is the work of Mock
(1920) in the USA which initially described the separated fuel air flows which can exist in inlet manifolds.
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Details of the ignition delay in CI engines and its relationship to 'digsel’ knock were reported as early as 1930,
fuel sprays in CI T engine combustion chambers were photographed in the early 1930s and combustion bomb
experiments quantifying the ignition delay of fuels at high temperatures and pressures were obtained in the mid
1930s. A more thorough method of cycle analysis (subsequently termed fuel air cycle analysis), replacing the
traditional air-standard cycle, was described by Americans Goodenough and Baker (1927) and thermodynamic
charts developed by Americans Hottel, Williams and Satterfield 1d_(1936) allowed easy cycle calculations to be
performed with the correct properties at different temperatures, ‘different fuel/air mixtures and with combustion
including dissociation effects. Heat transfer calculations relevmmroduced by German
Wilhelm Nusselt as early as 19 1914 and considerable work in that area was carried out by both he and Elchelberg
(1939) during the next twenty years. Of considerable interest is the research and development work of Harry
Ricardo in England on many aspects of both SI and CI engines in the 1920s and 1930s as is the research
carried out in the Sloan Laboratories at M.LT.in the USA after about 1930 originally under the direction of
Charles Fayette Taylor. '

By about 1920, the SI engine had become a reliable machine with a reasonable power output. For example,
the “Overland” engine was typical of the USA automobile engines of the period. It was a four cylinder in-line
engine of 2.4 litres capacity, compression ratio about 5:1, developing 20 kW at 2000 r.p.m. It had a low power
to weight ratio at a low speed by modern standards but was nevertheless an impressive engine. It used the then
almost universal (in automotive applications) side valve arrangement although the advantages of overhead
valves were already known. For example, in their aero-engines for Word War 1, Rolls-Royce had opted for a
V12, with a cross-flow cylinder head with overhead valves and camshafits, (see Robins, 1986). The 1914
Mercedes Grand Prix car used a similar design. However, because of its simplicity, the side valve engine
persisted in some automobiles even in some cases into the 1960s. Specific power (power per unit mass)
gradually increased over the next thirty to forty years with improvements in fuel octane numbers and
combustion chamber design allowing higher compression ratios to be used and improved carburettion and
breathing giving higher engine speeds. The downdraft carburettor replaced the earlier updraft version and the
air-valve, constant depression, sidedraft type was introduced for high performance vehicles.

During World War 11, the most powerful SI engines ever built were developed for aircraft propulsion, one of
the best known being the 271, V12 Rolls-Royce Merlin although its later, larger (by 10L) version, the Griffon,
was even more powerful. The Merlin was originally a 760 kW (1030 H.P.) engine when it entered service in
1937 but, with the introduction of two stage, intercooled supercharg}__g}t eventually produced 1530 kW (2050
H P.) and could maintain power equal to that of the original version to 11,000 m (36,000 ft.). These changes
occurred without increase in size or alterations to the compression ratio or valve timing. However, the advent of
the gas turbine brought a halt to further development along these lines and the SI engine reverted to first of all
a prime mover for automobiles. Fuel injection, desmodromic (springless, controlled closure) inlet and exhaust
valyes and turbocharglgg had been tried in racing car engmes and, by the 1950s, it was perhaps felt that the
major period in SI engines research and development was over. This, however was not the case.

The pollution and fuel crises - The modern period of refinement

By 1960, the air quality in Los Angeles had deteriorated to such a level that drastic action was required. While
there were (and are) a number of causes, one of the major sources was found to be the carbon monoxide and
unburned hydrocarbons from the exhaust gases of automobilgs. Emission controls became mandatory, firstly
in California beginning with the introduction of the positive crankcase ventilation (PCV) valve in 1961, (which
was not a new device having, for example, been used by some British manufacturers as early as 1950) as it
allowed the unoxidised or partially oxidised gases whjch leak past the piston and accumulate in the crankcase

legislation followed almost immediately with consequent, adverse effects on the fuel consumptmn of the current
vehicles. Similar legislation followed throughout the U.S.A. and, more slowly, in many other parts of the
world. In some European countries, tight emission controls were introduced after the U.S.A. with the E.E.C.
legislating for major, universal controls in 1986. Japan, Canada and Aust:ralla introduced controls from about
the mid 1970s onwards.

Photochemical smog was soon perceived as a major environmental problem. It was known that the nitrogen-
oxygen compounds (NO,) in conjunction with unburned hydrocarbons were instrumental in its formation and
ﬁm to the emission control problem, Both CO and HC compoufids could be removed by
oxidation but the ‘NO, compounds required reduction. Hence the multiple control of the different exhaust
emissions required a renewed approach to fundamental research in engine combustion. In the U.S.A., new
research programs sprang up based both on experimental work and engine modelling. There were many
contributors in industry, universities and research establishments. Such things as the variation in ynburned HC
emissions during an engine cycle were at least partially explained and the amount of NOy, during operation was
quantified. Much work, however, remains to be done on all these topics.
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The oil crisis beginning in 1973 further emphasised the necessity of a continuing high level of fundamental
research into engine operation. This occurred at a time when many of the emission problems, if not fully
understood, were at least readily controlled in practice. The reduction of emissions had generally increaséd fuel
consumption and it was now necessary not only to retain and further improve exhaust cleanliness but to revert
to pre-emission control or even better levels of engine efficiency. In addition, alternative fuels and en w
needed study. The importance of engine flnid mechanics, as it affected both the gas exchange processes, mixing
within the cylinders and the combustion phenomenon itsclf now needed to be emphasised to a greater extent.
This applied particularly to the role of turbulence. Engine modelling therefore became a dominant factor in
research and remains so to the present. New problems contmue 1o present themselves and those that are
currently the most pressing are the need to meet ¢ : can air legislation (the nitra-low and the
zero emission vehicle concepts in California), the E@p_u_s_ann_gf "greenhouse” gases and the further
improvement in fuel economy.

1.3.2 The gas turbine

Turbine type devices were Tamiliar from very early in the history of machinery as the waterwheel, windmill and
eventually pumps and hydraulic turbines. The topic of turbomachinery development is too extensive for details
to be given here and the reader is referred to more specialist texts on the subject. A brief but more
comprehensive treatise is given in the introduction to "Aircraft Engine Design" by D. Wilson (1984). What is
perhaps of importance is the development of the rotodynamic air compressor which is an essential component
of the gas turbine but which pre-dated it. The first commercially successful compressors were produced: by
Englishman Charles Parsons in the latter part of the nineteenth century. These consisted of both axial and
radial flow devices although the latter were the more successful. At the turn of the century, Auguste Rateau
produced compressors which Wilson quotes as having pressure ratios exceeding 1,5:1 and isentropic
efficiencies above 56%. Also, the steam turbine is itself of significance because of the similarity in some of the
flows associated with it to the gas turbine. The concepts of reaction where the blade is driven by the increase in
velocity across it and impulse where the change in direction. of the flnid provides the motive. force was
elucidated. Compounding of moving rotor blade rows with fixed stator rows between them to redirect the fluid
was introduced. In addition, the concept of the supersonic nozzle with its limitation on mass flow rate due to
choking became understood. The basic knowledge of turbomachinery from which a gas turbine could be
developed was therefore in existence by the beginning of the twentieth century.

Due largely to the pioneering work of Parsons, the steam turbine started to replace reciprocating steam
engines in the last decade of the 19th century. It was natural then to also look towards a gas turbine as a
successor to reciprocating internal combustion engines. However, the development of this engine type was
slow. Many of the problems of high rotational speeds had been overcome with the steam turbine development
- but two other factors kept the gas turbine from equivalent progress. These were first of all metallurgical in that,
" when the continuous internal combustion processes of the gas turbine are compared to the intermittent ones of

- the reciprocating engine, it becomes evident that for the same gas temperatures, parts of the engine structure of
the former will became extremely hot. This is because there is no cool air (or air/fuel) inflow over the hot
surfaces and no time relief from the combustion process. The problem is particularly evident at the combustor
and the first row of turbine blades. Thus low temperatures were necessary to maintain metal integrity giving
potentially low work outputs and efficiencies. The second factor was the efficiency of the rotodynamic
machinery. It will be shown later that very high compressor and turbine component efficiencies are required to
produce a gas turbine with an acceptable overall efficiency. That is, a low turbine efficiency uses too much of
the output to run the compressor, a low compressor efficiency requires too much turbine work. Development of
the gas turbine was therefore delayed until both highly efficient rotodynamic machinery was developed and
strong, high temperature alloys were available.

The earliest gas turbine concept also emanated from Parsons who, in his 1884 patent of the steam turbine,
commented that the possibility of a gas turbine also existed. In 1905, a gas turbine burning oil was built by the
Societe Anonyme des Turbomoteurs in Paris to the design of Rene Armengaud and Charles Lemale. They used
a centrifugal compressor with a pressure ratio of about 3:1, continuous combustion with an atomised oil spray
with water cooling of the turbine. A high combustion temperature was necessary to overcome the low isentropic
efficiency of the compressor. Steam raised in the turbine cooling was used with the combustion products as they
entered convergent-divergent nozzles ahead of the turbine. This machine ran at around 4000 rpm and produced
power although some reports indicate that, at times, it could barely drive its own compressor. Wilson quotes its
thermal efficiency as 3.5%.

In 1908 Hans Holzworth in Hanover produced a more successful design. The combustion was at constant
volume which was controlled by valves in the combustion chamber. Discharge then took place through
convergent-divergent nozzles to a turbine rotor which was driven by a succession of pulses rather than
continuously. The first unit did not compress the mixture before combustion but later versions added this
process. Generally, mixed gaseous fuel was used although some units sprayed oil into the air into the
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combustion chamber before ignition. These engines were built up until about 1920 and produced significant
power (hundreds of kW) although at low efficiencies of less than 13%. Development of other engines,
particularly the CI engine, caused them to become superseded at about this stage. Exhaust gas turbines for
aircraft engine supercharging then remained the only useful rotodynamic devices with a major power producing
role in internal combustion engines for some years.

Advances in aircraft design stimulated the revival of the gas turbine in the 1930s. Here, turbine rotors
became less of a problem because only a small proportion of the work, that for the compressor, was extracted in
the turbine, the remainder being obtained from expansion in the jet nozzle which was a far simpler to design.
In 1928, Frank Whittle in England patented a design using continnous, constant pressure combustion between
the compressor and turbine. His design used a pressure ratio of 4 obtained from uing a double sided, single
stage centrifugal compressor driven from a single stage axial turbine. The combustion chamber was reversed to
the overall flow direction, the hot exhaust gases flowing inside an air casing towards the compressor. The
compressor air, introduced progressively into the exhaust, therefore acted as a coolant while itself being
progressively heated. Thus, the last air that entered the combustion chamber near the fuel nozzle was quite hot,
aiding the combustion process. The mixed air/ exhaust gas flowed in a fully annular convergent nozzle system
to the tutbine before expansion in the jet nozzle. This engine was first tested in 1937 producing 4,450 N thrust
at 17,000 rpm. 1t was tested in an aircraft in 1941 with active service some two years later. Although
commencing later (in about 1935), Pabst von Ohain, a German physicist, produced a gas turbine which used an
axial stage followed by a centrifugal compressor and a radial inflow tarbine. His much simpler combustion
chamber however could not burn liquid fuel and required hydrogen. It produced about 1100 N thrust at 10,000
rpm, sufficient for initial flight tests and the World's first jet powered aircraft flight was carried out with it in a
Heinkel aircraft in 1939. However, due to its inability to use liquid fuels and the, what was termed by some
contemporaries as the “agricultural engineering” of the engine, it received po further support. Nevertheless, in
modern engines, most high performance types now use axial flow compressors and turbines and direct, rather
than reverse flow combustion chambers. The robust nature of centrifngal compressors still makes them useful
for cheap, durable applications. The basic principles of the gas turbine, however, have remained the same and
improvements have come through high pressure ratios, high turbine entry temperatures obtained by improving
their cooling and better metal alloys. Also, in aircraft propulsion, the use of by-pass air to improve the thrust
efficiency of the jet has provided a marked improvement.

1.4. CURRENT AND FUTURE ENGINE DEVELOPMENT

The modern engine, SI, CI or gas turbine now in use is a technically sophisticated unit. Nevertheless,
continuing pressure on fuel resources, the need to implement alternative fuel strategies in the future and
increasing population levels, energy use and the consequent environmental problems mean that a high rate of
development will continue for some considerable time. In order to assess current technology and its fisture
direction, it is perhaps better to consider engine development for efficiency and modifications for alternative
fuels separately. It is emphasised, however, that there is a strong inter-relationship between the two in practice.

1.4.1 Modern IC engines and their alternatives

Various engine types and their potential developments are discussed below. In many cases, reference will be
made to features that improve their performance and efficiency which may be obscure to the reader. These will
be dealt with in detail in the later text. It is important here to give an overall impression of engines and their
development so that some of the following material assumes its proper relevance. The engine types to be
discussed are:

Homogeneous charge spark ignition engines

The modern SI engine is predominantly a homogeneous charge type operating on the same general principles
as did those at the turn of the century, However, its fuel efficiency, power output and exhaust cleanliness are
now much superior. Engine efficiency improves with a number of factors, the most important being as follows:

¢ High compression ratio - The beneficial effect of a high compression ratio has been well understood since
. the debates of Clerk and Otto last century. However, an increase in compression ratio above certain limits
does not continue to raise the efficiency due to the greater heat transfer from the combustion chamber and
greater friction which offset the thermodynamic gains. This was originally shown in the work of D.F. Caris
and E.E. Nelson who found, for the type of combustion chamber tested, that an optimum value was about
17:1. Engine knock has generally limited compression ratios to about 10:1. Recent work on different
combustion chamber designs (May, Ricardo) have shown that higher compression ratios are feasible given
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good chamber design. In particular, lean operation, compact chambers with high swirl and cool end-gas all
improve the knock resistance allowing higher compression ratios to be used.

o Fast Burn - Cycle analysis highlights the beneficial effect of faster heat addition rates although these can
be excessive causing roughness and higher heat transfer losses. The correct amount of turbulence needs to
be designed into the head and, as turbulent flame propagation is still not well understood, considerable
research is currently underway in this area. Lean mixtures burn more slowly than stoichiometric ones and
require greater turbulence and higher ignition energies. The higher temperatures of high compression ratio
increases the burning rate.

e Lean Burn - A lean burn engine has effectively a higher ratio of specific heats during the cycle which can
again be shown to be beneficial as long as the burn rate can be maintained. There are also advantageous
exhanst emission effects (for CO and HC) which can replace alternative emission control strategies ‘which
are fuel inefficient. There are limits on the extent of lean burn due to misfire and cycle-by-cycle variability
which can negate the advantages.

-~ o TImproved Control and Optimisation of the Engine - This applies to air-fuel ratios particularly between

' cylinders and during transient operation. Any maldistribution results in an efficiency deterioration. Also
impoartant, although less complex, is the optimisation of spark timing and recirculated exhaust gas. The
simuitaneous control of all these parameters to maintain maximum engine efficiency under the constraint of
meeting the necessary exhaust emission standards is a challenging problem.

e Reduced Engine Size - For the same maximum power, a smaller engine will be operating at a higher
Mean Effective Pressure. Here the pumping and friction losses become a smaller proportion of useful
power. Gains are particularly noticeable at part throttle. The smaller displacement can be realised by
improved engine design to allow better breathing at higher engine speed and by turbo-charging. :

The modern, SI engine incorporates most of these features. Engines now becoming available may have high
turbulence and swirl, multiple valve heads, variable timing and lift of valves and multi-point fuel injection.
.Obviously, while these all can be advantageous, they raise the cost of an engine considerably.

Stratified charge spark ignition engines (gasoline direct injection, GDI or direct injection spark ignition, DISI)

These are often termed DISC (direct injection stratified charge) or now more commonly GDI (gasoline direct
. injection) engines. The concept of a stratified charge SI engine that used a very lean mixture in the end-gas
(last to combust) region but a stoichiometric or richer mixture near the spark plug so that reliable ignition
occurs dates from Otto's ideas in 1872. This type of engine could operate on near optimum compression ratios
because the end-gas would not be prone to auto-ignition which causes knock and its control would be possmle
by varying the fuel:air ratio in the main, lean part of the combustion chamber thereby reducing pari-load
throttling losses. In addition, in relation to the more modern problem of exhanst emission, it would be-possible
to have an overall lean mixture to minimise CO and a flame which burned from a slightly rich into a very lean
mixture avoiding the near stoichiometric condition at which NO formation is high. Unfortunately, it has
been hard to develop because it requires a direct in-cylinder injection system with rapid mixing but a retention
of the stratification in the desired location. Long term experimental development occurred with the Ford
PROCO engine and the Texaco TCCS engines since the early 1970s but neither entered production. Both used
a deep bowl in the piston together with high inlet swirl but the Ford had a low pressure, carly. (in-the
compression stroke) injection while the Texaco used high pressure, late injection. Thus the Texaco operated
more like a diesel engine but had neither cetane nor octane requirements for its fuel. Honda developed a pre-
chamber type of stratified charge engine, the CVCC in which the "jet” issning from the spark ignited, rich pre-
chamber ignited the fuel in the lean main chamber. This engine was used principally to meet U.S.A. emission
standards and was not universally adopted. An Australian development from the 1980s of a two-stroke direct
in-cylinder injection engine by the Orbital Engine Company should be noted. This injection system is an air-
blast type but of lower pressure than the old diesel engine concept. Very good atomisation is claimed and, if the
stratification can be retained for a wide range of operating conditions particularly during transients, it remains
a promising development. A few examples of GDI engines have been introduced commercially in Japan since
about 2000. Whatever stratified charge engine will prove to be best is not yet clear but, during 200 to 2010, the
progressive amalgamation of the best ideas from the homogeneous and stratified charge concepts seems likely,

Compression ignition engines

Compression ignition engines are even more varied in detailed design than SI ones in that the largest have
cylinder bores approaching 1 m diameter and rotate at about 100 r.p.m. while the smallest have a capacity of
around 0.4 to 0.5 L per cylinder and engine speeds up to about 4000 r.p.m. Cylinder head designs also vary
commensurably. The major subdivision is between Direct Injection (D.1) where fuel is sprayed into the single,
main chamber and Indirect Injection (I.D.1.) where the spray is into a pre-chamber which generates high swirl
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or turbulence and is fisel rich even thogh the overall combustion is at lean diesel values. The burning mixture
issues through a throat into the main chamber where final oxidation occurs. The LD 1. engine is less efficient
than the D.I. but has wider speed/load characteristics and is mostly used on small automotive engines. The
major changes are that smaller D.I. engines are being produced and are replacing IDI types in automotive use.
In both small D.I. and LD.I. engines, optimisation of chamber shape and fuel injection spray patterns is
occurring, largely a result of better simulation of in-cylinder flow patterns. Another major change is that
turbocharged diesel engines are commanding an increasing proportion of the market.

Turbocharged engines

There is substantial energy remaining in the exhaust gas of an engine and harnessing it is an attractive
proposition. Turbocharging was first proposed and patented by Buchi in 1905 but it was many years before it
became commonplace even on CI engines to ‘which it is most adaptable. For many years, mechanically driven
superchargers were more commonly used, particularly on SI aircraft engines in order to obtain altitude
compensation. This as because the matching of turbine and compressor to the engine with problems of lag
during transients and excess pressure rise at high loads had not been solved. Also units were large, slowly
rotating devices suited much more to very large diesels. Substantial developments have occurred in recent
years in both SI and CI engines. Turbine and compressor speeds have risen comsiderably and improved
component isentropic efficiencies have made the total system more viable. The introduction of the waste gate
whereby excess exhaust gas by-passes the turbine thereby preventing turbine overspeed has improved their
viability for SI engines.

For CI engines, there are few disadvantages other than cost. The higher pressures and temperatures reduce
the ignition delay of any given cetane number fuel and an adequate power to weight ratio can be obtained
without pushing the fuelling to the limit. Thus, smoke levels at peak loads are reduced. Any disadvantages lie
in the higher mechanical and thermal loadings and, for vehicle engines, the peakier torque curves caused by
turbocharger speed and hence engine intake pressure falling as engine speed reduces. Turbocharged trucks
require gearboxes with many more ratios than do those with equivalent maximum power naturally aspirated
(also called normally aspirated) engines. Attempts are underway to overcome these problems by use of
variable area volutes for the turbine. More truck engines are now turbocharged than not and most
manufacturers offer three versions of the one engine, naturally aspirated, turbocharged and
turbocharged/intercooled. An important development in CI engines is the use of ceramic materials to minimise
heat flow from the engine, the ultimate possibility being the "adiabatic diesel” which does not require coolant.
Here, the additional energy retained in the gas because of the substantially reduced heat transfer can, in theory,
be used not as additional power to the piston because of expansion ratio limitations but by an additional power
turbine in the exhaust. Combining its output to that of the crankshaft provides considerable problems and it is
likely to be a considerable time if at all before turbocompounded, ceramic engines are in use.

For SI engines, the picture is more complex. There is a misconception that simply turbocharging a given
engine will increase efficiency because of its use of the exhaust energy. However, turbocharging only increases
efficiency if the engine size is reduced, otherwise for the same load as the original engine, it must run at part
load with greater throttling causing increased pumping losses. In addition, the higher cylinder temperatures
and pressures do not reduce combustion knock as in CI engines, but increase it. Thus, compression ratio needs
to be reduced causing a further drop in efficiency. The lag which occurs on any turbocharged engine due to the
time for the turbine/compressor unit to build up speed can be exacerbated by additional fuel buildup on inlet
manifold walls. The most successful SI turbocharged engines have therefore used port firel injection.

Gas turbines

These are most widely used by far in aircraft and are, in fact, totally dominant in that market except for very
small aeroplancs. In addition, they have specific applications in power generation, pumping and marine
propulsion. They have been considered for automotive use but not to date with great success. This is because
they cannot match the CI engine for efficiency and flexibility under road conditions although high specific
power (power per unit mass) is available. Costs are excessive for the high pressure ratio types required for
good efficiency. As mentioned previously, considerable improvement in efficiency is still possible and these
developments depend on improvements in the details of the gas flows in the various components, better design
for cooling the turbine blades and better high temperature materials. Currently, in aircraft engines, the
pressure ratios used are at maximum about 45:1 and peak temperatures (turbine entry temperatures TET) about
1700 K. Tt has been projected that future engines will have pressure ratios approaching 75:1 with TET values
of 2300 K. For stationary gas turbines where weight is not an important consideration, there is potential for
water cooling of blades and the use of regeneration to allow very high thermal efficiencies at low pressure
ratios. The use of regenerators could make the gas turbine viable as a low pressure ratio automotive power
plant but this depends on the development of regenerator units with very high effectiveness. Ceramic, rotating

»
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regenerators have been tried but it remains to be seen how well they operate in practice before any predictions
on future use can be made.

For very large gas turbine instailations for power generation, open cycle type are mostly used but the closed
cycle gas turbine is also a viable proposition and indeed, several such units have been constructed. These can
use low molecular mass gases such as hydrogen with high heat capacity and low pumping losses. For this type
external heat supply is necessary which normally implies external, steady combustion. Primary energy sources
other than combustibles (eg nuclear, solar) are then feasible. A combination of a gas turbine (open or closed
cycle) with a steam plant where the waste heat from the former is nsed as a heat source for the latter is an
important concept for high efficiency.

1.4.2 Future fuels for IC engines

While efficiency increases and reduced vehicle size together with further crude oil discoveries and non-oil fuel
based energy strategies which were introduced mainly in non-vehicular areas since the 1970s have lengthened
the time period at which depletion of petroleum resources were expected to become severe, there is llttle doubt
that there will eventually be an increasing dependence of the transport industry on alternative fuels. Sometime
. during the 21st century, substitution is likely to increase rapidly, The first section of the market to be aﬂ"ected is
- likely to be the dlstlllates (light diesel fuels) as these compete directly with aviation kerosene for the same
~ section of the crude oil barrel, This is particularly so where the crude is high in light fractions. Possrble

i, alternative fuels need examining.

.~ Alternative fuels for transport may be either liquid or gas with the former having an obvious advantage in

* that its much higher density allows a good quantity to be carried in the available volume. However, gaseous
. fuels are the most plentiful, readily available alternatives in many parts of the world. qumd alternative fuels
.. are derived from either coal, gas or biomass.

- _ Gaseous Fuels

"o+ These gonsist of natural gas (NG), petroleum gas usually liquefied by pressure (LPG), bio-gas from various
... sources, coal gas and hydrogen. Natural gas resorces are large and various estimates put the supply at current
" usage rates as 40 to 80 years. As new discoveries are, compared with oil, relatively frequent, the latter seems

most likely and may, in fact prove to be conservative. Natural gas is an excellent fuel for SI engines as it has a

high octane number (RON., approximately 130) giving it very good resistance to their end-gas autoignition type

knock (pinging). It consists mainly of methane, generally around 90% by volume but its composition may
- differ noticeably from place to place. Nevertheless, it is always difficult to liquefy because of the methane and
 pressure alone is insufficient. The liquefaction temperature at atmospheric pressure is —162°C and either
~ excellent refrigeration is required or boil-off must be tolerated to maintain this temperature. While i in large

- installations such as ships, this can be accommodated with boil-off rates of less than 1% per. day now ‘being
- possible, it poses problems for smaller vehicles used for road transport. The solution usually proposed. at
present is compressed natural gas (CNG) with cylinders at 17 to 24 MPa. Unfortunately, their mass is some
seven times that of the fuel and the quantitity that can be carried is small both on a volume and mass basis,
thereby limiting their range. '

LPG is basically a by-product of the oil industry coming partially from wells and partially from the refining
process. It therefore is produced regardless of demand and can, at times be in glut proportions. Much of it may
be exported from producing countries. While there are good supplies available, its long term potenual is less
than NG, estimates being of perhaps up to about 40 years supply. It consists mainly of propane Wlth some
butane, their proprotions varying in different parts of the world. Like natural gas, it also is an excellent fuel for
SI engines with an octane number (Research Octane Number, RON) of about 110. It can be quueﬁedkat about
10 atmospheres pressure at which it has an energy density of about 70% that of gasoline. Consequently the
limitations of NG do not arise to anywhere near the same extent. As it is widely used already in automotive
applications, a reasonable distribution network already exists in many countries.

The other gases are less likely to be viable candidates as general alternative fuels although they may have a
niche under some local conditions, particularly for stationary engines. Biogas is also mainly methane and is
derived from decaying animal or vegetable wastes. Sewerage gas, for example, is already used by the relevant
authorities. Both these need treatment to remove CO,, N, etc. Coal gas consists of carbon monoxxde and
hydrogen in varying proportions depending on the method of extraction and may also contain small quantities
of methane. Nitrogen in substantial proportions is usually present. Thus it has a low heating value (about hailf

- that of NG). Modern methods of coal gas production are the Koffers Totzek, Winkler or Lurgi processes which
use either hl;h pressures to obtain more methane and/or oxygen (rather than air) to eliminate the nitrogen,
Coal gas produced this way is noticeably more expensive than traditional methods. Hydrogen may, in the long
term, become a transport fuel and its introduction may be hastened by the "greenhouse effect”. However in the
immediate future, its production, cost and storage problems count against it.
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The use of either NG or LPG in SI engines presents few problems. This is because their octane numbers
exceed those of petrol (gasoline RON is 90 to 100 in most countries) and either higher compression ratios or
larger diameter cylinders are possible. Fuel introduction and mixing is also simpler as the fuel does not have to
be vapourised and the more even distribution allows better lean operation. Some power loss occurs due to the
gas displacing air in the inlet manifold. NG has a slow burning velocity and desirably, should have either
greater turbulence or swirl designed into the head, a greater ignition energy and some spark timing advance.
LPG has similar burning characteristics to vapourised gasoline and the above aspects therefore need little
modification.

For CI engines, greater problems occur with the use of gaseous fuels. One solution which allows
substitution for diesel fuel while retaining fuel flexibility is a relatively siraple conversion that can be carried
out on existing CI engines. This is called dual-fuelling (DF) where the primary fuel, in this case, gas, is
introduced into the inlet manifold while distillate injection is retained at sufficient levels to provide pilot
ignition and to overcome combustion problems. This solution may sometimes be attractive compared to
conversion to large SI engines in transport applications because long routes and embryonic gaseous fuel outlet
structure may sometimes necessitate a return to operation on diesel fuel alone. Also the low conversion cost
renders it feasible as a retro-fit option for existing vehicles. However, new engine problems now occur because
the engine is being fuelled with two different fuels with opposing characteristics, The gas fuel has a poor
(essentialy zero) cetane number which is the index of a fuels ability to resist "diesel knock" while the distillate
has a poor octane number. It is for these reasons that the gas cannot be directly injected into the cylinder as a
complete substitute for distillate. Moreover, there may be some problems of interaction between the gaseous
fuel with the pilot distillate which increases the ignition delay of the latter. Thus, over the speed/load range of
the engine, substantially different fuel proportions are required to maximise the gas substitution and to ensure
that knock of either variety is minimised. A diesel engine control adjusts only the fuel rather than the total
mixture. Therefore, in addition to the knock problem, a high gas proportion at low load results in low distillate
flows which can cause ignition failure. Alternatively, a very lean gas mixture can exhibit extensive flame
quench away from the pilot spray and may prohibit flame propagation completely. Because of the large valve
overlap of diesel engines, some short circuiting of the gaseous fuel to the exhaust may occur. Solutions such as
partial throtiling, nse of substantial recirculated exhaust gas have been considered. One improvement is in-
cylinder gas injection into the diesel spray but this is more costly. Much applied research on the control of dual-
fuelled engines is necessary as well as more fundamental research on the appropriate fluid mechanics of the
spray, mixing and combustion.

Alcohol Fuels

Of the possible alternative liquid fuels, alcohols, the two common ones, methyl alcohol (methanol) and ethyl
alcohol (ethanol) in particular, have received the most attention. This is because of their relatively easy
production and the fact that they are both good SI engine fuels. Ethanol is derived from biomass sources and is
the better fuel of the two as it has a higher heating value and blends better with petrol. However, except in rare
circumstances, its labour intensive production makes it too expensive. Methanol, on the other hand can be
produced from natural gas or coal and is therefore the most likely possibility.

As with the gaseous fuels, alcohols are most suited to SI engines because of their high octane but low cetane
numbers. For ethanol, their octane numbers are approximately 100 and 90 for ethanol on the research Octane
Number RON (for lightly loaded engines) and Motor Octane Number MON scales (for heavily loaded engines)
respectively. For Methanol, the equivalent values are 110 and 90. Typical automotive operation requirements
may be approximated by the average of the two scales and hence the alcohols do not show up quite as well
when compared to petrol (which has RON, MON for example at 97 and 88) as would be assumed by a simple
RON comparison. Nevertheless, higher compression ratios are possible with them. They require less air in
stoichiometric combustion than does petrol, air:fuel ratios being 6.5, 10.2 and 14.5:1 for methanol, ethanol and
petrol respectively. Thus, for a given capacity engine, more alcohol fuel can be introduced per cycle more than
compensating for their lower heating values (lower heating values are about 20, 27 and 44 MJ/kg respectively
for methanol, ethanol and petrol respectively). That is, higher power outputs are possible. The disadvantage is
that volume fuel consumption is higher than for petrol giving either reduced range or requiring larger fuel
tanks, Other disadvantages are their high latent heat giving difficult starting and requiring additional manifold
heating during operation. In general, emissions are about the same for an optimised alcohol fuelled vehicle
except for NO, which tends to be lower and the production of high levels of formaldehydes. Most work in the
1970s concentrated on alcohols as a gasoline extender and octane booster with alcohol proportions of about
15% being considered. These allowed existing engines to be used without modification. It was found that the
blend octane numbers of alcohol/petrol were higher than the average of the components but that, particularly
with methanol, separation occurred in the presence of water. For alcohols to make a significant impact as an
alternative fuel, high alcobol content fuels will be required. A substantial engine redesign will then be
necessary to allow for the higher compression ratio, different fuel air ratios, manifold heating changes and
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different timing. For use in CI engines. alcohols suffer from the same problems as gases and the solution has
generally also been to dual-fuel with the alcohol being "fumigated" into the inlet manifold.

Other Alternative Fuels

Several other possibilities exist, these basically producing synthetic fuels more akin to the current oil based

- products. They are, however, likely to more expensive than the above due to the extra processing. The first are

the modified alcohols, methyl (or ethyl) tertiary butyl ether, which eliminate the separation and heating
problems of alcohols. The other alternatives are a synthetic gasoline or distillate produced either via methanol
or by hydrogenation of coal. The technology for both exists and plants are or have been operational. Their
commercial viability depends on the current world crude oil prices. Another alternative is shale oil with much
the same composition as crude oil. The problems here lie in the economics of extraction, not on the operation
of engines.

1.5. THE INTERNAL COMBUSTION ENGINE AS A GENERALISED CONCEPT

The term internal combustion engine represents a range of different machines and each needs to be explored
individually and in detail in order to improve its operating characteristics, efficiency and emission levels.
However, some important basic ideas can be grasped by taking a macroscopic approach and regardmg the
engine as a steady state device which uses fuel and produces power using the combustion products as.the
working substance. With this concept, an inclusive picture of all internal combustion engines can be obtained.
An appropriate arrangement is shown on Figure 1.1. In this generalised view, a compressor, combustor with

_attached reciprocator, a turbine to drive the compressor and a further power turbine is shown. Any of these

components can be in single or multiple units.

TURBINE 2

COMPRESSOR TURBINE 1
T
,} STREAM ?“’" CHAMBER A
»— » \
I BURNED GASES

N REGIPROGATOR
POWER OUT 1

Something of the above type would be normally termed a turbo-compounded reciprocating engine. While
such machines have been built around the CI engine, the many problems associated with the huge variation in
output shaft speed have proven to be limiting. For example, for optimum operation, a typical CI engine might
have an output shaft speed of 2,000 r.p.m. while that of the power turbine would be some 20 to 30 times higher.
Coupling the two in an efficient, compact and lightweight manner is a major problem.

The arrangement shown may be regarded as a generalised engine layout. If the reciprocator power goes to
zero, this component becomes a combustor only and the engine is a gas turbine. This is one limit of the system.
The other limit is when both turbine units do not produce power, hence there is no COmMPpressor pressure rise

Figure 1.1 Generalised engine layout

~ and the engine is a naturally aspirated, reciprocating engine. If power is produced only in the rempmcator and

the first turbine, the layout now represents a turbocharged reciprocating engine. It can therefore be see ‘that
recxprocatmg engines and gas turbines need not be viewed as entirely different but, through a gradual transfer
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of the method of producing both the useful work and compression from a reciprocator to a power turbine and
separate compressor, there is progression from one type to the other.

The above is not the only possible combination of components and a number of alternative arrangements are
possible. For example, the reciprocator could be used to drive the compressor and all useful work could then
be obtained from a power turbine. An interesting possibility is the differential compound engine. Here, by use
of differential gearing, the compressor can be made to rotate faster as the output shaft speed falls. Generally
with turbocharging, a fall in output shaft speed is accompanied by reduced gas flow through the system, lower
turbocharger speed, lower compressor pressure ratio and hence a faster fall-off in torque and power than in an
equivalent naturally aspirated engine. This produces peaky torque and power curves and gearboxes with many
alternative ratios are required for heavy road vehicle operation where the load can vary considerably. The
differential compound engine, by increasing the compressor speed as engine speed falls which is the reverse of
normal turbocharging, provides better torque at the low speeds.

Engines are usnally analysed by considering their processes one by one. Alternatively, if the flow entering
and leaving the engine, the power output and the heat transfer rates are time averaged over a period, even
reciprocating engines can be initially examined by use of a steady state approach. That is, the engines can be
regarded as a 'black box' with only these mass and energy flows considered. Appropriate equations follow from
a consideration of the basic thermal efficiency 7, of an engine which relates the work W and heat addition Q.

That is, work W=1,0 (L.
Power W is then W:nm mH P (1.2)

where m; and H [rare the mass flow rate and heating value respectively of the foel.
Now the mass flow rate of fuel is dependent on the air flow rate /M, that can be provided for its combustion.

That is, a primary concept in the design of an engine is to obtain the necessary air flow rate in a simple and
efficient manner. Also there are limits on the ratio of fuel to air which can be used although, particularly in the
case of lean mixtures, this may vary considerably. This ratio is best expressed as:

m,/m,=¢F, (1.3)

where ¢ is termed the equivalence ratio and is simply a term expressing the relativity of the actual fuel to air
ratio to the 'chemically correct' or 'stoichiometric' ratio Fg. The stoichiometric ratio can be loosely defined as
the mass of fuel to air that exists when there is just sufficient oxygen to burn all the carbon in the fuel to
carbon dioxide and all the hydrogen to water. These terms will be discussed further in a later chapter.

From the above:
W=n,¢ F,m,H, 1.4)

The term m, will need defining in the most convenient manner for each particular engine type. For example,

for a gas turbine, it is best expressed in terms of the engine volumetric flow rate V and the atmospheric air
density p,. Hence
m,=V p, (13)

In a reciprocating engine, a betfer representation is in terms of the measured positive displacement (swept
volume) 'V of the cylinders, a volumetric efficiency, 77, which designates how well they fill and the rate N, (in
revolutions per second, r.p.s.) at which the filling cycle repeats. The last itself depends on both the engine
speed N,, (usually given in r.p.m. and must be converted to r.p.s) and whether the engine is a two stroke
(N=N,) or four stroke (N.=N./2). Here

ma:UVVchpa (16)

The density p, may be taken at any appropriate position and the volumetric efficiency expressed accordingly.

However, an appropriate position is in the inlet manifold just upstream of the inlet port and this is usually
chosen. The volumetric efficiency is then a relatively simple curve varying with engine speed for the
reciprocator only and is not affected by such upstream devices as throttles, turbochargers etc.
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The combination of equation 1.5 or 1.6 as appropriate with equation 1.4 will give an overview of t'he steady
state performance. However, this will not provide the detail necessary to understand the way in which power
output, efficiency and emission levels can be improved.

1.6. OQPERATION OF CONVENTIONAL MODERN ENGINES
1.6.1 Reciprocating engines
Four-stroke engines

The basic principle of the operation of a four-stroke engine is shown on Figures 1.2 and 1.3. Figure 1.3
represents a spark-ignition (SI) and Figure 1.3 a compression ignition (CI), diesel type. In the spark ignition
" engine, fuel and air are mixed at constant pressure by a spray basically controlled by either a pressure drop in a
© venturi with some means of compensation for different conditions (eg power, acceleration) or pressurised
"' injection into the inlet ports (MPI, multi point injection). This mixture may then be heated (using heat transfer
. from the exhaust manifold or engine coolant) to promote vaporisation and passed to the cylinders. In the first
- stroke (i), the inlet valve is opened and the mixed gas flows into the cylinder as the piston moves dcwn The
~_inlet valve then closes and the mixture is compressed when the piston moves up, as in (ii). The compression
ratio, that is the volume ratio between the lowest and highest position of the piston, cannot be too great as the
. resulting temperature rise would then cause a spontancous uncontrolled ignition of the fuel air mixture.. Tust
~ before the piston reaches the top of the stroke, ignition occurs at a controlled point by use of a high voltage
~ spark. ‘A flame front moves rapidly across the combustion chamber over some degrees of crank angle
. movement (iii) causing a considerable increase in pressure and temperature. The expansion stroke follows: and
- as the piston moves down (iv) work is extracted from the hot, high pressure gases. Towards the end of this
- _stroke, the exhaust valve opens and the piston moves up (v) expelling the burnt gases. The engine is now back
~ to its original state and the cycle can be repeated. In the compression ignition engine the processes_are
.- essentially the same except that air only is drawn into the cylinder during the intake stroke. Compression:can
now be much greater as no spontaneous combustion can occur. Indeed, the compression ratio has to be very
high to provide the necessary temperatures for ignition. The fuel is now sprayed directly into the combustion
chamber by a high pressure injector. Injector timing provides the controlled point to start combustion.
Combustion occurs by means of a diffusion flame over a somewhat longer period than with the spark-ignition
engine. The pressure and temperature rises are thus somewhat more limited than with the SI engine,
particularly in larger engines. The remainder of the cycle is then identical to that of the SI engine.

Two-stroke engines

Fig. 1.4 shows a two-stroke engine cycle. If, as shown in the figure, the piston starts at top dead centre
(T.D.C.) it moves downward in the power stroke. Towards the bottom of this stroke, exhaust ports are
uncovered and, the exhaust gases "blowdown" to the exhaust system. Simultaneously inlet ports are opened and
a pressurised charge, either a fuel:air mixture in the case of an SI engine or air alone for a CI one, is forced in
through the ports. The geometry of the piston top is such that this scavenges the cylinder of burnt exhaust
gases and leaves it charged with fresh air or mixture. The pressurised inlet charge is obtained either by
compréssing in the crankcase by use of the downward movement of the piston in the power stroke or by a
separate blower. With CI engines in particular, the higher pressures obtained by a blower allow use of excess
scavenging air to completely clean out the cylinders as no fuel is then wasted. On rising in the second stroke,
the piston seals off the ports and commences compression. The remainder of the stroke is thus a similar
compression to a four-stroke engine. The combustion processes are also similar. It should be noted that,
although ports are widely used on two-stroke engines, they are sometimes replaced by poppet valves.

1.6.2 Gas turbines

In gas turbine operation the air is admitted continuously to a compressor which, in modern turbines is generally
axial flow. Fig. 1.5 shows the various sections. Pressure is raised through two or three compressors each
driven independently from its own turbine disk on co-axial shafts to allow each to turn at different speeds.
With modern aircraft engines, the first of these, the low pressure compressor, is basically a fan which provides
a large mass flow rate but only a small pressure rise. Only a proportion (as low as 15%) of the fan air actually
passes throngh the engine core. The rest goes directly to the jet stream where the low velocity, high mass flow
augments jet efficiency. Most of the compression is carried out in the intermediate and high pressure
compressors which themselves each have large numbers of rows of blades. Pressure ratios of the order of 20:1
to 45:1 are typical of modern engines.
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In modern gas turbines, the turbomachinery nearly always consists of an axial flow compressor and an axial
flow turbine. Very early engines used centrifugal compressors and occasionally these still have some
application but they are not suited for the multi-staging necessary for the very high pressure ratios used on
modern aircraft engines. The power for the compressor is taken from a turbine in the first stage of expansion
and, as the compressor can consist of several stages, there may be two or even three turbine stages each driving
a compressor stage via co-axial shafts. The remainder of the expansion is used for power in a jet nozzle
(aircraft) or in further turbine sections to drive a power shaft. Figure 1.6 shows some typical gas turbine
arrangements.

FUEL INJECTORS COMBUSTION CHAMBER
INTAKE AIR
COMPRESSOR TURBINE
EXHAUST
JET NOZZLE
CONNECTING SHAFT
TURBINE TO COMPRESSOR
Figure 1.5 Arrangement of components in a gas turbine
Jet Thrust Shaft Work
AVAYAVAVAWL & \ A~ X ¥ Y
AXIAL FLOW TURBO-JET INDUSTRIAL GAS TURBINE
Propeller Thrust Fan Thrust Jet Thrust
/ (major proportion) (minor proportion)
R Jet Thrust
(minor)
0/ N
TURBO - PROPELLER TURBO - FAN

Figure 1.6 Some methods of power extraction from gas turbines (a) axial flow turbojet, (b) industrial gas
turbine, (c) turbopropeller, (d) turbofan
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In modern aircraft engines, extra power is extracted in turbine sections to drive a fan, which may be
regarded as a shrouded propeller, Although the fan becomes the first compressor stage, most of its air by-
passes the engine and is used for thrust. By-pass ratios (mass flow rate around the core engine to mass flow
rate through it) range from 1:1 to 5:1 but designs for unducted fans will, in the future, noticeably increase this
value to around 7:1. This by-pass air makes the jet thrust more efficient. The effect of by-pass air may be
simply calculated by use of the impulse-momentum principle. Assuming that the inlet and exhaust pressures
are both atmospheric, the thrust force, T, for an engine is given by:

T=rn(V,-V,) .

where V; and V, are the air velocities relative to the engine and m is the mass flow rate, neglecting the
addition of the fuel, through it. Note that V, is approximately the velocity of the aircraft and so the jet velocity
must exceed this value to give a positive throst.

The thrust can be increased by changing either Vjor m assuming that I, is a fixed value. Now if the gas
left behind in the atmosphere by the jet is considered, its absolute velocity is V_] - V.

Its kinetic energy is then:

Energy lost (KE/s)z‘/zm(Vj—Va)z (1.8)

This is lost energy because once the jet is clear of the aircraft, it has no further value. The energy used can be
obtained by multiplying the thrust by the aircraft velocity.

Energy used =TV, = m(V,-V, )V, .9
Hence, the total energy is:
Total energy in jet=m (Vj -V, )Va +4m (Vj -V, )2

=1/2'7'76’j2-va2) (1.10)

The jet propulsion efficiency can now be obtained by dividing the energy used by the total energy.

n. = (Vj—Va)Va 2y, ..
? %(V-Z—Vaz)ﬁVj-l-Va a.1p

J

It can be seen that the maximum propulsion efficiency of 100% can only be obtained when V; is equal to Vj at
which stage the thrust is zero. As V; is increased, the propulsion efficiency decreases but the thrust per unit of
mass flow increases. Values are shown on Figure 1.7. For a given thrust and a high propulsion efficiency, it
can be seen that it is best to increase the mass flow rate rather than the jet velocity. The high by-pass ratio
achieves this purpose.

A further benefit is that jet noise is proportional to, approximately, the seventh power of the jet velocity.
Thus, a high by-pass engine is also quieter.

Air is admitted to the combustion chamber which may be a series of "cans" arranged around the engine or a
fully annular device on modern engines. The fuel spray is admitted to the combustion chamber at its leading
edge and the air flow is directed through a series of holes in the walls to maintain flame stability and promote
cooling. Although some pressure loss occurs in the combustion chamber, it is essentially a constant pressure
process. Expansion occurs initially through the turbine disks, the first high pressure one driving the last high
pressure compressor and so on. Thus, two or three turbine stages are used, one for each compressor section.
However, in many low by-pass engines, the fan and intermediate pressure compressor are connected to the one
shaft and are essentially the same low pressure compressor. Some air is also ducted directly from the
compressor through the shaft to the turbine blades where it is used as a coolant. The remainder of the
expansion may occur either in a jet nozzle for aircraft or through further turbine sections for stationary gas
turbines in which shaft work is obtained. It should be noted that stationary gas turbines have no need for by-
pass air from a fan.
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Figure 1.7 Jet propulsion from aircraft gas turbines, effect of relative jet velocity on thrust and propulsion
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PROBLEMS

1.1 Estimate the number of MJ of chemical energy in the tank of your car if the heating value of the fuel is 44
Ml/kg and the fuel relative density (i.e. compared to water) is 0.74. Determine the time taken to fill the tank of
your vehicle and hence estimate the energy filling rate in kW. If the vehicle uses 12 kW to maintain a constant
speed of 80 km/hr and is 20% efficient (overall) at that speed, determine how long the fuel supply will last, the
distance covered and the fuel consumption rate (either km/L or L/100km). In practice, how would you expect
normal operation (acceleration, deceleration, idling etc.) to alter this consumption rate?

1.2 A large passenger jet aircraft requires 40 kN of thrust/engine at cruise. Assuming the cruise speed to be
864 km/hr, determine:

(a) the power required by the aircraft

(b) the rate of energy supply in the fuel to all four engines assuming that they are 30% efficient under these
conditions.
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(c) both the mass and volumetric fuel supply rate if the fuel relative density is 0.76 and its heating value 43
Ml/kg. Compare this with the flow rate from the fuel bowser used for filling your car’s tank in problem 1.1,

(d) estimate the total quantity (both volume in kL. and mass in tonnes) of fuel which needs to be carried for a
trans-Pacific crossing of 12.5 hours at this speed. For this first order estimate, neglect any differences due to
take-off and landing fuel burn.

(e) determine the saving in mass if the engine efficiency can be increased to 35%.

1.3 In the future, alternative energy sources are likely to be required for transport..

Using the examples of the car and aeroplane at constant speed as in questions 1.1 and 1.2, evaluate the
following (in terms of additional volume, mass or surface area for energy collection as appropriate) for the
same power requirement and range. The fuel tank mass for the conventional fuel may be taken as 25% of the
fuel mass for the car, 1% of the fuel mass for the aircrafi. The heating value (lower) and density of the
conventional fuels and the engine efficiencies are given in problems 1.1 and 1.2. The efficiencies may be
assumed to be unchanged for conversion to an alternative combustion engine while the other data is tabulated
below. Comment on any other deficiencies of the alternative energy source.

Combustible Fuels
Fuel Heating Value Densi Tank mass
MJ/kg kg/m (% of fuel mass)
Methanol 20 706 25
Ethanol 26.7 794 25
CNG 46.7 133 (at 17MPa, 300 K) 700 (steel),
170 (wrapped carbon fibre)
LNG 46.7 440 75
eI energy sources
Solar voltaic panels:

Maximum energy collection with clear sunlight normal to the collecting surface:
1 kW/m? at sea level, 1.3 kW/m? at 10,000 m
Factor to allow for variation from the normal over 12 hours daylight: 0.6
Factor to allow for variation from the normal due to latitude:
0.90 (35° latitude), 0.95 (average for journey 359 N to 359 S latitude)

Solar collection efficiency 22%

Electric motor efficiency 90%
Battery Power:

Battery discharge efficiency 85%

. Electric motor efficiency 90%

Energy supply rate/ lead acid battery 120 Wkg”
Total energy stored/ lead acid battery 144 kJkg®

300 Wkg'!
300 kikg”

Energy supply rate/ possible new technology
Total energy stored/ possible new technology

1.4 It will be remembered from a first course in thermodynamics that the following relations apply:
s  First law of thermodynamics for a closed system

dgq=du+dw

s  Work done by a moving boundary

dw=pdv

s  Ideal gas equation

pv=RT
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Ratio of specific heats

c
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=%,
Show, for an adiabatic (i.e. dq = 0) process using an ideal gas in a closed system, that
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You may assume that dq = c,, dT for any process in an ideal gas and that, also for an ideal gas, the gas constant
is the difference in specific heats. ~
» S =R

1.5. By taking a reversible process between two state points (py, vq, T1 and py, vp, Tp), and using the ﬁrst‘yylaw
together with the entropy relationship from the second law,i.e.

show that the entropy change depends only on the properties at the two state points and is described by the
relationships

ds=cvd—T+Rgl
T v
ds:cpﬂ_ @
T p

You may assume that the enthalpy, h is given by:
h=u + pv for any substance
=1+ RT for an ideal gas

Hence, for an isentropic (i.e. s constant) process, show that the relationships developed in question 1.4 also
apply. Explain why both these derivations represent the same (isentropic) process.

1.6. Show, for an ideal gas expanding through any polytropic process which can be described by the equation
pv"® = const.

.(note that n can take different values to describe different processes) and that the boundary work done is given
by

Wy, = PV, —P2V2
n-1

1.7 Air, which may be assumed to be an ideal gas, expands through an isentropic process (for which the value
of n = y=1.4) from a pressure of either 2, 5 or 10 MPa to the atmospheric pressure of 100 kPa. Its initial
temperature in each case may be assumed to be 3300 K. Determine the work (per kg) which can be produced
by this expansion in each case and hence explain the importance of the compression process in an engine in
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relation to its potential work output. Also determine the temperature at the end of expansion in each case.
What can you infer about the work transfer and the temperature in relation to these results?

1.8. A reciprocating engine is required to produce 150 kW of power at its design maximum power speed. Make
an initial estimate of the required engine capacity (volumetric size) if it is:

(a) a four stoke SI engine, 25% thermal efficiency, 0.80% volumetric efficiency, ¢ = 1.0, maximum power
speed = 5000 r.p.m.

(b) a four stroke CI engine, 35% thermal efficiency, 0.85% volumetric efficiency, ¢ = 0.7, maximum power
speed = 3000 r.p.m,

(c) a two stroke SI engine, 20% thermat efficiency, 60% volumetric efficiency, ¢ = 1.0, maximum power speed
= 6000 r.p.m.

In each of the above cases, the volumetric efficiency is related to an atmospheric air density which may be taken
as 1.2 kg/m3. :
You may assume the following data for the fuel, He = 44 MJ/kg, air/fuel ratio by mass = 14.7:1

1.9 For each single gas turbine of the aircraft operating as in question 1.2, determine the air mass flow rate
through the core engine if the equivalence ratio ¢ (ie ratio of actual fuel/air to exact fuel/air for complete
combustion) at the time is 0.35. Determine the cross-sectional area and diameter (assuming it to be circular)
required at inlet if the inlet velocity is assumed to be equal to the forward velocity of the aircraft and the local
conditions are pressure, 30 kPa, temperature -50CC. The gas constant R for air may be taken as 287 J/kg K.
Assuming that a by-pass ratio of 4:1 is used, calculate the total mass flow rate of air, the cross-sectional area
and diameter (assuming a circular section) required.

For the fuel, Hg= 43 MJ/kg, exact (stoichiometric) air/fuel ratio = 14.7:1

1.10 For the engine of question 1.9, compare the propulsive efficiency to that of one with equivalent thrust but
no by-pass air.



Air standard cycles 2

2.1 CYCLE ANALYSIS

A simple overview of an engine as a steady state device as discussed in Chapter 1, section 5 highlights the
importance of the volumetric flow rate of air, the fuel to air ratio, the heating value of the fuel and the thermal \\
efficiency on its power output. It does not, however, give any insight into the fundamental effects, relationships
and limitations of the various engine parameters on these items or on others such as the composition of the
exhaust gases. To do this, the individual thermodynamic processes making up the engine cycle need to be
examined. Thus, cycle analysis is the basic theoretical step through which the practical development of engines »\\
has occurred. Without such a theoretical analysis, the levels of power output and efficiency obtained by modern
engines could not have been reached and internal combustion engines would have remained clumsy devices
more of curiosity than of practical value.

From the beginning of internal combustion engine development, some simple thermodynamics was used for
evaluation. One notable example was the realisation, during some comparative evaluation tests of 1867, that
the Otto and Langen "fiee piston” engine was more efficient (at about 11% overall) than the Lenoir engine (of
about 5%) in spite of its more clumsy mechanical arrangement because it allowed a much greater expansion
ratio. For many years, the major tool for analysis was the air standard cycle which was first developed by
" Dugald Clerk towards the end of the 19th century and these ‘essentially consider only the energy balance for the
working substance. In recent years, particularly since the advent of modern computers, much more detailed
theoretical cycles of this type have been available. These include more complex thermodynamic cycles
(sometimes called zero dimensional) which are essentially an extension of the air standard idea but which may
include such things as effects of the mixture of fuel and air (rather than just the air) and the real gas properties
of both the original gas mixture and the dissociated combustion products which vary with temperature. They
may be extended to study further detail by the addition of sub-models for such individual phenomena as
burning rates and emission production and are then known as phenomenological or for some specific
geometrical feature such as the fuel spray zone in CI engines when the term quasi-dimensional is used. If the
full fluid mechanics formulation of continuity, momentum and energy is considered, the cycles are called
multi-dimensional models. These have the advantage that they allow the full geometrical differences between
engines to be considered but are much more complex.

While more detailed information about engine processes, emissions etc. can be obtained from a modern
analysis, the air standard cycle is still of importance in that it allows simple mathematical equations to be
developed which describe the basic trends associated with the major engine parameters thereby giving an easy
guide to their effects. In addition, it provides the structure from which more complex engine cycle analysis can
be later understood and developed. This chapter is therefore devoted to an examination of air standard cycle
analysis for both steady flow (gas turbines) and intermittent flow (reciprocating) internal combustion engines.

2.2 AIR STANDARD CYCLES

Air standard analysis is, in fact, a familiar tool to those who have already dealt with basic thermodynamics in
that it uses cycles made up of idealised processes, each with simple mathematical equations, represented on a
state diagram as approximations for the very complex, real processes which occur in practice. The latter are, in
fact, rapidly occurring, non-equilibrium events for gas compositions which vary with timne and in which a range
of chemical, thermodynamic and flow processes are occurring. The air standard cycle assumes that the
processes are quasi-equilibrium, that is ones in which equilibrium of the complete working substance is
reached at each state point during any process, and that air alone exists as the working substance throughout
the whole cycle. Mixtures of fuel and air and of burnt or partly burnt gases are therefore not considered.{ The
combustion process is replaced by a heat transfer process to the air in the cycle using the equivalent amouii ~
energy to that obtained in practice by burning the fuel. A further heat transfer from the gas is used in the air
standard cycle to allow for the heat which is rejected to the atmosphere in the exhaust of most real engines.
These heat transfers are an artificial mechanism in order to allow the cycle to be considered as a simple, closed
system. Usually, in air standard cycle analysis, the values of the specific heats ¢p and c,, and their ratio, y are
considered to be constant throughout. This is obviously inaccurate but it allows tractable equations to be
developed. However, if greater accuracy is required, values of the internal energy, enthalpy etc. as functions of
temperature can be obtained from appropriate air tables or complex equations of state but simple trends with
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variation in the basic parameters are then less obvious and it is more useful to save this addition for a more
complex analysis. When constant specific heats are used, the temperature at which they are evaluated needs
consideration. A cold air standard is often applied where C,» ¢, and vy are evaluated at atmospheric conditions
but constant values at a higher temperature, for example the mm temperature of the cycle, are also in frequent
use thereby improving the accuracy of the analysis. However, as trends rather than accuracy are the important
element of air standard cycle analysis, this is more to illustrate the effect of a different isentropic index on the
efficiency of the cycle than to try to obtain great precision. As a general comment, it should be emphasised that
even the best results of air standard cycle analysis are not at all accurate. When compared with engine tests,
the power output and efficiency could be in error by perhaps 100% (ie calculated to actual values). The value of
air standard analysis lies in simply and rapidly assessing the relative effect of different parameters, processes,
energy transfers and working substance properties on the cycle.

There are a number of well known cycles which are designated by the names of some of the most significant
inventors from the early period of engine development. Perhaps the best known to the reader (and the most
important thermodynamic cycle from a theoretical point of view) is the Carnot cycle which does not represent
any actual engine in common usage. Thermodynamically, it represents the most efficient heat engine cycle
possible for operation between two temperature limits and, as it is considered in detail in most basic
thermodynamics courses, it will not be discussed further here. Other well known cycles are the Otto, Diesel
and Brayton (sometimes called Joule) which are the air standard cycles to be considered here for internal
combustion engines and the Rankine, a vapour cycle and the Stirling and Ericsson air standard cycles which
are important in external combustion engines. The Otto, Diescl or Brayton cycles are often taken as
representing reciprocating spark ignition, reciprocating compression ignition and rotodynamic gas turbine
operation respectively. However, particularly with reciprocating engines, the situation is more complex and a
cycle somewhere between the Otto and Diesel actually more closely represents both engines. This goes under
several designations, the Dual, the Mixed or the Limited Pressure cycle and is of considerable importance. The
Brayton, Otto, Diesel and Dual cycles will all be discussed below and their relationship to the appropriate
engines considered.

2.2.1 General Equations For Air Standard Cycle Analysis

The most important trends required from an air standard cycle analysis are those of work output and efficiency.
While each cycle will need to be considered on its own merits, some general principles apply. It is assumed
that the reader has some basic familiarity with cycle analysis from a previous thermodynamics course for the
following discussion.

Cycle analysis begins with the construction of a state diagram containing a series of processes which are the
nearest depiction of the actual events, an evaluation of the thermodynamic state at the each delineating cycle
point and a determination of the energy balance for each process. Every process will have a work and heat
transfer associated with it as, for example, w,_,, q;, for that from state point 1 to state point 2. It should be
noted that lower case letters designate intensive (values per kilogram) while upper case refer to extensive (total)
quantities. The sign convention used here is the traditional one of work output and heat input being positive
which is more suited to engines although it is noted that a number of modern texts apply the reverse sign to the
work term. To obtain the nett work output wy, of a cycle, the work for each process shounld be calculated and

summed. That is:

W, =W, tWy s +Ws i+ @D

Most processes will have some such work term, the exception being constant volume processes.
The total heat transfer for the cycle q, may also be obtained by the summation of that for the individual

processes. That is:

=N -2*q231q3 4+ 2.2)

Adiabatic (which includes isentropic) processes have no heat transfer but all others do. In the cycles associated
with engines, many of the processes will be approximated by an adiabatic. Thus the value qy, for a cycle is

often easier to obtain than the value wy,.
Now for a cycle, the first law of thermodynamics is usually written as:

2= W

In other words, the nett cycle work, wy, (i.e. Zw) can be obtained from the nett heat transfer, q,, (i.e. £q). This
is often expressed as
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W =9 added D rejected

or, with a more simple nomenclature as

Ww,=q,4, 2.3)
Here, the q, and q; represent the magnitude only of the heat transfer with its direction being accommodated by
the signs within the equation itself.

The cycle thermal efficiency is expressed as the ratio of the nett work (that is, the useful output of the
system) to the heat added (that is, the input which somehow is a cost to the user). Thus, the thermal efficiency
is:

w

qr
Ny =—"=1-2= 2.4)
9a 9a

The most useful form of the above equation will vary with individual cycles and both should be kept in mind for
future usage.

Property values are now assumed as being those for air. Air at moderate to low temperatures closely follows
the ideal gas assumption. While the temperature reached in most cycles are high, they are generally still within
the range where this is still reasonably valid. Therefore, the ideal gas relationships which also specify that the
internal energy and enthalpy are functions of temperature only, hold. That is, the change in internal energy
may be expressed, for constant specific heat values, as:

Au=c AT (2.5)
and the change in enthalpy as:
Ah=c, AT (2.6)

These relationships, it must be noted, hold, for an ideal gas only, for any process.

2.3 EXAMINATION OF SPECIFIC CYCLES
2.3.1 Gas Turbines - the air standard Brayton cycle and its derivatives

Gas turbines have become the dominant means of propulsion for aircraft during the last 30 years and are also
used for land and sea based operations. Their operation was described in Chapter 1 and it can be seen that they
are normally steady flow machines except during transients when, for example, they are warming up or
changing speed or load and they essentially consist of a series of separate but interlinked components which
themselves also operate predominantly under steady conditions. The basic components in order as the gas
proceeds through the machine are:

a rotodynamic compressor;

a combustion chamber;

a rotodynamic turbine section which occupies the initial stage of expansion and is used to drive the
COMPpressor;
o a further expansion stage where the useful work is extracted either in a nozzle as a jet for propulsion
purposes or in extra rotodynamic stages connected to a power shafi.

For an air standard cycle analysis, each of these components must be given an idealised thermodynamic process
which'has an easily tractable equation. Thus many effects which are relatively minor are ignored. One of the
keys to any successful cycle analysis is the exercising of appropriate judgement to determine not only which
factors are of lower significance but also, at a later stage, to be able to assess how much of the difference
between actual performance and the cycle analysis results is due to these simplifications. For the Brayton cycle
which is the basic cycle representative of the gas turbine, the simplification process may be described as
follows.
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i. Compression: During compression, the air moves rapidly through the compressor and, while some heat
transfer will occur, probably to the air in the initial stages and from it in the later ones, the actual quantity of
heat transferred per unit of mass flow is very small compared to the work input. Thus the process can be
designated approximately as adiabatic. However, while an adiabatic process can be handled directly by the first
law of thermodynamics, the establishment of the end point properties requires a process equation in terms of
the working substance properties. A compressor rotating at very high speeds will produce a reasonable degree
of disturbances to the fluid which render the process irreversible. However, as a first approximation, the
process may be taken as isentropic (reversible). Later, an improved assumption of irreversible but still adiabatic
compression can be included by use of a comparison, expressed as a compressor efficiency, between isentropic
and irreversible, adiabatic processes.

ii. Heat Addition: Following compression, the fuel and air are introduced in practice as two separate streams
into the combustion chamber where there is sufficient temperature for vaporisation of the fuel and ignition to
occur. The energy release is replaced by a simple heat addition of equivalent magnitude. Some pressure drop
is necessary to promote the flow but, as this is a small percentage of the absolute pressure of the chamber, the
heat addition process is usually regarded as constant pressure.

iii. Expansion: The expansion process may be viewed as isentropic following a similar rationale to
compression although heat transfer here is likely to be more significant because the gas temperatures are now
very high. Nevertheless, it is still small in comparison to the work output and so, again, an isentropic process
is chosen for the Brayton cycle. Again, a later comparison of the effect of the adiabatic, irreversible process is
possible by use of a turbine efficiency.

iv. Heat Rejection: The work producing expansion process continues, in an open cycle machine, until
atmospheric pressure is reached. This is identical to the compressor intake pressure but the exhaust
temperature is considerably higher. Although the gas in the exhaust is different from that at intake, the air-
standard cycle assumption is that heat transfer cools it to atmospheric temperature giving it identical working
substance conditions to intake, Thus, a final constant pressure determines the heat transfer from the working
substance. It should be noted that, in a closed cycle gas turbine which does in fact use a heat exchanger for this
purpose, there is an actual link between the exhaust and intake gas and some small pressure drop is necessary
to maintain the flow through it.

Gas turbines are well suited for an initial examination of the usefulness of air standard analysis because there
are many variations in their layout which can be highlighted in relation to a few parameters, the overall engine
pressure ratio r, and the maximum and minimum cycle temperatures. The cycle most relevant directly to them
is the Brayton cycle and it will now be examined for the basic machine and for more complex variations.
Additional cycles which are all therefore modifications of the Brayton cycle will be studied and these are called
the regenerative cycle, the intercooled and the reheat cycle. Combinations of these are possible.

2.3.2  Analysis of the Brayton cycle

p T
1 -2 |sentropic Comprassion 3
5 a 2 - 3 Constant Pressure Heat Addition
3 - 4 Isentropic Expansion
4 -1 Constant Pressure Heat Rejection
2 4
1 4 1
B R
v S
Pressure, Specific Volume Temperature, Entropy
Diagram Diagram
(@ ®)

Figure 2.1 Air standard Brayton cycle for gas turbine cycle analysis. (a) pressure-specific volume diagram, (b)
temperature — specific entropy diagram. 1-2, isentropic compression; 2-3 constant pressure heat addition; 3-4,
isentropic expansion; 4-1, constant pressure heat rejection.

The basic Brayton cycle as drawn on Figure 2.1 can be analysed with individual processes being either a closed
or an open system and it should be emphasised that the results are the same in both cases. As the gas turbine is
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in practice, essentially composed of components operating as steady flow, open systems, this will be considered
first.

Open system analysis
For a steady flow system, the first law statement can be written as follows:

q+h, +ke, +pe, =w+h, +ke, +pe, @7

where ke and pe are the kinetic and potential energies per unit mass respectively. Here the subscripts x and y
represent respectively the beginming and end of any process. Assuning, as is generally the case that the
potential and kinetic energy per unit mass are small relative to the other terms and can therefore be ignored, the

equation reduces to:
q+h,=w+h 2.8)

This equation can now be applied to each of the processes in turn.
The equation developed in section 2.1.2 can also be used. That is:

w,=q,-4, 2.9
Heat transfer does not occur during either the compression or expansion process as these have been assumed to
be isentropic, and is added only in process 2-3 (Figure 2.1) which represents the combustion chamber and
rejected only in process 4-1 (Figure 2.1) which represents the cooling of the exhaust gases. In neither of these
processes is work done during the steady flow as they have no devices such as turbomachinery by which work
transfer can occur. Hence, applying Eqn. (2.8) gives:

q, =1, (2.10)
Considering the magnitude of the heat transfer only, the heat rejection is,

Q=" 2.11)

Hence, the nett work becomes:

Wn=q,74, =(h3 -h2 )_(h4 '-hl ) (2 12)
or

w,=(h,—h, )}-(b,~h;) 2.13)

From Eqn (2.8) it can be seen that Eqn. (2.13) is also the expansion (turbine and/or nozzle) work w, minus the
compressor work w, as would be expected

N — (2.14)
Closed system analysis
Now, a closed system analysis may be used instead. Here the basic first law statement is:

q-w=Au 2.15)
But for both constant pressure heat addition and rejection processes,

w = [ pdv=pAv (2.16)

Hence
q= An+pAv=Alat+pv)=Ah .17

Therefore:

w,=q,—q,={#, -, Hh4 ) (2.18)
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which is the same result as for the open system. It should be noted, however that a closed system analysis does
not strictly represent actual gas turbine processes. In particular, it assumes that boundary work exists during
the heat addition and rejection processes.

Trends in the thermal efficiency

In either case, using the ideal gas relations for enthalpy,

w,= cp(13-1)- ¢ (,-T,) 2.19)
and thermal efficiency becomes
T,-T,
Yivzs T, T, (2.20)

Now if rp is used to designate the ratio of the maximum to minimum pressure in the gas turbine (i.e. the
combustion pressure to the intake pressure) which can be called the engine pressure ratio, and remembering
that it applies over the isentropic processes of both the compressor and turbine for the simple Brayton Cycle ,
the thermal efficiency can be modified as follows:

T 71
T_z ~)5 @2.21)
1
T 71
ﬁ— =()7 2.22)
Therefore Mo =1- 17_1 J Ty—Th } =1- —L-l— (2.23)
r) 7 l(T4 ) (rp )Z;"

Thus the thermal efficiency of the Brayton Cycle is dependent only on the engine pressure ratio and increases
with increase in rp. This should also be a fundamental factor in the variation that occurs in the gas turbine.
The increases are not linear but are of decreasing rate as the pressure ratio becomes higher as shown on Figure
2.2. Tt would therefore seem that all that is necessary for gas turbine development is to use as high a pressure
ratio as is compatible with the structural integrity of the engine. In fact this is an over-simplification and needs
further air-standard cycle investigation.
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Figure 2.2 Thermal efficiency 1y versus pressure ratio r, calculated from air standard Brayton cycle analysis,
Isentropic index, y = 1.4.
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2.3.3 Maximum work from the Brayton cycle

While the above formula give the efficiency and work output of the cycle, let us now investigate some practical
limitations on their application. In this section, the maximum work is to be considered.

Maximum engine temperature

Consider the cycle shown on Figure 2.3 on a temperature - entropy diagram. From Eqn. (2.23) it is obvious that
increase in the engine pressure ratio increases the efficiency. However, from the figure it is also obvious that
increase in pressure must also increase maximum engine temperature if the same quantity of heat is added per
unit mass of working substance. This is simply because the higher pressure ratio increases the end of
compression temperature and feeds through from there to the remaining state points. The effect of high
temperature is particularly critical in practice when the gas enters the first turbine stage. Here it has just left
the combustion chamber and is passing over high-speed machinery which should be of low mass and which
must be carefully designed, as will be seen later, to retain high engine efficiency. Thus the temperature at point
3 of the cycle, called the turbine entry temperature (TET), must be limited to a value which depends on the
current state of the arf in both high temperature metallurgy and in blade cooling design. A maximum
temperature is shown on Figure 2.3 as the horizontal line on the diagram.

Cycle with high Maximum
pressure ratio, Cycle
T low, heat addition Temperature

Cycle with low

pressure ratio,
high heat addition

Temperature-Entropy Diagram

Figure 2.3 Effect of maximum and minimum cycle temperature on gas tutbine performance.

The question must be, what happens to the work output if this temperature, T3 is fixed and the pressure ratio
varied from that of the original cycle. In order that the limiting maximum temperature not be exceeded, two
approaches are possible. These are that the pressure ratio is increased with a corresponding cut-back in the
heat addition or that it is reduced allowing greater heat addition to take place. It is obvious that the first should
increase the cycle thermal efficiency while the second should reduce it. Two alternative cycles are shown on
the figure, these approachmg the extreme cases. That is, the first has a pressure ratio which is such that the
maximum temperature is almost achieved with compression alone allowing very little heat addition while the
second has a pressure ratio approaching unity (that is, virtually no compression) and a very large heat input. It
can be seen that, in both these cases, the cycle area is extremely small and in fact approaches zero. That is,
there is little work output. and a maximum work output must exist for a cycle with a pressure ratio in between
the two cases.
Now for the isentropic compression and expansion processes

T.
@)y ==
? i Ty

2.24)

which on re-arranging, gives:
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1.T,
T, = 341
4 ——TZ (2.25)
Eliminating T4 from Eqn. (2.19) by use of Eqn (2.25) gives:
T,
W, :CP[T3—T2— ;1 +TIJ (2.26)
2

But T, is the ambient temperature which is fixed and Ty is the maximum temperature which, as previously
discussed is also fixed. Therefore, the work must vary only with temperature T5 and will have a maximum
value at a particular end of compression temeprature (and pressure). Differentiating and equating to zero to
find this maximum gives: '

W, _ 4,54 2.27

i . 227)
Therefore T3T21 =1

I,
and T, = (I3T,)" (2.28)
for maximum work output to occur.
Re-substituting for T, into Eqns. (2.23) and (2.24) gives:
7 Y2
W = o T (2.29)

at a pressure ratio of:

- [T
)7 {Tj (2.30)

If the maximum temperature, T3 is low, the maximum possible work and hence power output is also low. This
explains why early gas turbines were not practical because engine temperatures were severely limited. It also
shows why the gas turbine is suited to high altitudes where the cold ambient temperature allows an increase in
the maximum work.

Note that the same result can be obtained by expressing w;, in terms of 1, and differentiating with respect to
1,. In more complex cycles, this is often simpler but it is more complex for this basic cycle.

234  The effect of component efficiency

In the simple Brayton Cycle analysis, the compressor and turbine processes were assumed to be isentropic.
This is untrue as, although heat transfer may approach zero, there is always some friction with the flow through
high-speed turbine blades which increases the entropy. That is, there is more work required for the
compression and less obtained from the expansion than the simple analysis indicates. We will now see how
much the isentropic assumption affects the final thermal efficiency value.

A modified Brayton cycle with a more realistic temperature-entropy, (T-s) diagram is shown on Figure 2.4
with the dashed lines showing the irreversible, adiabatic processes. That is, although they have no heat
transfer, their entropy must increase and it can be seen in both cases that the entropy at the end of the process is

greater than that at the beginning.
To account for the increase in entropy, process efficiencies can be defined as follows:

(i) For the compressor, the adiabatic efficiency is:
_Wiseropic _ hpg —hy
7. W actual hy—hy
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1 - 2s Isentropic Compression

1 -2 Actual, Adiabatic Compression

2 - 3 Constant Pressure Heat Addition
3 - 4s Isentrapic Expansion

3 - 4 Actual, Adiabatic Expansion

4 -1 Constant Pressure Heat Rejection

Temperature, Entropy Diagram

Figure 2.4 Air standard Brayton cycle modified for adiabatic but non-isentropic compression and expansion.
1-2s, isentropic compression, 1-2, actual adiabatic compression; 2-3 constant pressure heat addition; 3-4s,
isentropic expansion; 3-4 actual adiabatic expansion; 4-1 constant pressure heat rejection.

and, for an ideal gas, this becomes:

Tls _Tl
.= 2.31
=T @231

For the turbine, the adiabatic efficiency is:

Wora _ M3—H,y

77T = =
w isentropic h3 _h4s

Again for an ideal gas:

-T,
==3 "4 2.32
Uk T,-T,, ( )

Note that the definitions are inverted between the compression (work input) and expansion (work output) cases.
This is because the frictional effects always result in a less efficient process. The values of ¢ and n are
always less than unity. Returning now to a conventional approach to the cycle analysis, the work output is. as
before although the location of the state points are different as can be seen on Figure 2.4 and a thermal
efficiency can be obtained. That is:

_m(0-T) -1/ 0.0, -T1) (2.33)
=T, 1/ 7,5 —T3)
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Note th.jat the numerator is the actual turbine work minus the actual compressor work and that, while the work
output is reduced, the heat addition is also reduced because the extra compression work raises the end of
compression temperature.

Assuming a constant pressure combustion as before still with a pressure ratio of rp, the above equation can
be modified to:

T 1
7
1 ;- 1;;7
=|1-—7 T “__i 2.34)
by Nh-T-Ln, -1
e

The term in the first bracket is identical to that for the thermal efficiency of the Brayton Cycle while that in the
second bracket expresses the effect of the modification due to the component efficiencies. Note that this term
reduces to unity for n. and nT equal to one (that is 100%). A typical plot of the thermal efficiency against
pressure ratio obtained from this equation is shown on Figure 2.5.
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Figure 2.5 Thermal efficiency of a gas turbine with different turbine and compressor isentropic efficiencies.
Minimum cycle temperature, T; = 300 K,; Maximum cycle temperature T; = 1760 K, y= 1.4

Series 1: nT = 100%, n = 100%; Series 2: n = 90%, 1 = 90%, Series 3: nT = 90%, n = 70%;

Series 4: nT = 70%, 1 = 90%; Series 5: iy = 70%, n¢ = 70%;

For n and n of 100%, the thermal efficiency is identical to that of the Brayton Cycle and continues to rise as
pressure ratio increases. However, as either ne, n or both are reduced, the thermal efficiency now peaks at
particular values of rp. The maximum thermal efficiency and the pressure ratio at which it occurs both become
less as the component efficiencies reduce. Of the two, it can be seen by comparing the lines on Figure 2.5 that
the turbine losses have a more deleterious effect than those for the compressor. In spite of this, while both
compressor and turbine have received considerable attention in relation to their development since gas turbines
were introduced, the former has received the most. This is because the heating effect of the entropy increase at
each stage (or element of the process) as the process progresses makes compression a little harder and
expansion a litile casier to obtain and high overall isentropic compressor efficiencies are more difficult to
achieve than turbine ones. This stage reheating effect will be dealt with in a later chapter. It can be seen that,
when both n¢ and n fall to a low value of, say, 70%, the maximum thermal efficiency has reduced to a low
4% at a pressure ratio of just over 2:1. High turbomachinery component efficiencies are therefore of extrere
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importance but are difficult to obtain. Again, this was another factor which inhibited the development of the

gas turbine. ‘
Note that, for this cycle, the maximum work can easily be found by the methods of section 2.3.3. Then

Ty =[77c I TI]%

4
7_‘1_ 7
(TP) ¥ —[ﬂcﬂ:r TJ

and

1 \2
Wy = Col(m Ty )F (T, /11 )%)

It is suggested that this proof is attempted as a problem. Note that the alternative method of derivation using
dw,/dr, = 0 is recommencded.

2.3.5 The regenerative gas turbine cycle

Even with high component efficiencies, a very high pressure ratio is required for a conventional gas turbine in
order to obtain a good thermal efficiency. This has disadvantages in the size and complexity of the
turbomachinery, particularly the compressor and the mass of the engine which must provide a strong structure
to withstand the very high pressures. Also, engine durability is likely to suffer. However, the Regenerative Gas
Turbine provides a potential alternative although, to date, it has only partially fulfilled its potential in practice
due to the difficulty of obtaining the necessary high regenerator efficiency.

A conventional Brayton Cycle for a low pressure ratio engine is shown on Figure 2.6. It can be seen that
the temperature of the gas at the end of the expansion process is still very high, substantially above that of the
gas emerging from the compressor. The use of the exhaust to pre-heat the compressed gas to a temperature T
at state point x part way along process 2-3 is therefore a possibility and, as this would reduce the heat input
required from the fuel without altering cither the turbine or compressor work, it can be seen that the thermal
efficiency of the cycle could be improved. This then is the basic concept of the regenerative gas turbine.

2-X Pre-heating of air
prior to combustion
by exhaust 4-Y 3

X

Temnerature-Entroov Diagram

Figure 2.6 Regenerative cycle; Preheating of compressed air prior to combustion by exhanst gas

The effectiveness of the regenerator is extremely important and the best possible result would be for Ty to be
identical to the temperature T4. This value cannot be exceeded and is impossible to completely achieve in
practice but a lower value is possible. The effectiveness of the regenerator can be defined as:

_actual temperature rise of the gas being heated

r . . .
maximum possible temperature rise
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T, T,
T, =T,

(2.35)

Obviously an effectiveness of 1 gives Ty equal to T4 and it is only this best possible case that will be considered
in the present analysis. Needless to say, any case with an inferior effectiveness will result in a lower thermal
efficiency. The cycle analysis proceeds very easily by evaluating thework from the turbine minus that from the
compressor as previously and dividing by the now reduced heat input.

(%-7,) - @-1)
= 2.36
T)TH (T3 _Tx) ( )
If Ty = Ty, this becomes
M =1-0-11)/ (T5-T,) 2.37)

Substituting for Ty and T, in terms of the pressure ratio rp then gives:

y-1
T][rPT_l] r r-t
N = 1- o = 1-—1—%’;’_— 2.38)
T3[1—1/rP7J 3
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Figare 2.7 Thermai efficiency of the regenerative gas turbine. Isentropic index y = 1.4, effectiveness of heat
exchanger = 100%; minimum cycle temperature T; = 300 K; maximum cycle temperature, T; = 1760 K

This is plotted on Figure 2.7. It can be seen that the efficiency is a maximum for rp equal to one and reduces as
p increases. This is the opposite trend to that of the conventional Brayton cyle. At rp equal to one:

Ny =1-—7—= —/— 2.39)

That is, it is equal to the efficiency of the Carnot Cycle which operates between the same maximum and
minimum temperatures. This is also the value reached by the conventional Brayton Cycle with a pressure ratio
such that Ty reaches the maximum cycle temperature, T3. In neither case does the cycle produce any work
output. If the thermal efficiencies of the two cycles are plotted on the one graph, it can be seen that they cross
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at a particular pressure ratio, the Regenerative Gas Turbine having the better efficiency below this point while
the conventional gas turbine (Brayton) cycle is superior above it. The intersection point can be determined by
equating the thermal efficiencies of the two cycles. That is:

7-1
4

(- hrer g 1 (2.40)
T, 71
rp y
Hence, the pressure ratio at the intersection can be determined as:
%
e Y
()7 [ TJ (2.41)

This is identical to the value for maximum Brayton cycle work determined previously. Hence, above this point,
the regenerative cycle has no advantage over the Brayton Cycle here and its greater complexity in practice
makes it an unlikely option. Note that higher isentropic compressor and turbine efficiencies are likely to be
achieved with lower pressure ratio turbomachinery and this will move the crossover point to higher values of
pressure ratios. Also, when structural lightness together with a greater thermal efficiency is required and some
sacrifice of specific work output can be tolerated, the regenerative cycle has potential. For example, it has been
investigated as a power source for automobiles with a pressure ratio as low as about 4:1. The major problem
lies in producing robust, lightweight and effective regenerators, rotating ceramic types showing the greatest
potential.

2.3.6 Intercooling and reheating for gas turbine cycles

Intercooling

As a gas is compressed, its temperature rises together with its pressure reducing the gain in density and
requiring more work input to achieve a given incremental pressure ratio late in compression compared to the
beginning. If, however, the compression is carried out in stages with cooling, normally called intercooling,
between them, the total work requirement is reduced. This can be utilised to increase the nett work output of
the gas turbine. The cooling is normally close to a constant pressure process and it is possible to have several
intercooled stages. An example of the cycle is shown on Figure 2.8 of two compression stages with a single

intercooling process between. Because the ambient is the normal restriction on the cooling, this process can

extend down to that temperature but is limited to it.
Assuming all compression processes are isentropic and that the specific heats are constant, the compressor

work for the original single stage is:

7-1
W, =cp(-T;) = cpT, (’PT— lj (2.42)

whereas, for the two stages, it is:

W, =cP(Ta ‘"T1)+CP(T2 _Tb)

1 1
=cphy|tpy 7y —1lHepTy| rpy » —1 (2.43)

Here rp; and rp, are the pressure ratios of the first and second stages respectively. It should be noted that:

Ip = Ip;Tp, (2.44)

When the limiting case is reached where Ty, is equal to T}, the compressor work becomes:

71 7
W, =cCp || Ty 7 +1p 7 —Zj (2.45)
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Figure 2.8 Thermal efficiency of an intercooled gas turbine. Equal stage pressure ratios during compression.
Isentropic index y = 1.4, minimum cycle temperature T; = 300 K; maximum cycle temperature, Ty = 1760 K

To determine the value of the stage pressure ratios t0 minimise the total compressor work for a given overall
pressure ratio, either rpy or rpy can be eliminated. Hence:

71 71
wWoe=cpTi|rm 7 +(rp/rp) 7 -2 (2.46)
To obtain the minimum value:
dw, -1 [(r1 -1 7t (et ]
=c¢ply L"Pl[ 7 IJ —y—’P b4 /"mt 7 =0 2.47)
drp, Y Y

% (2.48)
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with rpy having the same value.
The amount of work input that has been saved can be calculated by substitution into Eqn (2.46) and its

subtraction from Eqn. (2.42) giving:

2
y-1
Woved = CpT) [rpﬂ —1] (2.49)

which can be quite substantial.
Although less work compared to a single stage compression process has now been used to reach the desired

final pressute, it does not follow that the thermal efficiency has increased. It can be seen by inspection of the
T-s diagram of Figure 2.8, that the cooling has resulted in a lower end of compression temperatute than would
have otherwise occurred requiring more heat input to regain the original value. This heat is added at a low
average temperature which is detrimental to high efficiency. The overall thermal efficiency of the Intercooled
Cycle will now be explored using the minimum compressor work case examined above as an example. It must
be remembered that the following equations apply only to this case and are not general for all intercooling
applications.
The thermal efficiency is:

W, —W,

]7:
Ty,

- CP(Ts ~7’4)—010(7’0 ‘Tb)"CP(Ta “Tl)

CP(T3 —Tc)
-1 y-1
T, 1—1/r,,7J—2T1 rpzy —1
= 7‘1
Ty —Tirp 2y
y-1 T, y-1
(1—1/&,7]—%[57 ~1]
= 2 (2.50)

This is plotted on Figure 2.8 together with the Brayton Cycle thermal efficiency using a temperature ratio
T3/Tq of 5.87 (i.e. 1760/300) and an isentropic index, y of 1.4 [(y-1)/y = 0.286]. The intercooled cycle can be
seen to have a lower thermal efficiency throughout the pressure ratio range. Even if the total beat input had
been kept constant and the final temperature lowered correspondingly, the result would have been similar. Its
advantage lies therefore, not in increasing the efficiency but in giving a greater power output for a given size
machine. Some increase in mechanical complexity is, however, required.

Reheating

Reheat is best known in gas turbines as a means of obtaining additional thrust in high performance, supersonic
aircraft by burning more fuel just upstream of the exhaust nozzle but downstream of the turbine unit which
drives the compressors. It can be seen from a cursory examination of the cycle on a T-s diagram (Figure 2.9)
that this extends the cycle area and hence results in a greater work output. It should be noted, however, that the
increased work is obtained at the expense of additional fuel and does not increase the thermal efficiency, in fact
it will reduce it because the pressure ratio over which the gas can be further expanded in order to obtain work
from the additional energy input is now smaller.

The concept is not limited to the above application and may be used between turbine stages of a gas turbine.
In theory, as with intercooling, a large number of reheats are possible but, in practice, these are limited because
of the mechanical complexity. The maximum temperature which can be tolerated during reheat is identical to
the normal end-of~combustion value because the next stage turbine blades have the same limiting design
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Figure 2.9 Thermal efficiency of a reheated gas turbine. Equal stage pressure ratios during expansion.
Isentropic index v = 1.4, minimum cycle temperature T; = 300 K; maximum cycle temperature, T; = 1760 K

conditions as the first stage. In the case of reheat in the exhaust pipe for nozzle ¢xpansion only, the conditions

are different and some increased temperature may be possible.
The analysis follows a similar pattern to that for intercooling. Assuming all expansion processes are

isentropic, as before, the turbine work for the original single stage is:
r-1
w, =cp (7} —T4)=cPT3(1~1/rP7'] (2.51)

whereas, for the two stages, it is:

wy = cplly —T,)+cp(T, - T,)
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r-1 r-1
= cPT3[l—1/rP17]+cPTe[1—1/rP27’] (2.52)
For T, equal to T3, the work output in the latter case becomes:
r-1 r-1
W, = cPT3[2 —1/ry y -1/ rPZTJ (2.53)

Substituting for either rp; or rpy in terms of the overall pressure ratio, rp and maximising the value of the
expression by differentiation as in the intercooled case, gives:

G ) e

-1
W L A /rey |=0 @.54)
drp, Y
Hence, a value of rpy (and rp)) is obtained as before:
1, =rp 7 (2.55)
The additional work output for this maximum case follows as:
1Y
Wadditional = ¢p13| 1—1/ o2y (2.56)

which again can be quite substantial.

In this case, an additional heat input is required between stages which is an operating cost unlike the
intercooled case where the extra heat rejection required only greater mechanical complexity. The additional
heat is added at constant pressure (in the real situation, some small pressure drop would exist) and so is:

Gadditional = ©p (Te ‘Td)

r-i
=cp| I3-T5/¥p; y
r-1
=cpl3| 1-1/1p ¥

-1
=cpT3[1—1/ o2 ] @.57)

The ratio,
r-1

Wodditional _ 1 _ 1/ p, 5 (2.58)

4 additional

which is less than one. That is, as would be expected, all the additional heat input cannot be turned into useful

work.
The efficiency of the reheat gas turbine cycle is reduced below that of the original Brayton cycle. For the
maximum work pressure ratio explored above, the reheat cycle efficiency is:

ﬂm=w'_wc
9,

_ CP(T3 “Td)+ ¢p (Te “Tf)— CP(Tz ”Tl)
¢p (Ts ‘T2)+Cp(Te 'Td)
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Figure 2.10 Thermal efficiency of a combined reheat-intercooled gas turbine. Equal stage pressure ratios
during compression and expansion. Isentropic index y = 1.4, minimum cycle temperature T; = 300 K;

maximum cycle temperature, T; = 1760 K
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This, together with the intercooled and Brayton Cycle efficiencies is plotted on Figure 2.9 for a T3/T value of
5.87. It can be seen that there is a noticeable drop in thermal efficiency throughout the pressure ratio range and
it is, in fact greater than that of the equivalent intercooled case.
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Combined reheat and intercooling

Reheat and Intercooling are commonly proposed for use together in order to obtain a machine with a high
specific power output (i.e. power per unit mass). Here the cycle is a direct combination of the two as shown on
Figure 2.10 with the separate advantages accruing in the additional area of the two parts of the cycle. As in the
above cases, the minimum compressor and maximum turbine work occur (for a two stage process in each)
when the stage pressure ratios are each the square root of the overall pressure ratio. Although this is again a
specific case, it will now be examined for its overall effect on thermal efficiency.

The nett work output is given by the sum of the two turbine minus the two compressor stages and the heat
added is that during the initial combustion plus that during reheat. That is:

W =ep (I~ T, WE~T HT T M. T )| (2.60)
a,=cp [T T T 7)) @.61)
Using the same procedure as before to introduce the pressure ratio, the thermal efficiency becomes:
r-1 r-1
(2—2/ r,;?]—T1 /Ty (2rPZ—2J

Ty = — (2.62)

71 bl
2_rP2}'7'1/T,3_1/rP2}'

This, also plotted on Figure 2.10 for T3/Ty equal to 5.87, shows that the combination of the two is, under these
conditions, less efficient than either separately and considerably less efficient than the simple Brayton cycle.
However, it can be seen from the T-s diagram, that the low end of compression and high end of expansion
temperatures T, and T, improve the prospects of this cycle for regeneration. When this is implemented, the
cycle efficiency improves over the basic Brayton cycle. By introducing more stages for both compression and
expansion, the limiting case can be reached where an infinite number of extremely small intercooled and
reheated stages are used. Here the cycle approaches one with constant temperature compression and expansion
with full regenerative heat transfer between the constant pressure processes. This is the Ericsson cycle which
can be shown to have a thermal efficiency equal to that of the Carnot cycle operating between the same
temperature limits.

The thermal efficiency for the reheat, intercooled cycle with n stages for each of the compression and
expansion with the same pressure ratio is:

7= r-1
(n—n /1y ny )—Tl /T3(an77~nj
= (2.63)

’IIH - r-1 y-1
n—ryr T, I Ty~ (n=1)/r, a7y

It should be noted that there is no reason why the number of stages in compression and expansion must be
identical and the reader may establish appropriate equations for say n stages of the former and m of the latter by
following the same techniques as above.

Regeneration with the intercooled, reheated cycle

For any of the intercooled, reheated cycles, the thermal efficiency falls although the work output increases.
Regeneration can be added to any of these in order to improve efficiency, Taking the same situation as
described by Eqn. (2.63) and assuming that 100% regeneration is available, the equation for thermal efficiency
requires only a modification of the denominator. The result is:
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Figure 2.11 Thermal efficiency of a multistage combined regerative-reheat-intercooled gas turbine. Equal stage
pressure ratios during compression and expansion100% regeneration. Isentropic index y = 1.4, minimum cycle
temperature T; = 300 K; maximum cycle temperature, T; = 1760 K
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The variation of the thermal efficiency with the number of stages can now be calculated and is shown for a
pressure ratio of 20 and a temperature ratio, T3/ Ty of 5.87 on Figure 2.11. For n = 10, ny is 81.4%. The
Brayton cycle, the regenerative cycle and the Carnot cycle efficiencies for this case are 57.5%, 59.9% and
83.0% respectively. The relationships should be noted for n = 1 and for large values of n approaching infinity.

2.3.7 Assessment of air standard analysis for gas turbines

Note that further complexities can be easily built into this type of analysis. For example, thesmall pressure drop
through the combustion chamber could be considered, or regeneration with less than 100% effectiveness might
be analysed. The reader is encouraged to consider these adaptations.

As pointed out previously, cycle analysis is particularly useful for gas turbines. This is because they consist
of a series of linked but separate mechanical components with continuous, steady flow, each then being able to
follow a single process equation more closely than for example happens in reciprocating machines where
everything occurs in the ope unit. Also, the separate components allow considerable flexibility in the
arrangement of the machine as a whole with many simple trends to be explored. Some of these have been
discussed in the previous sections. While this has provided a good insight into the changes in efficiency and
power possible with the various arrangements, the quantitative answers will not accurately reflect actual
conditions. Some of the reasons for this are as follows.

Fluid Friction

While the fluid friction can be taken into account by use of isentropic compression and turbine efficiencies as
demonstrated, these are essentially empirical and experimental data must be obtained to evaluate them. This
needs to be quite reliable. Other important effects of fluid friction are the pressure drops which exist as the
fluid passes from one component to another and particularly in the combustion chamber itself. This last is
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partially due to the swirling pattern which must be imposed on the air entering the primary combustion zone so
that good mixing with the fuel will take place and partially on the large quantity of air which must be made to
pass through narrow slots or holes along the periphery of the chamber in the secondary region for cooling

purpaoscs.
Mechanical Losses

While mechanical friction is not a large loss, it is neverthless significant and may be of the order of 10% of the
work output. Losses occur in the bearings of the shaft or shafts joining the turbine and compressor units and,
in an industrial type, on the power output turbine. Note that the turbine work output transferred to the
compressor will therefore always be greater than the work absorbed. Different configurations will have
different losses. Peripheral machinery such as fuel and oil pumps also use emergy and this also needs
consideration. Each specific gas turbine must then be studied separately.

Properties of the Working Substance

The gas which is the working substance in the engine is only air for part of the cycle. After compression, it
consists of the burnt products of the combustion and the remnants of the air. Because gas turbines operate on
relatively lean fuel to air ratios, the deviation from air properties is not as marked as in reciprocating engines,
particularly SI engines. Temperature also noticeably modifies the gas properties and the simple air standard
analysis does not include this although it is possible without much greater complexity. Typically, variations in
Cp, Cy and y between say 250 K and 1700 K are 10% to 20% or more. When taken as constant, even if
average values are used, some considerable error is possible.

Combustion

Gas turbine combustion is an efficient process with few directs losses. Typically, a 98% combustion efficiency
can be assumed. Nevertheless, if the addition of heat is taken as the lower heating value of the fuel, a
considerable error results. This is because, at the high combustion temperatures, some of the products do not
form completely and remain dissociated into other species releasing less energy than anticipated to the working
substance. Recombination only occurs during expansion and much of this may be so delayed that very little of
the energy is recoverable. Typical dissociations of this type are the CO and O which eventually combine to
form CO, and Hj, OH and O, which form HyO. A full combustion calculation of the heat relaese is therefore
necessary for an accurate cycle analysis.

Heat transfer

In any combustion engine, heat transfer losses are inevitable. In gas turbines, these occur through the outer
casing of the engine to the atmosphere. In aircraft engines, some of this is recoverable in the by-pass air stream
which is ducted around the core but, nevertheless a considerable loss occurs. A full cycle analysis should
include an assessment of heat transfer.

Other losses

Various leakage losses are possible around the tips of the turbomachinery blades. They are of particular
importance in compressors where they induce backflow making additional work necessary for the same mass
flow rate but they also reduce the work output of the turbine where they occur in the flow direction. In modern
gas turbines, active tip clearance control , usually by piping around the outer case which can be pressureised,
has helped reduce them. Other losses may be deliberate and include air which is bled from the compressor and
ducted to the turbine blades for cooling purposes. Also, under some conditions, air is bled from the compressor
for control purposes. This is particularly the case during transients. While all these factors can be modelled,
they require knowledge of the particular unit and are difficult to include at an early stage of the analysis.
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2.4 RECIPROCATING ENGINE CYCLES - THE OTTO, DIESEL AND DUAL CYCLES

Reciprocating engines provide by far the most common types of prime movers in use throughout the world.
They exist as both petrol (gasoline) and diesel oil engines which will be designated as spark ignition (SI) and
compression ignition (CI) respectively because of their respective systems. In both cases, the cycles are
complex because of the intermittent processes which make the analysis less accurate than that for the steady
flow gas turbines. Nevertheless, cycle analysis is the only way that an accurate understanding and quantitative
evaluation of engines can be carried out and has been instrumental in their rapid improvement in both
efficiency and emission levels in recent years. While considerable improvements over the air-standard
approach are extremely important here, the initial understanding can best be obtained by simple considerations
as with the gas turbines.

2.4.1  The air standard Otto cycle

The Otto cycle is usually regarded as the most representative cycle for the study of SI engines, although modern

high speed CI engines are often closer to this cycle than to the air standard Diesel cycle. Although Otto

invented the four stroke engine, the gas exchange processes of induction and exhaust are not involved in the
basic Otto Cycle which considers only compression, heat addition expansion and heat rejection. Thus it is
identical for a four-stroke and a two-stroke cycle although additional processes can be added to represent the
gas exchange (i.e. the inlet and exhaust) processes if necessary.

The air standard cycle Otto Cycle processes in detail are as follows:

isentropic compression from the initial condition representing the air in the cylinder at the end of intake;
constant volume heat addition;

isentropic expansion of the heated gas to produce work;

constant volume heat rejection to the atmosphere.

Ll e

These can be related to the operation of a SI engine by considering the following simplifications of the real
processes. For the time being, the gas exchange processes, intake and exhaust will be ignored.

compress1on and to additional disturbances generated during the process itself. However, the nett heat transfer
is likely to be small, being to the gas during the start of the process and from the gas towards the end. This is
because a typical compression temperature range for the gas would be 40°C to less than 400°C while the wall

temperatures are in excess of 100°C. Hence, the total entropy change is not likely to be great. The heat

addition is probably the most problematical process to idealise in relation to the Otto cycle. The combustion
process is rapid as the fuel and air are pre-mixed and a flame front moves rapidly through the mixture after
ignition, In practice, the ignition takes place well before the compression stroke is completed so that the slow
initial flame development is of little relevance. This fast process allows the peak pressure to be reached about
15 crank angle degrees after Top Dead Centre which represents only a small volume increase. Hence, a
constant volume process is, if not a good appro)ﬂmanon, one that is justifiable as a starting point to give simple
equations. The expansion process as isentropic is again a relatively pogr. assumption as wall temperatures are
well below the gas temperature. A typical gas temperature range is likely to be from over 2000°C to about

800°C and much of the heat transfer occurs here. Finally, the heat rejection in practice takes place as the
exhaust gas first emerges rapidly behind a pressure wave on exhaust vatve opening (called blowdows) and then
with the remainder of the gas as it is forced out in the following exhaust stroke. In the Otto cycle, heat rejection
takes place as a single constant volume process which is close to the blowdown process although the actual
process starts a little before Bottom Dead Centre due to valve timing and ends a little after because of the time
the rarefaction wave takes to clear the cylinder. The proportion of heat rejected in the exhaust stroke is ignored
in the Otto cycle.

Thus the Otto cycle is a rough approximation only of the processes in a real SI engine. In spite of this, it
has proven to be a very valuable aid in understanding and developing this type of engine. It is most usefully
shown on a pressure-volume diagram where it can be drawn using either p-v or p-V ordinates. A temperature-
entropy (T-s) diagram is also often used. Figure 2.12 shows these three diagrams.

The difference between using specific or total volume appears in the intake and exhaust processes. In the
former case, these occur only as a point because the state of the gas at constant pressure and temperature is the
same at their beginning, throughout and at their end. That is, the density and hence specific volume is constant.
However, it must be remembered that they are not closed system processes as are those for the Otto cycle proper
and the mass in the cylinder varies as the piston moves up or down drawing in or expelling gas. That is, while
the specific volume remains constant, the total volume is proportional to the mass in the cylinder.
Consequently, the intake and exhaust processes, idealised as constant pressure processes for an initial
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investigation, show up, in a four stroke application, as horizontal lines on the p-V diagram but as points only
on the p-v one. Even for the p-V application, if they are both assumed to be at the same pressure, they overlap
completely and have no net effect on the cycle the remainder of which can be analysed as a closed system only.

1 - 2 Isentropic Compression

2 -3 Constant Volume Heat Addition
3 - 4 Isentropic Expansion

4 -1 Constant Volume Heat Rejection

4

1
N

v
Pressure, Specific Volume Temperature, Entropy
Diagram Diagram
p 3

5 - 1 Constant Pressure Intake
1 -2 Isentropic Compression
2 -3 Constant Volume Heat Addition

2 .
3 -4 Isentropic Expansion

4 4 -1 Constant Volume Heat Rejection
5 1 1 -5 Constant Pressure Exhaust

Vv
Pressure, Volume Diagram

Figure 2.12 Air standard Otto cycle for reciprocating SI engine cycle analysis. Top left, pressure-specific
volume, top right; temperature-entropy diagram; bottom; pressure-total volume

2.4.2  Analysis of the Otto cycle

As the Otto Cycle is a closed system, quantities such as work, heat addition, internal energy and specific
volume may be expressed as total (extensive) quantities or on a per unit mass (intensive) basis. It is generally
more usual thermodynamic practice to use the latter and that will be followed here except in cases where the
gas exchange processes are being considered. An engine consuming one kilogram per cycle would be very
large, around 700 to 800 L capacity and so the actual quantity of air to be dealt with is normally very much less
than a kilogram. This should be kept in mind where an analysis based on intensive quantities is used. Also,
the gas exchanged in any engine cycle is not equal to the mass at any of the state points of the cycle. The exact
quantity of gas exchanged needs further discussion at a later stage but a convenient, if not completely accurate
assumption is that the incoming air will be sufficient at the initial density to just occupy the volume swept out
by the piston motion. This is the gas which brings in the new fuel charge and hence provides the heat to be
added to the cycle. Moreover, it is often the most desirable base for work output. It is:

m,;=p, (,-V,) and Q=mH;, (2.65)
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where the incoming density, p; is assumed to be equal to pj. The total mass in the cylinder, is however, the
incoming mass plus the residual mass m, at the end of exhaust and it is this total mass which should be used in
the intensive analysis. That is, a conversion of specific work and heat transfer quantities to a different mass
base may be necessary depending upon how information is given or required. It will be assumed in the
following analysis that they are both based on total mass unless otherwise noted. The total cycle mass is:

m=m,+m, (2.66)
The compression ratio, r, of the engine is defined as the volume ratio between tottom dead centre (BDC) and
top dead centre (TDC) of the piston motion. A volume ratio is used rather than a pressure ratio because it is a

direct result of the engine geometry and can be precisely measured. It can be seen from the p- v diagram that:

1= (swept volume + clearance volume) /clearance volume
=V, V=, /vy 2.67)

(i.e. total volume or specific volume ratio.)
For a basic cycle analysis:

nett work, w  =heat added — heat rejected

Now the processes are all closed system and the heat is added and rejected at constant volume. Therefore,
applying the first law for a closed system gives, for these two processes:

q= Au+I pdv
= Aufor a constant volume process
=¢,AT for an ideal gas (2.68)

Hence, the work for the Otto Cycle is:

w, =¢,(53-15) - ¢,(T,-T)) (2.69)
The heat added is:

q, =¢,(1-1) (2.70)
Therefore, thermal efficiency becomes:

T,-T,

2.71)
T3 —TZ

7777[ :wn/qazl_

But the isentropic compression and expansion both occur over a volume ratio of r (i.c. the compression ratio).
Hence:

T,=T, e 2.72)
and
T,=T,r"" @.73)

Substitution of these into Eqn. (2.71) allows the thermal efficiency to be expressed in terms of the compression
ratio only as:

1
Ny =l——~ (2.7%
r
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It can be seen that, according to this equation, increasing the compression ratio must always effect an increase
in the engine thermal efficiency. This can best be understood in terms of the expansion ratio which is directly
related to the compression ratio; identical in this case but a little less in other cycles. For given conditions at
the commencement of expansion, the work which can be obtained during the power stroke of the engine is
governed by how much it can be expanded. Therefore a large expansion ratio is a major factor in practice and
the only parameter in the Otto cycle which affects efficiency. The variation of the Otto cycle efficiency with r is
shown on Figure 2.13 and will be further discussed in the next section.

—=— [sentropic Index, 1.4 —e—Isentropic Index, 1.3

—a—Isentropic Index, 1.15

Thermal Efficiency

25

Compression Ratio

Figure 2.13 Thermal efficiency calculated from air standard Otto cycle analysis

While a number of other Otto cycle equations can be developed, one which is useful is the Mean Effective
Pressure (MEP). As discussed previously, this is essentially a parameter for comparison of engines of
different sizes and types and although having units, is used in a similar manner to a dimensionless group. It is
defined as the total work per cycle Wy, divided by the swept volume. That is:

MEP= W,

s

A W,
(2.75)

_Vl—Vz - v.(1-1/r)

Also, from the definition, above, it can be seen that:
W = (MEP ), = (MEP )AL 2.76)

where A and L are the piston area and length of stroke respectively. That is MEP is equivalent to a constant
pressure which, if acting on the area of the pistons over a single stroke, would produce the same output as the
engine. While this is not its definition and no such constant pressure exists, it is helpful in visualising its
affect. It needs to be reiterated that the mean effective pressure is not a real pressure but merely a means of
normalising engines of different capacities so that reasonable comparisons of their outputs can be made.

Engine power is a parameter that is more usually required than work. To obtain the power from the net
work output, all that is required is to multiply by the total work per cycle by the number of cycles per second.
This gives:

W =w,N,/60 @.77)

where N, is the number of cycles per minute and is equal to the revolutions per minute, N or to N/2 for two-
stroke and four stroke engines respectively.

N .
60

W =W m GNTzW,,(prl) @.78)
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where W, is the work per unit mass of working substance in the cycle, py is the density of the air and V7 is the
total volume, swept plus clearance, at point 1 of the cycle.

2.4.3  Results of the air standard Otto cycle analysis

Typical results for the thermal efficiency obtained by using Eqn. (2.74) are shown on Figure 2.13. As the
compression ratio, r, is increased, the thermal efficiency, ny, also increases although at an increasingly
slower rate at higher values of r. This tendency is also shown by tests on engines although, for practical
reasons the range of useable compression ratios is quite small. The constant value for the isentropic index, v,
which is assumed for calculation purposes can be seen to have marked affect on thermal efficiency. A value of
about y = 1.15 may be seen to give a reasonable agreement with a range of experimental results at moderate
compression ratios but this is not the correct way to proceed with the analysis. It should be noted that the
experimental thermal efficiencies cease to rise at a compression ratio of around 15 to 16:1 and there are
therefore other reasons for the difference. Air has a value of y of about 1.29 even at a temperature of 2500 K
and the effect of the fuel in the mixture in lowering it further makes only a small difference. A typical average
cycle temperature is about 1600 to 1700 K at which y for air is about 1.31. It has been estimated (Caris and
Nelson, 1959 ), that reasonable compression and expansion indices are 1.31 (varying slightly with compression
ratio) and 1.29 respectively and it is therefore reasonable to assume that the overall value for the cycle should
be similar. Thus, a constant value of around y = 1.3 is often used as an approximation. The gas specific heat
properties are therefore not the main reason for the discrepancy noted with experiment which must be sought
elsewhere. The air standard cycle itself must be at fault for the high efficiency values and variations of the real
cycle from the Otto Cycle must be examined.

2.44  Comparison of air standard Otto and real spark ignition cycles

Figures 2.14 and 2.15 show typical comparisons between air standard Otto cycles and pressure-volume
diagrams taken for real ST engines with fully opened throttles. These need to be compared process by process.

Actual Cycie
Air Standard Otto Cycle

Combustion
(Heat Addition)

Inlet

Figure 2.14 Comparison of an actual SI engine cycle and an air standard Otto cycle for a four-stroke
reciprocating engine.
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First, it can be seen that the four-stroke cycle, Figure 2.14, has an intake and exhaust process line which
deviates from the constant volume process of the air standard cycle. During intake the pressure in the cylinder
is below atmospheric particularly in the middle of the stroke where the piston velocity is at its highest while
during exhaust it is above. Some small pressure difference between the cylinder and ambient is essential for
flow to take place but the restrictions of the manifold, ports and valves can create significant pressure drops
particularly at high engine speeds. This is because pressure loss is roughly proportional to gas velocity squared.
Towards the end of the stroke, the pressure is regained as the piston comes to a halt and the gas continues to
flow but overall, considerable work is required to move the gas into and out of the engine. The intake and
exhaust stroke may be considered as a separate loop from the remaining processes of the Otto Cycle and can
therefore be used for approximate calculations of the pumping work in gas exchange. That is, the
anticlockwise loop formed by them represents negative work which must be subtracted from the positive work
obtained from the compression, combustion and expansion processes.

The compression stroke of the real cycle follows the air standard cycle reasonably well as anticipated in the
assumptions, particularly in the first half of the stroke. Some deviation occurs from isentropic due to the heat
transfer from the walls and right at the end of the stroke because combustion has already begun. The
combustion process itself differs quite markedly from the ideal cycle. Not only is it not constant volume, but
the total pressure rise is well below that calculated if the heating value of the fuel is used to determine the heat
addition for the air standard cycle. This is because dissociation of the combustion products prevents complete
combustion and hence limits heat input, a problem which will be dealt with more fully later. During expansion
some deviation from the ideal isentropic process occurs partially due to entropy increase in the highly turbulent
gas, partly due to heat transfer to the walls but mainly because of the additional heat energy becoming available
as the dissociated combustion products recombine as the temperature reduces. Finally, towards, but before the
end of expansion, the exhaust valve opens. The blowdown part of the exhaust process is not constant volume as
the air standard cycle assumes.

Actual Cycle
Air Standard Otto Cycle

Combustion
(Heat Addition)

Blowdown

Gas Exchange
'(]/ (nlet / Exhaust)

Vv

Compression

Figure 2.14 Comparison of an actual SI engine cycle and an air standard Otto cycle for a two-stroke
reciprocating engine.

The two-stroke cycle of Figure 2.15 is similar in most respects to the four-stroke cycle. However, the additional
two strokes giving the negative pumping work are missing. Although not shown, the additional work from the
pressure on the back of the piston for crankcase scavenging or the work for the blower must be subtracted from
the cycle work shown. The other major difference is that because exhaust and inlet occur during the two
strokes normally used for positive work, blowdown must occur earlier than the four- stroke engine and starts
when the exhaust ports are uncovered. Blowdown in a two-stroke engine represents a work loss from the ideal
cycle of about 5% compared with 2% for a four-stroke cycle. It should also be noted that the pressure does not
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start to rise during compression until after the ports have been covered. Thus the real compression ratio is
somewhat less than the usual definition of r indicates. In the example shown, the real compression ratio is
perhaps 6.5:1 compared with 9:1 obtained by calculation from V| / V,. However, as the initial pressure in the
cylinder is a little higher than in the four-stroke due to the forced induction of gas, the actual compression ratio
is slightly indeterminate.

For all spark ignition engines, fuel to air ratios lie between about 1:10 and 1:22. Engines do not run well at
the extremes and ignition will not occur outside these limits. With normal fuels, the stoichiometric ratio is
about 1:14.5 - this is the point where there are exactly sufficient oxygen molecules to combine with all the
carbon and hydrogen. Usual mixture extremes are 1:12 (maximum power) to 1:16 (maximum economy). They
have only a small effect on the heat addition on the p-v diagram.

24.5  The air standard Diesel cycle

Diesel's original engine concept assumed constant temperature heat addition to make it close to a Carnot Cycle
and therefore achieve that efficiency. However, it was soon realised that this was impractical and that very
little heat input would be achieved per cycle. The modified concept used constant pressure heat addition and it
is for this reason that a theoretical cycle of this type now carries Diesel's name. The original CI engines were
pressure limited and this still applies on very large engines which can be, to some extent, represented by the
Diesel Cycle. Most small to medium diesel engines, however have fairly rapid mixing and combustion with
some parts of the combustion process, to be discussed later, occurring very rapidly. Although some of the
burning is controlled by the spray mixing processes, the overall rate is fast enough for the constant pressure
heat addition to be a poor assumption as there is, in practice, a considerable pressure rise. Nevertheless, a study
of the Diesel Cycle is important as it shows the importance of the combustion rate on engine efficiency.

The Diesel Cycle, as with the Otto cycle does not necessarily include the gas exchange processes. If these are
excluded, it also consists of four processes which are as follows:

isentropic compression of the intake air;

constant pressure heat addition;

isentropic expansion of the heated gas to produce work;
constant volume heat rejection to the atmosphere.

el i e

In other words, the only difference to the Otto cycle is the heat addition process. Figure 2.16 shows the cycle.
2.4.6  Analysis of the Diesel cycle

Most of the basic comments made in relation to the Otto Cycle apply also to the Diesel Cycle, These include
the use of extensive or intensive properties and the mass of intake charge. The equations developed for MEP
and for power in relation to cycle work are also equally valid. The analysis of the cycle is similar with some
additional assumptions.

As before, the compression ratio, r is defined as a volume ratio. That is:

=V, /V,=v, /v, (2.79)

As can be seen from the figure, the compression and expansion ratios for this cycle, unlike the Otto Cycle are
not identical. Hence, another ratio is required for analysis. The most convenient and the one that can be
related to the actual engine operation is the ratio of the volume at the end of fuel injection to that at the
beginning and it is assumed that this is when heat addition occurs. It is assumed for this purpose that injection
commences at TDC This is reasonable because the injection pump in a diesel engine controls the fuel addition
and the pump itself is normally directly coupled mechanically to the engine, Both start of injection and end of
injection control is used with the latter being the most common and it is this type of operation that the cycle
represents, That is, the time during the expansion stroke in which fuel is injected is measured as a distance
down the stroke, or effectively, a volume ratio. It is called the cutoff (i.e. fuel cutoff) ratio, r,. Thus, cutoff
ratio:

L=V, /V,=v, /v, (2.80)

The heat addition maintains the pressure until volume v3 in spite of the piston motion away from TDC but it
then starts to drop when no more fuel is delivered.
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For the closed system, heat addition follows from the first law:

da. =Au+_[ pdv=Au+ p_[dv
= Au+pAv for a constant pressure process
The cycle analysis now follows:
nett work w , = heat added - heat rejected
=CP(T3‘T2)_Cv(T4'TI)
The heat added is:
9.~p (Ts -1, )

=y ¢, ([3~T3) (2.82)

Therefore thermal efficiency becomes:

w
Nm = . 2
q a {
/\ >
_, (r,-1) (2.83)
}’(T3 _Tz)
Now Moy Yso, gnd 2oL
V3 A\ vy I
T. T -
Hence n =7, B oapd A= re
T, T, T, \r

as these are isentropic, constant pressure and isentropic processes respectively. Substituting for T4, T and T,
in Eqn. (2.83) in terms of T} and cancelling T gives:

(rC / r)’ Tppria

T =1_—}’(l‘7_1rc—r7—1)

1| r/-1
=1- F[_y’( ” _1)} (2.84)

It should be noted that should the term in the square bracket, which varies with the cutoff ratio but not the
compression ratio, equal unity, the thermal efficiency is identical to that of the Otto Cycle. That is, it is this
term which provides information on the way the rate of heat addition affects the efficiency.

2.4.7  Results of the air standard Diesel analysis

The thermal efficiency of the Diesel Cycle from the above equation, depends on the compression ratio, the
cutoff ratio and the isentropic index. Typical results are plotted on Figs. 2.17 and 2.18, the first being for a
fixed cutoff ratio, taken here as 2:1 and the second for a fixed isentropic index taken as 1.4.

Figure 2.17 shows the effect of changing the value of v and r. These provide a similar variation to those
found for the Otto cycle and no further comment is required. Figure 2.19 shows the effect of the cutoff ratio
and it can be seen that there is a decrease in efficiency as cutoff ratio is increased. This is fundamentally due to
the fact that the expansion ratio for the last gas to be heated has been reduced. However, increasing the cutoff
ratio increases the work output of the cycle. This can be seen from the increased area of the cycle on the p-v
diagram of Figure 2.19. It is the way in which speed control is obtained with a diesel engine and has
advantages over the throttling arrangement used for an SI engine. The different control mechanisms will be
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discussed later. Obviously, the greater the cutoff ratio, the greater is the area of the cycle which represents
work output. However, in practice, the maximum cutoff ratio is limited to about I = 2.4 as, past this point,
excessive fuel with limited time left to burn causes "smoking" from the exhaust - that is the black smoke
emission common to diesel engines. Normal full load fuel:air ratios for diesel engines are thus a maximum of
about 1:20 . These are much lower than stoichiometric.
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Figure 2.17 Thermal efficiency calculated from air standard diesel cycle analysis, effect of compression ratio r
and isentropic index ¥ for a cutoff ratio r, of 2:1
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Figure 2.18 Thermal efficiency calculated from air standard diesel cycle analysis, effect of compression ratio r
and cutoff ratios r, for an isentropic index y of 1.4 :

2.48 Comparison of air standard Otto and Diesel cycles

The difference between the Otto and Diesel Cycle thermal efficiencies is the term expressing the effect of
the cutoff ratio. For convenience, this will be termed a function of r, or simply f(r.). That is:

fe.)= [_@’;1} (2.85)

r(r.-1)
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An Otto ccle has a cutoff ratio of one but a Diesel cycle with that value produces no work as can be seen f‘r01.n
the p-v diagram where the expansion process then merely overlaps the compression. Nevertheless, it is
worthwhile examining the Diesel cycle efficiency as 1, is reduced. For this comparison, f(ro) is plotted against

Cycle with increased cutoff
/ Basic Cycle

Cycle with decreased cutoff

\

Figure 2.19 Diesel cycle showing the effect of changing the cutoff ratio on work output

—&--|sentropic Index 1.4
—o—Isentropic Index 1.3

Function
<
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Cutoff Ratio

Figure 2.20 Behaviour of the cutoff ratio function for diesel cycle analysis

1 on Figure 2.20 for values of 1, ranging from 1 to 3. It can be seen that f(r;) reduces in value and approaches
one as r. approaches one. The larger the value of f(r;), the lower the thermal efficiency of the Diesel cycle.
When f(r.) equals one, the thermal efficiency of the Diesel cycle becomes:

Thpgy =1—— (2.86)

which is identical to the Otto cycle value. That is, the Diesel cycle must normally have a lower thermal
efficiency than an Otto cycle with the same compression ratio but its efficiency increases towards the Otto cycle
value as the cutoff ratio reduces to one. The difference between the two cycles is that the addition of heat in the
Otto cycle occurs in the most rapid way possible which is when the piston is exactly at its top dead centre
position, or on other words, instantancously. This allows a greater cxpansion ratio for the completely
combusted gas and hence more work must be obtainable. Fast heat addition is therefore an important factor in
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obtgiging high thermal efficiencies. The loss in efficiency from the Otto cycle values due to a slower heat
addition rate is sometimes referred to as a "fime loss". The effect of cutoff ratio increase on the thermal
efficiency is shown on Figure 2.21 for several different combinations of r and y.
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Figure 2.21 Effect of changing the cutoff ratio on the thermal efficiency of a Diesel cycle
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Figure 2.22 Comparison of an actual and air standard Otto and Diesel cycles for a four-stroke reciprocating
(CI) engine

This illustrates the rising efficiency with falling cutoff ratio and it can be seen that a cutoff ratio of, say 2:1
gives a loss of about 5% from the equivalent Otto Cycle value which is appreciable. This is surprising to some
who think that the Diesel cycle is more efficient than the Otto, it being a generally held belief that these cycles
represent CI and 8T engines respectively and it is widely known that CI engines have a superior fuel economy.
There are, however, reasons for this: both engines in reality have cycles intermediate between the Otto and
Diesel and a modern high speed CI engine has a combustion time which is not much longer than an SI engine.
Also, factors other than the cycle play a role, these being the different energy per unit volume of the different
fuels used, the method of part load control and the compression ratios in normal use. While these points will
be dealt with later, it should be noted that in practice the compression ratio of a CI engine is much higher than,

/
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perhaps double, that of an SI engine because, having no fuel in the intake charge, knock caused by premature
ignition of the end gas (last part of the charge to combust) cannot occur. This tendency is exacerbated in SI

engines by high compression ratios.
2.4.9 Comparison of air standard Diesel and real compression ignition cycles

Figure 2.22 shows a typical pressure-volume diagram for a compression ignition engine compared with both air
standard Diesel and Otto cycles. As noted above, it can be seen that the real diagram lies somewhere in
between the theoretical cycles and is only a little less peaked than that for a real spark ignition engine (see
Figure 2.14). This is because the flame front in the spark ignition engine takes a finite time to cross the
combustion chamber to complete the burning process. While this is normally more rapid than that for the fuel
injection, mixing and diffusion controlled burning in the compression ignition engine, the difference is not
nearly as great as the theoretical cycles suggest. This is particularly noticeable with modern small, high speed
diesels.

Other comments on the cycle are similar to those made in section 2.1 for the spark-ignition engine. Again,
a most important factor is the dissociation of the burnt products of combustion at high temperature which limits
the temperature and pressure rise at the end of combustion to less than would be expected from a simple
combustion analysis. Non-isentropic compression effects are likely to be a little more apparent in the CI engine
because of its higher compression ratio giving very high end of compression temperatures. The expansion and
the variation from constant volume in the blowdown process produce similar deviations to those discussed with

ST engines.
2.4.10 The air standard dual cycle

It is apparent that a cycle falling somewhere between the Otto and Diesel cycles is likely to provide a more
realistic assessment of actual engine operation for both SI and CI types. A number of possibilities exist but, in
order to retain the simple air- standard approach where equations can be developed, it is best to use some
combination of processes which can be described by the polytropic expression p vI! = constant. A cycle that
comes readily to mind has the heat addition made up of a constant volume followed by a constant pressure
process. By varying the proportion of heat input between these two processes, it is possible to obtain a
reasonable approximation for a range of actual combustion types. Those of this type are usually referred to as
the dual cycle because of this two stage combustion but other names are common, these being the mixed cycle,
or the limited pressure cycle the latter because it is essentially a type of operation where as much heat as
possible is added at constant volume subject to pressure limitations, the rest then being added at constant
pressure. The pressure limitation may be due to either stractural or combustion reasons. A diagram of the
cycle is shown on Figure 2.23. All processes are as on the Otto cycle except that combustion has been replaced
by the combination of a constant volume and a constant pressure process.

P 1 -2 Isentropic Compression T
3 4 2-3 Constant Volume Heat Addition
3 - 4 Constant Pressure Heat Addition

4
4 -5 Isentropic Expansion
S -1 Constant Volume Heat Rejection
3
2 5
1
L
S
Pressure, Specific Volume Temperature, Entropy
Diagram Diagram

Figure 2.23  Air standard dual cycle for general reciprocating engine cycle analysis, left; pressure-specific
volume diagram, right; temperature-entropy diagram.
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For analysis, three parameters are now required, these being:

¢ the compression ratio r= v =— (2.87)
2 V2
» the cutoff ratio I, = ﬁ =Y (2.88)
V; ooy,
¢ the pressure ratio = §—3 (2.89)
2

The first two are as described before while the third is based on the limited maximum pressure of the cycle.
Analysis follows a similar method to that of the previous sections. Work is:

W, =€ p(l;-5) + ¢ (-15) - ¢, (T;-T,)
=c, [y (T,-T;)+ (r,-1,)~ (751, )] (2.90)

while heat input is:

q.= CP(TFTs) + CV(E‘Tz)
=c, [y T,-Ty)+(@,-T,)| @2.91)

Therefore, the Cycle thermal efficiency is:

_,.__ 1)
T AT Y >

As before, all temperatures T to T5 can be written in terms of T by use of the defined ratios. That is, using:

v _ 5 1798 Vs F
—~=r, ==r, ==, ==—
V2 5 V3 Vo T
gives:
-1
L, _ s, h_ T _ Is _(r
=7, ==r, S=r, ==X
T . T Ty \r

as these are isentropic, constant volume, constant pressure and isentropic processes respectively. Substituting
in Eqn. (2.92) in terms of Ty gives:
_— (,/rY  rrra
™ " e )

1 rr -1
=1 - 4 293
7! Vp(rc”])"‘(rp‘l)} @23

Note that, for rp = 1, this reverts to the Diesel cycle equation while for r= 1, it becomes that of the Otto cycle.
Heat addition can now be proportioned between the two processes for values of rp up to a maximum of:

9a

. (2.94)
e, Tyr’”

rP:

which is the Otto cycle value. For a fixed heat addition, as rp increases, the cutoff ratio r, must decrease and so
the cycle thermal efficiency increases. Typical plots of the efficiency are shown on Figure 2.24.
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Figure 2.24 Dual cycle thermal efficiency for constant heat addition calculated from air standard analysis,
effect of increasing comnstant pressure component of heat addition from zero (Otto cycle) to maximum (Diesel
cycle) for an isentropic index y of 1.4

2.4.11 Residual gas

At the end of each exhaust stroke, some of the exhaust gas remains in the cylinder. This is called residual gas

and can be represented as a mass m, While the amount will depend on the dynamics of the inlet and exhaust
flows, a rough approximation is that it fills the clearance volume the same gas density as the end of exhaust
(not the beginning of exhaust which is the start of the blowdown process). The pressure can therefore be taken
as just a little above that in the exhaust system, which is itself slightly above atmospheric. It must be sufficient
to maintain the exhaust gas flow and hence should be some 5 to 10 kPa above atmospheric. The temperature is
less certain but is quite high and is not that at point 1 on the p-V diagram which is atmospheric. It is best to
apply a realistic estimate, say 700°C as a reasonable starting value. Given this, the density and hence mass of
residual gas can be estinated. The heat addition per unit mass in the working gas is therefore the total heat
supplied by the fuel divided by the air mass plus fuel mass plus residual mass. In an SI engine, the air and fuel
fill the swept volume. In a CI engine, air alone fills the swept volume as the fuel is added after the valves close.
Note that, as the intake charge which is slightly below atmospheric pressure, enters the cylinder, the residuals
expand slightly and effectively reduce the swept volume. Also note that the higher the compression ratio, the
smaller the clearance volume and bence the lower is the residual mass. This is a secondary benefit of high
compression ratio.

2.4.12 Imlet pressure effects from air standard cycle analysis

While air standard cycles are fundamentally used to study the work output and efficiency trends of the closed
system cycle made up of the compression, combustion , expansion and blowdown processes, they can also be
used to assess other variations. An important example is the study of the effect of inlet pressure variation.
While it should be noted that the thermal efficiency in all the reciprocating engine cycles is independent of inlet
pressure, the gas exchange processes are not. Two effects will be examined here. Governing (reducing inlet
pressure for control purposes) and increasing inlet pressure for performance (supercharging, turbocharging).
The effects on all the air standard cycles described previously will be similar but, for simplicity, only the Otto
and Diesel cycles will be used here for illustrative purposes.

Governing of engines

Governing is the term used to describe the control of engine power output in order to adjust to changed
conditions which may occur either without a change of speed due to a different load requirement such as a
change in gradient for a road vehicle or at a new speed. As pointed out previously, a compression ignition
engine is governed by controlling directly only the fuel addition per cycle. No throttling device exists in the
intake manifold, the air enters at, or close to atmospheric pressure and the variation in air:fuel ratio alters the
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heat added to the cycle. Hence the work output per cycle changes atlowing the engine to match the new load
conditions. This is often referred to as "quality governing" because it changes the fuel/air ratio. The effect on
the cycle is shown on Fig 2.19.

With a spark-ignition engine the same type of control is not possible because of the narrow flammability
limits of the fuel when ignited by a point sonrce. A different type of control is therefore used and this is termed
"quantity governing”. The term is derived from the fact that a changed quantity of gas (in this case fuel:air
mixture) is drawn into the engine as the means of control reducing the quantity of fuel as in the CI engine but
also reducing the quantity of air in proportion. This is achieved by use of a throttling valve in the intake
system, which was traditionally the butterfly valve in the catburettor just upstream of the fuel jet.

Now consider the air standard Otto cycle of Figure 2.25. Point 1 represents intake conditions with a wide
open throttle giving a manifold pressure at low to moderate speeds of only a little less than 1 atmosphere.

A throttling process, neglecting changes in kinetic and potential energies which are usually very small, is
thermodynamically a constant enthalpy process during which the pressure drops. For ideal gases, this therefore
takes place at constant temperature although it should be noted that for non-ideal gases this may not be so. The
butterfly valve then reduces the pressure of the charge entering the cylinder although, naturally the swept
volume of the cylinder remains the same. The charge density is reduced roughly in proportion to the pressure
and so the engine experiences a smaller mass chatrge per cycle and hence a lower mass flowrate which reduces
its power output. Looked at in more detail from the point of view of the engine thermodynamic cycle, the
pressure at the start of the cycle falls from point 1 to a new point designated here as 1;.

p 3
1
Throttled Cycle
. 1t,2t,3t,4t,5¢,61,71
3t Unthrottled Cycle
* 12,34

Figure 2.25 Throttled (t) and unthrottled Otto cycles
The work output for the cycle, 14, 24, 3;, 4; can now be calculated in relation to the original cycle 1,2,3,4.
Starting from point 1y, it can be seen that py; is less than py in the proportion which will be designated here as
the throttling ratio, r; which has a value less than one. That is:

Pu =P (2.95)

Assuming that the working substance is an ideal gas (the air standard assumption), the inlet temperature due to
the throttling is unchanged.

T, =T, (2.96)

Now for both the wide open and part throttle cases, the pressure increases during compression as given by the
following equations:

p,=p, r" and T,=T,r"™" (2.97)
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Therefore:

P =pot, and Ty, =T, (2.98)

Because the quantity of fuel is reduiced in the same ratio as the mass inflow of air into the cylinder, so is the
heat input. That is, the heat addition q per unit mass of charge remains approximately constant. Note that a
slightly higher proportion of residual gas in the throttled case will cause a small variation. For constant volume

heating

Ty Ty =Ty Ty=L- (2.99)

v

Remembering that Ty = T, this gives:

L 5L_ 9 (2.100)
Iy T, «¢T,

Therefore
Pa P, (2.101)
3 P2

The expansion process follows a similar pattern to the compression giving;

Pa, (2.102)

t

D

That is, the whole cycle is therefore reduced proportionally to the initial pressure and the work output is lower.
The efficiency, however, depends only on the compression ratio and is the same. This is essentially because
both the net work output and heat addition reduce in the same proportion. This is true as long as the intake and
exhaust strokes are ignored. However, in the real engine, the efficiency is reduced because the pumping work
increases during throttling. This can be seen on Figure 2.26 where the intake and exhaust strokes make an
anticlockwise loop on the diagram indicating negative work. At low loads, a substantial lowering of efficiency
occurs. Note that, inpractice, ps is slightly greater than p; so that it generates an outflow but that will not be
considered here. Assuming both these to be constant pressure processes at an exhaust pressure p, (i.. p5¢ to

pgpand an inlet pressure p; (i.€. py; to -pyy), the pumping work is:
Wp=p, (VSt Ve ) ~Di (Vlt Ve )
=5 Ve Var) - P Vie V)

= (pSt Pt ) (Vlt _Vzt)

= (pSt —Pu ) v,
Where V, is the wept volume. As noted previously, these must be expressed as total, not specific values. The
net cycle work becomes:

(2.103)

W, =me,[(G-LHE-L)] - w» (2.104)
and the heat added is, as usual;

Q,=mc,(T,,~T),)=mq, (2.105)
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Figure 2.26 Reduction in thermal efficiency from Otto cycle value due to pumping for compression ratio
r=10:1, p; = 100 kPa, v| = 1 m*/kg, g,=2.5 mJ/kg of air plus fuel

DPu

1t
dividing W, by mg (the total heat input) gives the thermal efficiency reduction. The thermal efficiency can
therefore be calculated and the amount by which its Otto Cycle value is reduced is given by:

—— Eﬂn_(&_lj _ P_V[BEL_lJ 2106
q, \ Pu qd. \ Piyake

Note that thiis applies to the mass in the swept volume. If it is referred to the full volume (ie including the
clearance volume) it is

(PY) (i ake) [P haust ][ 1}
et pumping) = = 1| 1-= (2.107)
T gy \ Piate r

The mass of new charge m, entering the cylinder is p; times the swept volume and hence is V_ . Hence,

A plot showing its reduction from the Otto Cycle value with variation in the ratio p;/p, below unity is shown on
Figure 2.26. It should be remembered in comparison, that the quality control of the compression ignition
engine raises the efficiency as the speed or power is reduced by reducing the cutoff ratio.

Supercharging (or turbocharging)

Supercharging and, in its more common alternative form, turbocharging, has been in use for a long period,
particularly with high performance, SI aircraft engines in service before the advent of the gas turbine to offset
the loss in performance due to lower intake pressures at high altitudes and for large diesel engines where the
high pressure and temperature conditions improve combustion. Essentially, as far as the basic thermodynamic
cycle is concerned, both supercharging and turbocharging are identical in that they increase the mass of charge
in the cylinder at intake. They are not identical, however, when the intake and exhaust processes are included.
The difference is that the former uses a mechanically driven blower (low pressure compressor) and does not
suffer from a slow response to load and speed changes while the latter obtains its power from a turbine in the
exhaust which utilises some of the waste energy from the engine. However, it does increase the engine
backpressure and so the work obtained is substantially, but not entirely, "free".

Figure 2.27 shows air standard cycles which approximate both these arrangements so that a simple analysis
can be considered. This is a consideration of the changed initial conditions only using a simple assessment of
the intake and exhaust strokes again as constant pressure processes. Turbocharginging in particular, is in fact
much more complex and will be dealt with in more detail later although specialist texts are recommended for a
complete treatment.
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Figure 2.27 Supercharged (5/C) and turbo-charged (T/C) Otto cycles

The compressor in a supercharged engine raises both the pressure and temperature during compression
although intercooling may be used between the compressor and engine, as in the gas turbine, to further increase
the density of the inlet charge. The effect of raising the inlet pressure is the exact opposite of throttling. The
pressures rise throughout the cycle, the diagram increases in size and more work is produced. Efficiency would
remain the same (for a theoretical Otto Cycle analysis) if the compression ratio was kept constant. In an SI
engine, in order to reduce peak pressures in the cylinder and, to prevent knock (detonation) due to the higher
temperature and more dense charge, the compression ratio is usually in practice, lowered. This will lower
efficiency, although this may be partially offset by the more nearly constant volume operation with a faster
flame front at the higher pressure. Alternatively, higher octane fuels may allow the previous compression ratio
to be retained.

Diesel engines may be supercharged with better results. Peak pressures are increased but, in this case no
extra demands are made on the fuel quality - in fact supercharging allows use of a wider range of fuels because
the delay period for ignition is reduced and the rate of pressure rise is more controlled. Even better results
when compared to two-stroke SI engines may be obtained by supercharging two-stroke diesels. With two-
stroke spark ignition engines, too much intake pressure results in excessive scavenging and hence wasted fuel.
In diesels, only air is wasted. Thus supercharging of two stroke diesels is common practice with perhaps 40%
of the air being used for scavenging and passing directly to the exhaust. This has the additional benefit of
cooling the engine. It is often used in large marine installations with horizontally opposed pistons.

2.5 SUMMARY OF AIR STANDARD CYCLE ANALYSIS

It can be seen that an air standard cycle analysis can quickly provide useful insights into engine operation.
With gas turbines, the effect of pressure ratio, the limitations imposed by materials to withstand the high,
continuous temperatures after combustion and the effect of inefficient turbomachinery can be clearly seen.
With reciprocating engines, the trends towards improved efficiency with compression ratio and the losses due
to pumping during gas exchange and to volume increase during heat addition are clearly evident. However, the
results of the analysis cannot be relied upon to provide accurate values and in most cases are incorrect. An
example of this is that experimental work on high compression engines shows that efficiency peaks at a value
of around 16:1 to 17:1 rather than continuing to increase as the analysis indicates. It is somewhat dependent
on specifics of the engine design. Also, as a thermodynamic model only, the effect of geometry (such as, for
example, combustion chamber shape) in general on engine performance cannot be determined although it is
known to be significant in practice. It is necessary to improve on the air standard cycie both as a
thermodynamic model and as a dimensional model where the fluid mechanics is considered. Also heat transfer
to the walls and friction losses need assessment.

In summary, therefore, the following factors need much more detailed attention before accurate modelling is
possible. In general they require theory outside the scope of a normal first course in thermodynamics, fluid
mechanics and heat transfer and so the fundamentals will be given in the following chapters. The reader
should then be in a position to more fully comprehend the material in specialist internal combustion engine
texts.

Consideration of the air standard cycle indicates that a number of factors need further examination. The
most important are listed below and include factors that are directly related to the thermodynamic cycle of
compression, heat addition, expansion and heat rejection and those affecting the gas exchange processes which
determine the initial conditions in the cycle itself. An improved understanding is required of:
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@) thermodynamic properties, including mixtures of ideal gases and non-ideal gas vapours for the
induction process and, more particularly, of gases at high temperatures for most of the thermodynamic
cycle.

(ii) the basic details of compressible fluid flow which are important in all multi-dimensional models but
are particularly relevant to the gas exchange processes.

@iii)  engine turbomachinery which also modifies the gas exchange and is of great importance in relation to
gas turbine flows but also for those of turbocharged reciprocating engines.

aiv) combustion, both in relation to the basic chemical formulations which occur and the assessment of the
energy release and in the interaction of the combustion with the fluid dynamics.

\2) heat transfer both steady and unsteady because of its modification to the individual processes within
the cycle.

2.6 REFERENCES

Caris, D.F. and Nelson, E.E. (1959) A new look at high compression engines, Society of Automotive Engineers
(SAE), US4, 67

PROBLEMS

2.1 A simple air standard Brayton cycle representing gas turbine operation has inlet pressure and temperature
conditions of 100 kPa and 300 K respectively. If its pressure ratio is 10:1 and the heat addition is 850 kJ/kg of
air in the cycle, determine the pressure, temperature and gas density at each cycle point. Also calculate the
work input for the compressor, the work output from the turbine and the nett work output and efficiency of the
cycle.

It may be assumed that the isentropic index, y = 2.4 and the gas constant, R for air is 0.287 kJ/kgK

2.2 For the cycle of question 2.1, it may be assumed that the first expansion stages in the turbine supply the
work for the compressor. Calculate the pressure and temperature at the exit from these stages and the pressure
ratio over the remaining turbine (or jet nozzle) expansion which will produce the useful work output. Check
this value by comparing the work from the final expansion with that calculated from the heat addition and heat
rejection processes.

2.3 The cycle of question 2.1 is to be modified for a jet aircraft to suit initial conditions of ~53°C and 25 kPa.
Assuming that the same maximum cycle temperature will be achieved with the same heat addition as before,
calcunlate the pressure ratio now required, the temperatures and pressures throughout the cycle, the work output
and thermal efficiency. Also determine the pressure ratio for the jet nozzle.

2.4 Repeat question 2.3 but assume now that the maximum cycle temperature can be raised to 1550 K.

2.5 For Brayton cycles with the following conditions, determine the pressure ratio which will give the greatest
work output. Hence evaluate their respective work outputs and thermal efficiencies.

Cycle Max. Cycle Temperature Min. Cycle Temperatare
1 1425 K 300K
2 1425K 220K
3 1750 K 220K

2.6 Gas turbines operating under conditions specified in the table of question 2.5 are represented for evaluation
purposes by an air-standard Brayton cycle modified to include isentropic compressor and turbine efficiencies.
Using this, determine for each case the work output and cycle thermal efficiency if the compressor isentropic
efficiency is 88% and the turbine isentropic efficiency 92%.

2.7 For the first of the cases tabulated in question 2.5 and assuming that the compressor and turbine isentropic
efficiencies are identical to each other, determine their minimurmn value at which the gas turbine unit just starts

to produce a nett power output.

2.8 For the third case only of question 2.6, the pressure ratio is now modified but all other parameters kept
constant. Determine the pressure ratio at which the maximum thermal efficiency now occurs and compare its
value and the nett work output with those calculated for the basic Brayton cycle at maximum work output in
question 2.5 and the modified cycle of question 2.6.
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2.9 In the gas turbine of question 2.6 (third case only), the power producing turbine is replaced with a jet
nozzle of 97% isentropic efficiency. Treating this in the same way as a turbine expansion, determine the
pressure ratio across the nozzle and the nett work output and thermal ¢fficiency now available.

2.10 A regenerative gas turbine in which the effectiveness of the regeneration can be assumed to be 100% is to
~ be developed for the maximum and minimum cycle temperatures specified in the first case of question 2.5. If
its pressure ratio is to be 4:1, compare its work ountput and thermal efficiency with that at the maximum work
output condition for the basic Brayton cycle as calculated both in question 2.5 and the initial case of pressure
ratio 10:1 in question 2.
If the efficiency of the regeneration process falls to 90%, determine how much the thermal efficiency and
work output are affected.

2.11 The gas turbine of question 2.1 is to be intercooled at the mid pressure ratio point (i.e. the pressure ratios
of stages 1 and 2 during compression are identical at 3.16:1) and the intercooling is back to the initial intake
temperature. The maximum cycle temperature remains the same but the heat addition to the cycle is changed.
Determine the total compressor work, the heat input, nett work output and cycle thermal efficiency and
compare these with the question 2.1 results.

2.12 Determine, for the gas turbine of question 2.11 with 100% regeneration and with reheat to the maximum
cycle temperature also at the mid point of expansion (two equal stages, each of pressure ratio 3.16:1), the nett
work output and thermal efficiency. If the regeneration efficiency falls to 90%, and compressor and turbine
stages have an isentropic efficiency of 88% and 92% respectively, determine now the nett work output and
thermal efficiency.

For the first part of this question only, calculate the work output and thermal efficiency if the overall
compressor and turbine stages are each divided into 5 equal, fully intercooled (i.e to the inlet temperature) and
fully reheated (i.e. to the maximum cycle temperature) stages

2.13 For an initial analysis of an SI engine, the basic Otto cycle can be used. The following data applies:
Ambient pressure and temperature, 101 kPa, 310 K
Swept volume 2 L. (2000 cc)
Design, 4 cylinder, 4 stroke, compression ratio 9.5:1
Design speed range, 1000 to 5000 r.p.m.
Pressure in the cylinder at the start of compression (at wide open throttle)
1000 r.p.m. 85 kPa
3000 r.p.m. 90 kPa
5000 r.p.m. 80 kPa
Temperatuyre at start of compression Ambient
Air to fuel ratio 15:1
Heating value of the fuel 44 MJ/kg
Calculate the heat input per kg of mixture for the cycle.

Using an isentropic index of 2.4 for cold air and a value of R of 0.287 kJ/kgK, determine the pressure and
temperature conditions at each point in the cycle and estimate the work and power output, the mean effective
pressure and the thermal efficiency at each speed.

Repeat the above for an isentropic index of 2.3 noting the variation from the previous calculation.

2.14 Repeat question 2.13 (using the isentropic index of 2.3) but assume that pumping work has now to be
subtracted from each cycle. For this calculation, assume that the inlet and exhaust strokes are both constant
pressure, the inlet being at an average pressure 5 kPa below the final incylinder value at the start of
compression while the exhaust is 5 kPa above ambient. Calculate the approximate quantity of work and power
required for pumping at these full throttle conditions and the revised work, power and thermal efficiency
estimates for the cycle. What has the most significant effect in increasing the power output?

2.15 The engine of question 2.13 is to be turbocharged, raising the inlet pressure to 50% more than the
naturally aspirated pre-compression value at 5000 r.p.m. Assume that this turbocharging compression process
is isentropic with an index of 2.4 while the cycle index remains at 2.3.. Calculate the maximum cycle pressure
and temperature, work and power output and thermal efficiency at this speed. Neglect pumping effects.

If it is found that the compression ratio must be reduced to eliminate engine knock to a value which gives a
peak cycle pressure halfway between that of the original nnaturally aspirated engine and the turbocharged one
above, determine this new compression ratio and its effect on the work output and thermal efficiency.
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Estimate how much improvement in work and power output could be gained by intercooling the air flow
from the compressor back to the ambient temperature with the compression ratio at the new, lower value.

2.16 For an initial analysis of a CI engine, the basic Diesel cycle can be used. The following data applies:
Ambient pressure and temperature, 101 kPa, 310 K
Swept volume 12 L. (12000 cc)
Design, 6 cylinder, 4 stroke, compression ratio 16:1
Design speed range, 1000 to 3000 r.p.m.

Pressure in the cylinder at the start of compression: 3000 r.p.m. 85 kPa
Temperature at start of compression Ambient
Air to fuel ratio at maximum power 21:1

Heating value of fuel 44 MJ/kg

Using an isentropic index of 2.3 for air and a value of R of 0.287 kl/kgK, determine the pressure and
temperature conditions at each point in the cycle and estimate the cut-off ratio at the operating point specified.
Calculate the work and power output, the mean effective pressure and the thermal efficiency at each speed.

If the cut-off ratio is reduced to half the value calculated above, determine the new thermal efficiency.
Compare the expansion ratios for each case from the end of combustion and the final temperatures and
pressures at the end of expansion..

2.17 The engine of question 2.16 is to be turbocharged, raising the inlet pressure to 90% more than the
normally aspirated pre-compression value at 3000 r.p.m. Assume that this turbocharging compression process
is isentropic with an index of 2.4. and the air is intercooled following the compressor back towards the ambient
temperature with a 90% effectiveness. Calculate the maximum cycle pressure and temperature, work and power
output and thermal efficiency at this speed.

2.18 Show that, for a fixed heat addition per unit mass in a dual cycle, that the pressure ratio D is refated to
the cut-off ratio, r, by,
’
ro=—2=2r
P leyr,-1)

where 1., is the pressure ratio of the Otto cycle with the same heat addition.
Also show that the following relationship holds:

. _[7;1}
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where ., is the cut-off ratio of the Diesel cycle with the same heat addition
Also show for the dual cycle that the work, w is given by:

w=c, T lyrp(rc —1)+(rp —l)— Q'prc’ —l)/r"ll.

2.19 The cycle analysis of the engines of question 2.13 (Otto cycle) and question 2.16 (Diesel cycle, isentropic
index 1.3, 3000 r.p.m. condition) are now to be examined by use of the dual cycle. Calculate the work output
and thermal efficiency in each case if the heat addition remains as in the original question but in case 1
(originally the Otto cycle), the pressure difference (p3-p;) is 100%, 75%, 50%, 25%, 0% of its original value to
allow an increase in cut-off ratio for assessment as a dual cycle while in case 2 (originally the Diesel cycle), the
cutoff volumes are madified in the same percentages to provide an increase in pressure ratio for assessment as a
dual cycle.



Thermodynamic properties 3

3.1 THERMODYNAMIC PROPERTIES FOR ENGINE ANALYSIS

The basic concepts of thermodynamic properties will have been dealt with by the reader in a first course in
thermodynamics and it is not the intention in this text to re-cover that ground. In summary, the normal first
course approach is to deal with two groups of substances these being ideal gases where simple formulas are
used and fluids undergoing liquid - vapour transformations where tabulated properties are available. It is
suggested that the reader briefly revises these topics by examining one of the many excellent thermodynamic
texts available. Several are listed in the bibliography at the end of this book. However, in order to obtain a
detailed understanding of engine cycles and other thermodynamic processes, particularly those that occur at
high temperatures, more advanced concepts are necessary. These, when covered in detail are extensive and
some require texts to be devoted completely to them. A full coverage is not possible here and is not the
intention of this book which aims to provide sufficient understanding of the basic formulations for working
purposes. That is, the material that will be presented in this chapter is not intended to be comprehensive but
should give the reader sufficient insight to be able to obtain the necessary property values for the processes
under consideration in engine cycles and related subjects. It is therefore aimed at indicating where non- ideal
gas properties might apply at moderate temperatures and how ideal gas ones vary at very high temperatures.
Other properties such as the Helmholtz and Gibbs Functions which are necessary in the general development
of property formulations and Availability which is useful in a second law analysis of heat engines will also be
discussed.

3.2 SOME ADDITIONAL PROPERTIES
3.2.1 The Helmholtz and Gibbs functions

The development of general thermodynamic property equations requires two further thermodynamic properties
to be defined, these being the Helmholtz function, A or a and the Gibbs function, G or g in their extensive and
intensive forms respectively. As with enthalpy, these are combinations of other thermodynamic properties
which provide useful rather than necessary groups. They are most conveniently defined in their intensive form
although the extensive form is identical and is obtained by appropriate replacement of any intensive properties
in the group by the equivalent extensive. These definitions are:

a=u~Ts 3.1
g=h-Ts G2

While, as with enthalpy, the Helmholtz and Gibbs functions have a range of applications, the examination of a
particular usage is sometimes important in order for the reader to obtain a feel for their relevance. This is
carried out below. Here, they are examined in relation to the maximum possible work which can be obtained
from constant temperature systems such as those existing in reacting flows. Typical examples in practice
would be gas turbine combustion in engines, while other well known devices include batteries and fuel cells,
these last two operating at or near a pressure and temperature which is in equilibrium with their surroundings.
In these cases, their efficiency is not governed by the well known Carnot efficiency formula which applies only
to heat engines, thereby requiring energy to be transferrred in to the working substance as heat transfer. This is
fortunate, as human beings and other living creatures are also essentially fuel cell type devices and it can easily
be shown that at typical blood and ambient temperatures, their efficiency would be very low if they were a heat
engine. Strictly, internal combustion engines are also not heat engines because their energy is obtained directly
from a reaction (combustion) but because of their high temperature operation during the energy addition mode,
a heat engine approach is quite useful in their analysis.

Maximum Work in Closed Systems

Assume that the constant temperature reacting system to be considered is closed and that the total work output,
mechanical or electrical is dw. The appropriate First law statement for this case is:
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dq =du + dw (3.3)

Now from the definition of the Helmholtz function, it can be seen that a simple differentiation gives:

da = du — Tds — sdT 3.4)
For maximum work output, the second law states that the process must be reversible and hence:

dq =Tds 3.5)

Therefore, on substitution and re-arrangement, Eqn. (3.4) becomes

du =da+dg— sdT (3.6)

which on substitution into the first law statement of Eqn. (3.3), becomes:

dq =da+dg+sdl +dw 3.7

Now the work term can be isolated as:
dw = —da — sdT (3.8

which is the general expression for the maximum work. If, however, the temperature remains constant as in
some of the applications mentioned above:

dw = -da (3.9)
which can be easily integrated to obtain the maximum work. The maximum possible work obtainable from the
working substance in the above case is then:

Wiz =(a,-a;); (3.10)

where the subscript T indicates that it applies to an isothermal process. That is, the maximum possible work
for a constant temperature process in a closed system is equal to the change in the value of the Helmholtz
function for the working substance. It should be noted that this equation, in fact gives the work done by the
fluid or working substance inside the device which may therefore be referred to as internal work Now any
expansion in a closed system produces movement of the boundaries and therefore causes work to be done
against the constant pressure atmosphere which must be subtracted from the above in order to obtain the nett
(that is, usable) work. The reader is invited to demonstrate by this simple modification of Eqn. (3.10) that,
under these circumstances the maximum possible nett work is equal to the change in the Gibbs function

Maximum work in steady flow, open systems

A similar relation to the above can be derived for a steady flow open system. The First law, neglecting kinetic
and potential energy terms, can then be expressed as:

dq=dw +dh (.11

Following the same procedure and logic as before gives:

Tds = dw + dh (3.12)
dg = dh — Tds — sdT (3.13)
which, on substituting for dh and re-arranging gives the maximum work as;

dw =—dg — sdT (3.14)

Again, at constant temperature
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dw =—dg (3.15)

which, on integration, becomes:
wia=(g "gz)T (3.16)

That is, the maximum possible nett work for an isothermal process in steady flow is equal to the change in the
Gibbs function when changes in kinetic and potential energies are neglected. If these last terms are important,
they can be simply added in to Eqn. (3.16).

The Gibbs and Helmholtz Functions are therefore of great importance in all chemically reacting systems.
However, as pointed out previously, they are of more general use in the development of ideas related to
properties.

322  Availability

All substances possess energy but it is not always available to do work. For example, sea water is a massive
source of easily transportable energy but it cannot normally be used as an energy supply because it is at the
temperature of the surroundings. The energy can only be used if it is in a high grade form. For energy that
will be transferred as heat, this means that it must be above the temperature of the surroundings. What is of
great interest is the maximum possible value of the work from a given source of energy when it is obtained via
a heat transfer process as occurs in heat engine analysis. This is called the "available energy"” and shail be
termed here, €,. In fact, while it derives from the heat transfer and determines the maximum possible work
output both of which are path functions, when the concept is applied to the working substance of the system, it
can be shown that it is a property of this working substance and is then called simply the "availability" or
sometimes, the "exergy". In fact, two properties are actually used these being called the closed system
availability and the open system (or stream) availability designated by the symbols ¢, ® and y, . The lower
and upper case symbols designate the intensive and extensive value respectively.

Closed system availability

Availability refers to the maximum possible energy which can be transferred for a given process and the work
and heat transfer therefore need to be considered. First, examine a closed system. If work alone is done on a
substance in the absence of dissipative effects such as friction, all of it is potentially returnable for later use.
For example, consider a piston compressing gas in a cylinder. A certain quantity of work is required for that
compression and, if there is no heat transfer or friction, the process can be reversed with the same magnitude
for the work being returned from the system but with the opposite sign. Hence, the increase in the available
energy Aea,w of a substance due only to the work being done on it is equal to that guantity of the work, -w.

Ae,, =—w (3.17)

This is not so with heat transfer because, from Carnot's principle it is known that some of the energy received
must be rejected. That is, some of the heat transfer is available as useful work while some is unavailable. To
determine the maximum work that can be achieved from the heat transfer, let us examine a simple Carmot
cycle. Here, in order to obtain the maximum possible quantity of work from the heat added during a process,
the heat rejection must be take place to the lowest possible temperature sink. This is the temperature of the
surroundings which may be regarded, for explanatory purposes, as constant. Any other lower temperature will
require additional machines to maintain it and ultimately the final heat flow must be to the surroundings. Ina
Carnot cycle which rejects heat to the atmosphere, the energy being added per unit mass of the working
substance of the system in the form of heat is q, and the heat rejected is q;. The work done is then the
available energy which can be called €;3. The unavailable energy, ¢,;,, which cannot be used to produce work is
the heat rejected. This is depicted on Figure 3.1(a).

A Carnot cycle consists of four particular processes, specifically two isothermal and two isentropic ones. In
the above example, the energy available from the heat addition during the high temperature, isothermal process
is e;. A more general consideration for any process where the temperature varies during the heat addition is as
shown on Figure 3.1.(b). For an incremental change of state which takes place during this process between
points say b and c, the temperature may be considered constant forming an infinitesimal Carnot cycle. Here the
heat dq is added at temperature T while that rejected at the ambient temperature T, is dq;. Hence,
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de,, =dg—dq, (3.18)

where dea,q is the change in the available energy of the system due to the heat transfer only.
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Figure 3.1 (a) Available and unavailable energy in the carnot cycle (b) Constant temperature representation of
an incremental part of a process

But from the Carnot relationship,

dg, =dq(Ty /T) (3.19)
from which de,, =dq—dq(l, /T)=dq—T,(dg/T) (3.20)
Integrating for T, constant gives ~ Ae, ,=q —T,As (3.21)

It should be noted that all the property values in the above equation apply to the beginning and end of the
process except for T, which is the ambient temperature. Hence, the change in what can be called the internal
availability ¢ may now be determined for the original process and is, for a closed system

¢z’,2 —¢i,1 =Aea.w+Aea,q = w+q—T0As=Au—T0As (322)

This may be positive, zero or negative depending on the relative values of g, Ty, As and w. It will be noted that
all the terms on the right hand side of the final equation are properties and hence the availability must also be a

property.
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The total availability ¢ can now be evaluated and is the maximum possible work that can be obtained in
expanding to an appropriate datum which is the atmospheric conditions subscripted o. Here, the internal
availability needs to be considered but, in addition the external effects of the moving boundary during
expansion or compression process are to be included to give the total or nett effect, That is, the additional work
which is done against the atmosphere must be subtracted and this is given by pyAv.

Therefore the nett closed system availability, ¢, of the substance is given by :

¢ = (u+pov_TOS)— (uo +Dp,Y, ~TOS0) (3.23)

Steady flow system (stream) availability

For a control volume (called cv) expansion from a general, (unsubscripted) initial condition to that of the
surrounding state, during steady flow, the first law can be written as follows:

Qg +h+vav? +gz=w,,, +hy+Hw  +gz, (3.24)

where gy and w, are the heat and work transfers with the control volume. For maximum work, reversible
processes which expand the working substance completely to the conditions of the surroundings are required.
However, the control volume itself and the surroundings are often at different temperatures even though the
control volume outlet may be at state 0 which is that of the surroundings. Heat transfer from or to the control
volume therefore represents either a source of additional useful energy if it is at a higher temperature than the
surroundings or a consumer of energy if it is at a lower. It should therefore be taken into account in the
equation for the total availability which expresses the maximum work possible for the process. This heat
transfer can only be used to its maximum by placing a reversible heat engine (or heat pump) between the
control volume and surroundings. This is shown on Figure 3.2. This additional work will be called wy, (from
the heat transfer) as distinct from the normal control volume work wy,, the sum of the two then making up the
total work, called here wyo;. The heat transfer from any infinitesimal section of the control volume at
temperature T is dqg, while that received by the heat engine is an equal quantity dqy, but is of opposite sign.
Also, over the whole control volume, the total heat transfer is g, which is equal and opposite to that received
by the engine, qp,.

Flow in at conditions h,v,2, s

\ Control Volume Work Out, w ,

—>
CONTROL
VOLUME F}ow out :td.c on dtt,ions
of surroundings, h v .z s

Heat Transfer — 9 " a" o
From Control Volume, q _————*=
To Heat Engine, q , & HEAT %:

ENGINE

w
— L Heat Engine Work Out, w
Heat Transfer To Surroundings, q

h

Figure 3.2 Availability from a steady flow system

Now

W =W, + W, (3.29)
But for the heat engine:

Wi,=q5 — 4o (3.26)

Qo _¢(dan)_¢f d4o
and Eﬁ( - J_j[ - ] (3.27)
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where T, the control volume temperature, is a variable. But, if heat is transferred reversibly from the control
volume for the flow as it expands to conditions 0, the latter term in Eqn. (3.27) can be evaluated as the entropy
change of the flow between exit and entry of the control volume. That is:

Sy -8 = j[‘-i?—%] (3.28)

T
Therefore go=—Ty(so~s) and hence
Wy, = g, + To(595) = = 4 + T (50—) (3.29)
This gives
W ot =W, G+ T (50—5) (3.30)

Substituting for (ww —qw) into the first law equation above, now gives:

h+’/zv2+gz=wm,—To(s0~s}+h0#/:vozj-gzo (3.31)
Rearranging and calling wy,; the stream availability y gives:

‘I’:(h——Tos +‘/zv2+gz)— (h0 ~T,s, +Yav,’ +gzo) (3.32)

Note that this is a simplified version of the derivation applying to the steady flow situation. For maximum
cycle work, the mass leaving the control volume at o is in equilibrium with its surroundings. As well as the
thermodynamic properties T, hy, and s, being at such a minimum possible state, the physical properties z
and v,, should also be minimised. That is, v, should be zero and z, should represent the datum position, also
zero. Hence, these two variables are often excluded from the equation.

33 GENERAL THERMODYNAMIC RELATIONS

It will no doubt have been observed by the reader that there are no instruments to measure the energy quantities
such as the internal energy, enthalpy and entropy of a substance directly. Only four of the thermodynamic
properties, pressure, volume, temperature and mass, are easily measured and in intensive terms, these reduce to
three by dividing the volume by the mass to form specific volume. The gradients of pressure, specific volume
and temperature each with respect to another are also measureable as long as the third property is fixed, as for
for example, with the change in volume with respect to pressure at constant temperature. Other combinations
of the gradients of pressure, temperature and volume can also be obtained. However, the above is very limited
information when considered in light of the precise values required for all the other properties and gradients
over an extremely wide range of different thermodynamic states which are necessary in order to encompass all
possible thermodynamic applications. These must be able to be determined from a combination of theory and
those measurements which are available. A powerful tool in accomplishing this are the group of general partial
differential equations derived from simple basic relationships which are called general thermodynamic
relations (GTRs). These are used to relate all thermodynamic properties to those which can be either simply
measured or otherwise determined from fundamental theory (e.g. by the methods of statistical
thermodynamics).

3.3.1 Some general mathematical relationships

Before examining the GTRs and the thermodynamic property equations which can be developed from them,
several mathematical relationships which are required in the derivations need highlighting. These are:

The Total Differential Equation
The reader will remember, from the basic definition given in the first course, that any property of a single phase

substance may be expressed thermodynamically as a function of two other properties. If these properties are
designated as x, y and z, they can be written, for example, as:
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z=f(x,y) (3.33)
Then the total differential equation expressing the change in z with changes in both x and y is:
& &
dz[—J dx+[—J dy (3.34)
& ¥y @/ x

The Exact Differential Rule
If, properties x, y, and z are related by an equation of the form:

dz = Mdx + Ndy (3.35)

2

then

The cyclic rule

Here, the gradients of the three properties x, y and z are related by:

SEE-

Proofs of the above will not be given here but can be found in most mathematical textbooks.

3.3.2 Development of the GTR equations

The GTR equations are simply developed from the fundamental, general equations of the thermodynamic
properties in differential form by obtaining partial derivatives from them. The basic equations required are
those for internal energy, enthalpy, Helmholtz and Gibbs functions in terms of pressure, volume, temperature
and entropy The first two will be well known from a first course in thermodynamics and are obtained by
choosing a reversible process between two state points and applying the first and second laws of
thermodynamics to it. These, sometimes called the Gibbs equations are:

Tds=du+pdv (3.38)
Tds=dh—vdp (3.39)

Note that, as thesc relate properties only, the final result is independent of the path or type of process, the
reversible process being specified for evaluation purposes only. Rearranging gives the two required equations:

du =Tds — pav (3.40)
dh =Tds +vdp (3.41)

The second two equations are obtained by differentiating the Helmholtz and Gibbs Function relationships
which are available from their definitions. This gives:

da=du-Tds—-sdT (3.42)
dg=dh-Tds—sdT (3.43)

The appropriate equations are then obtained by eliminating du - Tds and dh - Tds by use of Eqns. (3.40) and
(3.41).
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da=— pdv—sdT (3.44)

dg=vdp—sdl (3.45)

When the exact differential rule is applied to Equs. (3.40), (3.41), (3.44) and (3.45), the following set of partial
derivatives are then obtained. These relate p,T,v and s and are normally designated as Maxwell's Relations.

r(?[‘ . @
313 0
-OI} =[—@1 (3.47)
—@ 5 & V4

‘9'5—] =[ﬁ} (3.48)
—ﬁl‘ 14 & T

_ﬁ} =—{§} (3.49)
LT, L@,

These can be seen to be immediately useful. For example, to obtain the entropy change with volume during an
isothermal process, the third of the Maxwell equations shows that all that is necessary is to measure the
pressure change with temperature in a constant volume process. This is at least possible.

By appropriate differentiation of Eqns. (3.38), (3.39), (3.44) and (3.45) and the equating of the results, a
further set of partial derivative equations can be obtained.

CEOe
2431
3148
31-12]-

Finally, a further two equations which will be well known from a first course in thermodynamics come from the
definitions of specific heats. These make up the final set of ten GTR equations.

Au
c, ‘[E} v (3.54)
CP{%L (3.55)

3.3.3 GTR property equations

For use in engines and most other thermodynamic applications, general differential equations in quantifiable
terms are specifically required for the energy properties, these being the internal energy, enthalpy and entropy.
They must be applicable for all substances, not only to ideal gases. It is most convenient to develop that for
entropy first from the GTRs and to then obtain the others from it by further substitution.
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Entropy

Entropy, as with any other property of a single phase, single component substance, may be defined in terms of
any other two properties. It is most conveniently taken as being related to the temperature and specific volume
or the temperature and pressure which are all measurable quantities. Using the first of these:

s=f(T.v) (3.56)

Hence, the total derivative of entropy may be expressed as:

& &
ds/5f — | dT +|—| dv
S{ﬁfl [&’L @57

& [a]]a] _
But T v— T ) gv-cv (3.58)

Then, by substitution of Eqns. (3.58) and (3.48) into (3.57)

ds =5v ar {Q} v (3.59)
T aT

v

Alternatively, writing the entropy as a function of temperature and pressure and repeating the procedure, a
second equally valid equation for entropy results. This is:

s=f(T.p) (3.60)
giving ds =—2dT- [—] dp (3.61)
pr

Internal energy and enthalpy

A differential equation for the change in internal energy, du can now be easily determined by substitution of
Eqn. (3.59) for ds into Eqn. (3.40).

4
du=c dl +iT| = | —pidv 3.62
u=c, { [ |, P (3.62)
Similarly, using Eqns. (3.61) and (3.41), dh can be obtained.

dh=c,dT + {v - T[%J }dp (3.63)
?

These Equs. (3.62), (3.63), (3.59) and (3.61) are quite general and can be used with measured values of specific
heat and the relationships between the properties p, v and T determined from appropriate state equations to
establish quantitative values for the change of internal energy, enthalpy and entropy. Substituting from the
ideal gas equation reduces them to the frequently used equations for the internal energy and enthalpy where the
second term disappears and internal energy and enthalpy are then functions of temperature only as expected.
The entropy equation reduces to the well known formula for ideal gases as a function of temperature and
pressure or volume. With other, more complex state equations, the second term remains and must be fully
evaluated. That is, the internal energy and enthalpy are now functions of both temperature and either pressure
or volume while the entropy equation is more complex than in the ideal gas case.
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Many other equations can be developed using GTRs. Of particular interest to engines and combustion are
those for the specific heats themselves, the difference in specific heats and the ratio of specific heat and these
will be examined in the exercises at the end of this chapter.

3.4 EQUATIONS OF STATE FOR REAL GASES

The majority of thermodynamic processes which are of interest to a combustion engineer or engine technologist
occur in the gas phase and many substances such as air and the combustion products can reasonably be
approximated with reasonable accuracy by the ideal gas equation throughout the temperature ranges of
relevance. However, others such as the fuel vapour may be too near to the saturated vapour condition for this
assumption to be reasonable and their properties need to be evaluated by other means. These are sometimes
termed real gases to distinguish them from the ideal gases which are only a useful approximation to reality
although a very close one in many instances. Values near to the saturation conditions for the commonly used
substances, for example, water vapour and a range of refrigerants, are readily obtainable from tabulations and
similar data for other substances are available but are more difficult to obtain. For all substances, tabulations
are often not convenient, particularly for use in computer programs, and alternative procedures which can be
used, in conjunction with the GTR equations to establish the appropriate property values are then necessary.
Suitable equations of state exist to cover the non-ideal gas range and are substantially empirical in derivation
although usually with some logical base from which their fomulation developed. Nevertheless, they are very
useful and, in addition help in developing in the reader a more complete understanding of the thermodynamic
properties of matter. While many such equations have been formulated, some of the most widely used will be
discussed below.

3.4.1 Van der Waals equation

The earliest and perhaps most descriptive equation of this type is called the van der Waals Equation after its
originator, Dutch scientist Johannes Diderik van der Waals, It is based on the idea that gases at higher
pressures start to deviate from the ideal gas equation for two reasons, both of which stem from the space
occupied by the molecule itself in relation to the mean free path between the molecules. In these non-ideal
gases, the mean free path is now sufficiently small so that the molecules can no longer be regarded as isolated
(when they are not in collision), this being the ideal gas assumption. That is, general interactive relations must
now be considered. There are two such effects. The available volume for compression is reduced by the size
which the molecule must occupy and also the individual molecules can influence each other by attractive forces.
These are essentially corrections from the ideal gas concept and the van der Waals equation is therefore
expressed as a deviation from the ideal gas equation.

In more detail, the modifications required for the ideal gas equation are that the volume and pressure terms
both need correction to allow for the relatively closer packing of the molecules. If the volume in the ideal gas
equation can be taken as actually representing the “fiee" space which is available for compression rather than
the total volume occupied, then the term in a real gas should be modified by deducting from the total volume, v
an amount, say b, which accounts for the "solid" space occupied by the molecule. In the ideal gas case, this
latter volume is negligible but, for other gases, it may be significant. Therefore the volume available for
compression, v’ can be expressed as:

V'=v-b (3.64)

where v is the total volume and 5 a constant representing that volume occupied by the molecule itself.

The modification to the pressure term occurs because that which should be used in the equation is an
internal parameter which exists between the molecules and which differs from that experienced on the walls or
on a measuring device. It may be termed an effective pressure. The difference occurs due to a substantial
number of other molecules being sufficiently close by so that their attractive forces are significant. For
molecules which impact on a solid surface, this attractive force is exerted on their gas side only which reduces
their momentum towards the surface. All other molecules will have the attractive force totally surrounding
them and hence it is cancelled with no nett effect. Thus the measured pressure, p at the surface is a distortion
of what prevails throughout the gas and it is less than the effective pressure, which can be designated as p’. In

an ideal gas, the wide molecular spacing ensures that the attractive force from any other molecule on that
approaching the surface is negligible and hence the difference between p and p’ approaches zero. In real

gases, the effective pressure term for the equation must be calculated by the addition of an attractive term to the
measured value. The effective pressure is then given by:

p'=p+c (3.65)
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Now ¢ in Eqn. (3.65) is due to two factors these being the molecular density, a greater number of molecules
providing a larger attraction and the spacing of the molecules, each individnal molecule providing a greater
force when it is closer. Van der Waals postulated that it should be proportional to the density squared which in
thermodynamic terms is the inverse square of the specific volume.

1 a
coC — = — (3.66)

where 4 is a constant.
Writing the gas equation in an identical manner to the ideal gas law but in terms of the effective pressure

p’ and the volume available for compression V' rather than the conventional p and v and substituting from
Eqns. (3.64), (3.65) and (3.66) gives:

(p—l—az—](v—b)=RT (3.67)
1%

This is van der Waals equation. Note the following points.

e asb approaches v, p approaches infinity. Here, a small change in v produces a large change in p which is
the case for an incompressible substance. That is, it is the case for a liquid or a solid.

e Ifp>>aiZandv>>b, the equation becomes the ideal gas equation pv = RT.

e  For gases, the first term in Eqn. (3.67) is usually the more significant as deviation from the ideal gas law
OCCUrs.

e IfpandT are fixed , the equation is a cubic in v and there are three roots.

It is now necessary to determine the constants g and b which will be different for every gas and this can be most
casily achieved by considering the isotherms which pass through the critical point. These have a point of
inflexion in a p-v co-ordinates and hence both the first and second derivatives can be equated to zero.

2
[-@} =0 and {5 f} =0 (3.68)
N g v,
The van der Waals equation can be re-written in terms of p and differentiated to give:
[Q} - _RT |2a . 2;’ (3.69)
&lp  (v-b) v
and
2
7 f - +64a (3.70)
" o —b)3 v

Substituting now the critical point values of v = v, T = T and p = p., and equating to zero gives the following
solution for a and b:

a’giT‘ v, =3p,v,’ (3.71)
1%

b== 3.72
. (3.72)

Now state equations and, indeed properties in general may be expressed in terms of what are called Reduced
Properties which are the values relative to those at the critical point. This is often a very useful form because
different substance are effectively normalised by this technique. These are defined as:

Reduced pressure p.=p/ p, (3.73)
Reduced temperature T.=T/T, .79
Reduced specific volume v,=v/v, (3.75)



78

By substitution and re-arrangement of Eqn. (3.73) into Eqns. (3.69) to (3.72) a reduced form of the Van der
Waals equation is available. This is:

3 1| 8T
iy — =2 3.76
[Pr Vr2 }[v, 3J 3 (3.76)

3.4.2 Some other state equations

Other state equations have been developed using similar logic with modifications to fit them to the known data.
They have generally been designated by the names of their originators. While it is not possible to give a full
explanation and an exhaustive list here, some of the most common are:

RT c

. patl €
Clausins (v—b) . (v+d)2

(3.77)

RT _s/rr,

Dieterici pza—_;)e (3.78)

RT a

v=b) Tv?

RT c

Redlich-Kwong P=6-8) T7v(r0)

(3.80)

Beattie-Bridgeman Mm}i’z— (3.81)

Virial Equation 7= 2 (3.82)

Eqgns. (3.77) to (3.80) follow a modified van der Waals approach. Eqns. (3.77) and (3.79) are based on the
assumption that inter-molecular attractive forces vary with temperature while Eqns. (3.78) and (3.80) are
modifications to give better agreement with measured values. Eqns. (3.81) and (3.82) are empirical fits to the
measured data, the latter being a power law relationship in terms of v (as given here) or p. It should be noted
that Eqn. (3.81) was used by Hottel et al (1936) in the development of the thermodynamic charts for internal
combustion engines which were widely used for cycle analysis before the advent of computer codes for that
purposc.
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3.5  IDEAL GASES AT HIGH TEMPERATURES
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Figure 3.3 Variation with temperature of isentropic index and specific heat (dimensionless) at constant
pressure for hydrogen. (from R.F. Kubin and L L. Presley, NASA SP-3002, 1964)

The non-ideal gas equations apply to relatively dense gases, that is ones at high reduced pressures and moderate
to low reduced temperatures. In many combustion and engine problems, the gases are well removed from the
saturation conditions. This includes the air and the products of the combustion process. The ideal gas equation
of state is then a close approximation to reality and the properties values required can be obtained from it. The
reader is reminded that the internal energy and enthalpy are then functions of temperature only, that is

du=c,dTl’ (3.83)

dh=c ,dT (3.84)

and entropy may be obtained from one of several equations of the form

ds=c,dT /T+Rdv/v (3.85)

These can easily be integrated if R, cvandcp(andhencey) are assumed to be constant. In fact, apart from R
which is a constant, cy, p and y are not constant and may be quite complex functions of temperature and, to a
lesser extent, pressure at elevated conditions as shown for the example of hydrogen on Figure 3.3. The
complex behaviour is due to changes in the molecule energy storage and to the breakup into sub-particles, ions
and electrons as the temperature becomes extreme. Empirical relationships are available in the moderate to low
temperature range and a power law series in terms of temperature for ¢y, or p is often convenient as :

¢, =A+BT+CT*+DT>... (3.86)

However, a theoretical approach describing the way in which these properties are obtained is required. This is
best obtained by use of what is called Stafistical thermodynamics which is essentially a different branch of the
subject and approaches it from the statistical analysis of the motion of many patrticles and the probability of
certain states existing. It is a study in its own right and is too complex to be considered other than cursorily
here. However, some comprehension of the molecular basis of thermodynamics is essential and a suitable
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approach, which may be regarded as a precursor of statistical thermodynamics, called the kinetic theory needs
examination. It relies on the laws of mechanics for a simple assessment of the linear and rotational motion of
particles which can be related via the ideal gas law to the temperature for an evaluation of the energy
properties. Under appropriate circumstances, it is surprisingly accurate When temperatures become very high
or molecules excessively large, additional effects from particle vibration need to be included to provide a
reasonable account of the known variations. These will be included here as an arbitrary modification although
the reader is advised to consult specialist texts such as Sonntag and Van Wylen (1991) for a full account of the
basic theory which determines the additional contribution to the thermodynamic properties from vibration and
other modes. It should be noted that at even higher temperatures, dissociation and ionisation play a role in the
gas properties and these will be examined in a later chapter.

3.5.1 The kinetic theory of gases

Although developed in the middie of the nineteenth century, the kinetic theory of gases provides a good starting
point for the understanding of the particle approach to the properties of gases. It suggests that the
thermodynamic properties of matter derive from the kinetic energy of the particles either as linear
(translational) kinetic energy or as rotational kinetic energy when the moment of inertia of the molecule is
significant. It does not consider the potential energy of molecular attraction which is reasonable when applied
to ideal gases because of the wide spacing of the molecules. Neither does it consider the vibrational energy,
electronic energy etc. which are a part of more modern theories. The vibrational energy, in particular is an
essential component once temperatures become moderately high and so will be included here by a simple
addition to the kinetic theory values, This provides a brief, workable although only partial model of the
thermodynamic behaviour of ideal gases.

3.5.2 Basic postulates of the kinetic theory

The kinetic theory makes none of the assumptions of modern physics regarding "quantized" energy and in fact
pre-dates the quantum theory. It assumes that matter is composed of a very large number of molecules which,
for fluids, are in a state of continuous motion, the thermodynamics then being simptly related to the well known
laws of mechanics. The following assumptions apply.

Molecules are hard spheres or combinations of spheres which are perfectly elastic.

Molecules travel in random directions but with a uniform velocity in a straight line between the many
collisions which occur between them or with the walls in a normal gas.

The time of encounter on impact is negligible as are frictional effects between molecules.

The size of molecules is negligible with respect to the mean free path.
e The pressure on a wall is solely due to the molecular collisions with it.

3.5.3  Basic equations of the kinetic theory

Now consider a molecule of mass in a cartesian co-ordinate system X, y, z which has a velocity v with
components vy, vy and v, , the x direction being towards a wall as shown on Figure 3.3. The change in x
momentum of one molecule on impact is equal to 2mwv, if it is assumed to rebound with an equal and opposite
velocity as required by the perfectly elastic assumption. Because of the very large number of molecules in the
gas, assume now that n molecules having an identical value of the component v, exist per unit volume, these
being but some of the many molecules in that region. The volume of a slab of gas 8x thick near the wall
therefore contains nAdx of the above molecules, A being the wall area. Again, because of the large numbers, it
may be assumed that, on average, half of these move towards the wall and half away from it with, of course,
only the former impacting with it. Therefore the total momentum change in the above volume due to these
molecules is:

M =§5xn2mvx =Admmv (3.87)
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Figure 3.4 Basis of the kinetic theory - molecular interaction with a wall

All these molecules must impact with the wall within a time span equalling that taken for the furthest from the
wall to reach it, this time being given by:

&= (3.88)

The force on the wall is the time rate of change of momentum giving:

F—? =Anmv * (3.89)

from which the pressure can be easily obtained as:
p=nmv’ (3.38)

However, there are other molecules with different velocity component values in the x direction and these must
be considered in the same way. The total pressute is therefore due to:

nj molecules, velocity vy

ny molecules, velocity vyo

n3 molecules, velocity vy3
to-

n; molecules, velocity vy;

the sum of nj to nj making up the total number of molecules.
Therefore, the total pressure is:

p=mmv P +nymv ., nmy St =mY v (3.90)
But the total number of molecules is

> n=n,+n,+ny+....=N(say) (3.91)
Multiplying the right side of eqn. (3.90) by N /Zn (which is unity) then gives:

mN%(::sz):mNVxZ (3.92)

where V2 is the RMS velocity.

For large numbers of particles, the pressure at a point is equal in all directions and using a similar equation to x
for pressure for the y and z axes then gives:
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v,'=v,’=v,’ (3.93)
But because Vi=v 24,47, (3.94)
it can be seen that v =v?/3 (3.95)

Also the product of m and N is equal to (mass per molecule) times (molecules per unit volume) which is the
density, p or 1/v where v is the specific volume.

Therefore p}v_ (3.96)
3v
=2

or pv=-‘%— (3.97)

The isolated molecule postulate of the above theory fits the ideal gas assumptions and the equation, pv = RT
applies. Comparing these two equations for pv then shows that the temperature of a gas is related to its mean
molecular kinetic energy, i.e.

V>=3RT (3.98)
If it is now assumed that the internal energy per unit mass, u of isolated molecules is unaffected by

intermolecular forces and is due to their kinetic energy only, the basic equation from classical mechanics states
that :

=y (3.99)

Substituting eqn. (3.99) into (3.98) then gives:
=%RT (3.100)

It should be noted that this equation gives the anticipated result that internal energy is a function of temperature
only for an ideal gas.

Note that this equation gives the total molecular kinetic energy (internal emergy) per unit mass. The
specific gas constant R (kJ/kgK) in this equation can be replaced by either the universal gas constant R,
(kJ/kmolK) or k, the Boltzmann constant (kJ/moleculeK) (which is the universal gas constant divided by
Avagadro’s number) to give other forms of the specific energy .

Now the specific heat at constant volume is, by definition:

o= 2| 32p (3.101)
al, 2

while, specific heat at constant pressure for an ideal gas is:
5
cp=c, +R=-2—R (3.102)
from which the isentropic index y can now be determined as.

y:ﬁi%:l. 667 (3.103)

This can be compared with actual values for monatomic gases, some examples being:
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Helium y=1.659

t 300K
Argon y=1.668 }a

Obviously the theory in these cases gives very good results for monatomic gases.

3.5.4 Partition of energy

The kinetic theory so far has been developed for particles which only have translational momentum. Compact
molecules with no separation of the atoms which form them will have negligible rotational inertia and thus
monatomic particles are likely to fit the theory well thereby anticipating the agreement with these measured
values. For larger molecules with separated atoms, the theory needs expansion and this is achieved by the use
of an assumption called equipartition of energy. Here, what appears to be a sweeping assumption is made and
it is postulated that each motion in which energy can be stored (called a "degree of freedom'") carries the same
amount of energy. These include both translational and rotational motions. It is only intrinsically justifiable
for the three translational modes where the large numbers of molecules provides an extremely high probability
of each direction being the same. The reason for equality between the translational and rotational modes is
more obscure. Nevertheless, it provides reasonable answers in a number of cases suggesting that it is, at least
for these, correct. Its validity can now be demonstrated by the modern methods of statistical thermodynamics
but these were not developed until well after the original concept was put forward. The possible degrees of
freedom are shown on Figure 3.5 and listed on Table 3.1.

Table 3.1 Degrees of freedom
MOLECULE TYPE ENERGY STORAGE MODES DEGREES OF FREEDOM
@) Monatomic gas translation in three directions 3
(ii) Diatomic gas translation in three directions, rotation 5
about three axes, but one is negligible
(iii) Triatomic gas translation in three directions, rotations 6
(or greater) about 3 axes

For a monatomic gas, u = 3/2 RT and therefore the energy per degree of freedom is ART. If this applies to
each degree of freedom for all gases, it can be scen that a diatomic gas has an internal energy of 5/2 RT. Its
specific heats can then be obtained as before and are:

c =§R (3.104)

cp=c, +R=%R (3.105)

from which the isentropic index v is 1.4.

When this is compared with values for some typical diatomic gases which are:
Oxygen  y=1.394)

Nitrogen y=1.400
Hydrogen y =1.405 at 300K
Carbon
Monoxide y=1.400 |

it can be seen that again the agreement is good. This indicates that, at low temperatures for widely spaced
diatomic molecules, the equipartition of energy assumption is likely to have some validity.
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MONATOMIC DIATOMIC TRIATOMIC OR GREATER
Three Translations Three Translations Three Translations
Two Rotations Three Rotations

Figure 3.5 Molecular degrees of freedom that can exist for translation and rotation
Repeating the above for a triatomic gas with 6 degrees of freedom, the equations become:

u=3RT , ¢,=3R, cp=4R (3.106)

from which y equals 1.333. Typical triatomic gases have the following measured values:

Carbon Dioxide y=1.29
Hydrogen Suplhide  y=1.21} at 300K
Sulphur Dioxide y=125

Here, the agreement, although still reasonable, has deteriorated substantially. To account for the greater
inaccuracy for large numbers of molecules, additional modes of energy storage to those of translation and
rotation need to be included. That of particular interest at present is the energy stored by vibration between the
atoms making up the molecule. This may occur in several ways, the particles vibrating on an axis towards or
tangentially to each other. This vibrational energy increases with

e the number of atoms in the molecule;
e the temperature.

To determine properties values of high temperature, non-monatomic gases requires the introduction a means of
evaluating the vibrational modes. This is based on the theory of statistical thermodynamics, details of which
can be found in specialist texts such as Sonntag and Van Wylen. It introduces a partition function, Z, from
which the molecule's energy can be partitioned into a number of modes. These can be evaluated from the
distribution functions which apply to the model of the substance under consideration. The overall partition
function is made up of individual partition functions, those usually considered being translational Zp,
rotational Zy, ., vibrational Zyyn, and what are sometimes called the more exotic forms of electronic, nuclear
spin, chemical, etc. labelled here as Zy most of which are not important in the ranges to be considered here.
Then:

Z = ZrpZporZvisZex = ZTRZINT (3.107)

All but the translational form are considered to be internal modes of energy storage (Zmr) because they do not
involve relocating the molecule in space.

It can be demonstrated from statistical thermodynamics that the translational and rotational modes for an
ideal gas are equipatitioned at normal temperatures, consistent with the classical kinetic theory. The internal
energy equation in terms of the partition function is:

AnZ

quTZ[E,—l (3.108)

Once the internal energy is evaluated, the normal ideal gas equation for enthalpy, h = u + RT, applies for the
translational mode only with additional components from all other (internal) forms adding a further amount h
= u. This is because the pv term in the enthalpy equation (or RT for ideal gases) is related to the molecules
position in space which does not alter the internal modes.
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The translational partition function can be shown to be a function of the total volume of the system V and
its absolute temperature T3/2 while the rotational one is a function of the moment of inertia of the molecule, T
and its temperature, T. For fixed volume and moment of inertia, substitution into Eqn. (3.108) gives u = 3/2RT
and u = RT for the complete addition of energy from these two modes which is identical to the kinetic theory
approach. The translational mode is always complete but this is not necessarily so for the internal modes. A
quantity TR called the "Characteristic Rotational Temperature" can be used to normalise the temperature
for different gases to determine whether the full rotational contribution has occurred and it has values of 2.08 K
for oxygen, 2.86 K for nitrogen and 87.2 K for hydrogen, the last being the highest of the diatomic gases.
Normalised internal energy and specific heats are plotted against T/TR on Figure 3.6 and it can be seen that
the rotational mode is close to complete (i.e. u = RT) when this is greater than about 5. For most diatomic
gases, complete rotational energy is therefore imparted to the molecule for all temperatures above what are very
low values (e.g. 10.4 K for oxygen). The specific heat contributions can be seen to be complete at the even
lower value of T/TR of around 2 with a corresponding very low temperature.

The vibrational partition function is more important in that it expresses a frequently encountered change
from the values of the kinetic theory. The expression for it has been developed for what is termed an
"harmonic oscillator" and is then:

Zys ={1—exp[_hu]}_l=[l—exp(— ) (3.109)

kT

Here hu/k is called the " Characteristic Vibrational Temperature”, Ty, and it can be used in the same way as
the characteristic rotational temperature. Calculations are based on h = Planck’s constant = 6.625 x 10> Js, k
= Boltzmann’s constant = 1.380 x 102 JK', v = co where o = vibrational wave number of the molecule and ¢
= velocity of light = 2.998 x 10® ms™. Then x = T,/T. The equivalent plot (against T/T, which is 1/x) is also
shown on Figure 3.6. Here, the internal energy contributions approach RT (that is, the complete contribution)
at a little above 8 to 9 times the characteristic vibrational temperature and the specific heats approach R at
around 3. While these are a little higher than in the rotational case, the main difference lies in the fact that the
characteristic vibrational temperature is much higher being 2270, 3390 and 6340 K for the same three gases
considered before. The vibrational contribution to internal energy is minimal at 300 K (T/Tg = 0.15 to 0.05 for
the above gases) but becomes significant as the temperature rises. The full vibrational contribution is not
complete until extremely high temperatures are attained at which time, it should be noted, the gases have also
reached a high level of dissociation. A progressive contribution occurs during this range.

In summary then, for the kinetic theory, equipartition is adequate at temperatures above 300 K for most
diatomic gases to be considered here but an additional vibrational contribution must be added using the above
equation as the temperature increases. With larger molecules, the vibrational effect is noticeable earlier with
temperature increase and this explains the differences noted previously against the measured data. Note that
the addition of vibrational energy incresaes ¢, and c,. However, because c, for an ideal gas is always a fixed
amounty greater than c, (ie by R), y reduces with energy addition.

The contribution of the electronic states to internal energy, enthalpy and specific heat is insignificant for
substances in the temperature ranges considered here although it has a small contribution to entropy. It will
not be further considered although the reader, if interested, is referred to Sonntag and Van Wylen for details.
Because the datum for energy contributions of molecules larger than monatomic has been selected as the fully
dissociated state, a chemical contribution must be added to the internal energy and enthalpy for the
undissociated molecule. This is a constant, hog which is the enthalpy of formation. Because specific heat is
the differential of internal energy or enthalpy, the chemical contribution to specific heat is therefore equal to
zero. Note that the h’f for a substance is often written as AHe 5gg which is tabulated for the substance. These
values will be discussed in the next chapter.

It should be noted that, as the temperature of a gas rises, the molecules first dissociate and later ionize.
This, put in simplistic terms is because the vibration starts to shake the molecule apart. That is, a gas originally
made up of particles which are substantially the same throughout, now consists of some of the original
molecules and some dissociated components, the latter increasing in proportion as the temperature rises. For
example, a gas which was originally diatomic will be broken into some monatomic particles with y = 1.667.
The proportion of these rises as temperature increases, hence explaining the trend shown on Figure 3.3. At
even higher temperatures, the electrons are stripped from the molecule and the process is known as ionization,
Additional electrons and positively charged particles start to appear and the gas progressivley becomes a more
and more complex mixture. While the methods of calculation for evaluating the amount of dissociation and
ionisation will be considered later, it should be noted that the gas must now be treated as a mixture of several
ideal gases each with properties which vary with temperature in order to find its average properties.

For larger molecules, the situation is more complex. Here, the molecules can be considered to have more
than one characteristic vibrational temperature and hence further vibrational terms similar to those obtained
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above must be added. Note that data for the characteristic vibrational temperatures of diatomic gases is readily
available, those for larger molecules less so.

The appropriate equations for vibrational contribution to the internal energy and specific heat at constant
volume in dimensionless form are then:

¥ 2 x

o c, x
ﬁ— e* -] E @x

_*e
1f
The internal energy and specific heat at constant volume can then be obtained in any units by selecting the

units of R and T. Enthalpy and specific heat at constant pressure follow by the conventional method of adding
R
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Figure 3.6 Rotational and vibrational contributions to the internal energy and specific heat at constant volume.
Note that at normal ambient temperatures, the rotational effects are complete and hence fully accounted for by
the kinetic theory. The vibrational effects are not complete until extremely high temperatures are reached.



87
Table 3.2 Characteristic rotational temperatures, TR and characteristic vibrational temperatures, T,
for some common gases

Gas TR K) T, (K)
H, 87.2 6340
N, 2.86 3390
co 276 3120
NO 244 2740
0, 2.08 2270

3.6 THERMODYNAMICS OF GAS MIXTURES

Some readers of this text may be familiar with gas mixtures as it is sometimes dealt with in first courses in
thermodynamics. However, because mixtures are of great importance in combustion and engine calculations,
this section is devoted to a brief review of the topic.

Tabulated properties of many individual gases are readily available in the moderate pressure and
temperature ranges. Even at high temperatures (e.g. hydrogen to perhaps 30,000 K) some tabulated properties
exist and can be found, for example, in NASA Reports, the very high temperature values being necessary for
such space research as planetry re-entry. Most of these tabulations were determined by statistical
thermodynamic calculations. For mixtures, tabulations are not generally feasible due to the infinite variation in
the possible constituents and air is the only one whose properties are usupally available in this form. It is
therefore necessary to examine how mixture properties can be obtained from the data, either tabulated or
calculated, for the individual component gases. In general, ideal gas mixtures will predominate in the
combustion work of this text and the greatest emphasis will be in that direction although a brief consideration
of non-ideal gas mixtures is included at the end of the section.

3.6.1 Ideal gas mixtures
Basic mass, kilomole and molecular mass relationships
These are all obvious relationships and all follow simple summation techniques. As such, they only need a

brief description here.
The total mass of a mixture being the sum of the masses of the individual components is given by:

k
m=my +my+my+.. +m, =Y m; (3.110)
i1

If the mass fraction of any component i, called mg;, is defined as:

mg="1 G.111)
m
then
k
Y mg=1 (3.112)
i1

Using a similar analysis based on the number of kilomoles rather than the mass of each gas in the system, gives
similar equations. That is:
k
n=n+ny+ng+....Hm =z n; (3.113)

i=1

and a mole fraction of any component, called yj, is defined as:

yi=t (.114)
n

Therefore
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k
2yl (3.115)

Now the the molecular mass M is, by definition the mass per kmole and this applies either to the mixture or to
any component. It is therefore given by:

m =2 (3.116)

Hence
m=nM,+n,M,+....n M =nM (3.117)

where M is the average molecular mass of the mixture. Therefore, by re-arrangement and substitution from
Egqn. (3.114):

E
M=y M +y, M+ +y M=) yM, (3.118)
i=1
p, v, t relationships for ideal gases

In a mixture, it is not possible to measure the individual contributions of each component to the total pressure
and volume because the particles are fully distributed. Thus, some basic laws are required and two are used.
These are Dalton's law of partial pressures and Amagat's law of partial volumes. While both give identical
results for ideal gases, they do not do so for real gases. Hence both are discussed here.

Dalton's law

Dalton's law states that each component gas exerts a partial pressure equivalent to that which it would exert if it
alone occupied the whole volume at the mixture temperature with afl other gases absent. The total pressure is
the sum of these partial pressures:

k
P=P, D23+ PL=0. P (3.119)
i=1

This applies to all gases and vapours, ideal or otherwise. For ideal gases, the equation of state allows an
easy substitution for p in terms of the other properties, T and v. That is

R
pi=n; T (3.120)

where T and V are the mixture temperature and volume which are the same for all components. Hence:

T R T mR]’
}__0 3.121
(nI +n, 415+ MV ( )

showing that the ideal gas equation applies to the mixture where v is its specific volume of the mixture and R
its specific gas constant.

Now

nR (T/V) n
=0 . 3.122
PR T /V) n i ¢ )

That is, the ratio of partial to total pressure is identical to the mole fraction. For any two components, i and
j it is then obvious that:

Pi Vi (3.123)
Py Y
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Note that for non-ideal gases, their more complex state equations do not allow the temperature and volume
to be cancelled and the equality of Eqn. (3.123) does not apply.

Amagat's law

This is sometimes known as the Amagat-Leduc law: It relies on a similar principle to Dalton's law but works
by summing individual component volumes rather than pressures. More precisely, it states that, if the volume
of each component gas was measured individually at the mixture pressure and temperature, the total volume
would be the sum of these volume components. This gives:

k
V=V 4V, 4V V=) (3.124)

i=1

Again, this basic formulation applies to all gases and vapours. Substituting the ideal gas equation as before,
gives:

R, R,T
V=(n, 41y 403+ )-2—=n—2—=m RT (3.125)
p P p

That is, the ideal gas equation, as with Dalton's Law still applies to the mixture when a Specific Gas
Constant of R equal to the Universal gas constant R divided by the mixture molecular mass is used. For ideal
gases only, the Dalton and Amagat laws are identical and, starting with either one, the other can be shown to
be valid. The ratio of the component volume to the total volume is, from Amagat's Law with ideal gases:

i, (3.126)
v n

which is identical to the ratio of partial to total pressure for the same situation from Dalton's Law. It should be
noted that the molar specific volume, v; of each component is identical to the molar specific volume of the
mixture. That is:

y=i BV, (3.127)
n yin

This is not so for specific volumes on a mass basis as each component then has a different value of R.

Other properties of gas mixtures

The Gibbs-Dalton law

For each component, two intensive properties are now known, these being either T and p; or T and v;. Other
properties, particularly u, h and s are required and can be found using the Gibbs-Dalton law which states that
any property of a mixture acts as if it occupied the whole volume, V, at the temperature, T, of the mixture. The
total value of the property required is then the sum of those of the components of the mixture at these
conditions. This law again has general application. Taking, for example, internal energy as the property under
consideration, the total internal energy is:

k
U=> U, (3.128)
i=]

where u; is evaluated at the temperature and volume of the mixture. The specific internal energy, u;j, may be
obtained from either:

k
mu=y_ mu, (3.129)

i=1

or nU=Zn.E- (3.130)
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Therefore, the internal energy values (intensive) are, on a mass basis:

k

Zmiui k

u==l =y m g, 3.13D
i=1

k

T B (3.132)

Similarly

k k
hzj_‘,]mﬁ h; or h:Zlyih
= i=

i

k Eo
S=Zmys; or $=3 y,85; (3.133)
: i=1

i=l

Specific heats may also be summed in the same way giving:
3 Eoo_
C,=Z mgc,; or C,=Zy,C,
i=] i=1

& Eo_
cp =Elmﬁcpi or cpziiy,-cpi (3.134)

Note that the bar above the symbol indicates specific values on a molar basis (ie per kmol) whereas those
without the bar are on a mass basis (ie per kg).

The isentropic index cannot be obtained by a summation of its individual values in this way because it is a
ratio of the two specific heats. Its average value for the mixture must be found by first evaluating the individual
specific heats and dividing cp, by cy.

Note that, in all the above equations, the use of tabulated values for internal energy and enthalpy require no
pressure correction as long as they are ideal gas values because these vary only with temperature. However, the
entropy change of an ideal gas varies with pressure (or specific volume)as well as temperature and data
tabulated on a temperature base only will require correction for any pressure change from the value, usually of
one atmosphere specified for the tabulation. A further point of note is that, in a closed, non-reacting system,
the mole fraction or mass fraction of the component gases does not change. When reactions occur in a closed
system as happens during combustion, the gases and their mole fractions change requiring new partial
pressures to be calculated. The total number of kmoles in the system may alter although the total mass is
conserved.

A common problem is the mixing of an ideal gas and a slightly superheated vapour, in particular, the air,
water vapour mixture in the atmosphere. Combustion products normally also include water vapour and so fall
into this category. While is not proposed to treat this area, known as psychrometry here and the reader is
referred to specialist texts, it needs to be noted that although water vapour is strictly not an ideal gas,
approximating it as sach does not normally result in a significant error due to its low proportion in the mixture,
usually 5% or less. That is, the above formulations are still relevant for these calculations.

3.6.2 Real Gas Mixtures

For mixtures which contain a large proportion of vapour or vapours or mixtures of gases which are all at high
pressures, thje ideal gas equation of state is a por approximation and real gas equations or data are necessary.
Mixtures of real gases cannot be handled as easily as ideal gas mixtures although the common rules, noted
above still apply. That is, using Dalton's Law, the total pressure is still the sum of the partial pressures and,
using the Amagat-Leduc Law, the total volume is the sum of the component volumes. Each component is then
evaluated by the appropriate methods (e.g. complex state equation) at the mixture temperature and total volume
in the former case and at the mixture temperature and pressure in the latter. Note that the two methods do not
now give identical results as was the case with ideal gases.. Since Amagat's Law considers the the total
pressure for all species, it accounts more correctly for the intermolecular forces between species and between
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molecules of the one species. In general it gives superior results except at very low pressures. Dalton's law,
however, is usually easier to apply although neither is simple. For engineering approximations, an additional
equation is often used because of its easy application for real gases. This is called Kay's rule which gives a
critical temperature and critical pressure for the gas mixture as:

T=n Tty lgt s Ta+... (3.135)

Pc=NPatVePer tV3Pez ™t (3136)

Here the subscript ¢ represents critical temperatures and pressures for the mixture and components. The above
may then be used to obtain reduced mixture properties for substitution into appropriate real gas equations.
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PROBLEMS

3.1 A fuel cell operating on a closed system at atmospheric pressure and a constant temperature produces a
maximum possible quantity of internal work equal to the change in the Helmholtz function. Show that, when
the expansion against the external atmospheric conditions is taken into account, that this becomes equal to the
change in the Gibbs function.

3.2 An experimental fuel cell (either as in question 3.1 or under steady flow conditions) operates at a constant
temperature of 350 K in a constant temperature atmospheric environment of 300 K. The fuels are hydrogen
and oxygen and liquid water is produced. The measured work output is 173,750 kJ/kmol (of the water) and it is
estimated that the efficiency compared with the best possible value is currently at 75%. The total enthalpy
value for the oxygen and hydrogen prior to the reaction is known to be 4,750 and that of the water after the
reaction -284,000 (both in units of kJ/kmol of the water produced). Estimate:

(a) the best possible work output and hence the change in the Gibbs function values for the reaction (per kmol
of water)

(b) the change in energy (enthalpy) from inlet to outlet.

(c) the theoretical best possible efficiency and hence the efficiency of the current cell.

(d) under the best possible operation, the heat transfer from the cell (hint: relate this to the constant temperature
entropy change)

(e) the entropy change at the cell for condition (d)

(f) for condition (d), the entropy change of the atmosphere from the heat transferred to it. Hence determine the
total entropy change of the system and surroundings and comment on whether the process is reversible or
irreversible.

3.3 A piston-cylinder arrangement contains 0.001 kg of air initially at 300°C, 1.6 MPa. During a reversible,
constant pressure process, 2.0 kJ of heat is added to the air. The temperature and pressure of the environment
is 300 K, 101 kPa. Assume that air has an isentropic index of 1.4 and R=0.287 kJ/kgK.

Determine the change of entropy for the process, the work done, the available energy in the heat transferred
to the air and the change in the internal energy and nett availability of the air in the closed system during the
process.

3.4 Air (an ideal gas, R=287 klJ/kgK, ¢p = 1.0045 kJ/kgK) flows in the intake manifold of an intenal
combustion engine at 95 kPa, 40°C with a velocity of 40 m/s. It then passes over a throttle valve undergoing
an adiabatic pressure drop Of 60 kPa. Determine:

(a) the stream availability before the throttle

(b) the change in the stream availability caused by the throttling process.

(c) the stream availability after the throttle
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Assume that kinetic and potential energy changes are negligible across the throftle. The local ambient

conditions are 20°C, 101 kPa.

3.5 A particular air standard cycle analysis of an IC engine follows the dual cvcle and assumes that half the
heat is transferred to the cycle at constant volume while the remaining half is transferred at constant pressure.
The other processes are conventional, isentropic compression and expansion and constant volume hea rejection.

The following data applies:

temperature at the end of compression 7225K

temperature at the end of expansion 1507K

temperature at the end of heat rejection 300K

ambient temperature 300K

total heat added 12 kJ

mass of working substance 0.006 kg

cycle thermal efficiency 56.7%

working substance, air R=0.287, p =1.0045 kJ/kgK
Determine

(a) the total available energysupplied in all the heat added to the cycle

(b) the total available energy removed in the heat rejected from the cycle

(c) the the change in the availibilty of the working substance due to the nett work extracted during the cycle

(d) the nett change in the availability of the working substance between start and finish of a cycle. comment

OR YOUur answer.
(e) Compare an efficiency based on total heat added to the cycle and one based on the energy available in the
heat addition process.

3.6 Show, starting from the General Thermodynamic relations, that for an ideal gas (pv=RT) the folowing
relationships hold for any process

du=c dTl
dh =c,dT

Also develop the equation for the difference in specific heats and the well known ideal gas equations for
entropy change ds from these relationships.

3.7 For an ideal gas, the specific heat is assumed to vary only with temperature according to the relation:
¢, =A+BT

where A and B are constants. Develop, for an isentropic process, equations for dp and dv in terms of p, v, T, R,
A, B and dv and hence prove that the temperature volume relationship is given by:

ln(TvR /4 ) =const—BT /A

3.8 For a gas which obeys the Van der Waal’s equation of state, develop expressions for the variation from the
ideal gas du, dh and CpCy relationships of question 6 in terms of R, p, v, a and b.
When

¢, = A+BT
show that, for an isentropic process
lan(v -bY° 4 I =const—BT / A

and, if B=0 (i.e. ¢, is constant) that:
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(p+a/v2Xv—b)y = const.

3.9 Airin a closed system at 0°C and 1 atmosphere pressure is heated from a constant temperature reservoir
(T=1500 K) to a final temperature of 1150 K. The variation in specific heat is significant for air over this
range and is given by:

%”: 3.653-1.334x107T +3.291x10°°72 - 1.910x10 ° T3 +0.275x10 2 T*

where T is the absolute temperature.

Evaluate the ideal gas change in enthalpy term hy-h; and compare it with that predicted by an ideal gas
with the constant value of cp=l.0045 kJ/kg K which applies at the low end on the range. From the above,
calculate the constant value of Cp over the temperature interval which would give the correct answer and
compare it with p determined from the mean of that at the two temperature points. Using the full formula for
p above, determine the change in entropy for the process and compare it with those calculated for the constant
p values.

3.9 (a) By considering the critical isotherm passing through the critical point, show that the constants a and b
in the Berthelot equation of state

RT a

v-b T_vz_

p =
are given by
a= %Rvacandb = %vc

3.10 A gas has an equation of state given by

pv_1+b

RT T
where R=188 J/kg K and b= 0.51 m3 K/kg
(a) develop an equation for the change in internal energy between two state points 1 and 2 respectively.
(b) determine the internal energy and enthalpy change between:
state 1: 440 K and 4.5 x 103 m3/kg
state 2: 340 K and 6.0 x 1073 m3/kg

(c) For an adiabatic, steady flow process, determine the work done in magnitude and direction. Ignore kinetic
and potential energy changes.

=0.24+11.5T0-5 kI/kg K, ~0.19+8.91T0-5 Ki/ke K
p g Cy g
Hint: use h = u+pv for enthalpy calculations

3.11 The behaviour of a particular gas is described by the Van der Waal’s equation of state. During a
particular process described by the process equation

)1'2 = const.

p(v -b
the gas, initially at 3 MPa, 0.007 m3/kg is compressed in a closed system to one half its initial volume.
(a) determine the pressure and temperature at the end of the process
(b) calculate the work supplied for the compression per kg of gas
(c) calculate the heat transfer per kg in magnitude and direction

Molecular mass: M = 58, ¢,= -4.4+0.37 T kJ/kmol K
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Van der Waal’s constants: R = 8.3143 J/kmol K, a= 0.74 MPa mOkmol™2, b=0.085 m3/kmol,

3.12 Show that the vibrational contribution to internal energy and specific heat of an ideal gas is given by the
following relationships. Start your derivation from the vibrational partition function, Zy/[g

u xT

—_— = CV
R e* —1 R
where x=hO/kT

xZe*
e -1f

3.13 For oxygen, nitrogen and hydrogen gases, determine the internal energy, enthalpy, specific heats
(constant volume and pressure) and isentropic index at temperatures of 3000 K and 6000 K respectively.
Assume that the molecules remain stable (that is, do not break up into atoms) at these temperatures and that
contributions occur from translation, rotation and vibration of the molecule. Comment on the contributions of
each mode in relation to its maximum.

3.14

(a) A mixture of gases consists of 60% oxygen and 40% helium by mass. Determine the isentropic index for
the mixture given that:

For oxygen, Cp, Cy are 0.918, 0.658 kl/kg K, for helium, Cp» Cy are 5.19, 3.12 kJ/kg K at the conditions
considered.

(b) Determine the molar ratio (of each to the total mixture) in which helium and carbon dioxide should be
mixed in order to give a gas with the same molecular mass as diatomic oxygen.

Molecular masses are, helium, 4.003, carbon dioxide, 44.01, oxygen, 32.00

3.15 A mixture of 60% carbon dioxide and 40% nitrogen by volume is at a pressure of 20 MPa, temperature
325 K. Determine, using Kay’s rule the critical constants that apply to the mixture. Assuming that the gas
state can be described by the Van der Waal’s equation, calculate its specific volume is increased by 20% at
constant pressure. Compare the result with that for carbon dioxide or nitrogen alone.

Molecular mass, critical temperature, pressure and volume are:
For nitrogen, 28.013, 126.2 K, 3.39 MPa, 0.0899 m3/kmol
For carbon dioxide, 44.01, 304.2 K, 7.39 MPa, 0.0943 m3/kmol

3.16 A mixture of air and methane gas (CH4) at 100 kPa has an air/fuel mass ratio of 15:1. Air may be
considered to consist of 3.76 moles of nitrogen to 1 mole of oxygen.. determine, assuming ideal gas behaviour,
the partial pressure of each component. Molecular masses for methane, oxygen and nitrogen are, respectively,
16.04, 32.00 and 28.01.
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4.1 THE WORKING SUBSTANCE

In any engine, the working substance, almost always a fluid of some type, is the essential substance that allows
the interchange of encrgy to take place from the supply source to the work output and heat rejection processes.
The useful output is obtained by developing pressure in this fluid which then can be used to apply a force that
moves some appropriate components of the engine thereby providing the work. Two things are important.
Firstly, the quantity of energy that can be transferred per unit volume of the working substance must be high,
otherwise the dimensions of the engine will become excessively large bringing problems associated with cost,
versatility and high losses. These losses increase because large surface areas increase both the heat transfer and
friction. The second important factor is that, because engines operate on a cyclical basis, the rate at which the
worklng substance can be introduced to and removed from the work Erod.ucmg components is critical in
obtaining a high power output. A working substance which is easily moved is therefore essential and it is for
this reason that fluids are necessary.

In an internal combustion engine, the working substance also exists simultaneously as both the reactants
and products of the combustion process. The essential feature is that it must then be basically air (aithough the
use of pure oxygen is possible as in the case of rocket engines) and must be able to be mixed completely and
very rapidly with the fuel either just prior to or within the combustion chamber. This is called the fuel
preparatlon (that is, the preparation for combustion) process. The preparation needs to be complete in the
sense that all the fuel must be able to come into contact with oxygen for the combustion and in order to achieve
this, it should provide either a uniform, homogeneous or a non-uniform but correctly stratified charge. For a
given fuel:air ratio, the energy which can be handles by the engine depends on the through put of the mixture.
Therefore, either this mixture or the air alone, depending on the engine type, must be introduced into the
engine so that the highest possible densities are achieved at the start of the thermodynamic cycle. For good
cycle thermodynamics, pressure developed during compression and combustion must be retained for the
expansion (that is, work producing) process which should be as extensive as possible given the engines physical
contraints, after which the gases need to be expelled from the system as completely as possible so that they do
not interfere with the following, incoming charge. For continuous flow gas turbines, this is not a problem.
However, for reciprocating engines, it means tht there should be as little as possible residual gas (burned gas)
left in the cylinders. Maximising the amount of gas exchange in an engine is therefore critical for its good
operation. The more rapid the the exchange process , the faster the engine can operate with good efficiency and
the higher is the power output. Thus, the gas exchange and fuel preparation processes need to be studied in
some detail. This is not usually the subject of the engine analysis chapters of basic thermodynamic texts as they
are concerned fundamentally with the thermodynamic cycle and therefore assume some appropriate state
conditions as the starting point for it. It must be remembered, however, that the pressure and temperature
conditions for the state point at the commencement of the thermodynamic cycle are dependent on the gas
exchange process. In turn, the complete cycle conditions which follow and the cycle output then depend on this

point.

As with most aspects of engines, a complete analysis requires a text in its own right and an appropriate
one for gas tutbines is Hiil and Peterson while for reciprocating engines, both the textswlgrh@ﬂng_l_)y
Annand and Roe are recommended. Their total scope cannot be encompassed here. However, the aim of this
chapter is to give to give the reader the basic background knowledge necessary to comprehend the problems which are
unique to internal combustion engine gas flows both steady and unsteady and to the fuel preparation processes.

4.2 BASIC DETAILS OF THE FLOW

4.2.1  Types of flow in engines

It is assumed that the reader of this text is familiar with the fundamentals of incompressible, one~dimensional
flow. Real flows are always much more complex with completely accurate models of multi-dimensional,
unsteady, compressible, turbulent, multiphase, stratified flows being generally intractable although some
modern CFD (computational fluid dynamic) codes incorporate many of these aspects. Fortunately, for most
engine analysis, this degree of complexity is not required although, to construct reasonable mathematical



96

models, some advance over the most simple type of of steady, compressible, single-phase flow is necessary.
Appropriate flows will need to be considered for several different regimes, these being basically for gas
turbines, and for the inlet and exhaust manifold flow and for the in-cylinder flows in reciprocating engines.

In engines of all types the vast majority of fluids are mixtures of gases which are compressible and hence
density changes must be considered. In addition, they may contain liquid fuel in droplet form. Let us consider
what type of analysis we need to apply for either a highly accurate or for what could be termed a minimal
solution. In gas turbines, each component is essentially a separate piece of machinery requiring its individual
model for the flow through it, these being the inlet diffuser, the compressor, the combustion chamber, the
turbine and the nozzle sections. In each component, the flow is basically steady and single phase except for the
very small region where the fuel as droplets is sprayed into the combustion chamber. Here, it is multi-
dimensional and turbulent. The exhaust gases through the turbine and nozzle are, of course a different
composition to those in the inlet diffuser and compressor due to the intervening combustion process. Also, in
the turbomachinery associated with the gas turbine, modern analysis requires multi-dimensional, viscous flow
assumptions. While one-dimensional analysis may suffice in other regions, the availability of CFD codes to
cope with a multi-dimensional, tarbulent flow makes these a reasonably efficient option.

Table 4.1 Typical engine flows for analysis

engine, . . - time viscous
application dimension compressibility dependence effects phases
Gas turbine
Inlet, Diffuser,
Compressor 1,2 or 3D C S IorT 1P
Combustion
Chamt 3D C S T 1P or sM
Turbine,
Nozzle 1,20r 3D C S IorT 1P
Reciprocating
engines
[SI & CH}
Inlet *
Manifold & Ports | 1,2 or 3D C QSorU fort | \FOrPS
Exhaust Ports &
Manifold 1,2 or 3D C U TorT 1P
1P or PS
In-cylinder 3D C U T or SM**
Turbo-
T 1
chargers 1D C QSorU Tor P
Combustion 3D C U LorT SM**
e 1D, 2D, 3D = one, two or three dimensions
e C =compressible
e S, QS, U = steady, quasi-steady, unsteady
e L L, T =inviscid, viscous laminar, turbulent
e 1P, 2P = single, two phase
o PS, SM = two phase separated, single phase with spray mixing
e * = throttle body and port injected petrol engines
e ** = diesel engines and DISC, GDI petrol engines

Even though the basic compression, combustion and expansion takes place within the cylinder of a
reciprocating engine, these also require the flow to be considered in the separate sections of the inlet tracts, the
in-cylinder region and the exhanst ducts. In reciprocating engine inlet manifolds, the flow is basically unsteady,
being a pulsatile flow driven by the regular motion of the pistons and a one-dimensional unsteady analysis is
often used although for steady state engine operation it may be approximated by an even simpler quasi-steady
flow to provide a quick solution. Some manifold regimes, for example, the flow around throttle (butterfly) and
inlet valves is multi-dimensional and turbulent with noticeable wake regions being formed. Modern CFD codes
are generally then required here. Under load change, (that is acceleration/deceleration) conditions, a transient
flow superimposed over the assumed pulsatile or steady flow base must be considered. The fuel introduction
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and transport in the inlet manifold and/or ports of spark ignition engines is complex consisting of air, fuel
vapour and droplets which are airborne and the accumulation of fuel on surfaces may occur forming moving
fuel films. Interchange occurs between these fiel forms and the two-phase, separated, multi-component flows
are extremely complicated. The in-cylinder flows in all reciprocating engines are multi-dimensional, turbulent
and unsteady and may still be two-phase, particularly in diesels and in the developing direct in-cylinder
stratified charge (DISC) petrol engine types. Exhanst flows are single phase but, because of the high pressures
at exhaust valve opening, they have a more pronounced pulsatile nature than intake flows. Thus, a one-
dimensional, pulsatile analysis is required.

The list on Table 4.1 classifics flows in various parts of engines in relation to that normally required to
produce useful results. Where two classifications are given, the first refers to the simplest approach commonly
used while the second refers to that required for a sophisticated analysis. It can be seen that there are many
possible combinations with the one common feature being compressible flow. It is not the intention here to
treat all possible flow types. However, a background in compressible flow is necessary for all engine work and
this will be dealt with briefly in this chapter.

4.2.2  The basic flow equations

All fluid mechanics starts with the equations of continuity, momentum and energy. These, in three-
dimensional, time dependent form can be found in many fluid mechanics texts, for example Streeter where
their development is given in detail. They are as follows.

Continuity:
Continuity g_" pdyV +I p(vch):O 4.1)

The first, unsteady flow term represents the accumulation of mass with time within the control volume with
time and is difference between the mass inflow and the outflow rates through the boundary (the control surface)
given by the second term. in the steady flow case, the second term only exists and it states that the nett mass

flow rate through the boundary must be zero.

Momentum:

Conservation of momentum g I pvdl + I pv(VOdA):EF 4.2

The first term is the time rate of increase of momentum within the control volume while the second is the effect
of the momentum flux across the boundary. Together, they give the nett time rate of change of momentum
associated with the control volume. The term on the right hand side is the total force acting on the fluid in the
control volume and includes pressure terms acting from either solid surfaces or fluid at the boundary, body
(gravitational) terms and, in the case of viscous flow, the shear effects of the fluid at the boundary which can be
called dissipation terms. When these last are included, the momentum equations are called the Navier-Stokes

equations.

Energy:
1z o0 oW
Conservation of energy — I p(u+e ot )dV+ I (h+e ot )p(vOdA)z—g—— 4.3)
acv cs 5t 5t
Here eqy; is used to represent the sum of the kinetic and potential energies.
v 2
€ :T gz

Again, the first term is the accuamulation of energy in the control colume with time while the second is the rate
at which it flows in the fluid through the boundary. The terms on the right hand side are the time rate of
energy transfer through the boundary independent of the fluid flow.

These need to be used with appropriate state and process equations to obtain a solution. It can be seen
that, as a system, they are likely to be hard to solve analytically for any other than the most simple situations
without considerable simplification although numerical solutions are now frequently used. They apply
basically to viscous, laminar flows which have only limited application and require the incorporation of
turbulence models to be able to deal with most real flow which are turbulent in nature. A further discussion of
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the nature of turbulence and the modelling of turbulent flows will be undertaken later in this chapter. A
considerably less complex flow than that described above is usually the subject of a first course in fluid
mechanics and the reader will be familiar with the simplest form to which these equations can be reduced.
This is, for one-dimensional, steady, incompressible flow without dissipation terms and the equations are:

* Conservation of mass (Continuity equation)

Apv=const “.4)
s  Conservation of momentum (Euler’s equation)
dp | p+vdv+gdz=const 4.5)

which can be integrated along a streamline 1o give a form of the Conservation of Energy equation which has no
energy transfers. This is the well, known Bernouilli's equation.

p/ p+v? | 2+gz=const (4.6)
¢ Conservation of Energy
Alr+v? / 2+ gz)-6q-6w @.7)

While, as pointed out above, the inclusion of dissipation caused by fluid friction is handled by the more
complex Navier-Stokes equations, it can be incorporated into Eqn. (4.6) by introducing a pressure loss of the
form kv2/2 which is added to the left hand side. Here, the term k is a loss coefficient for general purposes and
may have a more specialised form such as that associated with wall friction losses in pipes. This is the well
known friction factor, f, k then being given by fl./d where L/d is a characteristic ratio, length to diameter of the
pipe. In Eqn. (4.7), dissipation is already included in the enthalpy, h and the heat transfers q. Eqn. (4.7) will
be recognised as the thermodynamic steady flow energy equation.

4.3 COMPRESSIBLE FLOWS
4.3.1 Disturbances in a compressible substance

The basic difference between a compressible and incompressible substance is that a wave motion exists in the
former which carries information at a finite rate to other parts of the flow field. Depending on the locat
conditions, the whole field may not always be accessable to this wave. In a totally incompressible substance, the
wave velocity is infinite and adjustment takes place instantaneously. Any disturbance in a compressible
substance results in the waves moving away from the disturbance carrying information about it to more distant
particles. For a stationary line or point disturbance in a free field, these, as shown on Fig. 4.1, are a set of
cylindrical or spherical waves respectively. A typical example is the wave pattern caused by dropping a stone
into a pool of water where the free surface waves are analogous (in 2 dimensions) to these pressure waves (in 3
dimensions) in the compressible fluid. For a very small disturbance, they are waves of extremely small
amplitude and hence are “sound” or "acoustic® waves. The velocity at which any point on them is travelling is

thus the local acoustic velocity, designated here as "g".

Disturbance

Outward Travelling
Wave Systemn

Figure 4.1 Wave system fom a disturbance

Now consider the one~dimensional problem of a disturbance equally distributed over the cross-section of a tube
such as, for example that which would be created by a small movement of the piston shown in Fig. 4.2 which
has a velocity change dv,,. Here again an acoustic wave is generated and, in the absence of viscous effects, will
move down the tube as depicted. An alternative example, also illustrated, is the wave created by a small
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pressure difference dp which might be initiated by the bursting of a diaphragm. In either case, the wave is
acoustic only in the limit. For larger velocities and pressure differences, the wave is more complex and will
move much faster if it is a compression wave or will be lengthened if it is a rarefaction. This will be dealt with

at a later stage.

Diaphragm Bursts
Wave Moves Wave Moves
. Downstream Downstream
Piston velocity —
increases by dv —» :; { P L > /2.< i .

| [
Initial pressure p+dp Initial pressure p

Figure 4.2 Acoustic waves created in a one-dimensional system

The important point at present is to relate the value of the acoustic velocity, a, to the properties of the
substance. Consider the situation as shown in Fig. 4.3 where a control volume is placed around the wave and is
considered to move with it. with the acoustic wave velocity a. Ahead of the wave, the fluid has properties given
by a, p, p etc. (with v = 0) while after it these have changed by a small amount to o + da, p +dp, dv, p+ dp. If
we now transform the system to a stationary one by superimposing a velocity equal to ¢ but in the opposite
direction to the wave, a simple analysis foliows.

Confrol Volume
moving at
Wave wave velocity ‘a’
A
Particles move at  p+dp . .
) T+dT & (p,T,a,p Particles stationary
velocity dv p+dp
EQUIVALENT TO
Stationary Confrol Volume
»~
p+dp, T+dT,p+dp p.T,p
Flow velocity, a-d v Flow velocity, a
I

Figure 4.3 Transformation of flow for an acoustic wave

Applying mass continuity to the Control Volume gives:

Apa=A(p+8p)a-&v) (4.8)
from which, neglecting second order terms:

pov=adp 4.9)
The momentum principle gives:

pA—~(p+dp)A=ri(a—bv }-ra w10

=Apal(a-ov)-a] '

Hence:

5v:££ 4.11)

pa
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Eliminating v from Eqns. (4.9) and (4.11) gives:
a’ A (4.12)
op

1t should be noted that the above wave is very small in amplitude. It is isentropic because no heat transfer to or
from the control volume has been assumed and the constant wave velocity infers that frictional dissipation is

absent. Thus, the equation is:

azz(—@i) (4.13)
ap).

This is a most important equation becanse it indicates the fastest way a signal can travel through any medium.
All substances are in fact compressible to some extent, the difference being that those classified as
“incompressible” have very a small density change for a large applied pressure and so their acoustic velocity

approaches infinity.

Because the wave is isentropic, the following relationship applies:

—pT:const (4.14)
P
By differentiating and substituting into Eqn. (4.13):
a= /-7?— in the general case (4.15)
foj
=RT for anideal gas (4.16)

For gases, the relatively slow sound speed (e.g. 347 m/s in air at 300 K) allows major compressibility effects to
be felt in the flow at low velocities. This can be categorised in terms of a dimensionless group, the Mach

number, M, which is defined as
v
M= 4.17)

where v is the velocity of the fluid or body under consideration.

Distance a t
Point source

Disturbance
¥ <:3 FLOW
Velocity v>a
\ Mach lines . "y
i.e. M>1

(in supersonic flow)

Zone of
Action

Distance vt

Zone of Silence

Figure 4.4 Effect of a disturbance in supersonic flow

Consider a point disturbance moving with a velocity v as shown on Fig. 4.4. Here the sound waves emanating
from the disturbance are closer together ahead of the body than behind it. As long as v < a, the disturbance can
be detected at any point some time before it arrives, at v = a the disturbance and the initial sound wave arrive
simultaneously while at v > a4, the disturbance arrives first forming a zone of silence and a zone of action
behind in the wedge or cone bounded by Mach lines. It is worth noting that the angle that these lines form with
the direction of motion is called the Mach angle and has a value

a=sin'(1/ M) (4.18)
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4.3.2  Equations for the solution of compressible flows

For incompressible, frictionless flows, the choice of equations to obtain an adequate solution usually does not
present any difficulties. Typically, the known upstream conditions might be the velacity, density and one other
property, usually the pressure while the requirement is to find the downstream conditions. Because of the
incompressibility, one property, the density is known here also and only two equations are necessary to find the
remaining property and the velocity. These are the continuity and the Bernouilli equations, the latter being
developed from either momentum or energy considetations which are identical as long as there are no heat and
work transfers to be included. The disadvantage of this easy choice is that the student does not become attuned
to examining the physics of the problem in order to choose the correct equation, momentum or energy, to
properly model the system. Compressible flows are different in that two downstream properties and the
velocity must be evaluated. Here, for one dimensional flow without work transfer, the choice of three equations
must be made rationally from the following basic equations:
(i) Mass continuity;
(ii) Momentum
(a) without external friction,
) with external friction;
(iii) Energy
(a) without heat transfer (adiabatic),
(b) with heat transfer;
(iv) State path laws, particularly the isentropic relationship;
W) The state equation.

The flows to be examined here are isentropic flows, flows in which shock waves occur, flows with friction and
flows with heat transfer. These can be combined where necessary into more complex flows. The equations to
be chosen for each case are as listed in Table 4.2 without at this stage, an explanation, This will follow as the

development proceeds.

Table 4.2
FLOW WITH FLOW WITH HEAT
ISENTROPIC FLOW SHOCK WAVES
FRICTION TRANSFER
i i i i
ii(a) or iii(a) ii(a) ii(b) ii(a)
iv iii(a) jii(a) iii(b)

Eqn. (v) is a further relationship used to find an additional property when necessary either upstream or
downstrearm.

Combination of Eqns. (i) and (ii a) give what is known as a Rayleigh line while (i) and (iii a) gives a Fanmno
line both being for constant area, constant mass flow rate cases. These represent lines rather than points on a
solution diagram because a full solution is not possible until an additional equation is specified and hence one
property must vary for sclected values of another. It can be seen that;

¢ Rayleigh lines apply to:
Isentropic flow
Shock waves
Flow with heat transfer
e  Fanno lines apply to:
Isentropic flow
Shock waves
Flow with friction
The intersection of Rayleigh and Fanno lines provides a solution to the trivial constant area isentropic flow case
and, of much more significance, to that of normal shock waves.

4.3.3  Steady, compressible one-dimensional flows

Isentropic flows
One-dimensional, isentropic flows are, of course, idealised as friction always exists to some extent in practice.

However, an isentropic solution gives reasonably accurate values in many cases and allows a good
understanding of the basic flow with a simple analysis of the effect of area changes. In gas turbines, an initial
assessment can be carried out using it of the flow in any of the connecting ductwork in the engine but in the
intake diffuser and the exhaust nozzle in particular. In reciprocating engines, a preliminary understanding of



102

the flow in the intake and exhaust manifolds is also possible. It must be remembered however, that while the
one-dimensional assumption may be a reasonable approximation of reality in a wide range of cases, that of

isentropic flow may be less accurate because substantial heat transfer may sometimes occur.

particularly to ¢xhaust flows.

This applies

Consider now the variation of area in a one dimensional, isentropic flow. The differential forms of the

continuity and Euler equations are:

. dA dp adv
Continuity —_—t =
A p v
Euler -qzwdv:o
p
At constant entropy, the sound speed, as given by Eqn. (4.13) can be substituted into Eqn. (4.20) giving:
2
a‘d
P vy
ol
Further substitution into Eqn. (4.19) now gives:
dA vdv dv
—————t—=0
A a v
from which
dA_ Alv’
dv v|a’
Al 12
= -1
Ao
SUBSONIC FLOW
dAsdy <0
Flow
M <1 M <l
Subsonie Mozzie
SUPERSONIC FLOW
dA/dy >0
5 =
-
M>1 M >1
Supersonic Difuser Supersonic Nuzzle
TO CHANGE sunsg'mc TO SUPERSONIC
SUPERSONIC TO SUBSONIC FLOW
A COMVERGENT- DIVERGENT NOZZLE IS REQUIRED
Flow
—

Figure 4.5 Diffusers and nozzles in compressible flow

As A must be positive, different cases emerge for M < 1, M =1, M > 1 as shown on Fig. 4.5.

That is:

(4.19)

(4.20)

(4.21)

(4.22)

4.23)
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) , dA
@ for subsonic flow, M < 1, —d—<0 and so,
v

as A increases, v decreases, this is a subsonic diffuser,
as A decreases, v increases, this is a subsonic nozzle;

(i) for sonic flow, M= 1, —&—20 and so,
v

A is constant as v either increases or decreases;
A
i)  for supersonic flow, M > 1, d—>0 and so,
v

as A increases, v increases, this is a supersonic nozzle,
as A decreases, v decreases, this is a supersonic diffuser.

To create a nozzle which changes a subsonic flow to a supersonic one, the shape must first be convergent and of
sufficient area ratio in order to bring the flow Mach number to 1. This position is then termed the threat as
specified in case (ii) above and the subsequent flow will then continue to increase in velocity if the nozzle
diverges. Conversely, an initially supersonic flow can only be reduced to subsonic (in the absence of a
shockwave, to be discussed later) by using first a convergent supersonic diffuser followed after the throat by a
divergent subsonic one. That is, both nozzle and diffuser for converting flows from one regime to the other are
of a convergent-divergent pattern. A nozzle at which the throat velocity is such that the local Mach number is
1 at that point is said to be choked because it cannot accommodate a further increase in mass flow rate by

reducing the exit pressure.
Convergent-divergent nozzie

—_ / I
| L

Supply Reservoirp Back Pressure Reservoir, p,,
P> P,
Vf&turi Flow
Pap M<1 P,
M\ O\ T M o
: M<1 ucs
Nozzle Nozzle
Entry \Z Critical Conditions Exit

Throat / M>1
LCBP

Supersonic Nozzle Flow

Figure 4.6 Convergent-divergent nozzle with different back pressures

It is of interest to try to understand at a very simple physical level the reason for the above geometries. In a
subsonic flow, signals or disturbances can travel upstream at the local sound speed. Hence, the changed
velocity and pressure downstream modify the upstream flow progressively. That is, the velocity will always
increase towards a reduced area or decrease towards an enlarged one. Once the flow has reached sonic velocity
at any one point in the flow, upstream movement of these waves is no longer possible. Smiall elements of the
gas are controlled only by the pressure immediately in front of them. An increasing area can then only resalt in
an increased velocity, a diminishing area in a reducing one. Adjustment to the overall pressure field must take
place separately.

Consider two reservoirs joined by a convergent-divergent passage as shown on Fig. 4.6. If the nozzle exit
(or back) pressure is above the UCBP (upper correct back pressure) value, the throat Mach number is below 1
and the nozzle acts as a venturi with decreasing velocity in the divergent section. At the UCBP, the flow just
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reaches M=1 at the throat and then decelerates. If the exit pressure is below the LCBP (lower correct back

pressure) value, the flow accelerates from M = 1 at the throat and is supersonic throughout the divergent
section. Except when the exit pressure is exactly at the LCBP value, further expansion must occur outside the
nozzle causing the flow to diverge further in a complex pattern. A nozzle performing in this way is said to be
"under-expanded” because additional diverging length would be required to complete expansion within the
nozzle itself. If the exit pressure falls between the UCBP and the LCBP values, the nozzle is said to be
"overexpanded”. This is because the velocity has reached too high a value within the diverging section and
the pressure has consequently fallen below the exit pressure. A shock wave is required somewhere in this
section of the nozzle to change the flow from supersonic to subsonic so that the pressure rises in the subsequent
flow to the correct exit pressure. This is illustrated on Fig. 4.7. The shock wave in practice may not be a
simple, normal shock in ail cases but generally is assumed to be so in simple calculations, When the exit
pressure is just above the LCBP, the shock pattern emerges as a series of interacting oblique shocks from the
exit. Below the LCBF, an expansion fan forms at the nozzle exit, essentially increasing the expansion area
ratio. Fitting a normal shock into a nozzle system will be considered later.

P, P,
M<1 uUCBP
:ozzle ’ Nozzle
ntry i
lef Exit
Thré)at
M>1 LCBP
Shocks

Figure 4.7 Convergent-divergent nozzle with back pressures between theUCBP and LCBP values

Now consider an isentropic flow throughout the convergent-divergent nozzle. From Euler's Eqn. (4.5) and the
isentropic relation (4.14), the following can be formed:;

-—ip—ﬁvdv:o

(4.24)

Integrating and resubstituting for the constant fromt Eqn. (4.14) gives:

v2
~——-—~+y P —=COnSst

e 2

This is the basic relationship for commpressible, isentropic flow. Now consider the steady flow energy equation

for the same flow with gravitational terms neglected., i.c.
v? v?

q+h +—=wt+h, +—2

2 2

(4.25)

(4.26)

Assuming no external work transfer and an adiabatic flow, both q and w are equal to zero. Substituting h =
CpT for an ideal gas gives:

v? vy
C.T, +71=CPT2 +—22- (4.27)
v 2
or CpI'+—-=constant (4.28)

s

But C,,:é:% (4.29)
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yRT v?
Hence ( 1) +——constant (4.30)
v 2
or e 4———constant (4.31)

(7 Vo
which is the same equation as obtained from Euler's momentum considerations. It should be noted that the
equations were both derived assuming that the flow was adiabatic but the first derivation required the additional
assumption of reversibility (that is, isentropic flow). The anomaly can be resolved by realising that first term in
the equation is essentially a function of temperature only. While non-isentropic flow under identical conditions
will result in a greater fall in pressure than isentropic flow, its energy, being adiabatic is still retained in the
flow. That is, this energy is conserved because some originally due to the pressure has been converted to a
higher internal energy at the increased temperature and to an increased kinetic energy(the v* term) due to its
lower density.
Now substituting from Eqn. (4.15) for the acoustic velocity into Eqn. (4.25) gives:
2 2

a Y —constant (4.32)
G 2 '

which is a convenient form for many calculations.
For example, taking stagnation conditions (sometimes called "reservoir" conditions because they apply to

an isentropic flow from a container where the gas is originally stationary) as designated by a subscript o, the

energy equation becomes:
a’ v'_a 4.33)
y-1 2 (r-1) '
This can be re-arranged to give:
iznﬂ 2 (4.34)
a’ 2 '

For an ideal gas, a2 is proportional to T. Hence:

T, —1
—°—:1+£}/—2 : 4.35)
T 2

This equation applies to any adiabatic flow, reversible or irreversible. If however, the flow is isentropic, the
remaining properties can be also determined. That is:

Po [, 71 —[7—{?}
L e 1+~2—M : (4.36)
P L i
_ L
and Bo_ 1+7T_1M2 - 4.37)
P L i

If flow in a duct occurs from zero velocity in a reservoir to supersonic conditions, it must pass through the
"critical" or "sonic" condition where the Mach number, M = 1. The critical conditions are often designated as

T p*, p*, a”, etc. Substituting M = 1 in the above equations, gives the following:
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for y=1.4 for y = 1.667
T 2
Rl =0.833 =0.750
T, y+l
e
pt I 2 71
= =0.528 =0.487
Po | ¥+ |
~ 4L
* 2 71
P = =0.634 = 0,650
Py | 7+
* " [ ke
v a T
= =0.913 = 0,866
a8 a, \ I,

Now applying the continuity equation for any point in the duct and the critical point, a relationship between
these areas can be obtained in terms of the Mach number. That is:

(r+1)
W _ Z-(TI)
Apv 112 [HQ’_QMZ ’ (4.38)
A pv M|l y+l 2

This is plotted on Fig. 4.8. It can be scen that for any value of M, the value of A/AY is always greater than one,
demonstrating that the shape of a duct connecting a subsonic to a supersonic flow or vice-versa must be
convergent, divergent as indicated earlier.
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Figure 4.8 Area ratio A/A* of a convergent-divergent nozzle as a function of the flow Mach number, M
Note that A* is the throat area. Graphis fory=1.4

Stationary shock waves in one-dimensional flow
Stationary shock waves may exist in the supersonmic flows that occur in some gas turbines. These are of
importance in both the intake system and in the thrust nozzles of vehicles designed for supersonic and
hypersomnic flight. In the intake diffuser, the flow must be slowed from the supersonic velocities entering the
engine to subsonic ones suitable for combustion. Standing shock waves in the diffuser section often occur and,
while these maintain the stagnation (or total) temperature as can be seen from equation (4.28), they result in a
loss in stagnation pressure. Intake systems are designed to minimise this loss either by the construction of a
'shock free' diffuser or by use of one where a series of weak shock waves replace a single strong one. Also,
shock waves may form in the thrust nozzles of gas turbines due to incorrect expansion for the prevailing
pressure ratio across the nozzle. This will be discussed later in this section. Finally, while a lesser problem,
the rapid opening of exhaust valves in reciprocating engines causes a step-like pressure wave to form and this
has been recently shown to often be a weak shock wave. It is the caunse of the exhaust noise associated with
these engines. Thus, a good understanding of shock waves is required for an analysis of engine flows.

A compression wave moving in a one-dimensional flow in the absence of viscous interaction will rapidly
become stecper and eventually will "break” forming a shock wave. This essentially represents a sudden
discontinuity between the compressible, often isentropic flows on ecither side with a step increase in both
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pressure and temperature occurring across it. A shock wave is extremely thin, typically being about one mean
free path or 2.5 x 104 mm. Because a very rapid re-arrangement of the particles in the flow occurs in such a
small distance, there is extensive shearing with consequent viscous dissipation and the shock process itself is
not isentropic although, due to its small surface area, the heat transfer from it is negligible and it may be
closely approximated as adiabatic. Moving waves can be rendered stationary by the imposition of a flow
velocity equal in magnitude but opposite in direction to their own.

In steady, supersonic flows, stationary shock waves occur facing upstream and, in the normal shock wave
case, convert the locally supersonic to a locally subsomic flow at higher pressure. The term, locally, is
important as these are based on the acoustic velocities on either side of the shock which are different due to the
rise in temperature across it. Without the convergent-divergent nozzle mentioned in the previous section, this
is the only way a supersonic flow can slow. Thus, it is a frequent occurrence. These stationary normal shock
waves may be considered as a special case of moving shock waves. That is, if a supersonic flow reaches a
condition that does not allow it to be perpetuated, the particles will bank up and the trailing edge of his bank is
essentially the wave which now progresses back upstream. This also occurs in subsonic flow but here the
acoustic signals generated can progress back upstream and slow the incoming flow progressively. In
supersonic flow, this is not possible and the shock wave so formed will move upstream against the flow until it
reaches a position where it is moving into a gas flow with equal and opposite velocity. Thus, it comes to rest
and becomes a normal stationary shock. The shock movement before this stabilisation may be viewed as a
starting process in the unsteady period before steady flow is obtained.

The relationships for a shock wave, moving or stationary are essentially the same and will be derived in the
next section on moving waves. It should be noted that oblique shock waves can also form and are important in
two or three-dimensional flow. These can be simply analysed by taking the flow component normal to the
shock and treating it as that instrumental in providing the pressure, femperature and density rises evaluated by
the same equations as for normal shock waves. The velocity component normal to the shock on the
downstream side becomes locally subsonic, again according to the normal shock relationships. However, the
velocity parallel to the shock is unchanged across it and the total velocity may therefore still be supersonic in
this downstream region.

In supersonic nozzles such as those in the thrust nozzles of a supersonic aircraft, the flow can only remain
completely isentropic throughout if the pressure at the outlet (termed the "back- pressure') is correct in
relation to the inlet pressure and the nozzle geometry. If the backpressure is too high, the flow is said to be
"over-expanded” as explained previously. A normal shock can be fitted, as shown in Fig. 4.7 in a location
such that a supersonic flow which is increasing in velocity but declining in pressure reaches it. The shock
wave not only raises the pressure immediately but produces a subsonic flow which will further increase in
pressure towards the outlet as it slows in this diverging portion of the nozzle. The higher the backpressure, the
more this shock will move upstream and weaken allowing the more extensive subsonic flow now downstream to
slow further and hence provide the higher outlet pressure. The shock cannot move upstream past the throat as a
sonic flow results in a shock of zero pressure increase which corresponds to the nozzle becoming subsonic. If
the shock occurs right at the nozzle outlet, the backpressure will be noticeably higher than LCBP. For pressures
between these values, a series of oblique shocks occur outside the nozzle exit.

Another important case where shocks must be considered is when pitot tubes are used to measure velocities
in steady supersonic flows. Here, the obstruction of the pitot tube causes a shock the form just upstream of it.
This shock is normal just in front of the pitot tube opening but becomes oblique at the sides as shown on Fig.
4.9. The normal shock formulas must be used to determine the downstream subsonic flow which is then further
brought to rest in the usual way between the shock and the entrance to the tube. This detached shock will also
be found in front of other blunt bodies in supersonic flows.

Pitot Tube

al

Shock Wave

Figure 9 Pitot tube in a supersonic flow



108

Equations for Shock Waves
A shock wave, being extremely thin is essentially a constant area event. Therefore, the continuity equation can

be expressed simply as:
PVI=P,V, (4.39)

The energy equation as given by Eqn. (4.31) applies and can be re-written as:

2
vi-v? :‘—q £i~—pl~J (4.40)
-1\ p, p,

Note that the only restriction is that the process is adiabatic. It does not have to be isentropic. The momentum
equation per unit area can be written as:

P, Pi=PV, (V1 -V, ):pzvz (Vl —Vz) 441

where the pv combination represents the mass flow rate per unit area. Adding the two versions of Equ. (4.41)
gives the momentum equation in the following form:

11
(—+——j(pz—p1 yvi-v; (4.42)

JZ %)

Substituting Eqn. (4.40) into this gives:

[*L“i-—-l—‘}(pz -p, %ﬁ[l)#ﬁ] (4.43)

P P Y-l p, P

On multiplying by py/p; and re-arranging gives:
p
-1
D, _7Y1 o (4.49)
p rH_p
-1 p

-1
or Py _r-1p (4.45)

Finally, substituting into the ideal gas equation for py/p; and p /p, allows the temperature ratio to be
determined. This is:

. 7_’_?%+£2_

__2_—_:_7/_:___].{1. (4.46)

These three Eqns. (4.44), (4.45) and (4.46) are called the Rankine-Hugoniot equations. They relate properties
on one side of a shock wave in an ideal gas to those on the other side in terms of two other property ratios.

Property ratios aAcross a shock in terms of Mach number

The momentum Eqn. (4.41) may be re-expressed in terms of the Mach number as follows:

Ez:_p_t—_—vf l:]ﬁv_z:l—_—vl" { _ﬂ:| 4.47
P 1 P2
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Multiplying the denominator and numerator on the right hand side by a12 and vp /p, respectively gives:

PePi_y 27 P A ] 4.48)
P P ,, P2

from which on re-arrangement:

Pr _1 —[ J (4.49)

Substituting p,/p, in the second Rankine-Hugoniot relationship (Eqn. (4.45)), re-arranging and solving the
quadratic equahon for P, /p, s0 obtained gives:

2
Pz, 2V 12—1) (4.50)
P4 7+l
The other root of the equation is py/p =1 which is, of course, a trivial solution. Eqn. (4.50) now gives the
pressure ratio across the shock as a unique function of the Mach number of the flow approaching it on the
upstream side. Alternatively, if the shock is not statiopary but moving into a fluid at rest, the same

relationship will apply except that the velocity will be that of the shock and the Mach number is then called the
shock Mach number. That is, one situation ca be easily transformed to the other by considering the velocities

relative to the shock.
Similar equations for the temperature and density ratios across the shock can now also be obtained as

fuctions of Mach number only. Taking Eqn. (4.49) and substituting for py/p; from Eqn. (4.50) gives:

Py (7+1)M 12
— = @.51)
A1 (7 —IWI +2

Now using the ideal gas equation and substituting for py/py and p /p, gives:

_2 _ 2(7’ -1) [Wl (},_1) (4.52)

TGy

Alternatively, using Eqns. (4.32) and (4.39) and (4.41) with the ideal gas equation gives:
p, WM

— : (4.53)
p, I+

-1
1w = 2
T, 2
— (4.54)

Re-arranging and solving gives either M) = M1, again a trivial solution or:

Y
1{ 4 —IJMI
2
M, =—— (4.55)

2
r-1
M-

Characteristics of shock waves

A comparison between the isentropic and shock temperature ratios for a range of pressure ratios is of interest.
The graphs of Fig. 4.10 are obtained using the Rankine-Hugoniot relationship (Eqns. (4.44) to (4.46)) with an
isentropic index of 1.4 for pressure ratios ranging from zero to three as an example. It can be seen that above a
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pressure ratio of 1, the shock relationship gives a higher temperature ratio while below this value the isentropic
relationship is the highest.
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Figure 4.10 Comparison of the temperature ratio due to an isentropic and shock wave pressure change

Now for identical pressure ratios, the entropy change is related directly to these temperature ratios from the
equation;

T
s,—8,=C Pﬂn—z——Rﬁng-z— (4.56)
L p

Hence, when the pressure ratio exceeds unity, the entropy change from upstream to downstream is greater for
the shock wave than for an isentropic pressure wave of equivalent magnitude. That is, the entropy rise is
positive for the adiabatic shock which is consistent with the second law of thermodynamics. If the pressure ratio
is less than unity, the entropy change for the "shock” is less than constant entropy and so is negative. This
violates the second law and is not possible. That is, shock waves can only occur if they cause a pressure
increase relative to the shock, from upstream to downstream. In other words, for a shock p) must be greater
than p;. Eqn. (4.50) for the pressure ratio across the shock can be re-written as:

1) *
M, :{ 1+~(-ﬁ—{p—2-1} @.57)

2y \ D

If pp/p1 > 1, then My is also greater than 1. That is, the flow approaching the shock must be supersonic. For a
moving shockwave, this means that the shock velocity must exceed the local acoustic velocity in the region
ahead of it. Shock waves can only be supersonic or exist in supersonic flows.

Egn. (4.55) gives M, terms of M;. Now the value of y is always greater than 1 for a gas and this
relationship shows that, for M; >1, M, must be always less than 1. That is, relative to the shock, the flow
behind it is subsonic. This applies only to a normal shock, not to an oblique shock where the additional
velocity component parallel to the shock is carried throngh unchanged and must be added vectorially to the
normal component. It should also be noted that, for a moving shock wave, supersonic flow in the region behind
it can occur because the relative velocity (away from the shock) must be added to that of the shock to give the
absolute flow velocity. In this case, the absolute flow velocity becomes:

v, 2|M, —1J @58

a y+l| M,

where M, the shock velocity is equal and opposite to M1 and v; is the absolute flow velocity behind the
moving wave. Substituting for aj/a;, which can be obtained from Eqn. (4.52) for the temperature ratio allows
the value of v/ay to be determined as a function of y and M. With y = 1.4, it becomes greater than 1 (that is,
the flow becomes locally supersonic) for Mg > 2.068 and, with y = 1.667 for Mg > 2.539.

Another important difference between stationary and moving shock waves is the stagnation conditions. For
a stationary shock wave, the stagnation temperature is conserved across the shock as can be readily seen by
examination of the adiabatic energy equation with zero work. However, the stagnation pressure falls due to the
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irreversibility. For a moving shock, the stagnation temperature and pressure behind the wave are both higher
than those ahead of it. This is because the moving wave is carrying additional energy with it from its source.
That is, thi energy emanates from either a moving body, a high pressure reservoir or an energy discharge.

Compressible flows with friction
The flow of a gas is strongly affected by both friction and heat transfer and this applies to those flows that occur

in engines. Friction losses manifest themselves as pressure losses and occur in intake and exhaust systems as
well as in communicating passages between the various components of a gas turbine. They are of most
significance where the velocities are high and the passages narrow. In the former case, the friction modifies the
momentum equation by the inclusion of a term containing shear stress while heat transfer has a direct input
into the energy equation. Frictional, adiabatic flow is best analysed uvsing the Fanno line concept which is
temperature relationship obtained from the energy and continuity equations plotted against entropy.

The basic energy equation is as previously:

v2

h+—2a:h0 (4.59)

It should be noted that, because the enthalpy of an ideal gas is a function of temperature only, this equation
implies that the "total" temperature is conserved in the absence of heat transfer even though friction exists.

Replacing h by CpdT as appropriate, re-arranging and differentiating gives:

g\i_—_ — L (4.60)
v 27,-T)
But from continuity:
pv=n, (4.61)
where r&a is the mass flow rate per unit of cross-sectional area normal to the flow. Differentiating gives:
do__av Jor m const
p v
Now the entropy is given by:
-1
ds=c, ar _,dp —, d_T._(y_l)d_p —c, dr (y-1) dr (4.62)
T p T D T 2 (T,-7)
From which, on integration:

$—S, =C, {EnT +[y—;1]£n(T o—1 )} (4.63)
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Figure 4.11 Fanno lines for compressible flow with friction, Temperature-entropy plots for constant mass flow
rate; Upper branches - subsonic flow, Lower branches - supersonic flow; M = 1 at maximum entropy position
on each curve, (Data: y = 1.4, entropy scale is a relative value (s/c,~s./c,), temperature scale is in K)
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A temperature entropy plot from this equation is shown on Fig. 4.11, a series of similar curves being shown for
different values of the stagnation temperature T(j. These curves are termed Fanno lines. They have a
maximum value of entropy which can be found by equating ds/dT to zero. From Equ. (4.62), this is:

1
l:“l/—",—’ (4.64)
T 27,-T)

But from the energy Eqn. (4.27):
2
"4
ep(7, *T):—2~ (4.65)

Hence, substituting in Eqn. (4.64) gives:

2 VZ

T:W:_;ﬁ (4.66)
P
That is:

vi=RI=a’

which shows that the maximum value of entropy is at the sonic condition, M*=1

For T >*T the energy equation shows that v < v* while the acoustic velocity, temperature relatlonshlp
gives a > a . In other words, the upper part of the loop is subsonic flow. For the case where T < T , the
reverse is the case and the lower part of the loop represents supersonic flow. Now in the adiabatic case, fnctlon
can only increase the entropy. That is:

e for flows that are originally subsonic, the flow Mach mumber increases towards 1, this being the

maximum possible.

e for flows that are originally supersonic, the flow Mach number decreases towards 1, this being the

minimum possible.

o the values of 1 are only reached if the duct is of sufficient length for the friction and flow conditions.
Consider a subsonic flow. Here, the flow chokes for a duct length corresponding to the point where M = 1.
This can be called L*. For a duct which is longer than this, the flow rate must reduce. It can be readily shown
by including the mass flow rate as a variable, that for T constant,

ds=—c, M@i .67
ma
This shows that a reduction in the mass flow rate will allow an increase in entropy.

In supersonic flow, an increase in duct length above that which will produce a Mach number reduction to 1
must also result in some accommedation to the flow. Here the conditions relating to the length cannot be fed
back upstream by acoustic signals. A similar phenomenon to that in a supersonic nozzle then occurs with a
shock wave forming in the duct which changes the supersonic to a subsonic flow. That is, on the Fanno line
curves, a jump takes place from the lower to the upper branch. The flow downstream of the shock is now
subsonic and will then increase its Mach number as it continues downstream. An increase in the back pressure
or a further increase in pipe length will move this shock upstream and if sufficient, through the original nozzle
required to produce the supersonic flow in the first place creating an overall subsonic flow.

Note that in the adiabatic case, friction reduces the total pressure but not the total temperature. For a given
pipe of fixed diameter and friction factor, the drop in total pressure will occur more rapidly in the supersonic
case. Thus, the change via the shock wave to subsonic flow allows a greater length of pipe with the same value
of mass flow rate per unit area before the sonic point is reached.

Friction can be introduced into the momentum equation by considering the shear stress at the wall. For a

short length at duct, dL, this gives:
-Adp-1P=Apvdv (4.68)

where P is the perimeter of the duct. Substituting for the perimeter in terms of the hydraulic diameter Dy
P=44/D, (4.69)

and the shear stress in terms of a friction factor (Darcy friction factor):



113

f=r/Vspv* (4.70)
gives:
4 v?
dp+ 2 dep 2+ pvdv=0 @.71)
Dy 2
Also, substituting from the adiabatic energy, continuity and ideal gas equations, the following can be obtained:
- -
AfdL 1-M* 2dM
= 4.72)
QT
L\ 2 |
d 1+H{y-1)M> ]
dp_ (» 1)M d;j (4.73)
ace
2
12 _’
dT _ (y-1m aM @74

T | (r1 M
1 7
2
It is usual to integrate these equations between the original (zero length) position of Mach number M and that
of maximum length L* where the Mach number is 1. The equations thus obtained are:

i
* 1 a2 2
AL 1 MZ»{}’ +1]£n . (o1t (4.75)
D, M 2y o1 {2’: EJMZ]
- —_ 2 —d
~ —0.5
P zﬁ y+l (4.76)
"4
L. 2 -
i
L 74 @77

B 1
- 2
(5
2
4.78)
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2[1{7"1}2\42} o
P ! 2 4.79)

Compressible flows with heat transfer
While friction in compressible flows is of only moderate significance in the engine examples mentioned in
section 4.1, heat transfer, particularly in the exhaust is important because of the high gas temperatures. It also
often plays some role in the intake system of SI reciprocating engines where some manifold heating is used to
aid fuel evaporation. The fuel evaporation itself requires latent heat and so also has an additional effect, acting
like a heat transfer from the flow.

Flow with heat transfer follows a similar pattern of analysis to that with friction except the basic momentum
and continuity equations are used to construct Rayleigh lines on a T-s diagram instead of Fanno lines. Because
of the similarity, it is possible to deal with the theory briefly.

The momentum equation is:

(p,—p. )i, (v, v, ) (4.80)
from which it can be shown that:

p(1+;M : }:cons tan ¢ (4.81)
Hence,

1+

‘B;: 4 P (4.82)

p 1+~
The heat transfer can be related to the total temperatures from the energy equation

q=cp (T o2~y ) (4.83)

Also, from the mass flow rate equation together with the acoustic velocity relationship:

m, m, m
(4.84)

a—

AV AMa AMJGRT)

By replacing p using the ideal gas equation, it can be seen that, for constant mass flow rate,

p:

T=const(pM )’ (4.85)
relating conditions at any point to those where M = 1, again designated by *,
2 2
T I+
= L v | (4.86)
T {p 1+
Also,
y-1.
72 H—-M
T, 1+
2 — 4 — M?® S (4.87)
TO 1+7M J Z/il
2
r
1+ ”rl+7:1 2 |
and po* _ 7 . 2 (4.88)
po LA il
L 2

Now
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®

Y eptn—Rin® (4.89)
Cp r 14
from which by substitution from Eqns. (4.82) and (4.86) is:
* 2
5 tn T 1) in (7+1)i [7/ +lj v T (4.90)
cp T 2 T

When plotted on the T-5 dlagmm, this also gives a looped curve with a maximum value of entropy. The
maximum value occurs at T/T" equal to 1.0 and it can easily be shown from Eqn. (4.86) that M = 1 at this
point. Other points of interest on the curve are shown on Fig. 4.12. Again, the upper loop is subsonic and the
lower is supersonic, both increasing to sonic at the maximum entropy value.
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DETAILS OF THE MACH NUMBER AT THE
MAXIMUM TEMPERATURE AND ENTROPY POINTS
ON THE RAYLEIGH CURVE

Figure 4.12 Rayleigh line for compressible flow with heat transfer. Temeprature entropy plots for constant
mass flow rate

Heating increases the entropy while cooling (without frictional effects) decreases it. Thus the following points
should be noted. If a subsonic flow is heated, the Mach number and temperature both increase until a Mach

number of 1/ J— is reached. This is the maximum T/T* condition. Further heating continues to increase the

Mach number until the sonic condition but the temperature now decreases. The flow is choked at M = 1, which
is the maximum entropy point a little to the right of the maximum T/T* point on Fig. 4.12. Any further
heating can now only reduce the mass flow rate.

For a supersonic flow, heating causes both the temperature and Mach number to rise towards the choked
condition. Now for a given value of Ty, there is a certain quantity of heat, qp,,, required to raise the final
temperature to TO This is the same, snpersonic or subsonic. A normal shock does not change the total
temperature To and so, unlike the flow with friction, no benefit can be gained in supersonic flow from shock
development in the system if the heat transfer exceeds qu,y. Any shock which forms is unstable. Only a
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shock within the nozzle region of the flow where the flow initially becomes supersonic can have an effect and
this is essentially a separate function. If then the flow is supersonic, heat transfer in excess of Omax causes the
flow to change to subsonic right from the nozzle.

4.4 WAVE MOTION IN COMPRESSIBLE FLUIDS
4.4.1  Formation of moving waves

Moving waves are created by disturbances to the initial equilibrium and carry information about the new
conditions from their source to the remote parts of the substance allowing an overall new equilibrium to be
established after a short time lapse. Typical sources of waves in fluids are a moving body (e.g. a piston moving
in a cylinder, a moving vehicle etc.), the bursting of a container at a different pressure than its surroundings or
an energy input such as a chemical explosion or an electrical discharge. They can be compression waves at a
higher pressure than the medium into which they are travelling or rarefaction waves at a lower pressure. With
compression waves, the particles of fluid behind the wave move in the wave direction while, with a rarefaction
wave, they move in the opposite direction. An energy input generates a higher pressure and therefore the
former wave type. That is, an accelerating piston will create compression waves as will the bursting of a high
pressure container or an energy discharge. A decelerating piston or the bursting of a partially evacuated
container will produce rarefactions. However, it is common for both wave types to appear with the one
phenomenon. An accelerating piston will eventually decelerate and the fluid during this second phase will tend
to move away from the piston face thereby creating a low pressure region which must be filled by a reduction in
flow velocity thereby creating a rarefaction wave. A high pressure vessel on bursting will have compression
waves moving outwards but rarefaction waves moving inwards to the centre caused by the outward flow. The
reverse will be true of the burst of a low pressure vessel which will have inwardly imploding compression
waves and outwardly progressing rarefactions. Thus a total wave motion nceds to be considered with any
phenomenon.

Waves generated by any particular event distribute their information widely and create a new equilibrium
but they do not continue indefinitely. They can be attenuated by growth in their frontal area and by viscous
dissipation, amplified by reducing area and modified by reflections, such as at a closed end in a pipe or a
corner. Reflections are important and may be examined initially as follows. Consider a plane, normal
compression wave with a uniform pressure and particle velocity for some distance behind it moving down a
pipe and impinging on a closed end. The particles behind the wave are moving in the wave direction and,
when they strike the rigid boundary they must come to rest, building up an even higher pressure region of
increasing size at the end. This creates a backward moving wave superimposed over the original flow. A
partially closed end will create a reflected compression wave similarly but of smaller magnitude because some
of the flow can escape. In a two-dimensional flow, a concave corner (that is, a corner turning towards the flow)
will have a similar effect building up a high pressure region in the corner. For a shallow corner with a shock
wave, this will have the effect of driving a segment of the wave faster. If the same compression wave in the
pipe now impinges on ar enlargement or apen end, the particles are free to expand and will move more rapidly.
Thus a reduced pressure region will be created near the pipe end which will move back upstream as a
rarefaction. in the two-dimensional case, a convex corner (a corner turning away from the flow) will also
produce a rarefaction,

Consider now the parallel cases to the above with a rarefaction wave moving down the pipe. The particles
flow against the wave and, when it reaches the closed (or partiaily closed) end, these have no new (or less new)
gas to draw from. Hence the pressure is further reduced and a rarefaction wave will move back upstream
reducing the pressure further. If the end is open (or of increasing size) however, the supply of particles is
increased and the pressure will also increase. Thus a compression wave will now move upstream.

Wave reflection can therefore be categorised fairly simply, at least for the one-dimensional cases. Multi-
dimensional flows are a little more complex and will not be described here but, using the same general line of
reasoning, can aiso be understood. Simple rules for one-dimensional wave motion are summarised below.

INCIDENT WAVE BOUNDARY REFLECTED WAVE
COMPRESSION CLOSED COMPRESSION
COMPRESSION OPEN RAREFACTION
RAREFACTION CLOSED RAREFACTION
RAREFACTION OPEN COMPRESSION

In summary, waves are reflected as waves of the same type at closed or reducing ends and of the opposite type
at open or increasing ends.
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With waves, the wave pressure ratio is uniquely related to both its own velocity and the velocity of the
particles behind it. Waves may, of course move into a fluid which is itself moving which can be termed the
reference fluid. In this case, the wave pressure ratio and velocities remain as before except that the latter must
now be expressed relative to the moving reference fluid. If the reference fluid moves in the wave direction, the
absolute wave velocity increases whereas if it moves in the opposite direction, the wave velocity decreases. In
the latter case, when the fluid velocity becomes equal and opposite to that of the wave (when determined
independently), the wave has an absolute velocity of zero and must become stationary. This is the steady flow
case. It should be noted that moving waves are very important in the intake and exhaust systems of

reciprocating engines.
44.2 Isentropic Waves
In Section 4.2.1, Eqns. (4.12) and (4.11) it was shown that, for an acoustic wave, the following apply:

62=£ “.91)
p

-2 4.92)
pa

and

from which, by eliminating p,
dv=2% 493
V4

Now from the equation for isentropic compression of an ideal gas,
y-1
2y
=constant “4.949

a

Differentiating gives:
(r-1)dp_da (4.95)
2r p a

which, on substitution into Eqn. (4.93) becomes:
2da
dv="— (4.96)
y—1

where da is positive for a compression and negative for a rarefaction wave. That is, for a compression wave,
the velocity change, v for the particles is in the wave direction while for a rarefaction it is in the opposite
direction.

For an isentropic wave of finite amplitude, the change in particle velocity and temperature may be
considerable. Let us consider a "non-steep” wave as being made up of a series of acoustic wavelets immediately
following each other. Each point on the wave may be regarded as an acoustic wavelet moving into the gas
immediately ahead of it which has conditions which themselves have been modified from the basic pre-wave
values which, for the time being we will assume to be the staionary gas at the initial canditions. That is, each
wavelet is only propagated as an acoustic wave relative to that immediately ahead. The absolute propagauon
velocity of the wave point under consideration is obtained by adding its propagation velocity, its local value of a
to the gas velocity v ahead of it. That is:

c=a+v 4.97)

where ¢, a and v are the wavepoint, acoustic and particle velocities respectively.
If the initial conditions prior to the passage of the wave can be designated as pg, aq, T, etc., the Jocal
values of g and v just ahead of the wavepoint can be substituted. Now, the particle velocity v can be found from

Eqn. (4.93). that is;
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adp a (r~1)127 d
dv:——:—i[ﬁJ - (4.98)
P ylp, p
Integrating between the limits of pg, and p remembering that p,, and a,, are constant, gives:
-1)/2
v-v, 2 [ » }(7 )72y
= i -1 (4.99)
a y-1ll|lp,

Assuming that the initial velocity, v, = 0 and substituting in Eqn. (4.97) to find the wave velocity gives:

(r-1)12y
c:a{fiJ +v (4.100)
2o

(r-t)12r
or EZL{_@[_EJ -1 (4.101)
a, -1)} 2 |p,

Note that, for p > p, ¢/a, > 1 and v/ay > 0, and, for p <p,, c/ay < 1 and viay <0.

Simultaneous Multiple Values of Pressure
Not Possible at the Same Point

ot

Initial Compression Compression Wave
Wava Steepens

Wave .Breaks
and Shock Forms

SHAPE OF A COMPRESSION WAVE AS IT PROGRESSES

e A=

Initial Rarefactlon Rarefaction Wave Rarefaction Wave
Flattens Flattens Further

SHAPE OF A RAREFACTION WAVE AS IT PROGRESSES

Figure 4.14 Change in shape of compression and rarefaction waves as they progress

From the above equations, it can be seen that waves will change shape as they progress. For a compression
wave, the term p/p,, is always greater than 1 and becomes larger from the leading to the trailing edge of the
wave front. That is, at any point in the front, the local wave velocity must be higher than that of points
preceding it. Hence these later points must move faster and therefore eventually overtake points ahead of them,
That is, an isentropic compression wave will become steeper as it progresses.

The opposite applies to a rarefaction wave. Here, p/p, is less than 1 (but greater than 0) and its value
becomes smaller from the leading to the trailing edge of the wave front. The local wave point velocities will
therefore gradually decrease through the wave front causing the wave to lengthen as it progresses. Both the
compression and rarefaction wave development are depicted on Fig. 4.14,

It should be noted that the particle velocity becomes negative as soon as p/p,, falls below 1 whereas the wave
velocity only becomes negative for much lower pressure ratios (these are 0.279 for y =1.4 and 0.237 for y
=1.667). That is, for compression waves, the particles and wave both move in the positive x direction. For
rarefaction waves over a wide range of values of p/p, less than 1, the particles move negatively while the wave
moves in the positive direction. However, once the pressure ratios become very low for rarefaction waves, the
particles and wave both move negatively. The last case is because the local particle velocity now exceeds the

local acoustic velocity thereby carrying the wave backwards.
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4.4.3 Wave Diagrams

It is usual to plot the wavepoints (or wavelets) on an x-t diagram as shown on Fig. 4.15. A wavepoint may be
regarded as having a particular pressure ratio and will therefore have a constant value of both wave and particle
velocity. These can both be represented by lines of constant slope on the x-t diagram. For a compression wave,

they converge due to the later wavelets overtaking the earlier ones as discussed previously while for a
rarefaction wave, they diverge. Compression and rarefaction waves make two “families" of lines, termed
"characteristics”. Note that, along the wave lines:

—=atv (4.102)
dt
They may also be shown on a diagram using axes of v and a. Integrating Eqn; (4.96) gives:
2
=t+——a=constant (4.103)

-1

The positive sign designates a set of right running, compression wavelets while the negative sign indicates the
left running, rarefaction wavelets. These are termed positive and negative characteristics respectively. Sets of
each can be drawn for different initial wavepoints using different constants. Note that, while the slope of each
set is constant on the v-a (state) diagram, they may be curved on the x-t (position) diagram if they cross other
characteristics carrying non-uniform information.

The above derivation giving the fundamentals of the concept of "characteristics" is essentially descriptive
applied to this particular physical phenomenon. The "Method of Characteristics" is much more general and is
useful for the solution of many situations described by hyperbolic partial differential equations. Indeed, a more
rigorous approach starting from the fundamental mass and momentum conservation equations coupled with the
isentropic condition can be used to derive the above characteristic relationships. This will not be attempted
here.

Accelerating Piston
._-....—-—-—.-
CONFIGURATION DIAGRAM
t Reflection At
# Open End

Particle Paths |
Piston Path

\ Wavepaths

POSITION DIAGRAM

a - Characteristics +Characteris$iw

STATE DIAGRAM

Figure 4.15 Wave diagrams for the example of an accelerating piston: (From “pressure waves in gases and
pipes”, F K. Bannister, Univ. of Birmingham, 1958)



120
444 Shock Waves

Formation of moving shock waves

It is, perhaps, easier to understand the formation of shock waves in the unsteady (moving) case than it is in
steady flow although application of the former to problems may be more difficult. While some brief discussion
of moving shocks was undertaken in section 4.2.3 (b) and the reader will be aware that the only mathematical
difference between the moving and stationary situation is the impostion of a velocity to the latter equal and
opposite to the approaching flow to give it the shock motion, it is useful to look at the formation of moving
shock waves.

Consider the case of an accelerating piston as shown on Figure 4.15. As the piston nndergoes an initial
acceleration, the particles in the gas just ahead of it will have, at the piston face, a velocity equal to that of the
piston in the same direction which will be greater than that of those further away. Due to this particle velocity,
it can be seen that the particles will close up on those ahead of them generating a positive pressure which gives
rise to compression wavelets travelling away from the piston. Each wavelet travels at the local speed of sound
which will normally be substantially higher than that of the piston. Assuming that the piston motion is such
that the pressure is maintained in the region between the wave and the piston, the gas temperature in that
region will rise due to the compression. If now the piston is further accelerated, the new wave genecrated, will
be travelling through a gas with a raised acoustic velocity and must therefore overtake the first wave. A series
of disturbances of this nature can therefore build up from the continned acceleration of the piston causing a
very steep pressure gradient at the wave front. If the later particles attempt to overtake the earlier ones, a
situation will exist where there is more than one particle velocity at the same point in the flow which in not
possible. This is shown on Fig. 4.14. That is, the wave will be modified so that all the particles throughout the
wave jump suddenly to the one set of pressure, temperature and velocity conditions. This is much like the
wave build up at a beach when a wave breaks. The equivalent to the broken water wave in a gas flow is a shock
wave. In a compressible flow, the wave is extremely thin and may, for analytical purposes, be regarded as a
single discontinuify or jump in the conditions in the flow. The shock wave velocity will exceed the acoustic
velocity of the gas ahead of it which is the minimum wavelet velocity in the original compression wave and is
thus supersonic with respect to it. There can be no subsonic moving shock waves.

While it is obvious from the above that moving bodies can cause this sndden pressure build-up, it is also
possible as discussed in section 4.3.3 for shock waves to occur in stationary flows. Consider now a moving
shock wave with a velocity imposed on the gas ahead of it in a direction towards the shock. The velocity of the
shock relative to the gas will be the same as before the addition of this velocity and therefore the overall effect
is, in an absolute frame of reference, to slow the shock. A stationary shock is therefore the special case when
the superimposed velocity is equal and opposite to the shock velocity thereby causing it to be held stationary
relative to the surroundings. Note that this flow velocity may also be in the shock direction giving a greater
shock velocity in absolute co-ordinates than in those relative to the flow ahead of it. In most flows, even ones
which will eventually become steady, unsteady starting conditions occur with moving waves, often shock
waves, which adjust their position as the flow stabilises until they eventually become stationary.

Shock waves have, in reality a small but finite thickness. It will vary with the gas and the conditions but is
of the order of about one mean free path of the gas molecules which is say about 2.5 x 104 mmasa rough
approximation. During the passage of the gas through this distance, the gas molecules must adjust to the
higher pressure and temperature conditions on the other side. There is, consequently, a considerable
interaction between them and the fluid friction is large. However, because the surface area bounding the shock
is so small due to its very thin nature, there is little opportunity for heat to escape from within a control volume
place immediately around it. Thus it is reasonable to assume that a shock wave is adiabatic but it is definitely
not isentropic. That is, a shock wave is a highly irreversible event. To analyse it, then, we can only use the
continuity, momentum and energy equations, not the isentropic law as in many other compressible flows.

The appropriate equations for the pressure temperature and density change across a shock wave and the
shock wave velocity have been given in section 4.3.3. These are most convenient as functions of the shock
Mach number, M. Tracking a shock wave during its motion is relatively easy as the above parameters are
uniquely defined. For a one-dimensional shock wave moving through an area change, the shock strength
increases as the area decreases and vice-versa. The change in shock strength with area can be found(1) by:

Lont k(1) vyt *104)

® Whitham, G.B., J. Fluid Mech., Vol. 4, 1958, pp. 337-360.
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where k@y=2f+p0- 2 [+ )} oprns a2} (4.105)

and -2} ~(y-1))
For expanding and smoothly contracting area changes, 1 = 0 while for sharply contracting ones, it is given by:

=11y (r-1)/ 2P 1 ffi-(M, 1 M }0.5¢n(4, 1 4) (4.106)

In order to relate finite values of the area change to that of Mach number, Eqn. (4.104) must be integrated and
it can be scen that this is somewhat difficult. A reasonable approximation of the integral of the first term() of
Eqn. (4.104) is:

A(M-1.00)" (M+1.00)" (M~5)° =constant 4.107)

where symbols a, 3, 8, € have values of 2.004, 2.719, 0.493 and 0.354 for y = 1.4 and 2.000, 2.234, 0.867 and
0.203 for y = 1.667. ‘

4.5 THREE-DIMENSIONAL, TURBULENT, COMPRESSIBLE FLOWS

Most flows are, in fact three-dimensional and turbulent. While the one-dimensional approach discussed so far
is adequate in many cases, it is sometimes important to examine the flows using more complete models. The
solutions are then much more complex and, as they generally require a numerical approach, are time
consuming. They do not give as clear a physical understanding of the flow as the simple onedlmenmolal
models which have analytical solutions. Therefore, the specific information that is required needs to be
carefully considered before going to a fully multi-dimensional, compressible, turbulent flow. Even then, some
simplifications may often be justifiable and these include a two- rather than a three-dimensional approach and
the use of incompressible rather than compressible flow equations. Typical examples where the one-
dimensional approach is inadequate are the flow within the blades of turbomachines and in the combustion
chambers of gas turbines and the flow around butterfly valves, through inlet and exhaust valves and the in-
cylinder flows in reciprocating engines.

In order to describe the above flows mathematically, the equations given in section 4.1.2 (Eqns. (4.1), (4.2)
and (4.3)) are required. These require some form of turbulence model. Turbulence, which consists of rapidly
fluctuating velocities about the mean value of flow velocity is quite variable in scale. The vortices produced
may be categorised according to several scales. These range from the largest, called the infegral scale which
are of the order of size of the flow field because they are controlled by its boundaries to the smallest, called the
Kolmogorov scale which are of a molecular size and are where the energy dissipation occurs. Various models
of turbulence are now available. These include direct modelling of the Reynold's stresses which are the
fluctuating momentum terms and the k- model which is widely used. The latter examines the trbulent kinetic
energy (k) in relation to its production due to the fluctuating velocities and its dissipation (g) and develqps a
turbulent viscosity which can then be applied to the basic flow equations. Turbulence modelling is complex
and the interested reader is referred to specmhsttexts on the subject for further details.

While researchers may sometimes wish to develop their own flow codes, many proprietary CFD packages
are now available. All have their various strengths and weaknesses and the specific application needs
examining before a final choice of a code is made. Usually, different turbulence models are available and the
user may select the most appropriate. If the code does not completely model the situation undere study, it is
often possible to use their output as input data for the development of further computational codes.

4.6 TWO-PHASE, SEPARATED FLOWS

Engine flows are not always only air but are sometimes air and fuel mixtures. This does not present a problem
when the fuel is fully vaporised because all substances are then in the gas phase. However, there are
circumstances in engine operation when the flow consists of two phases these being liquid and gas. An obvious
example is in the region near the liquid fuel jet in any engine be it a gas turbine or reciprocating type. Further,
in the latter type, an extended two-phase fuel/air flow region may exist under some operating regimes in the
induction system of either carburetted, throttle body or port injected SI engines and the in-cylinder injection
and mixing processes of direct in-cylinder injection SI and all CI engines. In manifolds and induction tracts,
the fuel droplefs may separate from the main gas stream to form wall films which then move with a much

@ Duong, D.Q. and Milton, B.E., Experiments in Fluids, 3, 1985, pp. 161-168.
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stower flow velocity than the gas stream and this can cause air/fuel ratio excursions, particularly during
acceleration and deceleration transients. This film formation is due either to gravitational effects, deposition
from the turbulent core flow or direct impact on surfaces such as throttle plates, inlet valve stems or bends in
the manifold because of the linear momentum of the fuel drops Two-phase, separated flows therefore need
some consideration although a full treatment is again not possible here.

Two-phase flows are generally categorised as either bubbly flows or mist flows, the former being essentially
a gas or vapour carried within a basic liquid stream while the latter is the reverse, with the liquid being
transported by the gas. Bubbly flows are not of great concern in engine maodelling although they may exist in
the fuel flow when it becomes more than usually heated. Problems in the fuel supply line such as vapour lock,
percolation or foaming are all well known and are examples of bubbly flow. The mist or airborne droplet flows
are of more importance once the fuel has been introduced into the airstream. Maximum fuel/air ratios in
modern engines of any type rarely exceed the stoichiometric values of about 1:15 by mass and may be
substantially less in gas turbines CI types. Also, the fuel is muti-component and the lighter fractions are
extremely volatile, the middle fractions moderately so and the heavy fractions relatively involatile. Hence,
shortly after introduction, a reasonable proportion of the fuel has vaporised and fully joined the airstream. It
can, however, recondense if it passes through a lower temperature region which may be possible in, say the
expansion around a restriction such as a throttle plate. Nevertheless, liquid to gas stream ratios are likely to be
noticeably less than stoichiometric for much of the flow and could be around 1:30 by mass (about 1:18,000 by
volume) except close to the fuel injection point. Under these circumstances, some simplification can be made
by assuming that the flows are only coupled in one direction, air stream to liquid stream. That is, the effect of
the liguid on the gas stream may be neglected with little loss in accuracy. The complexity of a fully coupled,
three-dimensional, turbulent, compressible flow can therefore be avoided.

One-directional coupling requires a set of droplet equations of motion additional to the normal set of
equations for the gas stream. These are based on the droplet accelerations imparted by the drag force on them.
Typical droplet drag coefficient, Cpy and forces, Fpy are as follows:

C,=K+a(Re)” (4.108)
where K, o, B have values of about 0.48, 28 and 0.85 respectively(3).

The drag force is then:
F,=C,%Ap,v* (4.109)

A fuel evaporation model needs to be incorporated into the model as droplets will decrease in size as they
progress obtaining different drag forces. Droplet acceleration can then be determined, followed by velocity and
position. By assuming a distribution function for the droplet flow from the injector and discretising it into
droplets or droplet groups, the liquid fuel parcels can be tracked through the flow ficld. In the dense regions
near the injector, this is more difficuit and allowance has to made for droplet collision. Using these techniques,
it is possible to determine where the fuel is distributed away from the injector and where it deposits on surfaces
to form films.

Greater accuracy can be obtained using a fully coupled model but the calculations are then greatly extended.
Here, the exchange of mass due to condensation and evaporation, momentum due not only to the airstream
force on the droplets but also that of the droplets on the airstream and energy associated with the heat and mass
transfer between streams needs to be included.

Wall films form a separated stream which requires similar techniques. Again mass, momentum and energy
exchange occurs between this and the airstream. Evaporation and condensation can be readily handled.
Additional problems which have received little attention are the value of the interfacial shear stress between the
gas stream and the film which provides the driving force for the film motion and re-entrainment of the film as
droplets into the gas stream. Typical experimental values of wall film velocities in manifolds are about 100 to

200 mm/s in gas streams of 10 to 30 m/s.

& Ingebo, R.D., NACA Tch. Note 3265, Washington, D.C., 1954.
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PROBLEMS

4.1. Air at a temperature of 50°C and a pressure of 0.2 MPa flows in a duct at a velocity of 100 mv/s. Further
downstream, the duct reduces in cross-sectional area and the pressure falls to 0.19 MPa. Assuming that the .
process from the larger to the smaller area is isentropic, what is the flow velocity and the area (as a percentage
of the first area) in the second section?

For air, assume that y=1.4 and R=0.287 kJ/kg K

4.2. Airflows ina 0.1 m? cross-sectional area duct and is initially at a pressure of 0.5 MPa, temperature

100°C and velocity 80 m/s. Downstream, the pressure and temperature are measured at 0.3 MPa and 55°C
respectively. The flow is adiabatic. What is the new velocity and the new duct cross-sectional area? What is
the change in entropy between the two measuring points?

A theoretical comparison assuming isentropic flow (instead of having an entropy change as int the case
above) is carried out using the same pressure drop. What would the calculated temperature now have been?
Explain why the actually measured temperature downstream differs from the isentropic value. For this
isentropic flow, what would the velocity at the second position then have been? Is this consistent with the
previously calculated area? If not, explain what would have bappened in the isentropic case with the actual

area as calculated at the second position.

4.3. The Mach cone generated by a supersonic projectile is measured as having an inluded angle of 60°. The
local air conditions 50 kPa, -23°C.. Calculate the local acoustic velocity and estimate the Mach number and

the velocity of the projectile.

4.4. An air supply from a 1 MPa, 323 K resetvoir through a convergent-divergent nozzle to the atmospheric
pressure which may be assumed to be 0.1 MPa. Assuming that isentropic flow occurs throughout, estimate the
velocity at the throat, the velocity and Mach number at the exit of the nozzle, the ratio of exit to throat areas
and the area at both the throatandemtperumt(kg/s) of mass flow rate.

If the system is replaced by one containing helium (molecular mass, 4.003, iseniropic index, 1.667),
flowing from a helium filled reservoir at 1 MPa, 323 X to 0.1 MPa, recalculate the above.

4.5. A rocket uses a converging exhaust nozzle of 12500 mm? cross-sectional area. The pressure and
temperature in the rocket combustion chamber are 0.8 MPa and 1500 K and these may be assumed to be
reservoir (stagnation) conditions. Assummg isentropic flow, determine the exhaust velocity and the thrust of
the rocket if it is at
(a) take-off, ambient pressure equals 0.1 kPa
(b) outside the earth’s atmosphere, ambient pressure equals zero.

The rocket exhaust gas may be assumed to have an isentropic index of 1.3 and a molecular mass of 20

4.6. A fuel tank of volumetric capacity, ¥ of 1 m3 containing compressed methane gas at 17 MPa experiences
damage to a valve which causes a hole of 10 mm? area to appear. The hole acts as a converging nozzle to the
atmosphere outside which is at 0.1 MPa, 300 K. Show that the differential relationship between time and
pressure for the outflow is:
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4 [;v + 1]2(r—1) ps’  dp
yA" 2 =)
p

Here A* is the throat area of the hole and subscript (, represents the initial conditions at t=0.
Calculate the time taken for the pressure in the tank to fall to:
a) one-half of its original value
(b) the level where the flow velocity through the rupture just falls below sonic

For methane, molecular mass = 16.04, isentropic index = 1.32

dt

4.7, An air stream at 70 kPa, 260 K and with a velocity of 460 m/s experiences a sudden pressure rise through
a shock wave normal to the flow. What is the Mach number of the flow approaching the shock? Calculate the
expected air velocity, static and stagnation pressure and temperature conditions just downstream of the shock.
Determine also the downstream Mach number. What is the loss in stagnation temperature and pressure
through the shock wave? Is this result expected?

4.8. A jet engine for supersonic flight uses a convergent-divergent thrust nozzle The ratio of exit to throat
areas is 4:1 and the stagnation conditions of the gas upstream of the nozzle are 3.0 MPa, 1200 K. Determine
the velocity at the nozzle exit plane and the local ambient pressure if:
(a) a nomal shock exists at the exit plane
(b) a normal shock occurs at the section with twice the throat area.

The gas may be assumed to have a molecular mass of 29 and an isentropic index of 1.3.

4.9. A jet engine has a supersonic diffuser just upstream of the compressor. An aircraft travelling at a Mach
number of 2.5 into air at 15 kPa, 220 K has a normal shock standing at the diffuser enfrance. The diffuser then
expands in area to a value three times that of its inlet. Calculate the static and stagnation pressure at the
diffuser exit together with the Mach number. Will it make any difference if the shock is located differently, at
say the diffuser exit. Repeat the calculations for these conditions and compare the results. In both cases,
determine the loss in stagnation pressure.

4.10. A pitot-static tube on an aircraft records a static pressure of 30 kPa (gauge) and a total (pitot) pressure of
40 kPa Calculate the air stream velocity approaching the tube (i.e. the aircraft velocity) and Mach number if
the local conditions are 20 kPa, 220 K. If the aircraft velocity is increased so that the pitot pressure becomes
150 kPa, what now are these values?

4.11. An air flow in a constant area, 15 mm diameter, insulated duct initially has a Mach number of 0.2 The
Darcy friction factor has a value of 0.02. What duct lengths are required for the flow to reach Mach numbers of
0.6 and 1.0? If, in the latter case, an additional 0.75 m length of the same type pipe is added to the end,
calculate the percentage reduction in mass flow rate that will occur.

4.12. An experimental jet engine has a convergent-divergent exhaust nozzle with a throat area of 8000 mm?
and an exit area of 16000 mm?. During a stationary test, the exhaust gas then directly enters into a parallel
pipe of the same diameter as the exit and which is 5 m long before finally discharging to a reservoir in which
the pressure can be controlled. The flow in the nozzle may be assumed to be isentropic while the duct has a
Darcy friction factor of 0.0025. The stagnation conditions upstream of the nozzle are 0.5 MPa, 1000 K.
Determine the range of back pressures in the reservoir over which a normal shock will appear in the duct.
The gas may be assumed to have a molecular mass of 29 and an isentropic index of 1.3.

4.13. Air enters a simple, straight pipe type combustion chamber at a velocity of 100 m/s and a static
temperature of 400 K. Heat is then added but, for the purposes of the calculation, it may be assumed that the
gas properties remain those of air. Calculate the amount of heat that can be added without reducing the mass
flow rate and hence find the air to fuel ratio if it is assumed that the heating value of the fuel transferrable to
the air is 40 MI/kg .

If the fuel to air ratio is increased by 10% and it is assumed that the combustion efficiency remains the
same, estimate how much the mass flow rate will reduce for the same stagnation conditions.

4.14. For moving compression waves of pressure ratio 2.5, 5, 10, compare the temperature ratio for the wave,
wave velocity and particle velocity behind the wave (expressed as a ratio to the acoustic velocity ahead of the

wave) if the wave is assumed to be :
(a) isentropic,
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(b) a shock wave
The particle velocity ahead of the wave may be assumed to be zero. The gas may be assumed to be air with

R=287 JkgK, y= 1.4

4.15. A small compression wave (considered to be isentropic) of pressure ratio 1.5:1 occurs in the exhaust
system in a engine. The isentropic index may be considered to be 1.3 and the molecular mass 29. Determme
the wave velocity and the particle velocity behind it. The wave can be considered to be moving into a gas at
‘110 kPa, 400K.

If the gas ahead of the wave is now assumed to have an increasing temperature gradient of T=400 +13
s where s is the distance in metres along the exhaust pipe, determine the time taken for the wave to reach the

end of the pipe 5 m away.

4.16. The wave of the first part of question 15 (gas temperature 400 K) is now retuning in the exhaust system
towards the engine at a time when the exhaust valve is shut. I it is assumed that the reflection at the engine
occurs as at a plane closed end normal to the flow, calculate the maximum pressure ratio reached at this closed
end and the velocity with which this wave now returns towards the open end of the exhaust assuming that:
(a) the wave is short in length and after reformation at the reflection, it travels into.a stationary gas.
(b) that the wave is long with uniform particle velocity and gas conditions for a considerable length behind it
and the returning wave travels iito this flow.

Neglect any other possible motion of the exhaust gas.

4.17. A moving, normal shock wave is generated in a parallel sided duct where it travels with a velocity of 600
my/s into air at 80 kPa, 260 K. Calculate the shock Mach number (relative to the stationary gas ahead of it) and
determine the flow velocity and the static and stagnation pressure and temperature conditions behind it. Is the

stagnation temperature conserved in this case? Does the stagnatlon pressure fall across the shock? If not, why

not? Compare with the stationary shock in a steady flow as in question 7.

4.18. The shock of question 15 reaches the end of the duct where it is reflected by a plane wall normal to the
flow direction. Noting that the reflected shock moves back over the incoming particles behind the ongmal
shock rendering them stationary, calculate the Mach number of the shock (relative to the incoming particles),
its absolute velocity and the pressure and temperature conditions existing between the reflected shock and the

end wall.

4.19. A shock tube is a device widely used to create short duration, high enthalpy flows for acrodynamic,
combustion and other forms of testing. In its simplest form, it is a parallel tube with a diaphragm placed part
of the way along it. The section upstream of this, the ‘driver’ section is at a high pressure, that downstream,
the “driven’ section being at low pressure, Bursting the diaphragm allows a shock wave to move downstream

with uniform velocity, pressure and temperature conditions behind it.
diaphragm

driver section driven section
SHOCK TUBE CONFIGURATION
pressure
rarefaction wave
P shock wave
initial condition

distance x

PRESSURE - DISTANCE DIAGRAM AFTER BURST

A simple shock tube containing air in both driver and driven sections is used with a diaphragm pressure ratio of
100 ;1. By matching the pressure and particle velocity of the downstream moving shock to those of the
upstream moving rarefaction wave formed at the burst, calculate the shock Mach number obtained. Also
determine the flow (particle) velocity, pressure and temperature available for the test (i.c. the conditions behind
the shock). The air in the driven section is at 10 kPa, 300 K while the driver section is at 300 K. The normal

data for air may be assumed to be relevent.
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If the driver section is now heated to 500 K affecting the acoustic velocity but not the isentropic index while the
driver gas and diaphragm pressure ratio remains as before, calculate the new shock Mach number and test

conditions for the driven section air.

If the air in the driver is replaced by heliam, (molecular mass 4.003, isentropic index 1.667), while the driver
gas and diaphragm pressure ratio remains as before, calculate the new shock Mach number and test conditions

for the driven section air.

4.20. A piston situated in a uniform, frictionless pipe initially containing air with acoustic velocity of 340 m/s
and a pressure of 100 kPa is accelerated uniformly from rest at t=0 to attain a velocity of 102 mv/s at t=0.03 s.
Subsequently the piston moves at constant velocity.

piston velocity v p Closed end

= 4

At t=0 75m
gl — —

Using only the piston displacements and velocities given below construct a piston, wave position diagram for
the waves from the four discrete piston points given up to and including the second wave reflection from the
open end. Estimate:

(a) the time at which the motion of the piston is first observable at the closed end

(b) the particle velocity with which each wave section initially travels after leaving the piston and the acoustic
velocity and pressure associated with it.

For the waves 1 and 2 sections only, determine for the condition immediately after reflection:

(c) the particle velocity at the closed end

(d) the wave speed just after reflection from the closed end:

() the pressure on the closed end immediately after the wave is reflected.

PISTON DATA
wave 1 2 3 4
1(s) 0 0.01 0.02 0,03 t>0.03
x(m) 0 0.17 0.68 1.53 >1.53
0 34 68 102 102

vp(m/s)



Air and fuel flows In engines S

Although lubricating oil and cooling water flows are of great significance in the overall design of engines, the
two flows of importance thermodynamically are the air and fuel flows and hence are the ones to be considered
here. Air is compressible and, while this effect may be neglected at velocities up to about 100 m/s, (M ~ 0.3 at
atmospheric temperatures), it must be considered for higher velocities. These include much of the air flow in gas
turbines and the flow in, through and around the intake and exhaust valves in reciprocating engines where
velocities approaching sonic can be reached. Also, at partial to fully closed throttle in SI engines, the velocities
around the butterfly throttle valve can also reach the local sonic values.

With fuel, the approach is different a it may be liquid, vapour or atomised droplets, the last two usually
being mixed with and carried by the air. Once such fuel joins the airflow, although it modifies the gas stream
properties, it only alters the final values by a small amount due to its relatively low mass proportion. The fuel
flow is most distinctly different while in liquid form when it is undergoing the injection processes into the spray
for mixing purposes. This includes the fuel introduction systems and it is these that will be dealt with in this
chapter.

5.1 AIR CAPACITY OF ENGINES

In Chapter 1, equation 1.4, repeated below, illustrated the importance of the mass flow rate of air on the power
output of an engine. Without air, the fuel cannot burn and release its energy to the thermodynamic processes. As
the mass of air is approximately 14.7 times that of fuel in an SI engine and a minimum of about 20 and 45
respectively in CI engines and gas turbines, it can be seen that the mass flow rate of air is one of the limiting
factors in each type. Hence, its study is of critical importance.

W=77TH¢F;ff7aH P [equation 1.4 repeated] 'CR))

Hence, the air capacity, sometimes termed the air swallowing capacity of an engine, is a fundamental limitation.
Because gas turbines with their continuous flow, large intake and exhaust cross-sectional areas can swallow so
much air, they are capable of immense power outputs for low engine mass. This does not mean that they are thie
most thermodynamically efficient devices; it simply means that they use more air and fuel simultaneonsly. While
their flows are complex, particularly for supersonic aircraft, they are essentially steady and the physics is not too
difficult to understand. The regularly pulsating, unsteady flows of reciprocating engines present more conceptual
problems. Fortumately, fom a mathematical viewpoint, much of these latter can be considered as incompressible,

5.2 AIR FLOW IN GAS TURBINES

The air approaching a gas turbine does so at quite a high velocity. The actual value will vary depending upon the
application of the engine, it being lower for stationary engines where it must be drawn in but progressively
higher for aircraft use. The most common use for gas turbines is in commercial jet aircraft with cruise Mach
numbers of around 0.8 although many military aircraft re supersonic. Hence, these are the approach velocities of
the air relative to the plane and hence the epgine.

In a gas turbine, the air first passes through a diffuser to reduce its velocity and raise its pressure. With the
exception of Scramjets (supersonic combustion ram jets, which are still experimental) this is likely for practical
purposes to be about 30 m/s. Hence, the design of efficient diffusers is important. A compressor, combustion
chamber and turbine follow the diffuser and these can be considered as very specific problems that will be dealt
with in Chapters 6 (turbomachinery) and 8 (combustion in engines). The jet nozzle, like the diffuser is amenable
to a relatively simple approach from the basic compressible flow theory.

5.2.1 Diffusers

From the theory of Chapter 4, it can be seen that subsonic diffusers must have an increasing area in the flow
direction to achieve their objective of slowing the velocity and raising the pressure. The flow is close to
isentropic and these basic equations from Chapter 4 can be applied. Friction and heat transfer play a small role
but can be neglected for a first order analysis. These give the cross-sectional are versus Mach number
relationship but not any preferred profile. Hence, shaping the diffuser requires some attention as it should be kept
as short as possible to minimise weight ad flow losses and to help obtain a short, stiff engine. There is a central
pod within the diffuser to support the turbomachinery shaft and its profile, as well as that of the outer surface
needs to be taken into account. Overly fast area increases are to be avoided as the flow can separate from the



128

walls increasing the losses and reducing the efficiency. Typically, walls diverging at, say, around 7° provide
a reasonable starting point although this is very approximate. In early development, experiments were need to
determine the appropriate wall profile. Modern CFD codes lend themselves readily to this type of study.

Supersonic diffusers are more complex. Here, the entering supersonic flow can only be changed to the

required subsonic value using a converging duct which, in general is not practical in relation to the later engine
components or via either a shock wave or a series of shock waves. This is depicted on Figure 5.1. Any shock
wave reduces the efficiency due to its internal friction but a series of weaker shocks results in fewer losses than a
single, strong one. Nevertheless, the design of a diffuser with multiple shocks creates a mechanically more
difficult arrangement, particularly when it is realised that there is a need to change the flow regime from
subsonic to supersonic and vice versa as the aircraft accelerates and decelerates. Subsonic aircraft always have
subsonic diffusers, supersonic aircraft must always be able to cope with both regimes. Hence, the shock structure
is limited and the ducts are often rectangular in shape as the two longer opposing surfaces can then more readily
have their angle changed to adapt for both subsonic and variations in the supersonic flow. Note that theoretically,
a loss free supersonic diffuser is possible by using an infinite series of infinitesimal changes in wall angle located
so that the hocks meet on the flow centreline. This is called an Oswatitch diffuser after its originator.

@
@ 3 | > M<1
- @
e M>1
o ¢ e
(@  Subsonic diffuser (b) Oswatitch supersonic diffuser
Essential features o Diffusion by an infinite series of small
L .llp radius, 2. engine intake compression waves
3. diffuser orofile 4. external shape

\\\\\\\\\\\\\\

o
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(c) Two types of supersonic diffusers with finite strength shocks

Figure 5.1 Some diffuser arrangements (Courtesy of Archer and Saarlas)

As with subsonic diffusers, the mathematical approach of Chapter 4 can be applied to give an area-Mach number
relationship. However, as the strength of the oblique shock waves formed at a concave angle change depend on
the magnitude of that angle, the shape needs to be determined a priori (before the fact) before even the basic
analysis can be applied. Thus, a trial and error approach is required. Again, with modern CFD techniques, this
approach is less onerous. Older CFD codes used “shock fitting” techniques when the flow conditions were
calculated to be appropriate, modern codes use “shock capturing” where the shock is introduced directly by the

computer program.
5.2.2 Nozzles

The same general principles apply to the jet nozzles. Here, the subsonic case of converging nozzles is easily
handled. As a first approximation, it may be considered as isentropic in spite of the high temperatures as the
length is short. However, a more accurate analysis should include heat transfer and is hence a Rayleigh line
approach. Supersonic nozzles are convergent-divergent and need to change profiles for the operational speed.
While this is less critical than with the diffusers as the nozzle may operate in under expanded ,correctly
expanded or over expanded modes, only the correctly expanded is properly efficient. When the aircraft is at
subsonic velocities, not only will the nozzle be under expanded but the jey efflux will be at far too high a
velocity for efficient use of its thrust. Hence, a rectangular, variable profile nozzle is again desirable.
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5.3 AIR FLOW IN RECIPROCATING ENGINES
5.3.1 Volumetric efficiency

As discussed in Chapter 2, a parameter, volumetric efficiency, 73y is used to determine the mass flow rate of the
incoming charge. Although it is often defined in volumetric terms, it is in fact a_mass relationship and is best
thought of as the ratio of the mass of air (or charge) that actually fills the swept volume divided by the mass
which would fill it at a reference density, usually taken as just outside the engine inlet valve. That is:

{ m m
- a { (5.2)
l’__?L__ pref V pt Vs

Here, m, is the actual inlet mass per cycle, Vs the swent volume, pOr.r the reference density and p; the reference
value taken upstream of the inlet valve. Volumetric efficiency varies with the engine speed with curves
approximated by those of Figure 5.2. Note that they peak at a mean piston speed somewhere about 10 m/s
although this varies considerably with the engine design. The CI engine tends to have a peak VQIJMC
efficiency bout 5% higher than the SI engine. Knowing why these curves are shaped as they are leads to an
understanding of the fundamentals of the gas exchange processes in engines.
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Figure 5.2 Typical volumetric efficiency curves for production engines, left: SL right; CI engine

Take a piston-cylinder arrangement and assume that there is air alone inside at atmospheric pressure. If the
piston is rapidly drawn down with a completely open intake and held at the bottom of its stroke, it is evident that

the swept volume will fill until the atmospheric density is reached. It is clear that the actual mass of air 71,

would equal p;; and the volumetric efficiency 73, would be 100% at all times. This is clearly not the case with
a rapidly rotating engine. What in fact then happens is that the ipcoming flow is cut off by the closure of the inlet
valve before the filling is complete and the ity in the cylinder is lower thanp;. Hence, m, < p,V,Y and 1, <
100%. As the engine speed (and hence piston speed) increases, the filling becomes even less complete because
of limitations on the rate of inflow and the volumetric efficiency falls rapidly at high speed. A_mgg;;
difference from atmosphert to cylinder is required to maintain the flow and the higher tt S
greater this must be. That is, the flow losses increase with jnflow velocity as can be seen by applying a typical

pressure loss equation:
( AP constg)‘_: (5.3)

where pand v are the flow density and velocity respectively,

The same argument applies to the exhaust, Given a long valve opening time and a slow piston movement,
the exhaust gas reinaining in the cylinder will fall eventually to atmospheric pressure. However, the need to

expel the exhaust rapldly in the short time for the process ina hlgh speed engme means that the gy_,_gggmy;g :

is because for both inlet. a_anhauSt, xalvss, thajhmughydumtyappmhesihﬂmal sonic cgndm;m and the
flow tends towards “choking”.
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These effects are now illustrated by comparing with the base case of a slow piston and very long valve
opening with 100% volumetric efficiency, This is shown on Figure 5.3. With an SI engine, the 100% line can be
immediately reduced due to the evaporaﬁon of the fuel in the mcon_m_lglnm Note that CI (and GDI) engines,

air at the same pressure and, as it is only about 1/15 gi the air mass, the air dlsplacement is about 1/50 ora2%

reduction on volumettic efficiency, assuming that the fuel is fully evaporated and at the same temperature as_air.
However, fuel is rarely fully evaporated, particularly with port injection systems. Even on the older single-point
(carburettor) systems with a long manifold length from injection to inlet valve, full evaporation is rare. Also, the
cvaporation cools the incoming air, increasing its density. On single-point systems, manifold heating from a
“hot-spot” from the exhaust or a water jacket was usually used to some extent negating the ev: evaporative cooling.
The nett effect is therefore small, perhaps reducing the volumetric efficiency by about 1%. This is shown on
Figure 5.3.

Expansion of residuals also reduces the volumetric efficiency across the speed range. This is of the order of
about 5% but will depend on the design of the engine’s manifold system. It is likely to be greater at the high
speed end of the range due to the lower inlet and higher exhaust cylinder pressures. However, as dynamic effects
play a role, it is shown here as a constant reduction. Note that higher compression ratio reduces the mass of
residuals and helps to ameliorate this effect. Again, CI engines have an advant@g_

But this does not explain why the curve dr low speed. The reason is that, contrary to Mt
transfer theory, r hi from the h er walls, exhaust valve etc to the inco;

Heat transfer theory shows that, the higher the Reynolds mlmber (which is proportional to velocity), the meat_e;r
the heat transfer coefficient, typically in a cylinder to Re’®. However, due to the slower r piston speed, the walls
&m a greater time and this dominates. The overall effect is that the heat transfer increases
approximately by the speed reduction ratio to the power 0.2, Hence, for example, halving the engine speed
causes an increase of about 15%, and for maximum speed to idle where the speed ratio typically might be 8, the
increase is 52%. This is quite significant.

The cumulative effects of the above build up a basic volumetric efficiency curve as shown on Figure 5.3.
However, there are additional effects.

v
% :
Fuel evaporation
100 Residual
L I I T T I T O 1 expansion
/"—:'*"\\ Speed effect
\
/ Heating from
cylinder walls )
Engine speed, N

Figure 5.3 Development of the basic volumetric efficiency curve

Ram effects
These additional effects are what is called the gam effect and the wave tuning effect, It is often difficult to

distinguish between them as both rely on the length of the manifold ranner. For many years, both had advocates
who believed that the other explanation was untrue. Now, due in part to computer simulation, the two effects can
be separated and it can be shown that both have a role.

If say the inlet manifold is removed from an engine, it might be expected that the volumetric efficiency
would improve as the frictional losses would disappear. In fact, this is not so. The ram effect is that due to the
inertia of the column of moving fluid in the manifold directed towards the inlet port and Valve As the valve
commences to close, the inertia of the column builds up pressure upstream of mwmmmmMe
last-of the charge to the cylinder. Without the air column, the flow would be directed radially inwards around the
port leaving a large vena-contracta at all times and the ability to dissipate the_momentun; of th __gggqu_ugghg;gg
radially at the end of intake.

The same argument applies to the exhaust. As the valve starts to close, the inertia of the exhaust column

_drags gas particles away from the valve reducing the pressure. Hence, more of the final exhaust gas in the
cylinder is removed.
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Figure 5.4 Effect of inertia of manifold gas columns

How long a manifold is needed to produce a reasonable effect? A rough estimate of the minimum length can be
obtained by considering the column length as being equal to the gas movement during the valve closure. Typical
valve openings are about 260° of crank angle (CA) of which about 40 to 50° is opening, 160 to 180° is fully open
and another 40 to 50° is closing. If it is assumed that the pressure build up is over the last 6, (approximately
40°), then the time for this can be calculated from the engine speed, N. this is equal to the manifold minimum
length, L,,, divided by the inlet manifold velocity, v,.

(L, 606 8

v, N360 60N

4

The inverse of the ram effect is backflow. The column inertia prevents backflow into the 1n1et manifold,
displacing the new charge. At low velocities, this does not occur and substantial backflow exists. S whiléﬂf
inertia effect has a positive benefit at high speeds, there is a deterioration at low speeds. The overall inertia effect
_is shown on Figure 5 .4,

Wave tuning

Description of some aspects of moving waves in engines: Moving waves are an important part of engine flows.
In reciprocating engines, the inlet and exhaust systems are driven by the piston motion and hence a complex
wave motion develops in the manifolds. This is most noticeable in the exhaust where the pressure M
at valve opening for the blowdown process relative to the exhaust svstem pressure is high and the wave syste
generated can be quite strong. A typical pressure ratio might be about 3:1 to 4:1. It shouldbenotedthattlns
ratio refers to the driving pressures and the wave itself will have a lower pressure ratio. On the jnlet side, a
similar wave motion occurs although the qy_]gl_f,tc_r_mgm;g oﬂeh QmmmﬂMm_ﬂm.mmfdd‘
and-the waves are weaker. Mas : ¢ S arg ess than about 1.5:]. Nevertheless, their
effect is significant and it is often easier to mcorporate an approprlate desxgn in the mLQt_mamed_to mmj_ﬁgm
these waves as such things as the catalytic converter and silencer in the exhaust are absent in the inlet. Modern
inlet systems with port injection use a plenum chamber with the throttle on its upstream side and hence have a
clear manifold between it and the inlet port. This can be more easily tuned for inlet flow benefits.
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Figure 5.5 Diagrammatic representation of the blowdown wave motion in an engine exhaust system

? As an example, the pulsating flow in reciprocating engine exhausts will be
considered. The phtude of the waves in the exhaust system of a reciprocating engine are_significant beca_ggg
the ahsglmg p ggsm in the gxlmdm, on exhaust valve openmg is 3 to 4 times that of the exhaust system itself.

; enerate ale i 8 and, while a valve or port
opemng is somewhat slower than a burstmg dlSC thereby 1nh1b1tmg shock formauon, it is interesting to note that
modern laser holographic interferometry has been used to demonstrate that shock waves do, indeed, form.

Hence, exhaust systems have been extensively studied for many years, both because of the noise inherent with
shock waves of that magnitude and because of the potential remforcement of the scavengggg gr_ocesg That is, by
reflected

at the ex_hgm_st valve at the appropriate time. This is of particular importarice with 2 stroke engmes Consider a
compression wave formed by the blowdown pulse at exhaust opening. It first moves rapidly downstream,

interacting with previous reflections but remaining substantialty as a strong compression or perhaps a_weak
shock wave, On reaching the plpe end or an enlargement which may be part of the muffler system it w111 be
(eﬂ_eglgg asa tarefactlog back at the he outfl
_pressure downstream of the valve andenhanoeths_ﬁm_om,ﬁ.nm.memm Thus&eggenmotzm.uﬂ
gases remaining in the cylinder will be lessened and the m@gmm It should be noted that
the process is not a simple one as the - reflected wave will be moving back across the tail of the initial
compression which is itself of varying amplitude. A typical, diagrammatic layout of the waves is shown on Fig.
5.5. It should be noted that the appropriate arrival time of this low ommw&isawﬂmm
of the exhanst plp_e Wthh dlctates the ume between the initial pulse leavin, g the cylmder and its re-arrival at the
ich : A A0, cess Also, the wave
mngmes_m the exhaust pipe demnd_on];t_on_tbe_gas_eonmsmnn and the tempsxams and are substantially
independent of the ¢ . Thus. the times only correctly match at one engine speed. To extend this speed
range, a variable pipe length can be used although this is cumbersome. An alternative is to use a gradually
increasing area exhaust pipe which provides a weaker but extended low pressure reflectiop. This is shown on
Figure 5.6. With two-stroke engines, which do not have valves timed to the cycle but use ports uncovered by the
piston, the closure of the port is critical in that an eatly closure prevents adequate scavenging while a late closure
allows the intake mixture to flow directly to the exhaust. By using a tapered system as described above with a
decreasing area pipe added on the end, the transmitted compression wave will eventually reflect as a
compression. Correct sizing of the system can allow this to return to the port right at the end of exhaust at lower
speeds thereby reducing the fresh mixture ontflow. This is, again depicted on Fig. 5.6.
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Figure 5.6 Effect of exhaust system shape on wave interaction with the exhaust flow

The method of analysis of this wave interaction is quite complex and will not be described here. The one-
dimensional problem requires conservation of mass, momentum and entropy equations with distance and time as
independent variables. This set of partial differential equations may be solved by finite difference techniques or,
because they are what are mathematically termed 'hyperbolic', may be converted to ordinary differential
equations along "characteristics" or lines on the x-t plane. This latter is convenient and is often used under its
general title, Method of Characteristics.
With the jnlet manifold, a similar wave system occurs with the exception that the jnitial wave, moving back
upstream, is now a rarefaction with a smaller amplitude than the compression previously described. Its front is
more gradual being a rarefaction and its amplitude (pressure ratio) is somewhat less than the @__m___vg_axsz
described previously at about 1.5:1. Its lgading edge travels slightly more ¢ slowly due to the_lower acoustic
yelocity (ie lower temperature). It will reflect at the mamfold mtrance asa qg:gprcsmon m €, wlnch will, if 1t
arrives at the inlet valve while it is still open, prg W ~ : der. \
engines can be designed with smooth, equal length runners to the plenum chamber to aid tlns process as dcplcted
on Figure 5.7. Some designs use two different lengths. A valve can divert flow from one to the other so that
wave tuning can take place at two different engine speed ranges. Of course, as with the exhaust, there are many
possible interactions with bends, branches and area changes in a real system. Also heat transfer and, for the inlet
manifold, two-phase flow effects need to be considered for a completely accurate analysis. Nevertheless, modern
computing techniques are approaching the stage where they can provide an inlet manifold design which
maximises the volumetric efficiency of an engine. A depiction of the wave tuning modifications to the
volumetric efficiency curve is shown on Figure 5.8. Note that an off-tune effect appears at other than the tuned
engine speed due to the arrival of the reflected waves at inappropriate times.
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Figure 5.7 Depiction of modern inlet sytem
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Figure 3.8 Wave tuning effect on volumetric efficiency

An approximate formula for the runner length required for tuning at any given engine speed can be devised by
estimating the average velocity for the initial wave to travel the manifold length and its reflection to return to the
valve, Note that the velocity is different in each direction because in one direction it will be superimposed on the
flow velocity while in the othet it will oppose it. A rough estimate might be that iplet waves travel at a velocity
vy of 360 m/s while exhaust wave are at 540 m/s. These are the local acoustic velocities and should be estimated
accurately from the equanon given in Chapter 4. The time for a wave to pass and return along a runner of length
Lis:

2L
=== (5.5)
v

W

The optimal time for the arrival back at the valve, 6 (perhaps about 100°) after valve opening will depend on the
valve opening and cam profile. For an engine speed of N rpm, it can be seen that:

660
f=— (5.6)
360N
Equating eqns. (5.5) and (5.6) gives, the runner length L as a function of N. That is:
Ov,

5.7
12N G
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Using this with the above numerical values gives inlet manifold lengths of 1.5, 0.75 and 0.5 for 2000, 4000
and 6000 rpm respectively. Exhaust lengths at the same speed are 2.25, 1.125 and 0.75. Note that these are for
the first harmonic. For a second harmonic, the length is threc times the value calculated from eqn. (5.7).
However, second harmonics play a relatively small role in further increasing the volumetric efficiency. The wave
effects in the intake to the plenum may be more significant. For an accurate prediction, a full study is required.
The text by Winterbone provides the most comprehensive cover.

5.3.2 Inlet transients during speed and load change.

The throttle control used on spark ignition engines is a valve that can be rapidly opened or shut and is therefore a

source of an additional wave motion during transients which is superimposed over the pulsating piston driven

flow. Again, driving pressure ratios are not high being less than 2:1. The inlet transient processes are also worth

considering. Here the basic cases may be regarded as follows.

() Throttle valve opens with engine speed constant. Here a compression wave moves down the manifold
to the engine.

(ii) Throttle valve closes with engine speed constant. A rarefaction wave moves downstream to the engine.

(iif) Engine speed increases with the throttle valve constant. A rarefaction wave moves upstream from the
engine.

(@iv) Engine speed decreases with turottle valve constant. A compression wave moves upstream from the
engine.

These are superimposed over the pulsating flow and their magnitude will depend on the rapidity of the transient.

They are subject to similar reflections and interactions to those discussed above and, because both throttle

change and engine speed may change simultaneously, can be complex interactions of the various types.

5.3.3 Effect of inlet temperature on volumetric efficiency

While many operational factors affect the volumetric efficiency, the iplet temperature is of note because the
trend is the reverse of that expected. Asthelmsl_tﬂmmis__mmthe lumetric efficiency
increases, by approXImately the sguare . Tt 1
results in an increase acousti , i the high
Mas.anheratthemlgLalm rsshmbecausethem______xhn mforamwﬁowwer
it is generally known that that a high inlet temperature reduces the engr_: power. Th_w;j_m
product of the volumetric efficiency and iplet charge density that is important. The iplet density changes
Jinversely to the absolute temperature. Hence, theoverall effect is that the 1pass entering the cylinder is inversely
proportional to the square root of the absolute erature and hence the possible power output changes in the
same way. This explains why many tesimg codes show T2 relationship as a correction for power found under
test to the standard conditions

5.4 FUEL FLOWS IN ENGINES
5.4.1 General principles of fuel flow in engines

Equations for fuel sprays.

All fuel is introduced to the air via a nozzle of some type. A simple nozzle, as in a carburettor is always open
(5.9(a)) and is a plain orifice of a prescribed diameter. Most modern nozzles operate intermittently and require a
needle to shut off the nozzle orifice when the injector is “off’. Needles may be internal, as in Figure 5.9(b) or
external, as in Figure 5.9(c). The latter are generally termed “pintle” nozzles.

[1 [T
Needles
o
(a) Open nozzle (b) Multi-hole nozzle (c) Pintle nozzle with
(eg carburettor jet) with internal needle external needle

Figure 5.9 Nozzle types




136

Although the flow through a nozzle is variable and it may have to start and stop in a short time period, an
approximation of the mass flow rate can be expressed by the normal, incompressible nozzle flow equation:

Lm Cp4, 2ppr7 (5.8

This is essentially a guasi-steady approximation. Some variation may occur due to intermittent flow in a
pulsating injector or to pressure pulses from very high pressures, in for example, diesel engines. Nevertheless, it
provides an accurate enough solution for most purposes.

If the purpose is to control the average fuel flow rate, it can be seen that two parameters can be used. These
are the pressure Ap, which is the nozzle pressure ratio but essentially the pressure p upstream of the fuel nozzle
as that downstream is controlled by engine factors and the nozzle area, A, This equation can be applied directly
in gas turbines and carburettor, single-point injection systems in SI engines and even some multi-point injectors
which operate continuously. If however, thg injector operates intermittently, another variable is available. This is

the injector “on” time, At.
This is basically because each cvcle will i ibed mass of fuel. Hence, equation 5.2 becomes:

2ppr}At (5.9

The injector on-time is the major variable used to adjust the fuel delivery in intermittent injectors. These
include most multi-point SI and all diesel injectors.

5.4.1 Fuel introduction in gas turbines

Fuel injection

The fuel, usnally a liquid (although it should be noted that gaseous fuels are also commonly used in stauonmy
land based gas turbines), enters the combustion chamber as a jet and requires atomisation and distribution
throughout the combustion space. The droplets formed must vaporise and mix in the recirculation region where
burning commences. Penetration of the spray through the air zone is important so that the fuel droplets are not
clustered in a region close to the nozzle exit thereby partially excluding the air from neighbouring drops. While
droplet sizes vary from one injection system to another, the mean droplet sizes required are likely to be about 20
to 30 um. In order to obtain a spread of droplets, it is desirable to have a range of drops with diameters widely
distributed about the mean value which varies individual droplet kinetic energy thereby providing a spray that is
more fully distributed throughout the circulating air.

Gas twrbine injector nozzles are continuous and of the open type. qumd fuel injectors which can
accommodate the wide mass flow rate range from the minimum which is idle at low ambient air density (high
altitude) through to the maximum of full power at high density, (take-off conditions) have been developed.
These consist of several types going under the names of Simplex, variable port (called Lubbock), "Duplex" and
airblast injectors. Before examining injectors, it is important to first look at the spray process itself. In a spray,
liquid flows from a fuel nozzle initially as a liquid stream which starts to break up around its edges some small
distance downstream from the nozzle exit. The most important factor in obtaining atomisation is the shear
between the liquid stream and the surrounding gas. The higher the ratio of the injector pressure to the gas
pressure into which it is being sprayed, the higher the liquid velocity obtained. Hence, the shear is greater and
quicker, finer atomisation takes place. Thus, for good injection, a high injector pressure (actually pressure ratio,
although the downstream pressure is that of the combustion chamber and is not directly controllable) is required.
Average fuel flow velocities of at least 100 m/s are desirable but these are not easy to achieve because of the
great variation in fuel flow rates that any individual gas turbine will us¢ over its operational range. Either
pressure or arca control of the fuel flow rate is possible. The flow rate through the nozzle is directly proportional
to the velocity. If the appropriate pressure ratio for 100 m/s is used at low flow rates, the pressure at high flow
will have increased as the sguare of the velocity with both the velocity and pressure becoming extreme. Thus, a
simple, constant area nozzle has severe limitations.

The earliest fuel injectors were the Simplex type which consists of a simple nozzle with the fiiel upstream
being given a swirling motion in an appropriately designed chamber just prior to exit. The very large variation in
the upstream pressure required to provide the necessary flow rate range is, depending on the nozzle diameter,
either inadequate at the maximum requirements or results in over-fuelling at the minimum. Thus, a single fixed
cross sectional area for the injector nozzle, the Simplex design, is only suitable for gas turbines that operate at
low power outputs and relatively constant conditions. This type of nozzle is shown on Figure 5.10. Note that the
injector nozzle is surrounded by a second aperture but this is not for fuel; it is for air to prevent nozzle
carbonisation.

A solution is then to use area control. This is best illustrated by the Duplex nozzle which replaced the
Simplex early in gas turbine development.
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(c) AIRBLAST ATOMISER NOZZLE

Figure 5.10 Cross-section of the major different fuel nozzle types

As in the Simplex types, this nozzle uses an air flow around the outer edge of the spray to prevent carbon
build-up near the nozzle exit but this plays no role in the atomisation process. Variable port nozzles (not
illustrated) were first developed. These incorporated a metering area or port just upstream of the nozzle
controlled by an axially sliding piston. However, because of the moving component, durability and maintenance
problems are inherent in these types. An alternative solution to give an adequate atomisation over the whole
range is the concentric (Duplex) nozzle with a primary nozzle as in the Simplex surrounded by a second, larger
area nozzle. These allow a high velocity jet at low fuel flow rates through one nozzle, usnally the central one,
with the second nozzle inactive. As the flow rates increases an the pressure limitations reached, the outer nozzle
is opened while the inner one is closed, the larger outer area allowing the pressure to be brought back to its lower
value. When this again approaches the pressure limit, both nozzles then operate simultaneously. These types
allow good control over a wide range of conditions and have been extensively used.

However, another solution is possible. Atomisation depends on the relative velocity of the fuel and air as the
spray forms. If the jet velocity is limited by the achievable pressure, it is possible to use a low speed fisel flow
and pass a high speed air flow across it. As the fuel nozzle area is large and direct atomisation from it is not
essential, the minimum flow rate pressure can be kept extremely low. Hence, increasing it to provide the high
flow rate does not result in excessive pressure values. This is the basis for the modern airblast type now most
commonly in use. Fuel at supplied at low pressure onto a central cone which is inside an annulus type air nozzle.
The air from the compressor passes through this nozzle, over the fuel and carries the atomised dropléts to the
combustion chamber. Introduction of the compressor air directly around this cone at high velocity provides the
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atomisation due to its shearing action on the liquid. Air velocities of about 100 m/s are necessary but these
are easily provided from the compressor flow at all operational conditions. In fact, the pressure drops in this
airstream are similar to those across the combustor liner at about 25 kPa. Another advantage of the airblast type
is that the air initially mixed with the spray prevents rich pockets of fuel from forming in the combustion region
and hence smoke is reduced. In addition, the low pressure pump required for the fuel deposition is considerably
lighter than that for the high pressures sprays. A disadvantage is that additional starting sprays are required.
Diagrams of Simplex, Duplex and Airblast nozzle types are shown on Figure 5.10.

5.4.2 Fuel introduction in SI engines

Mixture preparation

Essentially, the usual type of spark ignition engine draws into the cylinder what is, ideally, a homogeneous
mixture. In fact, true homogeneity is difficult to achieve unless a gaseous fuel is used. This is because the fuel,
introduced as a liquid by either a carburettor, throttle body or port fuel injector can enter the cylinder as a
vapour, as aitbome fuel droplets of various sizes or even, under cold transient conditions, as a liquid wall film.
The fuel droplets are transported by the aerodynamic drag at approximately the gas stream (that is, air and
vapour) velocity although, due to their greater inertia, they respond more slowly to velocity variations caused by
changes in flow area, transients due to throttle opening and closing and pulsations and backflow from the piston
motion in the region near the inlet valves. Nevertheless, their behaviour is not such as to directly cause major
timewise maldistribution although some spatial variations in mixture homegeneity has been obscrved in some
experiments. Any fuel deposition into films either on a manifold wall, a port or an inlet valve is, however, a
greater problem. Films may form either directly by impingement of the spray, or by the deposition of droplets
from the gas stream onto the walls in turbulent regions such as those which exist behind a butterfly valve, or at
bends and changes in cross-sectional area of the passageways at ports and inlet valves due to the inertia of the
droplets. Substantial re-atomisation occurs in the high speed flow through the inlet valve but re-deposition has
been noted on the piston crown and upper cylinder walls. Any surface fuel film deposit flows several orders of
magnitude more slowly than the gas/airborne droplet streams and this can cause problems during acceleration
and deceleration transients where a change in the proportion of the overall fuel supply contained in it occurs.
That is, the changed quantity of fuel in the film is transported to the engine slowly relative to the airborne fuel
and can cause severe excursions in in-cylinder air/fuel ratios which result in engine lag and stumble, reduced
efficiency and high emission levels. Port injection (as opposed to carburettors and throttle body injectors) may
reduce, but does not eliminate, these response problems. Its main advantage is better control of the fuelling
between cylinders. Also, it allows better inlet manifold design as each cylinder inlet runner can be easily
designed to have the same length, Although is more expensive, it is now the most common system.

With all these systems, further mixing and evaporation will occur in the manifold, port and cylinder during
intake and compression but complete evaporation and uniform distribution is not entirely ensured under all
conditions by the time of ignition. Currently (2001), direct in-cylinder injection {(GDI) engines where the fuel is
introduced into the cylinder as a very finely atomised spray during the compression stroke are entering the
market. Most are single fluid (ie only gasoline is injected) types and the spray must be carefully matched to the
air motion which varies throughout the spee/load range of the engine. Some two fluid, (air blast type) injection
systems are being considered as an alternative. Direct in-cylinder injection has many advantages although there
is little time for evaporation and mixing to occur prior to ignition. and so it is more difficult to ensure that the
mixture is homogeneous over the required range of operating conditions. To do this, a very finely atomised
spray is essential with a fairly even distribution over the available cylinder volume but without so much
penetration that cylinder wall-wetting occurs. A similar spray distribution must be obtainable over all speed/load
conditions and during transients where air flow patterns can vary considerably. Thus the problems related to
direct in-cylinder injection are severe.

It should be noted that it is a system which is ofien associated with a non-homogeneous mixture possibility
called the stratified charge concept which has several possible advantages. These are the DISC engines.
Stratified charge is something which is impossible to achieve in any controlled manner with manifold or port
injection systems. A stratified charge engine requires the mixture to be about stoichiometric near the spark plug
so that ignition is guaranteed but increasingly lean away from it to give high fuel economy as well as clean
burning. However, no regions where the air/fuel ratio becomes lean to such an extent that flame quenching
occurs should exist. The appropriate fuel distribution is obviously very hard to achieve. In either case,
homogeneous or stratified charge, direct in-cylinder injection is a demanding process.

Carburettors and Injectors

Carburettors were the principle means of fuel introduction for nearly one hundred vears. They are generally open
nozzle types and rely on the pressure drop across an air flow venture to draw in the fuel. This is done just
upstream of the butterfly valve as the lower air density downstream of it does not have to be considered. The fuel
flow rate is therefore controlled only by the pressure. While in their many forms, they are robust, simple and
reliable devices, they suffer from a few disadvantages. Firstly, their characteristics are not linear and at the
extremes of the range, idling and full power, additional fuel jets are required to keep the correct air-fuel matio.
Secondly, the pressure drop across the nozzle is quite low, usually less than about 2 kPa and the direct
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atomisation poor. The reason for this is that the venture throat area cannot be too small or the relatively low
pressure drop of a normal venture would increase noticeably at high air flows. Side draft carburettors that use a
sliding piston to provide a variable venturi and a needle to vary the effective nozzle orifice are an improvement.
However, atomisation is not a major problem. At closed throttle, secondary atomisation of the fuel occurs as it
passes through the gap left by the buttetfly valve while the upstream introduction of the fuel gives time for at
least partial vaporisation to take place.

The biggest problem of carburettors is that they are not easily controlled by an engine management system,
as is necessary for good emission reduction. Thus, in the late 1980s, they were replaced by throttle body (single
point, SPI) injectors. These looked much like carburettors, were usually single point injection systems and the
flow rate was more controlled. This was achieved by passing the fuel through a sliding valve situated between
the pump and injector. They had the added advantage of better atomisation as the nozzle pressure ratio was
higher, about 3:1 as they were supplied from a pressure pump, and they eliminated the small pressure drop in the
airflow caused by the venturi.

They were superseded by the multi-point (MPI) injection systems in a relatively short period. These use an
injector in the inlet port of each cylinder. Although more expensive, these provided even better control,
particularly as the flow to each cylinder could be more precisely held at the required values. This matched the
catalytic converters that were introduced for emission control that work using a very tight, air-fuel ratio window.
Their secondary benefit was that inlet manifolds could now be designed for optimum air flow and could benefit
from the wave tuning discussed in the previous section.

Early MPI systems were again continuous with similar pressure ratios to SIPI types and with the same
sliding valve to control fuel flow. However, the introduction of solenoid controlled needles allowed a more
versatile, time controlled system. With these, the injector was matched to the engine so that it was substantially
opened nearly all the time at maximum fuel flow. To reduce the fuel flow at part load, all that was required was
that the needle be only open a proportion of the maximum time. This allows the injection to be independent of
any pressure fluctuations and is the most easily and rapidly controlled system using feedback from exhaust
sensors. Thus, it is very good for emission control purposes.

MPI systems usually operate in a “batch fired” mode. Here, on multi-cylinder engines, they all fire
simultaneously regardless of the individual cylinder’s potion in the cycle. This means that the engine
management control is simple, all cylinders operating from the one signal. However, incremental gains in
performance can be achieved by “sequential firing”. Here, each cylinder receives its own signal which is timed
to the optimum in the thermodynamic cycle and can receive an individually metered quantity of fuel.

For GDI engines, higher pressure injectors are necessary. These are still being developed and it is likely
that pressure ratios of some 7 to 10:1 will be used.

Cold starts

Starting an SI engine from cold can be quite demanding. The most important aspect is that a vaporised fuel-air
ratio with reasonably tight limits above and below stoichiometric is required for ignition to occur and flame
propagation to follow. When cold, if the fuel is held at the stoichiometric ratio, much will not be evaporated by
the end of compression when the spark fires and the mixture will either not ignite or the combustion will be
erratic. Engine stumble under such conditions is a well known phenomenon. Fortunately, all crude oil derived
fuels consist of a wide range of compounds, typically up to about 50 with 15 to 20 being in significant
proportions. The lighter fractions, such as iso-butane, evaporate readily. Hence, under cold conditions, there
must be sufficient fuel so that the components that have evaporated are sufficient to provide the correct air-fuel
ratio for combustion. This means that extra fuel must be added. In carburetted engines, the choke provides this
function. In its most primitive form, it is a valve upstream of the fuel jet that is closed. The additional suction
below it draws more fuel into the inlet manifold. This has been replace by more sophisticated systems such as
additional cold start jets or revised injector on-time,

Transients

A wave system exists on opening and shutting throttle valves, as discussed in section 5.3.2. With systems where
the fuel is introduced into the manifold, they interact with the condensation, evaporation processes and cause
transient fuel/air ratio excursions which can cause engine stumble, reduced economy and poor emission levels. A
sudden opening of the throttle leaves the engine fuel lean as the additional fuel that has formed in wall films, that
is, that not vaporised or in airborne drops, takes longer to reach the engine than the increased air flow. Closing
the throttle results in the opposite, over-enrichment. Tests indicate that excursions of up to 5 to 7% variation in
air-fuel ratios can occur. The fuelling gradually returns to normal but overall, it may take 5 to 10 seconds. It can
happen in carburetted, single point and multi-point injection systems. It is necessary to compensate for these in
the fuel control system.
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5.4.3 Fuel introduction in CI engines

Fuel injection

Diescl engine injection is the most dermanding of all injection systems. In this case, the injectors provide the
atomisation and mixing, the control of the fuel quantity and the timing to start the combustion process. It is
interesting to note that this was Rudolph Diesel’s most frustrating problem in his early engines.

Fuel injection systems consist of a basic means of delivering and d;smmme fuel to each cylinder, a
method of raising its pressure to that necessary for injection and an approp Zle so that the required spray
pattern exists within the cylinder. The fuel spray must be timed correctly. In addltlon a governing system must
be incorporated so that maximum rotational speeds are not exceeded, so that the minimum idle speed is
mainfained and so that the fuel supply does not exceed the gmoke limits as the engine. changes speed and load. It
is not the purpose of this text to discuss these aspects and the reader is referred to Diesel Engineers Handbook
for detailed information.

The injector always contains a needle. This is to ensure that the nozzle does not open until the combustion
chamber pressure is exceeded by a reasonable amount and that it is closed above the chamber pressure, For
multi-hole nozzles (eg 4 hole, 6 hole etc types) where the holes are spaced around the side, the needle is internal
and its tapered head closes or opens the nozzle hole by moving down or up respectively. These nozzles spray
sideways at a downward angle (say 15°) into the combustion space. A single hole nozzle is usually a pintle type,
that is with an internal or external head like the that of a pin and it closes by moving up and opens by moving
down. The spray flows around this head and is directed in a more confined mammer into the chamber. Pintle
nozzles are gradually being replaced by multi-hole nozzles which have always been used on larger cylinders.
The small nozzle holes reguired in small cylinders have been difficult to produce but these manufacturing
problems are slowly being overcome. The Pintle nozzle is now generally only used in divided chamber (indirect
injection, IDI) engines.

In early CI engines, injection pressures of about 30 MPa were used. These have been substantially exceeded
in recent years to improve atomisation and hence combustion, increase the bumn rate and reduce moke levels.
Injection pressures in the 1990 to 2005 penod range from about 70 to 160 MPQ w1th about 110 MPa being
comunon. Note that the injector oper ~ ;
this is exceeded after the ﬂow starts. Even hlgher mjectlon pressures are now being nm'oduced

The systems may be divided into mechanical and hydraulic. Until recently, most systems were mechanical.
While unit injectors (ones where the pump plunger is incorporated into the injector itself) could achieve very
high pressures of the order of 200 MPa, they were generally used only on very large engines, for example those
for marine use. Most truck and car systems had the high pressure pump separated from the injector and the
pressure pulse effects in the connecting lines provided the pressure limitations. For mechanical systems, the
pumps to achieve this have a very low pressure delivery pump from the fuel tank (often a simple lift pump) or
are gravity fed. The high pressure pumps may be distributor pumps with a single plunger and a rotating valve
system that delivers the pump output in order to each line to the cylinders. These usually achieved pressures of
about 70 MPa and were most comimon on cars and smaller trucks. Alternatively or, more commonly in medium
to large truck engines (1 to over 2 litres/cylinder), in-line pumps were used having a separate plunger for each
cylinder. These normally reach pressures of about 110 MPa. The closely fitting pump plungers in both the above
types are driven mechanically by a cam. The fuel deliver (ie quantity) is regulated at the pump by rotating the
pump plunger about its axis. It has a relief groove, usually helical along the edge of the plunger which interacts
with a port in the casing. When the groove and port coincide, the fuel delivery to the engine stops and the extra
flow is returned to the firel tank. The plunger rotation places this cut-off limit for injection at different points in
its forward motion so that, for high power the cut-off is later. While some adjustment to the timing of the injector
as engine speed is varied, this is very limited.

In order to improve the rate of combustion and to minimise smoke emissions, finer atomisation is required.
This requires even higher pressures to give greater spray velocities and more intense shear between the spray and
in-cylinder air. There are several means of achieving this, but all use what are essentially unit injectors. They are
designed to generate high pressures and to have reasonable control of the timing. The systems are the electronic
unit_injector, (EUY), the high pres n rail (HPCR) and the low pressure, accumulator type
common rails with a high pressure unit mjector (called hydraulically actuated, electronically controlled
unit injector, HEUD).

EUI: These still use a mechanical, cam type actuator to push down the plunger but instead of being a separate
pump, it lies within the injector. Its timing flexibility comes from a solenoid operated vatve which, when open,
allows the flow to by-pass the injector nozzle and return to the fuel tank. The timing and duration of the injection
is obtained by closing this valve. Obviously, the timing cannot fall outside certain prescribed limits of the
camshaft operation. Injection pressures of around 200 MPa have been achigved. The EUI has partially decoupled
the injection from the mechanical rotation of the engine,

HPCR: The flexibility deficiencies of the EUI can be overcome by totally decoupling the injection from the
engine rotation. This can be achieved by hydraulic injectors, either the HPCR or the HEUL HPCR injectors are
now widely used on the small car diesels that are increasing in popularity in Europe as well as on trucks. The
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pump delivers fuel at high pressure to a common rail to which all the injectors are attached. For operation, a
solenoid opens a small port which allows hydraulic actuation of the main control valve. Pressure from the
common rail then deliver fuel to the injector. Timing and fuel delivery can be controlled to any points in the
cycle. This system has been developed for common rail pressures of 140 to 180 MPa. Some limitations on
development to higher pressures may apply due to the solenoid operating against extreme pressures and to the
high pressures that the common rail is subject to. Also, although the common rail has a given pressure, when the
supply valve to the injector opens, a rarefaction wave will move into the rail and a pressure pulse into the
injector. This pressurc pulse will be of lower pressure than the common rail and a simple measurement of
common rail pressure is likely to be an over-gstimate of the final value for injection.

HEULI: These, also totally decoupled from the engine rotation, operate on a different system again. They have a
medium pressure, say up to 20 to 40 MPa in the common rail (sometimes called an accumulator because its
volume is large) from the initial pressure pump and intensify this in the unit injector by use of a stepped piston.
The driving fluid can be either pressurised oil from the lubrication system or the medium pressure diesel fuel
itself applied to the large outer area of the intensifier piston. The smaller, injecting end of this piston by balance
of forces, must operate at higher pressure. The Caterpillar system commercially available is achieving injection
pressures of about 180 MPa using lubricating oil as the driver fluid while an experimental development at
University of NSW (in conjunction with a local company, EDS) using diesel oil, has reached 230 MPa. Again,
solenoid control of the injection delivery and timing is used. Thus, they are under full control by the engine
management system, In the EDS-UNSW injector, rate shaping of the leading edge of the injection pulse is
possible which helps provide improved control of any diesel engine knock. This injector can also maintain very
high injection pressure (say 160 MPa) down to very low delivery quantities of less than 1% full delivery. This
makes it very versatile and gives it the ability to match extremely well with such alternative engine types as the
dual-fuel engines. The disadvantage is that they tend to be larger than HPCR injectors although the EDS-UNSW
one is noticeably smaller than the Caterpillar and that the quantity of driver fluid used is equal to the injection
delivery times the amplification ratio. The commeon rail is also large in diesel-diesel types as it must handle much
more fuel. In lubricating oil-diesel types, a large accumulator is required for the former, and an additional rail for
the latter. Due to very tight tolerances on the amplifying piston, the injection process may not deliver fyll
pressure immediately as friction slows the piston movement. It will, however, eventually reach the set value.
This slower build-up of pressure may actually provide a better shaped injection profile.

Multiple injection pulses

Problems which beset CI engines are noise, smoke and NOx emissions. While these will be discussed further in
Chapter 8, it needs to be noted that the hydraulic injectors can substantially reduce all three. Noise is created by
diesel knock which is due to too much fuel entering the combustion chamber before ignition occurs. By using
preliminary pulses, the rate of pressure rise during combustion can be lessened and the diesel knock decreased.

Also, following the main injection, a final small injection can help burn off smoke. Thus, between 3 and 5
injection pulses, including the main pulse are beneficial. Both the HPCR and the HEUI can operate this way.
Note also that their high pressures improve atomisation and hence reduce smoke and their timing flexibility
allows better control of NOx.

5.5 REFERENCES

Annand, W.J.D. and Roe, G.E., (1974), Gas flows in the internal combustion engine, Haessner, Newfoundland,

New Jersey, USA
Archer, R.D. and Saarlas, M., (1995), Elements of Aerospace Propulsion, Prentice-Hall, Englewood Cliffs, New

Jersey.
——> Winterbone, D.E. and Pearson, R.J., (1999), Design Techniques for Engine Manifolds, Professional Engineering

Publishing, Suffolk, UK
- D-‘zsm-‘ ;E_»‘.f).‘-..(as ‘H&-‘-J\&v.;e ‘: .




Turbomachinery for engines 6

Turbomachinery is a widely used, integral part of the operation of a great many internal combustion engines.
In particular, all gas turbines use turbomachinery for both the compressors required to produce the high
combustion pressures and for the turbines needed to drive them. In a large proportion of these engines,
particularly stationary gas turbines and aircraft engines with by-pass type jet propulsion, the main power output
is via an additional turbine unit which drives a power shaft, fan or propeller. With reciprocating engines,
turbocharging is now also widely used, both on spark ignition and compression ignition types, but particularly
on the latter because there are fewer associated limitations in that application as will be discussed later. Thus, a
knowledge of the fundamentals of tutbomachinery is essential to the engineer or technologist who is associated
with the design, development or operation of modern internal combustion engines.

6.1 BACKGROUND ON TURBOMACHINES

Turbomachines belong to a class of devices which exchange mechanical work with the energy of the fluid
stream. The interchange of ﬂuld and mechanical work and power can be achieved with two basic types of
devices, these being positive ement and rotodynamic machines. The former, positive displacement
machines, have a direct relauonshlp between the movement of their surfaces and the volume of fluid which
passes through them. That is, their volume flow rate is directly proportional to an increase in speed although
the mass flow rate may vary non-linearly due to changes in density. These arc usually of the piston-cylinder
type although there are some geometrical variations of this theme. Turbomachines, on the other hand, are
rotating devices where there is an interchange of shaft and fluid power without such a direct movement/volume
relationship and a variation in speed can cause considerable, W in the yolume flow rate
These machines move the fluid and obtain or absorb their power by use of moving vanes which affect the
momentum of the fluid stream. As a class of devices, they include fans, propellers, centrifugal and axial flow
pumps, inward flow or axial flow turbines and may be either hydraulic, (incompressible fluid) or gas
(compressible fluid) types. While the hydraulic types are extremely common, this chapter will concentrate on
the gas types because they are used directly in the generation of power in internal combustion engines.

6.1.1  Velocity Triangles for Turbomachine Analysis

To obtain an understanding of turbomachines at any level, it is necessary to start with a consideration of the
absolute velocities of the flow both entering and leaving the blades. The analysis is aimed at obtaining an
assessment of the mass flow rate through the machine and the change in the velocity and hence momentum of
the fluid imparted by the blades. Each configuration will require a slightly different approach although the
general principles are the same. For example, a centrifugal machine where the flow is through the machine in
a radial direction will obtain or use power through the change in the tangential component of the absolute
velocity of the fluid flowing along the blade between inlet and exit. In an axial flow machine, the important
changes are tangential and axial at each radius of the blade. The mass flow rate in the former is provided by
the radial component of the absolute velocity while in the latter it is the axial component. These are illustrated
on Figure 6.1. It should be noted that, while these are the two limiting types, a range of intermediate (mixed
flow) machines exist in between. The essential aim of the analysis is to determine the absolute flow velocity
vectors at inlet and exit as all required velocities at these points can be derived from them by breaking them
into their component vectors.

Turbomachines can therefore be understood at a simple level by the use of velocity vector diagrams at the
inlet and exit to the blade. Generally two velocity triangle diagrams can be drawn at each position. The first of
these diagrams sums the local blade velocity and the flnid velocity relative to the blade vectorially to give the
absolute fluid velocity. That absolute velocity may also be broken using a second vector triangle into two
components, radial and tangential in the case of the radial flow machines and axial and tangential in the case
of the axial flow types. This is illustrated on Figure 6.2. The two triangles are often superimposed giving a
diagram of complex appearance but, as long as the origin of their construction is understood, this single
diagram is simple to use. In both the above cases, the tangential component provides the rotational momentum
(that is, moment of momentum) while the other component generates the flow through the machine. The
change in the moment of momentum of the absolute fluid velocity between inlet and outlet of the blade uses or
produces the torque and hence the shaft power.
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Figure 6.1 Flow and torque development in centrifugal and axial type turbomachines

Construction of these basic diagrams is very simple and examples are shown on Figures 6.3 and 6.4
respectively for the radial and axial flow cases. One assumption made is that the fluid velocity relative to the
blade impinges and exits in the direction determined by the blade angle. If the fluid enters at a different angle
to the blade, a separated region will occur just behind the leading edge resulting in flow losses as depicted in
Figure 6.6. This can and does occur, particularly in off-design conditions. Therefore an important aspect of
turbomachine design, particularly in devices where the power transfer is high, is the minimisation of these
losses throughout the rotational speed, flow rate range. This is achieved by appropriately adjusting the flow
direction by, for example, the use of inlet guide vanes. Simple turbomachinery analysis does not take such
separated flow into account and the required, loss-free inlet condition is usually termed “shackless”. This has
nothing to do with the formation of the shock waves discussed in Chapter 4 although it is possible for true
shocks to form in turbomachinery flows. The term is perhaps unfortunate but it is in common usage and

therefore will be adhered to here.

Radial :
Absolute velocity or fodal Absolute velocity
Relative Velocity v
‘ "+ o
Component Angle of absolute velocity
Blade BAngle Vi (Guide Vane Angle) Y
Blade Velocity Tangential (whirl) Component
Vb ! ! Vw
v
Vi
Viw Vb
COMBINED DIAGRAM

Figure 6.2 Construction of velocity triangles for turbomachinery flow
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Absolute Velocity, v Blade velocity, V o
Radial or Axial Component, v, Relative Velocity, v ,
Tangential Component, v, Blade angle,

Absolute flow direction angle, y

Figure 6.3 Velocity triangles for an inward flow radial turbine

Another assumption that is often made is that the flow from inlet to exit is frictionless which implies that the
flow velocity can be taken as constant (that is, the velocity profile is a *plug” flow) across any particular area
under consideration. It is also often, although perhaps less frequently, assumed that the blade thickness is very
small and the total space through which the fluid flows is a function of only the radius and the blade width ¢(for
radial machines) or the inner and outer radii (for axial machines). However, these areas can easily be modified
by simple geometric calculations for the effects of blade blockage to give 2 more accurate analysis.

Given the above assumptions, the triangles drawn on Figures 6.3 and 6.4 represent a vectorial addition of
the velocities as follows:

V =V, + V, 6.1
abs;m " "

fuid € blade  fluidvelocity

a velocity  relative toblade

velocity

When the absolute velocity is further broken into the two components normal to each other, (these being the
tangential and radial components for radial machines or the tangential and axial components for axial
machines as discussed above), the absolute velocity can again be expressed by a vectorial addition.

V.= Vv, + Vv, 6.2)
absoTuIe = iy
fhrid tm'; g?;ﬁ(alhi 1 radialoraxial
. velocity( whiri loci
velocity component ::mpglg;g‘m")

The whirl component rotates the fluid about the axis and therefore transfers the moment of momentum to shaft
torque but it does not cause the flow to progress through the machine. This is a result of the flow component
normal to it. The equations are normally expressed graphically and, because information required for their
construction may not be sufficient for either to be completed individually, the superposition of one on the other
provides a simple solution. It should be noted that three quantities, either one length and two angles, two
lengths and one angle or three lengths are necessary for the triangle set to be completed.
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Figure 6.4 Velocity triangles for an axial flow turbine

The mass flow rate through the machine is related to vy in the usual way.
m=Apv, (6.3)

where A is the cross-sectional area normal to the velocity component vg. The blade velocity can be found by

using the angular velocity of the rotor and the radius to the appropriate point on it:

V=10 (6.4)

In addition, a blade angle may be specified. Thus, three pieces of information are available although other sets
may be specified in different cases. The torque t created by the whirling fluid can now be determined. Note that
the sign convention used here is that turbine work (out) is positive, compressor work (in) is negative:

r=(rrv,, ), ~(irv,,),,,
=ril(rv.,), ~(v.).0.) (66)

=r(r,v,, -(r2, v, )|

That is, the torque can be related to the change in the whirl velocity, the mass flow rate and the geometrical
factors (radii) associated with the machine. The first two can be determined from the velocity triangles as

described above. Other quantities, power W and theoretical head (called the Euler head, H.) across the
machine, can now be easily derived as follows.
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Figure 6.6 Incorrect flow incidence on a blade

W=tw
=mo [rlvwl —rszz] (6.6)
=ti1[Vb1Vw1 ViV

e (6.7)

1
z"g_[vblvwl ‘Vbszzl

The actual head across the machine may differ somewhat from the Euler head due to fluid flow losses, being
slightly more in the case of a compressor and slightly less in the case of a turbine. The ratio (of the lower to the
higher value in each case) is known as the hydraulic efficiency and represents the ability of the machine to
utilise the moment of momentum change of the fluid. It is not the same as mechanical efficiency which is due
to friction losses in such things as the bearings and which must be accounted for in a similar manner but by a

separate term,

6.1.2 Turbomachinery Types
Centrifugal (radial) flow machines

These are commonly used in the small to medium size range and are popular because of their simplicity and
robust construction. Compressors (or pumps) have the flow entering at the centre and flowing radially
outwards while turbines are radial inflow devices. The blades may be backward swept, straight or forward
swept as appropriate for the design purpose. These are illustrated on Figure 6.6 with a compressor as an
example. It can be scen that, with the backward swept blades, the absolute velocity becomes relatively smaller.
That is, the energy is converted from kinetic to pressure energy which results in fewer losses in the downstream
diffuser section. In most cases, a high pressure is preferred to a high velocity and backward swept blades are
preferable. Straight blades are simpler to construct and are mechanicaily strong and so are frequently used
while forward facing blades are uncommon and are only used where a high exit velocity at low pressure, as for
example, in a fan, is required.

(b) Axial Flow Machines

These are more commonly used for high pressure ratios because they are very suited to multiple staging. Also,
in aircraft engines, they keep the cross-sectional area low which is important in drag reduction. The stages
usually consist of a stator row followed by a rotor, the former directing the flow at the appropriate inlet angle to
the latter. The stator rows may be adjusted to cope with different flow rates. The advantage of the axial
machine is that the flow can pass directly from one stage to another without having to pass through long highly
curved passages with associated losses. The blade rows are often referred to as impulse or reaction blading
which are the two extremes of the range. With impulse stages, the velocity relative to the blade remains the
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Velocity Triangles showing the difference in absolute velocity
for the same blade velocity and flowrate
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FORWARD SWEPT BLADES STRAIGHT BLADES BACKWARD SWEPT BLADES

Figure 6.6 Forward, straight and backward swept blades on a radial flow compressor

same as it passes over it with the work being obtained or added by the change in flow direction. That is, from
the energy equation, a pressure change occurs across the stage. With reaction staging, the pressure remains the
same and the velocity changes. This is achieved with a change in the cross-sectional area of the flow passage

through the blades by shaping them.
6.1.3 Dimensionless groups
Groups for compressible and incompressible flow machines

Similarity techniques are often applied to turbomachines. In order to do this, the machines must be
geometrically similar and have similar velocity triangles for the flow at inlet to and exit from the blades. The
basic variables are as follows although it should be noted that others may be considered for specific purposes
such as cavitation,

Volume flow rate 9 m3/s
Rotational speed N rad/s
Size (diameter) D m
Head H m
Power W w
Fluid density p kg/m3
Fluid viscosity (absolute) p kg/ms
Fluid viscosity (dynamic) v m2/s
Gravitational constant g m/s2

The dimensionless groups (it will be remembered from basic fluid mechanics that these are called Ils) are
obtained from these. In this case there are 6 of these groups, labelled ITj to Il respectively. They are:

9 g H W _ND°
ND*’ N:D’ D’ pD°N*" v

H
The second group is often replaced by I =# which is obviously a combination of IT) and IT3. The ITy

group is an efficiency term and the denominator can be also recognised, noting that v is proportional to ND, as
pD2v3. This last may be further modified to mv? which is itself proportional to mgh . The fifth group, ITs, is
the Reynolds number which is used to account for viscous effects. Plots of head and efficiency are ofien given
against flow rate using these groups. These plots can therefore describe the characteristics of similar machines
of different sizes and speeds.

As well as the re-arrangement of I, it is ofien convenient to express speed in terms of either a volume flow
rate (for a pump or compressor) or the power (for a turbine) and head (for both) all having one unit value. That
is, the size of the machine is not considered. When this approach is used, the group designating the machine
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speed is referred to as the specific speed. To produce an appropriate group of this fype, the ITg and either the
IT; or IT4 groups are combined to eliminate D. This gives:

T7 = specific speed for a pump, Nsp

N 0.5

(gH)"”

Ig = specific speed for a pump, N,

_ Nw)’
p**(gH) ™

Finally, in practice, the gravitational constant is often neglected simply for convenience because it is unlikely to
vary in any significant way. This gives groups which, although having dimensions, can be used similarly for
comparative purposes. These are;

Ng’’

. 5
N{wW
and Hm 2‘[:0—%2?

Typical plots of turbomachinery characteristics are shown on Figure 6.7. Classification of turbomachinery by
use of specific speed is shown on Figure 6.8.

Overall Cverall
Efficiency Efficiency

‘._..-—HEadH 6
—aa— Head TI,

> AN

Power I1
4 Volume Flow Rate T1 1
VOLUME FLOW RATE |1 ] POWER 11 4
TYPICAL PUMP CHARACTERISTICS TYPICAL TURBINE CHARACTERISTICS

Figure 6.7 Some typical turbomachinery characteristics
Compressible flow machines

Compressible flow turbomachines are of primary interest in engines as these are the types associated directly
with the production of power. Here, an analysis gives an identical set of groups to those discussed above for
incompressible machines with the addition of other groups which will be now developed from the extra
variables related to the incompressible flow. These are:

pa, kPa
K

Inlet pressure

Inlet temperature

Pressure ratio for the machine
Temperature ratio for the machine
Gas constant

w3 g 2o

JkgK
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Figure 6.8 Compressor and turbine types. Typical classification by specific speed

The R and T terms are usnally placed together as RT. In addition, the volume flow rate ¢ used with the
incompressible machine is best replaced by the mass flow rate /2. An efficiency term is usually included as n
which is already dimensionless. In conjunction with rotational speed N and size (diameter) D, the additional
groups are then:

'WNRT; Q/ZRT;
Hazm—l—)z—a Hb:W= O.=r,, ;=r,, II, =71
D

As the gas is normally either air or a mixture predominantly consisting of air with other vapours, the gas
constant is often neglected giving groups with dimensions as follows:

_mJT o _ND
topp?T T

Note that Iy, is proportional to the Mach number of the blades, the most critical position being their tips
whereas I, is related to the flow. For a given machine, the diameter is fixed and so it also is often deleted
from the above groups when they are used for conventional plots of the machine characteristics. That is, the
groups most commonly used have dimensions and are:

mAT N

HazT’ Ny=—r=, Il =rp, My=ry, I ,=7

T

Typical plots (or maps) for a compressor and turbine are shown on Figures 6.9 and 6.10. 1t is usual to plot
either the pressure or temperature ratio against I'l, as the axes with lines of constant I, shown as contours.

I1 , . =r,, Il14=r,, Il =n
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Figure 6.9 Typical map of compressor characteristics

On the compressor map of Figure 6.9, a surge line is shown. For operation to the left of this line, an instability
in the flow manifests itself. That is, the surge line represenis a demarcation between steady flow (to the right)
and an unsteady condition (to the left). The unsteadiness, called surge, exists only where the Mach number is
high enough for the flow to have compressible characteristics which is when the Mach number is above about
M=10.2100.3. The cause is the flow periodically separating and reversing from the impellor surfaces causing
an oscillation or surge which reduces performance. In a multi-stage machine, surge will propagate backwards
from the last, high pressure, stage which stalls first thereby exposing the previous stages to the high pressure.
This induces stall progressively in the blades forward through the system. As the downstream pressure then
falls, the flow becomes re-established in the normal direction. This phenomenon can then repeat as surging. It
is well known, however, that surging is not confined to multi-stage machines and exists similarly on single
stage compressors, the stalling occurring progressively back across the single stage.

On the right side of the compressor map, another limiting phenomenon occurs. Here a high mass flow rate
increases the velocity and the flow moves towards the choked condition. At choking, any increase in rotational
speed cannot increase the mass flow rate further and the speed contours therefore tend towards a common,
vertical line. As choking is approached, the efficiency falls off creating efficiency contours which lie with their
axes close to the surge line. These contours appear on the map as islands because, at or very near to surge, a
decrease in mass flow rate causes a fall in efficiency and to the right away from the surge line, the high Mach
numbers which occur close to choking also reduce efficiency. Thus the oval contours represent efficiency
which increases towards the centre of the map. A high turbomachinery efficiency is most important for gas
turbine (and turbocharged reciprocating engine operation) as discussed in Chapter 2.

The turbine map looks somewhat different (Figure 6.10) although there are many similarities. There is no
surge line for a turbine because the flow has a favourable pressure gradient rather than the adverse one for
compressors, but choking is an even more important phenomenon. This may occur in the turbine nozzle which
is either the connecting passage from the volute casing to the rotor in the case of inward flow radial turbines
with no gnidevanes or in the stator nozzle blades. The latter are used on some radial flow turbines, particularly
the larger variety and on axial flow types. Indeed, in the axial flow turbine, the convergence of the N/NT
contours towards a single, vertical, choked line is the dominant feature. The speed contours are close together
throughout which sometimes restricts the ability to use the same diagram to show the oval efficiency islands.
The radial turbine characteristics are not so tightly packed and more flexibility in their diagrammatic
presentation is possible.
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Figure 6.10 Typical map of turbine characteristics
6.1.4 Determination of real flow effects

The cross-sectional shape of a blade of a turbomachine is an aerofoil profile. For flow over any aerofoil,

whether it is stationary, moving in simple translation or rotating, real flow effects become apparent. These, in
particular, manifest themselves in the phenomenon called "stall". Consider the flow depicted on Figure 6.12.

Here the flow impinges on the blade in such a direction as to provide a "/ifi" force which will move the blade in
the required direction. The angle between the flow and the chord of the aerofoil is termed the “angle of
attack®. As the angle of attack increases, the lift increases but so does the drag, which is the force normal to
the lift. These forces are usually expressed as lift and drag coefficients, Cy, and Cp respectively as follows:

— I
_1/ .
i 6.8)
- Iy
pv?
Here Fy, and Fpy are the lift and drag forces per unit area respectively and p and V are the flow density and
velocity.

L

D

Coefficient
of Lift, (.‘.L
and Drag, Gy

Lift curve

Drag curve

Angle of Attack, a
Figure 6,11 Effect of stall on the lift and drag coefficients of an aerofoil

As the angle of attack increases, so does both the lift and drag coefficient as would be expected from the greater
change in direction imposed on the fluid . However, at a limiting value, the scparation of the fiow behind the
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aerofoil causes the coefficient of lift to fall while that of drag still increases. At this point, the aerofoil is said to
be stalled. A typical diagram showing this trend is given on Figure 6.11.

Drag is due to viscosity whether directly as in skin friction drag or indirectly in that it canses separation of
the boundary layer with consequent insufficient momentum for the pressure to be regained behind the object. It
should be noted that, as the flow in a compressor is from a low to a high pressure region, it is slowed by the
adverse pressure gradient and the boundary layer is more prone to separate than in a turbine where the pressure
gradient aids the flow. The effects are best determined experimentally. For the flow over such things as
aircraft wings, isolated acrofoils can be (and have beenextensively) tested and a great deal of data is available,
for example from NACA (USA), British C series and German Gottingen sections. However, for
turbomachinery, the blades are in close proximity to each other and therefore interact with noticeably different
results. Hence, in general isolated acrofoil data cannot be used with any great accuracy and other test
procedures have to be adopted. This is best determined in terms of a "solidity ratio" defined as follows:

chordlength

solidity =
pitch

where chord length and pitch are as designated on Figure 6.12. For solidity values in the following groups,
different data or approaches are possible.

APPROXIMATE SOLIDITY RANGE APPROPRIATE DATA OR THEQORY
0.6-1.0 Isolated aerofoil data
10-16 Cascade data
16 - — Channel theory

Isolated aerofoil data is obtained by testing a single, representative aerofoil in a wind tunnel. Cascades are a set
of similar blades, usually at least six, which are set up on a fixed frame at the appropriate pitch. This cascade
is also tested in a wind tunnel and changes from the isolated aerofoil data due to the interference effects are
detectable. Simple cascades as shown on Figure 6.13 are most commonty used and represent a small section of
the total blade system. However, they can be arranged symmetrically around the periphery of a circle if desired.
Systems with very high solidity are very rare and test data is generally not available. However, as the high
solidity tends to isolate the passageways between the blades, theoretical approaches based on viscous channel
flow can be used.

In real flows, losses other than those due to the blade profile exist and should be noted. These are illustrated
on Figure 6.14. It can be seen that a boundary layer exists on both sides of the passageway due to the base
annuius to which the blades are fixed and to the outer casing. This boundary layer can extend considerably into
the flow, particularly in the later turbomachine stages. The effect from it is referred to as annulus drag. Three-
dimensional flow losses also exist due to a vortex shedding at the exit of the blades and secondary flow can
exist in the cavity between blades introducing additional frictional effects at the blade wall. At the blade tips,
the sealing is never perfect and some leakage occurs from the high to the low pressure side of the blade. All
these combine to make the design, in practice, of turbomachinery much more complex than a simple, loss-free

theory would indicate.

CHORD, G PITCH, P

SOLIDITY, §=C/P

Figure 6.12 Geometry of a group of acrofoils
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Figure 6.14 Losses in blade rows in cascades or turbomachinery
6.2 TURBOMACHINERY EFFICIENCY
6.2.1  Overall isentropic efficiency of the turbemachine

For analysis, turbomachines are usually assumed to be steady flow devices with the steady flow energy equation
(SFEE) applying. As the stage length is short, any heat transfer is small compared to the energy of the flow

and is neglected, as are changes in potential energy. Hence,

w:(h1 +v,*/ 2)—(h2 +v,” / 2)
=hy, —hy, 6.8)
= Ah,

which is the change in stagnation enthalpy. The change in kinetic energy per unit mass is also usually small
and the above is often written simply as change in enthalpy, Ah.

It is usual to assume ideal gas behaviour and to neglect the kinetic energy terms to give a simple analysis in
terms of pressure ratios although the latter may readily be included if so desired. That is, the following
temperatures and the pressure ratio may be used to represent the stagnation values. Following this procedure,
the equations for work for a turbine w and for a compressor w become:
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wr=c, T, (1-1,/T})

_ 1 (6.9)
=erl, []‘, = J

P
and

w.=c,T, (rp(y_l)lr —~1) (6.10)

The compressor work is shown in the usual way for cycle analysis here which is positive, not negative as
generally used in this chapter. It must ne subtracted from the turbine work for the cycle analysis. Note that the
pressure ratio, I is py/py for the turbine and p,/p; for the compressor in the above cases. Once included in a
cycle analysis, the nomenclature for the subscripts will be different. A general way of treating adiabatic
turbomachine stages is to assume an isentropic efficiency which, as defined previously, is:

Compressor isentropic efficiency

_work fortheidealisentropic process

[

work fortheactual process

% :h2s_h1s (611)
h,—h,

2
-T,
Lt Joranidealgas
-1

Turbine isentropic efficiency

_ work fortheactual process
work fortheideal process

T

1o 6.12)

:I‘———T—;—~ foranidealgas
s f2s

Note that both the ideal and actual processes are adiabatic. The subscripts 1 and 2 represent the beginning and
end of the respective compressor and turbine processes respectively and s represents a change taking place
isentropically.

6.2.2 Small stage efficiencies

In order to betier understand these isentropic efficiencies, another efficiency, is defined in exactly the same
manner but for an incremental pressure rise Ap instead of the overall change which is, say py - p;. That is, the
overall compression (or expansion) process is made up of a large number of these stages each of pressure rise
Ap. These are usually termed "smail” stage and have an efficiency related to them. A compression process
made up of several of these Ap pressure rises is shown on the temperature-entropy diagram of Figure 6.16. It
can be seen that the temperature at entry to each succeeding stage is higher than that for the equivalent
isentropic process because of the inefficiency which manifests itself as an entropy increase in the previous
stage. For each stage of the actual compression process, either more work is required than for the isentropic
process or, for the same work, a lower pressure ratio is achieved. Assuming the working substance to be an
ideal gas, the overall isentropic efficiency and the small stage efficiency can both be expressed in terms of
temperature change, AT.
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Figure 6.16 Diagram depicting effect of a number of ‘small’ stages on isentropic efficiency of a compressor

That is, isentropic efficiency is:

=AT(1—2s)
AT(l—z)

(Tz -1 )s

Now assume a number of small compression stages, 1 - A, A - B, B - C, etc of equal small stage efficiency.
Here, the small stage efficiency is:

7.

ATy 4
ATy )

— AIEA—BJ)
AT(A—B)
=similarterm foreachstage

7

(6.14)

The overall work is:

W:Cp A]T(l_z)

(6.16)
=, (AT +AT ) +ATy ).....)

1
or AT(1—2) =77_(AT(1—AS) +AT(A—-Bs)+AT(B—Cs) ------- ) (6.16)

5

On a T-s diagram, the lines of constant pressure diverge as they move to higher temperature and entropy
regions giving larger changes of temperature for the isentropic process across that pressure change. Hence, for

example:

AT 45> AT o) (6.17)
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he s outside the bracket indicating that the change a - b is isentropic. This gives:
A]}]—As)+AT(A—Bs)+ ........ >AT(1—a)s +AT(a—b)s+ ........
>A]1(1—a)s
7, AT >1, AT
7, >7,

(6.18)

In sammary, the overall isentropic efficiency over a finite pressure ratio must be less than the small stage
efficiency of the pressure rise elements which constitute it. For a turbine, the opposite is the case and it can be
shown, using similar reasoning, that:

ns<n, (6.19)

Essentially, this is because the isentropic inefficiency associated with the stage reduces the temperature drop for
that stage giving a higher inlet enthalpy to the next stage. The possible work output attainable is therefore
increased. The turbine effect is sometimes referred to as a re-heat factor while the compressor effect is called a
pre-heat factor.

The above gives a simple, physical explanation of the phenomenon. Although turbomachines actually
consist of a number of discrete rotating blade stages with stationary, (stator) blade stages intervening, it can be
assumed for a mathematical treatment that the compression or expansion processes proceed continuously
through all stages. This leads to the idea of an “infinitesimal" stage with a pressure rise, dp and an efficiency
associated with it. A mathematical relationship between the overall and infinitesimal stage efficiencies can

then be obtained as follows.
The infinitesimal stage efficiency for a compressor can be defined similarly to the small stage efficiency as:

L
P 6.20
dT {6.20)
the subscript s referring to the isentropic process while the unsubscripted value refers to the actual, adiabatic
one. Substituting for dTg from the normal isentropic relationship between temperature and pressure and re-

arranging gives:

dT (y-1)4,
__—_—Q'_)_E 6.21)
T ner p
Integrating both sides now over a finite temperature and pressure range, Ty to T, and p; to py gives:
(r-1)/(ns7)
_Ti_:[_l}z_} (6.22)
T, | »
(r-1)npr)
7,-T =T, [ﬂiJ 1 6.23)
P

But, for the overall process, the temperature difference can, from equation 6.11 be expressed in terms of the
isentropic efficiency, nc. That is:
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T, -1,
TZ _]’; — 2s 1
n.
(7_1)/7 (624)
= ]11 |:p_2} -1
77{: pl
Comparing T, - Ty from equations 6.27 and 6.28 and re-arranging then gives:
-1y
e 1
_LP
= (r-1) 77 (6.26)
123 1
2
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Figure 6.16 Variation of isentropic efficiency of a compressor with pressure ratio and infinitesimal stage
efficiency, (isentropic index, y = 1.4)
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Figure 6.17 Variation of isentropic efficiency of a turbine with pressure ratio and infinitesimal stage
efficiency; (isentropic index, y = 1.4)
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T}lat is, the isentropic efficiency can be calculated using eqn. (6.26) from the infinitesimal stage efficiency for a
given pressure ratio and isentropic index. A similar result can be obtained for a turbine and is given in egn.

(6.26).
S-1)
1_{:22"]7 (-1)y
P

-1)/r
G
F4

Note that the pressure ratio D is py/p; for the compressor and p;/p; for the turbine. That is p,>p; in eqn.
(6.26), p<p: in eqn. (6.26).

Typical relationships are shown on Figure 6.16 and 6.17. The importance of these lies in demonstrating the
way the overall isentropic efficiency of the turbomachine varies with the pressure ratio. In a compression
process, moving to a higher pressure ratio reduces the isentropic efficiency while, for a turbine, the opposite
occurs. This shows why compressor development has been regarded as critical in the development of gas
turbines even though, as pointed out in Chapter 2, a turbine efficiency reduction has a larger effect on the
overall thermal efficiency of the engine.

As the turbomachinery is generally broken into a number of finite stages, and each of these is likely to have
a known stage efficiency, it is worthwhile considering the modification of the above equations for this purpose.
If it is assumed that there are m stages with each stage having an equal pressure ratio given by rpg and a stage
efficiency of ng, the appropriate relationships are:

Mr= (6.26)
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As the number of stages increases, this stage efficiency will approach the infinitesimal stage value. Typically,
for m > 6, the difference in the two is small enough to be neglected.

63  TURBOMACHINE AND ENGINE CONFIGURATIONS

The effect of turbomachinery on engine cycles has been dealt with briefly in Chapter 2. However, the overall
relationship between the turbomachinery, combustor and work producing elements needs to be considered in
more detail. That is, the tarbomachine/engine needs to be examined as a system.

A great many configurations are possible, the conventional gas turbine and turbocharged reciprocating
engine providing the opposite ends of a spectrum. That is, the gas turbine is a system where the combustor is a
hot gas generator only with the expansion in the turbine (or jet nozzle) producing both the work to drive the
compressor and the nett output. With the tarbocharged reciprocating engine, either SI or CI, the turbine and
compressor merely enhance the mass flow rate through the combustion chamber which is itself integral with
the element (that is, the reciprocator) which provides the nett work output. In these devices, no work is
available from the turbine other than that required to drive the compressor. It is immediately obvious that an
intermediate system is possible, this being a compound type where the exhaust gas energy from the reciprocator
is in excess of the compressor requirements and is sufficient to justify an additional turbine to enhance the
useful work output of the reciprocator. A number of configurations are possible with the compressor work and
nett work coming from some combination of either the reciprocator, turbine or both. This type of configuration
may in fact be considered to be the general configuration. That is, it tends towards the gas turbine as the work
extracted directly in the combustor via a reciprocator becomes smaller and the turbine work larger and to the
normal, turbocharged reciprocating engine when the opposite occurs. The choice is usually one or other end of
this spectrum for reasons of both cost and simplicity of construction and control. As a general proposition, the
best balance of extraction of useful work between the two devices, the reciprocator or the turbine, will depend
on the size and the operating conditions for which it is designed and, in theory, some sort of compound system
would be optimal in many cases. However, one important factor which works against a compound system is
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that the optimal rotational speeds of the piston/crank reciprocating device is much less than those of turbines.
Integrating these into a suitable, single output shaft is therefore difficult and can only be achieved with the use
of high ratio gearboxes which are heavy, costly and reduce efficiency. An alternative is to use the reciprocator
to only drive the compressor and the turbine only for nett work output but, while this has been comsidered, it
has not been used in practical applications.

Three systems will therefore be discussed, these being the gas turbine at one end of the range and the SI and
CI engines at the other.

6.3.1 Gas turbines

As discussed in Chapter 2, the basic limitations on the pressure ratios which can be used are those related to the
effect on the overall efficiency of the individual turbomachine component efficiencies and on the maximum
turbine entry temperature allowable because of metatlurgical considerations. With modern aircraft gas
turbines, pressure ratios of up to about 46:1 or even higher are possible. To achieve these, axial flow
compressors with about fifieen to twenty blade rows in three stages are used driven from two or three shafts
each rotating at different speeds. Turbine units are also axial flow with about six blade rows in the two or three
(that is, one per shaft) stages. Typical rotational speeds for the very large engines of around 300, 000 N thrust
are 6,000 rpm for the highest speed shaft, 2,000 rpm for the lowest. To allow for operating conditions
throughout the range, various bleed valves are incorporated between compressor stages. Two-shaft engines
require morq.ﬁﬂow adjustment of this type than do three-shaft but are mechanically simpler and likely to be
lighter. While combustor design is always a difficult task in a gas turbine, the high inlet pressure and
temperature present no difficulties other than mechanical strength problems. In fact, they aid the combustion
Pprocess.

In smaller gas turbines, the centrifugal (radial) compressors which were used on Whittle's original
machines are still occasionally considered for special purposes. However, the difficulty in multi-staging limits
their applicability to high pressure ratios and they are predominantly used in low cost, robust, low pressure
ratio machines.

6.3.2 CI engines

Turbocharging is very compatible with CI engines, rotational speeds for the compressor commonly being in the
range 40,000 to 80,000 rpm, Compressors normally used in this application are radial types with some initial
axial flow component. Peak pressure ratios up to about 3:1 are used in high output varieties although around
2:1 is a more common value. The blades are usually straight (that is, without sweep) becanse of the greater
strength of this pattern although at very high pressure ratios, some backsweep may be provided. The radial part
of the blade is usually preceded by a short axial section, normally termed the inducer, but the pressure rise takes
place predominantly due to the gentrifugal compression in the impeller. The inducer and impelier are normally
made as a single unit in small to medium size compressors but in large marine or stationary engines, are often
separate sections. In general, inlet guide vanes are not used but there are some examples of this at the large,
high output end of the range. Although vanes in the diffuser section improve the diffuser efficiency, vaneless
types are normally used except on large, high output units where the greater initial cost is justifiable. The
turbines are radial inflow types for small (road vehicle) engines as these provide a simple, low cost, robust
solution but are commonly axial flow for larger types.

The most useful operating range for a heavy transport vehicle engine operating at high load is between the
points of maximum torque and maximum power. Consider the case of a heavily loaded vehicle approaching an
increasing grade with engine speed falling from an original value near to that for its maximum power. When a
turbocharged engine is compared to a naturally aspirated type of the same power output, the characteristics of
the power and torque curves will be quite different. With the latter, the shape of the torque curve, and hence
the power curve, is dictated principally by the rate at which the volumetric efficiency falls off at speeds above
maximum torque and by the longer time available per cycle for heat transfer at the lower end of the range.
There are additional effects with the turbocharged engine. It is clear that it will have a reducing turbine speed
due to the falling exhaust gas mass flow rate as the engine speed is lowered and therefore a lower pressure ratio
will be available from the compressor. That is, the mass flow rate through the engine falls due to the reducing
engine volumetric flow rate which always occurs with engine speed reduction and is the same as with the
naturally aspirated engine. Additionally, it falls with the reduced density. The fall-off in power of the
turbocharged engine is therefore more noticeable, the power and torque curves being peakier and the engine
less flexible. This can be compensated for by the use of a gearbox with more speeds which allows engine speed
in a more limited range to match road speed. Tt does, however, add to the expense of the turbocharging option.
An alternative is to somehow maintain a high turbine speed as the gas throughput reduces thereby keeping the
compressor speed and hence pressure ratio high. Turbine speed can be increased for a given exhaust gas. flow
rate by changing the inlet guide vane angles or reducing the nozzle area of the turbine thereby giving a high
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velocity head at impeller inlet. This increases the turbocharger speed producing the desired result. However,
too small a turbine nozzle results in choking at higher flow rates and hence limits the maximum
turbine/compressor speed and inlet density at the high end of the range. The only way both the high and low
flow rate ranges can be properly optimised with a single device is by use of a variable nozzle area. While the
theory is clear, producing a workable device is a major challenge. Some work has been carried out on variable
geometry radial turbines but they are essentially still in the developmental stage.

The combustion in a CI engine is enhanced by the compression of the incoming charge. This is because the
higher pressures and temperatures shorten the ignition delay time and reduce the tendency for diesel knock to
occur. The engine compression ratio can therefore be maintained at its original level and the basic cycle
thermal efficiency is unchanged. The improved combustion characteristics may, in fact, increase the burning
rate reducing the thermodynamic loss in the cycle associated with slow heat addition. Because the diesel
engine draws in air only, an intake flow in excess of the trapped air requirement may be used to ensure
complete scavenging of the exhaust gases. This reduces their effect as a diluent, a factor which also slows
combustion, and is particularly beneficial to two-stroke engines where good scavenging is difficult to obtain
with naturally aspirated engines. Additionally, the higher mean effective pressure ensures that friction becomes
a lower proportion of the indicated work. In other words, there are many advantages in turbocharging CI
engines and the process has become extremely widespread. In many cases, an aftercooler (sometimes called an
intercooler), which is a heat exchanger using either air or liquid coolant as the medium, is installed between the
compressor and engine. This further increases the intake density for a given compressor pressure ratio and
gives an additional potential power gain. Typical plots of density ratio versus pressure ratio are shown on
Figure 6.18. Many manufacturers produce several varieties of the one base engine with increasing power
outputs, these being a naturally aspirated, a turbocharged and a turbocharged/aftercooled version.

35 7
3+ —a— Is.Eff 6,n0 cooling
= 25+ .
© —a— [s.Eff .8,n0 cooling
E 2 .
2 151 —o—IsEff 6, coolto
& (T2-TD/2
05 + —e—Is.Eff .8, coolto
' (T2-T1D/2
0 +—————t————+— Coolto T1
1 12141618 2 22242628 3
Pressure Ratio

Figure 6.18 Effect of isentropic efficiency and intercooling on the density ratio obtainable across a
turbocharger compressor, (isentropic index, y = 1.4)

Tmproved efficiency occurs for operation at both full and part throttle because the engine is controlled only by
changing the flow rate of fuel. While, as pointed out above, the reduced exhaust gas energy at part-throttle will
cause some reduction in compressor pressure ratio, the overall engine cycle comtinues to operate at high
pressures. Thus turbocharging is beneficial over a wide range of conditions. There are, however, some
disadvantages in turbocharging CI engines, these being predominantly the increased mechanical and thermal
loadings due to the higher pressures and the greater energy throughput for the system.

6.3.3 SIengines

SI engines are more difficult than CI types to turbocharge for a number of reasons, the principal being that the
increased pressures and temperatures increase the tendency for end-gas autoignition (SI knock) to occur. This
can, to some extent, be offset by use of an aftercooler but is usually controlled by a reduction in compression
ratio (of several points from, say from 9 or 10:1 to perhaps 7 to 8:1), by spark retard or both. All reduce the
engine cfficiency. The latter allows different departures from the desired timing to be used at different
operating points for the one engine and, at some conditions, the optimum timing may be possible. Timing can
be handled by the electronic engine management system of the engine and efficiency reduction can be
minimised. It is therefore the preferred option where possible. However, in most cases, some reduction in
compression ratio from the equivalent, naturally aspirated version is necessary and a fall in efficiency of the
basic thermodynamic engine cycle must result. This is usually offset at full throttle because of the higher
pressures throughout the cycle and therefore the proportionally lower friction losses. However, unlike the
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diesel (CI) engine, this advantage is not maintained at part load. Here, the engine control requires a re@uced
flow rate of both fuel and air by throttling. Throttling reduces the air density which is the o?pwlte of
turbocharging. There is the same power demand as long as it is within the naturally aspirated engine range.
Therefore, if a naturally aspirated engine used in a particular vehicle is turbocharged, additional throtthng is
required to offset the turbocharging density increase at these part load operating points. This additional
throttling, coupled with likely compression ratio reduction means that the part load efficiency will always be
lower than that for the original engine. The advantage of turbocharging is that maximum power and the
related efficiency will be increased but not the efficiency throughout the range. However, an overall efficiency
advantage over a naturally aspirated engine is likely if the original naturally aspirated engine is replaced by a
turbocharged one of smaller capacity but the same maximum power. Here the advantages of the high engine
loading will be maintained at part load.

The turbochargers used in SI engines are small, very high speed devices. Typically, the desired pressure
ratio will be about 1.6:1 maximum with 2;1 being used only on very high performance engines. Rotational
speeds of 60,000 to 100,000 rpm are common with considerably higher speeds being used on small units. The
centrifugal compressor and radial inflow turbine are universally used. With an SI engine, the exhaust gas
enthalpy is very high because the equivalence ratios in the combustion are around unity. Hence, there is more
than adequate energy in the exhaust gas even at low engine speeds to provide the relatively low pressure ratio
required from the compressor. This means that, in the medium to high speed range, the pressure and
temperature of the intake charge will be excessive. The solution is to allow the unit to come up to its maximum
pressure ratio at a relatively low speed and to by-pass the additional exhaust gas once this condition is reached.
This is usnally achieved by a wastegate, which is a valve just upstream of the turbine which opens automatically
to control the pressute ratios. While wastegates are used in CI engines, they or a similar system are essential
for turbocharged SI engines.

6.4 TURBOMACHINE INDUCED LAG IN ENGINE RESPONSE

In all engines which use turbomachinery, response problems exist. For example, large aircraft gas turbines
may take up to about 7 seconds to respond from a low power setting (idle or close to it) to full power. This can
cause difficulties on approach to landing when adjustment has to be made for windshear, an incorrect glide
path or problems on the ground necessitating a go-around. Problems of slow response also exist with
reciprocating engines. While these are not usually as critical as those in aircraft engines, they range from
causing minor inconvenience to potential accidents.

The slow response of an engine is termed lag, It is due essentially to the fact that the control system is
based on supplying extra fuel to the combustor but this is only a first step in the change of engine conditions.
In a normally aspirated reciprocating engine, the response is rapid because the combustion pressurgs rise
almost immediately once the air and fuel flow rates have been adjusted and only the inertia of the engine is
responsible for any further lag to the final accommodation to the new conditions. Consider now a turbocharged
engine or a gas turbine undergoing a rapid increase in throttle position. Note that throttle here indicates the
main control lever and does not necessarily refer to any specific thermodynamic process. The engine ¢cannot
respond until the higher enthalpy gas reaches the turbine unit and brings it up to a higher speed. That is, a
further time delay exists made up of two parts which are the time from injection of the additional fuel to when
the ¢nsuing exhaust gas reaches the turbine and the turbomachinery lag itself which is quite considerable due to
the inertia of the rotating components and the high rotational speed change which is often required. Further, a
full response is not achieved until the higher density airflow now generated from the compressor reaches, first
the combustion chamber and then the turbine. Thus there is a progressive change and, ideally the fuelling
scheduling should be adjusted progressively with the airflow. This is not always possible as is sometimnes
evidenced by heavy exhaust smoke from an accelerating turbocharged CI engine.

It is very necessary to overcome this lag. This is achieved by units with low rotational inertia (low mass and
small diameter) and by use of wastegates where the turbocharger speed is brought rapidly to its maximum at
low engine speeds. With SI engines, the fuel may be injected upstream or downstream of the turbocharger.
With upstream injection (that is using a normal, atmospheric pressure carburettor or throttle body injector),
additional wall wetting and hence fuel collection on the extensive turbocharger surfaces can temporarily create
over-lean mixtures at the cylinders with noticeable engine stumbling. This can be followed by a later over-
enrichment at the end of the acceleration period. It should be noted, however, that there are some advantages
in upstream injection because the air is cooled by the, at least partial, fuel evaporation before it enters the
compressor. Simple calculations show that this temperature drop is increased in magnitnde during the
compression process giving a more dense charge. Nevertheless, the considerable advantages of downstream
injection outweigh this and turbocharging in SI engines is therefore mostly now confined to port injection
systems with injection after the compressor.
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6.6  MATCHING OF TURBOMACHINERY IN ENGINES

The individnal elements of a turbomachinery system used in an engine can be readily analysed by the above
methods, at least under steady flow conditions. However, an important part of the total design of an engine
which contains turbomachinery is the determination of the way the system operates as a whole. For example, a
typical system consists of a combustor, a turbine and a compressor, The nett, useable work may be obtained
from reciprocating pistons directly associated with the combustor, by downstream jet expansion or from part or
all of the turbine output but in each case, the general principle that the components must relate to each other in
a specific way under each set of flow conditions, applies. For example, consider a system at one operating
point. The combustor is provided with a suitable air flow rate at an appropriate pressure from the compressor.
The exhaust reaching the turbine will consist of a related mass flow rate of gas with an energy determined from
both the fuelling rate and the work extracted upstream, This gas provides the driving fluid for the turbine and
will therefore fix its operating point which can be ascertained from the turbine map. The turbine in turn
provides the power for the compressor whose operating point can be similarly determined. It is obvious that the
mass flow rates (of gas plus the relatively small quantity of fuel from the point at which it is injected) must be
the same through the three units. Assuming, in the configuration being examined, that the work output from
the turbine is solely used to provide the work input for the compressor, these must also be identical when
adjusted for the mechanical efficiency of each component. Further, a direct drive linking turbine and
compressor means that their rotational speeds are identical. That is, the particular match of components will
provide an operating point for the total system with a specified fluid flow throughput, compressor and turbine
speeds and pressure ratio, engine work output and engine rotational speed (in the case of a reciprocating
engine).

Components may be badly matched. For example, a particular engine operating point may be desired but a
turbine may have been selected with a swallowing capacity which is too great making it rotate too slowly with
insufficient power to drive the compressor at the appropriate speed. Thus, the desired mass flow rate and
pressure ratio of the compressor cannot be reached and the operating point will not be achieved. This type of
mismatching can occur in a number of ways and appropriate matching studies are essential for all engines
containing turbomachinery so that the correct choice of components is achieved. The matching procedure can
be carried out by a series of individual hand calculations in conjunction with the compressor and turbine maps
but computer programmes are now available which make this process much simpler.

The matching procedure requires the following equations.

Mass flow rate balance:
10 oymoressorsir M combustion air (6.29)
T omabution air 1P foet =M cxaust (6.30)
Work (power) balance:
Nar Wr=W_ /Ny (6.31)

where n  and m, . are the mechanical efficiencies and W T-and w ¢ are the actual (not isentropic) work
output and input for the turbine and compressor respectively.
Rotational speed balance:

N,=N, (6.32)

These equations must be used with either compressor and turbine maps or with equations or tabulated data
points which represent the appropriate contours. In addition, an engine or combustor model is required.
Initially, quantitative values of the above variables are generally not known. For example, if a reciprocating
SI engine is to be examined when operating at a certain speed and, say, throttle position, there is no immediate
knowledge of the turbomachinery speed or pressure ratios and hence the density of the intake air which will
allow a direct calculation of all the operating parameters. That is, the mass flow rate of air to the engine can
only be calculated from the operating point data by assuming a compressor pressure ratio. The engine model
can then be used to calculate the mass flow rate of air (from the swept volume, volumetric efficiency and engine
speed) and the exhaust pressure. This allows the turbine pressure ratio to be calculated giving, together with
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the mass flow rate, values on each of the axes of the turbine map. By either reading directly from this map or
by use of the turbine equations or data, it is then possible to determine the isentropic turbine efiﬁc.iency and
turbine speed. Hence the power output can now be calculated. Compressor power follows and a ?11!11131‘ use of
its map, equations or data provides new values for air mass flow rate and compressor pressure ratio. These are
unlikely to immediately match the originally selected ones and the process must be 'repeated systgmancally
until matching occurs. It is then possible to calculate engine power output at the operating speed. This process
is then repeated for other operating conditions. . . ‘
For any given combination of components, the appropriate matching study will specify the points at wh}ch
operation is possible and this can be easily obtained for a series of steady state conditions. The appropnate
points are often plotted on the compressor map forming a full load operating line. A typical example is shown
on Figure 6.19. For part throttle with SI engines or lower fuelling scheduling for CI or gas turbines, different

operating lines will resuit.

Pressure
Ratio

Operating Line

Mass Flowrate

Figure 6.19 Compressor map showing a typical operating line. (note that the system is matched so that it
passes as near as possible through the peak efficiency region)

6.6 TURBOMACHINERY IN RECIPROCATING ENGINES

6.6.1 Unsteady flow effects

When used in conjunction with a reciprocating engine, the flow induced through the turbomachinery will
usually experience pulsations emanating from the piston movement. This applies to both compressor and
turbine. It is generally assumed that the steady flow analysis is sufficient for the turbomachinery but that the
isentropic .component efficiencies are reduced. This is because the unsteadiness will disturb the boundary
layers increasing scparation across the blades and the losses at the annulus. Nevertheless, most isentropic
efficiencies are determined from steady flow tests. More work is required on pulsating flows.

6.6.2 Constant pressure and pulsed turbines

The turbine of a reciprocating engine can be connected to the exhaust system either by using a large manifold
which essentially damps out the major pulsations from the blowdown process or via a small manifold that
allows these pulsations to directly affect the turbine rotor. The former is known as constant pressure
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turbocharging. Here the high pressure blowdown gas exhausts into the large manifold acting like a reservoir
which is fed by the exhaust gases from all cylinders and is at a mean pressure that is much lower than the
blowdown value. The gas from an individual cylinder enters this large volume behind a compression wave and
mixes in a type of turbulent jet action, which is an irreversible process. The actual losses will depend on the
insulation around this manifold, an adiabatic manifold retaining the total energy but converting it giving an
increased enthalpy (that is, increasing the temperature) at the expense of a pressure drop. In practice, however,
it is not possible to retain all the initial exhaust energy in a useable form. The large manifold required by this
system is not only bulky but prevents rapid engine response because the total reservoir must adjust to the new
conditions before the system again stabilises. Its advantages are the high steady flow efficiency of the turbine
and the ability on large engines to use a single large turbine unit. The disadvantages generally outweigh these
and it is therefore not commonly used except on very large engines designed for operations where frequent
speed changes and rapid response are not required.

The alternative, pulsed system makes use of the blowdown process directly by keeping the manifold volume
small. On larger engines, this may require twin entry turbine units or even multiple turbines. The comparison
of the energy available to the turbine can be seen on Figure 6.20. For the pulsed unit, the turbine receives the
exhaust gas at near to the initial blowdown pressure and expands it directly to the final exhaust pressure.
While in practice, this will not be an ideal process, isentropic conditions may be assumed as a first
approximation. The ideal process is therefore a contination of the engine isentropic expansion down to a
minimum exhaustible pressure. Most turbochargers use this system. While the isentropic efficiencies of pulsed
turbocharging are lower, its greater use of the available exhaust energy makes it more attractive than constant
pressure turbocharging. The details of both systems are complex and cannot be dealt with here. The reader is
referred to Watson and Janota (1982) for further information.

Expansion

Direct expansion in puised turbocharging
Biowdown Pressure loss in constant pressure

Expansion in constant pressure turbocharging

Atmospheric

Inlet

'3

W Energy from ‘ Energy from v
Constant pressure turbocharging Pulsed turbocharging

Figure 6.20 Comparison of the expansion process and possible energy obtainable
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PROBLEMS

6.1 A centrifugal compressor is to be designed for use in an engine turbocharger. It is to produce a pressure
ratio of 2:1 and a mass flow rate of 0.14 kg/s of air at a turbocharger speed of 40,000 r.p.m. The flow is radially
outwards and the blades have an inner diameter of 60 mm and an outer diameter of 140 mm. with
corresponding widths of 16 and 4 mm. It is assumed that there is zero swirl at inlet while the blades at outlet
are to be backward swept at an angle of 300 to the tangent. Inlet conditions are 101 kPa, 300 K. Draw the
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velocity triangles at inlet and outlet and and determine the inlet blade angle, the theoret'ical head (of air)
developed and the torque and power required assuming that the flow is at constant density.

6.2 Re-examine the torque and power requirements of question 6.1 assuming now that
(a) the compression takes place isentropically (with isentropic index of 1.4).
(b) the compression process has an isentropic efficiency of 70%

6.3 The situation of question 6.1 is assumed to apply. However, it is estimated that the Spinning compressor
rotor generates a whirl at inlet in the direction of rotation equal to 10% of the inlet tangential velocity.
Recalculate the inlet blade angle, torque and power required. Is the inlet blade angle and/or the power
calculated here or in question 6.1 likely to that required in practice?

6.4 A turbine unit is to be designed to run the compressor of question 6.3. The mechanical efficiency of the
compressor and turbine are both expected to be 86% and the turbine is to be directly coupled. The power
requirement to compress the air in the compressor may be assumed to be 8.9 kW as calculated in question 6.2.
The flow though the turbine may be considered to be radially inward and a design criteria is zero whirl at
outlet. The dimensions are:

outer diameter, 140 mm, inner diameter, 70 mm., blades parallel sided with blade width of 16 mm.

The mass flow rate will be 7% greater than the air flow rate through the compressor due to the addition of
fuel. The exhaust gas may be considered to have an average isentropic index of 1.36, a molecular mass of 29
and is at conditions of 800K, 360 kPa at the turbine entrance. If the expansion (pressure) ratio is to be 2.76 and
theexpected isentropic efficiency 76%, calculate the blade angles at inlet and outlet. If consideration is to be
given to adding inlet guide vanes to improve the flow under these conditions, nominate their angle.

6.6 An axial turbine stage is designed as a fully impulse row with the blade angle at inlet and exit equal but in
opposing directions. The exit velocity is solely in the axial direction. If the tangential velocity of the blade at
its mean radius is 300 m/s and the mean axial velocity is 160 m/s, determine the power output per unit of mass
flow rate, the angle of the blade at inlet and outlet, the value of the absolute velocity at inlet and the outlet angle
of the stator blade preceding it to the tangential direction.

6.6 A by-pass fan for an aircraft is to operate at the following conditions. At 0.6 m from the centreline, the air
following the diffuser section approaches an axial flow rotor at 190 m/s with conditions of 230 K, 36 kPa. The
rotor spins at 2880 r.p.m., and the pressure ratio across the fan is to be 1.6:1 with an isentropic efficiency of
94%. Base all calculations on a mean radius of 0.6 m from the centreline of the fan. The mechanical
efficiency from the drive shaft from the turbine is 98%. Determine the work input to the gas and the work
supplied from the turbine per unit of mass flow rate, the blade angle at inlet and outlet and the velocity at
outlet. Assume zero whirl at inlet.

6.7 For the turbine of question 6.6, calculate the inner and outer diameters of the stage are 0.3 m and 0.6 m
respectively. If the blades are designed to maintain an even whirl and axial flow velocity over the entire cross
section (ignoring boundary layer effects) determine the inner and outer blade and the stator angles Also
determine the nett power output if the inlet is assumed to be exhaust gas at 600 kPa, 1000 K with a gas constant
of 29 and the blades provide a 10% blockage of the cross-sectional area.

6.8 An air compressor for a small gas turbine with an overall pressure ratio of 10:1 consists of 4 stages each
having an identical pressure ratio and a small stage efficiency of 90%. Calculate the overall compressor
isentropic efficiency based on the infinitesimal and the small stage concepts. The isentropic index for air under
these conditions is 1.4.

6.9 Show that, for two successive compressor sections with different isentropic efficiencies and different
pressure ratios, that the overall isentropic efficiency is given by:
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6.10 A small stage compressor efficiency is measured in a test rig for a single stage (stator and rotor) as 92%.
The compressor is to have 16 stages and is mn on two shafts, the first (upstream) carrying 10 stages while the
second (downstream) caries the remaining 6. The overall pressure ratio is to be 36:1. Calculate the overall
isentropic compressor efficiency if

(a) the calculation is based on an infinitesimal stage efficiency equivalent to that measured.

(b) all stages have an identical pressure rise

(c) the second section stages provide a pressure rise per stage of 10% less than the first section. In this part,
determine the isentropic efficiency of each compressor section as well as the overall value.

6.11 A compressor for a gas turbine consists of 15 equal pressure ratio stages to obtain an overall pressure ratio
of 30:1 while the turbine has three equal stages only. Assuming that both compressor and turbine have the
same stage efficiency of 90%, compare their overall isentropic efficiencies. For the compressor, the isentropic
index is 1.4 while for the turbine it is 1.35.



Introduction to fuels and 7
combustion

7.1 INTRODUCTORY COMMENTS

Human society in its modern form is heavily dependent on the provision, conversion and use of non-biological
forms of energy and it is reasonable to assert that current world population levels would not be sustainable
without this input. Energy is therefore one of the most critical of the world's resources. Because the vast
majority of our energy utilisation emanates from non-renewable resources, it is imperative that these be used to
their maximum advantage in extraction, conversion and end use efficiency and in maintaining the lowest
possible levels of related pollution. Machines in current use rely predominantly on the conversion of the
chemical energy of the fuel to first raise the temperature of the working substance to a high level before
generating their work output and may therefore be regarded as forms of heat engines, subject, at the very best,
to the limitations imposed by the Carnot efficiency. Biological systems, as pointed out in Chapter 3, operate by
directly converting the chemical energy to work at low temperatures and can exceed these limits although they
are still subject to losses due to entropy increases. While some progress has been made in developing direct
conversion systems which operate on similar lines to biological systems (e.g. the fuel cell), it is likely to be a
very long period, if ever, before these types have the high work outputrates (power), compact size, response and
versatility of combustion engines, a prime requirement for their widespread introduction. Combustion engines
are likely to dominate for a long period. The use of fuels to produce high temperature working substances by
combustion should therefore be carefully studied.

Although energy for heating may be obtained by methods other than combustion, for example by nuclear
reactions, combustion is by far the most common method by which a stored form of energy is converted for this
purpose. Combustion is essentially a reaction of molecular breakdown or formation which releases bond energy
(that is, is exothermic) and the energy so liberated may be used for a variety of tasks from simple space heating
to work producing devices (heat engines). To be self sustaining, the rate of energy release must be sufficient to
mainatin the combustion temperature once the related work and heat transfers from the region take place.
Thus, the combustion and thermodynamics must be examined simultaneously. In this chapter, some of the
basic concepts related to combustible fuels and combustion systems are examined in a general context although,
in keeping with the theme of this text, the applications will be directed towards internal combustion engines.
Details of the peculiarities of internal engine combustion will be dealt with in Chapter 7.

7.2 COMBUSTIBLE FUELS
7.2.1  Fuel types and resources

The combustible fuels in common use are predominantly from fossilised resources containing carbon and
hydrogen which react with oxygen (usually in the form of air) to form major products of carbon dioxide, carbon
monoxide and water, Pure carbon or hydrogen are themselves combustible but common fuels are likely to be
various compounds of the two and are then designated as hydrocarbons, CxHy where x and y commonly cover a
range from one to about twenty. Of these, coal provides the most extensive resource but, as well as being more
difficult to extract and transport than liquid or gaseous types, it is not syited to modern engine combustion and
is used mainly for the production of steam for electrical power production. Petroleum based oil resources are
the most limited but their fuels are the most useful for internal combustion engines because of their high
energy density and ease of fuel delivery. Gaseous fuels are similar or even better on this last point but
considerably worse on energy density. However, their reserves are reasonable. It should be noted that the rate
at which a reserve is being depleted is of at least as great an importance as the total reserve. Most projections
inducate that, at current useage rates, oil supplies will be depleted before the middle of the twenty first century,
gas (that is, natural gas, NG) should last through much of that century, while coal is a long term resource with
potential supplies for several hundred years. Obviously, all these projections are somewhat speculative as they
depend on many factors which have the potential to change, these including new finds, the introduction of
alternatives, the destruction of ficlds due to hostile action and the change in energy rates due to increased
efficiencies, ecomonic and population growth.
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7.2 FUEL CLASSIFICATIONS

For an understanding of the properties of fuels and for their analysis, it is important to classify fuels in several
different ways. Here, the classifications are based on the chemical structure of the individual compounds which
make up the fuel and on the overall fuel properties.

7.2.1  Classification ¢f hydrocarbons by chemical structure

Carbon is tetravalent which means that it has four valence electrons while hydrogen has a valency of one. The
simplest hydrocarbon molecule is therefore CHy methane. However, carbon combines with itself with either
single, double or triple bonds. In addition, hydrocarbons form either straight or branched chain structures and
cyclic molecules and so a very large number of HC molecule types exist. To date, somewhere about 2 x 107
have been identified. These are classified into two different types and several different series. The two types of
HC molecule are designated as "saturated" and “"unsaturated", these representing a full complement of
hydrogen atoms or the ability to take up additional hydrogen atoms respectively. These extra atoms may be
accomodated by reducing a double or triple bond or by breaking a cyclic molecule into a chain. Some of the
more important series of hydrocarbons are as follows.

Alkanes CnH n+2

These are usually better known under the designation of paraffins. They are open chain, saturated types and
may exist as a straight chain, called normal, n- types or branched chain, called iso- types. Examples are n-
hexane CgH)4 and iso-octane CgH)g the octane referring to the eight carbon atoms. The latter is in fact a
pentane chain with three methyl groups (CHz) added at branches, two at the second C atom and one at the
fourth. The more accurate description is therefore 2,2,4 trimethylpentane. Alkanes have a high hydrogen
content and high heating values. Branched chain types have a more compact moleculular structure and have
greater resistance to auto-ignition in SI engine combustion which is an important factor in reciprocating
engines.

Cyclanes C,,H 5,
These are also often called either Cycloparaffins or Naphthenes. They have closed chain structure and are

essentially straight chain saturated hydrocarbons turned into a ciscular structure. The hydrogen atom at either
end is therefore deleted to aloow the final C to C bond andcan be replaced if the ring is broken. thus they are
unsaturated themselves. An example is cyclo-pentane C5 Hjg.

Alkenes C,H 5,
These are also called Olefins. They contain one double bond and are open chain unsaturated hydrocarbons.

The double bond may occur between different carbon atoms in large molecules giving a series of different
compounds with the same identity. An example is butene C4Hg.

Alkynes CnH m-2
These are sometimes called acetylenes because they are based on the structure of the compound acetylene which

is the simplest molecule of the series. To expand the series, additional methyl groups replace the hydrogen
atoms. That is, they all contain one triple bond and are open chain unsaturated hydrocarbons. An example is

acetylene CoHy.

Aromatic Hydrocarbons CyH 5, _g
These are again built up on a basic molecule which is the benzene ring C7H7 which contains three double and

three single bonds and is a closed chain unsaturated hydrocarbon. To expand the series, methyl groups replace
the hydrogen atom. The aromatics have a strong odour, hence the name and some are the basis for pleasant
smelling oils. They are stable molecules with high knock resistance but are targeted for reduction in fuels
becanse of their carcinogenic potential and high relative reactivity in photochemical smog formation.

Monohydric Alcohols C,H >, ;jOH

These are essentially alkanes with one H atom replaced by an OH radical and are one form of a group of fuel
compound known as oxygenates because they contain oxygen. They are not fossil fuels but may be obtained
from them or by fermentation of vegetable matter. The common types are Ethyl Alcohol CoH5OH and Methyl

Alcohol CH50H.
Representative diagrams of the different molecular structures are shown on Figure 7.2.
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Figure 7.1 Some basic structures of the common hydrocarbon fuels

7.3.2  Classification by properties of petroleum based fuels

Petroleum based fuels are by far the most common internal combustion engine fuels and are a blend of many
hydrocarbons distilled and reformed in the refining process to give the appropriate properties. A typical sample
might contain around fifty compounds of which fiften to twenty might be in significant enough proportions to
affect the properties. Samples will differ from time to time from the one refinery depending on its crude oil
input, the overall output and the type of fuel required. For example, winter grade gasolines can contain more
low boiling point components than summer grade. The most common groups are as follows.

Gasoline (Petrol)

This is a blend of colouriess, volatile liquid petroleum fractions which boil between about 30°C and 200°C, a
typical relative density being about 0.73. Motor fuels cover the whole of this boiling point range, aero fuels (for
SI reciprocating acro engines) usually only 50°C to 170°C. For overall average properties, gasolines are
sometimes considered to be the single compound, iso-octane CgHj g but this is substantially different to reality
particularly in volatility. Actual components range from Cy4 to Cg (sometimes to Cq) and cover many types of
hydrocarbons depending on the crude oil source and the refining process. A more typical average composition
is (CH; g5)py where n = 7. The fuel is refined to give appropriate octane numbers, volatility, etc., but the
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composition of the final product may still vary considerably from one source to another. Nett heating values
(lower) are about 44 MJ/kg (32 MIJ/L).

Because gasoline is a spark ignition engine fuel, one of its most important characteristics is the anti-knock
property called octane number. There are several scales, the most commonly used being the research octane
number (RON) which is a light duty test and the motor octane number (MON), a heavy duty test. On-road
tests indicate that something between the two provides the best indication, the mid-point being commonly used.
The tests compare the anti-knock characteristics of the fuel with a blend of iso-octane which has good
antiknock properties (designated with a value of 100) and normal heptane which has poor ones (designated
with a value of 0). The percentage of iso-octane in the blend which produces the same knock intensity as that
of the fuel under consideration is termed that fuels octane number. For most commercially available petrols,
the RON rating is around 90 to 98 which is about 8 to 10 points higher than that of the MON rating. The
difference, RON minus MON is called the fuel sensitivity; that is, sensitivity to increased knock under heavy
load conditions. There may, of course be very little difference between the scales. For example, iso-octane
itself must have a value of 100 on both scales. Various additives can improve the octane rating, the most
notable being tetra-ethyl lead (TEL). Addition of only small quantities, from 0.74 to 1.28 gm/L improves the
octane rating by 5 to 10 points, but, due to the adverse health effects of lead and its effect on catalytic
converters for emission control, it is now phased out in many countries. More compact HC molecules improve
the knock rating as does alcohol and other (usually ether) oxygenates but much larger quantities than TEL are
required.

Kerosene

This is a relatively involatile, colourless fraction which boils between 150°C and 250°C. Relative density is
about 0.8. Its nett heating value (lower) is about 43 MJ/kg (32 MJ/L). Overall properties are sometimes taken
as those of the single component substance, to dodecane C19Hyg but similar comments to those which were
made for gasoline apply and a formula, (CH; g5);, where n = 10 may be more appropriate. Kerosene is most
widely used as a gas turbine fuel, and can be separately classified as jet A, jet B, etc. The latter is a wider cut
fuel and, as it therefore contains more volatile components, it is more dangerous and is generally prohibited for
comumercial, though not always from military use. It has been used for SI engines when gasoline is scarce, (eg
for tractors) but it has starting problems and requires substantial pre-heating during operation. It can be burnt
in CI engines but because of its unsuitable viscosity, is likely to cause a number of problems including scoring
in fuel pumps and poor fuel distribution in the cylinders.

Diesel fuels

These compete with aviation kerosene for the same sector of the crude oil barrel and, as both applications are

increasing rapidly, they are one of the fuels for which supply in the future may be potentially difficult. The

term, "diesel oil" covers a fairly broad spectrum from

¢ Light Qils for automotive use. These are brown oils boiling between 180°C and 360°C with a relative
density of about 0.86. Lower heating value is about 42 MJ/kg (35 MI/L);

s Heavy oils for stationary or marine engines. These are darker brown, heavy oils of relative density of about
0.87 with a similar boiling range to (i). Their lower heating value is about 41.5 MJ/kg (36 MI/L).

Again diesel fuels consist of many compounds and while the single component, dodecane as with kerosene is
sometimes used to simulate them, a more appropriate estimate is (CHy g5)y, where n ~ 11. For their knock
quality, diesel fuels are given a Cetane Number which is their equivalent to the anti-knock octane scale used
with gasoline. It should be noted that the knock in CI engines has an entirely different cause to that in SI
engines and the scales are not equivalent. Fuels with a high octane number generally have a low cetane
mumber and vice-versa but one cannot be inferred from the other, The Cetane number is again a comparative
test. Originally the test fuel was compared with a mixture of normal cetane, (2 straight chain molecule,
C16H34) given a rating of 100 and o-methylnapthalene (C11Hjg) rating 0. The proportion of cetane in the
comparative fuel gives the cetane number of the fuel under test. In fact, the low end test fuel has now been
replaced with the more stable heptamethylnonane (CygH3 4 but a branched chain molecule) with a rating of 15
and the proportioning is modified accordingly to give the same result. Values which are typical of a good
quality fuel are in the range 45 to 50.

Fuel oils

These, in the past were predominantly used in industrial furnaces although they are now sometimes used in
large marine diesels which have to fuel at a wide range of ports. This fuel is very viscous and requires heating
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so that it will flow adequately. It is a brownish, black oil, of relative density about 0.95. Lower heating value is
about 40 MJ/kg (38 MJ/L).

7.3.3  Classification by properties of other fossil fuels
Coals

Coal is classified from the oldest in order of fossilisation, which is black coal, anthracite, to the youngest,which
is lignite or brown coal, only one step further in the formation process than peat. Coal contains carbon,

hydrogen, oxygen, sulphur and ash in different proportions depending on its source. Although considerable
local variations might be found a typical black coal analysis by weight could be ash, sulphur, hydrogen, carbon
and oxygen in proportions by mass of 9%, 1%, 3%, 83% and 4%. In general much of the carbon is unattached
to hydrogen atoms. The oxygen is in the form of water vapour and hence, some of the 3% hydrogen is bound
with oxygen rather than carbon. The dry coal would have a composition somewhere around C;gHjs.

Coal is used principally for industrial or electrical power generation burners either directly in solid form
where it is normally pulverised (PF) but it is sometimes gasified. Coal gasification is a very old process datmg
to about the end of the 18th century with methods giving low energy gases such as producer gas and water gas.
These have been important in the supply of gas to towns (hence the name town gas in Britain) but are now
being superseded in many places by natural gas and LPG. Producer gas is obtained by passing insufficient air
for total combustion over coal or coke. Water gas in various forms adds steam to the process which is reduced
to hydrogen. Both producer and water gas are high in carbon monoxide. Modern processes are available from
which gases with greater heating values are formed and are generally classified as medium and high energy
gas. These production processes occur at high pressures and use oxygen rather than air so that the nitrogen
content of the gas is low. In general, medium energy gas is practicable at present and is produced by either the
Lurgi, Koffers-Totzek or Winkler processes. These gases can be used in IC engines but there low energy
density does not make them viable, particularly for transport applications. However, during both world wars,
large gas bags were common on vehicles.

Gaseous fuels

Other types of gaseous fuels that are not derived from coal gas are in widespread use. These are, in particular,
natural gas (NG) and liquefied petroleum gas, (LPG). The latter is currently widely used in engines as well as
having domestic and industrial usage. The former has penetrated the internal combustion engine market to
only a small extent as yet use although it is under consideration for the future because of its wide supply and
low emission levels. The latter is widely used in comumercial fleets, particularly taxis.

Natural gas (NG)

Natural gas is predominantly methane (CHy4) but it also contains other gases which may include ethane,
propane, butane and heavier hydrocarbons in the form of condensate. Typically at the well-head, 75%-95% by
volume is methane while 2-8% is ethane. Methane and ethane boil at atmospheric pressure at temperatures of
-162°C and -87°C respectively and therefore can only be liquefied at very low temperatures, pressure alone
being insufficient. Generally liquefaction (to LNG) is impractical for many purposes at present and the gases
may be stored for use as compressed natural gas (CNG) at a pressure of 17 to 24 MPa. This high pressure
means that the weight of container to weight of stored fuel is high which is a severe impediment in transport
applications. Current improvements in LNG tanks with vastly improved insulation may improve its prospects
in the near future. There are, however, many advantages of natural gas in that methane is a clean burning (it
has a high H/C ratio), safe, easily handled fuel. It has a low laminar flame speed and therefore does not ignite
casily. Also it is lighter than air and disperses readily. It is in wide supply throughout the world and is
regarded by some as the essential bridging fuel from when current petroleum stocks are exhausted to the
introduction of liquid alternative fuels. It has a lower heating value, depending on its composition, of about 47
Ml/kg.

Liquefied petroleum gas (LPG)

Its chief components are propane C3Hg and butane C4H;( and under moderate pressures of around ten
atmospheres (1 MPa), these become liquid at atmospheric temperature which facilitates storing and handling in
comparison with LNG. Boiling points at atmospheric pressure are propane -42°C, butane -0.5°C. The
majority of LPG (about 70%) occurs as well gas often alongside natural gas from which it is separated and
contains only paraffin hydrocarbons. The remainder comes from the oil refineries gas and contains a small
propottion of olefins. Most natural gas is odourless and a malodorant is added so that it can be easily detected.
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It is not inherently a safe fuel because of its easy evaporation and density greater than air. It can therefore
collect as a mixed air/fuel vapour in low areas with explosive potential. Several major disasters have ensued
from LPG explosions of this type. Relative density of the liqnid is about 0.51 (propane) to 0.58 (butane). The
lower heating values for both are about 47 MJ/kg.

7.3.4  Classification by properties of "alternative" fuels

A number of other fuels exist and, although they are not in widespread use at the moment, are potential
alternatives for the future. Some of these are considered below.

Alcohols (methanol, ethanol, propanol, butanol)

Of these, the most commonly available are methanol and ethanol and, while there has been some consideration
of their use for general combustion processes, they are predominantly considered as an alternative engine fuel.
They can be used either as fuels in their own right or for blending with petroleum based compounds either as a
fuel extender or octane improver as they have good anti-knock properties, particularly on the RON scale. It
should be noted that the octane number, however, cannot be calculated as a direct proportion from its
constituents in blends althiough it does lie in between. Proportions up to 15%-20% with petroleum require
little engine modification for spark ignition engines although high alcohol content fuels (eg M85, E85, 85%
methanol, ethanol respectively) are under consideration and these will require substantial changes in order to
optimise engine performance. They have high latent heat, high boiling point and flash point and therefore
greater handling safety than petrol. Cold starting of engines with high alcohol content fuels is difficult due to
the high latent heat. They are somewhat corrosive to non-ferrous metals, rubber and some plastics and some
redesign particularly of the fuelling system is required. They also resuit in high formaldehyde emissions.
Production is, for ethanol by processing (fermenting) vegetable matter and, for methanol, by wood distillation,
or by chemical formation from natural gas or coal.

Hydrogen

This is a most attractive fuel for advanced applications with a high Heating Value on a mass basis although the
density is very low. It is very abundant in nature although, because it is highly reactive, it is in the form of
compounds. It vaporises at -253°C at atmospheric pressure, -240°C at 12 atmospheres which, even more so
than NG, makes it difficult to store. It has a very high flame velocity, wide flammability limits and low
ignition energy and must be handled with care although its very buoyant flame tends, in some circumstances, to
minimise damage. It also escapes through seals very readily but its lightness and high diffusivity allow it to
disperse readily. Its characteristics give it some advantages and disadvantages as an engine fuel. The wide
flammability limits allow quality control (by varying the fuel/air ratio) which is more efficient than quantity
(throttling) control. However, the low ignition energy may cause abnormal combustion, for example, pre-
ignition from surfaces or particles.

Bio-gas

This, like NG is mainly methane, CH4 But requires treatment to remove carbon dioxide, water and nitrogen It
is a major decomposition product and is, for example, the principal component of sewerage gas or of farm
manure, the former after treatment being about 65% methane, 35% CO.

Synthetic fuels

Synthetic oxygenates such as MTBE, ETBE (methyl, ethyl tertiary butyl ether) which are derived from methyl
and ethyl alcohol respectively via ethers. Consequently they are more expensive than the alcohols but have
better characteristics for use in IC engines. Other synthetic petrols may be derived from coal or NG either via
a methanol stage process or by hydrogenation of coal. Various techniques for the production of olefins from
coal are under investigation but are essentiaily at an experimental level at present.

Nitrogen hydrides (ammonia NH 3, hydrozine N yH 4

These are synthesised from nitrogen and hydrogen, the latter usually being produced by electrolysis. Ammonia
is toxic but is readily identifiable through its distinct, pungent smell. Nitrogen hydrides have good anti-knock
properties which allow compression ratios of up to about 12:1 in otherwise conventional SI engines. The
energy densities are low making them relatively expensive alternatives.
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Benzol

This is a by-product of coal tar and is an aromatic hydrocarbon blend of approximately 70% benzene, 18%
toluene. It has high anti-knock properties and a high initial boiling point and has sometimes been added to
petrol to improve its octane rating. Doubts about its safety in relation to carcinogenic effects and problems in
smog formation mean that it is now eliminated as an alternative

7.4 COMBUSTION, HEAT RELEASE AND CONTROL

The essential points in a study of combustion are:
e to be able to calculate the quantity of heat that a fuel can release;
e to understand the combustion process, and control it so that this heat will be released in the appropriate
quantities at the appropriate rate;
e to operate in such a way that undesirable emission products will be minimised.

Each different combustion device has its own characteristics and so each is controlled in a different
way. While specific situations related to engines will be considered later, a general overview is given here.

7.4.1 Reactions and reaction chains

Reactions occur when the molecules of the various reactants collide with a sufficient energy so that molecular
modification rather than simple rebound occurs. The minimum energy requirement is called the "activation
energy" of which more will be discussed later. If, however, the reaction had to wait until the correct species
collided in such a way, the time during which it occurred would be substantially longer than observed in
practice. What in fact occurs is that a series of "reaction chains" form where highly active intermediate
radicals are formed. Fast reactions occur when the chains branch and the active radicals proliferate.
Alternatively, some reactions may break the chain and slow the reaction and it may then cease entirely.

To understand this mechanism, consider, for example, the simple Hy, Oy reaction to form water. It should
be noted that the following is not in any way intended to be a complete description but one route only to the
completed compound.

Assume that an OH radical and a Hy molecule are available and collide with the appropriate energy.

H,+OH —»H,0+H Reactionl
A highly active hydrogen radical is now available and may react with an oxygen molecule.

H+0,—»0OH+O Reaction2

The original OH radical has been replaced and reactions 1 and 2 can be repeated. That is, a chain exists
whereby the formation of water creates an active radical which can help the process repeat itself. However, in
addition, there is still the O radical left over from the second reaction. This can combine with a Hy molecule to
form two more radicals.

O+H,>OH-+H Reaction3
This frees an additional OH to start a new chain via reaction 1 and a new H to start a third chain through the
mechanism of reaction 2. Thus within a very short time, the number of active species and chains has increased
and this continues essentially as a geometrical progression at each further step. The chain branching
mechanism, which may be extremely complex, is therefore an integral part of a fast reaction.
Chain breaking, as mentioned above is the reverse phenomenon. Here a reaction may remove active
radicals and form stable compounds as for example in a methyl CH3, H reaction.

CH,+H—CH,
Alternatively, collision with an inert substance which may be either the wall of the vessel or an inert molecule
such as argon may inhibit a reaction by removing energy. However, this latter collision sometimes acts to
increase the reaction energy and provides a catalyst for its continuation.

7.4.2 Homogeneous mixtures of fuel and oxidant

While in practice homogeneous mixtures are not always achieved, it is the mode in which most spark ignition
engines are designed to operate. Several situations are possible. Consider a closed, fixed volume vessel which
contains a homogeneous mixture. If the temperature of the mixture is raised completely uniformly, as shown
on Figure 7.2(a) until the ignition temperature of the fuel at the then prevailing vessel pressure is reached, the
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fuel will theoretically auto-ignite simultaneously everywhere. Here the only thing that controls the energy
release and hence the pressure and temperature rise is the rate at which the chemical processes occur. This is
called the reaction rate and is studied as a branch of science called chemical kinetics. Even for relatively
simple fuels, there are a series of reaction chains through intermediate species which must be followed for the
reaction to proceed to its conclusion. Thus chemical kinetics is a study of the rates at which a series of many,
relatively simple reactions occur. The total reaction time is typically very short, of the order of milliseconds.

FUEL/OXIDANT (AIR) MIXTURE
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(b) REACTION FROM A POINT SOURCE IGNITION

Figure 7.2 Some methods by which reactions could occur in closed vessels

A second possibility is that the mixture temperature is well below the auto-ignition temperature and a point
energy source, such as a spark, is required as shown on Figure 7.2(b) to raise the temperature locally around the
spark to the ignition level. The flame front now progresses through the mixture from the point of ignition.
This occurs because of the heat and mass transfer from the reacting gases to the mixture immediately ahead of
it raising it to the ignition temperature. As this reacts, it now affects the unburned gas just ahead of it in the
same way. The flame velocity depends on many things; eg the properties of the mixture both burnt and unburnt
and the reaction rate itsclf. Two types of flame fronts are readily distinguishable. These are a laminar flame
front which progresses at an experimentally very repeatable speed at each set of conditions. There are many
correlations available for simple fuels giving the laminar flame front velocity, S, as a function of pressure and
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temperature. When the mixture becomes turbulent, the flame velocity increases by about an order of magnitude.
A turbulent flame front is much less predictable as the level of turbulence has to be defined. Generally, most
modern theories show the turbulent flame front velocity, S, as a function of S and a characteristic associated
with the turbulence. A turbulent flame front has a much higher energy release rate than a laminar one and is
necessary for high output combustors. Note that the phenomena in steady flow burners are similar, although
not intermittent as above, with the flame burning back continuously against the outflowing unburnt mixture.

7.4.3  One-dimensional homogeneous mixtures

A special case of flame fronts in homogeneous mixtures is when the combustion occurs in a long, paralle] tube
closed at the end near the ignition point with the gas initially settled. Because of its simplicity, this case is
most amenable to mathematical analysis and it has been extensively studied. Two types of combustion are
identifiable and are shown on Figure 7.3. These are deflagrations and detonations. The burning gas causes a
pressure wave to move ahead of it down the tube setting the unburned gas in motion away from the flame front.
In a deflagration, the flame front is very much slower than the pressure wave and it progresses in the same way
as above; that is by heat transfer to the gas ahead. A detonation occurs under special conditions when the
pressure (i.e. shock) wave is of sufficient strength to raise the gas behind it to the ignition temperature. Hence,
the flame front becomes attached to the shock and moves at supersonic velocity with very high pressures and
temperatures behind it. Detonation fronts can be highly destructive.

Flame

front
TIME, t

TIME,

t Flame front ignited by
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Pressure wave -
(shock)
Unburmed Gas
(stationary)
DISTANCE DISTANCE, x
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Figure 7.3 Modes of burning in one-dimension. Deflagration and detonation from the closed end of a pipe
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This is a very common combustion problem. Here the fuel must mix or diffuse into the air to form appropriate
air/fuel ratios before combustion can occur. The fluid mechanics of the process are therefore extremely
important and include entrainment of the surrounding gas, mixing, diffusion and, possibly, formation of fuel
layers (wall jets) on the surfaces when impact with them occurs. With gaseous fuels, the diffusion is usually
very rapid. With liguids the fuel must evaporate before the diffusion can take place. Hence, atomisation into
drops, drop size and fuel volatility are important as well as the mixing and diffusion processes. For solid fuels,
similar processes to drive off the volatile substances for later mixing play a role in controlling the reaction. For
diesel engines, gas turbines, industrial oil burners, the droplet burning processes are extremely important.
Figure 7.4 illustrates these situations.

7.4.5  Flame stability

The stability of a flame is an important criterion in steady flow burners such as gas turbine combustors.
Consider burning in a duct in which a fuel/air is flowing as shown on Figure 7.5. For the flame to be stable,
that is, for it to remain in a fixed location, the mixture flow must be adjusted so that, at the flamefront, its
velocity is exactly equal and opposite to that of the flame front. Hence, the absolute velocity which is the
velocity of the flow plus the velocity of the flame relative to the flow is zero. When this condition breaks down,
the flame may either "flash back" or "blow our”". In the former, the mixture velocity is too low and the flame
progresses upstream, in the latter, the mixture velocity is too great forcing the flame downstream. To stabilise
flames over a range of conditions in burners, baffles are used to create recirculation zones and swirl. This is
called flame stabilisation and is inherent in good combustor and burner designs. If the flame can adjust so that
the angle of the cone that it forms can vary, a reasonable range of gas flow velocities can be tolerated. This is
because the flame front velocity is a component of the progression against the flow as shown in Figure 7.7.
That is, the flow velocity is S/sin6 where 0 is the half cone angle. The change of cone angle with flow
adjustment is observable in most open burners such as the well known Bunsen burner.

Unbumed Mixture Flame velocity, g Burned
Mixture Velocity, V m Relative to mixture Products
174 m - s 174 m < s Vm > s
Stable Flashback Blow out

Figure 7.5 Stability of a plane flame front moving in one-dimensional flow relative to the unburned mixture

Equal and
oppogiteto V

Burning cone Burning Velocity, 8

Vm=S /cosb

Midure velocity, V m
>y

]

Figure 7.7 A conical flame showing the ability to adjust to different mixture velocities by change of cone angle
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75  BASIC COMBUSTION DEFINITIONS AND LIMITS

A number of basic definitions are required before a study of combustion can be undertaken. Some of the
necessary ones related to engine operation follow.

7.5.2  Fuel/oxygen relations
Stoichiometric

This term applies where there is just sufficient oxygen to complete combustion of fuel to CO, and HyO only,
¢.g. taking butane, C4H; () as an example

2C H,,+130,-8C0,+10H,0

Insufficient oxygen (i.e. "rich" mixtures)

In the above example less than 13 molecules of Oy would be available and CO, COy and HyO would be
formed.

Excess oxygen (i.e. "lean” mixtures)

Also, for the above example, more than 13 molecules would be available and CO,, HyO and O) would exist on
the right hand side at the end of the reaction.

Use of air

The oxygen carrying medium is usually air and similar terms apply. The mean molecular weight of air is
28.97. Appropriate values, both actual and reasonable approximations for calculations, are given on Table 7.3.

Table 7.1 Composition of air

PROPORTION BY VOLUME PROPORTION BY MASS

AIR ACTUAL USE ACTUAL USE
NITROGEN 78.03% 79% 75.45% 77.8%
OXYGEN 20.99% 21% 23.20% 23.2%
ARGON 0.94% 0% 1.30% 0%
Cco 0.03% 0% 0.05% 0%
OTHER 0.01% 0% negligible 0%

Ratios for calculations are: 3.77 of N»:1.0 of O, by volume (ie kmoles, moles)

3.31 of N5:1.0 of Oy by mass
Nitrogen and oxygen combine at high temperatures to form NOx. This is less than 1% of the combustion
products but helps form photochemical smog. In general, nitrogen acts as a moderator to reduce combustion
temperatures and alter equilibrium composition.

Air/fuel (or fuel/air)

These ratios are expressed as mass ratios unless otherwise noted.

7.5.2  Combustion limitations

Flash point

This is important in determining the safety with which a fuel can be handled and is determined by standard
tests. If a quantity of liquid fuel in a "cup" is heated, it will vaporise, mix with the air above it and eventuaily
will ignite if the temperature becomes high enough. The temperature at which ignition occurs but after which
the flame immediately extinguishes, is called the flash point.

Fire point

This is similar to the flash point except the flame now continues to burn. The fire point is the lowest
temperature at which this occurs.
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Explosion limits

These are the thermodynamic conditions (pressure, temperature) within which, for a given air/fuel mixture
ratio, an explosive reaction must occurs spontaneously. That is, raising the pressure at a fixed temperature and
equivalence ratio will eventually lead to an explosion. This is the explosion limit. It essentially occurs because
the molecules are now more densely packed and collision probabilities will increase. The explosion also occurs
if the temperature is raised at fixed lower pressure values because the molecular collisions are now more
energetic.

Some substances (e.g. CO, H) have two or more pressure limits, a lower and a higher one, where an
explosion occurs. While the "no explosion” region at very low pressures occurs because of the increasing
proportion of wall collisions with their effect of breaking the reaction chain is clear, the actual mechanism for
the higher limit is not so obvions. It is related to the formation of intermediate species which end the reaction.
For example, hydrogen has three explosive limits at temperatures between 400°C and 570°C due to the
formation of an intermediate species. With higher order hydrocarbons, (above propane, CHy), there is a region
where "cool flames" occur. These are progressive reactions from the wall and usually occur as a low
temperature blue flame which is a partial reaction but they are not explosions.

Flammability limits

Flames do not necessarily always propagate through a fuel/air mixture if an ignition source is introduced. That
is, there are rich and lean mixture ratios outside of which the mixture will not continue to support combustion.
Although wall quenching effects may appear to alter the flammability limits in some experiments, when these
effects are removed, the following general conclusions can be reached.

e  pressure change below atmospheric does not affect the range except at very low pressures;

¢ in general, the lean limit is unaffected at higher than atmospheric pressure although the rich limit is
increased;

¢ when burning in oxygen rather than air, the lean limit is unaffected although the rich limit increases.

Some flammability limits of commonly used fuels are shown on Table 7.2.

Table 7.2 Flammability limits in air (by volume)

Lean Rich Stoichiometric*
Methane 5 14 9.52
Propane 2.4 7.6 23.8
Heptane 1 6 1.87
Hydrogen 4 76.2 29.27
Carbon monoxide 12.5 76.2 295
Acetyladehyde 3.97 57 7.7
Acetylene 2.5 30 77
Table 7.3 Comparison of flammability limits in oxygen and air
Lean Rich
Air 0y Air D)
Hy 4 4 74 94
co 12 16 75 94
NHy 15 15 28 79
CHy 5 5 14 61
CaHg 2 2 10 55

7.7 COMBUSTION FUNDAMENTALS

A basic understanding of the chemical reactions during combustion and the way the appropriate heat rclease
can be calculated is required. The following outlines the appropriate procedures.
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7.71  Energy liberated during combustion

Constant Volume Combustion

The energy liberated as heat during a combustion process is normally determined from measurements in
constant volume vessels called combustion "bombs". Here the fuel and air at known initial conditions is ignited
and burned with subsequent cooling to allow the products to return to a low temperature. The heat released is
collected in a calorimetric container surrounding the bomb and so can be precisely measured. Conditions are
specified as a standard state of 1 atmosphere, 25°C before and after the reaction. If the test is not carried out to
these conditions, corrections must be made for the internal energy variation with temperature both for the
reactants and the products in order to obtain the correct value of internal energy of combustion which is
essentially the chemical energy available from the fuel.

For a constant volume vessel, there is no work as the Ipdv is zero. Hence, from the first law, the heat
transfer is equal to the final minus the initial internal energy.

(QZLTP,Tz _UR,Tl (71.2)

where subscripts P and R stand for products and reactants respectively and T, and T are the temperatures at
the end, following the transfer of the heat Q, and beginning of the combustion process.

Now at the standard state, T7 and T, are both 298 K (25°C). The atmosphere condition is represented by a
superscript 0. The internal energy of combustion is defined as being equal to:

AU, ‘=U P.298 ° ~Upg 20 ‘ (1.2)

This is a standardised value and is available in tabulations as a property of the fuel. It should be noted that, in
general the number of kmoles of products and reactants are not equal and that it is therefore not possible to
reach this condition experimentally. Thus a correction must be used to relate the standard state values of the
products and reactants to those that actually exist. The first law expression must therefore be altered to include

the term AU.. That is:
Q=U P.T, ‘”UR,T1 :(UP,ZQS ° ""AUP,T2 )_(UR,ZQSD +A UP,TI ) (7.3)

where AUp 1, and AUR,TI are the changes in sensible internal energy from the standard state to the required
values. The a%ove equation can be modified to:

Q=AU +AUp 7 ~AU . 1 (7.4)

If the products and reactants are ideal gases, the correction terms are a function of temperature only. For the
general case, the value AU_O or its equivalent is called the internal energy of reaction. This is because many
reactions are endothermic (i.e. require heat) rather than exothermic (i.e. liberating heat) as in the combustion
case. As this text is concerned only with combustion, the term internal energy of combustion will be used.
The values are normally expressed per kmole of the fuel and are therefore given an intensive symbol, AU,.
Heat transfer Q (or q when expressed per kmole of fuel) is from the substances in the reaction and is therefore
negative. Hence, the internal energy of combustion should also be expressed as a negative value but this is not
always adhered to in tabulations. Finally, it needs to be noted that Eqn. (7.4) is a general expression and
relates the heat transfer for any constant volume, combusting system even when temperatures T; and T2 differ
substantially from the standard state value of 298 K.

Constant pressure and steady flow combustion

Most combustion processes, even in closed systems, are not constant volume while a great many are open
systems. In each case, the correct first law relationship must be used. For example, in both closed system,
constant pressure and open system, steady flow systems (with negligible kinetic energy and potential energy
changes), the First Law gives the heat transfer as the change in enthalpy.

Q=Hyp,—Hp, (7.5)

Using the same logic as previously, the relation becomes:
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Q=HCD+AHP,T2—A}{P,T] 7.7

where AH_O is called the enthalpy of combustion. 1t is enthalpy of combustion rather than internal energy of
combustion values that are most usually available. Again, tabulations are usually per kmole of the fuel, are
given as AH.0 and are negative. The value of AH.® and AU can be related in the usual way. That is:

AH °+AU *+A(pV }=AU " +A(NR,T) 7.7)

for ideal gases, assuming both products and reactants are in the gas phase. Here N is the number of kmoles and
R is the Universal Gas Constant. But in this case, the temperature is fixed at 298 K. Hence:

AH °+AU °+R, Ty AN=AU °+R T, (N,—N,) (7.8)

Typical values of enthalpy of combustion are high. For example, the reaction of CO to form CO, has an
enthalpy of combustion of about -283 MJ/kg. The values of RTAN are, however, relatively small. For the
oxidation of CO, it is about -1.24 MJ/kg or 0.43% of the enthalpy of combustion. This is less than the normal
uncertainty in the calculation and it is therefore usually ignored. That is, Internal Energy of Combustion values
are taken as identical to enthalpy of combustion in most cases. It must be stressed, however, that this does not
apply to the correction terms, AHp 1, and AHp ,T; (or AUp T, and AUp T,) where the cotrect process
relations must be used.
The following points should be noted.
o  Tabulated values are quite often given per kg of the initial substance instead of per kmol of the fuel.
¢ In such tabulations, the negative sign is often not used. It must then be remembered that the heat is being
removed from the combusting substance.
s  When water is formed in the combustion process, more heat is removed if the water is condensed than if it
remains as vapour. This is referred to as the higher heating (or higher enthalpy) value. The lower heating
(or lower enthalpy) value retains water as vapour, .g. combustion of methane, CHy:

higher heating value 55,564 kJ/kg
lower heating value 50,047 kJ/kg
Enthalpy of formation

Enthalpy values are tabulated in two different ways - either as enthalpy of combustion or as enthalpy of
formation, the latter now being the more common. Both are evaluated at the standard state of 101.3 kPa, 25°C.
Enthalpy of formation is designated here as hf" 298 - It is important to examine the relation between these
two. Note that several different nomenclatures are used in different sources. In some texts, the term Ahg® y9g
is used instead, in others a bar is added over the h to indicate that the units are per kmol of the substance.

Take, for example, the hydrogen oxidation reaction

H,+0,=H,0
For this reaction, the enthalpy of combustion of hydrogen to water is -285.83 MJ/kmol and is essentially the
heat which will be extracted in starting with the reactants at 298 K, burning the hydrogen and returning the
products to the same temperature. However, instead of considering the combustion of hydrogen as the base, the
formation of water may be used. Assigning zero enthalpy of formation to the stable elements on the left hand
side of the reaction allows the value of -285.83 Ml/kg to be considered as the energy release from them in
forming water. That is, the enthalpy of formation of water is -285.83 MJ/kg, that of hydrogen is 0.

This may seem a small and perhaps unnecessary change. However, in practice, it allows a more concise
tabulation and simple calculation. Consider, for example, the oxidation of carbon. There are several
possibilities, C to CO, C to CO,, CO to CO;.

Entbalpy of combustion values would therefore be:

@ Carbon to CO -110.53 MJ/kmol
(ii) Carbon to COy -393.52 MJ/kmol
(iii) CO to CO, -282.99 MJ/kmol

The value in (iif) may be determined by subtracting (i) from (ii). Intermediate values where some CO and some
CO, are formed also occur.
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In cases (i) and (ii) the values are also enthalpies of formation of CO and CO,. If enthalpy of formation values
are used, only these need to be considered even for reaction (iii).

Enthalpyof formation CO +40, —)CO

—110 53 0° _393 52
Q=H ,; —Hy; =—393.52+110.53=—282.99MJ / kg

That is, the enthalpy available is calculated directly as the difference between the enthalpies of formation of the
products and reactants. In complex reactions, this provides a system less prone to error and ties in with the
concept of using the difference in the total enthalpy (i.e. enthalpy of formation plus the correction for
temperature) of each substance at the beginning and end of the reaction in order to find the energy available.

It should be reiterated that the enthalpy of formation of all stable clements is arbitrarily defined as zero at

the Standard state.
Using an internal energy or enthalpy of formation scheme, the first law statements becomes, for a constant

volume reaction:

QZ(Uﬂ,OzQs +AU, ;. )—(U]R029s +AUg )
(7.9)

=S N (U o +AU o S N (U oo +AU )

Noting the negligible difference between internal energy and enthalpy of formation, it can be re-written as:

Q=3 N, b, o +AU . -3 Nl oo +AU 1) (7.20)

For a constant pressure or steady flow reaction:

QZ(Hﬂ,Ows +AH ;. )—(HjRozs:s +AH )
(7.21)

:Z NP (hﬂ,ozgs -i-AhP,T2 )’Z NR (hﬂozgs -i-AhR’T1 )

Enthalpy of formation data for selected substances is given on Table 7.

7.5.2 Flame Temperature

Excluding for the present the effects of dissociation which will be discussed later, the temperature at the end of
combustion may be calculated by a simple energy balance. For example, if no heat is transferred during a
process, the heat, Q, that would have reduced the enthalpy of the products to the standard state is now used in
raising the temperature of the products. This limiting temperature for zero heat transfer gives what is catled
the "adiabatic flame temperature”. The First Law is applied as before. For the constant volume case:

Q=3 Nl 8 +AU s -5 Nyl 28 +AU . )20 7.22)
That is;

Y N \r (ﬂ, 293+AUPT) =Y Np\h (ﬂ2 293+AURT) (7.23)

and , for constant pressure, steady flow

Z N, (hjpozs:s +Ahp 7. )IZ N, (h fR029s +Ahg ) (7.24)
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TABLE 7.4 Enthalpy of formation of selected substances (all substances gas phase unless designated by s - solid,
or 1 - liquid)

SUBSTANCE FORMULA h&kl/kmol
Carbon C (s 0
Hydrogen Hy 0
Nitrogen Nj 0
Oxygen 0, 0
Carbon monoxide CO -110,530
Carbon dioxide CO, -393,520
Water Hy)O 241,820
Water Hy0 (1) 285,830
Oxygen 0 249,170
Hydrogen H 218,000
Nitrogen N 472,680
Hydroxyl OH 39,040
Methane CHy -74,850
Acetylene CoH,y +226,730
Ethene (Ethylene) CyoHy 52,280
Ethane C,Hg -84,680
Propene (Propylene) C3Hg 20,410
Propane C3Hg -103,850
n-Butane C4H1o -127,150
n-Pentane CsHyy -147,440
n-Octane CgHig -208,450
n-Octane CgHpg (1) -249,910
Benzene CeHg 82,930
Methyl Alcohol (Methanol) CH;0H 200,890
Methyl Alcohol (Methanol) CH;0H (| ) -238,810
Ethyl Alcohol (Ethanol) C3H50H -235,310
Ethyl Alcohol (Ethanol) CHH50H (I ) 277,690

Here T, is the adiabatic flame temperature. In either case, the enthalpies of formation of both products and
reactants can be found from standard data and the initial condition of the reactants'is usually known allowing
temperature Ty 10 be determined such that the equation balances. In cases where a standard value of the
adiabatic flame temperature is quoted, this assumes that temperature Ty is at 298 K.

It should be noted that tabulated values as on Table 7.5 of enthalpy (or internal energy but usually the
former) with temperature are normally used to obtain the corrections Ahp T ,etc. and this requires a trial and
error solution. These assume the substance is an ideal gas throughout thi¢ temperature range considered.
Alternatively, rough estimates may be obtained directly by using approximate values of ¢, or ¢, for the
temperature range of the correction. For example, if the reactants are Hy and Oy at an initial 75°C, an
approximate calculation can be made for each using Au = ¢y AT, with, for a diatomic gas, ¢y ~ 21 kJ/kmol K in
the 25°C to 75°C range. For the reactants, the error is usually small because reactant temperatures are mostly
within a limited temperature range from 298 K but greater error is likely for very high adiabatic flame
temperatures. To replace the trial and error method by a direct, exact solution, the values of ¢, and ¢, must be
expressed as functions of temperature and integrated over the temperature range. This is most desirable for
analysis by computer.
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In most real cases, an intermediate sitbation exists in relation to the heat transfer. That is, there is some heat
transfer but it is insufficient to reduce the products to 298 K and the flame temperature rises to a lesser extent
than in the adiabatic case. Here the actual heat transfer must be estimated and the general first law equation
applied. The adiabatic case is however, useful as it shows the limiting situation for a given reaction.

7.7.3  Pressure change in combustion processes
The final pressure, p, in a non-reacting case with heat addition is usually determined from the initial conditions

and the final temperature by use of the intensive form of the ideal gas equation. For example, in the closed
system, constant volume case, use of pv = RT gives:

T.
p2=T—fpl (7.25)
However, in a reacting case, the number of kmoles changes from the reactants to the products and the form of
the ideal gas equation which is most conveniently used is:

pv=NR,T (7.27)
For the constant volume example above, the final pressure is then:

N, T,
Ng T,

P;= P (7.27)

Note that NR excludes liquids and solids whose volume is negligible and Np excludes any water which has
condensed to liquid.

7.7 DISSOCIATION AND CHEMICAL EQUILIBRIUM

At any temperature, a small number of molecules have broken up (that is, dissociated) into sub-particles due to
the vibration of the molecule and the proportion increases with temperature increase. The dissociation of gases
into various sub-components absorbs energy and limits flame temperatures and useful energy available to the
combustor. It is therefore the various species which exist under any given pressure, temperature conditions
both of which independently vary the amount of dissociation. The presence of other gases is also a factor
influencing the final, dissociated composition. The calculations required appear:from the equations to be
reasonably simple but are, in fact quite complex as these equations do not readily form sets amenable to simple
iterative or similar types of solutions. However, they are a thermodynamic calculation and do not require
experimental data or constants in order that a solution be obtained. This is because, while molecules combine
and dissociate continually, the proportion which is dissociated for any given set of restraints remains a
constant. Therefore, an equilibrium exists which is termed chemical or thermodynamic equilibrium and it
implies that rate processes are unimportant in the final analysis.

In an internal combustion engine, the pressure and temperature are already high at the start of the
reaction due to the compression process and some minor increase in dissociation levels occurs before
combustion takes place. A major increase in temperature occurs during the reaction and this causes a marked
rise in dissociation levels. The corresponding increase in pressure may offset this slightly as will be explained
later although temperatures at every stage are less than those that would be achieved had no dissociation
occurred. Thus the effect of dissociation on internal combustion engines is quite severe and more pronounced
than in many other reactors. Some of the energy is regained as the molecules recombine during expansion but
this does not offset the original loss because there is now an insufficient further expansion ratio to fully extract
this energy.

To understand chemical equilibrium, a first law analysis is insufficient and the second law is required. The
entropy (or more conveniently, the Gibbs function) is examined which leads to equilibrium constants from
which calculations can proceed. The concept of chemical equilibrium will be first discussed in relation to the
entropy with which the reader will be more familiar but later equations will be developed from the Gibbs
Function which is a more convenient although directly related property.

7.7.2  Entropy changes during combustion

The change in entropy during a reaction can be calculated from the individual entropies of the reactants and
products as follows:
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AS=Y (NpSp )2 (NeSe) (7.28)
The second law of thermodynamics, however, relates AS to the heat transfer:
AS> j dQ/T (7.29)

which can be evaluated. If the process is adiabatic AS must be positive in any real system. However, for any
process with heat transfer from the system as in most combustion systems, the positive value of AS is reduced
and may conceivably become negative if the heat transferred is sufficient. In either case the procedure for
examining the reaction limitation is the same, but the adiabatic case, being simpler will be used here for

illustrative purposes

e = —

Toatal entropy| / Temperature, K
S kl/K /

0 0.5 1.0
Fraction of Reaction Completed, x

Figure 7.7 Progression of a reaction towards completion in an adiabatic vessel. Typical entropy and
temperature plots

Consider a chemical reaction of substances A and B forming C and D. Assume, for simplicity that only one
kmole of each substance satisfies the chemical conditions although it must be recognised that, in general this is
not the case. The reaction relating the start to the end of the process is:

A+B—>C+D (7.20)

At the start of the reaction, only A and B exist but as the reaction proceeds, increasing quantities of C and D
will form until the reaction is complete when only these last two will exist as shown above. At any intermediate
stage, all four substances will co-exist with A and B decreasing and C and D increasing in proportion. This
can be expressed as:

A+B>xC+xDH1—x)A+1-x)B (7.21)

where x lies between O and 1 and indicates that the reaction is that proportion completed. For an exothermic
(combustion) reaction, the enthalpy (or internal energy) of the reactants and products can be evaluated as
functions of x and hence the energy liberated can be determined giving, from the procedure adopted in Section
7.7.2, the flame temperature, mixture pressure and partial pressure of the constituents for each stage of the -
reaction. In addition, the entropy change can be evaluated as:

AS(x)=x g +x g H1-x)S , —S , —S , =x(S ,+S8 , ~S , =S ,) (7.22)

or S(x)=S, -8, +AS(x) (7.23)
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where S is the entropy at the start of the reaction.

As x increases, for the adiabatic condition, AS is positive and S(x) must also increase with time as the
reaction process proceeds to completion. It is not possible at any stage for S(x) to decrease as this will mean AS
is negative and, if the calculations show it doing that, this must be the point at which the reaction can proceed
no further even if it is not complete at the time. That is, the combustion will stop and no further increase in
temperature will occur. This is illustrated on Figure 7.7 which shows the S(x) curve peaking (i.e. AS = 0) and
consequently the reaction ceasing at x somewhere between 0.5 and 1.0. It is typical of all combustion reactions
although the exact value of x at which cessation occurs will vary with the reaction, the temperature, pressure
and the presence of inert gases.

Obviously, if the process is not adiabatic, the calculation is a little different. Here, the significant plot is
S(x) - |dQ/T versus x, Q being negative for heat transferred from the system. In all cases the maximum value
of the curve is the limit of the combustion process.

7.7.2  Chemical equilibrium equations

From the above, it can be seen that reactions stop if a situation is reached when the entropy of the isolated
system is decreasing. An alternative approach is to use the Gibbs function:

G=H-TS (7.24)
At the point of maximum entropy, G is a minimum and so when G increases, the process must cease. This
criteria is equivalent to the statement in terms of the entropy function but is usually more convenient in
developing equations. From Chapter 3, it will be remembered that, for a single species:

dG=Vdp—S5dT (7.25)

If there are a number of species, a property is not only a function of two other properties but of the quantity of
each species in the mixture. That is, the Gibbs Function for a mixture of gases may be expressed as:

G=f(T,p,N,,N,......,N,) (71.27)

where Ny, Ns, ...... . Nj represent the number of moles of each chemical species. The total differential equation

is therefore:
dG:[f‘g_} ap{ﬁii dr+y. R
&P TN, &T P, | & N. pr

1

(1.27)
=Vdp—SdT+u,dN,

The quantity, p; is called the "chemical potential' as it represents the effect on the Gibbs Function of the
change in composition during a reaction.

When a reaction occurs, there are essentially two governing equations. Imagine a reaction A and B to form
C and D with 1 kmole of each of the substances being involved. Now a kmole is made up of millions of
molecules which react on an individual basis, that is, if one molecule of A collides with one molecule of B, one
molecule of each of C and D will form and the original two will disappear. In practice, most reactions will not
have unit coefficients but the same principle is involved at a molecnlar level and the dissociation reaction is
always stoichiometric. This can be represented in general terms by:

v, A+v B=v C+v,D (7.28)

This equation merely represents the way molecules of A and B combine to form molecules C and D. The actual
chemical equation representing the total number of kmoles may be different becanse the constituents may not
be in stoichiometric proportions and because the reaction may not be complete. That is, as discussed before, A
and B formed from the combustion have only partly dissociated into C and D and so still co-exist with them.
The equation representing this is:

N, A+NyB>N C+N,D+N,A+N, B (7.29)
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Here Npo and Npj less than N | and Ny respectively. Now at constant temperature and pressure, Eqn.
(7.29) gives:

1z 6
dGszz ——| 4N, :Z u,dN,
| i dv ildpr i
(7.30)
=p,dN ,+pgdN g +u dN . +u,dN,

Now assume the reaction proceeds a very small amount indicated by a proportionality constant k, to the right.
This will take place according to the molecular equation and will represent a limited number of molecular
collisions. Therefore

dN,=—kv, dNy=—kv, dN_ =Fkv, dN,=—kv, (7.31)
from which:

dGr, :k(_ HaV4—HgVytlcVetHpYp ) (7.32)

At equilibrium, as with but opposite to the entropy, G is changing from a decreasing to an increasing value.
That is:

dG;,=0
giving

— UV —UgVetU Vo1V, =0 (7.33)
The chemical potential of gas in a mixture at the mixture pressure is the same as the chemical potential of the
pure substance measured at its partial pressure. Therefore, to obtain values for the mixture, pure values at the

partial pressures arc used. If, for a pure substance at constant temperature, T and partial pressure p;, the
number of moles is changed by a given multiple, G is increased in the same proportion. Therefore:

] ag,‘ _AGi,T . Gi,T _ (7 34)
B | Tan, N, E '
At a given temperature T:
g;=h;—TIs,; (7.35)

Values are usually tabulated at a standard state of 1 atmosphere for a range of temperatures and this is
indicated by a superscript 0 and a subscript T. The enthalpy of an ideal gas does not vary with pressure (i.e. h
= f(T) only) but the entropy does. Substituting from the conventional formulas for these gives:

p2=h% ~T%s+R, Tenlp, / p°) 7.37)
where p0 is the pressure of 1 atmosphere. If p; is measured in atmospheres, this becomes:

fir=h’r —T 7 +R,Tlnp;=g° 7 +R, Tlnp, (1.37)
Substituting now in the molecular Eqn. (7.33) gives:

-V, (goA,T +R,Ttnp , )—VB (gOB,T +R,I%¥npy )
(7.38)

+v, (g"c,T +R,Tinp, )-WD (gOD,T +R,Ttnp, )=0
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That is:
A(vi goir )—!—A(ROT tnp, }=0 (7.39)

But v5g° T is the number of moles of A undergoing the reaction multiplied by the Gibbs function/mole at
teraperature T. Therefore

Alv,g°r FAGr (7.40)
This is the change in total standard state Gibbs function for that reaction. Substituting in Eqn. (7.40) now

gives:
—AG°r=RT(~v dnp ,~v np +v tnp.—v  inp,)

anleff

Thus the change in the standard state Gibbs function can be expressed in terms of the temperature and partial
pressures of the mixture components.

(7.41)

7.7.3  Equilibrium constants

It is usually more convenient to rewrite the above as:

(pe)“(po)” | 0, 7.42
{(p,l)“(pg)%} PloaGer IRT) 742

where exp (-AGOT/ROT) is called the equilibrium constant, Kp. Note that these are usually expressed as
logarithms because the range of is very large. The logarithms may be taken either to the base 10 or base e for
practical purposes of tabulation and so may vary in different texts. Be careful to check the form of any tables
used.

Notes the following points:

@) Kp is a function of two properties and is a property itself. It may be obtained either from tabulations
or it can be calculated from other properties, i.c.

AG°r _ AH°r

+RAS” 7.43
RT  RT ! (7.43)

oK, =

(i) Kp is independent of pressure during the reaction as the pressure terms were moved to the other side
of the equation leaving only the standard state enthalpy and entropy for its definition. However, Kp
varies with temperatore. This means that it can be tabulated against a single variable, T.

(iii) This definition uses partial pressures of products in the numerator and reactants in the denominator.
This is the most usual. However, some authors define it the other way around. Their value, say Kp' is

then the inverse of Kp.

@iv) The value of Kp depends on the way the equations are written, €.g.:
CO+%0,—CO, @)
2C0+0,-2CO, )]
CO, »CO+%0, ©

These are all essentially the same equation, but Gibbs function for Eqn. (b) is twice that for (a). That
is, Kppy is Kp(a)z. Reversal of the reaction changes the sign of AGy. Therefore, Kp(c) is Kp(a)-l.
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7.7.4  Equilibrium constants in terms of number of moles

Partial pressures are usually calculated from the mole fraction. For use in calculations it is therefore usually
more convenient to by-pass this and work directly from the number of moles. Eqn. (7.43) is then further
modified for this purpose.

ey

The — indicate that there may be more than two substances on either side of the reaction. Now the partial
pressures are related to the total pressure by:
N

p; :']Vp

Substituting gives;

Ve Vp [{vetvp }-{vatvall
K :|:(Nc) (ND) }[ P :|
g N

(V) (V,)”
(7.45)

:{(Nc)”“ (W,)® }{p T”

(V)" (V)" LN

Here N is the total number of moles in the mixture and includes amy inert gases. This equation is now in the
most convenient form for calculations.

7.7.5  Numerical values for equilibrium constants

Most thermodynamics texts tabulate Kp for most of the common reactions over a substantial temperature range.
However, for the less common reactions, the values need to be calculated from data from other sources. The
best source for thermodynamic data is the JANAF Tables. This data has been reduces to a best fit equation by
several authors and is then in a suitable form for computer programs. A useful source of these equations is a
NASA Report (Gordon and McBride, 1971), where properties for enthalpy, entropy and Gibbs function are
given by standard, power series equations as functions of temperature in a dimensionless form. Each has up to
seven constants, Two ranges are given and hence fourteen constants are tabulated. The equation for specific
Gibbs function, for example, is:

2 AT? AT* 4
£ _4(-tnT) AT A" AT AT 4 A, (747)
RT 6 12 20 6
Hence
AG
AY N Noe-SNo 747
T ; & ; &, (1.47)

where i, j represent the right and left hand side of the reaction respectively. This allows the equilibrium
constant to be calculated.

7.7.7 Calculation of equilibrium compositions

The equilibrium constants can be determined either from tables or Gibbs function as above. To obtain the
equilibrium composition, there are a number of unknowns, these being equal to the number of substances on
the right hand side of the chemical equation. In the example used for the equations above it is four, substances
A.B,C, and D respectively with number of kmoles N9, Ny, N, Np with N being the sum of these. The
equilibrium constants for the assumed equilibrium temperature are known. Also values of v, vg, vc and vp
can be determined from the dissociation equations. Thus, three other equations (in this case) are required to
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complete the set. These are obtained by balancing the number of atoms of each element on either side of the
equation and, in general, this is sufficient to obtain a solution.

7.7.7  Effect of pressure changes at constant temperature

Increase in temperature increases the dissociation if other conditions remain constant That is, this decreases the
kmoles of products from an initial undissociated calculation. It can be seen that the mixture pressure is also a
significant variable in the equilibrium equation and it is important to know how pressure effects dissociation. If
the exponent of the pressure term is positive as is the case in most combustion reactions, an increase in pressure
will reduce the dissociation, that is increase the number of kmoles of the original combustion products and
push the overall system more towards completion. That is, it will push the reaction to the right. Effectively a
positive exponent means that pressure tends to increase as the dissiciation proceeds and a high system pressure
helps limit forther dissociation. If the exponent is negative, the opposite is true. A zero exponent indicates that
the reaction is independent of pressure. The addition of an inert gas will decrease the partial pressure of the
products and has the same effect as a pressure reduction on the system.

7.7.8 Simultaneous reactions

In many systems, several substances can be involved in equilibrium reactions. These may be due to completely
different substances or two alternative dissociations from the one substance. In both cases the treatment is the
same, the equilibrium constant being evaluated for each dissociation equation separately. This gives sufficient
equations for solution and the calculation is then similar to that when only one substance dissociates.

1.7.9  Significant dissociation equations

In combustion work, a number of dissociation reactions are required. These essentially are the dissociation of
the major products of hydrocarbon combustion, water and carbon dioxide. In addition, oxygen and nitrogen
combine to form NO which is a major emission product. Also, at very high temperatures, oxygen, nitrogen and
hydrogen ionise to atomic forms. The equations are listed in approximately their order of importance in
combustion calculations.

@ CO,=CO+1%0,

(ii) H,0=H ,+%0,

(iii) H,0=0H+/%H,

(@iv) %0, +%2N,=NO

v) CO,+H,=CO+H,0
(vi) N,=2N

(vii) 0,=20

(viii) H,=2H

Some values of equilibrium constants are given in Table 7.7 using this numbering system for the reactions.
The equals sign designates the possibility of the reaction occurring in both directions.

Dissociation is significant above a value of Kp of about 0.0002 which occurs around 2000 K for the CO,
and HyO reactions.. The dissociation of H, O and N into ions is not significant until 2500 K, 2600 K and 4500
K respectively. Note that Eqn. (v) can be formed from a combination of Eqns. (i) and (ii) and hence it is
usually neglected. For, Kp > 1000, (i.c. InKp > 6.9), a reaction is near complete. For Kp > 0.001, (i.e. InKp
> -6.9), the reaction is insignificant. As calculations are complex, it is often convenient to neglect some
reactions and the above are worth noting for this purpose. Also, in selecting appropriate equations to reduce to
total calculations, if there is insufficient oxygen, the burning preference is to give CO, HpO and CO in that
order of priority.

7.8 CHEMICAL KINETICS

The principal noxious emissions from combustion systems are carbon monoxide (CO), unburned hydrocarbons
(HO), the nitrous oxide group generally Iabelled NO,, sulphur oxides, principally sulphur dioxide and particles
of various compounds and sizes. The formation of carbon monoxide and NOx in particular need careful
consideration from a fundamental chemical viewpoint and this requires an cxamination, not only of the
equilibrium values but of the rate of formation of the products.
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The amount of carbon monoxide has been found to be fundamentally related to the fuel/air ratios, a rich
mixture giving high CO emissions and a lean mixture giving very little. This is because the CO, CO,
formation mechanisms are fast; they are substantially within the time scale of the individual combustion
processes in most systems and hence the levels obtainable at any particular stage are close to equilibrium
values. At low temperatures, CO is predominantly undissociated and hence the level of CO is largely a result
of insufficient oxygen to complete the combustion. This is particularly true at lean mixtures, rich mixtures
having the effect of introducing a slower rate of recombustion and increasing CO above equilibrium values
when the exhaust cools to atmospheric temperatures. The NO, formation is, however, quite different. At low
temperatures, very little NOy type compounds exist in equilibrium as is evident from the fact that both N and
O, occur together in abundance in nature without more than minute quantities of NOy forming. At high
temperatures, of the order of those in combustion processes, a comparatively major reaction occurs between Ny
and O,. If NOy compounds remain in the exhaust, it is obvious that some non-equilibrium event is occurring
to retain them at the low temperatures where they should have substantially reformed to Np and O,.
Essentially, the high levels in the exhaust is due to the slow rate at which Ny and Oy are reformed when
temperatures drop, this dissociation of the NO being considerably slower than its formation. Thus the study of
reaction rates (i.c. chemical kinetics) is of particular importance for this exhaust emission product.

7.8.1  Reaction rates

At a molecular level, substances are continually forming and breaking up. Equilibrium constants apply to
chemical reactions when the rate of combination of atoms or radicals to form species exactly balances the
breaking up of the same species (i.e. destruction) to their original components. These processes, on a
microscopic scale, never occur instantancously after a change in conditions from a previous equilibrium state.
The change may be rapid, of the order of nanoseconds or may take many hours depending on the constituents
of the reaction and the conditions. Rapid cooling of a gas in, say, an engine after combustion (or a shock tube
for experimental duplication) may "freeze" the products of the original reaction and they may take considerable
time to reach equilibrium at the new, cooler conditions. Consider, for example, air (approximately 3.76 kmoles
of Nj, 1 kmole O5) at 1 atmosphere. At a temperature of, say, 298 K the gas will, if given time, come to an
equilibrium mixture of 2.44 x 1016 kmoles of NO for each kmole of initial air mixture. Thus there will finally
be just a little less Ny and O, at equilibrinm than the 3.76 and 1 kmoles respectively but the difference will be
undetectable. If the temperature is raised to, say 3000 K and there is sufficient time for equilibrium to be
reached, it will now be found that 0.046 kmoles of NO exist for each original kmole of mixture. Thus, in
comparison with 298 K, there is now a considerable quantity of NO. When cooled again to 298 K the original
equilibrium values will again be reached. However, this takes a very long time and during that period the extra
NO may react with other substances (e.g. unburned hydrocarbons, HC) to form irritating substances. In other
words, much of it does not have the opportunity to revert to Ny and O). These further reactions form
compounds which are the basis for photochemical smog.

Equilibrium at 3000 K

NO, ppm \ Temperature, K
Temperature B S IO

Forward Reaction
(Formation of NO)

hark Backward Reaction

(Destruction of NO)

o /" I e e e e e e o - 300
Equilibrium at 300 K

1 10 100 1000
Time (arbitrary units)

Figure 7.8 Schematic representation of the formation and destruction of no from ny and oy with change in
temperature
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The effect of a large step increase in temperature followed at a short time interval by an equivalent decrease is
shown diagrammatically on Figure 7.8. Note that this is schematic only and does not represent any actual
formation process. As the temperature increases, a substance forms at a rapid rate and approaches but does not
reach equilibrium at the new conditions in the time available. On decreasing the temperature, the substance
starts to reform to the original components but this is a slow process. Hence, a very long period may occur
before the original equilibrium is again reached.

To determine the amount of NO (or any other substance given the relevant reaction) formed in a given time
after a given change of temperature occurs, the rate, called the reaction rate at which the substances approach
equilibrium must be known. This is usually expressed in terms of reaction rate constants, k¢ for the forward
reaction and ky, for the backward one, these being determined experimentally. They are normally expressed in
the form:

k=AT"exp(~ E/RT) (7.48)

The term A exp(-E/RT) is called the Arrhenius factor after Arrhenius who first derived that form. Here E is the
activation energy which is the minimum energy of a molecular collision which is sufficient for the reaction to
occur. Below that value, the molecules will simply rebound. Constants are A and R, the universal gas
constant, The addition of the term T™ where n is also a constant has been shown to improve the agreement in

many cases.

For a reaction, the following equation may be assumed as previously to govern the formation of substances
at a molecular level as they interact (collide). That is, molecules A and B combine to form C and D. Assume
C is the substance whose formation is of interest. The values of coefficients, v; are the numbers of each

molecule engaged in the reaction:
v A+tv,Bov . C+v, D (7.49)

Assume a reaction rate has been measured experimentally for this reaction and is expressed in terms of the rate
of increase of the concentration of C with respect to the concentrations of the forming substances. A bracket [ ]
is used to denote volume concentration in the total mixture.

%]:k 14158] (7.50)

The constant k¢ is the rate for the forward reaction, i.e. that which forms substance C. Now the actual
quantities available to react are N 5 | and Ng; giving a reaction equation:

N, A+Ny BN, C+N,D+N,,A+N,,B (7.51)

This applies at any instant between time t = 0 and equilibrium with, of course, the numerical values of the
coefficients N¢ and Npy increasing with time while Njy and Ngj decrease. The concentration of A, for
example, in the mixture on the right hand side is:

[AEN,,A/(N,+N,+N ,+N,,) (1.52)

This is distinct from A which is often used to signify simply the number of moles of A. Using [ ], to indicate
the concentration of any of the substances at time t = 0, the mixture equation may be represented then by:

[A]o A+[B ]o B+[C]o C+[D ]o D (7.53)
For a small time interval At, the rate equation gives for the forward part of the reaction only:
AlCkk  [4]BJAt (7.54)

But C is simultaneously being destroyed and a similar equation will work in reverse. This is called the
backward reaction, and is governed by:

%:— k,[CID] (7.55)

where ky, is the backward reaction rate constant. The nett rate of formation of E at any time is then:
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A[E]:_ k, [A]o [B]o '"[C]o [D]o (7.57)

from which the new mixture concentration at the end of the first time increment can be found. That is:
[CE[c], +Alc] (1.57)

At the beginning of the reaction it is likely that neither [C] nor [D] exists. However, for the second and later
time steps, both [C] and [D] will have finite values.

Now [(C] is the concentration of the substance of interest which has been formed. The changes in the other
constituents may be found by proportion from the molecular equation, i.e.:

ADE+Cv, AlC] (7.58)

and so on for the other substances.

The new mixture at time At may now be evaluated and the process repeated over a large number of small
time steps. The above is very time consuming and simplified schemes have been determined for many practical
cases.

7.82 BACKWARD REACTION RATE CONSTANTS
The missing information is ky, as, usually it is convenient to measure a reaction rate in one direction only.
However, ky, can be determined from kg by considering the equilibrium condition.

Generally when substances are reacting the formation and destruction rates of a substance are not equal and

only become so at equilibrium. Essentially, this is what chemical equilibrium means, not that no process is
occurring but that the rate of formation and rate of destruction are the same. Expressing this mathematically,

k,[4].[B].=,[C].ID]. (759

where [ ] represents the equilibrium concentrations. Hence:

k
k_[cllp] oo
kb [A]e [B]e
:EC_A.]_D. (7.71)
N Ny

Note that this is the expression for the equilibrium constant Kp for the normal simple bi-molecular reaction
where two substances are formed from the collision of two others, that is when Av = (. Also note that a reaction
is not fully described by the overall "global" equation which is the one normally given. It takes place as a
series of molecular collisions and these are generally two species types with unit coefficients. There are agreat
many intermediate reaction equations during the progress to the final equilibrium state. These (or at least the
most significant) should be included in any chemical kinetic scheme. Thus, finding the forward reaction rate
for all these sub-reactions is mecessary experimentally with their backward reaction rates follows from the
equilibrium constant K,,:

kb:_._f_ (7.72)

7.8.3  Reaction rate schemes

The most extensive of the NO, group is NO. To calculate its formation, simple schemes containing only the
required substances can be used, for example oxygen and nitrogen giving NO but these provide only a small
part of a combustion reaction. That is, the results can be inaccurate becaunse of formation of other substances
which participate in a total scheme are controlling factors. For example, a second reaction may provide a
necessary intermediate species which in turn reacts to produce the substance of interest. If this intermediate
species is produced rapidly, the controlling reaction will be the final reaction. However, if it is produced
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slowly, the final process will be delayed while it is formed and it therefore becomes dominant in determining
the overall rate. In combustion systems, there are many intermediate species formed and these can have a
substantial impact on the final formation. For the production of NO, schemes range from a simple two
equation scheme, the Zeldovitch scheme to a quite extensive reaction series. Some typical schemes are as
follows:

Basic Zeldovitch scheme

This is a simple scheme and combustion is not necessary:
N,=NO+N
N+0,=NO+0

Each reaction provides atoms which feed the other reaction.

Extended Zeldovitch scheme

This is more commonly used in combustion as an OH radical is involved, this coming from the HC
oxidation :

N,+0=NO+N
N+O,=NO+O

N+OH=NO+H

The rate of formation of the OH radical is an important variable and to a lesser extent formation rates of
additional N and O which can also from the combustion process.

Various combustion schemes which use the extended Zeldovitch mechanism have been proposed with
reasonable success and involve many HC reactions. Mamy schmes exist. Some examples may be found in the
work of Bowman (1972) and Smooke et al., (1986). Significant reactions used in these works for determining
the final global reaction range from about 17 to about 35. Large computational schemes are therefore requires
and these are very involved. As each equation may contribute radicals to feed other processes, the total system
should be used at each time step in the computation. However, by sclectively eliminating very slow reactions,
the degree of complexity may be of reduced. Note also that non-reacting substances can also be involved and
effectively play a catalytic role.
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PROBLEMS

7.2 A series of hydrocarbon fuels (in the vapour state) are burnt in air with an air to fuel ratio that is :
(a) stoichiometric; (b) 17:1
The fuels are: i. methane, CHy ii. propane, C3Hg iii. methyl alcohol, CH3OH, iv. iso-octane CgH;g, v. petrol
(gasoline) assumed to be C7H;3
For each combination, determine the air/fuel volume ratio, the percent excess or insufficient air and
the fuel/air equivalence ratio. For the stoichiometric case, also determine the air/fuel mass ratio.
Molecular masses are C = 12.01, H, = 2.016, O, = 32, N~ 28.008.




196

7.2 For methane, the flammability range in air is approximately 5% (lean) to 14% (rich) where the values are
expressed as fuel volume divided by fuel plus air volume. Determine the percent theoretical air for these limits,
the air;fuel mass ratio and the appropriate equivalence ratios

7.3 A burnt gas mixture is at a pressure of 5 MPa, 500°C and contains CO,, HyO, O, and N in proportions of
1.954:1:1.154:11.398 by mass. Given that the combustion was in air and that the molecular mass of the
hydrocarbon fuel was 58.12, determine:

(a) the relative proportions by volume of the gases in the burnt mixture (per unit volume of CQ2)

(b) the formula for the fuel

7.4 Calculate the higher and lower enthalpy of combustion of liquid ethanol (ethyl alcohol) on a mass basis

If 1 kg of this ethanol fuel originally at 298 K burns in air at an equivalence ratio of 1.15, determine
the chemical equation. For one kmole of fuel, how many kmoles of CO2 and CO are theoretically produced.
Calculate the heat available if the products are returned to the original temperaturte after combustion, assuming
that all the water vapour is condensed to liquid at the end of the process

7.5 Butane gas at 259C is mixed with 300% excess air which is at 2279C. The reaction occurs at a constant
pressure of 1 atmosphere in a steady flow process. Determine the approximate adiabatic flame temperature
assuming no dissociation occurs.

If the same combustion process occurred in oxygen, rather than air determine the flame temperature.

If the same combustion process in air now occurs at constant volume in a closed system, what is now the
temperature and the approximate final pressure if it is assumed that the reactants are, when mixed at 500 K?

7.7 Determine the higher and lower enthalpy of combustion values in MJ/kg of propane gas.

Propane is burnt in a closed piston-cylinder device with 20% excess air. The reactants are at 500 K,
100 kPa prior to combustion. After combustion work is done by the piston and heat is transferred out until the
products reach 298 K, 100 kPa. Determine the number of kmoles of water which remain as vapour and the
number which have condensed to liquid at this final condition. You may assume that the saturated vapour
pressure of water at 300 K is 3.7 kPa. Determine the total energy transfer (work plus heat) per unit mass of fuel
from the system that has occurred in order to reach the final state.

For propane: molecular mass = 44.08, ¢, = 1.48 kJ/kgK approximately in the range 298 to 50 K

7.7 A liquefied petroleum gas mixture (L.P.G.) consists of 70% propane (C3Hg) and 30% butane (C4Hq) by
volume. The gas is burnt with 50% excess in a steady flow burner at a pressure of 1 atmosphere. It enters the
burner at a temperature of 298 K.

(a) Determine the appropriate combustion equation assuming no dissociation occurs. How many kmoles of
CO,, H;0, O, and N; exist in the products of the combustion for each kmole of fuel mixture?

(b) Find the air/fuel ratio by mass and the equivalence ratio.

(c) Calculate the adiabatic flame temperature for the above reaction

7.8 A mixturc of 2 kinoles of nitrogen and 1 kmole of oxygen at 298 K, 101.3 kPa is heated at a constant
pressure to 3200 K. Tt is maintained at that temperature for sufficient time for it to reach equilibrium.

{a) List all molecules and radicals that you would expect to exist in any reasonable quantity both before and
after heating,

(b) Write the overall chemical reaction for the final state. List the relevant dissociation reactions together with
their equilibrium constants at the final state if given on the table 7.7. Comment on which is likely to be the
most dominant of these.

(¢) Assuming that only the most dominant applies and all others can be neglected, determine the molar
proportions at the initial and final state.

(d) If at the final state the pressure is doubled at the same temperature, what change would you expect in the
molar proportions calculated in (c).

7.9 A mixture of hydrogen and oxygen is burned in a steady flow combustor at a pressure of 10 atmospheres
(1.013 MPa). Sampling of the products of combustion gives the following mole fractions (%)

Substance Mole Fraction (%)
HO 74.00

H, 7.57

O, 9.32

OH 10.12
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(a) Determine the oxygen:fuel ratio of the reaction on both a volumetric and mass basis. Also determine the
equivalence ratio.

(b) Caiculate the temperature at which the reaction occurred

(c) Determine the heat transferred from the combustion chamber per kmol of hydrogen assuming the reactants
enter at 500 K

7.20 A fuel consists of a stoichiometric mixture in air of two fuels, n-octane CgH;g and benzene CgHg. After
combustion at a constant pressure of 1 atmosphere, measurements give the following mole fractions (%) in the
products:

CO, CO 0Oy Hy,O Hy OH Ny
mole fraction 11.807 1.180 0.737 12.719 0.231 0.277 73.250
(%)
Cp kJ/kmol KO 54.70 33.72 35.19 43.87 31.55 32.02 33.39

(@) Determine the relative proportions of CgH;g and CsHg in the original fuel. Write the full stoichiometric
equation for 1 kmol of the fuel

(b) Write the dissociation equations for all the relevant dissociations that have occurred in the combustion
process. Relate each group to their appropriate equilibrium constant., Hence determine the temperature of the
mixture at the time of sampling

(c) Calculate the heat transferred from the combustor per kmol of the fuecl assuming that the reactants were
originally at 25°C, 1 atmosphere at the start of the reaction and that n-octane and benzene were in the gaseous
phase. Assume that the p values given in the table above are accurate for the range of temperatures
considered.

7.21 A highly preheated stoichiometric mixture of propane (C3Hg) and air burns during steady flow in a
combustion chamber. Heat treansfer is negligible and the maximum temperature is 3000 K when the pressure
is 1 atmosphere (101.3 kPa). During the combustion, there has been sufficient mixing and time to ensure all
appropriate molecular reactions occur, including the dissociation of some of the CO, to CO and O,. Assuming
that no significant dissociation occurs for other products, determine the number of kmoles of all products of the
combustion per kmole of propane in the original mixture.

722 A gas turbine operates using natural gas as a fuel with an air: fuel ratio of 20.6:1 in the primary
combustion zone. The natural gas may be assnmed to be 100% methane for calculation purpposes. The gas
turbine has a pressure ratio of 20:1 and inlet air conditiions of 297 K, 80 kPa before the compressor. The value
of the isentropic index for the compressor may be taken as 1.4. The gas, injected into the combustion chamber
is at the same temperature as the air before combustion
It may be assumed that the processes are that of a normal Brayton cycle.

(a) Sketch the cycle on p-V and T-s diagrams
(b) Determine the equivalence ratio for the combustion
(c) From the gas turbine compression process, calculate the temperature and pressure entering the primary zone
of the combustion chamber
(d) Assuming that no dissociation takes place and that the combustion is adiabatic, write the combustion
equation and calculate the temperature of the combustion products at the end of the primary zone.
(e) List the likely dissociation reactions that could be of significance at this temperature
(® Assuming for an initial calculation that only the CO, dissociates and that the final temperature under these
conditions is 2200 K, determine the proportion of CO in the products at the end of the primary zone.

The value of p for methane may be taken as 36.25 kJ/kmol K

723  Inthe combustion products at start of exhaust in a petrol engine operating at stoichiometric conditions,
both of the dissociation reactions for water need to be taken into account for calculation purposes as well as that
for the CO,. Assuming that the exhaust is at 3000 K and 10 atmospheres pressure, calculate the number of
kmoles of all substances in the exhaust. Assume that the fuel is C7H; 3.



Combustion and pollution 8
formation in engines

8.1 ENGINE COMBUSTION SYSTEMS

There is a great diversity in the fuels and fuel preparation systems used, the equivalence ratios which are
desirable or achievable and the types of combustion chambers possible for internal combustion engines. To give
an indication of the diversity, one needs only to consider the range of each of the above that is associated with
the different engine types. Fuels include those currently in common usage which are the familiar petrol
(gasoline) and diesel (distillate) for reciprocating engines and a range of kerosene formulations for gas turbines.
Then there are the common alternatives such as alcohols or gas which are often proposed for use in the near
future in all types of conventional engines and the more exotic substitutes such as the liquid hydrogen/liquid
oxygen or solid fuel propellants of rockets. Equivalence ratios vary from lower than 0.2 to about 1.2 in
conventional engines and may be very (hydrogen) rich in rockets. Combustion chambers can be either the
contimous flow gas turbine or rocket fypes of varying sizes and geometries or the unsteady piston/cylinder types
for reciprocating engines which have intermittent flow, proportions which change during combustion and single
or divided chambers and which range in practical sizes from piston diameters of 40 or 50 mm to about 1 m.
Each type, configuration and size has its own desired gas flow patterns, mixing, combustion and heat transfer
characteristics which may also vary with the fucl and it is not possible to deal with them all. However, a
selective examination of a few of the most common types should elucidate the general principles involved in
their design. In line with the emphasis of this text, those which will be discussed here are:

¢  Gas turbines

¢  Reciprocating SI engines
¢ Reciprocating CI engines

8.2 GAS TURBINES
8.2.1 Description of gas turbine combustion

Gas turbine combustion is essentially steady flow although transients do occur during both warm-up and load
and speed changes. The reader may be familiar with high cutput, steady flow combustors which are widely used
in industrial applications for fuels which include gas, fuel oils and pulverised coal and the same general design
principles which apply to them are also relevant to gas turbines. That is, as with all burners, the combustion
must be stabilised by swirl and recirculation in a primary zone with sufficient residence time to allow the fuel to
ignite and partially oxidise and a secondary zone must exist where additional air is added to complete the
combustion and maintain combustor surface temperatures at reasonable levels. However, the demands are much
greater on gas turbines because, typically a gas turbine combustor might have a specific power output (that is,
power per unit volume) of about 10 times that of an industrial type.

An important restriction on gas turbines exists because they are primarily used for air transport, and this is
that the size (cross-sectional area and length) and weight of their combustion chambers must be minimised. This
means that they must produce a large amount of power per unit size, referred to as specific output and the

required, valoe of around 500 MW/m3 of combustor volume is obtained through high intake pressures and high
velocities through the chamber. Gas velocities for flow through the combustion chamber are around 30 m/s
which is well in excess of the flame velocities of the fuels normally used. A typical laminar flame velocity of a
hydrocarbon fuel at normal ambient conditions is about 500 mm/s but this will perhaps double at the prevailing
unburned gas conditions in the combustion chamber. These are typically pressures in the range up to 20 to 30
atmospheres and temperatures up to 800 to 800 K. A turbulent flame velocity is an order of magnitude greater
than the laminar value but, even at around 10 m/s it is still too low for the necessary air flow velocities. Thus
substantial flame stabilisation is required with flame blowout being likely. It will be remembered from the
discussion in Chapter 6 that blowout is the phenomenon that occurs when the ait velocity carrying the flame
downstream is greater than the speed with which it can burn back upstream. The opposite phenomenon is
flashback and because of the velocities, there is little likelihood of this happening. In fact, because the fuel is
injected into the air stream rather than being fully mixed from well upstream, flash back (upstream movement)
cannot occur past the injection position. Nevertheless, poor combustion could result if insufficient air is supplied
with too low a velocity but this is a less important aspect than that of obtaining high power output.
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The simplest concept which could be applied to the design of a gas turbine bumer is that of a flame burning
in a simple, parallel tube (Figure 8.1(a)). At an air velocity of, say 30 my/s, this is not viable, In order to achieve
a combustion chamber meeting the necessary air throughput requirements, substantial development of flame
stabilisation techniques from this simple concept has been necessary. Figure 8.1 shows schematically the
evolution of ideas for enhancement of burner output and flame stabilisation. These include the addition of a
shaped chamber which slows the air velocity at the appropriate cross-section (Figure 8.1(b)), a baffle which
creates a vortex pattern to give both a greater residence time for burning and a vortex driven stabilisation regime
(Figure 8.1(c)) and finally, a burner with air flow through a perforated, external "can" to provide turbulence, with
the addition of further air holes downstream which allow secondary burning to take place (Figure 8.1(d)). This
last has the elements of a modern gas turbine combustor.
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(c) SIMPLE BAFFLE (d) CANNULAR COMBUSTION CHAMBER
(Creates Recirculation Zone at Injector) (Recirculation Zone at Injector with stoichiometric air,

additional air added downstream to complete combustion
and provide cooling)

Figure 8.1 Development of a stablilised, high performance combustion chamber

The ability of any fuel to burn is determined by its flammability limits as discussed in Chapter 6. While some
fuels such as hydrogen have wide limits, hydrocarbon fuels do not. Typical limits on the lean side of
stoichiometric are at equivalence ratios ¢ of between 0.6 and 0.8 depending on the fuel composition and this
does not vary much with pressure. The best conditions for ignition are about 5% rich at which the fuel will
ignite even at very low pressures, down to about 5 kPa absolute. At atmosphetic pressure, on the rich side, the
flammability limits are around ¢ = 2.5 to 3.0 and continue to rise with pressure. This is depicted on Figure 8.2.
It can be inferred that, for good ignition, the fuel/air ratio needs to be close to stoichiometric. This provides high
combustion temperatures. Now in a gas turbine combustor, the temperatures at the end of combustion (that is, at
the inlet to the turbine blades) must be limited by the ability of the metal container to withstand the gas
temperature conditions as discussed in Chapter 2. Typical maximum allowable values are currently in the range
1600 to 1800°C. A stoichiometric hydrocarbon flame with reactamis at say 25°C will produce a flame
temperature of over 2000°C even if dissociation is accounted for and this temperature will be noticeably higher
in a gas turbine because of the elevated pre-combustion conditions. Gas turbines must therefore operate lean to
keep the turbine entry temperature to the desired level. Simple calculations show that the overall maximum
equivalence ratio that can be tolerated is about 0.4 to 0.45. If the constraints of good ignition and limited turbine
entry conditions are considered simultaneously, it can be seen that there needs to be an initial zone in which the
mixture is close to stoichiometric where ignition of the fuel and primary burning can take place followed by a
further zone or zones where additional air is added giving a lean mixture to complete the oxidation and reduce
the final temperatures to the desired values.

A typical modern combustion chamber based on these principles is shown on Figure 8.3. Air enters the
chamber through several apertures. The first is through a swirler placed around the fuel injector which creates a
vortex about the axis of the chamber, the purpose of the swirl being to prevent combustion fluctuations caused
by the irregular shedding of transverse vortices from the slightly later introduction of primary air and from the
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burning zone itself. Primary air holes around the initial combustion region provide sufficient air to bring the
mixture to about stoichiometric conditions. From about 25% to 40% of the total air flow is added through the
combined swirler and primary air holes. The primary air creates a toroidal recirculation zone vortex similar to,
but more stable than, that of the simple baffle insert depicted in Figure 8.1, The fuel is introduced into this
region so that the primary zone air/fuel ratio is approximately stoichiometric and ignition and combustion are
then readily supported here. When secondary air is added, the overall air/fuel ratio is greater than about 38:1 (¢
= 0.4) and more usually about 60:1 (¢ = 0.25) for continuous operation. This gives very complete combustion
and keeps the temperatures at the end of combustion at reasonable levels for entry to the turbine.
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Figure 8.2 Representation of typical flammability limits for hydrocarbon fuels, (diagrammatic only)
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Figure 8.3 Typical cross-section of a gas turbine combustor
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Figure 8.4 A vaporiser type gas turbine combustor

While the direct liquid injector has been by far the most commonly used type, it has sometimes been replaced by
a vaporising type (as shown on Figure 8.4) for special purposes. Here the fuel pipe passes through the burning
region. Some of the heat from the combustion is transferred to the fuel and vaporises it before it enters the
combustion chamber. The advantage of this system is that the gas pbase fuel mixes more readily with the air and
smoke is then less. Problems of poor response and narrow stability limits make this type of injection less
desirable. The poor response is due to the time delay for the new quantities of vaporised fuel required under the
changed conditions to reach the combustion chamber from the vaporising tube and the different heat transfer rate
then required for fuel vaporisation. That is, as load is increased, the fuel may not be fully vaporised until
additional heat supply is available from the enhanced combustion thereby ensuring a period of non-optimal
buming while adjustment to the new condition takes place. In regard to the ignition stability, it must be
remembered that a rich and lean limit on air/fuel ratios exists. When droplets evaporate directly in a combustion
environment, the diffusion of the vaporised fuel from the surface of the droplet into the air always provides a
suitable ratio at some local point immediately around the droplet That is, there are many ignition points
throughout the combustion space. A fully vaporised fuel jet entering the chamber mixes at the periphery of the
jet and is more subject to disturbance from the aerodynamic flow patterns within the chamber. Some of the fuel
vapour may then exist as a mixture in proportions which are outside the flammability limits. Thus some
narrowing of the overall chamber stability limits is likely. However, as mentioned above, a major advantage of
the vaporising system is that smoke from the exhaust tends to be lower. This is because the already vaporised
fuel is not subject to pyrolysis by local overheating of the liquid fuel as it enters the combustion chamber.

8.2.3  Gas turbine combustion chambers

A number of configurations exist for gas turbine combustion chambers. Early gas turbine combustion systems in
full scale engines consisted of a series of chamber cans, these being essentially a number of small cylindrical
burners placed around the periphery of the engine between the compressor and turbine. Some readers may be
familiar with low output type gas turbines which have only a single can as these have often been used for
demonstration purposes in teaching laboratories but high output machines in practice use about eight such
circumferential chambers. These operate to some extent independently of each other and are termed either
"cannular" or "tubular". The earliest types were reverse flow cannular, Here the inlet air entered at one end in
an air tube which surrounded the flame tube. When it reached the far end of the tube, the air was turned through
180° and passed into the flame tube, exiting after combustion at the original entry end for the air. This is
compact thereby keeping shaft lengths short between compressor and turbine which reduces vibrational
problems and structural mass. It also provides some pre-heating of the primary air. However, the pressure loss is
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high and the engine cross-sectional area is large which is a disadvantage for aircraft units and the arrangement is
now rarely used except on very small machines. In general, combustion chambers are now straight through
types with the burnt products exiting from the opposite end to that where the air intake and fuel injection occur.
Cannular types consist of the inner flame tube surrounded by an air tube, the latter being interconnected in multi-
can engines so that the supply pressure to the flame tubes equalises. This type of design is strong and withstands
the high temperatures well. It is easy to develop and test as only one of the combustion cans, that is probably
only one eighth of the engine combustion, needs testing. It is also cheap to maintain.

Table 8.1 Gas turbine combustion chamber characteristics

Chamber Advantages Disadvantages
Cannular Structurally robust Bulky and heavy
(tubular) Fuel and air flow patterns easily matched High pressure loss
Simpler chamber development and testing Ignition required for each can
Annular Minimum length and weight Buckling possible
Small frontal area Full engine air flow required for testing
Minimum pressure loss Complex air flow patterns must be controlled
Ignition required at fewer points Circnmferential temperature gradient possible
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Figure 8.5 Different arrangement of gas turbine combustion chambers
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While relatively simple to develop and build, this multi-chamber type of arrangement has a large ratio of the wall
area to flow cross-sectional area and therefore still leads to a moderately high pressure loss, greater heat transfer
and lower efficiency. The complete engine also has a large overall cross-sectional area for a given combustion
chamber air flow and its mass is high. In addition, becanse the flame tubes are separated, each combustion can
requires a separate ignition system. Modern design has therefore tended to link all the flame tubes into a single,
"annular" chamber to eliminate the part of the wall structure that exists between the cans. That is, the central
combustor is fully annular and is surrounded by a single, concentric, anmlar air tube. Annular chambers are
more difficult to manufacture and can be more subject to thermal distortion because of the lower curvature and
greater unsupported surface area but they give lower pressure losses and result in smaller diameter engines, the
latter being of great importance in minimising aerodynamic drag in high speed flight.

Mass is lower and ignition can be accomplished by, in principle, one igniter although in practice more are
used to provide redundancy. There are many possible problems with annular chambers, one of which is the
development of a secondary, circumferential flow which results in a non-uniform temperature distribution at the
turbine. Nevertheless, these problems have largely been solved and most large engines now use annular
combustors.

An intermediate type of combustor with a configuration lying somewhere between the annular and canmular
arrangements filled the evolutionary gap between the two types and it provides some of the annular chamber
advantages. This is termed "tubo-annular” or "can-annular”. It uses an annular outer shell within which the air
is distributed to the individual cannular type flame tubes and therefore has a pressure loss intermediate between
the other two types. The different types of chambers are illustrated in Figure 8.5 and their advantages and
disadvantages classified on Table 8.1. In this respect, the turbo-annular types lie between the cannular and
annular types mentioned on the table.

8.2.4  Flows in gas turbine combustors

The gas flow in the combustion chamber of a gas turbine is complex because of the swirl and recirculation zones
in the combustion or primary zone and the addition of secondary air through the chamber casing in the
downstream region. Liquid fuel is sprayed into the primary zone where it must evaporate, mix, and burn. This
spray must be initially well distributed throughout the primary zone. In developing gas turbine combustors,
modelling of the flow is therefore important. This can allow an assessment of the performance of combustors for
design purposes and an understanding of the formation of emission products. Early attempts to understand the
flow relied on modelling the recirculation region as a free vortex and the fuel spray could then be examined as it
moved through this region. However, because of the three-dimensional, compressible and viscous nature of the
flow, these methods have been largely superseded by CFD techniques. That is, the flows are fully described by
solution of the three-dimensional, continuity, Navier-Stokes, energy and species equations (for combustion) as
described in Chapter 4. Because the flows are steady, the application of the above equations to them is not as
difficult as with reciprocating engines. The solutions allow the performance of the combustor to be examined in
relation to the effect of different mass flow rates and pressures. The pressure loss and heat transfer from the
combustion chamber for specified mass flow rates of air and fuel are the important results. Calculation of
emissions levels is also important, the principal ones in the gas turbine being smoke and NO, It has also been

important to isolate the conditions under which secondary, circumferential flows can exist in annular types of
chambers.
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Figure 8.6 Effect of reaction rate parameter, @, on combustion chamber efficiency, 1.
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Some simpler techniques are possible and these are based on experimental data, are thermodynamic in principle
and ignore the flow details. Empirical models were nsed for many years and are described in, for example,
Qates (1989). These rely on experimental data and are based on a series of dimensionless groups. Perhaps the
most widely used relationship is that by Lefebvre (1966) which correlates the combustion efficiency with a

a T .
reaction rate parameter, ®. given as: O= 4 R he” |/ m a (8.1)

Here p is the combustion pressure, Ap is the combustor cross sectional area, h is the combustor height, ¢ is the
exponential 2.818, t is a function of the primary zone combustion temperature which depends on the fuel/air
ratio and 7 is the mass flow rate through the combustion chamber. Data correlated shows that combustion
efficiency, n¢ falls as © becomes lower as shown on Figure 8.6. That is, low pressures, small combustion
chambers, low primary zone temperatures and high mass flow rates reduce combustion efficiency.

An important factor in gas turbine combustion which is quantified parametrically is the blow-off limits.
These are related to the equivalence ratio and what is termed the loading parameter, usually given as m /(Vp1-9)
although the index of 1.9 is often replaced by 2. Here, V is the chamber volume and p its pressure. A typical
diagram showing the relationship is given on Figure 8.8. The term Vpl-9isa function of a "mass" which can be
related to the chamber as well as its pressure. It can be seen that, when the mass flow rate is high, this loading
term is also high and so, for a given chamber under a fixed set of conditions, the blowout limits become
narrower with increase in mass flow rate until they reach a condition under which burning can no longer be
supported.

20 Non-flammable region
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051 Uncertain region .

miV p 1.9

Figure 8,8 Diagrammatic illustration of the effeét of the mass loading parameter on the mixture strength able to
support combustion

8.3 SPARK IGNITION ENGINES

Reciprocating engines, whether spark or compression ignition, provide some of the most difficult combustion
environments that can be envisaged. This is because the whole process is unsteady, limited time is available for
the fuel and air mixing processes and the release of the chemical energy. Ignition must be reliably and regularly
accomplished and a wide range of operating conditions must be achieved with good efficiency. In addition,
modern engines must produce low exhaust emissions. Thus, research into reciprocating engine combustion is
still very active.

8.3.1 Fuel introduction and mixing

Essentially, the usual type of spark ignition engine draws into the cylinder what is, ideally, a homogeneous
mixture. In fact, true homogeneity is difficult to achieve unless a gaseous fuel is used. This is because the foel,
introduced as a liquid by either a carburettor, throttle body or port fuel injector can enter the cylinder as a
vapour, as airborne fuel droplets of various sizes or even, under cold transient conditions, as a liquid wall film.
The fuel droplets are transported by the aerodynamic drag at approximately the gas stream (that is, air and
vapour) velocity although, due to their greater inertia, they respond more stowly to velocity variations caused by
changes in flow area, transients due to throttle opening and closing and pulsations and backflow from the piston
motion in the region near the inlet valves. Nevertheless, their behaviour is not such as to directly cause major
timewise maldistribution although some spatial variations in mixture homegeneity has been observed in some
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experiments. Any fuel deposition into films either on a manifold wall, a port or an inlet valve is, however, a
greater problem. Films may form either directly by impingement of the spray, or by the deposition of droplets
from the gas stream onto the walls in turbulent regions such as those which exist behind a butterfly valve, or at
bends and changes in cross-sectional arca of the passageways at ports and inlet valves due to the inertia of the
droplets, Substantial re-atomisation occurs in the high speed flow through the inlet valve but re-deposition has
been noted on the piston crown and upper cylinder walls. Any surface fuel film deposit flows several orders of
magnitude more slowly than the gas/airborne droplet streams and this can cause problems during acceleration
and deceleration transients where a change in the proportion of the overall fuel supply contained in it occurs.
That is, the changed quantity of fuel in the film is transported to the engine slowly relative to the airbome fuel
and can cause severe excursions in in-cylinder air/fuel ratios which result in engine lag and stumble, reduced
efficiency and high emission levels. Port injection (as opposed to carburettors and throttle body injectors) may
reduce, but does not eliminate, these response problems. Its main advantage is better control of the fuelling
between cylinders. Also, it allows better inlet manifold design as each cylinder inlet runner can be easily
designed to have the same length. Although is more expensive, it is now the most common system.

With all these systems, further mixing and evaporation will occur in the manifold, port and cylinder during
intake and compression but complete evaporation and uniform distribution is not entirely ensured under all
conditions by the time of ignition. Currently (2001), direct in-cylinder injection (GDI) engines where the fuel is
introduced into the cylinder as a very finely atomised spray during the compression stroke arc entering the
market. Most are single fluid (ie only gasoline is injected) types and the spray must be carefully matched to the
air motion which varies throughout the spee/load range of the engine. Some two fluid, (air blast type) injection
systems are being considered as an alternative. Direct in-cylinder injection has many advantages atthough there
is little time for evaporation and mixing to occur prior to ignition. and so it is more difficult to ensure that the
mixture is homogeneous over the required range of operating conditions. To do this, a very finely atomised
spray is essential with a fairly even disttibution over the available cylinder volume but without so much
penetration that cylinder wall-wetting occurs. A similar spray distribution must be obtainable over all speed/load
conditions and during transients where air flow patterns can vary considerably. Thus the problems related to
direct in-cylinder injection are severe.

It should be noted that it is a system which is often associated with a non-homogeneous mixture possibility
called the stratified charge concept which has several possible advantages. These are the GDI (also called DISC
and DISI) engines. Stratified charge is something which is impossible to achieve in any controlled manner with
manifold or port injection systems. A stratified charge engine requires the mixture to be about stoichiometric
near the spark plug so that ignition is guaranteed but increasingly lean away from it to give high fuel economy as
well as clean burning. However, no regions where the air/fuel ratio becomes lean to such an extent that flame
quenching occurs should exist. The appropriate fuel distribution is obviously very hard to achieve. In either
case, homogeneous or stratified charge, direct in-cylinder injection is a demanding process.

8.3.2 Combustion and flame front movement

With modern engines and fuel introduction systems, the fuel is substantially vaporised and the fuel and air are
reasonably well mixed except under cold start or transient conditions. Thus, as a first approximation of the
combustion process, it can be assumed that ignition takes place in a homogeneous air/fuel mixture. The flame
grows from an initial kernel around the spark and propagates as a deflagration front across the combustion
chamber. It needs to be noted that the flame propagation period takes a noticeable proportion (perhaps 10%) of
the time for a single revolution of the engine, commencing at spark discharge well before top dead centre is
reached and finishing well after this point. That is, the combustion chamber volume and shape vary during the
combustion period. In addition, there are modifications to the flow from the inlet caused by the piston motion
and the interaction with the wall and the head.

The flame propagation controls the rate of pressure rise during combustion which, in a SI engine is extremely
important in determining the efficiency and smooth running of the engine, in the phenomenon of engine knock
and in its relation to the local temperatures and hence the rate of NO, production. Combustion chambers are
therefore designed to give the appropriate rate of pressure rise. In order to approach the design rationally, a
number of questions need consideration.

s  What controls the flame propagation and hence the mass burning and pressure ris¢ rates in the engine. What
is their relationship to combustion temperature?

o  What happens in the combustion initiating process? Where in the cycle should the spark occur?

e  What unusual combustion problems such as knock and abnormal ignition exist? What, if any relationship
exists between them?

e  What is the effect of the rate of pressure rise on efficiency and emission levels?

These will be dealt with in turn.
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833 A mathematical description of flame propagation

If the pressure in the combustion chamber of an SI engine is monitored at any two widely spaced points using a
time base applicable to measurements of events over one or two engine revolutions, no discernible difference
will occur at any one instant between the two pressure traces. That is, any pressure rise due to a local "parcel” of
mixture being burnt at the flame front is transmitted by extremely fast compression waves throughout the
chamber. These, depending on the local gas temperature travel at up to 1000 m/s. The pressure does however,
rise everywhere in the chamber as the combustion proceeds. Temperature on the other band, if measured at the
same two points, will generally show major differences. In other words, pressure is a temporal but not a spatial
variable. In other words, the above wave motion does not transmit temperature and there are a number of
separate regions at the same pressure in the combustion chamber having different gas conditions and indeed,
different gaseous compositions. That is temperature is both a temporal and a spatial variable The principal
division between temperature regions is a moving combustion front.

Figure 8.8 provides a simple representation of the combustion. The flame front, a fairly ragged boundary
separating burned and unbumed gas regions, propagates from the ignition source by a process of heat transfer
and mass diffusion to the gas ahead of it.
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Figure 8.8 Representation of combustion in a spark ignition engine

This brings the unburned gas to a temperature where local ignition of the fuel/air mixture will occur. The
change from unburned to burned gas occurs most rapidly in a short distance just behind the front but it is, in fact
not accurately represented by step changes being to some extent a continuoys variation. However, for most
purposes, it is simpler to view the various regions as discrete, local gaseous "packets”. These are basically the
flame front region itself and zones ahead and behind it which can be termed pre- and post-flame regions.

The flame front can be loosely defined as the leading edge where the rate of temperature rise becomes high.
The flame front region may be sub-divided into a pre-heat zone at the front edge where a noticeable rise in the
unburned gas temperature caused by heat transfer from the flame front occurs to bring it to the ignition
temperature. Immediately behind that, there is a region termed the "reaction zone" where most of the release of
the chemical energy occurs. These two zones will generally be dealt with here combined into a single unit. It
may range from very thin for laminar flames to quite thick for turbulent ones. The other predominant zones are
the ones which contain burned (i.e. post-flame) gas between the back of the reaction zone and the ignition source
and the unburned (pre-flame) gas ahead of the front. As the pressure rises throughout the combustion chamber,
the temperature of all sections, pre-flame, reaction zone and post-flame, rises further due to the compression
created by the energy release. Thus the unburned gas pressure and temperature increases with time even in parts
well away from the flame front where direct heat transfer and diffusion from the flame have a relatively small
effect. The post-flame gas also is not necessarily at its hottest immediately behind the reaction zone due to the
same compression effect. Some of this gas, burned early in the combustion process, will have a considerable
temperature rise due to the compression which more than offsets any heat transfer from it to the walls or to the
other gascous regions,
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Although a quiescent chamber giving a laminar flame propagation is possible, in general in engines, a highly
turbulent combustion takes place. Turbulence in engines is generated from a number of causes, these stemming
cither from the intake flow or from the subsequent piston motion. It consists of eddies ranging from those with a
large scale (called the integral scale) with a characteristic dimension approaching that of the engine bore down to
decayed vortices of molecular dimensions. The latter are a result of the breakdown of the larger scale turbulence
and are responsible for the viscous enmergy dissipation. At the molecular level, the scale (referred to as
Kolmogorov) is of the order of microns while intermediate vortices (termed Taylor microscale) exist. These
scales do not represent discrete elements, there being a continuum from large to small dimensions during the
breakdown but the various categories are useful for modelling purposes. In between, a range of turbulence of
different dimensions exists. Time scales which give a measure of the time over which an eddy exists are also
used to refer to the turbulence. All these scales are related to the magnitude of the velocity fluctuations, u, from
the average flow velocity, or, more precisely, to the time averaged RMS value of u which is called the turbulence
intensity, u'. Typical scales for engines are given on Table 8.2 (from Heywood, 1988)

Table 8.2 Approximate turbulence scales for engines

Turbulence Group Length Scale Approximate Time Scale
Integral 2 to greater than 10 mm 1 ms
Taylort] approximately 1 mm 100 ps
Kolmogorov approximately 10 pm 10 ps

Much of the turbulence is initially generated directly from the inflow process. For example, the inlet valve
airflow jet will produce turbulence of about the scale of the jet width which is about comparable in dimension to
the valve lift. More organised motion such as swirl of dimension up to values approaching the cylinder bore size
may be created by the shaping of inlet port passageways, by shrouding inlet valves to direct the flow tangentially
or by adding a swirl control butterfly valve in the inlet port. Alternatively, divided chambers may be used to
generate swirl from the in-cylinder gas motion. That is, different swirl levels may be designed into the engine.
Another design factor which creates turbulence is "squish”, which is a forcing of flow from the narrowing
regions between piston and cylinder head during the upward motion of the piston. This creates a jet like flow
into the main combustion space. Again, some divided chambers are turbulence rather than swirl generators, the
details of the flnid motion depending on the shape of the chamber and, more particularly on the passageway
connecting it to the main chamber. It should be noted that divided chambers are little used in SI engines due to
their high losses. Inlet generated tumble may also exist. This, like swirl is a more organised motion but the
rotation is normal to the cylinder axis rather than parallel to it. In all these cases, the eddies created are modified
and broken down by the compression process but may still exist, even at a large scale during combustion and
expansion. The turbulence level markedly affects the flame propagation speed but because of its different
generation by many factors, it should be examined in relation to specific engine designs. As a rough indication,
the turbulence intensity is about half the mean piston speed in engines without swirl and is increased by the
swirl. Swirl numbers (that is, the ratio of what is called the "solid body rotation" of the flow to the angular
velocity of the crankshaft) are typically about 5 in an engine designed for swirl but can be increased well above
that to perhaps 15 by piston crown (bowl in piston) and head design. For a thorough examination of turbulence
and turbulent combustion in engines, the reader is referred to Heywood (1988).

If the burning velocity is designated by the general term, sy, the rate of production of burned gas may be

expressed as:
dm, /di=A,p,s, (8.2)

Here, s, may be used to represent either a laminar (sp) or turbulent (s¢) burning velocity as appropriate.

In Eqn. (8.2), the burning velocity is the rate at which the flame moves relative to the unbumed gas ahead of
it, the result being obtained from a Gallilean transformation rendering the front stationary. It is a result of
burning new gas thereby transforming it into a combustion front itself. It is important to distinguish between the
above burning velocity which is based on the mass consumed by the flame and the expansion speed which is
based on the rate of volume increase of the combustion "fireball". The latter includes both the consumption of
new, unburned gas as described above and the effect of the velocity imparted to the unburned gas by the
expansion of the burned gas behind the flame. The last is at a lower density because it is at the combustion
chamber pressure but has a higher higher temperature and lower average molecular mass following combustion.
The difference between the above two velocities can best be envisaged by imagining a front where the sole
contribution is by heat transfer to a fixed quantity of gas behind it, the gas remaining unchanged in composition
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throughout. Here, the front would move forward with a velocity due to the volume expansion imparted to the
heated gas behind relative to the unheated gas ahead without any mass crossing the front. Correction of
measured visual or similar volume based speeds must therefore be carried out to convert them to mass based
burning velocities. The reverse correction must be applied to mass based burning velocities in order to establish
position (that is, volume based) co-ordinates. It shonld be noted that these corrections will be different for plane,
cylindrical or spherical flames. In engines, the flame although curtailed by the walls, is generally of a roughly
spherical form as it develops from a point source ignition.

Laminar flames can be easily handled as the burning velocity is a function only of the fuel, the air/fuel ratio
and the unburmed gas temperature and pressure, Whilst there is no general theoretical derivation covering all
fuels and conditions in engines, there are many experimental correlations. The form developed by Metghalchi
and Keck (1980) (and various co-workers) is suggested here although others may also be valid. Here, the laminar
burning velocity for a given fuel is expressed as a function of the pressure and the unburned gas temperature as

follows
=80 (Tu /T, )a(p/po )ﬂ (8.3

Subscripts 1 ,u and o represent laminar, unburned and standard state (298 K and 1 atm.) values respectively.
Note that the pressure p is uniform across both the bumed and unburned regions and is therefore unsubscripted.
The indices, o and § are functions of the equivalence ratio, ¢ for the particular fuel. Typical values of o, f and
8, for some commonly used fuels are given in Figure 8.9.
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Figure 8.9 Laminar burning velocity of propane, methanol, iso-octane and gasoline. (a) Standard state laminar
buming velocity, s,. (b) Temperature and pressure exponents o and p for laminar burning velocity as a function
of equivalence ratio, ¢

Data for methane, (¢ = 1 only), from Milton and Keck, (1984)

Si0= 33 cm/s, = 0.26 +1.90 p-0.34 p*>, B=0.01-028p

The turbulent flames most commonly found in practice are much more difficult to model. These are described in
Heywood and a condensed description now follows. A macroscopic view of a turbulent flame front is that it is a
highly wrinkled region of perhaps 5 to 10 mm thick distorted by the turbulence to such an extent that many
islands of unburned gas lie within the reaction zone. In fact, experimental photographic evidence indicates that a
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reaction zone is a complex region interconnecting burned gas surrounding a substantial number of indentations
and pockets of unburned gas which are in the process of being consumed. The flame front is therefore difficult
to model at this level. However, from a more microscopic view, a reasonable description can be postulated and
this is that the flame front burns locally through these pockets at the laminar flame speed increasing the overall
burning rate substantially above the laminar value because of the much larger effective flame front area. The
higher turbulent flame velocity is therefore due to the entrainment of unburned gas into the front. The turbulent
burning may be viewed as equivalent to a laminar process for a flame of effective area Aj which is much greater

than that of the actual flame that would be seen physically. This latter area is called Ag. The difference between
these two areas, Aj - Ag represents the contribution due to the turbulent entrainment of unburned gas into the

front,

Assume now that the combustion front is turbulent and contains a reaction zone, say 5 to 10 mm thick. The
entrained gas in pockets is being burned locally by laminar flames with a thickness of perhaps 100 um. The
front progresses by a combination of the laminar burning at the outer edge directly into the unburned gas zone in
the same manner as a laminar flame and by unburned gas entrainment into the reaction zone where it is
consumed by these local fronts. The relative significance of these two mechanisms will vary with the fuel and
conditions. For example, a fuel such as hydrogen with a high laminar flame speed will have a thinner reaction
front and therefore less entrainment than a fuel with a slower laminar burning speed under the same conditions.
In Eqn. (8.2), the bumning velocity s, will be made up in the turbulent case of the sum of these two factors which
are the sum of the laminar burning velocity, s; and a turbulence entrainment related term. If an entrainment
velocity of unburned gas across the combustion front is defined as Ue, the mass entrained as m, and the

entrainment rate as dme/dt these can be related by:
dm,/dt=A,p,u, (8.4)

It is possible to envisage a simple laminar front of area A which produces the same total burned gas mass as the
combined mechanism described above. The rate of production of burned gas, m, , from the entrained pockets

alone can therefore be described by the difference between the total mass burned on the laminar equivalent front
A; and the actual front A¢ with both burning at the laminar flame speed. This gives:

dm,, | dt=p,(4,-4, )s, 8.5)

If the leading and trailing edges of the front are designated by subscripts f and b respectively, the reaction zone
volume is V¢ - Vy, of which a proportion is occupied by unburned gas. Multiplying the top and bottom of the

right hand side of Eqn. (8.5) by this volume gives:
dm,,, | di=lp, W, ~V, Xa,~ A4, Js, v, 7, Huldo -4, Js, |1V, 7,) (8.6)

where  u=p, (Vf— V)

Here, 1 can be seen to be the mass within the reaction zone if it was to be entirely filled with nunburned gas
and (4;- A4 }9 sy is the volume rate at which the mixture entrained within this zone is burned. If not filled, this
mass and the time reduce proportionally. The reaction zone volume (V; — 1) divided by this volume rate will
give the characteristic time T which would be taken to consume the unbumed gas within the reaction zone. That
is, the parameters p and < are characteristic mass and time values for the combustion of the entrained gas. From
the above, the rate of production of burned mass from the turbulent entrainment is:

dm,, | di=u |t 8.8)

The total rate of production of burned mass is the rate mass is burmed by the laminar front of area A; plus the
may be written as:

dm, |di=A,p,s,+ult (8.8)

Essentially, p is proportional to the mass of unburned gas existing at any instant in the reaction zone and it
therefore increases because of any mass entrained and decreases due to the mass consumed. As the flame
develops with time, the front changes from laminar withont entrained gas to turbulent with substantial
entrainment. That is, entrainment of new gas proceeds at a faster rate than the burning of that already entrained.
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Once developed, the flame may be regarded as quasi-steady as it progresses across a combustion space, both
entraining and entrained burning rates being approximately equal. When the combustion is near completion, the
entrainment will reduce and the gas will burn out. This last would normally occur when the flame reaches the
wall. The rate of change of p with time is equal to the rate of entrainment minus the entrained gas burning rate
and is:

du/di=dm, | dt-dm,, | dt=A p,u,~ulr 8.9)

In this equation, a reasonable initial condition is that p =0 att=0. That is, when the flame kernel is very small
relative to the turbulent scale, it exists as a laminar flame only. It has been suggested (Keck , 1982) that the
entrainment will initially increase at a very high rate, gradually levelling out as the quasi-steady, developed
flame condition is approached. It can therefore can be modelled as an exponential increase. The relationship
suggested is:

u,=u'{l—exp(~1/7)} (8.10)

where u' is a characteristic entrainment velocity at the quasi-steady condition directly related to the turbulence
intensity. This equation fulfils a further condition that, as the turbulence level decreases to zero, the flame will
be laminar. From experimental observations, Keck has suggested the following empirical relationships for a u'

and T
u'=0.084,{p, / p,}"’
8.11)

r=08L, /s, {p, / p,’'”
Here m and ri are the unburned gas and inlet gas densities respectively, v; is the mean gas velocity through the
inlet valve (iv). The mean gas velocity at the inlet valve may be obtained from an approximation of the average
volume inflow rate in terms of the mean piston speed. That is:

. Ajuj = 1y Ap Sp (8.12)

gving:

u,=n,(4,14,)s, (8.13)
The mean piston speed is Spr Ap and A;y are the piston and inlet valve opening areas, L is the valve lift and 1,
the volumetric efficiency.
These equation now describe the initial development of the flame front and its quasi-steady propagation across
the combustion chamber as a developed flame. All that remains is to examine the burnout period when the flame
reaches the furthest wall and no additional unburned gas entrainment is possible. Here, only the unburned gas
trapped in pockets within the front is responsible for further heat release.

It can be seen from equations 8.9 and 8.10 that, if A¢ is zero:

dmp/di = /'t (8.14)

and dwdt = - 't (8.15)

Separating the variables in equation (8.15), integrating gives a solution. Evaluation of the integration constant is
obtained by taking the mass parameter 1 as Uy and the burning rate as dmy, y/dt at the instant the front

completes its movement to the wall (t,) at the start of the burnout period. Quantities throughout the burnout are
then designated generally by p, dmy/dt, t, etc. This gives:

In (Why) =~t-t)/T (8.16)
from which, dmy/dt = exp{-(t-1,,)/T} dmy, ,,/dt (8.18)

These equations aliow the burned mass fraction to be calculated as a function of time or crank angle position. A
typical curve is shown on Figure 8.10. This follows the type of curve known to exist in practice. It can be seen
that the initial period of flame development is slow and has traditionally been referred to as the ignition delay
period It is, however, not distinct from later flame development but is caused by the slow burning in the initial
laminar phase. Tt is best referred to by the now commonly used term, flame development period. Its extent is
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somewhat arbitrary but typically it might be assumed to occur while the initial 10% of the mass is undergoing
combustion. At the top end of the curve, the burnout period exists and this again gives a progressively slower
mass burned increase. It again is defined arbitrarily and may occupy about the last 10% of the mass burning
process. In between, the major combustion pracess occurs. This can be referred to as the rapid burning phase.

Burnout period
100 ‘
..
: Rapid burning phase
Mass
Fraction S50 [—
Burned B
% B
0 i ;
2 ‘ Time, t
or

Ignition delay period Crank Angle, 0
Figure 8.10 Depiction of the variation in mass burning rate in S.1. engine combustion

To use this model, the following steps should be taken

Select a chamber shape, piston movement, inflow conditions etc.

Use eqn. (8.13) to obtain u;

Use eqn. (8.11) to obtain u’ and ©

Use eqn. (8.10) to obtain u,

Taking n = 0 at t = o, use eqn. (8.9) to obtain p at each time step, At (ie p; = - + At dp/dt)

Make an initial approximation of As. For example, a small sphere of radius about that of the spark plug gap
may be suitable.

Use eqn. (8.8) to determine dm;/dt and hence estimate Amy, by multiplying by At.

Use Amy, to estimate the new flame front position (relative to the gas ahead)

From the appropriate heat input for this burning increment, determine the pressure rise throughout the
combustion chamber and the new gas temperatures, different in different locations.
s  Correct this burning movement for the expansion effect due to the change in the gas densities

The movement of the flame front across the combustion space can now be determined. However, even this
method is quite a complex process.

It should be noted that the above approach is a representative model only. It is based on a mixture of
application of the known fundamentals and some empirical formulae. That it works well is evident from the
agreement with experiment. However, it does not exclude other approaches from being used to describe the
combustion process.

8.2.4 Flame Propagation Effects on Engine Design and Operation —

Cylinder Pressure versus Crank Angle

The combustion in an SI engine occurs as a turbulent flame propagating across the chamber. The flame front is
initiated by the spark and grows first at a slow rate in a roughly spherical manner. Here it is small compared to
the larger turbulent structures in the combustion chamber and so small scale turbulence can affect its
development while larger turbulent structures are likely to juggle it around to different locations in the field. It
therefore has the potential to vary considerably in shape, volume and location in this early stage affecting the
otherwise more stable later combustion which has far greater energy release. The overall variations to the
combustion are quite visible when recorded on pressure traces and are known as "cycle-by-cycle variability”.

Examination of engine pressure traces is useful. For some period, perhaps about 10° or more of crankshaft
movement, after the spark initiation, there is little departure from the pressure trace for the unfired engine (i.c.
the "motoring” trace). This is the classical "ignition delay" period discussed above. As the flame front area and
the temperature and pressure of the unburned gas all become larger, there isa continual increase in the rate at
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which the unburned mixture is consumed and the flame front then progesses, constrained by the chamber
shape, providing significant pressure rise until the mixture is almost burned out. The flame front during this
stage is no longer spherical but is modified by the walls of the combustion chamber. Obviously, a long, thin
chamber limits the growth in flame front area compared to a more open shape as is illustrated on Figure 8.11
with a slower combustion rate in the former case. As the end of combustion in any configuration is approached,
the rate at which unburned mixture is consumed now decreases because the flame front area is again limited.
Therefore, the mass fraction of the initial mixture burned when plotted against time (or crank angle degrees)
follows the smoothed ramp form as shown on Figure 8.10.

Flame front
unconstrained by walls Flame front
modified by wall
o o
/ 1[[1/ g
Piston Piston

Figure 8.11 Flame fronts either minimally or highly modified by the walls of the combustion chamber

The first two regions can be distinguished as shown on Figure 8.12 where a "fired" pressure trace is compared
with a "motored” one. The length of the flame develoment period is basically dependent on the type of fuel,
mixture strength, and the cylinder conditions of temperature and pressure, a typical set of curves being shown on
Figure 8.13 (Ricardo, 1933). It can be seen that the flame development time is extended significantly for weak
mixtyres with a minimum delay occurring for rich mixtures with an equivalence ratio of about ¢ = 1.2. Above
this, the delay again increases although at a slower rate than with weak mixtures. For very long flame
development periods, the rapid burning period will not be reached within the time scale available and no nett
work will be available from the combustion. For a given set of pressure, temperature conditions, the time taken
for the flame development period is substantially independent of engine speed. This is because the flameball is
small and it is substantially unaffected by the large scale turbulence generated by the inflow and piston motion
which are themselves functions of engine speed. Consequently an increase in engine speed directly increases the
crank angle required for the period.
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Figure 8.12 Engine pressure traces showing typical ignition and combustion curves
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Figure 8.13 Effect of ignition delay and rapid burning on period from ignition to peak pressure (adapted from
Ricardo 1933). Note similarity to flammability limit curve of fig 8.2.

The rapid burning period is the region designated B to C in Figure 8.13. Most of the unburned mixture is
consumed here and the pressure now departs noticeably above the motoring curve and reaches a high value. The
time taken again depends on fuel, mixture strength, pressure and temperature and it should be noted that the last
two vary considerably during the burning period. However, other factors are now important, one being the shape
of the combustion chamber and another the engine speed, the former dictating the size of the flame front area in
relation to the remaining unburned mixture volume and the latter modifying the turbulence levels within the
cylinder. In the rapid buming region, the bumning velocity is highly dependent on engine speed. For a given
engine and fuel, the number of degrees of crank angle over which this phase occurs show little dependence on
engine speed. That is, the time taken for flame propagation decreases at roughly the same rate as the engine
speed increases. This is because the turbulence generated by the inflow process and modified by the compression
stroke are related more or less directly to the engine speed. QObviously, this is only a rough approximation and
there is some variation from engine to engine.

If the position in the cycle at which peak pressure is desired can be fixed, it is then possible to determine the
spark timing for any set of conditions. The peak pressure should occur about 12 to 15° after to dead centre. As a
first approximation, the total burning time of the mixture, A to C, can be found by adding the appropriate
roughly constant crank angle for the rapid burning period B to C (for example, say 12°) to the crank angle at the
appropriate engine speed for the flame development period A to B, which is a variable. A more precise value
may be obtained by modelling or initial experiments.

Fuel, diluent and oxygenation effects

If the preceding curves are typical of a conventional spark ignition engine fuel, that is a petroleum based fuel, it
may not be representative of other substances, which have quite different burning characteristics. For example,
hydrogen burns very rapidly and has wide flammability limits and this can be seen on the diagram of Figure
8.14. That is, it has a reduced flame development period when compared with petrol particularly away from
stoichiometric air/fuel ratios. The flame propagation period may also be substantially reduced, the amount
depending on the turbulence levels as the laminar flame speed of hydrogen is extremely high.
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Figure 8.14 Effect of different fuels on combustion time; ignition delay plus rapid buming. (from Ricardo,
1933)
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Figure 8.15 Effect of changes in oxygen levels on combustion time (from Ricardo, 1933)

The rate of flame propagation increases with the flame temperature because of the more rapid heating of the
unburned gas ahead of the flame front to its ignition temperature. It also increases when there is less inert gas to
heat in the unburned mixture ahead of the flame. Flame temperatures are highest in pure oxygen and become
progressively lower as increasing quantities of inert gas are added to the unburned mixture. Consequently, the
addition of oxygen can be shown to reduce the flame propagation period. Alternatively, the addition of an inert
gas increases this period. Oxygen enriched combustion is uncommon in all engines except those for rockets
although the possibility of easily and cheaply increasing the oxygen level of air through the use of membrane
separation techniques now exists. While some experiments have been carried out, principally on diesel engines
in order to reduce smoke levels, it is not clear that there is a major advantage in this technology. Inert gas levels
above those of normal ambient air are far more likely and these are referred to as diluents. The most important
diluent of this type is the exhaust gas which is always present to some extent in a naturally aspirated SI engine as
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residual gas from the exhaust. Alternatively, additional exhaust gas may be deliberately added for emission
control purposes (EGR). Thus, a slow burning rate may then occur which can have some effect on reducing the
cycle efficiency. The effect of oxygen addition and diluents is also shown on Figure 8.15.

Pressure rise during combustion
The rate of pressure rise in an engine during combustion can be modified to some extent by the design details.
For example, the size (that is, the bore), operating speed, air to fuel ratios, type of fuel, compression ratio and
operating temperature all play some role in determining the number of crank angle degrees from ignition to the
position of peak pressure. That is, all can modify the trends shown on Figure 8.10. However, all the above are
constrained by other design parameters, However, the turbulence built into the combustion chamber is one
variable with which there is some freedom in the design process and can therefare be used to modify, within
limits, this rate of pressure rise.

Typically, the pressure rise occurs over about crank angle of 10 to 20° and a desirable rate may be about 250

to 300 kPa per degree of crank angle movement with the maximum pressure being reached at about 10° ATDC.
Obviously, the faster the rate of pressure rise, the closer the engine approaches the constant volume combustion
which, from the thermodynamic analysis, provides the most efficient cycle. However, if the rise is faster than
that indicated above, excessive turbulence occurs in the combusting gases and the motor will run ronghly with
the rate of heat transfer to the walls becoming excessive. For low compression ratios the flame propagation is
slow and substantial turbulence needs to be designed into the head. At higher compression ratios, this becomes
less important although most engines operating on compression ratios of about 8:1 have some "squish® area

The peak pressure has a maximum value when it occurs at TDC. For smooth running it is generally a little

later than this, about the 12° mentioned before. This has no adverse effect on efficiency as the combustion
chamber volume has increased very little at this point. In fact, most studies (Taylor, 1988) show that the
efficiency reduces as it is positioned either earlier or later than this optimum point. Putting the maximum
pressure cither earlier or later causes excessive heat transfer as large areas of cylinder wall are exposed during
the major part of combustion. Other combustion probleins can occur. Also, for the maximum pressure to occur
very early (say at TDC), the ignition point is early in the cycle and low pressures and temperatures then canse a
long flame development period and initially a slow flame propagation.

Ignition timing

The major factors in determining spark timing are now apparent. On the assumption that the maximum pressure
rise should, wherever practicable, occur a littte after TDC, it is possible to work backwards to find the
appropriate ignition point, which is probably about 10 to 20° BTDC.

It can be seen that, for a given mixture strength, the spark must be advanced as engine speed rises to cope
with the longer crank angle for the same delay time (Figure 8.13). On the largely superseded mechanical type
distributors, this is the purpose of the centrifugal weights. At part-throttle operation, the proportion of residual
gases in the mixture increases. Consequently, both the ignition delay and the flame propagation period become
longer even at the same rpm. Again, the spark must be advanced and this is accomplished by a vacuum device
operated from the intake manifold. Mixture strength usually plays little part in determining ignition timing as
most spark-ignition engines operate in the range ~ 0.95 to 1.2 where the curve is relatively flat. However, with
the modern lean burn engines which is a technique used to lower emissions while retaining high efficiency, some
retarding factor may need to be introduced on acceleration when the mixture is enriched. This is best
accomplished electronically.

It should be noted that with very weak mixtures, a large spark advance is required and this is compounded by
the fact that, at this position the pressure and temperature of the only partially compressed gas is very low further
slowing flame propagation and increasing delay time. Consequently, extremely large advances are not used. If
then, for a normal spark setting, a very weak mixture is used, the slow combustion can leave gas burning during
the exhaust stroke. Some of this may be trapped in crevices (e.g. spark plug) in the engine and can ignite the
incoming mixture on the next stroke caunsing the engine to backfire. The slower increase of delay time with
change at the rich end of the mixture range prevents this from happening there.

In turbocharged engines, the system is often designed so that little pressure rise occurs until a certain engine
speed is reached after which the boost pressure is considerable. The higher pressures and temperatures then
decrease the total time from ignition to peak pressure and a retard needs to be induced into the timing system at
this point. Careful modification of the distributor is therefore required when fitting a turbocharger to an existing
engine.

Finally, it should be noted that, while about 12 t015° ATCD may be ideal from a performance viewpoint,
control of NO, and other emissions sometimes requires a retarded spark to reduce peak pressures and hence
temperatures at some parts of the cycle. The characteristics of distributors on modem engines are therefore a
little more complex than envisaged in the system above and the necessary retard will depend on how much the
unmodified design exceeds the legislation requirements. For example, with EGR (exhaust gas recirculation) for
NO control, oxygen is reduced and, from Figure 8.15 it can be seen that for a given mixture strength, the spark
must be advanced as engine speed rises or the throttle is closed in order to cope with the longer delay.
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8.3.5 Spark ignition engine knock

Spark ignition engines are subject to combustion noise which is generally termed "knock®. While there are a
number of types of knock, two are most frequently encountered, these being pre-ignition and end-gas
autoignition. The high frequency pinging noise in an engine is end-gas autoignition, sometimes referred to as
detonation. Pure pre-ignition either does not cause a perceptible noise or produces only a dull thud.

Pre-ignition
This occurs when a hot spot in the combustion chamber (e.g. carbon, glowing spark plug) ignites the charge
before the spark plug fires. There is no essential difference to the flame front and combustion except that the
ignition source is at a different time and probably location. When it occurs just a little before normal ignition, it
is difficult to notice any effect on the engine. The danger lies in that, with early ignition more heat is transferred
to the walls, the hot spot becomes hotter and the pre-ignition point moves further forward in the cycle causing
more heating and eventual engine damage, This is particularly serious when only one cylinder is pre-igniting as
there is initially little power loss. Generally, for an engine which does not auto-ignite when the peak pressure is
near TDC, pre-ignition will not promote it. If, because of the available fael being of too low an octane rating,
the engine has been deliberately retarded to prevent end-gas autoignition, the pre-ignition may promote it. The
hot spot may have many causes mostly related to poor maintenance or design.  However, one possible cause of
pre-ignition is prolonged end-gas autoignition. The end-gas autoignition waves may disturb the cool layer near
the wall and promote greater heat transfer, hence starting a hot spot.

A similar phenomenon occurs when the engine is stopped. This is usually termed run-on. Here, the hot spots
acts as an ignition source to keep the engine stumbling on, sometimes for a considerable period. Controls are
required to prevent this.

End-gas autoignition

When the flame fromt moves across the combustion chamber the unburned gas is compressed rising in
temperature as well as pressure. Radiation from the flame front also affects this gas. The critical section is the
end-~gas, the last portion to be burned. If its pressure and temperature becomes too high, it will ignite
spontancously and high pressure, severely peaked waves will cross the chamber fed by the hot mixture ahead of
them. This end-gas reaction is close to a constant volume combustion. The waves from it are similar to severe
shock waves and hence there is some similarity to classical detonation waves although they are not identical.
This is because they are progressing through an already burned gas and so cannot have an attached combustion
front adding further energy. In the engine case, the wave is unconfined and is fed by the combustion energy
behind it.

Waves of this type can occur when as little as 5% of the end-gas ignites although the more that does, the
stronger the waves, They provide sound of audible magnitude, usually regarded as a ringing of the surrounding
metal, As mentioned previously, if prolonged they may promote pre-ignition. While short bursts of this type of
knock behaviour appear to be of little consequence, prolonged knocking will cause a slight pitting of the surface
of the piston crown and evenmtually severe erosion. This is probably because of additional local high
temperatures and high heat transfer rates.

The cause of the end-gas reaching autoignition conditions is either too high a compression ratio, too long a
flame front travel or poor cooling in the region of the end gas. The high compression ratio starts the end gas at
more severe conditions where it is easily overheated during combustion. A long combustion chamber with its
increased time for flame front travel isolates a small portion of the end gas until it becomes severely compressed
and can ignite spontaneously. Poor cooling has the obvious effect of providing high end-gas temperatures.

For a given engine, fuel type is the most important factor in promoting or preventing end-gas autoignition.
Octane rating is used as a measure of the fuel's ability to resist end-gas autoignition. Pure iso-octane has a rating
of 100 while the addition of lead compounds (or thallium or some other substances) can raise the rating above
this or increase that of inferior fuels without otherwise becoming involved in the combustion process. Some
fuels have an octane rating well above iso-octane. Examples of these are benzene, methane and the alcohols.
Note that the use of a weak mixture in the end gas allows a higher compression ratio to be used. Thus stratified
charge engines, designed to operate with a weak mixture to reduce CO, have this as an added advantage.

In general, for hydrocarbon fuels, the following apply:

» The knock resistance of paraffins increases with a decreasing number of carbon atoms in the molecule.

Olefins show similar behaviour to paraffins. Below about 4 carbon atoms/molecule, paraffins are better.
Above this, olefins are usually better.

The addition of tetra-ethyl-lead has the largest effect with paraffins. Aromatics are less affected while
olefins and acetylenes are only very slightly improved. The effect of the lead seems to be that the reaction
rate is reduced.

Knocking is promoted by adding ozone, nitrites, peroxides which increase the reaction rate.

ls
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For a chosen compression ratio, in order to reduce the tendency to detonate, the following design features should

be considered:

e The length of flame travel should be kept small so that no significant end gas has a high post ignition

compression. A centrally located spark plug or two plugs can be used.

Surfaces should be kept cool in the end gas region.
The exhaust valve, which is at a high temperature because of the high velocity exhaust gas flow over it and
the difficulty in providing adequate cooling for it, is best located away from the end gas.

o Sufficient turbulence is required to give the fastest flame front propagation consistent with the other design
featuresof the engine. That is, the correct rate of pressure rise is desirable.

¢ Diluents may be used to reduce flame temperature. Note that this reduces power and restricts the available
equivalence ratios for good ignition.

e  Alcohols, alcohol-water or acetone-water may be used as an additive to the fuel. This may be emulsified
with the fuel or used separately through injectors. Generally, water-alcohol injectors have been found to be
most beneficial with supercharged engines and were originally developed for the high output aero engines
that existed prior to the gas turbine. Note that they may cause corrosion and they require additional
maintenance. Thus water or water-alcohol addition is not widely used.

o  The spark may be retarded, This is basically a method of adjustment for an engine which otherwise does not
match the fuel available. It reduces the maximum engine pressure and temperature but may result in reduced
power and efficiency. Some additional heat transfer from the exhaust gas may cause the exhaust valves to
overheat. It is not recommended for any but a minor adjustment.

8.3.6 Combustion chamber shapes

A great many different combustion shapes are possible and it is not the intention to discuss all possibilities here.
However, to provide some insight into the importance of shape, some of the designs that have been commonly
used over the years are discussed here. Figure 8.16 shows a number of such combustion chamber designs. Their
various advantages and disadvantages are listed below.

L Head (side valve)

This was very common in automotive engines until world war II but is now rarely, if ever, used . It has the
advantage of being a simple design with the valves connecting directly to a camshaft in the block. It can have
good turbulence characteristics but a long flame path travel. Consequently compression ratios are limited.
Valve sizes are also severely restricted by being located in the overlapping area at the side. A "squish" area may
be added to increase turbulence if necessary.

F Head (overhead, inlet, side exhaust valve)

A development of the L head, this retains most of its general characteristics but generally has a more compact
combustion chamber. However, valve size, particularly that of the inlet valve can now be increased but the
overhead location requires rockers or a separate camshaft. A reduction in end-gas allows a slightly higher
compression ratio than the L head. Again, it is now essentially discontinued.

Overhead valve

Nearly all engines are now overhead valve types. The basic type allows large valves and has a short flame path
length; hence it has good compression ratio characteristics. However, it may have insufficient turbulence and is
often modified with a "squish” region as shown. Mechanically it is more complex than the L head as it requires
rockers or an overhead camshaft. One or two camshafts may be used.

Inclined overhead valve

This type with variations goes under names such as "hemispherical” head, "pent roof" etc. It allows the largest
valves, has a short flame path length. I insufficient turbulence is available, this may be increased with squish
areas. It is mechanically the most complex, generally requiring two overhead camshafts, but is becoming more
commonly used.

Other types

Rotary valves using two grooves on a rotating cylindrical valve to provide flow passages can be placed either
axially or transversely on the piston head. These have been considered since the 1920s. They allow good gas
flows but have sealing problems, allow heat transfer from exhaust to inlet and have high friction. The gas flow to
the engine is good at extremely high engine speeds but poor at low speeds and so they are generally being
considered for racing engines. Some current designs seem to have improved on the above faults. Another
development from the 1920s is sleeve valves. These consist of a sleeve around the cylinder which opens and
closes ports as it rotates and lifts relative to the cylinder wall. They have high friction but provide good gas
motion for diesels and there are some specialist areas where they are being re-evaluated.
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Figure 8.16 Examples of different types of spark ignition combustion chambers

8.3.8 Basic thermodynamic analysis from engine test data

In practice, the theoretical approach described in Section 8.3.3 is too complex for most usage and information is
more easily obtained by combining test data with a simpler theoretical analysis. Combustion chamber pressures
being uniform at any one instant are relatively easy to measure but temperatures which vary considerably both
spatially and temporally are not. Since the realisation that NO plays a crucial role in the formation of
photochemical smog, renewed attempts have been made to examine the combustion space mathematically during
the flame front movement. The reason for this is that NO formation is very sensitive to the local temperature
within the combustion chamber. Three approaches are possible. These are:

e With a given engine and a measured (or even assumed) pressure trace, the mass fraction burnt can be
determined as a function of time and the temperatures of the various portions follow. This is basically a first
law thermodynamic model used for analysis.

* An assessment of the flame propagation for a given combustion chamber can be carried out using the
methods of section 8.3.3 or similar.

e A complete fluid mechanical model is possible by setting up the foll equations of motion of the fluid in three
dimensions. These include the continuity, momentum and energy and mass diffusivity equations and, in
addition, a mathematical formulation of flame front propagation velocity, combustion chemistry and heat
transfer. This method does not have the disadvantage of using a measured pressure trace but the accurate
assessment of flame propagation speeds and a knowledge of the fluid mechanics of the gas throughout the
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combustion chamber is required. It is therefore a very complex procedure and results have not to date
been entirely satisfactory. It is, however, a rapidly developing area of CFD and some proprietary codes are
available. The reader is referred to more specialised texts and research papers for this purpose.

Only the first law thermodynamic analysis will be dealt with here.

Thermodynamic approach

This method relies on the input of a measured (or otherwise known) pressure trace to the fundamental
thermodynamic calculations and thereby bypasses knowledge of both the position of the flame front and the
burning velocity. A typical example of this method is that described by Lavoie, Heywood and Keck (1980).

The thin reaction region is ignored and the combustion space is broken up into two zones, these containing the
mass fractions of burnt gas, designated as xy, and that of unburned gas x;, respectively. That is,

Xptxg=1

Using subscripts b for the burnt and u for the unbumt sections, the following equations can be obtained.
Average specific volume v = chamber volume/mass in chamber

=V/m
X » 1
= [v,dc+ [v,ax (8.20)
0 Xp
The average temperature in each region is given by:

T= 1/ijdx @8.21)

Now multiplying through by the instantaneously uniform combustion pressure p(t), (that is, remembering that p
is a function of time):

pV Im=R,T,x,+R,T,(1-x,) (8.22)

Using the first law of thermodynamics, the heat and work transfer can be related to the total internal energy in
the combustion chamber:

O-w=U ,-U, (8.23)
=m (uy-uy)
where
u, = Tubdx + _l[uudx 8.24)
0 %

Note that Q would be negative as heat is transferred from the system. Now the internal energy can be
approximately by assuming specific heat is constant over the temperature range considered, i.e.:

u,=c,,Ty+hg, (8.25)
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Figure 8.17 Calculation of the mass fraction bumed from a known pressure trace {(from Lavoie, Heywood and
Keck, 1980)
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Figure 8.18 Diagram showing the relationship between the temperature of the first and current elements of fluid
burned and the mean gas temperature, (from Lavoie, Heywood and Keck, 1980)

u,=c, T,+h,, (8.26)

Here, hyp, hey; are constants for the fuel/air mixture in its bumed and unburned state respectively and T}, T, are

the mean temperatures. Obviously, variable specific heats could be used instead of the constant values specified
but with an increase in complexity. Combining the above gives:

(L[l +Q—~W) / m:xb (cv,b Tb +hf,b %(l_xb Xcv,u Tu +hf,u (828)

If it is assumed that the work term can be evaluated from:

W =m| pdv (8.28)
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eqns. (8.21) and (8.25) have three unknowns, xy, 7j, T, A third equation is therefore required. This is
obtained by assuming that the average unburned gas temperature 7, can be evaluated by isentropic compression
from the pressure at the beginning of combustion, i.c.:

T.=T,(p/p, )" (8.29)

Hence, at any known pressure, p(t), x, and 7, may be obtained as functions of time, Typical results are shown

on Figures 8.17 and 8.18.

This method provides a very useful but simple method for estimating the mean gas temperatures in the two
zones. It essentially assumes that the all the burnt gas from any instant in the progressive combustion is
instantaneously fully mixed with all previously burnt gas. This is a limiting case only. The other limit is that
each element of burnt gas retains its individual temperature which is raised by the further compression. An
additional equation similar to eqn. 8.29 is therefore required for each of the individual elements of burnt gas.

8.4 COMPRESSION IGNITION ENGINES

With compression ignition engines, air alone is admitted to the cylinder where it is compressed until it reaches a
temperature sufficient to ignite the fuel which is sprayed directly into the combustion chamber at near to that
point. Temperatures for ignition are approximately 800 K upwards and hence compression ratios of more than
about 14:1 are required. Starting devices such as glow plugs which are an electrical heating device within the
combustion space are often necessary for cold starting. While simple theory indicates that a continmous increase
in efficiency takes place as compression ratio is raised, in practice the maximum efficiency of a reciprocating
engine occurs with a compression ratio somewhere around 15 to 18:1 depending on the details of the particular
engine. This is because, at higher values, the increased heat transfer and friction losses offset the gains from the
improved thermodynamic performance. Higher compression ratios up to about 23:1 are used in some smaller
engines which have divided combustion chambers, these being called indirect injection, IDI types. These high
values are required to offset heat transfer losses to keep air temperatures high enough for ignition. The now
more common direct injection, DI types with a single combustion chamber use the more optimal lower values.

The fundamental combustion process in a compression ignition engine takes place as a diffusion flame. The
fuel enters the combustion chamber from a high pressure injector nozzle where it rapidly breaks up into a fine
spray of droplets. Before combustion can occur, the droplets must partially evaporate and the vapour must
diffuse into the air until a suitable air/fuel ratio is reached locally to support combustion. Once combustion
commences, the increased temperature promotes evaporation in other droplets and the buming rate increases.
There are many aspects which control the rate of combustion. These are the rate of injection, the size (degree of
atomization) of the droplets, the engine temperature, the fuel type, the forced mixing patterns and level of
turbulence in the engine. Combustion is therefore generally slower than in spark ignition engines. In very large
diesel engines, this is an advantage as it keeps peak pressures low. However, efficiency is better with rapid
combustion and small, high speed diesels are designed to make the burning process as rapid as possible. In some
small engines, the rate of pressure rise is not all that much lower than that in spark ignition engines.

8.4.1  Fuel injection in CI engines

Fuel infection

Fuel injection systems consist of a basic means of delivering and distributing the fuel to each cylinder, a method
of raising its pressure to that necessary for injection and an appropriate nozzle so that the required spray pattern
exists within the cylinder. In addition, a governing system must be incorporated so that maximum rotational
speeds are not exceeded, so that the minimum idle speed is maintained and so that the fuel supply does not
exceed the smoke limits as the engine changes speed and load. It is not the purpose of this text to discuss these
aspects and the reader is referred to Diesel Engineers Handbook for detailed information,

Equations for fiel sprays.
Although the flow in an injector is variable, having to start and stop in the short time period available, an
approximation of the mass flow rate can be expressed by the normal, incompressible nozzle flow equation:

=CpA4,.\[2p,Ap (8.31)

More accurate models also consider the effect of the pressure pulse in the line between the distributor pump and
injector.

Note that a fine, highly atomised spray is obviously an advantage from the point of view that it gives a very
large surface area of droplets for a.given mass of fuel entering the combustion chamber. This then allows rapid
vaporisation, mixing and diffusion and so combustion can occur rapidly. However, a very fine spray or mist has
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drops with low inertia and these then have little penetration into the combustion space. Hence a compromise
is necessary so that the spray can be spread through the chamber. A range of droplet sizes is preferred as some
(the smaller) will then reside near the injector, evaporate rapidly and commence combustion while the larger will
penetrate to the far side of the combustion space allowing good air utilisation.

The important characteristics of the spray are the spray angle, the droplet distribution and the penetration of
the spray through the central core region of the air in the chamber. Every nozzle has a more or less parallel
section at its exit, this being where the hole is drilled through the metal walls. The length L, and diameter D, of
this hole is important. The angle 0 of the spray depends on the L,/D,, ratio of the nozzle and the ratio of gas to
liquid densities, Pg and pj, the penetration S on the nozzle pressure ratio Ap, liquid and gas densities and time, t.
The units are conventional S7, kg, m, s. A number of essentially empirical formula are available. These can be
summarised for the case without switl as:

Spray angle, 6
tan(/2)=1.182(1/ A)/(p, / p;) (8.32))

where the value of A is:

A=3.0+028(L, /D)

nozzle

The penetration distance can be expressed in various forms but is best divided into that before the spray breaks
up into droplets and that after break-up. These equations, for a nozzle diameter in metres of D, are:

S =0.39/(2Ap/ £;) (8.33)

$=295(Ap/ p,)"* D,t (8.34)

The time at which break-up occurs is small and is given by:

29p,D
_ 2P, 8.35)

tbreakup - \/’b?‘;

It should be noted that the airflow patterns, particularly swirl will affect the penétration distance.

Droplets may come in a wide variety of shapes. Each shape will have a different surface area to volume and
so a standardised means of expressing this is required. That usually used is the Sauter mean diameter (SMD) of
the spray, this being defined as the diameter of a droplet that has the same volume to surface ratio as the spray as
awhole. It is obtained from experimental measurements and is called either Dy or D5, It is:

Dy, =Y nd,’ /Y nd,’ (8.36)
and has been evaluated by the empirical equation of Hiroyasu and Kadota (1984) as:
Ds;\,[ — C(Ap)—04135 p0,121 vf0.131 (8,38)

where C=25.1 and 23.9 for pintle and hole nozzles respectively. The droplet spray velocity is then given by:

%K =13.5D° exp[-3D1dD (8.38)

where D=0 Dy, Here, D, is the average droplet diameter which is proportional to the surface waves on the
spray ligaments which cause the break-up. Is usually in the range of 20 to 140 pm.

1t should be noted that these equations are at least partially empirical and that other equations have been
obtained by various investigators to characterise sprays. However, once the spray distribution is found, the
combustion process can be studied by dividing the region into zones. The quantity of fuel in each zone can then
be considered as it burms.
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8.4.2 Thermodynamic analysis of CI Engine combustion

While knowledge of the distribution of fuel throughout the combustion space and application of basic
combustion modelling can give the energy release, this is very complicated and must be incorporated into a
three-dimensional model. For a simpler analysis, a basic thermodynamic approach can be followed similar to
that described for SI engines in Section 8.3.8. Note that the following equations could also be applied to SI
engines. They give what is called a heat release rate which is very helpful in discerning the various combustion
modes in CI engines. The heat release rate is important in diesel engine analysis. It is obtained directly from the
first law of thermodynamics for a closed system which may be written in time dependent form as follows.

! Start of | End of

‘Injection i Injection
Fuel Injection
Heat
Release
Rate

> * »

Ignition  Pre~-mixed Mixing Controlled Late Luming
Delay = Combustion Combustion Period

Crank Angle Degrees
Figure 8.19 Typical heat release diagram for a DI diesel engine

dQ _dW dU_,dv  dT
_— =

mc
dt dr a d  dt
From the ideal gas equation
pV=mRT and @+ﬂ:d—T
p Vv T

Substituting for dT in the first law expression and noting that ¢/R = 1/(y-1) gives:

@__Pidz+mcv [VdP , pdV]

dt & mR\ dt &
_pl 145 .‘_J_V_Hc vdp (8.30)
dt R dt

[y\PdVL()()VdP

-1 ) dt Ly—l J dt
An experimental pressure trace gives p versus t and hence dP/dt versus t can easily be determined. Also, v versus
t and dV/dt versus tis known from the engine geometry. That is, at any time t, all the variables p, V, dp/dt and
dV/dt are known and hence dQ/dt can be calculated. This can then be plotted against t as in Figure 8.19. This
heat release diagram which gives the pattern of combustion energy release developed from the pressure trace can
be seen and it can also be related to the fuel injection rate.

From Figure 8.19, it can be seen that the combustion process in dicsel engines has three fairly distinct
phases. These are called the ignition delay, pre-mixed burning and diffusion buming periods. While not so
clearly distinguishable on the heat release diagram, a further period called the burnout {or late burning) phase is
sometimes distinguished as a separate mode. The important aspects related to CI engine combustion that need to
be studied can then be broken into four groups, these being:
fuel injection
ignition delay period
pre-mixed combustion phase
diffusion (or mixing) controlled period
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Ignition Delay

As the fuel is injected, a considerable proportion accumulates before any noticeable pressure rise due to
combustion occurs. The delay period is usually defined as being from the start of injection to the first noticeable
pressure increase above the motoring trace although the appearance of a luminous flame has also been used to
determine the latter point. Delays defined by the pressure rise are fractionally shorter and appear to give more
consistent results. The delay occurs because of both the time related to the physical processes such as the
evaporation and the mixing which are necessary prior to burning and to some chemical processes such as the rate
of the pre~combustion reactions. These are therefore sometimes classified as a physical delay and a chemical
delay, the former depending on the environment to which the fuel is subjected while the latter is related to the
reactive nature of the fuel. Ignition delay is a function of the cylinder pressure and temperature at the time of
injection, the fluid motion (swirl and turbulence) in the chamber and the properties of the fuel. Various
correlations exist to evaluate this period, some of the best known being the Wolfer (1938) correlation in pressure
p and temperature T only which does not consider either the fluid motion or fuel and that of Hardenberg and
Hase (1989) which does to some extent by the inclusion of the mean piston speed Sp and the fuel activation

energy E 5. These equations are:

Wolfer equation
A E, /R
a = oxp( ; 1) (8.39)
P
Using Wolfer’s coefficients, it is
0.44 4650
id = exp(l 1% /]) (839b)
o

A number of similar expressions have been obtained with widely differing values of A, n and Ea/R, but the
calculated delay differs only moderately. For example, some values obtained in an electrically heated
combustion bomb at University of NSW provide the following correlation which is less sensitive to pressure.
This may be due to the fuel, the apparatus or the test measurements and indicates that much is still not precisely
describable about ignition delay.

_3.454exp(2100.8/T)

id o (8.39¢)
The Hardenberg and Hase equation is
11 2120 \*”
7, =(0.36+0.228 Jexp| £, [RT - 17’190](]) - 124()} (8.40)

In these equations, [J;q is in degrees of crank angle, T is in K and p in kPa. The activation energy E A (called an
apparent activation energy) for the latter has been approximated in terms of the cetane number, CN as:

618,840

= 8.41
4 CN+25 ®4D
Premixed combustion

During the ignition delay period, much of the fuel injected by that time has been able to evaporate and mix and
the ensuing combustion which follows is extremely rapid, something charactetistic of premixed fuel and air in
general. It is difficult to model precisely because the initial ignition point or points are not known. As a first
approximation, it could be assumed that all of the premixed fuel will reach readiness for ignition simultaneously
and burn instantly but this would then over-estimate the effect. Under these conditions, the total amount of fuel
injected during the delay period could be used to approximate that undergoing premixed combustion. In reality,
the time period for premixed combustion is small but finite indicating that not all of it is ready to autoignite
simultaneously. Also, some of the fuel that has been injected will not be fully prepared for burning at the end of
the delay period. A more accurate assessment of the process follows that given by Lyn (1962) who, for a
theoretical analysis, divided the injection into a series of discrete mass elements. Each incremental mass of fuel
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reaches readiness for combustion at a time dependent on its initial point of injection and the prevailing in-
cylinder conditions. At the time the ignition delay period is completed, combustion of the prepared fuel
commences. As it is consumed, more fuel is added during this additional short period. It should be noted that,
as would be expected, the total mass of fuel prepared is identical to that in the total injection process.

Mixing controlled combustion

The initial rate of combustion is quite rapid. Once this phase is over, the remainder of the fucl must diffuse and
mix with the air in order to support the already existing flame, This then controls the rate of further reaction
which is much slower than the initial phase. Most of the fuel is burned in this mode, typical estimates from heat
release calculations being around 85%. The fuel is now entering the combustion chamber as a liquid spray
surrounded by hot, burning gases and so the rate of mixing is dependent on the spray characteristics and the air
flow patterns within the combustion space. The processes are variable with different injector and engine design
and are therefore complex making it difficult to apply a simple approach for its quantification. What is clear is
that increased swirl and turbulence, particularly the former increase the mixing rate. Also, a higher spray
velocity, finer atomisation and good spray distribution without wall impingement are important. Each situation
needs consideration on its own merits and a full CFD analysis provides the best approach. Note that, under some
circumstances, the combustion in this mode is likely to be fuel rich and a small quantity of the liquid fuel may be
affected by the heat, pyrolysing to other compounds which may be less combustible.

8.4.3 Combustion chambers for compression ignition engines

There is considerable variation in the combustion chambers used in compression ignition engines, particularly at
the smaller engine capacity end of the range. While modern methods of computer simulation of the flow and the
combustion process are being increasingly used, in many ways the design of CI engine combustion chambers is
still somewhat of an art. The larger engines present fewer problems. Here, it is best to start by considering these
and then move progressively to the smaller types.

Very large diesel engines which are used for marine or stationary purposes may have cylinders of up to a
metre diameter. Under these circumstances, a considerable amount of fuel is injected in each cycle, even at low
load. Thus the injector nozzles are reasonably sized with multiple orifices which can distribute the spray quite
widely. Multiple injectors are also quite feasible and are sometimes used. In addition, the engine speed is low,
in some cases being perhaps around 100 rpm, and so there is considerable time available for mixing of fuel and
air after injection. With such large cylinders, too rapid a combustion process would generate high peak pressures
and hence cause immense forces to be developed and a slightly slower combustion is desirable, in spite of the
thermodynamic advantages of fast burn. The slow speed means that the ignition delay occupies relatively few
crank angle degrees. Given the above, very large diesel engines require single chambers with little turbulence
and are as depicted in Figure 8.20. These limiting large chambers are sometimes termed "quiescent”.

As the engine becomes smaller and faster, the combustion chamber needs modification so as to increase the
mixing rate in order to compensate for the poorer spray patterns and to provide an increasingly rapid
combustion. Various patterns for achieving this, still using a single chamber, are shown. These usunally have
some method of increasing swirl rates at the time of injection. Inlet flow direction can generate the initial swirl
which can be increased near the end of compression by forcing the flow into, say a deep toroidal bowl in the
piston crown. A certain amount of squish area associated with the bowl will also increase the turbulence. A
number of variations of the bowl-in-piston designs with different amounts of swirl enhancement and turbulence
generation are possible. A further possibility is a design which uses a pintle injector with the spray directed to a
hot section of the wall, usually the base of the piston bowl. Here, the fuel evaporates off at a rapid but to some
extent a controlled rate and the mixing is in the gas phase.

All the above types of single chamber engmes are called direct injection, (DI) diesels. The minimum
cylinder size at which these are appropriate is becoming progressively smaller as the technology of injector
design and the understanding of in-cylinder flows improves. DI chambers are now possible in cylinders of less
than about 0.6 L capacity.

For the very small engines, single orifice injectors spraying from the nozzle past central, axially located
dividers (pins) are used called "pintle” injectors. Below what is regarded as a minimum optimal size for a DI
chamber, which will vary depending on the design specification of the engine, the demands of the mixing
process become very severe and can only be met by splitting the combustion chamber into two sections. These
are a main chamber directly above the piston and an auxiliary chamber connected to it. Note that the main
chamber can be and often is smaller than the auxiliary chamber.

These types are called indirect injection IDI engines (Figure 8.21) and have a lower efficiency than direct
injection engines due to the flow and heat transfer losses between the chambers both during compression,
combustion and expansion. For many years, some manufacturers used IDI designs to moderately large sizes, say
1.5 L or more per cylinder but they are now generally confined to cylinder sizes well under 1 L capacity. A
number of variations in IDI design philosophy are possible and these are often classified into pre-chamber, air-
cell and switl chamber types. The differences are perhaps subtle. Pre-chambers use a small throat from the main
chamber to the auxiliary chamber which is sometimes further subdivided into several small apertures through
which the air passes to initiate turbulence. Injection occurs with a relatively rich spray into the auxiliary
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chamber giving a mixture which is roughly stoichiometric. The combustion which follows then forces the flame
back out through the throat into the main chamber where it is diluted to a lean combustion process. Swirtl
chambers are very similar except that they are designed to create a much more organised fluid motion for mixing
but are otherwise similar to pre-chambers. In general, swirl provides better mixing and these are now the most
common IDI types. The pintle injector is oriented so that its spray is in the direction of the swirling air so that
the droplets are carried away from the nozzle. Air-cell types are a litfle different in that they spray into either
the throat between the chambers or the main chamber rather than the auxiliary chamber and rely on air from the
cell being forced out from the latter as a jet when the pressure rises. Generally, on modern small diesels, pre-
chambers and swirl chambers dominate. Air-cells, popular some time ago, are now rarely nsed,

It should be noted that, regardless of the combustion chamber type or shape, the maximum equivalence ratio
for a CI engine is about 0.85 (i.e. fuel/air ratio 80% of stoichiometric). Above this, excessive smoke occurs. In
some circumstances, for example at high speed where the thermal loading on the engine may become excessive,
the fuelling level may be reduced further. For this reason, the specific power (power per unit mass of the engine)
for a diesel is generally considerable lower than that of an SI engine.

8.44  Knock in Diesel Engines

A major advantage of a diesel engine is that, because it compresses air alone, there is essentially no hot end gas
containing combustible compounds. Thus the type of knock that occurs in SI engines cannot happen in a diesel.
Because of the effect of a long flame path in increasing SI knock, there is a limiting cylinder size for an SI
engine. This may be up to say about 120 mm bore if the compression ratio is kept at moderate levels but it is



227

Fuel Injector Fuel Injector

Inlet and Exhaust Valves
High turbulence created Inlet and Exhaust Valves High swirt created
in pre-chamber in pre-<chamber
p \ e p

Airflow into pre~chamber o~ Airflow into pre-chamber ’

"0'0&0;0;0;0‘0‘02

1622 %0062 %% etk

LRI

63020 v e %0%% T 70000 |

/ RIS / Dele2e2e%e % %%
Piston Piston

TURBULENT PRE-CHAMBER SWIRL CHAMBER

PRE-CHAMBER TYPES

High turbulence created
Inlet and Exhaust Valves in main chamber
Airflow out of chamber Fuel Injector
»~ Airflow out of chamber
y

RN
SR

Piston /

Piston /

Airflow out of chamber

BASIC AIR CELL

@ Inlet and Exhaust Valves

&

ENERGY CELL, "LANOVA" TYPE

Fuel Injector N

AR CELL TYPES

Figure 8.21 Examples of different types of compression ignition combustion chambers; indirect injection, IDI,
(divided chamber) types

generally smaller in order to obtain high efficiency. Thus very large SI engines require many cylinders with an
enormous increase in the mechanical complexity of the engine. CI engines have no such size limitation and very
large types with relatively few cylinders exist. -

However, knock can occur in a diesel. Unlike that in SI engines, it occurs because of a very high rate of
pressure rise at the beginning, not at the end of the combustion process. This high initial pressure rise rate is
evident in the heat release diagrams studied earlier and it is with the pre-mixed combustion phase, The knock in
CI engines is a result of a large amount of fuel reacting in this way. The pre-mixed combustion increases in
proportion when the ignition delay period is lengthened and hence CI knock is a result of a long ignition delay
period. It is a result of the injected fuel being subjected to an excessive delay period during which too much pre-
mixing can take place. Shortening the delay by either changes to the fuel, or to the engine, reduce or eliminate
this noise. The factors which reduce the ignition delay, as discussed previously, can be classified as either
physical or chemical. Higher pre-combustion pressures and temperatures increase the ability of the fuel to
autoignite and hence shorten the delay. It should be noted that this is the opposite to SI engines where these
factors increase the knocking tendency. In addition, a good spray distribution into a turbulent air motion reduces
the physical factors in the delay.

As far as the fuel is concerned, the ability to autoignite rapidly is measured by a comparative test with
standard fuels as described in Chapter 8. The appropriate rating given to a CI engine fuel as a measure of its
ability to resist knock is the cetane number, a higher value indicating a better knock resistance. Cetane number
values should be in the 40-50 range.
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85 POLLUTION AND EMISSIONS

Since the 1950s it has been recognised that transportation engines in the developed countries are a major source
of air pollution. The proportions to be attributed to various causes vary both in time and from place to place
even within the one country and they change regularly due to new legislation. Values from the period at the start
of modem emission control for the USA figures are available (Ledbetter, 1982) as shown in Table 8.4.

Table 8.4 Sources of air pollution near the beginning of the modern period of emission control

Source Cco Sulphur oxides Hydrocarbons Particulates NOx

(%) (%) (%) (%) (%)
Transport 92 4 65 14 42
Industry 4 32 26 44 21
m;n off 48 0 21 32
Space heating 3 12 3 14 5
Refuse burning 1 4 6 8 0

It can be seen that transportation is responsible for the biggest share of CO, HC and NO in the atmosphere as
well as a large proportion of the particulate matter. The "particulates” in the table do not include dust from the
road, rubber particles from the tyres, photochemical smog particles or asbestos from brake linings. They are
merely the particles, mainly carbon, directly attributable to the exhaust system. In addition to the above it must
be noted that automotive engines have been a major contributor to lead in the atmosphere although this is now
generally being phased out and that transport in general is instrumental in much noise pollution.

Several philosophical questions, however, should be considered when assessing what is a pollutant. Should,
for example, carbon dioxide be considered as such, given the adverse effects of increasing CO, proportions in

the atmosphere on the global weather patterns? If so, all combustion engines except those burning hydrogen or a
totally renewable hydrocarbon must always be major polluters. Is carbon monoxide always a pollutant given
that most of it will eventually oxidise to CO,? That is, is it a pollutant in rural areas or only in cities where the
concentrations become large? What of noise? Where and when does it cause problems? These questions need
to be considered in drawing up legislation to maintain acceptable environmental standards. However, in relation
to the current studies, only noise and the less nebulous term than pollution, that is, emissions, will be considered
as these can be evaluated directly.

8.5.1 Noise

Although not an important factor in this course, noise should always be considered in the design of engines.
Some typical figures are as follows.

¢ Rockets: These are extremely noisy and large rockets such as those used to launch spacecraft can be heard
to a distance of 50 km or more from the launch site. They are usually not important in the total noise
spectrum as firing sites are remote and firing is an infrequent event.

e Jet Aircraft: These are a more common although faidy locatised problem near major airports. Modern
technology, high bypass engines have reduced noise levels dramatically from those which prevailed in the
1980s. Noise levels are now commonly in the range 90 to 140 epndb. This scale is effective perceived noise
decibels (EPNDB) which is a subjective scale based on the measured noise field but weighted to the parts of
the noise spectrum which are perceived to be the most offensive. Military aircraft are at the upper end of this
range but again airfields are usually remote. The problems with commercial aircraft where airports must be
sited near major population centres has increased with greater frequency of operation but modetn planes are
much less noisy. Noise levels are proportional to approximately the seventh power of jet velocity which is
the reason why the high by-pass engines with lower jet velocities are quieter. The whine from the fans ahead
of the aircraft is now one of the more objectionable noises. Older commercial aircraft with low by-pass
engines are generally now phased out or re-engined for both noise and fuel economy requirements.
Legislation requiring noise abatement procedures in take-off and landing has reduced the major noisc foot-
print affecting densely populated areas.

e Surface Vehicles: Typical noise levels from individual vehicles are of the following levels at a distance of
15 metres:

Motorcycles 84 dbA
Trucks 84 dbA
Cars (100 k/hr) 85 dbA
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Generally, the solution is to provide more effective exhaust silencing without increasing the exhaust back
pressure and to improve the sound insulation around the engine compartment. With large CI engines, reduction
of the ignition delay period can reduce some of the most objectionable noise which is the incipient CI engine

knock.
8.5.2 Engine emissions

Uncontrolled engines produce significant exhaust emissions, typical values (1968 figures, USA) for spark
ignition and compression ignition engines of the exhaust emissions being given in Table 8.5

Table 8.5 Emissions from uncontrolled engines

Pollutant SI Engines kg/1000 litres CI Engines kg/1000 litres
Aldehydes 0.5 1.2
Carbon monoxide 286 8.2
Hydrocarbons 24 16
Nitrogen oxides 14 28
Particulates 1.4 13
Organic acids 0.5 3.8
Sulphur oxides 1.1 5

In addition, evaporation from the fuelling system and petrol tanks of SI engines (and to a lesser extent CI engines
and gas turbines) can substantiafly increase the unburned hydrocarbons in the atmosphere. The principal
concern is with CO, HC and NO which, as can be seen from Table 8.5 make up 99% of the SI and 69% of CI
emissions. Their effects are as follows:

e  Carbon monoxide This is present in combustion in significant quantitics when insufficient air is available.
Toxicity occurs because the haemoglobin in the blood has a higher affinity for CO than for oxygen. Figure
8.22 shows some of the effects.
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Figure 8.22 Approximate regimes showing the effect of the atmospheric content of carbon monoxide and the
time duration of exposure, (from Springer and Patterson, 1983)

¢ Unburned HC: The amounts are small compared with CO but are objectionable because of the odour, their
influence in the formation of photochemical smog and possible carcinogenic effects. The odour is more
noticeable with extremely lean mixtures typical of diesel or stratified charge engines. Hydrocarbons may
also show up as particulate matter and in older engines may contain lead and engine scavenging compounds.

e NOg (N2O, NO, NO3): These are formed at high combustion temperatures, usually as NO which later
oxidises to the other compounds. All NO, compounds are destroyed only very slowly at room temperatures

and so remain in the atmosphere for considerable periods. They can scttle on the haemoglobin in a similar
matter to CO. The NO can form dilute nitric acid in the lungs. They are also an important constituent of

photochemical smog.
o  Photochemical Smog: This is a mixture of ozone, aldehydes, oxides of nitrogen and hydrocarbon. It

results from reaction of these compounds in the atmosphere via a complex chain mechanism which requires
photolysis due to the action of sunlight The amount of photochemical smog depends on the concentration of
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reactants, their reactivity (unsaturated hydrocarbons are more reactive than saturated), the temperature
and light intensity. The characteristic brown colour associated with photochemical smog is due to NO in the
atmosphere. This smog causes severe irritation of the eyes, throat and respiratory system, as well as damage
to some materials and is thus a major problem especially when it is held down in the local atmosphere of
major cities by a temperature inversion.

8.5.3 Emission legislation

Emission control legistation for vehicles began in California due to the severe smog problems in the Los Angeles
basin where high automobile usage is combined with difficult geography (a basin surrounded by mountains) and
climatic factors (frequent temperature inversions).

The installation of controls on new cars and light trucks began in California with crankcase emission controls
in 1961 and exhaust emission controls in 1966. These were revised making them more stringent in 1980 and
evaporative controls were added for the fuel tank and the fuelling system. Evaporation is particularly evident
during the hot soak period which is the period, usually about 1 hour, after the engine has been turned off before it
fully cools. The controls have been progressively tightened and currently (1993) proposals for ultra low
emission vehicles (ULEV) and zero emission vehicles (ZEV) are to be implemented during the 1990s. The rest
of the USA adopted similar legislation two years after California and has generally followed it as standards have
been tightened. Many other countries, including the European Economic Community (EEC), Japan and
Australia have followed suit. Standards generally have been progressively tightened worldwide although test
methods and details of the legislation vary from country to country.

The basic test pattern is that vehicles are to be tested over a standard city driving schedule (the Californian or
EPA schedule which is also widely used elsewhere prescribes approximately 16 km and 1382 seconds) which
includes starting, idling, acceleration, deceleration and constant speed sections and a shorter, highway driving
schedule with a range of higher speed and speed change modes. The vehicle is loaded with an approximate
inertia value on the dynamometer to simulate the effects of its mass. The above EPA cycle is based on observed
driving patterns in California and, while it is used in other parts of the world, it is noted that substantial
differences in driving may occur there. Other countries have adopted simpler systems. Testing usually includes
evaporative emissions as well as exhaust analysis. The test fuel is closely controlled. Hydrocarbons, carbon
monoxide and oxides of nitrogen are detected using flame ionisation detectors, infra-red analysers and
chemiluminescent equipment respectively.

8.5.4 Formation of exhaust emissions
SI engine emissions

Carbon Monoxide

At the high temperatures and pressures during the combustion process, significant quantities of CO form even
when there is sufficient oxygen for complete combustion to occur. This is due to dissociation, the equilibrium
composition of the products of combustion having significant CO at the high temperatures. The majority of the
rate equations involved in CO formation and oxidation to CO, are sufficiently fast so that equilibrium occurs

within the time scale of the engine processes. Thus, even as the products of combustion cool during expansion
within the cylinder, the equilibrium curve is followed and the CO is converted to COy principally as in the

following scheme, i.e.:
OH+CO - H+CO, H+OH-H,0

Once the exhaust valve opens, measurements indicate that the rapid fall in pressure and temperature due to
exhaust blowdown may cause some departure from equilibrium. However, the reaction rates for the above
process are fast enough so that, even here equilibrium should be maintained. The controlling processes therefore
scem to be the ones forming the OH and H radicals. In particular, it seems that the ratio between the
concentrations of H and OH is important. Nevertheless, in spite of this departure from equilibrium, reaction
continues in the exhaust system and the final CO emission is predominantly controlled by the equivalence ratio.
Typical experimental results are shown on Figure 8.23.
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(b) Comparison of measured and equilibrium calculations of exhaust CO

Figure 8.23 Comparison of equilibrium calculations of exhaust CO (%) with values measured in the exhaust
system

It can be seen that, at slightly lean air/fuel ratios with equivalence ratios of about 0.9, very little CO should exist
in the exhaust gases. As the mixture becomes richer, the CO concentration increases at a progressively faster
rate and rapidly becomes quite significant. Much of this is simply due to inadequate oxygen to complete the
combustion. However, if the calculated curves for the equilibrium concentration at combustion and exhaust
conditions are examined, it can be seen that the experimental measurements of Figure 8.23 give values very
close to calculated exhaust equilibrium values for lean mixtures but well above them for rich mixtures. That is,
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the rate controlled non-equilibrium behaviour which probably occurs during the blowdown process as
described above is more evident as the mixture becomes richer, thus compounding the effect of insufficient

oxygen.

Unburned hydrocarbons

While much of the unburned hydrocarbons from engine sources originate as evaporation from the fuel tank and
fuelling system, they also exist in substantial quantities in the exbaust gas. The latter are of interest here. It
should be noted that these are sometimes referred to as non-methane hydrocarbons (NMHC) as methane is
essentially unreactive under the smog forming conditions and so is not subject to control.

How does some of the fuel remain unburmed in the confines of a hot, high pressure environment such as
exists in internal combustion engines? There are several reasons which differ between gas turbines and
reciprocating engines. In the former, the answer is that too much fuel is being added to the combustion chamber
and this cannot be handied in the residence time available. Thus, it progresses, probably in a partially burned
state through to the exhaust. Much of this will appear as black smoke and carbon particles and it is likely to
most pronounced under the heaviest loads. These, in aircraft, are the take-off conditions. The control measure is
essentially to improve the spray distribution and the air/liquid fuel mixing processes and to properly control the
fuelling process under all speed and load conditions. Further comments relevant to both gas turbines and CI
engines will be made under the topic of particulates.

With reciprocating engines, particularly SI engines, the topic is more complex. Here, even with good control
of the fuelling and mixing, substantial quantities of unbumed hydrocarbons still appear in the exhaust. What is
the reason? Much of it is due to what can be termed quench zomes within the combustion chamber. these
require some attention.

In any confined combustion such as in an internal combustion engine, a severe temperature gradient always
exists near the wall due to the large quantity of heat transferred to the engine's cooling system. This region of
rapidly decreasing temperature is called a "quench zone" and most of the unburned HC initially exist here.
Crevice regions such as the space above the upper ring and within the spark plug are important quench area but
some exist simply due to the confining walls of the combustion space. All these can best be understood by
consideration of the general problem of quenching.

Quench zones can basically be defined as the regions where a flame cannot be supported. For example, a
flame can be allowed to propagate between two cool surfaces. If these are brought progressively closer together,
the flame will continue to progress until they reach a critical distance apart. The distance at which the flame can
no longer be supported is termed the quench distance. This is depicted in Figure 8.24,
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Essentially, the cooling effect of the walls is now absorbing most or all the heat liberated by the combustion
and there is insufficient energy being radiated to the mixture ahead to continue the propagation process. The
quenching distance, qg4, is defined as the minimum distance two plates must be apart for flame propagation to

continue. Obviously, this distance will depend on the pressure and temperature of the combustion, the fuel and
mixture strength and the wall temperature. Detailed quantification is not necessary here. In a similar manner, a
quench diameter, q4;,, can be defined for a tube and it is slightly larger, perhaps by 30%, than q4. Also, for a
single wall, the quench zone thickness, q,, is again different from qg4, probably being slightly less than half its
value. There can be many quench regions of various shape and size in a reciprocating engine combustion
chamber,

Typical values of ¢4 found from experiments for the conditions relevant to engines are in the range 0.125 to
1.25 mm. This is a significant proportion of the volume of the combustion space at the end of compression as it
occurs all around the periphery of the chamber. It should be noted that the pressure in the quench region is
identical to the instantaneous value in the chamber but the temperature is lower. Hence, the density of the gas in
the quench region is higher than in the burning zone and the mass proportion within it will be higher than the
volume proportion. The quench distance decreases with the fuel/air equivalence ratio from lean to about
stoichiometric below which it is thereafter about constant. It also decreases as pressure p and temperature T
increase. However, it should be noted that, as the mixture becomes richer and/or more dense, the absolute
amount of HC in the quench zone increases even if the zone remains the same thickness.

Unburned hydrocarbons from within quench regions in engines are expelled during the exhaust process.
With slightly lean mixtures, although the quench zone is large, the excess oxygen destroys much of the unburned
HC when they are mixed later in the exhaust system. With very lean mixtures, combustion generally becomes
emratic and the amount of HC (not only from the quench zone) increases. Thus due to both this and the
thickening effect, a minimum vatue of unburned hydrocarbons tends to occur at an equivalence ratio stightly less
(leaner than) than 1. This is shown in Figure 8.25.
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Figure 8.25 Variation of unburned HC in an engine with equivalence ratio ¢, (typical values).

It has been noted experimentally that, in an SI engine, the concentration of unburned hydrocarbons varies
throughout any single exhaust stroke. This can be explained, based on the work of Tabaczynski et al. (1980) as
follows. In general, four basic quench zone regions can be identified as on Figure 8.26. The gasdynamic
behaviour of each of these could be expected to be different in the exhaust flow. The regions are (1) and (2), the
head and the side wall of the cylinder, (3) the piston face, and (4), the quench zone around the piston above the
top ring. During exhaust, region (1) and the top part of (2) leave early in the stroke. Vortices form during the
stroke which collect the gas in regions (3), (4) and the lower part of (2) and this is expelled right at the end of
exhaust. This explains why observed concentrations of unburned HC are high near the end of exhaust and why
reducing the crevice above the upper ring substantially reduces HC in the exhaust.

The major engine variables affecting unburned HC in an SI engine are equivalence ratio, compression
ratio, engine speed and spark timing, Throttle opening has little effect. The equivalence ratio contribution has
already been discussed [Flgure 8.25]. The trends associated with the other three are shown on Flgure 827. A
high compression ratio increases unburned hydrocarbons because, with the smaller combustion space at TDC,
the quench zone makes up a larger proportion of the total volume. This is particularly noticeable in the squish
region although the high turbulence there tends to mix quench zone and other gases. Unburned hydrocarbons
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decrease with engine speed because the greater turbulence promotes combustion and decreases the quench zone.
Also they decrease as the spark is retarded because more combustion occurs after TDC while the combustion
space is enlarging with the quench zone becoming a decreasing proportion of it. Exhaust gases are hotter with a
retarded spark and more oxidation of the HC can also take place in the exhaust system.

Exhaust Valve Opens Exhaust Valve Open

Piston at TDC

Piston at EVO Piston during exhaust
Figure 8.26 Quench zone flow from an engine during exhaust; (Tabaczynski, Hoult and Keck, 1980)

It should be noted that the above is not the complete answer to HC formation and that there are other reasons
which help explain HC formation. For example, absorption and desorption by the engine oil during a single
engine cycle may play a role. Some tests also show HC increasing by up to 20% when deposits form on the
walls and piston crown. The exact reason for this is not clear but it appears that a clean engine helps to prevent
high HC emissions.

Typical experiment

* ' Sampie calculation (Trinker et al, 1993)
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Figure 8.27 Trends in UHC levels with variation in some of the major engine parameters

Oxides of Nifrogen
The formation of oxides of nitrogen is a highly temperature dependent phenomenon and occurs because the
equilibrium concentrations of the various NO, compounds formed when oxygen and nitrogen are mixed are high

at temperatures of say, 2000 to 3000 K but low at ambient temperatures of, say, 300 K. However, the reaction
rates are relatively slow and equilibrium is not fully attained in the time available under most engine conditions.
This applies to some extent to the forward reaction but is particularly true of the backward reaction and the NO,
is effectively "frozen" for a long period after it is exhausted from the engine giving it time to react with other
substances to form photochemical smog.

The rate of NO,, formation is coupled to the turbulence in the flow. At the peak combustion temperatures,

small changes in temperature make large differences to the amount of NO,, formed. This is predominantly due
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to the fact that turbulent combustion is faster and hotter but also due to the temperature fluctuations. That is,
even at the same mean temperature as a laminar combustion, in turbulent combustion the region above the mean
value increases the amount more than the region below the mean decreases it. Total levels of NOy, in turbulent

combustion are therefore noticeably higher than in non-turbulent and a full investigation requires temperatures in
the entire flow-field to be investigated. This is sometimes too complex and the detailed turbulent structure is

often ignored.
Various mechanisms for rate studies of NOy have been given in Chapter 6. These are usually adequate for fuel

lean calculations. However, extrapolation of measured values to the zero time point indicate that some NOy
appears much more quickly than these schemes show. This has been called "prompt" NOy and is a maximum at

about o= 1.4. It has only been found in hydrocarbon flames. The most recognised theory for its formation
suggests that additional routes of NO,, production occur via the formulation of such substances as HCN. Also

what is termed super-equilibrium (i.e. above equilibrium) levels of atomic oxygen may form early in the
combustion process due to its fast forward and siow backward reaction. This distorts the production of NOy

early in the time period. This could be significant as most calculations of NO, assume equilibrium atomic
oxygen concentrations exist throughout. A further possible mechanism relates the prompt NO, to additional

fuel-bound nitrogen atoms.
While the most significant feature of NOy formation is the temperature of the post-flame gases, variation

with equivalence ratio, as on Figure 8.28, is important.
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Figure 8.28 Variation of NOj, in an engine with equivalence ratio, @, (typical values)

It can be seen that NO, concentrations peak at just below stoichiometric. This is due to the fact that, for lean

operation, the additional air acts as a buffer and reduces combustion temperatures while for fuel rich operation
the latent heat requirements of the additional fuel also keep temperatures lower than stoichiometric.

Summary of SI engine emissions

A summary of the CO, UHC and NOy, emissions from an SI engine is shown on Figure 8.29. The vertical scale
represents relative values only but the variation with equivalence ratio is clear. The value of operating the
engine slightly lean (say ¢ = 0.9) is apparent for CO and UHC but this is near the peak NOy value. Thus, to
overcome this by fuel/air ratio control alone, even leaner operation to say, ¢ = 0.8, is required. This is in the
region where combustion is difficult to support and below that value UHC begins to rise again.

CI engine and gas turbine emissions

Because these engines operate in the low equivalence ratio range, they do not produce significant CO or UHC
emissions. However, they are high in NOx for the reasons already dealt with and in particulates, which is evident
as black smoke in their exhausts. This has perhaps and even more complex formation will only be dealt with
here very briefly.

Particulates

Particulates, commonly called soot, are large hydrocarbon molecules high in carbon and low in hydrogen. While
soot can sometimes occur in SI engines, it is by far more common in gas turbines and, in particular, CI engines.
It varies considerably in form and may be soft, fluffy, dry or sticky, this being determined from the
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Figure 8,29 Summary of trends in the emissions of CO, UHC and NOx with equivalence ratio for SI engines.
Note that the vertical scale represents values for each particular emission compared with the maximum for it in
the equivalence ratio range. (typical curves, see for example, Heywood, 1988)

amount and composition of the gas phase hydrocarbons absorbed onto it during its collection. It is widely
accepted that there are two groups of compounds that are important under normal flame conditions during the
formation process of the soot, these being poly-acetylenes and polycyclic aromatic hydrocarbons. The soot is
characterised by the number of particles per unit volume and the size of the particles.

The growth of a soot particle appears initially with a particle containing some 12 to 22 carbon atoms and a
H/C ratio of about 2 and is likely to grow to a size of about 200 to 300 manometres in diameter containing a
number of sub-spheroids each about 10% of the diameter of the final particle with much lower H/C ratios. The
formation process starts as a pyrolysis of the fuel in regions of the combustion which are deficient in oxygen but
some oxidation and reduction of particle size may occur later as it moves through the combustion region into
zones where greater proportions of oxygen are available. Here the soot is generally at least partially oxidised to
COorCOy_

The amount of soot particles is high in combustion systems where the fuel is sprayed directly into the
combustion chamber. The particular characteristics of the spray, the inlet air motion and the combustion
chamber shape all play a role in the amount of soot that is formed. Obviously, a system which does not
distribute the fuel uniformly throughout the combustion space is likely to have the fuel rich regions mentioned
above where the fuel is heated in an oxygen deficient atmosphere. It is here that the pyrolisis occurs that is
instrumental in the initial development of the particles. In gas turbines, the oxidation is generally sufficient to
keep soot to acceptable levels except under high power conditions at take-off. As this is usually in geographic
regions where the emissions are unacceptable, it needs some consideration. Thus, a close control of the fuelling
schedule is required to overcome this. In addition, the use of the air-blast atomiser spray nozzle has helped to
reduce exhaust smoke due to its aeration of the fuel in the introduction phase. In CI engines, the worst conditions
for soot formation are high loads at low engine speeds, such as heavy acceleration from standstill. Here the fuel
flow rates are high and the turbulence levels in the engine are low, inhibiting the mixing process. Nevertheless,
the residence time in the combustion zone is longer at low speeds which allows greater time for oxidation. The
smoke levels therefore may vary somewhat with engine speed for different engines and different operating
conditions. Again, careful scheduling of the fuel flow rate for the engine operating conditions is important, In
the development of injection systems, it has been found that a high rate of imjection reduces smoke levels,
partially because the proportion of fuel which enters the chamber during the diffusion flame process is reduced
and partially because of the higher air entrainment into the spray and consequent improved mixing rates. Higher
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injection pressures increase the injection rate and these also help to atomise the spray more finely which
further helps in the mixture preparation process. Thus, the injection pressure in modern CI engines have
increased from 50 to 100 MPa to about 150 MPa. Experimental work with injection pressures of up to 230 MPa
has been considered.

Modelling of soot formation and oxidation is difficult as the processes involved are not yet fully
understood. Most of the equations used are empirical and a range of models with different emphasis can be
found in the literature. They essentially follow a typical formation, oxidation scheme with factors related to the
combustion chamber pressure, mass of fuel vapour, particle surface area and exponential terms which include the
factor E/RT where E is some equivalent of the activation energy.

8.5.5 Control of Emissions
Cycle by cycle variability

From the preceding section it is now apparent that good control of emissions can be obtained by careful
consideration of equivalence ratios, combustion and exhaust temperatures and design features to reduce the
quench zones in an engine. However, one further factor needs considering. This is cycle by cycle variability
(CBCV).

In any engine, even a single cylinder engine, the combustion is not uniform from cycle to cycle as can
readily be seen by examining the pressure traces. It is worst at lean mixtures and low load. The cause of this
cycle by cycle variability is not clear but it most probably stems from the differences in the initial flame when it
is very small near the spark plug, The following factors are important.

Charge composition, which may vary from cycle to cycle due to changes in the local fuel/air ratios or to different
quantities of residuals remaining at the end of exhaust. Distribution of fuel between cylinders is obviously
important in multicylinder engines.

The gas velocity in the cylinder is significant, both the average velocity and that in the region of the ignition.

The ignition itself may be an important factor as the ignition energy may vary. Small variations in the delay
period of combustion are believed to be important and these are due to both charge composition and gas velocity.

Whatever its cause, which may be any combination of the above, it is instrumental in increasing unburned
hydrocarbons and carbon monoxide due to less complete combustion in some of the cycles.

Crankcase Ventilation

All reciprocating engines require crankcase ventilation to prevent a build up of pressure on the underside of the
piston from gases which blow past the piston rings. This becomes more important as the engine becomes worn.
Earlier engines used a simple ventilating pipe but positive crankcase ventilation (PCV) was introduced in the late
1940s on some British cars as a better means of controlling crankcase gases. As these gases are high in carbon
monoxide and hydrocarbons they are an important source of emissions. In California, the use of PCV became
mandatory in 1961 and is now universally used.

A PCV system consists simply of a duct from the crankcase, often indirectly via the pushrods and rocker
cover, through a PCV valve to the inlet manifold. The lower than atmospheric manifold pressure then draws the
crankcase gases into the cylinders where they are oxidised. The purpose of the valve is to control the flow rate
so that it is a constant proportion of the intake flow. The PCV valve is therefore closed progressively as the inlet
manifold pressure falls.

Mixture Control

An examination of the formation of the different emissions shows that NO is a maximum and unburned HC is a
minimum just lean of stoichiometric. Carbon monoxide increases for rich mixtures. It is therefore apparent that
operating at leaner than stoichiometric will reduce both NO and CO as long as CBCV can be controlled. Multi-
point injected (MPI) engines have tighter control than do the older throttle body or carburettor types. With the
latter, to avoid misfiring at these lean operating conditions, tighter manufacturing tolerances became a
requirement. Preheated air in the air intake system via a valve from a "stove" over the exhaust manifold was
used, temperatures being controlled by mixing the preheated and normal air streams to about 38°C within
reasonably close limits. The disadvantage of preheated air is that it raises maximum engine temperatures slightly,
thereby increasing NOy. It also slightly decreases power output. At wide open throttle, some systems blocked
the heated air allowing only the cool dense air to enter the carburettor. The introduction of electronic control
meant that carburettors were no longer viable and this is one of the advantages of MPI systems which have full

control by the engine management system.
Because of the adverse effects of different fuel distribution to different cylinders in mlﬂucyhndcr
engines, careful consideration is now paid to intake manifold design to keep the flow as uniform as possible in
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each branch. This is a further advantage of MPI systems.

Spark timing

While for most operations, the spark timing should be such that the engine works at maximum efficiency, a
retarded spark is used under some conditions by most mamufacturers. This has several beneficial effects. First, it
keeps peak engine pressures and temperature high which provides favourable conditions for oxidation-of CO and
HC in the exhaust system. The usual practice is to retard the spark about 10 at idle (i.e. at low manifold
pressures) but to bring it back to the normal position under full throttle. This may be achieved by a vacunm
retard system, by an electric solenoid which blocks the vacuum advance under some conditions, by solenoid
operation of the advance-retard system or by dual contact breakers one of which may be deactivated by a switch.
In some systems there may be a thermal override of the system so that spark advance is always normal when the
engine is very hot or cold. Others retain the retarded spark in all but top gear.

Exhaust gas recirculation (EGR)

The addition of an inert gas to the cylinders lowers the peak combustion temperatures and reduces NOx, An
ample supply of buffer gas of this type is the exhaust gas and this is now universally used. The amount of EGR
varies from engine to engine, but about 5% would be typical. The gas is drawn from the exhaust manifold by
suction from the inlet manifold and a valve system similar to the PCV valve is used to keep the proportion
constant. Note that, with most modern SI engines, the catalytic converter is used to reduce the NOx and EGR is
not used. However, it is advantageons in CI engines and lean burn, GDI types of SI engines where the lean
mixtures do not suit such catalytic conversion.

Temperatures

To decrease the quench zone, higher engine temperatures are used with tight control. Obviously a major source
of emissions is in the warm-up period when the mixture is rich and manifolds and cylinder walls are cool.
Engines are designed for rapid warm-up and electric fans with which cut in only after operating temperatures
have been reached.

Engine Design Features

These are generally to reduce the quench zone area and are aimed at reducing unburned hydrocarbons. The shape
of the combustion chamber is important. A minimum surface area to volume is desirable and this is achieved by
using fewer cylinders for the same capacity and longer strokes relative to bore. - The crevice region above the top
piston ring is kept as small as possible and squish areas are generally opened up in depth. Compression ratios
may be reduced. This reduces HC and NOy, and gives higher exhaust temperatures.

Idling and Deceleration

Very low idle speeds promoate CBCV due partially to very high residuals in the cylinder and difficult combustion
conditions. High idle seeds (about 800 rpm) are common whereas, many years ago 500 rpm was used. Under
certain conditions most engines will "run-on" after the ignition is tumed off due to hot spots in one or more
cylinders. Emissions during the few cycles where this occurs are extremely high. This dieseling as it is
sometimes called can be stopped by either moving the throttle idle stop to a much lower setting by use of a
solenoid (that is, controlling the air fiow) or more commonly cutting off fuel flow.

For throttle body engines, when an engine is running with a high manifold pressure, there is usually fuel
condensed on the manifold walls. On deceleration, the fall in manifold pressure causes this fuel to "flash” off
creating a temporary rich mixture. To prevent this, a bypass system was often used, either with valves in the
butterfly (throttle) valve or a separate bypass duct which allows the vacunm to increase only slowly. This is
much less a problem with modern MPI engines.

Evaporative Emission Control

Fuel tanks require venting to operate successfully. These arc vented to canisters containing activated carbon
which, in effect, contain a very large surface area of porous carbon. Hydrocarbons become loosely bonded to the
carbon but can be removed by a rapid air flow (or purge) across it. This is achieved during engine operation and
the hydrocarbons are bumnt off in the engine.

Improved Combustion

Emission characteristics can be improved in several ways. The principal one in use is staged combustion, or
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stratified charge. Here the combustion is initiated in a fuel rich chamber or region near the spark and
progresses through a fuel lean region as the flame propagates. Stoichiometric conditions are avoided.

Another alternative is turbocharging where an engine can be kept small and hence can have low emissions
during the city driving conditions. When high output is required, the manifold pressure is boosted by the
turbocharger. The hlgh pressure also helps to promote good combustion conditions but it should be noted that
the temperatures may rise increasing NOy,.

Exhaust Reactors and Catalysts

These are now the most important method of exhaust treatment. For a full discussion, see Sher, (1998).

Thermal exhaust reactors were commonly used in the USA in the early days of emission control. Exhaust
reactors depend on high exhaust temperatures and usually have an insulated chamber into which additional air is
blown with an air pump. Temperatures in the reactor are kept at about 8500 C. Engines were run rich when
fitted with a thermal reactor and a good deal of secondary, lean combustion takes place in the reactor. Thus, the
efficiency dropped.

Thermal reactors were only a transitional arrangement for two reasons. The first is that it was difficult to
obtain high oxidation rates without running the engine rich and using retarded spark timing both of which were
inefficient, the second was that it was not useful to control NO,. Hence, an alternative method of exhaust clean-
up, the catalytic converter was introduced and this is now the most common method of exhaust emission cotrol.
They help convert hydrocarbons and carbon monoxide to carbon dioxide and water and reduce nitrogen oxides
to nitrogen, and oxygen. These have the advantage that exhaust temperature can be kept moderately low and the
engine parameters, compression ratio and spark timing can be retained at levels which are optimised for the
combustion factors alone and hence can provide the best efficiency for the air/fuel ratios used. Their
disadvantages are that they are "poisoned" by lead in the fuel and require lead-free petrol. They are probably the
least detrimental control in regatd to engine efficiency but, with the removal of lead, they require either lower
compression ratios with the same cut of gasoline or a more specialised cut to retain the fuel octane rating.

Catalytic converters use metallic catalysts to promote the desired reactions at lower temperatures than would
otherwise be needed. Typical values are shown on Figure 8.30. The catalyst types could be a base metal (c.g.
copper, Cu or chromium, Cr) but are more usually noble metal (platinum, Pt, palladium, Pd, rhodium Rh), The
transition metal oxides of copper, cobalt, iron chromate and vanadium are also useful as catalysts and have been
considered. However, in spite of their expense, the noble metal types are commonly used as these have been
found to be better catalysts. Reactors usually use some combination. The noble metals are preferred because

they are much less deactivated by sulphur in the fuel at temperatures <500°C,

they have a higher specific activity for hydrogen oxidation,

they can be made more thermally resistant to reduced low temperature activity,

they have a superior cold start performance and

they provide equivalent catalytic activation with smaller volumes than do base metals.

CO efficiency, %
= = = UHC efficiency, %

Conversion efficiency, %

Temperature, degrees C

Figure 8.30 Typical conversion efficiencies at different temperatures for catalytic oxidation of HC and CO
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The amount of noble metal is kept small by plating on the surface of a pellet bed, ceramic honeycomb
structure or metal matrix. The pellet types originally used generally consisted of particles of approximately 3
mm diameter of a substance such as aluminium oxide ALO;. Because of their high pressure drop, they have
largely been replaced by the honeycomb or matrix types which have an inside diameter of the sections of about 1
mm. Ceramic honeycombs now in nse have wall thicknesses of about 0.15 mm with 62 cells/cm® giving a flow
area of about 80% of the cross-section. This compares with about 90% for metal types which have a lower
pressure drop. They use a catalyst wash coat over the honeycomb based on y-Al;O; but which contains the
catalyst materials of about 0.1 to 0.15%, 20% cerium oxide CeO, and stabilisers such as barium oxide, BaO.
Rare ecarth and alkaline ions can improve stabilisation The cerium oxide has the ability to store oxygen under
lean conditions and return it to the flow under rich conditions and so extend the air/fucl ratio window that the
catalytic converter works at. The wash coat thickness may range from about 10 to 150 pm thick but is more
commonly in the middle of that range at 20 to 60 um The largest metal mass is, platinum, usually about 5 times
that of the rhodium although the ratio may vary considerably. Tests by show that Pt-Rh catalysts and Rh only
catalysts have similar effectiveness which is superior to Pt only. High temperature performance may be
enhanced by appropriate combination of metals.

Flow through the converter may be either radial or axial but is uspally the latter as shown on Figure

8.31. The noble metal is at least partially recoverable at the end-of-life of the converter, a typical reclamation of
about 90% being achievable using acidic solutions. This value varies little with the vehicle mileage and the
degree of poisoning of the material which has taken place during its lifetime.

Engine-out gases

% Flange to exhaust manifiold

Cross-section of converter

/ Converter
7
\\/ Tailpipe
% L, Section
Cleaned gases to tailpipe Normal construction, axial flow
Honeycomb monolith type

w i iy

Radial flow construction
Some pellet types

Figure 8.31 Catalytic converter construction

The catalyst efficiencies using the noble metals for oxidation are high at moderate temperatures. For example, a
typical 90% oxidation of CO occurs at about 300°C while for UHC the same level is reached at about 350 to
380°C. The conversion efficiency falls to zero at about 150 to 200°C, some 200°C lower than the thermal
reactors. Best oxidation levels occur with lean mixtures (unless an air purnp is used to provide additional air) as
there is then sufficient oxygen available for oxidation in the normal exhaust gases. Catalyst efficiencies of 90%
for UHC and 95% for CO are possible for air/fuel ratios which are either stoichiometric or lean.

The same catalyst materials also promote the reduction of NO to N, and O,. For reduction, the exhaust CO
and any H, (and UHC as these contribute to the CO and any H,) are used to remove the oxygen, perhaps directly
or via a route which first produces N;O. The final products in the exhaust gases are N, and CO, and H;O. As
CO is necessary for this process, it occurs much more efficiently when no oxygen exists in the exhaust gases,
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that is, when the mixture is rich. The noble metals of platinum and palladium are good catalysts for this
reduction process although again rhodium (Rh) is superior. This is because it produces less ammonia (NH;)
which can be reconverted to NO. Base metals, such as copper oxide (CuO) and mickel oxide (NiQ) will
accelerate the reduction process catalytically but are less efficient than the noble metals. Nevertheless, Ni
compounds have been used widely because of their ability to convert H2S to SO2 but there is concern in some
countries regarding their health risks and they are being phased out. Typically, a peak conversion eﬁmency of
around 90% occurs at air/fuel ratios from zero to about one-half percent richer than stoichiometric. As the
mixture enriches further, a small reduction in conversion efficiency occurs while for leaner mixtures the fall-off
is rapid. For a mixture about 1.5% lean of stoichiometric, the conversion efficiency is down to about 20%.
Thus, the use of catalytic converters for NO, reduction requires tight control of any lean burn combustion.

Oxidising catalytic systems

From the above discussion, one possible way to reduce tailpipe emissions is to use a lean burn system. This is
coupled to a catalytic converter for the oxidation of CO and UHC which simply prowdes a similar ﬁ;ncuon toa '
thermal reactor except that it operates at nonceably lower temperatures for the same oxidation effici
can be used with engines operating at, or lean of, stoichiometric rather than fuel rich. That is, the de
effect on fuel consumption and the difficult operational aspects are overcome. However, NO, reducnanm
achlevedmotherways,usuallybythcuscofethlstgasrecuculanon (EGR) although some new ca
(zeolites) offer promlse of good NO, reduction under lean conditions. It should be noted that, whﬂe CO and
UHC are a minimum some 10% lean of stoichiometric which suits an oxidising catalytic system quite well, the
NO, proportions reach a peak at that point. Hence, substantial EGR is likely to be required.

Reducing catalytic systems
A reducing system to cantrol NO, can be used in an engine as a separate converter bed from the system that
controls the oxidation of CO and UHC. As the exhaust gas passing through it must be fuel rich and contain C.}
1tlsessennaltbat1tlsplacedupstreamoftheox1danonsystem The reaction will reduce the NO, he
process, convert some of the CO to CO,. However, in general, this does not remove all the CO. Alsc
UHC remains. These can be oxidised by either a catalytic or thermal reactor downstream of the red;
but, asﬂlesystcmxsﬁlelnch,addmonalannmstbewpphedvmananpmnp Asystemthhseparate ,
oxidation catalysts is complex and is therefore not commonly used. However, it was useful for the less premse'
air/fuel ratios that occurred prior to the introduction of when A (oxygen) sensors.

For reducing systems, a number of catalyst materials have been examined, some base metal such as meonel
or monel ( 30% copper, 80% nickel) havebaenuwd,blnthemostsuccessﬁﬂ have been from the p
grouping. As mentioned above, recent developments in catalyst technology allow reduction of
conditions. Although a number ofsubstanmhavebeen exammed,themosthkelyaretheceppen‘
zeolite (Cu-ZSM-5) as the catalyst. Temperatures required are about 500°C for best convermn
Toyota have led the application of this technology introduction to vehicles and have been i
with 1.6 and 18hmlean—bumengm@swﬂhcamlyﬂcreducnonofNOxtothemazkctsmce 1994
there still seems to be some debate as to the durability of zeolite catalysts.

Three-way catalysts

It is apparent from the above that there is substantial commonality in the catalystmatemls whmhmilredmethe
NO, and which will oxidise the CO and UHC. 'I‘henoblenwtalsuf’p' ; ; f
suitable combination although a base metal combination is also po . ;
suchanomdlslngreducuonSYStemmﬂle cncbedlsknowuasathxee-way system Thatls, Ithandl ] thweaf :
the major emissions in the one bed. This is now the most commonly used approach to exhaust clean-up.

Fuel/air ratio windows with three-way systems

From the above discussion on oxidising and reducing systems, it is obvious that the engine should be
stoichiometric to lean to provide high efficiencies for CO and UHC control while it must be stmchlo ,,
nchforsxmﬂarefﬁmencnesmehnnnaﬂngNOx Ifthmareconsndemdwgethﬁr a small win
ratio range is possible where both will work simultaneously. This is, from: fuglimr equi
¢=0.995 (0.5% lean) to 1. 008 (0.8% nch) will allow conversion efficiencies of greater
three emissions. Hence, the prime criterion for the use of a three-way system is1
thecombustmnchamberthmughouttheoperatmgmnge This is very demandi
in what is termed an air/fuel ratio "window" as shown on Figure 8.32.

Light-off temperatures
From the above comments on the conversion efficiency of catalytic systems, it is apparent that a modcrately hlgh

tempemnneofgmaterthanabmt300°Clsrequnedbeforereasonableconvetsxoutak&splace A usual de
of a light-off temperature is when the conversion efficiency reaches 50%. If is desirable to attain
s!mrttlmeaﬂerstarttonmetULEVrequmemems,abngOto 30 seconds. However, current sys
hkelytotake about2 minutes. Thus, the culd start performance of catalytic converters is qultepom
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fact the time when they are most needed due to the likelihood of significant air/fuel ratio excursions and hence ;
the high engine-out exhaust emission levels then occurring. et

L -—
Conversion f;;c I ~> -
60 ~ 'ue - . UHC ’
Efficiency Ratio N <
Window, CO
% 40 - Can be -
| entarged o
(e.g. use
of CeO2)

0 Lo | ] N AN .
0.97 0.98 0.99 100 1.01 1.02 1.03

80 T

20

Fuel/air equivalence ratiod

anure 8.32 Window for three-way operation of a catalytic converter (TWC)

1. Cold start-exhaust unmodified by Startand first bed TWC

; - UHC adsorbed into HC trap g
2. Engine warms- Start and first bed TWC reach light-off temperatures
3. Heat transfer accurs to second bed TWC ;
4. Clsan gas from start and first bed TWC purge HC trap ; .
5. Purged UHC is convertsd in second bed TWC -l
6. Fully warmed engine- start and first bed TWC provide most conversion

Figure 8.3 Exhavst system including a HC trap

Two thmgs are required. The first is that the wtalytlc reactor as a whole have lowﬁtermal inertia, that is, that it -
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be constructed of materials which have a low specific hw but high thermal conductmty and hence wi

) i
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PROBLEMS

8.1 Fuel is burnt in a gas turbine combustor under stoichiometric conditions in the primaty zone using 25% of
is CgHy3, determine the number of kinoles of ex

fuel provides 43 Ml/kg of encrgy, determite the final temperature of these products at the end of
zone assuming that the air enters at 830 K and that the cp, vatue for the product mixture is 1.268

remainder of the air, leatBBOKlsthenadded,determmethecpvalueofthecombmedmrand; :
their final temperature at the combusuonchamberemtassummgmh@attxansferfromthechamber;Formrat,
tlwsetempemtures,assumecplsllukﬂkgli ,

8.2 A stoichiometric pmpanegasandmrmxxmrens ignited at the centre of a spherical combustion bomb of
rad1us60mm ‘The initial ure and pressure is 300 K, 100 kPa and the mixture is stoic

the bumt @s 1s 1500 K, calculate the mdml posmon‘ofthe spheﬂwl ﬂame ﬁhmat-themﬂant consid




umt and burnt gases are
may be ignored and the
cally according to the normal

ined gas a ofthéﬂameﬁ'ontmaybeassumedtobecompréssedlsen
relanonshlp with an 1sentr0p1c index of 1.4.

3 o unburnt. e dpi
'develop an equatic for the movement of the unburnt gas, dr/dt. Henoe 5 the absolute velocity of the
ﬂamefronufdp/dt is measured as 24 kPa/ms.

jnfkthc unbumtgascondmon nay be

84 Inanengm‘ xlmatl

gs condmon if the

,mdex 1. 35 o the p(mtlon wheré 80% ofthe mass bas been bumnt. |
, the Tnass bumt and the

'flmualpressurels%kPa, temperature 300 K. Also determine the total ¢

AssmneﬂmtmcﬁlelpmwdeslsMJ/kgofenergy,thatﬂwgas:smeaiwﬁhcv 0.96 kJ/kg K and the

molecular mass in the burnt state is 29. ,
Ifnnwthlshlghpmssureregwnfmmsammpressmnwaw'
_ determine its pres: ure and velocity. Assume it to be a shock and that th
the time, Assume T = 2000 K for the 80% burned gas mass.

, restofﬂle mixture,
x throughout is 135 at

8.5, An Sl engine running under stoichiometric conditions has its fueVair ratio altered to:
(@ 10% lean, 0% ich N

atmosphere, (1013 kPa). The air is then heated 10 3500 K at a pres .
Determ -COnee _‘onofNOthatlsfomdxfnlsallowedtoceme : 'i:ondmonsand
exprwSita‘sa~perceIﬁage,ofﬂ1eauno*‘Spheﬁcvalue. What is the equilibr if ‘expands to 1 atmosphere,







'Cameron (1966) ’

CI engine and a gas turbine mlght be ronghly attributable as follows:

 Table 9.1 Energy flows in engines (approximate).

SI a

| Energy 10 IHP 36% 5% | 45%
| Energy to coolant (water or air) | 24% 0% | -

| ' | 30% 0% | 45%
10% 10%

, The exact values m valy e siderably ﬁmn engine to engme ; be regarded as
indicative only. The gas turbine exhaust 1oss is based on a typical & and an air/fuel




r aboutone—ﬁﬂh (say 7% ofthefuel energyfortheSI IU%fortheCI) 1susedupbyﬂ ~and
' katmbutedasaloss ThlswaIbe ribu ;ammgthelomstocoolam,exhaust,sump walls

9.2.2 Heat transfer during reciproc; ting engi

The losses can also be

engine, the heat loss to
20% direct heat loss and 5% as a friction ¢o;
could then be- approximately as follows:

Compression

start—up in very cold m ions.

Combustion




! ‘ A Temperature
. Unbumed : Unbumed

Flame Front

e, In other words the blawdewn heat

| transfer cannotbe used tu xmprwe éngme perfnﬁnance
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Exhaust

‘l‘:bspsm"}

Effect of mixture on heat transfer

Themammnmheatﬂowtothc_

3

mxbmeshemgalwaysleanandso,asibadmgnsredlwed,meymnmoler

Compression ratio
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'“ythecycle (exps
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: Er"zgine load
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f[ - 4—-—— «— Range of values

at a fixed engine

* noted ﬂ!at“the'hlgher relative b heat transfer at'ldW speeds is one of the main reasons why the MEP and hence
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torque curves fall from their maxima as speed is reduced. For speeds above the maxima, heat transfer is not the
cause of the decline this then being due to the poorer volumetric efficiency and hence lawer charge'

Range of values

Large Cl engines to about here

Convection

Radiation

oonyecﬁonwhlch is af" mporta




252
where the Nusselt number is Nu = -7(— the Reynolds number is Re=2£ and the Prandt! number is
)7

Pr=—- kp . D is a characteristic dimension, v the velocity, p the density,  the absolute viscosity and cp the
Spemﬁc heat at constant pressure.

9.3.1  Simple models

P the pe 'ﬂ'1srequ1red Anmmalesnamte ;

by detennmmg the Reynolds number Re, the Prandtl number Pr and using th

 Nu=0. 023(Re)°"(Pr)°“

Foramore'aecumeteappmach,CFD nlaysis i nore 4
'smﬁwe or a.direct calculation of the fxoonvectmn “film” coeffi

' ‘malecular layers of gas flow. This last is too time consuming for most pu

h does however, 1gnore

, pa larly the surface area ofthe cyhnderhead and plston crown.
ﬂow at nght;angles to a surface. ; ,

The 11 i at flux is unlik fﬁtocmnmdeexactlymthﬂtetemperauuepwﬁle which drives it. That
is, it will lag behmd the temperature fluctuation.

932 More complex models

mber.. .bvmrusly, the most appropnate
ing conditions.
tmns are stxll complex that many mmpkﬁeau
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. The convection and radiation
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94  IMPROVED HEAT TRANSFER FORMULA FOR RECIPROCATING Ef

‘Comprehensive approaches based on the

more sophisticated models ‘have been der
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9.4.1 Review of some early heat transfer formulas

At least 10 formulae exist for engme heat transfer, all of which are, :

. (1951)




ds to Eichelberg but with

dlmensmnal analysis to aid the development of the e formia, Elsers.

P

Nu :6;5'[1+'0.5 Ai](ke Pr ) ©.9
, c

as the averageof

¥ entropy change
ood on two strokes.

Nﬁ‘:i.?s"[ 1+’§i}(ﬁeel’r )* [2 +cos (0 - 26? 0)] . ©9.9)

P

where 0 = crank angle in degrees from TDC,

* commonly used formulas ate those of Annand (1963) and Woschni (196 ined.

Annand's Formula
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In addition, a number of ratios can be used to describe the engine geometry and the intricacies of the flow.
These are given in Table 9.4

Table 9.4 Geometrical ratios for Annand’s equation
Ratios Symbol Comments

Length ratios y These describe the geometry. An examples is
the axial length to the diameter. One basic
length & a number of ratios are required

Velocity ratios v These describe the flow. An example is the
velocity of the intake jet to the mean piston
speed. One basic velocity & a number of
ratios are required

Dimensional analysis then gives the following groups:

These can be recognised as Nu, Re, Pr numbers as expected, an energy ratio which is inversely proportional to
the Mach number squared, rotational velocity or frequency of recurrence ratio and an energy production rate
ratio existing only during combustion. In addition, there are a series of descriptive geometric and flow ratios
together with the dimensionless angular position in the cycle. While the geometric and flow ratios could be
useful for examining very specific, local aspects of the heat transfer, engines are, in general, too complex to be
able to describe in detail while retaining the concept of a simple model useful for cycle analysis. This applies to
either their complex geometries or the flows represented by the various ratios. The major simplification

Y
suggested is to revert to a basic geometry, B represented by the major engine dimensions of stroke and bore

2LN
60

In the reciprocating internal combustion engine, the problem involves not only convection but also radiation

to the walls from a mixture of gases at high and varying temperatures . It should be noted that this is very

dependent on the combustion products that exist within the cylinder at any instant. The combustion process

changes the composition of the cylinder contents but does not normally do so uniformly throughout the

combustion space. Because of this, Annand points out that:

e It is unrcasonable to expect to be able to calculate accurately radiation shape factors for use during
combustion and expansion. The best that can be done is to use an average factor.

e The importance of radiant transfer will be very different in SI and CI engines due to the deflagration front
in one and the diffusion flame in the other. This can be a cause of confusion and it must be recognised that
the different types of combustion produce different radiation heat transfer.

and a mean piston velocity, V , =

A number of properties are required for use in heat transfer relationships. The temperature is important in all
forms of heat transfer and particularly so in radiation due to the fourth power relationship. Thus, small
variations in temperature can result in large differences in the heat transferred. Also, the transport propertics,
viscosity, thermal conductivity and density are very temperature dependenbt. Instantaneous temperature varies
spatially throughout the combustion space and is not easily measured. It can be calculated as an averaged value
from the uniform, time dependent pressure trace which can be easily obtained. During compression and later
expansion, the use of a spatially averaged, time dependent temperature is plausible. Due to the flame front
movement in SI engines or its location in CI ones, it is not a reasonable assumption during combustion but is
the only simple alternative.

Gas composition is also important, the particular property values required being those for the molecular
mass, specific heat, and viscosity. These can be averaged in the normal manner for a mixture. The thermal

e
conductivity, k is best obtained from k = —P ?_ where the Prandtl number, Pr varies little from a value of 0.7.
Pr
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Using these, Annand gives the total heat transfer as:

q:a%(Re)b (T-T, )+c(T4 —Tw“) (9.10)

where a, b and ¢ are constants evaluated from engine data. Note that '3’ includes the Prandtl number effect in
the conventional convection formulation because it is approximately constant while the radiation constant 'c'
includes the shape factor, emissivity and Stefan-Boltzmann constant. During compression, ¢ = 0 but it has a
constant, finite value for combustion and expansion.

Annand evaluated these constants as:

a=038 for two strokes
a=049 for four strokes
¢=1.6x10"12  for CI engines for combustion and expansion only
c=21x10"13 forsI engines for combustion and expansion only

Note that the SI value of 'c’ is very small as most radiation occurs from the luminous soot that occurs only in CI
engines. The constant 'a’ can vary from 0.35 to 0.9 increasing with increasing intensity of the fluid motion.

Woschni's formula

Probably the heat transfer coefficient now most commonly used in engine calculations was developed by G.
Woschni for CI engines but has application to all types and is referred to by its author as a universally
applicable equation. It is based on the fact that experimental data can be taken and analysed to separate the
effects of a great many variables. Substantial differences in the heat transfer coefficient can be obtained from
different experimental techniques. For example, even simple experiments in a combustion bomb can be
assessed in two ways. Those which look at the rate of heat transfer from the bomb after burning is completed
by evaluating the internal energy from the pressure decay and those using surface wall temperatures measured
by thermocouples to give boundary conditions for analysis. These two technigues have been found to give
different heat transfer coefficients.

One major difference is that, even for a symmetrical combustion bomb, (for example a spherical one with
central ignition), higher temperatures exist at the top due to the buoyancy effects in the burnt gas. In internal
combustion engines, the differences can be even more substantial. It should be noted that rapid changes in the
heat transfer rate can occur when the flame itself, rather than the compressed gas ahead of it, contacts the wall.
To correct the differences, a very large number of distributed thermocouples would be required.

The different formulas that have been developed for the heat transfer coefficient, h, therefore can give
substantially different values for the total cycle heat transfer even for the same engine operating under identical
conditions. This can be seen from Woschni's calculations which are given in Table 9.3.

Table 9.3 Heat transfer in an engine under fixed load/speed conditions

Formula Heat transfer to walls as percentage of fuel heat
Nusselt 15

Eichelberg 13
Pflaum 23

Annand 22

Woschni proposed a formula which is intended to take into account convection, radiation and the influence of
rapid changes in gas temperature with time. It is based on the normal heat transfer correlation for turbulent,
forced flow but without the Prandtl number term.

Nu=CRe"™ 9.1D

where C is a constant and the index m is normally 0.9 as in Eqn. (9.5). The Prandtl number is therefore
assumed to be constant and is absorbed into 'C’. This, on re-arranging, gives:
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h= c—{VDp ] 0.12)
D\ u

where D is the principal dimension, (the bore) and v is the local average gas velocity rather than the mean
piston speed vp as is usually used. By expressing the variables for the properties making up the dimensionless

groups as ﬁmctlons of pressure and temperature (that is, viscosity p proportional to 10 2 density p
proportional to pT'1 conductivity k proportional to T0.75y this equation becomes:

h:CD m—lvmme0.75-l.62m (913)
Woschni related the value of v to the piston speed Vp by:
v=C\v, +v, 9.14)

where v is the additional gas velocity due to the combustion imposed on that from the piston motion. Its value
increases from zero at the beginning of combustion, reaches a maximum and then decreases during expansion.
Woschni suggested an empirical expression for it which is:

V. 1
lel

-p.) 9.15)

where V1, T and p; are the volume, temperature and pressure conditions at the beginning of combustion, p is
the pressure at the instant (that is, crank angle position) considered and p,, is the corresponding pressure in the
"motored" engine.

A typical value of the constant C is 3.26. Other constants as given by Woschni are:

C;=6.18, Cy=0 for scavenging or gas exchange
C1 =228, Cy=0 for compression
C1=228, Cy=324x1073 for combustion and expansion

These constants were evaluated by careful experimentation where the individual engine parameters were
varied one by one. The engine used was a diesel with zero swirl. While they should be applicable to
geometrically similar engines, a universally valid heat transfer coefficient can only be obtained by evaluating
different constants for each geometrically similar group of engines. For engines with high swirl:

C,= * for the scavenging and gas exchange
vy
for elsewhere in the cycle
"4
?

The above formula does not contain any separate expression for radiative beat transfer. This is because it
evaluates the coefficients from the total heat transfer experimentally. While radiative heat transfer is
proportional to T4, not to T, it is a relatively small component of the total heat transfer (perhaps a maximum of
20%) and Woschni believes that any error involved in including it in the use of the single correlation is small.

The value of the heat transfer coefficient given by Woschni lies somewhere between those of Eichelberg and
Nusselt. It would therefore indicate that a total heat transfer of about 14% is realistic for the CI engine
considered by him.
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PROBLEMS

9.1 Determine the heat transfer rate (kW) from a cylinder under the following conditions. The correlation for
pipe flow.

Nu=0.023Re"® Pr™*
may be assumed to apply. In all cases, ignore end effects.

(a) gas turbine combustor, diameter 150 mm, length 350 mm, average gas velocuty 30 m/s, pressure 1.5 MPa,
average gas temperature, 1500 K, inner wall temperature, 560 K.

(b) SI piston engine cylinder during expansion, diameter 90 mm, average length for exposed walls during
stroke 45 mm, gas speed equal to piston speed 10 m/s, average pressure and temperature during stroke, 1.3
MPa, 1000 K, inner wall temperature, 500 K.

Assume in both cases that the gas constant is 290 J/kgK with an isentropic index of 1.3, its viscosity is 104
kg/ms and its thermal conductivity is 0.09 W/mK.

9.2 A CI engine has the following dimensions
Diameter of cylinder (bore) 160 mm

Length of stroke 200 mm

Compression Ratio 15:1

Rotational speed 1500 r.p.m.

Mean piston speed 10 m/s

Power output 15 kW/L

Assume that the head can be represented by the flat end of the cylinder plus the clearance volume walls, that
the piston crown is flat and that the exposed length of the side walls which are at 490 K over the period of
combustion is 50 mm. If the mean gas conditions during combustion are: temperature 1200 K, density 5.5
kg/m3, estimate the heat transfer rates to the head, the side walls and the piston crown due to (a) gas radiation
(b) convection during the combustion (c) both combined.

Also estimate the total heat transfer rate during this period as a percentage of the power output.. Does this
seem reasonable?

The emissivity of the soot particles in the flame may be taken as 0.6 and the Stefan-Boltzmann constant is
5670 X 10-8 w/m2 K4. For the convection, the film coefficient obtained from the pipe flow correlation of
question 9.1 may be assumed to apply to all surfaces with its constant 0.023 replaced by a value of 0.035 which
has been found to be more representative of reciprocating engines. The viscosity, thermal conductivity and
specific heat (calculated from R and y) of question 9.1 may also be assumed to be valid.

9.3 The walls of a particular engine cylinder consist of 3 cast iron liner, 8 mm thick. At the time when the
mean gas temperature is 727°C while the coolant is at 959C, estimate, for the side walls of the cylinder only,
the heat transfer rate from gas to coolant. Also calculate the temperatures at the inner and outer wall surface.

Assume that the value of the film coefficient is, on the gas side, 160 W/m2K, on the water side is 2000
W/mZK and the thermal conductivity of cast iron is 70 W/mK

9.4 The wall area exposed by the piston movement in an engine with a connecting rod length twice the crank
throw (which itself is half the stroke) and the piston velocity is given by the equations for A and v below. In
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addition, the spatially resolved mean gas temperature and the pressure in an SI engine cylinder for a particular
engine was roughly approximated during a cycle for calculation purposes by the expression for T and p, these
peaking at 15¢ ATDC. In all these equations, the crank angle is in degrees and is measured from zero at top

dead centre.:
T =1400 +1100sin(8 + 75)K
P =1900+1200sin(8 + 75 WPa
Jor0 <6 < +180

A= zb-;—[.’) —~ {cos& +(4 ~sin? 9)0'5}]
for —180 <@ < +180

cosd
(4 —sin’ 9)0'5

for —180<6 <180
The gas velocity may be assumed to 1.5 times the piston velocity due to turbulence. Estimate the instantaneous
convective film coefficient from the correlation of question 9.1 (with the constant 0.023 replaced by 0.035) and
the heat transfer rate (to the cylinder walls only) for crank angles of 159, 300, 60° 900, 1200, 1500 and 180°
assuming that the inner wall temperature is constant at 450 K.

V= srr—]\-[—sin Gi1+

The following data applies to the engine: bore b=80 mm, stroke s=80 mm, engine speed N=3600 r.p.m.

9.5. Using the Woschni formulae for engines, estimate the heat transfer coefficient and the heat transfer rate
through the cylinder walls during combustion and expansion for the same case as question 9.4. In order to
obtain the conditions at the start of combustion, assume that it begins at 100 BTDC. That is, assume isentropic
compression from 100 kPa, 300 K to that value with an isentropic index of 1.39. Use the same technique for
the motored trace except that it is to the piston position at the instant considered. Pressure, temperature and
piston speed should be used at each location as in 9.4.

The values for the constants in the formula may be taken as C=3.26, C,=2.28, C; =3.24 x 1073




APPENDIX 1
Some important terminology

Reciprocating Engines

Top (TDC), Bottom (BDC) Dead Centre: Upper and lower piston positions respectively.

Swept volume V, (Displacement): The volume between BDC and TDC which is the volume that draws in
the gas.

Clearance Volume, V.: The volume remaining above the piston at TDC.
Compression ratio, r: The volume ratio between the BDC and TDC positions. 1 = Vst Ve

Ve
Cut-off ratio, r;: Total volume above the piston when energy addition ends divided by v,

Thermal efficiency, nm: The work output divided by the energy input in the fuel.

Indicated and ~ that measured from the gases inside the cylinder and

brake thermal efficiency ~ that from the output shaft.

The difference is the frictional losses. Mechanical efficiency, 1y, =indicated work/brake work
Volumetric efficiency, nv: Actual mass entering the cylinder divided by the mass the swept volume
would contain at the inlet density, measured just before the inlet valves.

Bore: Piston diameter

Stroke: A complete movement of the piston in one direction. Also means length of stroke.

Cycles: The number of strokes before the same operation is repeated. (2 stroke = | revolution per cycle, 4
stroke = 2 revolutions/cycle)

Power: The work per cycle times the cycles per second.

Mean Effective Pressure (MEP): The work output per cycle divided by the swept volume.

Gas Turbines
Pressure ratio, r,: Maximum pressure (after compressor) to minimum pressure (inlet).
Turbine Entry Temperature, TET: Maximum temperature in the engine (at turbine entry).

Fuels

Heating Value of Fuel (Hy): Energy theoretically obtained by burming fuel at 25°C and returning the
bumed gases to 25°C. Use Lower Heating Value (LHV) where water remains as vapour. Higher Heating
Value (HHV) means water has condensed.

Specific Fuel Consumption (SFC): Mass of fuel per unit of work output (kg fuel/lkxW hr or kg fuel/kJ). If
multiplied by H,, SFC is the inverse of 1y,

Stoichiometri¢ ratio, F,: Just sufficient fuel for available oxygen so that g/l fuel hydrogen is theoretically
converted to water, all carbon to carbon dioxide with no carbon monoxide.

Rich, lean mixtures: More or less fuel than stoichiometric respectively.

Air/fuel (AFR) and fael/air (FAR) ratios: Mass of fuel to mass of air relationships

Equivalence Ratio, ¢: Ratio of actual to stoichiometric firel/air ratios. ¢>1=rich, ¢<I=lean.

Octane Number: Measure of resistance of fuel to the type of knock (pinging) that occurs in SI engines.
Research Octane number (RON) ~ light load test. Motor Octane number (MON) ~ heavy load test.
Typical road evaluation (RON+MON)/2. Typical values ~ 90 to 100

Cetane Number (CNN): Measure of resistance of the fuel to the type of knock (diesel knock) that occurs in
CI engines. Typical values ~45 to 50




Further reading

Listed below is a selection of texts related to the basic material of this book. The list is not exclusive and many
other excellent texts are available in each section. The list is devised merely to give the reader an appropriate
introduction to source material.

Some texts have been already been quoted as references in the main sections of this book whilst others are
regarded as basic source material. As this text is not designed to stand alone but to provide some relevant
fundamentals, to orient the reader towards and summarise some work for application particularly in
reciprocating engines and gas turbines, it is recommended that at Ieast one general text from each section be
examined by the reader.
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Answers to problems

CHAPTER 1

1.1 7.54 hrs for (an assnmed) 50 L tank, fuel consumption 8.3 L/100 km (12 km/L )
1.2 Power, 38.4 MW, energy supply rate, 128 MW, mass and volume flow rates, 2.98 kg/s, 3.92 L/s, approx 9 to
10 times petrol bowser flow rate, total mass and volume, 134 tonnes, 176 kL, mass saving 19.3 tonnes

1.3.
Automobile:
Fuel Mass penalty (kg) Velume penalty (L)
Methanol 56 65
Ethanol 20 27
CNG steel tank 233 212
CNG Carb. Fibre tank 48 212
LNG 15 30
Lead acid battery 85 (power only)
1373 (for range)
New technology 6 (power only)
battery 1373 (for range)

Solar; Collection area 112 m2, (10.6 m x 10.6 m); Requires heavy storage systems for night, poor weather .

Aircraft
Fuel Mass penalty (tonnes) Veolume penalty (kL)
Methanol 164 242
Ethanol 88 102
CNG steel tank 875 773
CNG Carb. Fibre tank 206 773
LNG 86 111
Lead acid battery 283 (power only)
15551 (for range)
New technology 32 (power only)
battery 7394 (for range)

Solar: Collection area 261,224 m2, (511 m x 511 m); Requires heavy storage systems, for night, poor weather.

1.7 Final temperature, 2220, 1708, 1401 K; Volume ratio, 2.7, 5.2, 8.5, Work from expansion 775, 1142,
1362.5 ki/kg
1.8 Estimated volumetric capacities 5L, 8L, 3.5L

1.9 Core mass, volume flow rates =31.2 kg/s, 40 m3/s, A = 0.2775 m2, d= 0.594 m

Overall mass, volume flow rate = 124.8 kgfs, 200 m3/s, A=17388 mz, d=133m
1.10 Jet velocities, no by-pass = 1762 m/s, with by-pass = 560 m/s
Propulsive efficiency = 24%, 60%

CHAPTER 2
2.1 Pressures, 100, 1000, 1000, 100 kPa; Temperatures, 300, 579.6, 1425.8, 738 K; Densities, 1.16, 6.01,

2.44,0.472 kg/m3; w, = 280.9, w, = 690.9, Wy = 410 kl/kg; thermal efficiency = 48.2%
2.2 11462 K, 465 kPa, 4.66:1

2.3 pressure ratio 29.7; Pressures, 25, 742.5, 742.5, 25 kPa; Temperatures, 220, 579.6, 1425.8, 541 K wpeu
= 527.6 kJ/kg; thermal efficiency = 62%; nozzle pressure ratio 10.7:1

24 pressure ratio 58.6; pressures, 25, 1465, 1465, 25 kPa; Temperatures, 220, 703.8, 1550, 484.5 K, Wyer =
584 .3 kl/kg, thermal efficiency = 68.7%; nozzle pressure ratio 15.8:1

2.5 pressure ratios, 15.3, 26.3, 37.7, work output, 418.2, 527.2,732.6 kl/kg; thermal efficiencies, 54.1, 60.7,
64.6%

26 Cycle 1: 308.7 kJ/kg, 42.5%; Cycle 3: 586.5 kJ/kg, 54.4%

2.7 Ng="Ne =67.8%

2.8 127:1, thermal efficiency 59.4%, work output 460 kJ/kg; compare with question 2.5, thermal efficiency
, work output both reduced; compare with question 2.6, thermal efficiency up, work output reduced

29. 1181, 638 kl/kg 59%

2.10 321.8 kJ/kg, 68.7%; 321.8 kl/kg, 61.9%

211 w=234.9,q3=1012.6 , Wyeyt = 456 ki/kg, thermal efficiency = 45%




2.12  w=567.9, kl/kg, thermal eficiency = 70.7%; w = 471.7 kJ/kg, thermal eficiency = 58.8%; w = 671.2
kJ/kg, thermal efficiency = 76%

2.13  Heat input 2750 kJ/keg;
For isentropic index 1.4; Pressures py = 1987, 2104, 1870 kPa, temperatures Ty = 763 K Pressures p3
= 10917, 11559, 10274 kPa, temperatures T3 = 4192 K Pressures py = 467, 494, 439 kPa, temperatures
Ty = 1704 K; w=1461 kJ/kg, thermal efficiency = 59.4%; work/cycle = 3.12, 3.3, 2.94 kJ; power = 26,
82.6, 122.4 kW; MEP = 1560, 1652, 1469 kPa.
For isentropic index 1.3; Pressures p) = 1587, 1680, 1493 kPa, temperatures Ty = 609 K; Pressures p3
= 8284, 8770, 7793 kPa, temperatures T3 = 3179 K; Pressures p4 = 450, 476, 423 kPa, temperatures T4
= 640 K; w=1208 kJ/kg, thermal efficiency = 49.1%; work/cycle = 2.58, 2.73, 2.43 kJ; power = 21.5,
68.3, 101.2 kW; MEP = 1290, 1367, 1215 kPa

2.14 Wp = 0.05, 0.04, 0.06 kJ/cycle; w = 2.29, 2.46, 2.15 kJ/cycle; power = 19.1, 61.1, 89.5 kW,
thermal efficiency = 48.1, 48.3, 47.8 %; increased density of the charge

2.15  Max. pressure and temperature, 10677 kPa, 3260 K; w = 1211 kJ/kg, 2.91 kl/cycle; power = 121 kW,
thermal efficiency = 49.1%; modified compression ratio, r= 8.25:1; w = 1172 kl/kg, 2.82 kJ/cycle;
power = 117.4 kW, thermal efficiency = 46.9%; intercooled w = 1172 kJ/kg, 3.16 kl/cycle; power =
132 kW, thermal efficiency = 46.9%

2.16 pressures, 85, 3124.5, 3124.5, 394.6 kPa; temperatures 310, 712.2, 2320, 1439 K; w = 919.6 ki/kg,
10.54 kJ/cycle; power = 263.5 kW; thermal efficiency = 46%, with reduced ut-off, 52.8%; expansion
ratios, 4.91, 9.82; end of expansion pressures, 394. 6, 160.3 kPa; end of expansion temperatures, 1439,
585K

2.17  max pressure and temperature, 5936.5 kPa, 1598.5K; w = 543.6 kJ/kg, 11.6 kifcycle; power = 290 kW
thermal efficiency = 50.1%

2.19 Original Otto cycle; work output, 1208, 1200, 1164, 1073, 813 klJ/kg; thermal efficiency, 49.1, 48.75,
4731,43.58,32.85%
Original Diesel cycle; work output, 920.7, 976.7, 1035, 1093.5, 1131.2 kJ/kg; thermal efficiency, 46,
48.8, 51.7, 54.6, 56.5 %

CHAPTER 3

32 best w = 231,667, Ag = -231,667 kJ/kmol; Ah = -288,750 kJ/kmol; best efficiency = 80.2%, current =
75%;, q= -57,083. As for cell = -163, for atmos. = 190.3, overall = +27.3 kJ/kmolK; Irreversible

33 0.0015 kJ/K, 0.57kJ, 1.55kJ, 0.98kJ, 0.94 kJ

34 -3.7,-84, - 88.3 k/kg

35 9.915 kJ, -3.111 kJ, -6.804 kJ, 0 as availability is a property, 71.5%

3.8 Actual, 945.8, cold p 880.9 kJ/kg; Required p 1.078, mean 1.083 kJ/kg K; actual As=1.5211 kl/kg K

310 uy-u;=-69.53 kl/kg, hy-h =-93.65 ki/kg, w=-93.65 kl/kg

311 Ty=289.2K, Py, Ty =9.97 MPa, 396.4 K, w=18.4, uy-u;=194.9, ¢=213.3 ki/kg

3.13 at 3000 K:
oxygen: WR=9507, WR=12507, ¢,/R=3.4536, cp/R=4.4536, v=1.290
nitrogen: wWR=9118, /R=12118, ¢,/R=3.4001, cp/R=4.4001, v=1.294
hydrogen: wR=8371, WR=11371, ¢,/R=3.1982, cp/R=4. 1982, v+=1.313
at 6000 K
oxygen: wR=19937, WR=25937, ¢,/R=3.4882, c/R=4.4882, y=1.287
nitrogen: WR=19464, h/R=25464, c¢,/R=3.4738, cp/R=4.4738, v=1.288
hydrogen: w/R=18378, h/R=24378, ¢,/R=3.4119, cp/R=4.4119, v=1.293

3.14 () 1.599, (b)30%, 70%

3.15 18.76, 70.54, 10.70 kPa

3.16 370K, 356 K, 386 K

CHAPTER 4

41 139.4 m/s, 74.4%

42 311 nvs, 0.0377 m2, 0.0175kJ/kgK; 322 K, 329 m/s, 0.035 m2; non-isentropic flow transfers energy

43

from flow (i.e ke) to intenal energy and increases  temperature. The density and velocity differences
mean that area is no longer compatible. For same area and isentropic flow, conditions are: 0.366 MPa,
341K, 265 m/s

316.9 m/s, 2, 634 m/s




44  forair: 328.8 m/s, 559.5 m/s, 2.16, 4.7, 445 mmZ, 2091 mm?
for helium: 915.8 m/s, 1420.9 m/s, 2.13, 1.7, 1,127 mm2, 1880 mm?

4.5 839.6 m/s, 11.31 kN, 12.56 kKN

4.6 3 min 28 s, to 8.5 MPa, 28 min 47 s to 184.5 kPa

4.7 M;=1.42, M,=0.73 14, static conditions, 153 kPa, 329.6 K; stagnation conditions, upstream 229 kPa,
365 K stagnation conditions, downstream 218 4 kPa, 365 K

48 923.5kPa, 307 mv/s; 1.842 kPa, 158 m/s

4.9 125.9 kPa, 127.9 kPa, loss in stagnation pressure 128.4 kPa, M= 0.15; 42 kPa, 44.34 kPa, loss in
stagnation pressure 212 kPa, M= 0.445

4.10 0.6544, 1.871

411 2.63m,2.72m, 9.6%

4.12 241 to 164 kPa

4,13 1178 kJ/kg(air), air:fuel =34:1, decrease = 3.7%

4.14 Isentropic wave, temperature ratios, 1.2996, 1.5845, 1.9320; wave velocity, 1.8391, 2.5510, 3.3370;
particle velocity, 0.6993, 1.2925,1.9475
Shock wave; temperature ratios, 1.3282, 1.7742, 2.6230; wave velocity (Mach Number), 1.5119,
2.1044, 2.9520; particle velocity, 0.7087, 1.3577,2.1778

415 123.3 mv/s, 527.9 mv/s, 0.0093 s .

416  2.209:1,521.4 m/s, 423.1 m/s

4.17 M = 1.86, stagnation conditions after shock, 473 K, 510.6 kPa; stagnation conditions before shock, 260
K, 80 kPa

418  M=1.656, V(abs) = 316 m/s, p=939 kPa, T=585 K

4.19 M=2.37,2.69,3.6; p=63.9, 82.8, 194.5 kPa; T= 604, 700,1036 K

420  0.022s, particle velocity 0, 34, 68, 102 my/s; acoustic velocity 340, 346.8, 353.6, 360.4 m/s; reflected
particle velocity, zero for all cases; wave 1 is acoustic:, wave velocity =340 m/s, pressure =100 kPa
wave 2: wave velocity = 353.6 mv/s, pressure = 131.6 kPa

CHAPTER 6

6.1  25.80, 5251 mm, 1.72 Nm, 7.2 kW

6.2 2.2Nm, 9.1kW; 2.1 Nm, 8.9 kW

63  28.39 58kW
Blade angle as in question 5.1; power as in 2(b) as extra power is required to generate initial whirl

6.4 490,259, 3.1°

6.5  26.6° 180 kW/kgsL, 618.5 mys, 140

6.6 143 mv/s, 22.4 and 23.3 kW/kgs™1, 51.6° towards rotation, and 89.19 towards rotation, 206.2 m/s

6.7 blade angles, inner, 20.69, 36.9°, outer 36.99, 20.60, stator, 14° throughout
10.7 MW

6.8 86.4%, 87.4%

6.10 (a) 87.3%, (b) 87.7%, (c) section 1, 89.1%, section 2, 91,1%, overall 87.8%

6.11 compressor, 85%,; turbine 92.5%

CHAPTER 7

7.1 air:fuel (vol.) = 9.52, 23.8, 7.14, 59.5, 48.8; stoichiometric air:fuel (mass) = 17.11, 15.6, 6.4, 15.0, 14.5
At 16:1; % air = -6.5 (insufficient), 2.56, 150, 6.7, 10.5 (excess); ¢ = 1.069, 0.975, 0.4, 0.9375, 0.905

7.2 % theoretical air = 199.5, 64.5; Air:fuel (mass) = 34.1:1, 11.0:1; ¢ =0.502, 1.555

73 1:1.25:0.8125:9.165; C4H;

74 higher, 29670; lower 26804 ki/kg, 1.2176 CO,, 0.7824 CO; -24864 kJ/kg (from system)

7.5 1132 K, 2837 K, 1329 K, 2.66 atmospheres

7.6 46.4, 49.9 MJ/kg fuel; water vapour, 1 kmole, condensed to liquid, 3 kmole; 52,414 kJ/kg from system

7.7 3.3,4.3,2.725,30.74; 23.24, 0.667; 1829 K

6.8 Ny, Oy, N, O, NO,, N0, NO; NO dominant; at 298 K, 2 N, 1 O, zero NO; at 3200 K, 1.899 Nj,
0.899 05, 0.2017 NO; no change as pressure exponent is zero in this case

7.9 0.6 by volume, 9.525 by mass, ¢ = 0.833; T=3200 K; q = -64636 kJ/kmol of hydrogen

710 0.75 CgHjg, 0.25 CgHg; 2245 K, -195,313 ki/kmol of fuel

7.11 1.097 COZ’ 1,903 CO, 0.951 Oy, 4 HyO, 188 N,

712 $=0833; 700 K, 16 atmospheres; 2372 K; 0.9856 CO,, 0.0146 CO, 0.4072 Op, 2H;0, 9Ny,
C0=0.11%

7.13 4.249 COy, 2.751 CO, 1.378 Oy, 5.515 Hy0, 0.493 Hj, 0.9798 OH




CHAPTER 8

8.1 3019 K, 1.173 kl.kgK, 1421 K

8.2 51.7 mm, 0.0107 kg, 0.00033 kg, 0.00074 kg

8.3 52.8 cm/s, 64.6 cm/s, 117.4 cm/s

84 2857 kPa, 770K; 0.00056 kg, 0.00045 kg, 0.00011 kg; 8653 kPa, 2332.5 K; 4975 kPa, 1129 my/s

85 CO ~65%, NOx 0%, UHC -12.1 %; CO +125%, NOx -36.8%, UHC +32.8%
Transient CO +15%, NOx -9.2%, UHC +5.2%

8.6 at 298 K, negligible; at 3500 k, 0.3510 = 7.4% of air

CHAPTER 9

9.1 32.4 kW, 0.69 kW

92 To head, walls, crown; Radiation, 1.876, 1.718, 1.374 kW, Convection 3.722, 3.409. 2.727 kW,
Combined 5.598, 5.126, 4.101; Overall 14.83 kW, 24.6%

93  92kW/m2, 424K, 414K

9.4 For 15°, 30° and 90° only; 174, 291, 393 W/m2 K; 205W, 1303 W, 6928 W

9.5 For 159, 309 and 90° only; 587, 832, 316 W/m2 K; 726 W, 3919 W, 5581 W
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