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Introduction

The internal combustion engine fuelled by mainly gasoline and diesel has been the
dominant powerplant for well over 100 years. Although the continuation of its dom-
inance worldwide has been questioned by environmentalists, who see cars threaten-
ing the planet’s climate through the effect of CO, on global warming, and by some
engineers who have been overoptimistic about the potential, and the timing of in-
troduction of fuel cells and electric vehicles into mass production, the reciprocating
engine is here to stay for the foreseeable future. The key to its success has been
its continuous re-invention into more efficient and cleaner modes of combustion,
the on-going development and refinement of catalytic converters and the successful
partnership between engines, transmissions and electric systems. Another interest-
ing development is the different approach of automotive engineers in the various
continents; for example, Europeans have consistently put more faith into diesel en-
gines, with over 50% of new cars in Europe being diesels, while Japan and the US
have faithfully supported the relatively less efficient gasoline engines and, more re-
cently, gasoline-hybrid vehicles which represent a reasonable compromise. There
are also others who believe that the time has come for a convergence in the global
markets through the introduction of the diesel hybrid vehicle but there are uncer-
tainties about its ability to acquire ‘mass production’ status before fuel cell powered
and electric vehicles become affordable by customers worldwide.

This volume attempts to bridge a serious gap in the existing literature between
conventional textbooks such as the highly successful one authored by John Heywood
in 1987 and the significant technological breakthroughs presented in worldwide
conferences during the last ten years on direct-injection gasoline engines, ad-
vanced diesels and homogeneous-charge compression-ignition engines. The multi-
authored volume consists of eight chapters written by world experts from industry,
government laboratories and academia. Each of the chapters is self-contained and,
therefore, independent from the others in that it covers its central theme in depth,
and width, although prior knowledge of the fundamentals remains a prerequisite. As
such it is expected that this volume will become an essential reference text of engi-
neers involved in research and development in global automotive and consultancy
companies, research engineers in government laboratories and academic researchers



vi Introduction

involved in fundamental and applied research on various aspects of the flow, mixture
preparation and combustion in reciprocating engines.

Chapter 1 considers the fundamentals of spark-ignition, combustion and emis-
sions in conventional port fuel injection engines which are in terms of numbers the
preferred powerplant worldwide. Emphasis is placed on the characteristics of the
ignition system, the modeling of premixed turbulent combustion, initiation and de-
velopment of knock and the pollutant formation mechanisms.

Chapter 2 describes in great detail the research performed over a period of more
than ten years on direct-injection, two-stroke gasoline engines which, despite their
obvious promise, never reached production in the automotive market. This chapter
also provides detailed information about the various optical diagnostic techniques
widely used in the research laboratories of all major automotive companies and
universities which, together with computational fluid dynamic (CFD) models, have
become standard engineering tools in R&D. Although there are no two-stroke au-
tomotive engines driving road vehicles today, the research approach described in
Chap. 2 has been instrumental in the development of the four-stroke direct injection
engines which appeared in the market in the late 1990s.

Chapter 3 presents in its first part an overview of the general features of the
first-generation four-stroke DI engines, their advantages as well as their limitations,
while the second part focuses on more recent research on the second-generation of
stratified DI engines which are entering production equipped with the latest technol-
ogy of high-pressure gasoline injectors. Details are provided about both multi-hole
and pintle injectors operating in the spray-guided concept, and their potential for
becoming standard technology is discussed in both naturally-aspirated and super-
charged/turbocharged engine configurations.

Chapter 4 describes the flowfield in direct-injection diesel engines operating in
the presence of swirl, where particular emphasis is placed on the mean and turbulent
flow structure around top-dead-center (TDC) of compression as characterised by
both laser-based-experiments and CFD predictions. The implications of squish and
swirl, as well as fuel injection on combustion are also described and discussed.

Chapter 5 provides a comprehensive analysis of the penetration of diesel fuels,
sprays and jets under quiescent conditions, in order to avoid the implication of swirl
and mean flow-structure on spray development, the subsequent flame initiation and
lift-off, as well as the link between mixing-controlled fuel-vaporisation, and com-
bustion under diesel-engine thermodynamic conditions.

Chapter 6 complements the previous two chapters by focusing on auto-ignition,
combustion and soot and NOx emissions in conventional diesel engines. Empha-
sis is placed on the factors affecting auto-ignition, its modeling approach, the soot
formation and oxidation mechanisms, as well as the practical means for controlling
combustion in second-generation direct-injection diesel engines.

Chapter 7 presents an overview of the various types of advanced diesel com-
bustion which, at present, are the subject of intense investigation by researchers in
both industry and academia. Although HCCI (homogeneous charge compression ig-
nition) is the most well-known form of advanced combustion, it is widely accepted
that premixed, controlled-autoignition, low-temperature combustion represents the
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most promising concept for eliminating both NOx and soot emissions in the next
generation of diesel engines.

Finally, Chapter 8 summarises in the first part the fuel effects on combustion
and emissions for petroleum-based hydrocarbon fuels (gasoline and diesel) while in
the second part the emphasis is placed on alternative and renewable fuels, including
synthetic fuels, that offer promise to be used in reciprocating engines.

March 2008 Dinos Arcoumanis
Take Kamimoto
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Chapter 1
Spark Ignition and Combustion in Four-Stroke
Gasoline Engines

Rudolf R. Maly and Riidiger Herweg

1.1 Introduction

Today, and even more so in the future, significant and simultaneous reductions of
emissions and fuel consumption are the key issues in engine combustion. Since the
S.I. engine is highly developed already, common trial and error methods alone will
no longer be adequate to meet future requirements. Fuel and engine properties form
such a complex system of mutually interacting processes that a detailed knowledge
of all its properties is required if possible improvements shall be successfully iden-
tified, implemented and optimized. Therefore, a close link between practical and
theoretical work is mandatory right from the start of conceiving new combustion
concepts. New ideas must be complemented with adequate diagnostics to assess
benefits or drawbacks and also with models, preferably predictive ones, for guiding
and monitoring progress.

This chapter presents an overview on where we are today and identifies what we
will need for future S.I. engine combustion requiring knowledge both from practical
engine work and from fundamental combustion studies. Since there is a wealth of
information available in both areas it will be impossible to cover all details explicitly,
and therefore, emphasis is placed on main traits. Citations will be made preferably to
review-type publications whenever possible facilitating tracing back to older work
and retrieving additional in depth information if required. Recommended sources for
review-type literature are: Heywood’s text book [1], the journal: Progress in Energy
and Combustion Science, the proceedings of the Symposia (Int.) on Combustion
and the proceedings of the international symposia on Diagnostics and Modeling of
Combustion in internal combustion engines (COMODIA). The paper focuses on the
more fundamental aspects since a thorough understanding of the underlying physics
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2 R.R. Maly and R. Herweg

and chemistry is mandatory to solve the practical problems in front of us. The outline
follows the temporal sequence of processes initiated by the ignition system.

1.2 Spark Ignition

Good keys to the older literature are the books by Penner and Mullins [2] and by
Lewis and von Elbe [3] as well as the papers by Miiller, Rhode and Klink [4] and
by Conzelmann [5]. Most of the subsequent material is based on the comprehensive
and most complete review of Maly [6].

1.2.1 Electrical Characteristics

Although numerous - apparently different - ignition systems can be found in the
literature, both commercial and experimental ones, their principal characteristics
are all characterized by the single equivalent circuit presented in Fig. 1.1.

The current voltage characteristics of the resulting spark are determined by the
actual selection of the circuit components and the driving high voltage signal which
both may vary widely. Their specific selection controls formation and properties of
the spark plasma and hence the ignitability of an actual ignition system. Since the
Transistorized Coil Ignition (TCI) system has an unsurpassed benefit/cost relation it
is still the dominating system wordwide. The electrical energy is stored in the induc-
tance of a coil and released comparatively slowly over about 2 ms. Typical Current—
Voltage (I-V) and Energy-Power (E—P)characteristics are displayed in Figs. 1.2
and 1.3.

We notice a very short (ns) first phase - the breakdown phase - during which the
spark current rises to a first current maximum of several hundred amperes. Its peak
value is determined by the ignition voltage U, and the impedance of the near-gap
circuit:

ZL Rr

1 u(t)
R, ]f___| L Spark Voltage
)
Z,
L, * Sy
_-— i(t)
ICC o C}I Al Spark Current

Ignition Device  High Voltage Spark
(TCI, CDI) Cable Plug

up(t)

Fig. 1.1 Generalized circuit of ignition systems (non-functional high voltage distribution gap
omitted). uy(¢): high voltage signal, L.: coil inductance, R,: coil resistance, C,: coil capacitor,
Z.: coil impedance, Z, : high voltage cable impedance, C; : high voltage cable capacity, R,: radio
interference damping resistor, C),: plug capacitor, L ,: plug inductance, S¢: spark gap, R;: current
shunt (for measuring purposes only), u(?): spark voltage, i(t): spark current
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Iy = Up/Z, ~10kV/50Q = 200 A

Within a few ns the gap voltage drops to very low values of around 100 V. This
phase is uniquely determined by the capacitive (C, = 5 — 15pF) and inductive
components (L, + Lg ~ 5nH) of spark plug and spark, respectively. This phase
is followed by a second one - the arc phase - lasting only for about 1 us. During
this time the capacity of the high voltage cable (C;, = 40 — 100 pF) and the coil
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capacity (C. = 50pF) discharge through the radio interference damping resistor
(R, = 1 — 10kQ) in series with the cable impedance. Hence typical values for the
second current peak are:

I = Up/(R, + Z;) ~10kV/2kQ =5 A

Finally, a third phase follows - the glow phase - delivering the lion part of the
originally stored electrical energy into the spark discharge. In a TCI this phase lasts
for several (typically 2) milli-seconds. The peak glow current is mainly controlled
by the coil impedance (Z, ~200k{)) and decays approximately linearly with time
(the logarithmic scales are deceiving on a first glance):

16 = Uo/(Zc + Z1 + R,) ~Uy/Zc ~10kV/200kQ = 5mA

If the glow current exceeds about 100 mA the discharge may transit into an arc.
This occurs for low impedance coils or in Capacitive Discharge Ignition systems -
CDI -, where the electrical energy is stored in a primary capacitor and the coil is
replaced by a pulse transformer. In these cases rapid voltage oscillations may occur
due to rapid transitions between arc and glow phases.

The three discharge modes - Breakdown, Arc and Glow - are also uniquely
characterized by their power and energy release properties. The Breakdown offers
highest power levels of up to several megawatts at rather small energy levels
(0.3 - I mJ in commercial ignition systems). The Arc ranges in between, whereas
the Glow discharge operates at lowest power (tens of watts) and highest energy
levels (30 - 100 mJ). This is mainly due to its extremely long discharge interval of
1-2ms.

Any ignition system is composed of different combinations of these three basic
discharge modes and its ignitability depends therefore on the details of the layout
of the electrical system. Knowing the plasma physical properties of the three
discharge modes - which will be treated in the following sections - the ignition
characteristics of any system can easily be deduced from the knowledge of its I-V
characteristics.

1.2.2 Spark Plasma Characteristics

1.2.2.1 Pre-Breakdown

The initially perfectly insulating gas within the spark gap region is ionized due
to the applied spark voltage (*linear slope, rise times: 7CI : 10kV/ms, CDI:
~100kV /ms). The randomly existing starting electrons (200 cm ™3, corresponding
to 1 electron at any given time in the gap volume of a conventional spark plug with
3-mm electrodes and a 0.7-mm gap), produced by hard background radiation from
space and earth - are accelerated towards the anode. If the applied electrical field
has reached sufficiently high levels (E =~ 50 — 100kV/cm) the accelerated elec-
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primary electron avalanche

starting electron
by background o /OO oS >

radiation O<O<Oi6

electron emission e /
by ion impact //

Cathode
Anode

- r
*// phOt{) emission
<> secondary electron avalanches
- \_+

<
E, electrical field

Fig. 1.4 Formation of conductive channels in the spark gap due to multiplication processes in
electron avalanches at electrical fields £ ~50 — 100kV /cm

trons will electronically excite and ionize the gas molecules by collisions generating
radiation and additional electrons and ions which in turn are accelerated, too. Thus
the number of electrons increases rapidly very much like in an avalanche. As indi-
cated in Fig. 1.4 the primary electron avalanche may generate secondary avalanches
also in the cathode region due to its emission of UV radiation (A < 300 nm).

During the pre-breakdown phase the discharge is dependent on the applied
external field. The gas temperature remains near its initial value and the average
electron density below n, =~ 101 e/cm3. However, in the electron avalanches
(streamers, channels) the electron density may exceed n, ~ 10'8e/cm’. This
mixed ionization cloud fills the spark gap in all places where sufficiently high field
strengths exist. The field depends thus both on the applied voltage as well as on
the electrode shape. For very slowly rising voltages the pre-breakdown phase may
last for appreciable time intervals (minutes and longer). The faster the voltage rise,
however, the higher an effective over-voltage can be achieved rendering the ioniza-
tion process much more efficient thus shortening the transition time to the sub-us
region.

1.2.2.2 Breakdown Phase

The pre-breakdown process becomes self-sustained as soon as enough UV radi-
ation is emitted liberating sufficient photo electrons at the cathode surface. Now
the much slower ions are created near enough to the cathode surface to liberate
new starting electrons by ion impact onto the cathode surface. An over-exponential
increase in discharge current results being assisted by a self-created space charge
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(self-sustained avalanche, leader). In practical cases this transition occurs for
pre-breakdown currents in excess of ~10mA. Since there is no current limiting
mechanism in the discharge itself the spark current rises within nanoseconds to
values of hundreds or thousands of Amperes until a further increase is limited
by the impedance of the near-gap circuit (i.e. the spark plug). The spark voltage
and the electrical field drop accordingly (breakdown) to very low values of ~100 V
and ~1 kV/cm, respectively. The minimum energy required for creating a complete
breakdown at 1 bar and a 1-mm gap is 0.3 mJ.

During the breakdown phase the current confines itself to a region which happens
to have the highest conductivity - which is the reason for the statistical location of
the spark discharge in the gap region and the origin of the statistical fluctuations in
the breakdown voltage - leading to extreme current densities in excess of 107 A /cm?
in this spark channel with an initial diameter of about 40 um. The electron density
rises up to 10'? e/cm? so that an efficient energy exchange via Coulomb forces takes
place. In consequence electrical energy will be transferred very efficiently from the
plug capacitor to the electrons and ions inside the spark channel. In consequence
extremely high degrees of ionization and electronic excitation result as well as a
fast heating of the gas to temperatures of up to 60,000 K. Details are presented in
Figs. 1.5 and 1.6.

Due to the high degree of ionization enormous amounts of energy can be stored
rapidly in the channel in form of potential energy being slowly released much later
in form of thermal energy over tens of micro-seconds. This is illustrated in Figs. 1.6
and 1.7 showing composition and specific heat, resp., of spark plasmas as function

4004 , 20 200 — 400
£ 5
] & \p E - 180
“o \ el -
- 160
3000 L 154 Me - 300
< g - 140 e
ES - 1208 | =
i 3 I a o
Z 200+ S 10 -100 € 200 @
o g L a [0}
& {3 80 8 | 0§
- o a
¢ — 60
100 & 5 - — 100
o 4 L 40
) '; I — 20 i
5 I
0 8 o+ 1T T T 110 Lo
g— 0 10 20 30 40 50 60 70 80
2 Time after spark onset, ns

Fig. 1.5 Spark plasma parameters of a breakdown in air at 300K, 1 bar and a 1-mm gap. Dura-
tion of the breakdown current: 10ns. E,;: electrically supplied energy, 7,: electron temperature,
T,: gas temperature, n,: electron density, p: over-pressure and d: diameter of the spark channel,
respectively
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Fig. 1.6 Composition of a spark plasma in air as computed for an ideal gas in thermodynamic
equilibrium for 1, 10 and 100 bar (top to bottom) [7]

of temperature and pressure [7, 8] so that the plasma properties are fully character-
ized in combination with the data given in Figs. 1.10 and 1.12.

The computed plasma data agree well with the measured data presented in
Fig. 1.8. where the sum of the dissociation and ionization energies of all plasma
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Fig. 1.7 Specific heat of a spark plasma in air as computed for an ideal gas in thermodynamic
equilibrium in the range 1 — 100 bar [7]

particles is represented by the term potential energy. The peaks and valleys charac-
terize the stepwise onset of different energy transfer processes.

The high over-pressure (> 200bar) in the spark channel causes its supersonic
expansion and the emission of a spherical shock wave. The shock energy is regained,
however, prior to ignition so that a large, toroidal plasma kernel (diameter at 50 us :
~2mm) is created with very steep gradients, a structure being most favorable for

400
supplied electrical energy 2.000 K
300 7
. y /
= /
wi ,',r Iy N /| thermal energy
Z 200 ‘ I~ potential energy 3
- "
i \
)
100 35.000 K
Ji /"mn N | b
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/4 60000k | ||7.500K \
o1+ —-HHH HH——
107° 1078 1077 107° 107 107 1078
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Fig. 1.8 Temporal redistribution of the electrically supplied energy in a breakdown phase from
initially potential energy (dissociation, ionization) into thermal energy
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Fig. 1.9 Computed pressure profiles of a spark plasma in air at 1 bar and 300K as initial condi-
tions. Ignition system: breakdown phase: 0.275mJ with a subsequent glow current decreasing
linearly within 1 ms from 100 mA to zero. [7]

ignition (see Figs. 1.9 and 1.12). This ideal structure is caused by the strong shock
wave transporting internal plasma mass to the plasma surface and by the rarefaction
wave propagating into the plasma center. The model results in Fig. 1.9 corroborate
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Fig. 1.10 Measured histories of the maximum gas temperature in different discharge modes (igni-
tion systems). (a): CDI, 3 mJ, 100 us; (b): Breakdown, 30 ml, 60 ns; (¢): CDI plus superimposed
constant current (2A) Arc, 30 ml, 230 us; (d): CDI plus superimposed constant current (60 mA)
Glow discharge, 30 mJ, 770 s
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Fig. 1.11 Computed temperature histories of spark plasmas in air with 1 bar and 300K as initial
conditions. Ignition systems: a: 0.275 ml] in the breakdown phase; b, c: same as a with a subse-

quent glow (b) and arc (c) current decreasing linearly within 1 ms from 80 mA and 300 mA, resp.,
to zero. [7]
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Fig. 1.12 Measured temperature profiles 75, T4 and T for breakdown, arc and glow discharges,
resp., in air at 300 K, 1 bar for a 1 mm gap. Due to different power levels the final profiles will be
reached at different time intervals. The breakdown profile is shown at ceasing over-pressure in the
spark kernel. rg, r 4, rg: hypothetical kernel radii for an assumed flame temperature of 2000 K [10]
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Table 1.1 Energy balance for Breakdown, Arc and Glow discharge plasmas under idealized
conditions using thin electrodes

Breakdown Arc Glow
Radiation losses <1% ~5% <1%
Heat conduction ~5% ~45% ~70%
Total energy losses ~6% ~50% ~70%
Total spark plasmaenergy ~94% ~50% ~30%

experimental data from interferometric studies of plasma and flame kernel develop-
ment in sparks [6, 9, 10].

Heat losses (heat conduction into the electrodes) and cathode losses (cathode
mechanisms) are small due to the rapid channel expansion and the supply of feed-
back electrons at the cathode by photo and/or field emission. Table 1.1 gives an
overview of the energy balance for all three discharge modes.

Prolonged duration of the extreme high current densities in a breakdown dis-
charge (> 10 ns) leads from field emission via thermionic-field to thermionic emis-
sion from hot spots formed by over-heating and melting the microscopic surface
spikes initially carrying the field emission currents. This indicates the end of the
Breakdown and the start of the Arc phase.

1.2.2.3 Arc Phase

An arc must always be preceded by a breakdown phase to create the electrical
conductivity in the gas and the thermionic emission from hot molten cathode spots.
In practical ignition systems the threshold is characterized by currents in excess
of ~100 mA. An upper bound is set only by the external circuit impedances. The
burning voltage is very low (U4 ~ 50V at I bar in air and a I-mm gap) and splits
into &15 V for the cathode fall, 10V for the arc plasma and &25 V for the anode
fall. The cathode fall is required to maintain numerous molten hot spots on the
cathode surface providing the necessary feedback electrons via thermionic emission
(spot diameter: 10 — 40um, T,: up to 3,000 K, i.e. evaporation temperature of the
cathode material at the relevant gas pressure).

Due to these hot spots heavy electrode erosion (material evaporation) results
which increases with increasing peak ignition voltage since the fraction of energy
stored in C. and C rises with the square of the ignition voltage (E = 1/2CV?).
This effect can be reduced somewhat by chosing electrode materials with high
evaporation temperatures, however, in principle it can not be eliminated. The only
strategy to minimize erosion is to avoid the arc phase completely [11].

Although spark discharges are instationary processes, the arc (and the glow
discharge) attain quasi-stationary values. The electron density and the center temper-
ature are n,4~10" e/cm?® and T4y~5,000 — 6,000 K, resp., and vary only slightly
with arc current. An arc following a breakdown does not enforce the breakdown
plasma. Rather it slows down cooling of the plasma and maintains arc conditions
over the duration of the arc discharge. In Fig. 1.10 measured center line temperature
dependencies on time are given for all 3 discharge modes. Data computed by a
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Fig. 1.13 Computed temperature profiles of spark plasmas at 7.5 us after onset in air at 1 bar and
300. Ignition systems: a: 0.275 ml in the breakdown phase; b, ¢: same as a with a subsequent glow
(b) and arc (c) current decreasing linearly within 1 ms from 80 mA and 300 mA, resp., to zero. [7]

dedicated and detailed spark model (see Figs. 1.11 and 1.13, [7]), are in very good
agreement with the experimental data in Fig. 1.10.

Due to the low electron density, the energy exchange between particles is slow
and a mainly thermal plasma character results. Energy is transfered from the energy
input on the axis to the plasma surface by heat conduction and mass diffusion rather
than by over-pressure. Hence Gaussian temperature profiles result (see Figs. 1.12
and 1.13). These processes are comparatively slow (*ms) and become the more
inefficient the larger the plasma radius grows. At the center temperature of 6,000 K
the degree of dissociation is very high in spite of the low ionization levels (see
Fig. 1.6) providing a rich source of reactive species - albeit limited to the near
axial region - for initiating combustion in addition to the temperature itself. The
temporal evolution of the plasma volumes (spark kernels) initiated by the different
spark modes are shown in Fig. 1.14.

1.2.2.4 Glow Phase

The high pressure Glow discharge is very similar in nature to the Arc discharge
except for lower center temperatures and lower dissociation levels as well as a cold
cathode. Hence the same arguments apply for the energy transport processes as were
given for the arc discharge. In commercial plugs the peak glow current is limited to
about 100 mA. If the electric circuit forces higher currents a transition into an arc
mode occurs (see Arc Phase). The field strength in the gap is low (Eg ~ 10° V/cm
in air at 1bar) and the anode fall has the same value as in an arc. For a gap of
I mm this sums up to 500 V for the total glow voltage across a spark gap. The
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Fig. 1.14 Measured diameters of plasma volumes initiated by different discharge modes. a: Break-
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770 us

field strength E¢ increases with pressure (*500V /cmbar in air at 300 K) so that
the ratio of energy in the plasma to the energy lost to the cathode improves with
rising gas pressures. The quasi steady state values for the electron density and the
kernel temperature on the axis of a high pressure glow discharge are 2 - 10'*cm =3
and 3,000 K, respectively. Characteristic glow data have been shown already in
Figs. 1.10-1.15.

Its feedback electrons are obtained by the very inefficient electron emission by
ion impact onto the cold cathode. Rather high cathode falls have to be maintained
therefore to provide enough feedback electrons. Since the cathode fall region is very
thin (< 0.1mm) and is located at the cathode surface, almost all its energy input is
lost to the cathode due to ion impact, heat conduction and energy exchange. The
cathode fall is given by:

Fig. 1.15 Computed evolution of a glow plasma in a cross flow of 20 m/s in air at 1 bar and 300 K.
Ignition system: 0.275mJ in the breakdown phase with a subsequent glow current decreasing
linearly within 1 ms from 100 mA to zero [7]
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Table 1.2 Erosion rates of brass electrodes by Breakdown, Arc and Glow discharges measured in
air at 300 K and at 1 bar pressure [6]

Device Suppl. Energy Spark Gap Erosion: 10° Erosion: 10° sparks
Egp/mlJ I/mm sparks mass/g mass/g mJ
TCI: Glow, 33 0.5 0.89 10~* 27107
3.4ms, 500V 37 1.0 1.29 10~* 3510°°
41 2.0 1.43 107 3510°°
CDL: weak Arc, 1.6 0.5 0.25 1074 15.6 10-°
100 ps 1.76 1.0 0.32107* 1821076
1.17 2.0 0.29 10~* 24.8 107°
CDL: Arc, 100 278 0.5 467 10~ 168 10~°
wus, 200V 225 1.0 4421074 196 1076
236 2.0 4831074 2041076
Breakdown, Sns, 40 0.5 6.4107* 16 107°
20kV 40 1.0 48107* 12107°
40 4.0 1.3107* 3310°°

U,=3U;In(1+ 1/

which amounts to as much as U, = 400V for typical values of the ionization voltage
of gases (U; = 14.534V for N) and the cathode efficiency I" ~10~*. The cathode
fall depends therefore sensibly on the nature of the gaseous environment and even
more so on surface layers on the cathode surface (I of oxides, soot, hydrocarbons,
etc. instead of the pure cathode material!). Erosion is due to sputtering and erosion
rates are low (see Table 1.2).

Because a glow discharge may last for up to several milliseconds, sensible energy
fractions from the gas can be conducted into the cathode especially under quies-
cent conditions. Hence the glow discharge has the worst energy efficiency of all
discharge modes. But the long discharge duration provides also benefits since the
glow plasma may be transported away from the electrodes by cross-flows forming
a hairpin shaped low loss high surface structure (see Figs. 1.15 and 1.21). If the
voltage along the hairpin becomes larger than the restriking voltage directly across
the electrodes — 2—3kV due to the already existing ionization at the electrodes -
a new short cut channel is formed and the process is repeated as long as sufficient
electric energy is available. This combination of cross-flow and glow discharge can
be utilized very favorably to improve the ignition probability since it generates effec-
tive gap spacings being up to 20-fold higher than the actual geometrical spacing.

1.2.2.5 Energy Transfer Efficiencies

Due to its specific plasma properties each discharge mode can transmit only frac-
tions of the supplied electrical energy into the gas in the spark gap volume (~5mm?
in a standard plug). Since its duration is extremely short the breakdown is not depen-
dent on the gas velocity and the quiescent data in Fig. 1.16 apply in all cases.
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Fig. 1.16 Total energy transferred by the three discharge modes under quiescent conditions. For
discharge intervals < 10us no influences by discharge duration or current level are observed. a:
Breakdown, gap 2 mm; b: Arc, cathode diameter 0.2 mm; c: Arc, c.d. 3 mm, d: Glow, c.d. 0.2 mm;
e: Glow, c.d. 3 mm [11]

However, as discussed above the data for arc and glow show a strong effect
on heat losses to the electrodes under quiescent conditions. Since arc and glow
discharges are carried away by the gas flow in the gap region, the contact time
with electrodes is reduced and hence the associated heat losses. This transport of
the spark plasma by the flow improves significantly the ratio of column voltage to
the sum of cathode and anode falls. Thus the transferable energy fraction to the
gas increases markedly, albeit in a less concentrated form: the longer the discharge
channel the smaller the effective plasma radius. This may be partially compensated
by a better transport efficiency of heat and dissociated species from the axis of the
spark to its surface.

In Fig. 1.17 the energy transfer data under cross flow conditions are presented
approaching maximum values of 50% and 30% at 10-15m/s for the arc and the
glow, respectively. It has to be kept in mind, however, that the total transmitted
energy is by no means a direct measure for the energy being finally available at the
plasma surface. This is determined additionally by the temperature profile and the
geometry of the plasma providing different ignition radii and reactive surfaces (see
Section 1.2.3).

1.2.3 Flame Kernel Formation

Spectroscopically, chemical reactions can be observed already a few ns after spark
onset i.e. already during the always preceding breakdown phase. However, since
the plasma temperatures are still far too high to permit the existence of stable
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Fig. 1.17 Energy transfer efficiencies for arc and glow discharges under cross flow conditions in
air at 300 K, 1 bar and a gap of 1 mm

combustion products - the plasma is dominated by dissociated molecules and excited
or ionized atoms - these reactions occur at the plasma surface. The relatively small
chemical energy of the fuel molecules inside the plasma kernel - compared to plasma
energies per particle - is liberated instantaneously by the discharge and simply adds
to its total energy.

Somewhere at the surface, however, there will always exist situations which
provide most favorable conditions for initiating and supporting self-sustained flame
propagation: sufficiently high temperatures, steep temperature gradients providing
mass and heat transport and influxes of reactive species and radicals (N, O, H, C,
etc.) which may carry many times their thermal energy in form of internal energy
(at 8,000K a heavy plasma particle carries 0.7 eV of thermal energy versus 5 eV
of dissociation energy!). Due to the high nitrogen content in combustible mixtures
with air, early reactions will be dominated by the very energetic N radical forming
species such as NO, NH and CN. Being unstable at lower temperatures these enter
the conventional reaction scheme of hydrocarbons later and transfer their energy
to other species as soon as the spark channel has cooled down to normal flame
temperatures.

Hence reaction kinetics and combustion are started right at the very onset of
the spark. The question is not whether the reactions are initiated by a spark but
will the started reactions become self-sustained when the energetic support by the
spark plasma ceases! This transition occurs at some 10us after spark onset when
species such as OH, CH, C,, CO etc. appear and indicate combustion processes
as in stationary flames. As shown in Fig. 1.18 the plasma expansion velocity has
dropped at & 20us to values lower than the normal flame speed and the existence of
self-sustained flames can be identified by the continued growth of the - initially:
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Fig. 1.18 Temporal evolution of plasma and flame kernels for the discharge modes Breakdown,
Arc and Glow in a stoichiometric CH4-air mixture initially at 300 K, 1 bar and a 1-mm gap. The
weak CDI is used to start the arc and glow discharges

spark kernel - now: flame kernel. The slopes in Fig. 1.18 indicate the same flame
speeds for t>>100us irrespective of the initiating discharge mode. Differences
exist, however, in the size of the reacted volumes: initially larger spark kernels
produce also larger flame kernels and higher amounts of burnt mass at any given time.

To measure flame kernel evolution consistently with adequate temporal and
spatial resolution, simultaneous high speed Schlieren filming along two orthogonal
axes has been proven to be the method of choice. The subsequent contributions
are taken from the extensive and consistent work of Herweg [12, 13] covering
both experimental and modeling aspects. A specially designed pancake type side
chamber with a strong swirl was used to provide arbitrary values for mean flow
U and turbulence levels u’ simply by selecting appropriate spark plug locations.
Propane-air mixtures were chosen to avoid additional effects as incomplete evapo-
ration of fuel droplets or incomplete mixing. For further details see e.g. [13]. The
electrical characteristics of the commercial TCI used in Herweg’s experiments are
given in Fig. 1.19. The linear display clearly shows re-striking due to flow effects:
multiple jumps in the voltage trace. These jumps are caused by the lower restricting
spark voltage of a new spark shortcutting the preceding hairpin structure. The
voltage rise associated with the stretching of the spark channel due to a crossflow
can conveniently be used to measure the momentary flow velocity at the spark plug
location: the rate of increase in the spark voltage is directly proportional to the flow
velocity [14].

Figure 1.20 provides a close-up view on flame kernel evolution in an operating
engine. We notice a smooth spark dominated expansion up to to 200us when the
mean flow begins to push the spark kernel towards the ground electrode. Flame
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Fig. 1.19 Electrical parameters of the TCI at 1,000 rpm as used in the propane-air operated S.I.
engine being referred to in the subsequent figures. Mean cross flow velocity in the spark gap:
12.5m/s [13]

wrinkling starts around 330 ps and by 1 ms the discharge has been moved out of the
gap. A more detailed insight into the important interactions between a spark plasma
and a cross-flow is presented in Fig. 1.21 showing the wide range of transport and
flame wrinkling effects by cross-flows.

Fig. 1.20 High speed Schlieren film of ignition in a propane-air operated S.I. engine, ¢ = 0.77,
TCI, ignition timing 30° bTDC, pancake chamber, 1,500 rpm. Numbers indicate time in ms after
spark onset. 1 ms corresponds to 9° crank angle [13]
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Fig. 1.21 High speed
Schlieren film of ignition in a
Propane-air operated S.I.
engine under different flow
and turbulence conditions,

¢ =1, TCI, 0.5 ms after
spark onset, pancake
chamber. The numbers
indicate the mean flow
velocity at the spark gap. The
corresponding turbulence
intensities are: 1,56; 0.78 and
0.52 m/s, respectively

Figure 1.22 exemplifies that flame kernels in leaner mixtures exhibit a higher
degree of wrinkledness than in stoichiometric ones since the burn rates are lower
than the wrinkling rates due to turbulence. Therefore wrinkles are formed faster
than they can burn out. One notices also that the oldest part of the spark kernel (head
of the cornucopia-like hairpin structure) is reacting fastest because it contains the
accumulated energy of the breakdown, arc and early glow discharge phases. The
“legs” of the hairpin are generated by the late glow discharge alone at low energy
and power levels producing low temperatures and levels of dissociation (i.e. less
reactive conditions).

Nevertheless ignition - especially of lean mixtures - benefits from the continued
late energy supply by a TCI whereas the short CDI spark is unable to create a self-
sustained flame kernel at high flow velocities (see Fig. 1.23).

1.2.4 Flame Kernel Modeling

As shown in the preceding sections, modeling of flame kernel formation requires
a simultaneous treatment of detailed spark physics, chemical kinetics and fluid
dynamic interactions. Since detailed modeling of the spark physics is still under
development, most published models are based on chemical kinetics - often using
only a one step reaction - and the first law of thermodynamics. Fluid dynamic
aspects are included more and more (e.g. [16, 17]) although still in an inadequate



20 R.R. Maly and R. Herweg

'. '. 0.025 ms
'. : '. 0.050ms
5 U

’ _ . 0.075 ms
t L B ] own
ra F,

’ ’ 0.125 ms
° ° 0.250 ms
8 a 0.375 ms
W . 0.500 ms
L 4 0.625 ms

L= A=1.3 A=1.5

Fig. 1.22 High speed Schlieren film of ignition in a propane-air operated S.I. engine, A = 1/¢, TCI,
ignition location near the cylinder walls, ignition timing 10° bTDC, pancake chamber, 1,000 rpm,
part load. Time is in ms after spark onset. 1 ms corresponds to 6° crank angle

way. Turbulence (i.e. u’-effects) are sometimes cared for but rarely is the convec-
tion of the kernel by cross-flows accounted for nor the straining of the developing
flame front. Also the importance of length and time scale effects is often neglected
although it is obvious that the wrinkling of a small spark kernel can be accomplished
only by scales being smaller than the kernel radius and - equally important - in
time scales commensurate to flame kernel speeds. More and more progress is made,
however.

Here we follow the approach of Herweg [15] which includes all important effects
into a consistent model for flame kernel formation. The paper also gives an extensive
literature review and many useful examples of possible treatments of the plasma
physics and the fluid dynamics. The model is based on the thermodynamic system
shown schematically in Fig. 1.24. For simplicity reasons a 1D formulation is used
which, however, may easily be extended into a 3D version. Here only the general
outline will be presented.

Fixing the coordinate system to the center of gravity of the flame kernel, the
enthalpy change of the system is given by the change in internal energy U and the
volume work of expansion:

dHK _ d dh[( dl’l’lK dUu dVK d

P
e he) = m, K amg _db 4dVk oy 9P
dr g e i =mi =g A he == = et p s+ Vie g (LD
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Fig. 1.23 High speed Schlieren film of ignition in a propane-air operated S.1. engine showing the
effect of a TCI (60 mJ, 1.5 ms) and CDI (6 mJ, 0.1 ms) ignition system, A = 1/¢, ignition location
near the cylinder walls, ignition timing 10° bTDC, pan cake chamber, 1,250 rpm, part load. Time
is in ms after spark onset. 1 ms corresponds to 7.5° crank angle

The change in internal energy is given by:

dU dE; dQcp dQwy av
— = — —p — 1.2
dt dt + dt dt Prar 12)

with E,; the effective energy transferred into the plasma, Q. the heat of reaction
and Q,, the sum of all heat losses to electrodes, walls, etc. Since the flame speed
develops on the moving plasma surface of the expanding plasma kernel the effective
mass burn rate will be:

dm d V dv d
K= (/OK x) = Pk dlK + Vk % = Pu Ak (St + SPlasma) ) (13)

dt dt
and the effective expansion rate of the flame kernel:

- ld—p] (1.4)

df'[( 1 dV[( Pu V]( 1 dT](
Tx dt p dt

—=——= —(§ Sarma -
dt Ax dt PK (Si 4 Seia )+AK

Rearranging and reordering results in 3 differential equations to be solved simul-
taneously:
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Fig. 1.24 Schematic of the thermodynamic system used for modeling ignition by a TCI under
engine conditions. Unburned mixture properties: V,, p,, T, pu; flow properties: U, u'; integral
length and integral time scale: L, f,; integral flame kernel length and time scale: Ly, #; flame
kernel properties: Vi, pi, Ty, my; Plasma properties: Vi, ppi, Tpi; Energy terms: Eo, E,, Ecps
energy/mass fluxes: d Hy/dt, dE. /dt, d Q. /dt, d Q. /dt, pdVy/dt, dmy/dt; spark gap, flame
kernel surface, strain rate, plasma speed, turbulent burn rate and wall temperature: dg, Ax, K, Sp;,
S/» Tw

dh hy —h
K = [ b K],Ou AK (St +SPlaxma)

dt Pk Vi
PK VK dt dt PK dt
dVK Pu 1 d,01<
K P f e (S, + Shiasma) = Ve— 2
i ok x (St + Spiasma) K,OK i
(1.6)
Pu 1 dTk 1dp
=—A S S asma V p— = T T,
o & (St + Spiasma) + K[TK 7 b di
dr 1 dv, » V 1 dT, 1d
_K: - _K:p_ (St+SPlasn1a)+_K __K___p (17)
dt Ag dt PK Ag | Tx dt p dt

To provide the required data for the energy terms and the propagation speeds
the following approaches were chosen. The time dependent increase in plasma
energy is the sum of all energy inputs by breakdown, arc and glow phases as
well as the chemical energy of the mixture mass contained inside the plasma
kernel:
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The coefficients 7,, ng account for the low energy transfer efficiency of the arc
and glow and - for the sake of simplicity - also for the fraction of the total energy
actually available in the plasma surface sheath. Since the TCI is predominantly a
glow discharge its time dependent Gaussean temperature profile is calculated by the
heat conduction equation in cylindrical form with the rate of plasma energy supply
as an input:

aTp p P
— = aAT+ —=a AT + ——, (1.8)
at P Cp pcp Ve

oT 0T, oT U@ I(t
PL_ a( pL N P1)+TIB,G @) ()’ (1.9)

ot ar? roor pC,mridy

The plasma speed S,; is derived by differentiating the resulting r(¢) at the point
of inflexion. The heat losses to the electrodes - later also the additional losses to the
combustion chamber walls - are calculated from:

Owv =h Fya [Tx — Twaul, (1.10)

Following Bray [18] the strained turbulent burning velocity is:

S, =18, +2 [Dr W]'/?, (1.11)

The strain [ is calculated for a Lewis number of 1 (typical for practical flames)
based on the principles given by Law [19] to:

S\ '\ s 1 drg
I=1-(—— —) —2—-_-=£ (1.12)
15L S Syrx dt

with the laminar burning velocity data for propane taken from Giilder [20] with the
coefficients S;p =48 cms; o = 1.77; B = —0.2; f =~ 1:

.1Tr]’
S = Si [?J [%} (- fF), (1.13)

The reaction rate W is calculated using a modified BML model [18] to account
for moderate (1 < u’/S; < 10) and low (0 < u’/S; < 1) turbulence conditions
prevailing under engine conditions since the standard formulations (u'/S; —> 00)
for u’/S; proved to be inappropriate. The reduced length and time scales at the kernel
surface are computed from turbulent diffusion predicting as reasonable exponential
correlation coefficients:
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Ly =1L (1 —exp (— %K)) (1.14)

. N\ 172
¢ (U +u’> + S
txk =t |:1 —exp <— t—)] =t |l—exp|— 7 t (1.15)
t

Pulling the expressions together one obtains for the strained, size dependent
turbulent flame speed of a developing flame kernel:
(with flame holder effect at the spark electrodes)

_ 1/2 1/2
Ry [U2 + M/z]
r 1/2
< =lh+1 — 211/2
Si [O2+u?]"" + 8
(1.16)
F\\ 12 t N1 (u\°
- () [ (2] (%
< exp 7 exp ; s,
(without flame holder effect at the spark electrodes)
S T2 12
E’ =Ih+1," (%) (1 —exp (—%))
! e (1.17)

1 ; t 12 7\ 5/6
—exp|—— — .
P I S

where the terms from left to right account for strain, effective turbulence, integral
kernel length scale, integral kernel time scale and for fully developed flame propa-
gation.

Modeling results are presented in Figs. 1.25-1.32 and compared to experimental
results. For all operating conditions: low and high loads, low and high engine speeds
(and flow fields), long and short duration ignition systems (TCI, CDI), low and high
ignition energies and stoichiometric or very lean mixtures an excellent agreement
between model prediction and engine results has been found. This indicates that the
presented flame kernel model captures virtually all relevant conditions occurring in
S.I. engines. From spark onset to about 200 us the flame speed drops from very
high values (plasma supported reactions) to a minimum. This minimum is the result
of the opposing effects of the decaying support by the spark plasma and of the
increasing influences of strain, flow / turbulence and laminar burning velocity. The
influences of the flow field increase with time due to the flame speed dependence
on the effective integral length and time scales controlling size and life time of the
flame kernel. The data corroborate also the importance of including U to account
for the hairpin structure of glow discharges in flows. For radii < 1 mm the flame
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Fig. 1.25 Central ignition. Comparison of modeled (left) and measured (right) flame speeds
versus time of TCI initiated flame kernels in a propane-air operated S.1. engine showing the effect
of engine speed and equivalence ratio (A = 1/¢). High swirl pan cake chamber, ignition timing: 10°
bTDC, engine speeds (top to bottom): 1,250, 1,000, 750, 500, 300 rpm
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Fig. 1.26 Peripheral ignition. Comparison of modeled (left) and measured (right) flame speeds
versus time of TCI initiated flame kernels in a propane-air operated S.I. engine showing the effect
of engine speed and equivalence ratio (A = 1/¢). High swirl pan cake chamber, ignition timing: 10°
bTDC, engine speeds (top to bottom): 1,250, 1,000, 750, 500, 300 rpm
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Fig. 1.27 Central ignition. Comparison of modeled (left) and measured (right) flame speeds
versus kernel radius of TCI initiated flame kernels in a propane-air operated S.I. engine showing
the effect of engine speed and equivalence ratio (A = 1/¢). High swirl pan cake chamber, ignition
timing: 10° bTDC, engine speeds (top to bottom): 1,250, 1,000, 750, 500, 300 rpm
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Fig. 1.28 Peripheral ignition. Comparison of modeled (/eff) and measured (right) flame speeds
versus kernel radius of TCI initiated flame kernels in a propane-air operated S.I. engine showing
the effect of engine speed and equivalence ratio (A = 1/¢). High swirl pan cake chamber, ignition
timing: 10° bTDC, engine speeds (top to bottom): 1,250, 1,000, 750, 500, 300 rpm
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Fig. 1.29 Central ignition. Comparison of modeled (left) and measured (right) flame speeds
versus time of CDI initiated flame kernels in a propane-air operated S.I. engine showing the effect
of engine speed and equivalence ratio (A = 1/¢). High swirl pan cake chamber, ignition timing: 10°
bTDC, engine speeds (top to bottom): 1,250, 1,000, 750, 500, 300 rpm
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Fig. 1.30 Peripheral ignition. Comparison of modeled (leff) and measured (right) flame speeds
versus time of CDI initiated flame kernels in a propane-air operated S.I. engine showing the effect
of engine speed and equivalence ratio (A = 1/¢). High swirl pan cake chamber, ignition timing: 10°
bTDC, engine speeds (top to bottom): 1,250, 1,000, 750, 500, 300 rpm
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Fig. 1.31 Central ignition. Comparison of modeled (left) and measured (right) flame speeds
versus kernel radius of CDI initiated flame kernels in a propane-air operated S.I. engine showing
the effect of engine speed and equivalence ratio (A = 1/¢). High swirl pan cake chamber, ignition
timing: 10° bTDC, engine speeds (top to bottom): 1,250, 1,000, 750, 500, 300 rpm

Flame speed, m/s

4 4
Flame radius, mm Flome radius. mm

Fig. 1.32 Peripheral ignition. Comparison of modeled (leff) and measured (right) flame speeds
versus kernel radius of CDI initiated flame kernels in a propane-air operated S.I. engine showing
the effect of engine speed and equivalence ratio (A = 1/¢). High swirl pan cake chamber, ignition
timing: 10° bTDC, engine speeds (top to bottom): 1,250, 1,000, 750, 500, 300 rpm
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kernel growth is dominated by the properties of the ignition system and its power
input. The flame speed minimum occurs at » &2 mm and is determined by a balance
between S; and the strain rate since turbulence effects are still small. For 2mm <
r < 10 mm the flame kernel acquires the properties of a fully developed flame. It
is important to note that the local conditions at and around the spark gap determine
flame kernel growth not the global ones!

1.2.5 Outlook for Spark Ignition

Increasingly more stringent exhaust emission regulations, the efficient implementa-
tion of which must be guaranteed by on-board-diagnostics and the need to improve
the fuel efficiency still further impose more severe requirements on ignition systems
for conventional well premixed S.I. engines than in the past. There will be a general
demand for a higher performance at lower cost, less weight, less space require-
ments and preferably additional functions. Energy consumption should be minimal
at 100% reliability and ignition probability without a need for maintenance or plug
replacement. The outlook to meet this requirements is good as pointed out in a
recent review by Maly [21]. Ignition systems for GDI engines will have to cope
with incomplete mixing, presence of fuel droplets in the spark gap region and plug
fouling due to soot formation. There is also a demand for higher ignition energies
to meet lean mixture conditions better.

These contradicting demands may be met with new smart ignition systems
exploiting still unused potentials in spark physics, combining at least: 1. specially
designed long life spark plugs, 2. adaptive multiple sparking and 3. ion current
sensing via the spark plug. Tendencies for such developments can be observed
already in the open literature.

The life time of a spark plug may be increased by a: elimination of any arc
phases, b: reduction of the peak currents and the discharge duration, c: diverting
the discharge current to parts of the electrodes where erosion is permissible. The
insert in Fig. 1.33 shows the principle of a long life plug. Small anchor spots (1)
made of materials with high work function and low evaporation rates (e.g. Pt) sit
on electrodes made of materials with inverse properties (e.g. CrNi) and determine
ignition voltage and ignition location.

This combination of materials forces the initial breakdown to occur at the anchor
spots and the subsequent discharge modes to move immediately over to the base
electrode designed to have enough material to sustain continued erosion over the
desired life span of the plug. Conductive deposits on the insulator may be cleaned
by occasional surface sparks over the auxiliary gap (4). The benefits of such a design
are clearly demonstrated in Fig. 1.33.

As shown schematically in Fig. 1.34 a conventional TCI always delivers the
maximum ignition energy although the engine most often does need much less.
If the total energy is split into a number of energy parcels, each delivering the
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Fig. 1.33 Useful plug life with a standard TCI as measured in a vehicle under real road conditions.
a: standard spark plug, b: specially designed long life spark plug. Insert shows schematically a
long life plug design. 1: anchor spots, 2: spark gap, 3: planned erosion areas, 4: auxiliary surface
spark gap for insulator cleaning [21]

minimum energy required for ignition (e.g. 5 mJ) an ignition concept with minimum
weight and volume may be conceived combining minimum erosion with 100%
ignition probability. After delivering the first energy parcel a suitable combustion
sensor performs an inflammation check. If inflammation was unsuccessful another
parcel will be delivered and so on until successful ignition and self-sustained flame

Fig. 1.34 Schematic
voltage-time diagrams for a:
a standard TCI (1) and b: an
adaptive multiple spark
ignition system with
minimum weight/volume and
maximum ignitability. 2:
minimum energy parcel, 3:
ignition sensing, 4:
combustion sensing, knock
sensing, etc. [21]
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Fig. 1.35 Cylinder pressure and ion current signal as measured via the spark plug in a knocking
production type S.I. engine. Ignition timing 15° bTDC. Ion current: around /4, indicating flame
properties, around /,,,, indicating heat release properties [21]

propagation are confirmed. Thus it is guaranteed that each cylinder is individually
ignited according to its specific demands under all operating conditions.

The spark plug itself may be used as a combustion sensor if ion current sensing
is applied. Ion sensing can easily be integrated into a suitable ignition system
providing detailed information on flame propagation and the thermodynamics of
combustion in each cylinder [21-23]. As shown in Fig. 1.35 for a knocking engine,
there is a first ion current peak characterizing ignition, inflammation and flame prop-
agation, and a second peak containing details of thermodynamics and combustion
including knock. The ion signals may be easily and consistently evaluated by
modern electronic control units. Thus future ignition systems may provide multi-
sensing capabilities aside from markedly improved ignition performance at no extra
costs. In the contrary, sophisticated engine control becomes feasible requiring no
extra sensors apart from an appropriate ignition system. It is believed therefore that
the ignition requirements of future S.I. engines regarding reliability, performance
and servicing can be met by new systems exploiting still unused potentials in spark
physics. This will also lead to lower production and operational costs simultane-
ously with improvements in product quality and customer satisfaction.

1.3 Combustion in S.I. Engines

The homogeneous charge gasoline engine presents - at least in principle - the fewest
challenges to understand its combustion process. It has been extensively studied and
much progress has been made in recent years in its theoretical analysis, diagnostics
and its modeling. Therefore, a wealth of information may be found in the literature.
Here we will follow with preference the review of Maly [24] - providing also a
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detailed compilation of relevant literature - and the papers of Weller et al. [25] and
Heel et al. [26] which cover the field consistently. Since flow and mixing of fuel and
air are treated in Chapter 3 of this book, Section 1.3 will address the current status
in S.I. combustion research as a continuation of the flame kernel phase being treated
in Section 1.2.3. Although the charge is not truly perfectly mixed, it is safe to treat
combustion in current S.I. engines as a homogeneous, premixed turbulent flame.
Its properties are different, however, from burner flames due to the high pressure
conditions in an engine and the instationarity of the whole combustion process.

1.3.1 Diagnostics

Since turbulent engine flames propagate under high pressure (O: 1-5 MPa) special
diagnostic tools have been developed to access key features for the analysis of
their properties. The results are used to optimize combustion schemes in trans-
parent engines as well as to derive and validate better models. Aside from conven-
tional visualization by still photos or high resolution movies using schlieren- or
shadow-graphy [27] and standard test bench tools, dedicated non-intrusive laser-
based imaging techniques are now available for measuring flame structure, temper-
atures, concentrations, radicals, flow fields and turbulence.

Cycle resolved flame structures are most easily obtained by Mie scattering from
seeding particles being added to the intake air and a laser sheet technique with a
copper vapor laser [28, 104]. Single images from individual cycles may be recorded
by LIF of fluorescent HC molecules which happen to be present in the fuel [29], or
more reliably, by LIF of oxygen-insensitive dopants e.g. ketones, added to the fuel
[30-32]. Rayleigh measurements are also possible, but require, difficult to satisfy
dust- and particle-free conditions [33]. Flame thickness and integral scales of wrin-
kling are easily retrieved by image processing techniques [34, 35] (see Fig. 1.36).
Fractal analysis has been tried but produce excessive scatter in the data, especially
in single shot applications, and no physical insight. Even in ensemble averaged
measurements neither the postulated inner and outer cutoff scales nor the slope can
be extracted unambiguously.

Direct temperature imaging in engines is still not possible. A 2-line OH-thermo-
metry was proposed [36] but since this method is linked to the presence of OH it
also will not be generally applicable. Indirect means as Rayleigh scattering can be
useful under special conditions [33]. It is the only technique available, however, to
measure - indirectly via density changes - 2D temperature fields in engines [37-39].
Single shot CARS is applicable for temperature and concentration measurements
outside flame fronts but the lacking resolution below 1,000 K and the fact that it is
a point measurement limits its use for engine applications severely.

Concentration of gases and fuel are easily imaged now by LIF techniques. If
the laser is tuned to specific wavelengths, molecules as O, or radicals as OH
[33], [44, 40], NO [37, 39], CH or intermediates as HCOH [41-43] can be readily
measured qualitatively, in some cases also quantitatively. At high pressures as in
engines (p > 10bar) the NO cannot be excited through the flame front with wave-
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Fig. 1.36 Integral length and time scales of flame wrinkling measured in a fired optical S.I. engine.
CR 10:1; propane-air; ¢ = 0.66; quarter load [34, 35]

lengths below 210 nm because of strong absorption by reaction intermediates. Using
a wavelength of 248 nm provides, however, good results under well mixed S.I.
engine conditions. [38, 49].

Due to radiation quenching, absolute LIF data are difficult to obtain, but since
LIF measurements are often used for relative model verification or for the analysis
of relative spatial distributions, this is no general drawback. Used in combination
with additional diagnostics or with models, LIF constitutes a very powerful tool
for practical and theoretical work. In Figs. 1.37 and 1.38 examples are shown of
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Fig. 1.37 LIF images of the OH distribution in a laser sheet through - left to right - a propagating
(p =1),alean (¢ =0.77) and a partially quenched flame ( ¢ = 0.67). 500 rpm, propane-air, quarter
load. Quenching occurs last inside inlets [40, 44]

measured OH as well as NO and simultaneous temperature distributions in engine
combustion.

Flow fields in fired engines are readily measured now by 2D PIV techniques
either single shot [45, 46], cycle resolved using copper vapor lasers by a movie
PIV [47] or even 3D [48]. The cross correlation technique with image shifting is

low high 0K 3000K

Fig. 1.38 Simultaneously single shot measured NO - left side - and temperature distributions - right
side - in an optical S.I. engine operated on propane-air mixtures. Quarter load, 1,000 rpm, ¢ =1,
ignition timing 20° bTDC, measuring timing 8° bTDC [38]
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to be preferred for its significantly higher accuracy and resolution. Thus detailed
information on flow structure, time dependence and scales can be obtained under
realistic conditions even in single shots. These 2D techniques favorably support the
well established point measuring techniques LDV and PDA.

Although some diagnostic tools are still qualitative in nature all necessary instru-
mentation is now available for detailed combustion imaging and analysis especially
if combined with suitable modeling efforts.

1.3.2 Reaction Kinetics

Knowledge in this field and computing power have progressed to a point where
even large detailed kinetics may be used for engine combustion [50-52] so that
reduced mechanisms with questionable accuracy can be avoided. However, although
computing times are still unacceptably long for practical applications, fundamental
studies may be carried out providing a deeper insight into pollutant formation
processes. Detailed reaction mechanisms may be automatically generated for large
molecules so that realistic fuels are becoming tractable [53]. There are many mech-
anisms available in the literature being updated regularly. Good results for NO and
soot calculations have been obtained with the recent mechanisms of Bowman et al.
[54] and Mauss [55].

To shorten computing times the detailed chemistry can be stored in libraries or
tailored to demand by automatic reduction [53]. A promising approach appears to
be the method of Intrinsically Low-Dimensional Manifolds [56, 57], however, little
information is available on how these approaches perform in practical cases. Avail-
able evidence indicates a very limited applicability to engine conditions, difficulties
in treating wide ¢-ranges and very high computing costs. Since detailed chemistry is
predominantly needed for computing formation and depletion of pollutants, simple
or reduced chemistry may readily be used for heat release calculations. An overview
on reduced mechanisms for hydrocarbons can be found in the book of Peters et al.
[58]. An assessment of the applicability of the current reaction kinetics mechanisms
to practical cases is a follows [59]:

o fuels: very well: paraffins, straight, branched and NOx chemistry, good: olefins,
alcohols, fair: oxigenated hydrocarbons, ethers, epoxides, bad: aromatics,

e processes: well theoretically: laminar flames, ignition in shock tubes, flow reac-
tors, static reactors, well practically: detonation, still difficult: pulsed combustion,
turbulent flames, furnaces, burners, combustion in engines.

Aside from the need for fast but accurate kinetic schemes there are more prob-
lems to be solved for gasoline fuel kinetics: extension of the kinetics beyond
C8 molecules, inclusion of olefins and aromatics and methods to handle multi-
component mixtures - containing at least some typical components. On the applica-
tion side, time efficient and accurate models are needed for treating NOx-formation
and -reburn, post flame and exhaust pipe UHC oxidation as well as kinetics of
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additives. Currently available mechanisms ending with Heptane/Octane can be used
with acceptable results, however, until better mechanisms become available.

1.3.3 Turbulent Flame Propagation

In Fig. 1.20 it had been shown that a flame kernel develops a wrinkled surface struc-
ture which becomes the more wrinkled the larger the burned region is growing. The
continuation of this process is presented in Fig. 1.39 showing now a fully developed
propagating engine flame.

In Fig. 1.39 a special technique has been used to force a 2D representation of
flame propagation: the clearance height of the combustion chamber was reduced to
below 1 mm. The results obtained thereby support the commonly accepted picture
of an engine flame as being a very thin discontinuity separating the burned from
the unburned region. The width of this transition zone, i.e. the flame thickness §; of
the flame front is thinner that the smallest turbulence eddies §; < [x where [x =
Kolmogorov scale, so it will not be influenced by turbulence directly. Therefore, the
rate of converting unburned mass into burned mass can be described by the laminar
burning velocity S; which represents the combined effects of all laminar reaction
processes occurring in the flame front (e.g. chemical reactions, transport processes,
etc.). Since normally the characteristic time scale of laminar burning t;, = [/S; =
40 us is much smaller than the characteristic turbulence time t, = L /u’ ~ lms,
with ¢, rotation time for an eddy of the size of the integral length scale L, chemistry
and turbulence effects may be decoupled. Chemistry is treated as being so fast that
propagation of the turbulent flame front is governed by the properties of the flow
field. Due to the temperature increase in the burned region the observable laminar
flame speed is:

Fig. 1.39 Structure of a turbulent flame front measured in a pancake type S.I. engine operated on
80RON gasoline. CR = 10:1, 1,000 rpm, full load, ¢ = 1, ignition timing 14° bTDC. Left frame:
4.8° aTDC, right frame: 5.9° aTDC [42]
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Simple and accepted correlation functions are available for the laminar burning
velocity S; [see e.g. 80] which work well and are extensively used in simplified
engine codes. A compilation of unstrained S; data of many important hydrocarbons
has been provided by Law [60]. In Fig. 1.40 a schematic structure of the turbulent
engine flame front is presented. Relevant engine data have been compiled into
Table 1.3.

The interactions of the turbulent flow field with this laminar flame front are:

e wrinkling (folding by the full or reduced range of eddy sizes),

e straining (lateral stretching of the flame front),

o effective eddy sizes (turbulent scales smaller than the dimension of the flame -
e.g. for flame kernels and for flames approaching a wall - will wrinkle the front,

Table 1.3 Typical values (Orders of Magnitude) of quantities characterizing engine flames [62]

Property Dimension
Turbulence Intensity u’ 2m/s
Turbulent Reynolds Number Re; 300
Damkohler Number Da 20
Karlovitz Stretch Factor K 0.2
Integral Length Scale L 2mm
Taylor Micro Length Scale 108 0.7 mm
Kolmogorov Scale 1x 0.03 mm
Laminar Flame Thickness 81 0.02 mm
Laminar Flame Speed S 0.5m/s
Ratio u’/S; 4

Ratio S,/S; 4

Mean Flame Radius of Curvature 2mm

Length Scale of Flame Wrinkling 2mm
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whereas in the inverse case the larger scales will only convect the front without
modifying its structure),

e curvature (increased / decreased losses at convex / concave sections),

e rate of pressure change dp/dt and

e rate of wrinkling (response time in instationary turbulence) [61].

The incorporation of all these effects into a full 3D formulation of the Navier
Stokes equations in addition to the conservation equations for mass, momentum,
energy and chemical species and its direct solution is still outside the current
computer capacities. Therefore the turbulent flame propagation is generally viewed
as a process propagating proportionally to the flame speed with simplifying assump-
tions about turbulence interactions.

In the simplest case the mean property turbulence intensity «’ is used to charac-
terize the turbulence effects on flame propagation which is quite convenient since it
can be accessed by available measuring techniques so that correlation functions may
be established readily. For thermodynamic purposes and heat release calculations,
correlations of the type:

S "\

T4 ° n ~ 5/6...1for unstrained cases and

S Sy

S, u'\" ) . ..

5 =L |14+ A 5 Iy = strainrate, A ~1...2.5 with straining.
I 1

are widely used and handle practical combustion problems quite satisfactorily. This
is especially true if parameter fitting and/or measured in-cylinder pressure traces are
used in addition. Because of its simplicity it has been used in modeling flame kernel
formation (Section 1.2.4), incorporating the first three effects listed above which
are most important. More complex approaches will be treated in Section 1.3.4. In
Fig. 1.41 an overview of published turbulent burning velocities is presented showing
a very wide spread which is attributed to experimental problems. The flame kernel
model predictions from Section 1.2.4 are included. Since these data have been exten-
sively validated they are considered to be quite reliable. More recent results have
been published by Bradley et al. [63].

1.3.4 Combustion Modeling

The main effort over the past decades was devoted to the development of multidi-
mensional predictive modeling of flow, heat transfer and combustion in reciprocating
engines. Basically, codes were implemented solving the conservation equations
governing the physical processes with suitable numerical procedures to provide
acceptable accuracy under engine conditions. On the numerical side good progress
has been made so that more recently the main focus has shifted towards improving
the modeling of the physics and chemistry. Although the turbulence modeling is
still not satisfactory and it’s improvement is a major topic in its own right, the



1 Spark Ignition and Combustion in Four-Stroke Gasoline Engines 39

15
| == Condition 1 F#
—---- Condition 2

2
s 10
k)
[}
>
o
£
£
]
[
1 -
2 5
€
o
|
~
i=
o
>
a
5
= 0 T T T T [ T L

Turbulence Intensity / Laminar Burning Velocity

Fig. 1.41 Published normalized turbulent burning velocities. The predictions of the flame kernel
model are included as broken curves: Condition 1: U >> §; and I, = 0; Condition 2: U =
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H: Witze and Mendes-Lopez [70], I: Ho and Santavicca [71]

limiting factors in available codes are the combustion models. This applies both to
the conventional ensemble averaged approaches as well as to the emerging LES and
DNS activities. Numerous models are still being proposed awaiting validation under
realistic engine conditions. Therefore, no extensive discussion of all the different
models is in place but rather a more general look into the main issues.

It can be safely said that engine flows can be simulated now quite reliably in
3D ensemble averaged formulations using commercial well validated codes (e.g.
KIVA, STAR-CD, FIRE, etc.). Realistic complex geometries with moving pistons
and valves may be used. The number of grid points required for an acceptable accu-
racy is in the range of < 1 million which still can be handled although computing
times are measured in days rather than hours. It is expected, however, that the
rapid increases in computer performance will reduce these still unattractively huge
running time expenses in the near future.

Mixing in S.I. engines can be handled quite satisfactorily for gaseous components
so that modeling of premixed combustion is in a good shape as is shown in Figs. 1.42
and 1.43. Spray injection and spray combustion for the emerging GDIs, however, are
still in a developmental stage with urgent need for better models for spray formation,
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Fig. 1.42 Measured (top, LIF, acetone tracer in propane/air) and calculated (STAR-CD) fuel distri-
bution in the square piston engine at 45° aTDC in the intake stroke [72, 118]

mixing of sprays and spray combustion. The main issues in modeling S.I. engine
combustion are: combustion models, NO formation / depletion, formation / deple-
tion of unburned hydrocarbons (UHCs) and knocking combustion. Topics which
have seen major changes recently will be addressed below in more detail.

1.3.4.1 Premixed Combustion Models

The existing models fall in three categories: Eddy Break Up (EBU) [74], Thin
Wrinkled Flame (TWF) and Flame Area Evolution (FAE) [118]. In the EBU
class the local burning rate is assumed to be controlled by small scale turbulent

“npllll
i ok

Fig. 1.43 Measured (left, LIF, 50 cycles averaged) and calculated (STAR-CD) flame propagation
in the square piston engine seen through the cylinder wall. Ignition timing: 14° bTDC, Frames
from the top: 11, 8, 5, 2° bTDC, 1,4,7,10,13° aTDC. black: unburned, red: burned [73, 118]
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mixing (mixed is burned) with a characteristic time scale related to the turbulence
dissipation scale. This assumption is incorrect and leads to concave flame shapes
in engines, as shown in Fig. 1.44, in contrast to the correct convex flame front
presented in Fig. 1.43.

For correct near wall behavior the characteristic burn time should not be equated
to the turbulence f; = k/e time but derived from spectral descriptions of turbulence
[75, 76] which account for the change in the spectrum of scales during flame kernel
formation and on approaching a wall.

TWF models [77-79] account properly for the normally thin (of the order of
the Kolmogorov scale) and wrinkled flame structure (see Fig. 1.45), the wrinkling
being responsible for the increased burning rate over a smooth flame burning at
laminar burning velocity. This laminar flamelet assumption has the advantage of
allowing detailed chemistry and flame straining effects to be included economi-
cally. Unfortunately these models assume that the characteristic scale of wrinkling
is proportional to characteristic turbulence scales leading to the same problems as
in EBU modeling.

The more recently developed FAE models [80, 81] share some elements of
the TWF models as the thin flame assumption and the laminar flamelet burning.
The local wrinkled flame area is determined, however, by an evolution equation
allowing incorporation of turbulence effects as well as effects generated by the flame
itself and non-local effects. This type of modeling provides very reasonable results
in simulating combustion in S.I. engines as shown in a recent paper [26] where
combustion modeling was based on the Weller flame wrinkling model [25, 76]. It

Fig. 1.44 Flame evolution in the same S.I. engine and under the same conditions as in Fig. 1.43
as predicted by the standard EBU model, using 7.= t, (characteristic combustion time (turbulence
time) [25]



~

2 R.R. Maly and R. Herweg

averaged flame front contures
of 128 single cycle measurements

Fig. 1.45 Single cycle flame contours in a S.I. engine viewed through the cylinder head. Red:
burned, Black: unburned. Lower Frame: Measured ensemble average over 50 cycle [38]

provides a transport equation for the spatial and temporal evolution of the wrinkling
factor Z. The wrinkling factor is defined by:

A S
A s

where A; and A are the true wrinkled and the smooth projected flame areas,
respectively. This ratio is set equal to the ratio of turbulent to laminar unstrained
burning velocity. In the most general 2-equation Weller model a transport equation
is provided for the spatial and temporal evolution of Z. In the results shown subse-
quently, a simplified 1-equation version was used assuming equilibrium between
the production and destruction of = In this case the local fuel consumption rate is
related to the wrinkling factor by:

QO =p,8E | Vb |

where b is the fuel regress variable (varying from 0 in the unburned to p, in the
burned gases) and p, is the unburned gas density. The equilibrium = distribution is
obtained from the flame speed relation (4b) in the flame kernel model of Herweg in
Section 1.2.4. and the laminar flame speed correlation of Giilder [20].

More recent data on S; can be found in a paper by Bradley et al. [63]. I accounts
for the strain and the exponential terms for the turbulence length and time scale
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effects when the flame kernel (radius rg) and life time are small relative to the
integral turbulent scales L and ¢,. For fully developed flames the exponential terms
tend to 1 and the flame speed ratio becomes:

Si/S; = Lll+ Alu'/S)"] A=1..25n=5/6...1

Sample calculation results from Heel et al. [26] are presented in Figs. 1.46 —
1.48. showing generally a good accuracy when compared to detailed experimental
results from an optically accessible S.I. engine. Mixing and flame propagation data
for the same engine have been shown already in Figs. 1.42 and 1.43, respectively.
In Fig. 1.49 a vertical view into the engine is shown to complement the data given
in Fig. 1.43.

It should be noted that there are alternative wholly theoretically based ways of
modeling these phenomena such as the spectral approach [81] which have also been
successfully used with the 1-equation Weller model [25].

Measurement Calculation
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Fig. 1.47 Measured (Rayleigh scattering images) and computed density fields in the vertical
bisector plane for base conditions [26, 118]. Insert: plane of interest between the two valves and
through the spark plug seen through the cylinderhead of the square piston engine
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Fig. 1.48 Measured (symbols) and computed flame front evolution along the vertical bisector
plane at various engine speeds. M: measured, C: calculated [26]

1.3.5 Pollutants

Apart from the CO, emission, the most critical pollutants in gasoline engines are
NOx and Unburned Hydrocarbons (UHCs).

Although the engine-out emissions can be drastically reduced by the standard
Three Way Catalyst (TWC) in-cylinder measures to reduce the fuel consumption
usually cause higher engine-out NOx levels which must be reduced by a suitable
control of the combustion process. The UHCs need a separate treatment since they
originate predominantly in the cold start / warm-up phase [82, 83] where engine
and catalyst are still cold, mixing is inefficient and aftertreatment is still inactive as
shown in Fig. 1.50.

1.3.5.1 Nitric Oxides (NOx)

In NO modeling for engines it is now widely accepted that both thermal (extended
Zeldovich) and prompt NO must be accounted for, although pure thermal modeling
does provide reasonable results as shown in Fig. 1.51.

The shape of the NO curve is typical for engines operated at low speeds and at
¢ = 1. The NO mass fraction starts to rise around TDC and reaches a maximum
at the cylinder pressure maximum which corresponds to the highest temperatures
in the engine. Subsequently the NO decreases with decreasing temperature until
the temperature has fallen below ~1,800 K where the NO reduction freezes. The
frozen level of NO ~2,500 ppm corresponds reasonably well with the exhaust data
of ~3,000 ppm.

To include pollutant contributions from the flame front and from the burned
gases it is attractive to include combined flamelet and PDF sub-models into multi-
dimensional CFD codes; however, no practical results have been published so far.
Known results indicate:
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Fig. 1.49 Comparison of ensemble-averaged progress variable distribution in the horizontal
bisector plane (seen through the cylinder head of the square piston engine) [27]. Left: LIF measure-
ments, right: simulation [26]

1. prompt mechanisms play a significant role at the lower temperature end, i.e.
below ~1,800 K,

2. fuel chemistry affects NO production, albeit by unknown processes,

. deposits may lead to higher NO levels due to higher charge temperatures,

4. highly turbulence-enhanced combustion produces comparable NO levels as
conventional turbulent combustion.

(O8]

To compute prompt NO requires very detailed kinetic schemes. Good results
have been obtained when using the kinetics of Bowman et al. [54] even for compu-
tations combining thermal and prompt NO formation. In Fig. 1.52 an example is
shown of formation and reduction of NO in the wake of a burning heptane droplet
under simulated engine conditions. Since S.I. engines are not fully premixed (see
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Fig. 1.51 Computed NO mass fraction and cylinder pressure of an operating S.I. engine. 2,000 rpm,
full load, ¢ = 1, ignition timing: 13° bTDC [84, 85]
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Fig. 1.52 Calculated formation and reburning of NO in the wake of a burning 25um heptane
droplet. Cross flow from left to right, droplet at 0:0, simulated engine conditions at the end of
injection, 1% O,. NO is formed in the downstream periphery whereas the NO formed earlier in a
cycle (a, b) is reburned in the rich region near the droplet (b, ¢)

Chapter 1) and may have rich pockets, the incorporation of the prompt mechanisms
appears to be mandatory for predictive NO modeling.

1.3.5.2 Unburned Hydrocarbons (UHC)

Direct numerical simulation [86, 87] has opened up new insights into bulk and wall
quenching of engine flames. The results show that heat losses, curvature, viscous
dissipation and transient dynamics have significant effects especially for small scale
turbulence. Simplified models have been derived for wall quenching [88] facilitating
modeling of UHC from boundary layers in engine codes. Oxidation of UHCs early
in the power stroke can be handled by conventional kinetics, whereas late oxidation
(crevice out-flows, quench layers, burn-out in the exhaust pipe) occurs at such low
temperatures and in a non-premixed oxygen deficient environment where kinetics
are still unreliable or not available yet at all.
Results from engine tests [90-95] indicate for:

e cngine-out emissions:

1. During warm-up over the first 30 s about 75% of the emitted UHCs is unre-
acted fuel dropping to a steady state value of 53% after ~60s.
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2. the main components during warm-up are unburned fuel species and reaction
products consisting of C2-C4 olefins, methane and acetylene,
. the specific reactivity right after cold start is due to unburned fuel,
4. the percentage of C2-C4 olefins with high reactivity, and the specific reactivity
increase as warm-up proceeds although the total UHC decrease drastically.

W

e catalyst-out emissions:

1. before light-off the C2-C4 olefins, after light-off the unburned fuel species
dominate the specific reactivity,

2. hydrocarbons with boiling points lower than the momentary catalyst temper-
ature are hardly present, hydrocarbons with higher boiling points are almost
totally absorbed during catalyst warm-up,

3. after catalyst light-off, hydrocarbons with a higher reactivity are oxidized
more readily. The ranking of the conversion efficiency is: C2-C4 olefins >
alkylbenzenes >> paraffins and benzenes,

4. the equivalence ratio has a significant influence on specific reactivity and mass
of toxic air pollutants.

The current understanding of the mechanisms leading to UHC emissions from
SI engines has been compiled into a complete flow chart presented in Fig. 1.53
clarifying the origins and subsequent processes being responsible for UHC’s from a
warmed-up SI engine. Although most of the mechanisms are not rigidly known yet,
the chart is an extremely useful guide for the needs both in practical and research
work. It is noteworthy that about 9% of the fuel escapes the normal combustion
process and causes a loss of 6% in IMEP! Although these figures may vary some-
what in different engines and at other operating conditions they are generally
supported by other engine work such as, for example:

e in-cylinder measurements of crevice flow and wall layers which are corroborated
by LIF images from an optical engine (see Figs. 1.54 and 1.55),

o fuel absorption-desorption in oil films (see Figs. 1.56 and 1.57),

o effects by piston temperature [94] and exhaust valve leakage [95].

There are also encouraging attempts to model UHC oxidation [97] and effects
of engine design parameters on UHC emission [98]. If calibrated for a single oper-
ating condition, reasonably good results are obtained for other speeds, loads, air-fuel
ratios, EGR rates and spark timings. The model predicts that:

e bore to stroke ratio has a small effect,

e an decrease in displacement per cylinder increases UHC,

e increase in compression ratio or in crevice volume per displacement increases
UHC. These results agree well with the proposed mechanisms in Fig. 1.50.

The post-oxidation of UHCs is a very complex process being not well under-
stood. There is a real need for more theoretical and experimental work in these areas
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Fig. 1.53 Complete flow chart of normal combustion of gasoline fuel and UHC mechanisms.
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Fig. 1.54 LIF images of unburned hydrocarbons. Top (topland crevice outflow): 0, 20, 40° aBDC,
bottom (scraping-off of wall quench layer): 60, 100, 120° aBDC [72]
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Fig. 1.55 LIF images of unburned hydrocarbons from head gasket and piston rings in the square
piston engine. Left: vertical cross section, outflow from the head gasket and the piston ring section
at 40° aBDC, Center and Right, top to bottom: vertical cross section, outflow from the piston ring
section. Frames are taken at indicated degrees bBDC in the expansion storke [96]
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Fig. 1.56 Calculated distribution of absorbed hydrocarbons in the oil layer of a S.I. engine. Top
row: horizontal (4 cm below the cylinder head), bottom row: vertical cross section through the
center of the square piston engine. 1,000 rpm, 2.5 BMEP, ¢ = 1, spark timing 20° bTDC. Left to
right: 100, 110, 120 and 130° aTDC [99]
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Fig. 1.57 Calculated hydrocarbon quantities obtained by integrating over the entire combustion
chamber of the engine. a: evolution of the total mass absorbed in the oil layer, b: total desorbed
mass from the oil layer, ¢: oxidized fraction of the desorbed mass [99]

to provide reliable, physically based sub-models. The predicted desorbed fraction
oxidized in Fig. 1.57 is too high (=75%) when compared to the 30% being esti-
mated on the basis of measured engine data. Nevertheless the crude model used
for simulating the contribution from oil layers [99] provides at least some insight
into the spatial distribution and a rough estimate on the temporal evolution of UHC
sources.

1.3.5.3 Fuel Effects

Generally there is little effect of the fuel type on heat release in engines if differences
in heat of evaporation, heat of combustion, ignition delay and burning velocities
are balanced out by operating conditions of the engine. However, there is a direct
effect on pollutant formation and emissions: The fuel properties (structural and
compositional characteristics) are still not integrated into the optimization process
of engine performance. Ideally, for optimum performance, engine and fuel must be
co-optimized simultaneously as a single system. The pressure on reducing pollutants
has stimulated practical work in this area prompting also joint approaches in the US
and European Auto-Oil programs.

Results from this work indicate that the major components in engine-out emis-
sions are linearly related to the concentrations in the fuel, only the minor fractions
arise from partially combusted fuel components. There is an effect of fuel structure
on combustion chemistry but only a minor effect arising from the engine design.
Although results are not always consistent, in summary, the fuel effects on vehicle
emissions are:
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e UHC is reduced by: an addition of MTBE, a reduction of the aromatic content or
a reduction in T90. The UHC increase if the olefin fraction is increased,

e CO is reduced by: an addition of MTBE or a reduction in the aromatics content,

e NO is reduced by: an addition of MTBE or a decrease in the olefin or aromatic
content. It increases if T90 is lowered or toluene is added. Deposits increase NO
because they cause higher charge temperatures.

The ambient temperature during the test also affects the results. The percentage
increase between 25°C and —7°C for the whole FTP cycle and for the cold transient
portion alone are [100]:

HC/% CO/% NOx/% CO»/%

FTP Cycle 286 396 16 10
Cold Transient 411 590 34 14

The relative contribution of the first cold transient phase to the whole FTP cycle
is even more dominant at lower temperatures:

HC/% CO/% NOx/% CO2/%

-7° 87 88 48 22
25° 68 65 44 21

The specific ozone reactivity (SOR), a major concern in atmospheric chem-
istry, is influenced strongly by the composition of the fuel since aromatics and
olefins constitute about 80% of the SOR with aromatics arising predominantly from
unreacted fuel. The engine-out SOR is higher than for the unreacted fuel and may
be reduced by lowering T90 and the amount of aromatics and olefins in the fuel.

No detailed knowledge is yet available about the specific processes causing these
changes but they are obviously more affected by design and operational charac-
teristics of the vehicle than by differences in fuel composition. Nevertheless fuel
structure and composition affect the formation of pollutants to a significant degree
so there is an urgent need to clarify the details.

1.3.6 Knocking Combustion

Knock, an irregular combustion feature, limits the maximum compression ratio and
hence the efficiency of the engine. It is promoted by end-gas temperature, fuel
structures with long chains and residuals carried over from previous cycles. Knock
is a complex interaction of auto-igniting exothermic centers and their mutual fluid
dynamic responses in the inhomogeneous end-gas.

The auto-ignition part is extensively treated and modeled in the literature, and is
well understood [53, 101-103]. The low temperature chemistry (< 900 K) is started
by the RO2 isomeration processes producing OH radicals by QOOH decomposition
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consuming some fuel and liberating some heat at low rates. Thus slowly a radical
pool is built up leading eventually to hot ignition as soon as temperatures above
900K are reached. This process may exhibit a distinct two-stage ignition behavior
and a negative temperature coefficient (NTC) region in the overall reaction. The
effect of additives is by way of influencing the OH radical pool: additives increasing
the OH production accelerate hot ignition, while additives which remove OH inhibit
it. Thus Anti-Knocks (i.e. Anti-Auto-Ignitions) can act either by retarding low
temperature oxidation and chain branching or by inhibiting the high temperature
HO,-dominated hot ignition. MTBE and ETBE act in both regimes. In binary
mixtures the olefins may act in the low temperature region as radical scavengers and
retard the activities of paraffin’s, whereas the paraffin may act as a radical scavenger
in the NTC region and retard the activity of olefins. Experimental high pressure
data on mixtures are becoming available more and more so it can be expected that
realistic fuels may soon be modeled.

This chemically based model does not explain, however, origin, strength or vari-
ability of the pressure waves in knocking combustion nor the reasons for material
damage associated with it. The pressure signals, commonly used as indicators for
knock intensity, correlate only very poorly with end-gas temperature - although
this should be the prime controlling parameter - and even less so with the mass
of unburned fuel at onset of auto-ignition [104]. The reasons have been clarified
in recent studies by the fluid dynamic part following auto-ignition [42, 105, 106]:
contrary to general assumptions, auto-ignition occurs not uniformly throughout the
end-gas region but in localized spots embedded in the inhomogeneous end-gas - in
exothermic centers - with specific induction (time to ignition) and excitation times
(time of heat release) [107—109]. These centers arise from incomplete mixing and
constitute temperature and/or compositional heterogeneities. Transition from auto-
ignition into knock is controlled by the properties of these exothermic centers: size,
gradients and spatial distribution in the end-gas [42].

In Figs. 1.58 and 1.59 the transition of low to high temperature chemistry
in the end-gas is shown by the formation and disappearance of formaldehyde.
The reactions start irregularly in the inhomogeneous end-gas but approach an
apparent “homogeneous” concentration (not temperature!) distribution in the nega-
tive temperature coefficient (NTC) region since the production rate of centers with
lower initial temperature may exceed those being already in the NTC region.

Depending on local conditions, some exothermic centers may transit into the
hot ignition regime as visualized by the burn-out of the formaldehyde. In Fig. 1.60
data from simultaneous LIF and ultra-high speed schlieren reveal the spatial and
temporal evolution of exothermic centers into a spectrum of slow and fast burning
centers each showing an individual behavior. In summary there are three different
modes of knocking combustion [42, 106]:

e deflagation, the most common mode being characterized by small exothermic
centers, steep gradients and very weak pressure oscillations. After hot ignition
flame propagation is similar to normal flame propagation without causing any
knock damage,
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Fig. 1.58 Sequence of LIF images of formaldehyde (green color) formed in the end-gas of a
S.I. engine during transition from normal (blue color) to knocking combustion showing end-
gas inhomogeneity and formation of exothermic centers. Sequence (left to right, top to bottom,
timing in degrees aTDC): 2°: random beginning of cool flame reactions producing HCOH, 4°:
spot-wise formation of HCOH (= endgas inhomogeneity), 7°: apparently “homogeneous” HCOH-
distribution in the NTC regime, and 9°: formation of hot flames (burning up HCOH) at exothermic
center ETC [72]

Fig. 1.59 Simultaneously recorded LIF (left) and Schlieren (right) graphs of formaldehyde. The
LIF image shows the formaldehyde concentration formed in the cool flame regime (green) and its
burnout in exothermic centers. The schlieren image shows the associated density and/or tempera-
ture changes [72]
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Fig. 1.60 Evaluated ultra-high speed schlieren movie (750.000 fps) showing spot-wise forma-
tion of exothermic centers (ETCs) in the endgas. Most centers (e.g. B) develop into deflagrations
whereas the lower right hand side of A transits into a developing detonation. Note the random
distribution of ETCs and the pushing back of the regular flame front by the fast pressure rise in the
endgas [73]

o thermal explosion, being characterized by large centers with flat gradients. Pres-
sure oscillations are moderate and knock damage is very light if any at all.

e developing detonation, the most violent mode occuring rarely but causing intense
pressure oscillations and rapid surface damage to materials. It is characterized
by medium sized centers having critical intermediate gradients which support
the gradual growth of strong pressure waves. This mode is detrimental to the
engine.

In practice all modes are present simultaneously. During the short excitation
time they emit pressure waves which heat surrounding exothermic centers and thus
shorten their induction time drastically. In consequence initially mild knock modes
may drive other centers into a developing detonation mode directly or by a sort of
avalanche effect depending on the statistical temporal and spatial distribution of the
exothermic centers in the end-gas. Thus auto-ignition is controlled by temperature,
but engine knock and its intensity is controlled by the properties, distribution and
fluid dynamic interactions of the exothermic centers in the end-gas. They in turn are
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consequences of preceding mixing processes between residual exhaust, fuel, air as
well as cold and hot gases due to heat transferred from chamber walls and valves.
The developing detonation mode of knock is associated with very high rates of heat
transfer (> 100 MW/m?) to the walls causing thermo-shock (A Tsurface > 150K)
which is the prime cause for knock damage. In crevices (e.g. topland region)
pressure piling occurs which under special circumstances may lead to excessive
mechanical wall loadings causing also knock damage in combination with high heat
transfer rates.

This combined auto-ignition and fluid dynamic description of knock explains
consistently all features known in knocking combustion. All relevant processes are
understood and can be modeled satisfactorily. There is a need, however, for reducing
the sub-models for detailed chemistry and pressure wave interactions so they can be
incorporated time efficiently in 3D engine codes.

1.3.7 Outlook

The Gasoline engine of the future will most probably be somewhat different from
the engine we know today. The pressing needs to reduce fuel consumption and
emissions to ever lower values, are stimulating new, more sophisticated approaches.
Since there are several options available it is not clear how these engines will
look like. Emerging, very interesting approaches are: GDI and concepts using
downsizing, homogeneous lean burn and/or variable valve timing. They have in
common that they improve the part load fuel efficiency and need dedicated engine
control systems. In combustion the crucial issues remain fuel injection and fuel-air
mixing - a field with a serious lack of physical-chemical based models - a fact being
well known from Diesel engines - and exhaust aftertreatment. Subsequently a brief
outlook on these key issues will be given.

1.3.7.1 Spray Combustion

Whereas the numerical aspects of spray modeling are relatively well developed,
serious deficiencies exist in modeling the atomization of fuels and the fluid dynamic
interactions of sprays with the cylinder charge. The most widely accepted atom-
ization mechanism assumes that liquid fuel is issued from the nozzle as a liquid
jet on whose surface instability waves form being amplified and eventually broken
up by aerodynamic forces caused by the high relative velocity between liquid and
gas. Penetration lengths may be predicted reasonably well whereas droplet sizes
are still in poor agreement. Recent studies show, however, that the fuel is already
disintegrated when it leaves the nozzle hole. This is assumed to be due to cavitation
inside the nozzle. Therefore there is a need for better spray models.

Nevertheless the current models may be used - with caution - to promote progress
in spray combustion research. As an example in Fig. 1.61 a typical result of simu-
lating Diesel combustion with a modified KIVA 1II code is shown. The qualitative
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Fig. 1.61 Measured (left, 2D 2color method) and calculated (right, KIVA II) soot radiation in a
modern Diesel engine [110]

agreement with experimental data is acceptably good and similar results should be
expected for Gasoline injection.

However, a replacement of the current spray modeling by improved models is
required before an acceptable performance can be expected. To assist in this effort
new approaches are necessary to provide a better basis for model development.
Since predictive spray models have to be rigidly based on the relevant physics
and chemistry there is a still unresolved trade-off between the degree of rigidity
needed and the computing resources required to provide it. Different attempts exist
in the literature to reduce the problems in spray combustion to various degrees of
simplification. A very promising approach is the group combustion concept being
briefly presented here.

Group Combustion Model for Soot and NO Formation

The group combustion model [111] addresses the specific problems in reactive
sprays - the interactions of droplets with each other and the gas which have a direct
impact on self-ignition, partially premixed and diffusive combustion and, most
important, on pollutant formation as NO, and soot. It provides the necessary insight
into the controlling processes needed for deriving improved modeling schemes for
future engines. The group combustion concept is based on the following principles:

1. The space and time dependent characteristics of the real spray with its hundreds
of millions of droplets is replaced by a small representative droplet group (e.g.
20 droplets). This group represents the droplet size distribution, the spatial distri-
bution of the droplets and the interactions with the complex flow field at any
location of interest in the spray plume.

2. The complex flow field around and inside a spray is replaced by a local single
mean flow vector and an appropriate turbulence intensity which is feasible for
a small group of e.g. 20 droplets having a characteristic group size of only 0.2—
0.5 mm under engine conditios.
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3. Heat transfer to and evaporation of each individual droplet are calculated by
detailed physics. General transport equations are used both for the liquid and the
gas phase which are solved simultaneously.

4. Reactions in the gas phase are treated in two ways: for overview runs a fast
one step global chemistry is used for ignition and heat release. For detailed
calculations the CHEMKIN [112] code and a modified Heptane kinetic code
[55, 113], [114] are applied. The kinetic has been adapted to handle pressures of
up to 100 bar [115] and the NO production / depletion by prompt and thermal
processes [54].

In Fig. 1.62 a schematic representation of a group combustion model is shown.
The interactions within the group are first computed in stage A using a 3D model
with detailed droplet properties (variable sizes, locations, speeds and composi-
tion), detailed fluid dynamics, detailed droplet heating and evaporation using a one
step global chemistry for ignition and combustion [113]. Combustion and pollu-
tant formation are calculated then in stage B by a 1D single droplet model with
detailed reaction kinetics to provide combustion and pollutant specifics with initial
conditions provided by stage A. Details of the model may be found elsewhere
[111], [116].

In Fig. 1.63 model predictions are presented showing that temperatures in a
droplet group may vary over wide ranges depending both on time and location in
the spray and hence evaporation and combustion are heavily depending on the local
conditions. Ignition starts in the wake of the droplet cluster slightly on the lean
side where evaporated fuel had the longest time to react. The different inertia of the
droplets rapidly leads to a disintegration of the initial droplet structure and gener-
ates a complex distribution of the fuel vapor. Therefore widely varying individual
conditions for pollutant formation exist at each location in the spray.

Representative Representative
3D-Droplet Group 1D-Droplet
Interactions: Interactions:
Detailed Flow Field, Adapted Flow Field
Detailed Droplet Physics Detailed Droplet Physics
Global Chemistry Detailed Chemistry

NO and Soot
Calculation

Fig. 1.62 Concept of the group combustion model [116]
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Fig. 1.63 Calculated 3D temperature distribution within a group of 10 different heptane droplets
(6 x 15,3 x 20 and 30 um) at 0, 0.2, 0.3 and 0.4 ms after injection. Initial droplet velocity: 5 m/s
right to left, incoming gas flow: 1.25 m/s left to right [111]

The widely different local combustion conditions can provide quite attractive
features as shown in Fig. 1.64 where the rich mixture region behind a burning
heptane droplet can provide reburning of the NO having been formed earlier in
combustion. The figure shows that on approaching the droplet from the right hand
side the assumed background level of 2,000 ppm NO is first reduced to NO, (near
0.01 cm), then new thermal NO is form around the peak temperature region and
then all NO is fully reduced very close to the droplet surface and temperatures
below about 1,800 K. The same kinetics has been applied successfully also to new
denoxing schemes [116, 117]. Since, at present, insights into such details of combus-
tion and pollutant formation can not be gained by other means making the group
combustion highly attractive for fundamental studies and derivation of improved
spray sub-models.
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Fig. 1.64 Computed NO reburning in the wake of a 25 wm heptane droplet in a gas environment
with 2000 ppm NO. Engine conditions with 1%0,. Air flow: 5 m/s left to right. The droplet is at
the origin

1.3.7.2 Exhaust Aftertreatment

The current most promising approach to reduce the engine-out NOx emissions of
future lean burn concepts is the NOx storage catalyst [116, 117]. NOx is adsorbed
during the normal lean operation of the engine which is subsequently reduced by a
short rich phase. Fresh catalysts show highly attractive conversion efficiencies above
90%. However, its practical application requires a drastic reduction of the fuel sulfur
at least below 10 ppm and an improvement of the thermal durability of the catalyst.
It is believed that these problems will be overcome by joint efforts of car, catalyst
and oil industry so very clean and fuel efficient engines can be realized in the future.
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Chapter 2
Flow, Mixture Preparation and Combustion
in Direct-Injection Two-Stroke Gasoline Engines

Todd D. Fansler and Michael C. Drake

2.1 Attractions and Challenges of Two-Stroke Engines

In the mid-1980’s, two-stroke-cycle gasoline engines featuring direct injection
(DI) of fuel into the combustion chamber began to receive attention worldwide
as passenger-car powerplants [1, 2, 3, 4, 5, 6]. This intense interest came despite
the fact that emissions regulations and customer-acceptance issues (e.g., poor fuel
economy, smoky and malodorous exhaust, and the need to mix lubricating oil with
the fuel) had driven carbureted two-stroke-powered Saab and Suzuki vehicles from
the North American and Western European markets in the late 1960’s. Automotive
two-strokes also suffered from the unsavory reputation of the East German Trabant
and Wartburg vehicles, whose engines survived largely unchanged for fifty years
[7]. In the mid-1990’s automotive two-stroke engine efforts waned in North America
[8, 9, 10, 11], while development continued for a while in Europe [12, 13, 14, 15]
and Australia [16]. However, DI two-stroke (DI2S) engines have been introduced
commercially for recreational marine engines [17, 18, 19, 20], motorcycles [21], and
personal watercraft [19, 22, 23], and they are under development for scooters [24]
and snowmobiles [25]. A DI retrofit kit has also been developed to reduce excessive
exhaust emissions and fuel consumption by carbureted 2S engines on light vehicles
such as auto-rickshaws in Southeast Asia [26]. Research on DI2S engines continues,
with emphasis on emissions mechanisms and control (e.g., [27, 28, 29]).

In this chapter, we first discuss the attractions of DI2S engines and then delineate
the major development challenges. The bulk of the chapter describes the systematic
application of optical and other diagnostic techniques to address these challenges
and summarizes the resulting insights.

The primary attractions of two-stroke engines are their excellent specific power,
comparatively simple design, and low cost. Compared to a four-stroke-cycle engine
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of the same displacement and combustion stability, two-stroke-cycle engines can
provide substantially more output power and smoother operation because they fire
twice as often (i.e., once per crankshaft revolution).! Alternatively, for a given
output, a two-stroke engine can be substantially smaller and lighter than its four-
stroke counterpart (hence their popularity in motorcycles and snowmobiles as
well as in power tools such as chain saws, weed cutters and snow throwers).
Smaller, lighter power plants are also attractive for automobiles as fuel-economy and
exhaust-emissions requirements become increasingly stringent and as aerodynamics
and aesthetics make lower hoodlines desirable. Engines of the type discussed in this
chapter — ported two-stroke engines with crankcase-compression scavenging — offer
additional advantages of reduced light-load pumping losses, mechanical simplicity,
and lower friction compared to conventional four-stroke spark-ignition (SI) engines.
The last two advantages result from operation without the usual overhead-valve and
lubrication hardware (a small amount of lubricating oil is atomized into the intake
air, avoiding the need for a conventional oil pump and oil-control piston rings). The
dry-sump lubrication also allows the engine to be mounted in any orientation.

To provide a rationale for the studies summarized in this chapter, we first
describe key differences between direct-injection two-stroke engines and conven-
tional premixed-charge two- and four-stroke SI engines in terms of flow, mixture
preparation and combustion. For details on premixed-charge two-stroke engines,
see general engine texts (e.g., [30, 31]), Blair’s two-stroke treatises [32, 33] and
Heywood and Sher’s book [34]; for details on conventional premixed-charge four-
stroke engines (see [30, 31] and Chap. 1 of this volume).

Scavenging is the term used (particularly in the context of two-stroke engines)
for the gas-exchange process that removes combustion products from the cylinder
and brings in fresh air (or air and fuel in premixed-charge engines). Scavenging
is important in all internal-combustion (IC) engines, but it is especially critical in
two-stroke engines of the type discussed here because they require this gas exchange
to be accomplished without the aid of overhead valves and in roughly half the time
available in a four-stroke engine operating at the same speed.”

Figure 2.1 shows a schematic of a two-stroke engine with crankcase-compression
scavenging. As the piston rises toward its top-dead-center (TDC) position to
compress the charge in the cylinder (Fig. 2.1a), the volume of the crankcase
increases (each cylinder has a separate, sealed compartment). The reduced crankcase
pressure allows a set of reed valves to open, and fresh air (or air and fuel) is drawn
into the crankcase. As the piston passes through TDC during combustion (Fig.
2.1b), the reed valves close, and the descending piston compresses the air trapped
in the crankcase. (Typical crankcase compression ratios are only about 1.3-1.5,

I The factor-of-two advantage that one might expect at first glance is not achieved in practice
for several reasons, including the lower effective compression ratio at which two-stroke engines
typically operate [32, 34].

2 Intake and exhaust tuning effects are very important in two-stroke engines at high speeds and
loads and in multicylinder configurations [32, 34], but will not be discussed here.
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Fig. 2.1 Schematic diagram illustrating the scavenging process in a crankcase-compression two-
stroke engine

which is why these engines have lower light-load pumping losses than four-stroke
SI engines.) As the piston descends past the top of the exhaust port (Fig. 2.1c¢),
typically around mid-stroke, the hot cylinder gases blow down into the exhaust port.
Shortly thereafter, the compressed gas in the crankcase flows into the cylinder as the
descending piston uncovers the transfer ports that are arrayed around the bottom of
the cylinder. The transfer ports are usually designed to induce a looping flow, as
sketched in Fig. 2.1d. As the piston ascends after bottom-dead-center (BDC), it
covers first the transfer ports and finally the exhaust port, after which the charge in
the cylinder undergoes compression, ignition, combustion and expansion.
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Even with careful transfer-port design, the scavenging process is generally less
effective in crankcase-compression two-stroke engines than in four-stroke engines.
Four principal factors contribute: (1) Some of the incoming air (or air and fuel,
if the engine is operated on a premixed charge) is short-circuited directly to the
exhaust port. (2) The gases from the crankcase typically enter the cylinder as highly
transient, near-sonic jets which can strongly mix the incoming and residual gases.
(3) The incoming jet flows may interact unstably with each other and with the
chamber surfaces. (4) At part load, too little air is admitted to the crankcase to
remove all the cylinder contents, so that the engine necessarily operates with a high
residual fraction (sometimes >50%) except at heavy load.? In turn, these factors
lead to a number of problems. (1) If the engine operates with a premixed charge
(e.g., a carbureted 2S engine), so that the air and fuel both enter the cylinder together
from the crankcase, substantial amounts of fuel will short-circuit directly to the
exhaust, increasing fuel consumption and producing high unburned-hydrocarbon
(HC) emissions and smoke. As much as a third of the inducted fuel can escape to
the exhaust in this way. (2) Mixing of incoming gases with the cylinder contents
exacerbates the effects of short-circuiting. (3) Flow instabilities can be a source of
cycle-to-cycle variation in the composition and spatial distribution of the cylinder
contents and hence a source of cycle-to-cycle variation in combustion and emis-
sions. (4) Dilution of the fuel-air mixture by the intrinsically high residual fraction
can lead to very poor combustion stability at part load (including “four-stroking,” in
which firing and misfiring cycles alternate). Note also that the scavenging process in
a crankcase-compression two-stroke engine does not scale even roughly with engine
speed,* unlike the piston-driven gas-exchange process in four-stroke-cycle engines.

Short circuiting of fuel to the exhaust can be eliminated almost completely’ by
scavenging the engine with air alone and by directly injecting the fuel into the
combustion chamber sufficiently late in the cycle so that no fuel can escape before
the exhaust port is closed off by the piston [24, 32]. This leads to major reductions
in fuel consumption, smoke, and engine-out HC emissions compared to premixed-
charge two-stroke engines, and is the major reason for the revival of interest in DI2S
engines. Furthermore, direct fuel injection permits stratified-charge operation at part
load, in which the fuel is concentrated to form an ignitable cloud near the spark plug
even when the quantity of fuel per cycle is so small that a homogeneous fuel-air-
residual mixture would be beyond the dilute ignition limit. In the two-stroke context,

3 Throttling a crankcase-compression two-stroke engine reduces the amount of air that is admitted
to the crankcase and hence that is available to scavenge the cylinder, but throttling only slightly
affects the density and hence the mass of the gas that is trapped in the cylinder when all the
ports have been covered. Thus throttling primarily alters the residual fraction (and the amount
of incoming fuel in a premixed-charge engine).

4 This need not be an issue if the two-stroke engine is externally scavenged with a blower driven
from the crankshaft. Blower-driven scavenging also permits use of a conventional one-piece
crankshaft and wet-sump lubrication.

5 Short circuiting can contribute substantially to DI2S engine-out HCs at the heaviest loads where
(as discussed momentarily) injection must be advanced substantially [35].
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stratified-charge operation is attractive for three principal reasons: (1) it permits
stable operation across the speed-load range (including idle) with load controlled by
the quantity of injected fuel rather than by throttling, (2) it permits operation under
highly diluted conditions that reduce NOx formation by reducing peak temperatures
[35], and (3) it lowers hydrocarbon emissions by reducing or eliminating the need
to overfuel the engine for the first cycle (or first few cycles) of a cold start.

But stratified-charge combustion, whether in two-stroke or-four-stroke engines,
brings its own problems. Over eighty years ago, Ricardo [35] remarked that:

working with a stratified charge . . . is possible and the high efficiency theoretically obtain-
able from it can be approached. The worst feature about it is that, if not just right, it may
be very wrong; a small change in form or dimension may upset the whole system. (italics
added)

In Ricardo’s day, engine developers were primarily concerned about part-load
efficiency, combustion stability, and full-load performance. Today, stringent emis-
sions regulations make stratified-charge operation even more challenging (see
Chap. 3 and [37, 38]). Stratified-charge SI engines are generically susceptible to
excessive HC emissions at light load (thought to be caused primarily by fuel-air
mixture on the periphery of the injected fuel cloud that is too lean to burn®) and
to high NOx emissions (because some fraction of the stratified charge burns at
the stoichiometric air-fuel ratio that maximizes the local temperature and hence
NOx production). In-cylinder control of HC and NOx formation is especially crit-
ical in stratified-charge engines because their lean, low-temperature exhaust makes
catalytic after-treatment more difficult.

Furthermore, the wide speed-load range imposed by vehicle driving schedules
poses problems of combustion control that are considerably more complex for
stratified-charge SI engines in general, and for DI2S engines in particular, than
they are for more conventional four-stroke premixed-charge engines. At light load,
late injection is needed to concentrate the fuel in a burnable cloud around the igni-
tion site, as already mentioned. At full load, where output power is limited by the
engine’s air throughput capacity, the engine needs to operate with a uniform stoi-
chiometric or slightly rich mixture, which requires as much mixing time as possible
between fuel injection and ignition. The basic strategy adopted in the experimental
program described in this chapter was to vary the charge stratification continu-
ously with load between these extremes. Recent direct-injection four-stroke DI4S
engines take a different approach, operating in either highly stratified or homoge-
neous modes, with the latter including a region of homogeneous lean operation at
intermediate loads [37, 39, 40, 41, 42].

In this chapter, we focus on part-load, stratified-charge DI2S operation. The prin-
cipal challenges for flow, mixture preparation and combustion are then to:

6 By contrast, in premixed-charge four-stroke engines (see chapter 1), the dominant HC emissions
mechanism is the storage and release of fuel trapped in combustion-chamber crevices, in particular
the piston top-ring-land crevice [30].
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1. Scavenge the engine with maximum efficiency and minimum cyclic variation.

2. Control the fuel spray and its interaction with the piston and combustion-
chamber surfaces and with the in-cylinder air motion to produce a readily
ignitable fuel-air-residual mixture at the spark gap every cycle, while minimizing
the wetting of combustion-chamber surfaces with fuel, which can produce partic-
ulate emissions [43].

3. Optimize combustion by burning the stratified mixture as completely as possible
in order to minimize HC emissions and with optimal phasing relative to piston
motion in order to maximize fuel economy.

4. Minimize NOx production primarily by reducing the flame temperature using
the maximum charge dilution by residual gases that is consistent with stable
combustion and acceptable HC emissions.’

The sensitivity of stratified-charge combustion to small perturbations (particu-
larly in mixture composition at ignition, which will be illustrated in Sect. 2.5.8.1)
imposes performance and emissions penalties if these conditions are not met for
every engine cycle. This is considerably more difficult than optimizing the multi-
cycle average operation. Furthermore, speed-load transients require carefully
controlled transitions in charge stratification and residual-gas content. Except for
the first item listed, these same challenges confront four-stroke DI stratified-charge
engines, which have once again become the focus of intense development activity
(see Chap. 3) and, unlike their prototype predecessors [36, 44, 45, 46, 47, 48], have
gone into commercial production [39, 40, 41, 42, 49, 50, 51, 52].

In the remainder of this chapter, we describe a series of primarily laser-based
measurements that address these issues and summarize the resulting insights. Specif-
ically, we discuss the application of the following techniques:

Laser-Doppler velocimetry (LDV)

Exciplex laser-induced fluorescence (LIF) imaging of liquid and vapor fuel
High-speed planar Mie scattering imaging

High-speed spectrally resolved imaging of combustion luminosity

LIF of commercial gasoline and of isooctane doped with fluorescent markers
Heat-release analysis of cylinder-pressure data

Individual-cycle exhaust hydrocarbon (HC) emission measurements using a fast-
response flame-ionization detector

8. LIF imaging of NO together with conventional engine-out NOx concentration
measurements.

NonAE DD -

These experiments were performed in a series of optically accessible research
engines that operated progressively more realistically and that also reflected progress

7 In automotive applications, in-cylinder NO formation tends to be intrinsically lower in a two-
stroke engine because, for a given vehicle power requirement, it operates at roughly half the engine
load as its four-stroke counterpart, and NO formation is a strongly non-linear function of tempera-
ture and hence of engine load [35].
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in the development of experimental three-cylinder and V6 DI2S engines intended
for passenger-car application.

2.2 Optical Two-Stroke Research Engines

Over the course of several years, GM’s two-stroke engine program was directed first
towards development of a three-cylinder engine for compact passenger cars and later
towards development of a V6 engine (Fig. 2.2) as an enhanced-performance option
(220 brake horsepower at 5600 rpm) for a mid-size sports sedan. Combustion-
chamber design, fuel-injection systems and porting all underwent substantial evolu-
tion during the course of the program.

As is often the case in development programs, the optical research engines did not
always fully reflect the current state of the developmental hardware. This situation
was due both to hardware availability and to the need to provide optical access to the
cylinder, which requires additional design and fabrication effort and which always
entails some compromise in terms of engine geometry and operation.

The first optical engine to be discussed here (Fig. 2.3) operated only under
motored conditions with highly simplified cylinder heads mounted on a commer-
cially available three-cylinder two-stroke crankcase and block whose “Schniirle”
porting arrangement [32, 53] was similar to that used in the early stages of the three-
cylinder engine development effort. For LDV measurements of scavenging flows
(Sect. 2.3), whose primary emphasis was on the flows entering the cylinder and the
formation of the characteristic scavenging loop pattern (sketched in Fig. 2.1), the
combustion-chamber geometry was simplified to a right circular cylinder with a flat
piston crown and a flat quartz window as the cylinder head (Fig. 2.3a). Backscatter
LDV through this window permitted all three velocity components to be measured
without modifying the ports to provide optical access (Sect. 2.3.2.1).

Fig. 2.2 GM experimental CDS2 V6 direct-injection two-stroke engine
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(@) Quartz Window

Fig. 2.3 Schematics of first two optical engines. (a) Flat-head version used for scavenging-flow
measurements. (b) Version with central cylindrical bowl in cylinder head used for liquid/vapor fuel
visualization

For spectrally discriminated visualization of liquid- and vapor-phase fuel using
exciplex fluorescence (Sect. 2.4), the same engine was reconfigured with a centrally
located bowl-in-head combustion chamber that was formed by clamping a quartz
ring between the cylinder block and a metal plate in which the fuel injector was
mounted (Fig. 2.3b). A metal spacer ring below the quartz ring was used to vary
compression ratio. Extensive studies of fuel sprays from a variety of injectors were
also carried out with simple off-axis combustion chambers using planar laser Mie
scattering together with high-speed film and video imaging.

In order to make the most direct use of optical diagnostics in engine development
— especially for such design-specific issues as cyclic variability and hydrocarbon
emissions — the optical experiments should simulate “real” engine operation as
closely as possible. Fuel sprays, mixture preparation, combustion, and emissions
formation under realistic firing conditions were studied in a single-cylinder optical
research engine (Fig. 2.4a) whose cylinder block, piston, rings, fuel-injection system
and lubrication system were all taken from one of the experimental V6 engines.
Note that this design follows the spray-guided DISI engine concept (see Chap. 3),
in which charge stratification is achieved through close spacing of the fuel spray and
ignition in both space and time.

To permit high-quality imaging, the rounded contours of the V6 engine’s bowl-
in-head combustion chamber were modified to a nearly rectangular shape (Fig. 2.4b)
and fitted with flat ultraviolet-grade quartz windows that formed two orthogonal
sides. The combustion-chamber volume, the chamber-entrance area, the TDC piston-
to-head clearance, and the location of the fuel injector relative to the spark plug were
the same in the optical and unmodified versions. As discussed in Sect. 2.5.3.2, the
optical engine achieved realistic part-load operation as gauged by indicated work,
combustion stability, and exhaust emissions.
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Fig. 2.4 (a) Cross-sectional diagram of combustion chamber of realistic Mod-3 optical single-
cylinder research engine used for mixture preparation, combustion and HC emissions measure-
ments. (b) Combustion chamber profiles of unmodified and optical engines on enlarged scale

2.3 Scavenging Flow Measurements Using Laser Velocimetry

Prior to this work, comparatively little quantitative experimental data were avail-
able on flow fields in crankcase-compression two-stroke engines. Systematic laser-
Doppler-velocimetry (LDV) measurements (velocity—crank-angle histories of three
vector components at nearly 200 spatial locations) were therefore undertaken in a
representative engine to characterize in detail both the flow entering the cylinder
through the transfer ports and the resulting in-cylinder flow field. Full details can
be found in [54, 55]. Like all of the diagnostic work discussed in this chapter, the
principal goals of the LDV program were to obtain physical insight and engineering
guidance, as well as to obtain an extensive data set under well characterized condi-
tions for assessing computational-fluid-dynamics (CFD) calculations [56, 57]. Early
CFD work also used the port-efflux LDV data to establish boundary conditions for
calculations of the in-cylinder flow field and combustion without modeling the flow
through the transfer passages that connect the crankcase to the cylinder [58].

2.3.1 Engine Configuration and Operating Conditions

As mentioned in Sect. 2.2, the LDV measurements were performed in one cylinder
of a commercially available two-stroke engine. To simulate moderate-load, moderate
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Table 2.1 Specifications of two-stroke optical research engine used for scavenging-flow
measurements

Number of cylinders 1
Displacement 0.5 liter
Bore 86 mm
Stroke 86 mm
Connecting-rod length 191.5 mm
Wrist-pin offset 1.0mm
Compression ratio (trapped) 6.5

speed passenger-car operation, the engine was motored at a speed of 1600 rpm and a
delivery ratio® of 0.5. The nominally mirror-symmetric arrangement of the exhaust
port and the six transfer ports is illustrated schematically in several of the flow-field
representations in Sect. 2.3.3. For engine specifications, see Table 2.1.

2.3.2 Photon-Correlation Laser-Doppler-Velocimetry

Both the LDV system and the data-analysis procedures have been described previ-
ously in detail [54, 55, 59]. The LDV apparatus (Fig. 2.5) uses conventional
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Fig. 2.5 Block diagram of photon-correlation LDV system

8 Delivery ratio, a measure of overall engine air flow through a two-stroke engine, is defined as
the fraction of a displacement volume of fresh air at ambient conditions that is delivered to the
cylinder each cycle.
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discrete optical components together with photon-correlation signal processing,
which permits the desired flow-velocity information to be extracted from very weak
(single-photon) signals despite significant stray-light noise (Sect. 2.3.2.2).

2.3.2.1 LDV Hardware

As in all dual-beam LDV systems, two coherent laser beams (here from an argon-ion
laser at 488 nm) are focused to intersect and form a small measurement volume in a
flowing fluid. Minute tracer particles (~0.5-um silicone oil droplets) scatter light as
they cross the interference fringes formed in the measurement volume. The scattered
light intensity is therefore modulated at a frequency (the difference between the
Doppler-shift frequencies associated with each laser beam) that is proportional to
the velocity of the particles normal to the bisector of the intersecting beams.

The LDV apparatus (Fig. 2.5) is a single-velocity-component system that uses a
backscatter configuration, dual-Bragg-cell frequency shifting to resolve the velocity-
direction ambiguity, rapid data transfer to a large buffer memory, and automated,
off-line fast-Fourier-transform (FFT) data reduction of the scattered-light intensity
autocorrelation functions (correlograms) formed by a real-time digital correlator.
The transmitting optics also include collimating lenses to place the laser beam
waists precisely at the beam intersection, a Dove prism to rotate the plane of the
intersecting beams and thereby change the direction of the velocity measurement,
and a beam expander that reduces the final focal diameter in order to increase the
signal intensity and improve spatial resolution. To minimize stray-light acceptance
and to reduce the effective length of the measurement volume, scattered light is
collected about 15° off axis and imaged onto a pinhole spatial filter. A photo-
multiplier tube and signal-conditioning electronics produce single-photon detection
pulses of uniform amplitude and duration (10ns). The entire optical system was
mounted on a milling-machine base.

With the beam arrangement shown in Fig. 2.5, measuring the x and y velocity
components normal to the cylinder axis was straightforward within the interior of
the cylinder. To obtain the mean axial velocity (U,) without optical access through
the cylinder wall, LDV data were also collected with the incident laser beams rotated
30° away from the cylinder axis. The mean velocity component measured with this
beam orientation was a linear combination of (U;) and (Uy) or (U,), from which
(U,) was extracted. Velocity measurements at the port-cylinder interface required
that the beams used to measure the x and y components be tilted 5° in order to
avoid obstruction by the cylinder wall. The beam plane was tilted an additional
30° to measure (U,). With careful alignment, useful port-efflux velocity data were
obtained within ~1-2 mm of the piston surface.

2.3.2.2 Photon-Correlation Signal Processing

The attraction of photon-correlation LDV is that (at the cost of non-trivial elec-
tronics and software effort) it achieves (1) maximal sensitivity by processing the
scattered-light signals at the single-photon level to form their intensity autocor-
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relation function (ACF) in real time and (2) maximal efficiency in extracting the
desired velocity information by (off-line) Fourier transforming the ACF to obtain
the power spectrum of the scattered light. This permits velocity measurements under
adverse signal-to-noise conditions where conventional LDV frequency trackers and
counters fail. For instantaneous velocity measurements from single particle transits
(single-burst operation), performance comparable to photon-correlation processing
has recently become available in the latest generation of commercial Fourier-
transform and autocorrelation-based real-time processors [60, 61]. However, the
photon ACF can also be accumulated over many successive scattering-particle tran-
sits, permitting an ensemble-averaged velocity probability density function (PDF) to
be recovered from the power spectrum even when the scattered light is too weak for
single-burst operation [59, 62].° This is the data-acquisition mode used here, where
high flow velocities (>200m/s) and unfavorable light-collection efficiency often
combined to produce detected signal levels of less than one photon per interference-
fringe crossing [55, 59].

2.3.2.3 Data Acquisition and Analysis

All the velocity data were acquired as ensemble averages over many engine cycles
at specified engine crank angles. Experiment control and synchronization to the
engine cycle is achieved by a custom-built programmable sequencer together with a
0.5°-resolution crankshaft encoder and a microcomputer, which also performs off-
line data reduction.

The photon correlator (Malvern K7026) uses a shift-register delay-line architec-
ture to form a real-time digital approximation to the autocorrelation function of the
scattered light intensity I(f):

Nw

G(r) = / IOI(t +1)dt = GkA) = niniu.,

i=0

where the delay time T = kAr;k = 1,2, 3, ..., 64;n; is the number (typically <1
on average) of photons detected in a brief sampling interval Az (=12 ns here); and
Ny is the number of samples in each data-acquisition window.

The raw data were taken as a series of short-duration “correlograms” by gating
the correlator on at each desired measurement crank angle for a brief time (1° or 2°),
latching the result into the correlator’s output buffer, and transferring the data
into buffer memory in parallel with accumulation of the next correlogram. When
all the results from the stipulated number of engine cycles (>500 here) had been
stored, ensemble-averaged correlograms were constructed by summing all the short-
duration correlograms associated with each specified crank angle window.

9 With this mode of data acquisition, photon-correlation LDV is also intrinsically corrected to first
order for velocity-sampling bias (more fast particles cross the measurement volume per unit time
than slow ones) [62].
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When the correlogram is accumulated at fixed crank angle over the transits of
many scattering particles during many engine cycles, the coherent Doppler signal
emerges clearly from the statistical noise. Each correlogram (e.g., Fig. 2.6a,b)
exhibits damped oscillations at the mean Doppler-difference frequency superim-
posed on a Gaussian pedestal that is due to the laser-beam intensity profile and on a
flat (uncorrelated) stray-light background. The damping of the oscillations reflects
the distribution of velocities due to turbulence and any other source of flow variation
during the accumulation of the correlogram. Fourier transformation of the correlo-
gram yields the power spectrum of the scattered light, in which the velocity PDF
appears as a peak (Fig. 2.6c,d). The Gaussian pedestal contributes a broad, near-dc
peak to the spectrum which here obscures velocities below —250m/s, as indicated
by the shaded bands.

For any velocity component, the ensemble-mean velocity (U) and the ensemble-
rms velocity fluctuation u’ were evaluated as the first and second moments of the
PDF P(U), with the limits of integration taken as the velocities on either side of the
Doppler peak at which P(U) had fallen to the estimated noise floor of the spectrum.
PDF broadening by the Gaussian beam profile was corrected [55, 59] to eliminate
overestimation of u'.

Figure 2.6 demonstrates that this multi-burst photon-correlation scheme works
well with mean signal levels of substantially less than one photon per Doppler

Port-Cylinder Interface Near Cylinder Center
B 40 126 ATDC 68 135 ATDC :
€ (a) (b)
3 0.25 photons/cycle 58 0.23 photons/cycle |
O 30 2.6 samples/cycle ] . 4.1samples/cycle
8 Integr. time: 56 ms 48 2 Integr. time: 216 msj
o 2,
-~ 20 -
~ 38
E
O 10 . . . 28
00 02 0.4 0.6 0.8 00 02 0.4 06 0.8
T (us) T (us)
T T T T T ! T
— c i d
1 () 6 (d)
§ (U =181 m/s W= 2m/s
g 4 % u'=16m/s — 4 u'=43m/s .
@ 2 E 1 2 1
a
0 N .\ | Dl 0 1 | N P §
-300 —150 0 150 300 —300 -150 0 150 300

U (/s U (m/s)

Fig. 2.6 Correlograms (a,b) and resulting velocity PDFs (scattered-light power spectra) (c,d)
for measurement locations at the port-cylinder interface and near the cylinder center. The cross-
hatched regions in ¢ and d indicate the near-DC contribution of the Gaussian beam profile to the
Doppler spectra
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cycle!® (fringe crossing) and at frequencies approaching the Nyquist limit of two
samples per Doppler cycle, even in the presence of significant stray-light noise
(note the uncorrelated background level in the correlograms; in Fig. 2.6a, the LDV
measurement volume is 1.3 mm above the piston surface). With an interference-
fringe spacing of 15 wm, an applied frequency difference of 20 MHz between the
laser beams, and thel2-ns correlator sample duration (Nyquist maximum Doppler
frequency of 41.67 MHz), a usable velocity range of —250 to +325 m/s was obtained.
This was sufficient to cope with the high flow velocities, strong flow reversals, and
high turbulence intensities encountered in the engine.

2.3.3 Scavenging Flow-Field Survey

Figure 2.7 shows mean-velocity vector maps of the flow entering the cylinder
through the transfer ports at crank angle 135°ATDC, roughly 15° after they have
been uncovered by the piston. The large exhaust port and the six smaller transfer
ports are nominally mirror symmetric about an axis (defined here as the x axis)
that is offset 60° from the crankshaft axis. The port-efflux velocity profiles are
fairly uniform circumferentially and approximately follow the port layout’s nominal
symmetry with respect to the x axis, although there are some deviations (e.g., flow
attachment) at the edges of some of the ports. The angles by which the port-efflux
velocities are tilted up out of the x—y plane (not shown) display a similar degree
of circumferential uniformity along each port and are mirror symmetric to within
a few degrees [54]. As illustrated by the velocity—crank-angle plots in Fig. 2.8, the
port-efflux velocity magnitude falls rapidly (an order of magnitude in 2-3 ms) as the
crankcase discharges into the cylinder. This behavior parallels the rapid decline in
the crankcase-to-cylinder pressure difference (Fig. 2.8a) that drives the scavenging

EXHAUST

Fig. 2.7 Vector plot showing
port efflux velocities at crank
angle 135° (overlay of
velocity vectors from three
planes at distances of 66, 68
and 70 mm below the
cylinder head)

...... e z=-66 mm
e 2 = =68 mm

— z=-70 mm
80 m/s

10 Even with photon correlation, usable single-burst LDV measurements require at least 1 detected
photon per Doppler cycle.
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process. Little time is needed to discharge the crankcase because of the compar-
atively low delivery ratio at this simulated part-load test condition.!! During this
comparatively brief interval (roughly between 120°-140°ATDC), the port-efflux
flows are, in essence, highly transient but well behaved turbulent slot jets, with rms
fluctuation intensities ' < 10% of the local ensemble-mean velocity, as typified by
the radial-inflow PDF of Fig. 2.6c.

Despite the near-symmetry and modest rms velocities of the port-efflux jets, the
interaction of these jets with each other and with the chamber surfaces produces
an in-cylinder flow field characterized by strong asymmetry and very high rms
velocities (u’/{U) ~ 30-40%, as illustrated by Fig. 2.6d), as well as locally high
mean velocities (Fig. 2.9). As the strong inflow diminishes and the crankcase and
cylinder pressures equilibrate, the scavenging-loop vortex becomes recognizable in
the axial (symmetry) plane (Fig. 2.10), but the flow at the port-cylinder interface
becomes complex (note, the spatially non-uniform backflow into two of the transfer
ports). By BDC (Fig. 2.11), the overall velocity level has fallen considerably, and the
scavenging-loop vortex has become very well defined. A residual effect of the asym-
metry in the in-cylinder flow is the development of unintentional swirl, as seen most

I This also implies a high residual fraction at part load, as mentioned earlier.
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Fig. 2.9 In-cylinder velocity field at CA=135°

clearly in planes B and C. As the piston compresses the scavenging-loop vortex,
causing it first to spin up and then (in this pancake-chamber geometry) to break
down into turbulence shortly before TDC, the swirl remains as the only organized
motion near TDC [54].
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Fig. 2.10 In-cylinder velocity 150°ATDC
field at 150° ATDC showing
both axial plane of nominal f‘_*—"‘\‘_ ~ A
symmetry (upper) and a
diametral cross section just ‘ \\
below the tops of the transfer ~ / \h
ports (lower). \ \ / \\\
N
A

EXHAUST

2.3.4 Discussion

2.3.4.1 Comparison to Four-Stroke Engines

To a good approximation, the mean and rms velocities in four-stroke spark-ignition
and Diesel engines scale linearly with engine speed because the intake and compres-
sion processes are driven by the rate of change of the cylinder volume, which is
proportional to engine speed [63]. The mean piston speed Vp = 2NS (where N
is the engine speed in revolutions per second and S is the engine stroke) there-
fore provides a useful normalizing parameter that allows meaningful comparison
of the valve-efflux and in-cylinder velocities between different engines irrespective
of engine speed or volumetric efficiency. In two-stroke engines of the type studied
here, however, the gas-exchange process is driven primarily by the discharge of
compressed air from the crankcase into the cylinder when the intake ports are uncov-
ered by the piston, and hence, as mentioned in Sect. 2.1, the gas velocities do not
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scale in any simple way with engine speed.'?> This is probably why velocities in
two-stroke engines have generally not been expressed in terms of mean piston speed.
Two alternative reference velocities for two-stroke engines are discussed briefly in
footnotes below.'3:14

Normalization by the mean piston speed is nevertheless an instructive way to
place the range of velocities observed in this study in the context of four-stroke SI
engines [63], bearing in mind that the normalized velocities will vary with engine
speed and delivery ratio. For the present engine, Vp = 4.59m/s at the operating
condition of N= 1600 rpm and delivery ratio n4,; = 0.5. The largest mean velocities,
which occur at the port exits during scavenging, are in the range of about 4050V,
(Fig. 2.6b), while the largest rms velocities are about 8—10V, and are found near
the cylinder center (Fig. 2.6d). These values are large on the scale of four-stroke SI
engines, where the maximum mean and rms velocities during intake are typically in
the ranges of 3-10Vp and 1-2Vj, respectively. In four-stroke engines with simple
open chambers and in the absence of intake-generated tumble and strong squish
flows, the rms velocities decay after intake to values of about 0.3-0.5V} at typical
ignition times shortly before compression TDC. Intake-generated tumble, which
occurs naturally in four-valve pent-roof engines, leads to essentially the same vortex
spin-up/breakdown process during compression as that mentioned in Sect. 2.3.3 for
the two-stroke scavenging-loop flow. This process enhances turbulence, leading to
rms velocities just before TDC of about 0.8-1Vp in four-stroke engines, values
which are only slightly less than the rms velocities of about 1-1.2Vp measured
just before TDC in the two-stroke engine studied here at the stated operating
condition [54].

2.3.4.2 Implications for DI2S Engine Design and Operation

The impulsive character of the crankcase discharge into the cylinder and the high
initial port-efflux velocities (~200m/s) are intrinsic to crankcase-compression

12 In-cylinder velocities in two-stroke engines with external scavenging driven by a blower
connected to the crankshaft do scale with engine speed.

13 A reference velocity based on, say, delivered air mass per cycle, ambient air density and total
port area, i.e., V,ef = Myei/PampA port» Might appear to be preferable to Vp for two-stroke
engines. Note, however, that any reference velocity that involves air mass per engine cycle implic-
itly involves engine speed and is hence proportional to mean piston speed. For the example
here, the mass of air delivered per cycle My = PampNdet VDN, where 14, is the delivery ratio,
and Vpis the displacement volume. But Vb = AporeS, WhereAp,. is the bore area, and hence
V,ef = nd,_,,(A;m,e/Apo,,)Vp/Z. For the present work, A, = 19.9 cm?, so me =3.35 m/s.

14 The ideal (discharge coefficient = 1) port-efflux velocity when the transfer ports are first uncov-
ered could be evaluated from the orifice-flow equations and used as a reference velocity that is
independent of engine speed. This approach requires conditions in the crankcase at port opening
to be assumed, measured or calculated. For this study, the crankcase pressure data yield Vpo,,_ ideal
~ 250 m/s. Such a reference velocity might be useful for comparing flows between two-stroke
engines, but it seems unlikely to be helpful for comparing in-cylinder velocities between two- and
four-stroke engines.
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scavenging, although they could be eliminated by external (blower) scavenging. The
observed flow asymmetry, including the appearance of appreciable swirl, dimin-
ishes scavenging effectiveness by increasing short circuiting and fresh-residual gas
mixing [32, 53]. CFD calculations [56, 57] were able to reproduce many of the major
features of the LDV data, but predicted much less asymmetry, even though the calcu-
lations included a digitized representation of the transfer passages and ports. The
CFD results are very sensitive, however, to small (sub-mm) geometric changes such
as a difference in the heights of the transfer ports on opposite sides of the symmetry
plane.!> The sensitivity to small perturbations, the very high ensemble-rms velocity
fluctuations measured within the cylinder (which are consistently underpredicted by
CFD), and the bimodal velocity PDFs observed at some locations ([54]; not shown
here) all suggest that reliance on ostensibly symmetric colliding-jet flows to estab-
lish the desired scavenging-loop flow structure may lead to large-scale instabilities
from one cycle to another. Finally, the observed flow asymmetry, the sensitivity to
small geometric variations (such as might easily occur in manufacturing), and the
possibility of large-scale cyclic flow-field variation are all undesirable in emissions-
regulated applications and require an improved port design that is less susceptible
to these problems.

2.4 Liquid/Vapor Fuel Visualization Using Exciplex Fluorescence

For an initial study of air-assist fuel sprays and charge stratification, the exciplex
laser-induced fluorescence (LIF) technique [64, 65, 66, 67] was applied to simulated
(non-firing) near-idle conditions in the same engine as used for the LDV study, but
with a centrally located bowl-in-head combustion chamber (Fig. 2.3b). The major
attraction of the exciplex technique is that it enables spectrally separated imaging
of liquid and vapor phases of the fuel. The technique has become well known and
will only be discussed briefly, together with a set of representative engine results.
Additional details, results of exciplex imaging in an atmospheric-pressure test rig,
and CFD modeling of the sprays can be found in [68]. Differences between the
exciplex technique, other approaches to LIF imaging of fuel, and Mie-scattering
spray imaging are discussed later in Sect. 2.5.2.2.

2.4.1 Exciplex Liquid/Vapor Visualization

With the exciplex technique, small quantities of organic dopants are added to
the fuel. When excited by ultraviolet (UV) light, the dopants produce different-
colored fluorescence from the liquid and vapor phases. Following [66, 67], we use

15 The LDV data suggest that jets from opposing ports arrive at the symmetry plane at slightly
different times, which could be due to small differences in port heights. A slightly tilted piston
would have much the same effect [54].
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decane fuel doped with naphthalene and TMPD (n,n,n’ 0’ -tetramethyl-p-phenylene
diamine) in the proportion 89:10:1 by weight.

Exciplex-visualization photophysics is discussed in detail in [64, 65, 66, 67]. In
brief, a TMPD molecule can be driven from its ground state to an electronically
excited state (denoted TMPD*) by absorption of an ultraviolet photon. In the gas
phase, the TMPD* molecule can return to the ground state either by emission of a
longer-wavelength fluorescence photon or by collisional quenching (i.e., collisional
de-excitation without emission of light, which is especially severe when oxygen is
present). In the liquid mixture, however, TMPD* can bind with naphthalene to form
an excited-state complex, or exciplex, a molecule which is bound only in an excited
state and which has no stable ground state. Relative to fluorescence from isolated
TMPD#*, the fluorescence from the TMPD*-naphthalene exciplex is red-shifted by
the binding energy of the exciplex. The concentrations of TMPD and naphthalene in
the two phases can be arranged to ensure that essentially all the TMPD* molecules
bind to naphthalene in the liquid and essentially none bind in the gas phase. The
net result is spectrally separated fluorescence from the two phases: purple emission
from the vapor and green emission from the liquid.

2.4.2 Planar Exciplex Imaging System

Figure 2.12 is a schematic diagram of the experiment. The output beam of a pulsed,
frequency-tripled Nd: YAG laser (355 nm wavelength, 35-40 mJ/pulse energy) was
formed into a thin vertical sheet (~0.5 x 40 mm) and directed through the trans-
parent quartz head of the engine. Fluorescence excited in a planar slice along the
axis of the fuel spray was collected at 90° to the incident light sheet. Note that the
light sheet was parallel to the crankshaft axis and was therefore at an angle of 60°
to the nominal symmetry plane of the ports.

Simultaneous single-laser-shot liquid- and vapor-phase images were obtained by
forming two images of the combustion chamber with a commercial glass biprism
[66], isolating the liquid (green, 500-nm) and vapor (purple, 400-nm) fluorescence
with narrow-band filters, and recording both filtered images with a cooled, image-
intensified vidicon camera system.'® Neutral density filters were sometimes needed
to attenuate the liquid fluorescence. The laser pulse duration (10 ns) and the fluores-
cence lifetime (<100 ns) were so brief that all motion was frozen. Because the fluo-
rescence is strongly quenched by collision of the excited molecules with oxygen,
the cylinder of interest was motored on nitrogen, while the other two cylinders were
motored on air.

Ideally (i.e., with an optically thin spray, a spatially uniform laser light sheet, and
perfect co-evaporation of the fuel and dopants), the fluorescence intensity incident

16 This vidicon system was vastly inferior to the slow-scan, intensified CCD camera used later for
the fuel LIF imaging described in §4, and we will therefore not try the reader’s patience with its
idiosynchrasies. For details, consult [68].
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Fig. 2.12 Block diagram of exciplex LIF experiment to visualize liquid and vapor fuel distributions
in one cylinder of a two-stroke engine. The port diagram at the lower right shows the 60° offset
between the port layout’s nominal symmetry plane and the laser sheet, which propagates parallel
to the crankshaft

on each detector pixel is proportional to the mass of liquid or vapor fuel present
in the corresponding physical volume element of the test section. However, several
limitations complicate the exciplex image interpretation [69, 70]:

1.

The TMPD-naphthalene exciplex system matches the vaporization characteris-
tics of hydrocarbon fuels considerably less volatile than most gasoline
constituents. Decane was therefore used as the base fuel in these experiments,
and the intake nitrogen was heated to raise the crankcase temperature to 40°C.
Exciplex dopants which better match the vaporization of gasoline have been
developed more recently [71, 72, 73].

The short-wavelength tail of the liquid’s fluorescence spectrum overlaps the
pass band of the vapor-fluorescence filter [66, 67]. This crosstalk allows liquid
to masquerade as vapor at the level of some 10% of the liquid fluorescence
intensity, as estimated by imaging a large drop of liquid through the vapor-
fluorescence filter. We ignore this effect here.

. Even under ideal circumstances, the images here provide relative rather than

absolute mass distributions. (Substantial effort has been devoted to calibration
techniques for absolute liquid and vapor concentration measurements [74, 75, 75],
which have proven difficult to perform reliably in engines, due in large part
to the temperature dependence of the absorption and emission spectra of the
dopants [69, 70, 74, 77]). Furthermore, we have not attempted to “flat-field”
correct the images for either the spatially non-uniform sensitivity of the detection
system or for shot-to-shot variations in the overall laser intensity or its spatial
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distribution. Multiple-scattering effects, detector saturation and image blooming
can also compromise the interpretation of the images.

4. The laser pulse repetition rate (10Hz) and vidicon camera readout time were
too slow to permit more than one image to be recorded during a single injection
event. All the images were recorded in different engine cycles.

2.4.3 Engine Configuration and Operating Conditions

The cylinder-head geometry was shown earlier in Fig. 2.3b. A cylindrical bowl-in-
head combustion chamber was formed by clamping a quartz ring with a 48-mm
diameter by 20-mm high opening on top of a 6.5-mm-high aluminum spacer ring to
one cylinder of the engine block. The effective compression ratio was 4.0.

The measurements were carried out at 600 rpm engine speed and a delivery ratio
of 0.5. To promote vaporization of the decane fuel and TMPD marker, the nitrogen
was heated to produce a gas temperature of 40°C in the crankcase, producing an
estimated temperature in the cylinder at the start of injection of 100°C.

An experimental electronically controlled air-assist fuel injection system was
used. The injector had a solenoid-driven outwardly-opening poppet with an included
seat angle of 80°, and the injector and cylinder axes coincided. The injection pres-
sure was 540 kPa, and the injection duration was 4 ms.

2.4.4 Exciplex Liquid/Vapor Imaging Results

Figure 2.13 contains examples from a series of exciplex-LIF liquid/vapor image
pairs recorded in the motored engine from the start of injection through typical light-
load ignition times. The outlines of the cylindrical combustion bowl and the injector
tip are indicated. The liquid and vapor fluorescence intensities are encoded on linear
7-level gray scales from low (light gray) to high (dark gray). The boundary between
white and the lightest gray is a threshold chosen to suppress vidicon detector noise.
The spatial resolution of the images is approximately 1 mm/pixel.

The liquid spray initially emerges from the injector with an included angle greater
than the poppet seat angle of 80°. Asymmetry is observed immediately, with liquid
and vapor penetrating farther on the right side (crank angles 61° and 59° BTDC).
Because the laser sheet travels from left to right in the images, this asymmetry is
not an artifact due to attenuation of the incident light by the spray. As injection
proceeds, the liquid spray and the vapor distribution both collapse and fill in along
the axis. As has been known for many years [78], hollow-cone sprays collapse
because entrainment of air into the spray produces a low-pressure region down-
stream of the injector. Towards the end of injection (the poppet is expected to close
at 47° BTDC), the vapor distribution becomes distorted toward the right (exhaust-
port) side of the chamber. This distortion is consistent with vapor transport by the
remnant of the scavenging-loop flow.
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The liquid fluorescence intensity declines rapidly after the end of injection. The
last two pairs of images in Fig. 2.13 are rethresholded and rescaled versions of
the images at 45° and 38° BTDC. The liquid fluorescence signals are at most a few
percent of the maximum signal level in the earlier images. These results suggest that
nearly all the liquid in the combustion chamber has evaporated by typical light-load
ignition times (30°—40° BTDC). Given the low compression ratio here (4.0) and
the comparatively high boiling points of the dopants (TMPD: 265°C; naphthalene:
218°C) and of the decane base fuel (174°C), vaporization would be expected to be
even more rapid for gasoline injection at full compression ratio (typically 67 for a
two-stroke SI engine, as in our other experiments).
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Large-scale transport and small-scale mixing cause the vapor distribution to
broaden in extent and diminish in fluorescence intensity after the end of injection
(considerable volume is available below the field of view). An important observa-
tion is that steep concentration gradients (twofold changes in fluorescence inten-
sity over distances of 2—4 mm) exist at the edges of the fuel-vapor cloud at typical
light-load ignition times. This suggests that cycle-to-cycle variation in the fuel-vapor
concentration (especially in the local concentration at the spark gap) could be quite
important to combustion stability at light load, where (as here) injection is delayed
to concentrate the fuel around the spark gap and ignition is typically timed near the
end of injection.

2.5 Mixture Preparation and Combustion in a Realistic Optical
Two-Stroke Engine

In the remainder of this chapter, we discuss systematic measurements of stratified-
charge mixture preparation and combustion in the optical research engine of Fig. 2.4,
which accurately reproduced part-load operation of an experimental V6 passenger-
car engine [79, 80, 81, 82]. Given the complex phenomena and coupled processes
involved in mixture preparation and combustion, our approach has emphasized the
systematic use of simultaneous, complementary diagnostics that provide both quan-
titative and qualitative information. Specifically, conventional cylinder-pressure
measurements and analysis (which yield indicated work, mass-burning rate, mass-
burned fraction, etc., for each engine cycle) are coupled with continuous, high-speed
imaging (planar Mie scattering from liquid fuel; combustion luminosity) or with
planar LIF imaging of fuel (liquid and/or vapor) or nitric oxide. The use of conven-
tional and fast exhaust-hydrocarbon (HC) sampling in conjunction with high-speed
imaging is also described.

2.5.1 Optical Engine Hardware

2.5.1.1 Engine Configuration

Figure 2.14 is a slightly simplified cross-sectional schematic that supplements
Fig. 2.4 with additional details of the engine and its instrumentation. Table 2.2
summarizes engine specifications.

2.5.1.2 Fuel Injection

Although several different types of fuel injectors have been examined in this engine,
the remainder of this chapter presents results obtained with two air-assist fuel injec-
tors. Both were outwardly opening poppet injectors; their only significant difference
was that their seat geometries were designed to create wider or narrower sprays,
as illustrated by the planar Mie-scattering images in Fig. 2.15. These images are
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Fig. 2.14 Mod-3 optical two-stroke schematic, including fast-FID probe, hot-FID probe and pres-
sure transducers

Table 2.2 Specifications of realistic two-stroke optical two-stroke research engine used for
mixture-preparation and combustion measurements

Number of cylinders 1
Displacement 0.5 liter
Bore 86 mm
Stroke 86 mm
Connecting-rod length 191.5mm
Wrist-pin offset 1.0mm
Compression ratio (trapped) 6.5

Port timings (nominal) referred to piston top

Exhaust port opening (EPO) 90° ATDC
Exhaust port closing (EPC) 270° ATDC
Intake?® port opening (IPO) 120° ATDC
Intake port closing (IPC) 240° ATDC

Fuel

Amoco 91 RON

Fig. 2.15 Planar Mie-scattering images of fuel sprays from the (a) wide-spray and (b) narrow-spray
injectors at approximately 40° BTDC. The images are digitized from a high-speed movie taken
with the optical engine operated at Test Point 1 (see Table 2.3)
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digitized from high-speed movies that were taken with the optical engine operating
under the conditions of Test Point 1, as defined below. The different spray widths
and penetrations led to different combustion stability and average HC emissions at
light loads, as shown in Sect. 2.5.3.3.

With both injectors used here, compressed air was continuously supplied to the
injector body at a pressure of 540kPa. The fuel to be injected was pressurized
to 620kPa and was admitted into the injector body by a conventional port-fuel
injector. This fuel-metering event ended 3 ms before the start of fuel injection into
the cylinder.

2.5.1.3 Probe Diagnostics for Cylinder Pressure and Exhaust Emissions

Piezoelectric pressure transducers mounted in the rear wall of the combustion
chamber, in the crankcase and in the exhaust port were used to record pressure-
time data (0.5° crank angle intervals; 14-bit resolution). The cylinder-pressure data
were analyzed with a two-stroke formulation of the single-zone analysis approach
of Gatowski et al. [83].

Time-resolved exhaust-HC concentrations were measured with a Cambustion
HR200 fast-response flame-ionization detector (FID), whose probe was close-
mounted to minimize mixing and sampling response time (~2ms here). Time-
averaged HC concentrations were measured with a conventional heated-line FID
located further downstream in the exhaust passage. Full details of the exhaust-
sampling techniques, including the use of cylinder- and exhaust-pressure data to
calculate the individual-cycle exhaust mass flow rate and thereby obtain cycle-
resolved HC mass data, can be found in [82].

In conjunction with LIF imaging of in-cylinder NO (Sections 2.5.2.3 and 2.5.7.2),
time-averaged exhaust NOx concentrations were measured in a few experiments
using a Thermo-Electron chemiluminescent analyzer.

2.5.2 Optical Diagnostics

Figure 2.16 is a schematic diagram of the laser-based imaging diagnostics. Essen-
tially the same layout was used for high-speed film/video imaging and for fuel LIF
and NO LIF imaging, but with different lasers and cameras.

2.5.2.1 High-Speed Film and Video Imaging

The light source for high-speed imaging was a copper vapor laser (CVL) operating
at wavelengths of 511 and 578 nm simultaneously and producing pulses of 2-3-mJ
energy and ~30-ns duration at rates up to 20000 pulses/s. Cylindrical lenses trans-
formed the round laser beam into a thin (~0.5 mm thick x ~40 mm high) laser sheet,
and mirrors directed it through one of the combustion chamber’s quartz windows
along the injector axis.
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Fig. 2.16 Schematic diagram of laser-based imaging apparatus. Translating the final beam-steering
mirror moves the laser sheet through the combustion chamber

Laser light that was Mie-scattered by the liquid fuel, together with flame lumi-
nosity, was collected at right angles through the second quartz window and imaged
onto either a high-speed 16-mm film camera (Redlake HyCam) or, using a beam
splitter, onto a pair of image-intensified high-speed video cameras (Kodak EM1012
with UVX imager). Both camera systems used quartz 105-mm focal length, /4.5
Nikkor ultraviolet lenses. The cameras were typically operated at 4000 frames/s,
with the CVL synchronized to fire once per film or video frame.

Spectrally resolved combustion imaging was sometimes performed by placing
interference filters (10-nm bandpass) in front of each video camera to isolate
combustion luminosity from selected regions of the UV and visible spectrum.
Typical filter wavelengths were 310 nm (which passed ultraviolet chemilumines-
cence from the OH radical at 306 nm), 430 nm (CH-radical chemiluminescence
and CO-O recombination continuum emission), and 520 nm (C,-radical emission
at 516 nm and CO-O and soot continuum emission). Images of the fuel spray were
recorded by slightly tilting the 520-nm filter, thereby permitting an adjustable frac-
tion of the 511-nm laser light that was Mie-scattered from the liquid droplets in the
spray to reach the camera.

These techniques provided a continuous record over many consecutive engine
cycles of the liquid fuel spray (Mie scattering), of ignition and combustion (flame
emission, either broadband or spectrally resolved), and of condensed-phase
constituents of crevice flows (Mie scattering). Note that since Mie scattering
occurred only in the laser sheet, it provided a two-dimensional “slice” image through
the liquid fuel distribution. The combustion luminosity, however, was integrated
from the front to the rear of the combustion chamber due to the depth of field of the
camera lens.

High-speed film imaging provides excellent spatial resolution and wide dynamic
range with a nonlinear intensity response function that mimics the response of
the human eye [84], but color film does not respond well to the UV (OH) and
deep-blue (CH) emissions of lean and stoichiometric premixed combustion. High-
speed video has the advantage of essentially instant turnaround since there is
no need to develop film. The UV sensitivity and image intensification of the
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high-speed video cameras are also necessary for spectrally resolved imaging. With
the equipment used here, these capabilities came at the price of limited dynamic
range (~6 bits) and spatial resolution (240 x 192 pixels full-frame at 1000 frames/s
and reduced stripwise to achieve higher framing rates). Newer high-speed CMOS
digital imaging systems provide much higher frame rates (~100000 frames/s),
spatial resolution, and dynamic range (10—12-bits). Compatible image intensifiers
are available, although they always degrade spatial resolution and dynamic range
somewhat.

Two variations on the theme of high-speed planar Mie imaging that we have
applied but will not illustrate in any detail here deserve a brief mention. First,
performed in an “injector du jour” mode of operation, planar Mie scattering has
proven to be a rapid and effective way to obtain practical information under realistic
in-cylinder conditions (flow field and gas density) on spray structure and pene-
tration, cycle-to-cycle and injector-to-injector repeatability, secondary injections,
dribble, etc. The results observed in motored and fired engines have sometimes
differed significantly from those obtained in atmospheric-pressure and pressurized-
vessel tests. Second, to a lesser extent, we have used planar Mie scattering with
high-speed film and video to visualize early flame-kernel growth by recording light
scattered from minute silicone-oil droplets seeded into the intake air so that the
scattered light marks the unburned gas [85, 86, 87].

2.5.2.2 Fuel LIF Imaging

Liquid- and vapor-phase fuel have been imaged using a frequency-quadrupled
Nd:YAG laser (266-nm wavelength, 10-ns pulse duration, ~10-40-mJ pulse energy,
~10-Hz pulse repetition rate) to excite fluorescence either from undoped commer-
cial gasoline or, in a few auxiliary experiments (Sect. 2.5.5.3), from high-purity
isooctane doped with a ketone tracer (acetone, 3-pentanone or 5-methyl-2-hexanone)
[79, 80, 81]. The gasoline fluorescence emission spectrum spans the range 300400
nm, with a peak at about 340 nm, whereas the ketone fluorescence extends to longer
wavelengths (about 300-550 nm, peaking around 420 nm). In contrast to exciplex
LIF (Sect. 2.4), this approach does not distinguish spectrally between the liquid and
vapor phases, but the measurements can be performed more readily under normal
firing conditions.

The optics for LIF imaging are very similar to those for high-speed imaging,
except that quartz lenses are used to form a ~0.5 x 50-mm laser sheet. The central
25-mm portion of the sheet height, over which the intensity profile is most uniform,
is selected by cropping with an iris before directing it into the engine through one
of the UV-grade quartz windows. Light emitted or scattered perpendicular to the
laser beam exits the second UV quartz window and is imaged by a quartz camera
lens (Nikkor UV lens, 105-mm, f/4.5) onto a digital computer-controlled intensified
camera [Princeton Instruments (PI) ICCD-576]. Light at the laser wavelength (from
specular or diffuse reflections off solid surfaces, Mie scattering and Rayleigh scat-
tering) was strongly attenuated by a long-pass glass filter (WG-305 or WG-345).
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A colored glass bandpass filter (BG-25 or 7-51) was sometimes also used to reject
combustion luminosity at wavelengths longer than the fuel-fluorescence spectrum.

The PI camera has high dynamic range (10-12 bits), low noise (cooled detector
to minimize dark noise and slow readout to minimize readout noise), wide spectral
sensitivity (180-800 nm), high quantum efficiency (>12% at 300 nm), adjustable
gain (from <1 to 80 counts/photoelectron), approximately linear intensity response
at a given gain setting, and adjustable electronic gating (3.5 ns—80 ms). One disad-
vantage of the PI camera system is its relatively modest spatial resolution. The
detector array has 576 x 384 pixels, but the fiber-optic-coupled intensifier degrades
the resolution by about a factor of two. To reduce the data-transfer and -storage
demands, we therefore bin the pixels 2 x 2 and acquire partial-frame images (230 x
135 binned pixels).

The engine crank angle, laser pulse timing and camera intensifier gate duration
(0.2 s) are all electronically synchronized, and the camera gain was adjusted for
each engine condition. Typically either three 16-laser-shot average images or up to
100 single-shot images were taken. Data acquisition was usually completed within
40s, but one experiment spanning a six-minute period of continuous firing was
conducted (Sect. 2.5.8.2).

Fuel LIF is a very useful complement to laser Mie scattering and combustion-
luminosity imaging. LIF can reveal the vapor fuel distribution, which Mie scattering
and flame luminosity cannot. Furthermore, under certain conditions (to be discussed
in Sect. 2.5.5.3), the LIF intensity incident on each detector pixel is proportional to
the mass of fuel (whether liquid or vapor) and the intensity of the laser light sheet
within the physical volume element corresponding to that pixel. In contrast, the
Mie-scattering intensity is a complicated function of drop size, shape, and number
density, which are not usually known with certainty in in-cylinder experiments.

In contrast to exciplex LIF, the fluorescence from gasoline (or from tracers such
as ketones that can be added to non-fluorescing single-component fuels such as
isooctane; see Sect. 2.5.5.3) does not distinguish spectrally between the liquid and
vapor phases. Under the conditions of the experiments described here, however,
vaporization is very rapid. Indeed, as illustrated in Fig. 2.17, comparison of

Fuel LIF Mie Scattering
(Liquid and Vapor) (Liquid only)

0 1 max

Fig. 2.17 Comparison of planar LIF (leff) and Mie-scattering (right) images of fuel at 1° before
ignition at TP3
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Mie-scattering images (which are sensitive indicators of the presence of liquid) with
fuel-LIF images shows that essentially all of the LIF at 1° before ignition is typically
due to vapor-phase fuel, provided ignition does not occur during injection.

2.5.2.3 Nitric Oxide LIF Imaging

NO LIF imaging in a firing engine is considerably more difficult than fuel LIF
imaging. Reasons include the need for tunable UV laser light, the effects of pres-
sure and temperature on the NO absorption and emission spectra, and interfering
absorption and fluorescence from other species.

Diatomic molecules absorb and emit light only at specific narrowly defined
wavelengths, in contrast to the complex organic species used for fuel LIF imaging,
which have broad, continuous absorption and emission spectra. The tunable UV
light needed to excite NO molecules from the lowest vibrational level of the ground
electronic state [written as X*[] (v =0) in spectroscopic notation] to the first elec-
tronic excited state [A?) (v =0)] was generated by using the second harmonic of the
Nd:YAG laser to pump a tunable dye laser that operated on a mixture of Rhodamine
610 and 590 dyes. The dye-laser output at 574 nm was then frequency doubled to
287 nm and mixed with the residual 1064-nm Nd: YAG laser fundamental to obtain
~1-m]J pulses of tunable UV light near 226 nm. The laser beam was formed into
a ~0.5 x 12mm laser sheet and directed along the mid-height of the combustion
chamber.

Fluorescence from the NO AZZ(V/ =0) excited state was isolated from the laser
light and combustion luminosity with filters (a UGS colored-glass filter and a
10-nm-bandpass interference filter centered at 249 nm) and recorded by the same
image-intensified CCD camera that was used for the fuel LIF imaging. A prelim-
inary experiment in which the LIF spectrum from the firing engine was recorded
with a diode-array spectrometer showed only emission from the NO A2 (v =0)
level to the X*[](v' = 1-4) vibrational levels, thus ruling out significant interference
by fluorescence from polycyclic hydrocarbons or from vibrationally excited (i.e.,
hot) O,, which has many absorption lines near 226 nm [88].

At room temperature and atmospheric pressure, the NO absorption lines are
narrow [comparable to the laser line width (0.4-0.6cm™!)], but at high pressures
they shift in wavelength and broaden substantially [88]. The shifts are large enough
that a laser tuned exactly to the center of an isolated absorption line at atmo-
spheric pressure might scarcely excite NO molecules at ~20 atm. To minimize this
problem, the laser was tuned to a region [specifically, the low-frequency (i.e., long-
wavelength) side of the Q; bandhead at 226.0 nm] where several closely spaced
rotational lines overlap even at low pressure.

NO fluorescence quenching cross sections vary strongly with the species of the
collision partner and with temperature [89, 90], but calculations indicate that, fortu-
itously, total (all species) quenching cross sections do not vary greatly for premixed
flames and engine combustion [91, 92].

At the low laser-sheet intensity used here, the NO LIF intensity should be propor-
tional to the local NO concentration and the local laser intensity. To obtain more
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accurate images of relative NO concentration, a correction for the non-uniform
laser-sheet intensity was performed by dividing the LIF images by a multi-shot-
average “flat-field” reference image that was acquired under static conditions with
the combustion chamber filled with a uniform mixture of 240 ppm NO in N, at
atmospheric pressure and room temperature. Because of the shorter wavelengths
involved, laser and fluorescence absorption by deposits on the combustion-chamber
windows was significantly stronger for NO LIF than for fuel LIF, requiring the
windows to be cleaned more frequently and flat-field reference images to be
recorded for essentially every test.

2.5.3 Optical Engine Performance

2.5.3.1 Engine Test Conditions

The optical and other diagnostic measurements to be described subsequently were
performed at the first and third of a set of six steady-state speed-load conditions that
our GM colleagues devised to simulate key portions of the US FTP driving cycle
for a 3.0-L V6 DI2S engine in a mid-size sports sedan. Table 2.3 lists the baseline
operating conditions of the optical engine with the wide-spray injector at the two
selected test points in detail; the values listed for the engine airflow and the fuel-
injection and ignition timings yielded the minimum coefficient of variation (COV)
of indicated mean effective pressure IMEP) during steady, warmed-up operation.
Test Point 1 (TP1: 900 rpm, 100 kPa IMEP), the lowest speed-load condition of
the six-point FTP simulation, is of particular interest because HC emissions from
stratified-charge engines tend to be dominated by light-load operation. Specifically,
TP1 accounted for 46% of the total engine-out HC emissions on the six-point
FTP simulation but only 4% of engine-out NOx. Test Point 3 (TP3: 1500 rpm,
180 kPa IMEP), representing a moderate cruise condition, was in the transition
regime between light loads (characterized by late injection and highly stratified

Table 2.3 Engine operating conditions for mixture-preparation and combustion measurements

Test point 1 3
Engine speed (rpm) 900 1500
Coolant temperature (°C) 90 90
Intake air flow (kg/hr) 7.6 12.5
Spark timing (°BTDC) 30 39
Nominal injection advance ("BTDC) 59 95
Injection duration (ms) 4.0 5.0
Inj. fully opened (°BTDC) 52.0 83.4
Inj. fully closed ("BTDC) 29.4 36.7
Avg. fuel injected (mg/cycle) 4.5 6.4
Avg. air injected (mg/cycle) 3.7 6.2
Delivery ratio 0.23 0.25
Equivalence ratio (trapped) 0.44 0.69
Residual fraction 0.67 0.65
IMEP (kPa) 100 180
COV(IMEP), typical 7% 2.5%

Combustion efficiency, typical 92% 98%
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combustion) and heavier loads (characterized by earlier injection and more premixed
combustion). TP3 generated approximately 10% of the total engine-out HCs and
18% of engine-out NOx emissions on the simulated FTP cycle. TP1 and TP3 each
accounted for about 20% of the fuel consumed in the FTP simulation.

For all tests, the engine was continuously fired (usually on commercial gaso-
line), and the engine block and head were typically heated to 90°C before begin-
ning an experiment. To reduce window fouling, the engine was typically fired only
30-60s before beginning optical measurements and therefore approached but did
not achieve fully warmed-up operation. Continuous firing was required by the very
high residual fractions (approximately 2/3 at our test conditions!) that are character-
istic of two-stroke engines at light load. Skip firing, which is often used in optical-
engine experiments to reduce window fouling and thermal/mechanical stresses,
would have led to completely unrealistic temperatures and concentrations of fuel,
air and residuals in the cylinder.

2.5.3.2 Comparison of Optical and Unmodified Engine Performance

To assess how well the optical experiments could approximate “real” engine oper-
ation, we tested our single-cylinder engine under steady-state, fully warmed-up
conditions at TP1 and TP3 both with the optical-access cylinder head and with
an unmodified, all-metal cylinder-head sectioned from a V6 two-stroke engine.
Fig. 2.18 compares the results for engine-out time-averaged HC emissions and

Test Point 1 (900 RPM, 100 kPa IMEP) Test Point 3 (1500 RPM, 180 kPa IMEP)
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Fig. 2.18 Comparisons of engine performance with unmodified and optical cylinder heads at
TP1 (left) and TP3 (right) using the wide-spray injector. Unburned HC concentration measured by
conventional heated FID (upper) and COV(IMEP) (lower) are plotted against ignition timing at
fixed injection advance
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combustion stability [COV(IMEP)] as a function of ignition timing for fixed injec-
tion timing. The results indicate that the modifications to obtain optical access did
not seriously alter engine operation. The single-cylinder results also agreed with
data from V6 engines and other non-optical single-cylinder engines under the same
test conditions.

2.5.3.3 Effects of Fuel Sprays on Combustion and HC Emissions

As mentioned in Sect. 2.5.1.2, there were notable differences in engine perfor-
mance with the wide- and narrow-spray injectors, as illustrated by the engine-out
HC concentration data as a function of spark timing in Fig. 2.19 for Test Point 1.

Three points are of particular interest here. First, the minimum engine-out HC
concentration with the narrow-spray injector is lower by a factor of two at this test
condition. Second, for fixed injection timing, optimum performance [minimum HC
and COV(IMEP)] with the narrow-spray injector requires substantially earlier igni-
tion (during mid-injection rather than at the end of injection). Third, the results
for both injectors lie along essentially a single curve of HC concentration vs.
spark advance, with the minimum delay from injection to ignition (consistent
with stable combustion) leading to the minimum HCs. This is classic evidence
that a major HC emission mechanism in stratified-charge SI engines is over-
mixing of the injected fuel to form regions too lean to burn [44, 93, 94], a mech-
anism that is directly supported by LIF and combustion-luminosity imaging
(Sect. 2.5.6).

Unfortunately, developing combustion systems for engines is rarely as simple as
a glance at Fig. 2.19 might suggest. In fact, despite leading to lower HC emissions at
the lightest loads, the narrow-spray injector was inferior to the wide-spray injector
in terms of light-load combustion stability (specifically in the incidence of sporadic
misfires) and full-load power. Understanding these differences is a principal moti-
vation for employing the diagnostic techniques discussed here.
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2.5.4 Overview of Mixture Preparation and Combustion

Figures 2.20 and 2.21 provide an overall picture of the preparation and combustion
of a stratified mixture in this engine by bringing cylinder-pressure, heat-release and

time-resolved exhaust-HC data (Fig. 2.20) together with optical imaging results
(Fig. 2.21). These are all typical results at Test Point 1, although not all were
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Fig. 2.20 (a) Cylinder pressure, mass-burning rate and time-resolved exhaust-hydrocarbon concen-
tration vs. crank angle during a typical engine cycle at Test Point 1 (wide-spray injector). Port
openings and closings, fuel-injection, and ignition timings are indicated along the top of the graph.
(b) Exhaust mass flow rate and HC mass flow rate evaluated from cylinder and exhaust-port pres-
sure data. The three main phases of the scavenging process are labeled
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Fig. 2.21 High-speed color film, LIF, and spectrally resolved video images obtained under the
same operating conditions as the data in Fig. 2.15. Images a, d and e are from one cycle of a
high-speed film. The LIF (b, f) and spectrally resolved video (c) images are shown using different
rainbow false-color scales

obtained from the same engine cycle. Subsequent sections will discuss significant
aspects of these processes in greater detail.

In order to create as stratified a mixture as possible and to optimize combus-
tion phasing at light-load conditions such as TP1, fuel is injected as late in the
compression process as is possible with the available air-assist injection pressure.
The planar Mie-scattering image of Fig. 2.21a illustrates the fuel spray from the
wide-spray injector under these conditions. As described earlier (Sect. 2.4.4), injec-
tors of the type used here produce initially hollow-cone sprays that collapse and fill
in with fine droplets and fuel vapor. For late injection, spray velocity, penetration
and atomization typically deteriorate near the end of injection as the rising cylinder
pressure approaches the injection pressure. The LIF image of Fig. 2.21b illustrates
the resulting fuel distribution 1° before ignition, which is just at the end of the fuel-
injection event in this test.

Heat-release analysis of cylinder-pressure data from stratified-charge SI engines
generally suggests two distinct stages of combustion (see, e.g., [93, 94]). For
this DI2S engine, in-cylinder combustion imaging suggests that the initial rapid-
combustion peak in the plot of mass burning rate vs. crank angle (Fig. 2.20) corre-
sponds to (i) (a) rapid propagation of a partially premixed flame through the region
of the chamber where fuel-air-residual mixture exists within the flammability limits
(illustrated by the spectrally resolved video image of CH luminosity in Fig. 2.21c),
followed by (i) (b) burnout of small, locally rich parcels behind the flame front as
remaining fuel and oxygen in the interior of the combustion chamber mix in the
hot post-flame gases (illustrated by the high-speed film frame of Fig. 2.21d)!”. This
rapid initial stage is followed by (ii) (a) slow mixing-controlled combustion of fuel

17 At least some of the fuel behind the flame front may have undergone thermal decomposition or
partial oxidization.
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that entered the chamber at reduced velocity near the end of injection and formed
a large persistent pocket of rich mixture near the injector and along the slanted
wall between the injector and the spark plug (Fig. 2.21e), perhaps accompanied by
(ii) (b) continued slow, locally dilute premixed combustion at the periphery of the
fuel cloud. Visible combustion luminosity ends around 40°-50° ATDC, but measur-
able heat release continues nearly until exhaust-port opening.

The onset of exhaust flow occurs a few degrees before the nominal exhaust-port
opening time of 90° ATDC as the piston top ring land passes the top of the exhaust
port. Until then, the fast FID samples essentially stagnant gas in the exhaust system,
and the individual-cycle exhaust-hydrocarbon concentration trace in Fig. 2.20 is
accordingly uneventful. The first exhaust gas to escape during the cylinder blow-
down just after EPO is actually lower in HCs than the gas that had been trapped in
the port. The exhaust-HC concentration then rises as the intake port is uncovered
(120° ATDC) and fresh air enters the cylinder from the crankcase, mixing with and
displacing some of the cylinder contents. Analysis of the fast-FID HC data to obtain
individual-cycle exhaust-HC mass data is discussed in detail in [82] and will be
summarized later (Sect. 2.5.7.1).

After TDC, as the cylinder pressure falls during expansion and blowdown, a
plume of fuel (mostly vapor but also some liquid mist) emerges from the injector’s
nozzle-exit crevice, as shown by an LIF image in Fig. 2.21f. (The LIF intensities
in Fig. 2.21b,f cannot be compared in terms of fuel concentration because the two
images were recorded with different camera gains and in-cylinder conditions.) The
fuel emerging from the nozzle-exit crevice remains unburned and largely unmixed
until fresh air enters the cylinder after intake port opening, rapidly mixing the fresh
gas with residual cylinder contents [80, 82].

2.5.5 Mixture Preparation

2.5.5.1 Spray Structure and Evolution

Average fuel distributions produced by the wide-spray injector at Test Point 3 are
shown in Fig. 2.22 for several crank angles from just after the start of injection
until 1° before ignition. For these measurements, the light sheet passed through the
injector axis. Because the fluorescence intensities span a much wider dynamic range
than can be reproduced adequately with printed gray-scale or false-color images,
the results in Fig. 2.22 are shown side-by-side on two different intensity scales: on
the left, a linear intensity scale with a varying upper limit is used; on the right, the
images are shown on a fixed logarithmic intensity scale. All the images in this figure
were recorded with fixed camera gain, so that the intensity values can be compared
directly.

The fuel spray initially displays a hollow-cone structure, with the fuel emerging
first on the left side of the injector and the LIF intensity remaining highest on the left
side (although this is due in part to attenuation of the laser sheet by Mie scattering
as it traverses the dense spray). As seen earlier for a different air-assist injector
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Fig. 2.22 Planar LIF images of ensemble-average fuel distribution during injection (wide-spray
injector, Test Point 3)

using exciplex LIF, the spray collapses as injection proceeds, filling in appreciably
as entrainment of air into the two-phase fuel-air jet draws small fuel droplets and
vapor towards the spray axis. Although gasoline LIF does not distinguish spectrally
between liquid- and vapor-phase fuel, comparison of Mie-scattering and LIF images
(e.g., Fig. 2.17) shows that under these conditions, the LIF signal 1° before spark
represents vapor except for a few-mm spot just at the injector nozzle exit, which
represents the last liquid to leave the injector.

Immediately before ignition (Fig. 2.22, 40° BTDC), steep gradients in the fuel
concentration (LIF intensity) remain, with the highest fuel concentrations (LIF
intensities) existing along the injector axis and extending to the bottom of the field
of view. Some fuel is present below the bottom of the quartz windows, and the high
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fuel concentration on the left side of the images represents fuel that has reentered
the field of view after rebounding from the piston (see below).

Fuel distributions 1° before ignition at TP1 and TP3 are compared in Fig. 2.23
using LIF both from gasoline and from ketone-isooctane mixtures, which will be
discussed in detail in Sect. 2.5.5.3. These images were obtained for a different wide-
spray injector of the same model as that used elsewhere in this section. Comparison
of the gasoline LIF images for TP3 in Fig. 2.23 with the 40° BTDC image in
Fig. 2.22 indicates that there is some injector-to-injector variation in the average
fuel distribution at ignition. This is typically reflected in slight (a few degrees crank
angle) differences in optimum light-load injection and ignition timings between
nominally identical injectors.

Figure 2.23 shows clearly that the fuel distribution just before ignition fills more
of the combustion chamber at TP3 than it does at TP1. High-speed spray visualiza-
tion shows that at TP1 the spray generally does not penetrate beyond the bottom
of the quartz windows (cf. Fig. 2.15a), whereas at TP3 some fuel leaves the field

Test Point 1 Test Point 3
900 RPM, 100 kPa IMEP 1500 RPM, 180 kPa IMEP
30°BTDC (1° before spark) 40°BTDC (1° before spark)

Gasoline

Acetone/
Isooctane

Pentanone/
Isooctane

Methyl Hexanone/
Isooctane
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Fig. 2.23 Comparison of planar LIF images of fuel distributions at 1° before spark at Test Points
1 and 3 obtained with commercial gasoline and with high-purity isooctane doped with 20% of the
indicated ketone as a fluorescent marker. Note that these images were obtained with a different
(but nominally identical) wide-spray injector than the other LIF images in this section)
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of view and rebounds from the piston (which explains the characteristic J-shaped
fuel distribution at ignition at TP3). Because injection begins earlier at TP3, the
cylinder pressure and gas density are lower than at TP1 during most of the injection
event. These conditions, together with the greater fuel and air masses injected, lead
to greater spray penetration and spray-induced mixing at TP3.

Atboth TP1 and TP3, the rising cylinder pressure eventually reduces the injector-
to-cylinder pressure difference and causes the last fuel to enter the chamber with
reduced velocity, reduced penetration, and degraded atomization. Some large
droplets (occasionally up to ~0.25 mm) are typically seen near the end of injection
in high-speed planar Mie-scattering films at both test conditions.

2.5.5.2 Tomographic 3-D Fuel Distributions

By repeating planar measurements such as the on-axis examples in Fig. 2.22 for a
series of laser-sheet positions, mathematically stacking the resulting images, and
interpolating between them, the average fuel distribution can be constructed in
three dimensions. Experimentally, the different sheet positions are obtained by step-
ping the final laser-sheet turning mirror using a micrometer-driven translation stage
(Fig. 2.16).

The resulting 3-D LIF intensity (fuel concentration) data set may be rendered in
a variety of useful ways, e.g., as contour surfaces, as solids, as a series of planar
contours in cutting planes of arbitrary orientation, etc. (see [79] for examples using
the present data). In Fig. 2.24, 3-D LIF data for the wide-spray injector at TP3 are
volume-rendered as cloudlike, partially transparent objects during mid-injection and
at 1° before spark. Each volume element of the 3-D distribution has been assigned
both a false color and an opacity that are related to the LIF intensity. Linear false-
color and nonlinear opacity mappings are combined to show the periphery of the
fuel cloud without totally obscuring the interior of the distribution.'®

2.5.5.3 Fuel LIF Image Analysis and Interpretation

One of the major attractions of the fuel-LIF technique is that it offers some prospect
for quantitative fuel-distribution measurements in fired engines. If the cylinder
contents are optically thin at the excitation and fluorescence wavelengths and the
fluorescence quantum yield and quenching are spatially uniform, then the LIF inten-
sity incident on each detector pixel is proportional to the intensity of the laser light
sheet and the number of fluorescing molecules (whether liquid or vapor) within
the physical volume element corresponding to that pixel (see, e.g., [95, 96] and
references therein).

Strictly speaking, our gasoline LIF provides a qualitative measure of the fuel
distribution. For one thing, we have not corrected the images for pulse-to-pulse

I8 Clearly the actual fuel distribution at 40° BTDC extends beyond the front and rear laser-sheet
positions used to obtain the series of LIF images for Fig. 2.24.
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Fig. 2.24 Three-dimensional reconstructions of ensemble-average fuel distributions produced
by the wide spray injector at Test Point 3 during injection (70° BTDC) and just before ignition
(40° BTDC). The fuel distributions are rendered using a combination of false color and opacity.
A series of eleven positions of the UV laser sheet were used, with a spacing of 2.5 mm between
adjacent positions

variations in overall laser power or for the spatial intensity distribution of the
light sheet (recall, however, that the laser sheet is overexpanded so that only
the central, approximately uniform-intensity portion illuminates the combustion
chamber). More fundamentally, the temperature and pressure dependencies of the
absorption, the rate of collisional quenching of the fluorescence, and the vapor pres-
sure(s) of the unidentified fluorescing species in commercial gasoline are largely
unknown. Toluene (111°C boiling point) is often present in commercial gasolines
at the level of at least a few percent and yields strong LIF signals when excited
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at 266 nm (in fact, it has been used widely as an LIF dopant [96, 97]). Heavier
multi-ring hydrocarbons will also contribute. LIF from toluene and multi-ring HCs
is strongly quenched by collisions with O, [97].

To address these issues, Fig. 2.23 compares gasoline-LIF images recorded imme-
diately before ignition at both TP1 and TP3 with corresponding LIF images obtained
using fuels composed of 20% acetone, 3-pentanone or 5-methyl-2-hexanone doped
into high-purity isooctane. Fluorescence from the three ketone dopants is much less
affected by collisional quenching than fluorescence from typical aromatic hydro-
carbons [96, 98, 99]. Furthermore, 3-pentanone has nearly the same boiling point
(102°C) as isooctane (100°C), whereas acetone and 5-methyl-2-hexanone have
significantly different boiling points (56°C and 134°C respectively), so that their
LIF images offer information on the effects of fuel volatility on the fuel distribution
at ignition. Although the results in Fig. 2.23 for gasoline and ketone-doped fuel
LIF are not identical, they do agree in terms of their major features, particularly in
the basic shape of the fuel distributions for the two operating conditions and in the
presence of steep gradients near the spark gap. Note that the fuel distributions at
ignition are consistently more compact at TP1 than at TP3.

With these observations in mind, we have used qualitative and semi-quantitative
analysis of gasoline LIF images to provide useful insight into fuel sprays, fuel distri-
butions at ignition, early stages of combustion, and HC emissions sources in this
engine. In particular, although we have not performed a direct calibration of gaso-
line LIF intensity vs. absolute fuel concentration or fuel-air equivalence ratio, we
have estimated a rough scale of fuel-air equivalence ratios from ensemble-average
LIF images recorded by assuming that at 1° before ignition (1) the LIF intensity is
proportional to the fuel concentration, (2) the residual gases and fresh scavenging
air are well mixed,'” and (3) the fuel-air equivalence ratio ¢ ~ 1 near the spark gap
for optimized engine operation [79].2° Results for the wide-spray injector at Test
Point 3 are illustrated in Fig. 2.25. The fuel distribution exhibits steep gradients and
encompasses a wide range of equivalence ratios, with the estimated ¢ ~2.5-3 in
the rich core of the fuel cloud and ¢ approaching zero at the extremes of the fuel
distribution (e.g., the upper left and lower right corners). In Fig. 2.26, the region
occupied by ignitable mixture (estimated roughly as 0.6 <¢ <1.6) is rendered in
3-D along two orthogonal cutting planes. Just before spark, ignitable mixture is
present only within a thin (*2—6 mm) shell near the periphery of the fuel cloud.

19 This assumption is supported by fuel LIF in the residual gases, which shows very rapid mixing
when the fresh scavenging air reaches the combustion chamber and a nearly uniform distribution
of residual fuel in the combustion chamber immediately before the start of injection [80].

20 More recent DI4S research indicates that in cases with large cycle-to-cycle variation in the
equivalence ratio near the spark gap, the ensemble-mean equivalence ratio near the gap must be
biased somewhat rich (e.g., (¢) & 1.5) in order to avoid lean misfires and partial burns [100].
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Fig. 2.25 Planar LIF image of average fuel distribution at 1° crank angle before ignition with
rough scale of fuel-air equivalence ratio (Test Point 3, wide-spray injector). LIF intensities along
vertical and horizontal cross sections through the spark gap (marked by the cross) are shown at the
left and bottom of the image, respectively

Fig. 2.26 3-D region of
ignitable mixture

(0.6 < ¢ < 1.6) just before
ignition at TP3 estimated
roughly from LIF image
analysis. Vertical and
horizontal cutting planes
(light gray) intersect just
above the spark gap. Dark
gray and black regions show
the comparatively thin zone
of ignitable mixture in each
cutting plane
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2.5.6 Combustion

The overview of combustion in Sect. 2.5.4 (Figs. 2.20 and 2.21) concentrated
on TP1, whereas the discussion of mixture preparation in Sect. 2.5.5 focused
primarily on fuel distributions at TP3. Here, additional heat-release (Fig. 2.27) and
combustion-luminosity (Fig. 2.28) results that contrast stratified-charge combustion
at these two speed-load conditions are presented.

Figure 2.27 plots individual-cycle heat-release data obtained with the wide-
spray injector and optimum spark timing at TP1 and TP3, together with repre-
sentative data for dilute, premixed-charge combustion in a four-stroke engine for
comparison [101]. The data are conditional ensemble averages over all cycles that
burned at least 80% of the total amount of fuel present in the cylinder (injected
fuel plus unburned fuel retained from previous cycles). The mass-burning rate
and the cumulative mass-burned fraction (which is used as a progress variable
in Fig. 2.27b) are both normalized by the average mass of fuel injected per
cycle.

Premixed-charge combustion typically yields nearly symmetric burning-rate
curves, with the peak heat-release rate occurring at about 50% mass-burned fraction
(Fig. 2.27b). In contrast, the asymmetric DI2S burning-rate curves exhibit long tails
that are characteristic of stratified-charge combustion. Corresponding to the initial
burning-rate peak (from ignition to about TDC at TP1 and to about 10°-15° ATDC
at TP3 in Fig. 2.27a), combustion imaging shows that a flame propagates from the
spark gap toward the periphery of the injected fuel cloud (Fig. 2.21c). In particular,
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= == TP3 (40° Spk Adv)
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heat-release data for
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Fig. 2.28 Broadband combustion luminosity images at Test Point 1

single-shot fuel LIF and high-speed combustion visualization using planar Mie
scattering from minute oil droplets seeded into the intake air both reveal the irregular
contours and steep gradients between burned and unburned gases that are expected
of a turbulent (partially) premixed flame [79].

At TP1, the initial rapid stage of combustion is richer overall than at TP3,
and small regions of locally rich burning become evident as fuel and oxygen
remaining behind the expanding flame mix in the hot post-flame gases. This
gives the broadband combustion luminosity (Fig. 2.21d) a granular appearance
at TDC, for example. At TP3, in contrast, the initial rapid stage of combustion
is dominated by the near-UV (OH-radical) and deep-blue (CH-radical) emissions
that indicate more nearly stoichiometric combustion. Longer wavelength C,-radical
and continuum emissions, which connote richer combustion, are prominent during
the spark discharge but nearly disappear until the onset of rich burning near the
fuel injector a few degrees before TDC. Apart from this, the prominent burnout
of locally rich regions behind the flame front seen at TP1 is almost absent
at TP3.

These observations imply that, despite the highly stratified fuel distributions
observed just before ignition at both test conditions and the higher overall trapped-
charge equivalence ratio at TP3, the expanding flame propagates through an appre-
ciably leaner mixture at TP3 than at TP1, consistent with the lower peak burning
rate (Fig. 2.27) at TP3. This reflects stronger mixing during and after injection
at TP3, which is due in part to the greater spray penetration and spray-induced
mixing that results from the lower cylinder pressure that prevails during most of
the injection event at TP3 (Sect. 2.5.5.1). Also contributing to stronger mixing at
TP3 are the stronger squish flow and squish-induced turbulence and the shorter real-
time interval available between intake-port opening and injection for the scavenging
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flows and turbulence to decay in intensity.”! The fraction of the fuel burned in the
rapid initial stage (including the burnout of locally rich pockets behind the flame
front) is about 40% at TP1 and 67% at TP3.

Another important distinction between early combustion at the two test condi-
tions is that at TP1 the expanding flame generally fails to reach the side walls of
the combustion chamber, as illustrated in Fig. 2.28. This is consistent with TP1’s
more compact fuel distribution (Fig. 2.23) and lower overall trapped-charge equiv-
alence ratio (0.44 vs. 0.69 at TP3). Furthermore, because LIF reveals fuel at low
concentration outside the maximum extent of the propagating flame, this is strong
evidence for the classic stratified-charge scenario of extinction as the expanding
flame propagates into regions too lean to burn.

At both test points, rich burning near the injector begins as combustion lumi-
nosity from the interior of the chamber disappears. For the optimized timings of
Figs. 2.27 and 2.28, this occurs around TDC (corresponding to the beginning of
the burning-rate plateau at TP1 in Fig. 2.27) and marks the transition from rapid
combustion of the primary fuel cloud in the interior of the chamber to slow combus-
tion of the fuel that entered the chamber at relatively low velocity near the end of
injection as the rising cylinder pressure reduced the injector-to-cylinder pressure
difference (Sect. 2.5.5.1). This last-injected fuel mixes slowly with the in-cylinder
gases to form a persistent rich pocket along the slanted wall between the injector and
the spark plug. At both test points, the last ~30% of the fuel that is burned under-
goes slow, mixing-controlled combustion (burning rate approximately proportional
to mass of fuel remaining in the cylinder) in this region. For both test conditions
and both injector types, the burning rate (Fig. 2.27) and the spectral distribution of
the luminosity are almost identical during this final mixing-controlled stage, and are
also relatively insensitive to spark advance [82].

2.5.7 Exhaust Emissions

A central problem in the development of automotive engines is meeting exhaust
emissions requirements while simultaneously achieving performance and fuel-
economy goals. Conventional premixed-charge four-stroke engines (see Chap. 1)
typically operate at stoichiometric conditions over the entire speed-load range,
permitting the optimization of three-way catalytic converters which can simultane-
ously reduce engine-out HC, CO and NOx emissions levels by factors of 100-1000
under steady-state, warmed-up conditions. Most vehicle or failpipe (as opposed
to engine-out) hydrocarbon emissions from such engines occur during cold starts
before the catalyst reaches its operating temperature, while most tailpipe nitric oxide
emissions occur during accelerations or decelerations where the engine control

21 Ty first order, the impulsive scavenging flow scales with delivery ratio but not with engine speed
in a crankcase-compression-scavenged engine (Sec. 2.3.4.1), whereas the piston-motion-driven
squish flow does scale with engine speed.
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system cannot maintain stoichiometric conditions accurately enough for optimum
catalyst performance.

DI spark-ignition engines, both two- and four-stroke, offer new emissions chal-
lenges and opportunities (see also Chap. 3 and [37]). Direct fuel injection elimi-
nates intake-port wall wetting and hence reduces HC emissions during cold starts
and speed-load transients. However, part-load HC emissions from stratified-charge
DISI engines can be significantly higher than from conventional premixed-charge
SI engines, and the exhaust temperature is too low for good catalyst conversion
efficiency. NOx production in stratified-charge SI engines (as mentioned in Sect.
2.1) can be significant because, even though the overall equivalence ratio may be
very lean, some of the charge burns under locally stoichiometric conditions that
maximize the local temperature and hence NO formation. Furthermore, conven-
tional three-way catalysts are ineffective in reducing NOx when there is excess
oxygen in the exhaust stream. Special lean-NOx, NOx trap and selective catalyst
reduction (SCR) aftertreatment systems are therefore under development for diesel
and stratified-charge gasoline engines [102]. Lean NOx aftertreatment demands
are mitigated somewhat by the DI2S engine’s intrinsically high residual fraction
and the lighter engine load needed for a given vehicle load, which reduce in-
cylinder temperatures and hence reduce NO formation [35]. At heavy load, DI2S
and DI4S engines operate under homogeneous, stoichiometric conditions, with HC
and NOx emissions mechanisms and catalyst operation similar to those of four-
stroke engines. An additional challenge to DI gasoline engine control systems is
presented by speed-load transients, which require changes in charge stratification
(including shifts between stratified and homogeneous operation) while maintaining
acceptable drivability and emissions.

2.5.7.1 Unburned Hydrocarbon Emissions

In stratified-charge SI engines (both two- and four-stroke), progressively-higher
engine-out hydrocarbon emissions typically occur as the load is decreased and the
degree of stratification increased. Based on conventional measurements (see, e.g.,
Fig. 2.19), the formation of overly dilute regions at the periphery of the injected fuel
cloud has long been considered as a major HC source in such engines [44, 93, 94].
Sporadic misfires and partial burns due to slow combustion may also contribute
significantly. In contrast, these mechanisms appear to be relatively unimportant to
HC emissions from more conventional premixed-charge four-stroke SI engines (see
Chap. 1), where the dominant HC source is generally considered to be the outgasing
and incomplete combustion during expansion of fuel that is forced into crevices (in
particular the piston top-ring-land crevice) during compression [30, 103].
Individual-cycle heat-release and fast-FID HC emissions measurements,
combined with simultaneous high-speed spectrally resolved imaging and augmented
by insight derived from (non-simultaneous) LIF imaging, have proven useful in
understanding and quantifying HC emissions sources from this DI2S engine. The
approach (already illustrated to some extent in Figs. 2.20 and 2.21) and salient
results are summarized here, focusing on warmed-up operation at Test Point 1,
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which is representative of the light-load conditions that dominate HC emissions.
For full details, see [82].

Interpreting measurements of individual-cycle HC concentration vs. crank angle
(e.g., Fig. 2.20) in terms of individual-cycle HC mass emissions requires knowledge
of the individual-cycle exhaust mass flow rate d M,,,(6)/dt as a function of crank
angle when there is significant cyclic variability in combustion. Here, d M, (0)/dt
has been evaluated from the measured cylinder and exhaust-port pressures P.;(6)
and P,,,(0) as a function of crank angle 6 by approximating the exhaust process
as spatially uniform, quasi-steady flow through an orifice (the exhaust port) whose
effective flow area A.rr(0)was determined in separate steady-flow measurements.
The individual-cycle HC concentration [HC] and d M,,,(0)/dt are then converted
to HC mass flow rate d My (6)/dt using effective molecular weights of the fuel
and exhaust gas (the latter evaluated from engine-out emissions data). Integrating
dMpyc(0)/dt from exhaust-port opening to exhaust-port closing yields the total
exhaust-HC mass for each cycle.

As shown in Fig. 2.29, ensemble-averaged, mass-flow-weighted HC emissions
evaluated thus from the fast-FID data agree well with simultaneously acquired time-
averaged HC data from the conventional FID over a wide range of HC levels and
operating conditions (0-30% misfires). This suggests that the fast-FID results are
not significantly biased by any non-uniformity in the HC concentration across the
exhaust port because the conventional FID (which is located downstream of the fast
FID and which samples across most of the width of the exhaust runner) obtains a
much better mixed exhaust sample than does the fast FID (see Fig. 2.14).

Heat-release and fast-HC sampling results for three consecutive engine cycles
(numbers 14—-16 of a 100-cycle ensemble) are shown in Fig. 2.30 for operation at
TP1 with the narrow-spray injector. For normal cycles (e.g., Fig. 2.20b and cycle 14
in Fig. 2.30), the HC mass flow rate d My ¢(6)/dt exhibits four important features:
(1) the cylinder blowdown peak as the piston uncovers the exhaust port (90° ATDC);
(2) a second, higher peak as the transfer (intake) ports are uncovered (120° ATDC)
and fresh air enters the cylinder; (3) backflow from the exhaust into the cylinder
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Fig. 2.30 Heat-release and fast-HC-sampling results for three consecutive engine cycles (narrow-
spray injector, TP1). Upper: Cylinder pressure (dashed line) and mass burning rate (solid line).
Lower: HC concentration (dashed line) and HC exhaust mass flow rate d Myc(0)/dt (solid line).
Note that the HC concentration data have been shifted in crank angle to account for the fast-FID
sampling delay. Also labeled for each engine cycle are the IMEP, the total mass of fuel burned
relative to the average mass of fuel injected, and the total HC mass that leaves the cylinder during
the exhaust event

around BDC; and (4) a final outflow peak as the rising piston covers first the transfer
ports and finally the exhaust port (120°-90° BTDC of the following cycle). Misfires
(e.g., cycle 15) produce high HC concentrations despite the initial backflow that
occurs instead of a normal cylinder blowdown.

High-speed (4000-frame/s) video images of spectrally resolved combustion lumi-
nosity at the end of the spark discharge and 1.5 ms later during early flame growth
are shown in Fig. 2.31 for the same three cycles. Both the combustion luminosity
here and the cylinder-pressure and heat-release data in Fig. 2.30 show that cycle

520nm 430nm

E W 520nm  430nm
(C,) (CH) Dark Bright (C,) (CH)

Fig. 2.31 Spectrally resolved dual-camera images at two times from the same three engine cycles
as in Fig. 2.30 and Fig. 2.32
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15 is a misfire. The spray images from these three cycles (not shown) are all fairly
typical, but the near-total absence of 520-nm radiation (C, radical and continuum
emission) during ignition suggests that cycle 15 is a lean misfire.

Because of the high average residual fraction (*65%) in this engine at light
load, much of the unburned fuel from cycle 15remains in the cylinder. Some of
this retained fuel burns during cycle 16 to produce above-average combustion lumi-
nosity and heat release (about 25% more than the average mass of fuel injected is
consumed). Much of the fuel retained after a misfire escapes combustion, however;
note that the exhaust-HC mass from the cycle just after a misfire is comparable to
the HC mass from the misfire cycle itself. Indeed, as Fig. 2.32a,b show, a misfire
increases HCs appreciably for that cycle and the three succeeding cycles.

The full effect of a misfire on HC emissions should therefore be quantified by
summing the exhaust HC mass from the misfire cycle itself and the next three cycles,
and comparing the total to what would be emitted under the same operating condi-
tions by four normal cycles. The net excess HC mass defined in this way is illustrated
by the shaded area under the misfire spike in Fig. 2.32b and represents, on average,
only about a third to a half of the average amount of fuel injected (4.5 mg) per cycle
at TP1. Thus the engine’s high residual fraction significantly mitigates the potential
effect of sporadic misfires on HC emissions.

Figure 2.32¢ shows that the individual-cycle HC mass falls off linearly with
the mass of fuel consumed, a trend due to the 60-70% of the HC mass that is
exhausted during the main scavenging phase while the intake ports are open. The
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linear trend includes the misfire cycles 15 and 34, but the HCs emitted one and
two cycles after a misfire (i.e., cycles 16, 17, 35, and 36) are exceptions. Because
of fuel retained after a misfire due to the high residual fraction, these exceptional
cycles have high HCs and also consume more fuel than the amount injected per
cycle.

Because of the late fuel-injection timing and the related spatial confinement of
the fuel near the spark plug at light load, little fuel is expected to enter the piston top-
ring-land crevice in this DI2S engine compared to a conventional premixed-charge
four-stroke SI engine. The fast-FID concentration data directly confirm the dimin-
ished role of the top-ring-land crevice as a HC source here. By virtue of the exhaust
port’s location in the cylinder wall (see Fig. 2.14), the first gas to escape from the
cylinder should come from the top-ring-land crevice. For normal-combustion cycles,
as illustrated in Fig. 2.20, the measured HC concentration at exhaust-port opening
is usually appreciably lower than during the main scavenging phase that begins at
intake port opening.

Incomplete oxidation of fuel emerging from the injector nozzle-exit crevice
during expansion (Fig. 2.21f; Sect. 2.5.4) may be another appreciable HC source.
Additional evidence for this is provided by time-resolved sampling-valve measure-
ments in the exhaust of a DI2S engine [104], which found that during the main
scavenging event, the O, concentration increases, while the concentrations of the
combustion products CO, CO, and NOx decrease, consistent with dilution of the
exhaust stream by short-circuited fresh scavenging air. However, both the sampling-
valve data of [104] and the present fast-FID data (e.g., Fig. 2.20a) show that the
HC concentration increases after IPO, an effect that cannot be explained by dilution
and that suggests an additional HC source such as the injector-tip crevice volume or
vaporization of liquid fuel from combustion-chamber surfaces.

2.5.7.2 Nitric Oxide Emissions

Understanding in-cylinder NO formation and minimizing engine-out NOx emissions
during stratified-charge operation motivated our efforts to measure NO concen-
trations in the optical two-stroke engine. Although sampling-valve probes and
total-cylinder sampling have been used to measure in-cylinder NO [105], these tech-
niques have limited spatial and temporal resolution and may suffer from systematic
errors intrinsic to the sampling process. More recently, LIF has been used for point
measurements and 2-D imaging of NO in flames [88, 89], in engine simulators
[106, 107], in four-stroke engines [92, 108] (including a DI4S engine [109]), and,
as described here, in a DI2S engine. NOx increases with engine load [35]; hence
the experiments described here were all performed at the heavier-load Test Point
3, which contributes 18% of the total engine-out NOx on the six-point steady-state
FTP simulation.

Figure 2.33 shows NO LIF images (averaged over 200 laser shots) taken in the
optical DI2S engine under nearly-warmed-up conditions (fired 45s prior to the
start of imaging) at TP3, but with an increased delivery ratio of 0.35 and with
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isooctane fuel.??> Compared to the fuel-LIF imaging discussed earlier (Sections
2.5.2.2,2.5.5.4, and 2.5.5.5), the laser sheet here has been narrowed to a height of
12 mm and has been moved a few millimeters off the combustion-chamber center-
line toward the camera in order to minimize laser scatter from the spark-plug elec-
trodes and interfering LIF from deposits on the electrode surfaces.

It is useful to examine how the NO LIF images (Fig. 2.33) and the spatially
integrated LIF intensities (Fig. 2.34) vary during the engine cycle. At 90° BTDC,
the transfer ports are closed, the exhaust port has nearly closed, and the cylinder
pressure is ~100kPa. The LIF image at 90 BTDC indicates a nearly uniform NO
distribution left over from the previous engine cycle. The ratio of integrated intensi-
ties at 90° BTDC to the peak integrated NO LIF intensity that occurs at 90° ATDC
is ~0.6, consistent with the high residual fraction (0.54) at this operating condition.
The NO LIF intensity level does not change much from 90° BTDC to 40° BTDC,
suggesting that the isooctane fuel injected during this time does not absorb the laser
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Fig. 2.33 Variation of
in-cylinder NO LIF images
with crank angle (Test Point
3, delivery ratio 0.35,
isooctane fuel). Each image is

an average over 200 laser
shots 0 5000 10000 15000 20000

22 To reduce window fouling and interferences due to combustion luminosity and LIF from
combustion-chamber deposits, isooctane fuel was used for most of the LIF imaging.
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or otherwise interfere with the NO LIF, and that the cylinder pressure increase to
500 kPa has little effect on the measured NO LIF intensity.??

Ignition starts at 39° BTDC, and detectable heat release lasts until ~75° ATDC.
Although an increase in NO is expected as combustion proceeds, the integrated NO
LIF intensity in Fig. 2.34 instead drops sharply at 20° BTDC, falling to a minimum
at TDC which is some six times lower than the value at 90° BTDC. Unfortunately,
this sharp drop in LIF intensity during combustion makes it impossible to determine
anything about the locations and timing of NO formation in the DI2s engine studied
here. Similar difficulties have also been encountered in NO LIF measurements in
four-stroke SI and diesel engines [108, 110] and, according to more recent studies
[111, 112, 113], are due to broadband laser absorption by hot CO, and transient
hydrocarbon species.?* This absorption becomes very strong at the short wave-
lengths (~193 nm or ~226 nm) needed to excite NO from the lowest vibrational
level of the electronic ground state.?> Curiously, LIF measurements in a heavy-duty
diesel engine [114] using essentially the same ~226-nm laser wavelength as here
did not show this strong laser attenuation during combustion; the results indicated
that NO formation in diesels occurs predominately in the diffusion-flame regions.

After TDC, the NO LIF intensity (Fig. 2.34) increases rapidly, reaching post-
combustion levels at 90° ATDC that are substantially above the initial values at
90° BTDC due to NO formation during combustion. The decrease in NO LIF
intensity after exhaust-port opening (90° ATDC) is consistent with cessation of

23 The NO number density and the NO collisional quenching rate both increase linearly with pres-
sure, so the NO LIF intensity for a fixed NO concentration is reasonably independent of pressure,
apart from pressure shifts and broadening effects (Sec. 2.5.2.2).

24 Appreciable absorption by hot CO, as well as by transient hydrocarbon species is implied by
our observation that the absorption begins earlier in the engine cycle (before ignition, in fact) and
lasts longer when the engine is fueled with gasoline rather than with isooctane. Furthermore, the
difference between the mass-averaged cylinder gas temperatures with the two fuels is fairly small
(50K in peak temperature).

25 NO LIF excitation from the first vibrationally excited level of the electronic ground state
[le_[(v” =1)] at 248-nm wavelength suffers much less from these absorption effects, but the LIF
signal strengh is then proportional to the temperature-dependent population of the v'’=1 level,
which must be taken into account [112, 113].
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NO formation in the cooler cylinder gases, escape of NO from the cylinder via
the exhaust port, and (after intake-port opening at 120° ATDC) dilution of the
cylinder contents by fresh scavenging air. At 180° ATDC (i.e., BDC), the NO LIF
intensities are nearly equal to those measured at 90° BTDC, consistent with the
strong mixing of fresh and residual gases after IPO that has been observed by fuel
LIF imaging (Sect. 2.5.4; [80, 82]) and with mass-flow calculations that show that
most of the scavenging mass transfer has been completed by BDC at this operating
condition.

Measurements using a conventional chemiluminescence analyzer were also
performed to examine the dependence of engine-out NO concentration on delivery
ratio, fuel (commercial 91 RON gasoline or isooctane), and operating time after
a warm start. (For these tests, the optical cylinder head was replaced by an all-
metal head of exactly the same geometry.) As shown in Fig. 2.35, approximately
two minutes of firing was required to obtain steady-state exhaust-NO levels for all
conditions. Increasing delivery ratio greatly increased the measured steady-state NO
concentration (from 20 ppm at DR = 0.25-480 ppm at DR = 0.35 for gasoline).
This behavior is consistent with the fact that (as mentioned in Sect. 2.1) increasing
delivery ratio increases the amount of fresh air and reduces the amount of residual
gases in the cylinder. For fixed injection and spark timings, the higher oxygen
concentration at higher DR leads to faster burning (shown by heat-release analysis),
increased cylinder pressure (increasing the NO formation rate due to higher temper-
ature) and an earlier crank angle of peak pressure (increasing the time available
for NO formation). For given operating conditions, the measured exhaust NO
concentrations for gasoline are higher than for isooctane, consistent with the faster
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Fig. 2.35 Engine-out exhaust NO concentrations measured with a chemiluminescence analyzer
as a function of time after a warm engine start for gasoline and isooctane fuels and for various
delivery ratios
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Fig. 2.36 Fifty-shot-average NO LIF images as a function of time after a warm engine start
(TP3, DR = 0.33, isooctane fuel). The LIF images were recorded at crank angle 120° ATDC,
after combustion had ceased. The upper-left image was recorded at the start of firing; the lower
right image was taken after more than 1 min of firing

burning rate and slightly higher average cylinder temperature indicated for gasoline
by the heat-release analysis.

All of the exhaust-NO trends in Fig. 2.35 were observed at least qualitatively in
the in-cylinder NO LIF intensities. For example, Fig. 2.36 shows a series of NO
LIF images recorded at 120° ATDC (TP3, DR = 0.33, isooctane fuel) as a function
of engine running time after a warm start. Each image is a 50-laser-shot average,
with the upper left image taken immediately after starting the engine and the last
(lower right) taken after more than a minute of firing. Clearly, the overall NO LIF
intensity increases rapidly with time, but the NO spatial distribution remains reason-
ably constant, with concentration minima occurring near the spray centerline and
along the right-hand wall. In Fig. 2.37, the NO LIF intensities integrated over each
image in Fig. 2.36 are plotted versus simultaneously acquired exhaust-NO concen-
tration measurements. (Although not shown here, exhaust-NO data obtained with
the optical and all-metal cylinder heads exhibit identical trends, but the optical-head
data are typically ~50 ppm lower.) The results in Fig. 2.37 demonstrate the excel-
lent linearity between the NO LIF and exhaust-NO measurements. Similar linear
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Fig. 2.37 Integrated NO LIF intensity at 120° ATDC vs. simultaneously acquired exhaust NO
concentration measured by a chemiluminescence analyzer
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results were obtained at other delivery ratios. However, substantial day-to-day and
run-to-run variation in the intercepts of the curves results from long-term drifts in
laser power, laser wavelength, and laser absorption (e.g., due to window fouling).

The sensitivity of NO formation to delivery ratio (illustrated in Fig. 2.35 and also
observed by LIF imaging) suggests the primary strategy to minimize engine-out
NO: operate with the minimum delivery ratio, i.e., with the maximum dilution by
residual gases that is consistent with combustion stability. This is also true for DI4S
engines (see Chap. 3 and [37]).

Although the chemiluminescence exhaust-NO measurements here have a
minimum time resolution of a few seconds, cycle-to-cycle variations in in-cylinder
NO concentrations can be characterized by single-laser-shot LIF images which
have the time resolution of the laser pulse (<10 ns). This requires that shot-to-shot
variations associated with the measurement technique be quantified, as illustrated
(Fig. 2.38, top) by a histogram of total integrated LIF intensity from a set of 50
single-shot images of a uniform distribution of 240 ppm NO in N,. The width of

Relative Probability

30000 35000 40000 45000 50000 55000 60000 65000
Integrated LIF Intensity

Relative Probability

3000 3500 4000 4500 5000 5500 6000 6500
Integrated LIF Intensity

Fig. 2.38 Comparison of histograms of integrated NO LIF intensity. Top: Histogram of 50 images
of a uniform distribution of 240 ppm NO in N,. The histogram width is due to shot-to-shot varia-
tions in laser power. Bottom: Histogram of 20 images recorded in the firing engine. The histogram
width is predominantly due to cyclic variations in NO concentration
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the distribution (relative standard deviation of 7%) is due primarily to shot-to-shot
variations in laser power because camera-related noise is not very significant for
these relatively strong signal intensities.

To characterize relative cyclic variation in NO concentrations, a similar histogram
evaluated from 20 single-laser shot LIF images in the firing engine (TP3, DR =0.35,
120 ATDC) is shown at the bottom of Fig. 2.38. The average NO exhaust concen-
tration (measured simultaneously) was 420 ppm, and the NO LIF signal intensities
are ~4000 counts/pixel, or ~10 counts/pixel/ppm NO. The integrated LIF inten-
sities from the firing engine vary by more than a factor of two, with a relative
standard deviation of 21%. Clearly, the width of the NO LIF histogram from the
firing engine is strongly dominated by cycle-to-cycle variation in NO concentra-
tions. Furthermore, because about half the cylinder contents at this operating condi-
tion are retained from previous cycles, the factor-of-two overall spread in integrated
NO LIF intensity implies a cycle-to-cycle variation range of about a factor of four
in NO production.

2.5.8 Other Engine-Development Issues

2.5.8.1 Cyclic Variability

Cyclic variation in combustion is a significant practical problem in engine develop-
ment that has not yet proven amenable to prediction by large-scale computational
models. As suggested in Sect. 2.4.4, the steep gradients in fuel concentration that
occur in late-injection stratified-charge engines are a likely source of combustion
variability because, even when there is a stoichiometric fuel-air mixture at the spark
gap on average, ignition problems (including misfires) can occur if the mixture is
beyond the ignitability limits for any individual cycle.

In Fig. 2.39 a set of nine individual-cycle planar LIF images selected from a set
of fifty recorded at Test Point 3 with the wide-spray injector are arranged so that
the top row has the least fuel near the spark gap, the middle row has the average
amount, and the bottom row has the most fuel at the spark gap. Although the overall
shape of the fuel cloud and the total amount of fuel within the cloud are roughly the
same in each case, the steep gradient in fuel concentration near the spark gap causes
significant cycle-to-cycle variation, as quantified in Fig. 2.40 by the histogram of
LIF intensity within a small region (0.75 x 1 mm image area x ~0.5 mm laser-sheet
thickness) just above the spark gap. Using the average over the fifty images in the
set to relate LIF intensity roughly to equivalence ratio as described in Sect. 2.5.5.3
indicates that a few cycles were either too rich or too lean for successful ignition and
rapid flame propagation, consistent with the incidence of misfires and partial burns
determined from simultaneously acquired cylinder-pressure data [79].2° Histograms

26 This approach probably overestimates the incidence of misfires and partial burns because the
spark can enflame gases from a somewhat larger region than the ~0.4 mm? volume examined
here, and the 1 ms spark duration is, moreover, sufficient for fuel-air mixture to reach the spark
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Fig. 2.39 Nine individual-cycle LIF images of fuel distribution just before ignition selected from
a set of fifty images (TP3, wide-spray injector). The LIF intensities near the spark gap increase by
row from top to bottom

from two other locations in the combustion chamber which have approximately the
same average fuel LIF intensity are no narrower than the one in Fig. 2.40, suggesting
that they would not have any advantage as alternate ignition locations.

2.5.8.2 Fuel Distribution During Engine Warmup

The full curve in Fig. 2.41 plots LIF fuel intensity near the spark gap (averaged over
50 images) acquired at uniform intervals during a six-minute period after a warm
start of the optical engine (i.e., with the block and head heated to 90°C but with
the engine not having been fired for at least five minutes). The labeled points show
that indicated work (IMEP) and combustion stability [COV(IMEP)] both improved
during the first three minutes after starting the engine, during which period the
LIF intensity (and, by inference, fuel concentration) near the spark gap gradually
increased by a factor of about 1.5. Assuming that ¢ & 1 near the spark gap at this
time implies ¢ & 0.65 on the average near the spark gap just after starting the engine.
Misfires or partial burns in some cycles would therefore be expected if there were
even modest cyclic variability in the local equivalence ratio. As shown by the dashed
curve in Fig. 2.41, however, a second injector produced a nearly constant fuel-LIF
intensity near the spark gap over a three-minute period following a warm start, with
indicated work and combustion stability reaching steady values within about 30s.

gap from some distance away, depending on the local velocity field [100, 115]. Furthermore, the
relatively long spark duration allows significant stretching of the discharge itself [116].
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Fig. 2.40 Histogram of LIF intensity in a small region just above the spark gap determined from set
of 50 individual-cycles images illustrated in Fig. 2.24, together with a rough scale of equivalence
ratio determined using the procedure describe in Sect. 2.5.5.3)
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2.5.9 Fuel Economy and Emissions Control Considerations

The indicated specific fuel consumption (ISFC) of a DI2S engine is generally infe-
rior to that of a comparable premixed-charge four-stroke SI engine because of the
DI2S engine’s lower compression ratio and its typically overadvanced combustion
at light loads. In this study, for example, peak cylinder pressure typically occurs just
a few degrees ATDC at light load, whereas for optimal work-conversion efficiency
peak pressure should occur in the range of 12—-15° ATDC. Stratified-charge combus-
tion tends to be generically overadvanced due to the need to minimize overmixing by
minimizing the time from injection to ignition. The modest pressure of the air-assist
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injection system used here worsens this situation by limiting how late the fuel can
be injected before the rising cylinder pressure reduces the injector-to-cylinder pres-
sure difference too much and degrades atomization unacceptably or halts injection
entirely (Sections 2.5.4 and 2.5.5.1).

Nevertheless, the brake specific fuel consumption (BSFC) of the DI2S engine is
typically ~10-30% better than that of a comparable four-stroke engine up to about
40% load due to the two-stroke engine’s lower pumping losses at light load?’ as well
as to its overall lower friction [35]. For a given vehicle, therefore, the relative fuel-
economy benefit of the DI2S engine is greater for urban driving than for highway
driving and for a higher-output engine than for a lower-output engine. The weighted-
average engine load over the driving cycle also determines whether HCs or NOx is
the leading-order engine-out emissions concern.

In marine applications, replacement of premixed-charge two-stroke engines by
DI2S engines provides major reductions in both fuel consumption and HC emissions
because short-circuiting of fuel to the exhaust is nearly eliminated. Overall fuel-
economy improvements in the range of 35-40% have been reported (~80% for idle
and trolling speeds and ~10% at top speed) [19].

The first-order control strategy for DI2S engines at part load is to operate at
the lowest possible delivery ratio and with fuel injection and ignition as retarded
as possible, consistent with acceptable combustion stability. Minimizing the dura-
tion between injection and ignition minimizes overmixing of fuel and air, while
retarding ignition improves combustion phasing. Reducing delivery ratio increases
the residual fraction, which serves multiple purposes: it reduces NO formation by
decreasing peak cylinder pressure and temperature, it efficiently recycles unburned
HCs for in-cylinder consumption during later cycles, it helps improve combustion
phasing by slowing the rapid initial stage of the stratified combustion process,
and it reduces pumping losses. Crankcase-compression-scavenging minimizes the
need for external exhaust-gas recirculation and permits the residual fraction to be
increased to over 60% merely by throttling the intake and so reducing delivery ratio.

2.6 Summary and Conclusions

This chapter has discussed key aspects of flow, mixture-preparation and combus-
tion in DI2S engines with crankcase-compression scavenging, has described and
illustrated the use of several advanced diagnostic techniques (mostly laser-based)
to investigate these in-cylinder processes, and has indicated how these diagnos-
tics can be used in a coordinated fashion both to increase knowledge and to
address rather directly some practical questions that arise in engine development.
The incorporation of the results into improved submodels for large-scale three-
dimensional computational simulations and the use of the experimental data to test

27 Pumping losses in crankcase-compression-scavenged two-stroke engines increase with load
(strictly speaking, with delivered air), while they decrease with load for conventional four-stroke
SI engines.
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the predictions of such computations have not been discussed here, but have been
described to some extent in the literature [56, 57, 58, 68].

Salient points of the chapter are summarized here. Recall that we have focused
on part-load conditions where the engine operates in a stratified-charge mode and
where exhaust-hydrocarbons are the major emissions concern. Overall, the two
speed-load conditions examined here, together with a third condition intermediate
between these two, account for about 55% of the fuel consumption, 80% of the
engine-out HC emissions and 25% of the engine-out NOx emissions of a 3.0-L
V6 DI2S engine in a mid-size sports sedan over a simulated US FTP driving
cycle.

1. Flow. The scavenging process that removes combustion products from the
cylinder and brings in fresh air — which is especially sensitive to the flow field in
ported engines of this type because it is accomplished without the aid of overhead
valves — was investigated using photon-correlation laser-Doppler velocimetry in
an optical engine with a representative commercial crankcase and a simplified
cylinder-head geometry.

a. Fresh air enters the cylinder from the crankcase through the six transfer
(intake) ports arrayed around the bottom of the cylinder in the form of impul-
sive, high-velocity (>200m/s initially) jets that are fairly uniform circum-
ferentially and that follow the intended mirror symmetry of the port layout
closely but not perfectly.

b. During the brief period of primary inflow to the cylinder (as the crankcase
overpressure decreases towards the cylinder pressure), the port-efflux jets
behave as highly transient but well behaved slot jets with relatively modest
rms velocity-fluctuation intensities (1’ < 10% of the local ensemble-mean
velocity).

c. The colliding-jet interaction of the port-efflux flows with each other and with
the piston, cylinder and head surfaces produces an in-cylinder flow field with
strong asymmetry, locally high mean velocities (~100 m/s) and very high rms
velocities (u'/(U) ~ 30-40%).

d. As the strong inflow diminishes, the intended scavenging-loop vortex becomes
recognizable in the axial plane of nominal port symmetry, but the flow at the
port-cylinder interface becomes complex and involves spatially non-uniform
backflow into the transfer ports as the crankcase and cylinder pressures
undergo damped oscillations toward equilibrium.

e. The significant in-cylinder flow asymmetry, which includes unintended swirl,
diminishes scavenging efficiency by increasing short-circuiting of fresh air to
the exhaust and by increasing fresh-residual gas mixing.

f. The observed in-cylinder flow asymmetry, the indicated sensitivity to small
geometric variations (such as might easily occur in manufacturing), and the
possibility of large-scale cyclic flow-field variation (expected for colliding-jet
flows and implied by the observation of bimodal velocity PDFs at some loca-
tions) are all undesirable in emissions-regulated applications and, together
with other experimental work and CFD computations, showed the need for
an improved port design that would be less susceptible to these problems.
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2. Mixture preparation. The spatial structure and temporal evolution of air-assist
fuel sprays and the formation of a stratified fuel distribution at typical light-load
ignition times was investigated first in a geometrically simplified, non-firing
optical engine using planar exciplex LIF to obtain simultaneous but distinct
single-cycle images of the liquid- and vapor-phase fuel. Later experiments exam-
ined fuel sprays, mixture formation and combustion in a continuously fired
optical engine that closely simulated the geometry and operation of an experi-
mental V6 DI2S engine. These measurements employed continuous, high-speed
planar Mie scattering imaging of liquid fuel and single-cycle and multi-cycle-
averaged LIF of commercial gasoline and of ketone-doped isooctane in both
liquid and vapor phases. LIF images from a set of several measurement planes
were also used to construct 3-D renderings of the fuel distribution in the firing
engine.

a. The initially hollow-cone fuel sprays collapse and fill in with liquid and vapor
fuel due to entrainment of air.

b. For the late-injection conditions needed to stratify the charge, atomization
and spray penetration typically deteriorate near the end of injection as the
rising cylinder pressure approaches and exceeds the injection air pressure.
This effect, which also reduces spray-induced mixing during and after injec-
tion, is most severe at the lightest loads, for which injection durations are
shortest and the start of injection is most retarded.

c. With the air-assist injectors used here, evaporation is very rapid. For typical
ignition timings (just at or after the end of injection), nearly all of the fuel
within the viewable region has evaporated, as revealed both by the exciplex
results (which were carried out at reduced compression ratio and with dopants
significantly less volatile than most components of commercial gasoline) and
by comparison of gasoline LIF with Mie scattering in a realistic firing optical
engine.

d. For ignition at the end of the nominal injection period, the charge is highly
stratified around the spark plug, with a core that is too rich to burn and outer
regions that are too dilute to ignite and burn well. Readily-ignitable mixture is
present only in a thin (few-mm) shell around the periphery of the fuel cloud,
where the average fuel distribution displays a steep gradient.

e. Significant cycle-to-cycle and injector-to-injector variation in the fuel sprays
and in the fuel distribution at ignition was quantified.

3. Combustion. Combustion of the stratified charge was investigated under demon-
strably realistic conditions using optical imaging techniques (planar Mie scat-
tering, fuel LIF, and spectrally resolved flame luminosity) combined with simul-
taneous cylinder-pressure measurement.

a. Stratified-charge combustion occurs in two principal stages:

(1) (a) Rapid propagation of a partially premixed flame through regions
where the fuel-air-residual distribution has a high laminar burning velocity,
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followed by (b) rapid burnout of locally rich regions behind the flame
front as remaining fuel and oxygen mix in the hot post-flame gases.

(i1) (a) Slow mixing-controlled combustion of large, rich fuel pockets, a prin-
cipal source of which is the last-injected fuel, which enters the chamber
at low velocity and with degraded atomization to form a persistent rich
pocket between the injector and the spark plug. This stage of slow mixing-
controlled combustion is probably accompanied by (b) continued slow
premixed flame propagation into highly dilute zones at the periphery of
the fuel cloud.

b. At the lightest loads, the expanding flame never fills the combustion chamber,
despite the existence of fuel at low concentration outside the flame’s maximum
extent.

c. As injection timing is advanced with increasing load, combustion becomes
more premixed in character.

d. Observable combustion luminosity ends around 40°-50° ATDC, but measur-
able heat release continues until the onset of exhaust flow.

4. Hydrocarbon emissions. Simultaneous heat-release measurements, time-resolved
exhaust-hydrocarbon sampling with a fast-flame-ionization detector, and high-
speed spectrally resolved imaging have been combined with insight from fuel
LIF imaging to identify and, to some extent, quantify sources of HC emissions.
Individual-cycle exhaust-HC mass has been evaluated from a calculation of the
individual-cycle exhaust mass flow rate based on measured cylinder and exhaust-
port pressures.

a. The fast-FID HC concentration data directly confirm that fuel trapped in
the piston top ring-land-crevice is a comparatively unimportant light-load
HC source in this engine, as expected from the late injection timing and the
observed spatial confinement of the fuel near the spark plug.

b. Sporadic misfires and partial burns are an appreciable HC source, although
their effect on total HC emissions is mitigated significantly by the high
residual fraction, which allows more than half the injected fuel from a misfire
cycle to remain in the cylinder and be consumed over the next three cycles.

¢. Bulk quenching is a major HC source, contributing in two distinct ways:

i. Extinction occurs as combustion propagates into regions that are too dilute
to burn, as shown conclusively by comparison of fuel-LIF and combustion-
luminosity images at the lightest loads.

ii. Some rich or combustible mixture fails to burn during the progressively
slower mixing-controlled stage of combustion.

d. The release of fuel (mostly vapor but also some liquid mist) trapped in the
nozzle-exit crevice has been observed by LIF and Mie scattering, and may be
another appreciable HC source.

5. Nitric oxide emissions. In-cylinder NO imaging using LIF has been performed
simultaneously with exhaust-NO concentration measurements using a standard
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chemiluminescence analyzer for DI2S engine operation on gasoline and isooc-
tane fuels over a range of conditions.

a.

d.

Images of NO fluorescence have been obtained successfully prior to igni-
tion and after combustion is complete, but measured NO LIF intensities are
strongly reduced during combustion due to strong absorption of the 226-nm
laser sheet. The locations and sources of NO formation could therefore not be
determined.

Prior to ignition, uniformly distributed NO concentrations are observed,
consistent with the strong mixing between fresh charge and residual gases
observed in this engine by fuel LIF imaging.

Late in the engine cycle, the integrated NO LIF intensities are linearly corre-
lated with the exhaust NO concentration. In-cylinder NO levels corresponding
to exhaust concentrations as low as 10 ppm can readily be detected in the
firing engine using LIF imaging.

Consistent increases in NO concentration with increasing delivery ratio and
with time after the start of firing are observed with both in-cylinder LIF and
conventional exhaust-gas measurements.

Single-laser-shot LIF imaging reveals substantial cycle-to-cycle variation in
in-cylinder NO levels.

6. Application to engine development problems. In addition to providing the detailed
insight just outlined about HCs (which constitute the major development problem
with direct-injection gasoline engines at light load), the techniques here have
proven useful in addressing other practical issues.

a.

High-speed planar Mie scattering has proven to be an effective and compar-
atively rapid “injector du jour” development tool for comparing different
types of injectors in terms of spray structure and penetration, identifying such
malfunctions as secondary injections or fuel dribble, and assessing cycle-to-
cycle and injector-to-injector repeatability. Even in a motored optical engine,
realistic conditions of in-cylinder flow and gas density can be replicated
readily.

Single-cycle fuel-LIF imaging coordinated with cylinder-pressure measure-
ment has established the important role of cycle-to-cycle fluctuations in the
fuel concentration near the spark plug as a primary source of misfires and
partial burns and has pointed out the need for a more repeatable fuel distri-
bution at the time of ignition.

Fuel LIF imaging has also revealed important differences in the fuel distri-
butions produced by two nominally identical injectors during engine warmup
over a period of six minutes.

7. Relation to four-stroke DISI engines. DI2S engines continue to be of interest
for marine, motorcycle, scooter and other light-vehicle applications, although
their development as automobile powerplants has given way to four-stroke DIST
engines, which are discussed in the next chapter. DI4S engines encounter most of
the mixture-preparation, combustion and emissions-formation issues discussed
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in this chapter, and application of many of the same diagnostic techniques,
together with concurrent advances in fuel-injection equipment, catalyst tech-
nology and engine control systems, have proven decisive in the introduction of
commercial DI4S engines (see Chap. 3 and [37, 38].
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Chapter 3

Flow, Mixture Preparation and Combustion
in Four-Stroke Direct-Injection

Gasoline Engines

Hiromitsu Ando and Constantine (Dinos) Arcoumanis

3.1 Introduction

Since the launch of the first direct-injection (DI) gasoline engine in 1996, many
Japanese and European car manufacturers have introduced this technology into the
market with the expectation that it would spread worldwide. There was a commonly-
shared view that it represented one of the most effective fuel economy improvement
technologies for CO, reduction. Unfortunately, this technology hasn’t achieved
significant penetration into the mass production market even after 10 years from
its launch, despite its obvious scientific and technological advantages.

In this chapter, the basic features of direct injection gasoline engines and the
technologies adopted to realize them will be described. Then the technological
evolutions over the last 10 years, through worldwide efforts by researchers in both
industry and academia, will be reviewed and the prospects for the future of the
direct-injection gasoline engine technology summarized.

Finally, the latest developments, i.e. the spray-guided combustion system repre-
senting the most promising concept for meeting the future CO, targets, are presented
and examples are provided of the new generation of fuel injection systems that may
allow the mass production of stratified direct injection gasoline engines for automo-
tive applications.

3.2 Significance and Limits of the Direct-Injection Gasoline
Engine Technology

It is generally accepted that the fuel economy improvements of DI gasoline engines
are due to their higher compression ratio, higher specific heat ratio, pumping loss
reduction (lean burn, EGR) and cooling loss reduction. The effects of these factors

Hiromitsu Ando
University of Fukui, Fukui, Japan, e-mail:

Constantine (Dinos) Arcoumanis
City University London, London, UK, e-mail: c.arcoumanis @city.ac.uk

C. Arcoumanis, T. Kamimoto (eds.), Flow and Combustion in Reciprocating Engines, 137
DOI: 10.1007/978-3-540-68901-0_3, © Springer-Verlag Berlin Heidelberg 2008



138 Hiromitsu Ando and C. (Dinos) Arcoumanis

30 .
S, o 20% Less Displacement
AL Q, ‘e
- . k.? % for Downsizing
& 7»:1.5»,’ "... 20% Less Friction
. ., - .
c ", Yoy e, 20% Higher Comp.Ratio
g 0 ™ e,
A ., ~.....'
% A -, "~.,~ D
s Pumping+Loss:0 LTI
E -, -....,...
E. \ R n,..‘ 'n...........
2 10 N :
8 . . Current VVT + \:1, EGR
u ~ ) \..'3'..._
g S~ ~— ey TN N — N
[ - e,
-~ —-— -.:-._.,.:.." .
0 — TR =

4 6 8 10 12 14 16 18 20
Brake Power (kW)

Fig. 3.1 Factors of fuel economy improvements

on fuel economy improvement are shown schematically in Fig. 3.1 and can be
summarized as follows:

e Although there are large effects in the low load region, their influence diminishes
at higher loads

o The effect of lean burn is large mainly due to the higher specific heat ratio rather
than reduction of the pumping loss.

e The effect of higher specific heat ratio is maintained even at higher loads.

e The reason the DI gasoline engine technology is so efficient lies in its ability to
take advantage of all the factors shown in Fig. 3.1, that is, the higher specific heat
ratio realized by the stable lean burn, the higher compression ratio permitted by
various anti-knock measures, the pumping loss reduction through lean burn and
the cooling loss reduction through lowering of the burned gas temperature and
mixture stratification effects.

Although the fuel economy benefits of direct-injection gasoline engines compared
with their conventional port fuel injection counterparts were large at the timing of
their launch in 1996, they have gradually lost some of their advantages over the last
10 years or so. The main factors are the following:

e Port fuel injection engines have improved significantly

e Breakthrough transmission technologies have emerged

e Operating conditions for the lean operation of DI gasoline engines could not
be extended in order to meet the increasingly more stringent emission control
requirements.
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In addition, diesel engines have entered the European market with superior fuel
efficiency and outstanding performance which reduced the momentum for research
into DI gasoline engines.

The most distinctive evolution of port fuel injection engines has been the intro-
duction of Variable Valve Timing (VVT) technologies which are now quite standard.
Through the VVT, pumping loss reduction can be realized by using the Atkinson
cycle effect where valve overlap is reduced under low load conditions to reduce
the amount of residual gases. As a result of the improved combustion stability,
engine idle speed can be reduced to the same level as in DI gasoline engines. In
addition, by adjusting the timing of the valve overlap, hot exhaust gas is evacuated
selectively which results in a slight improvement of the anti-knock characteristics;
further improvement can be achieved through optimization of the thickness of the
coolant flow wall between the combustion chamber and the water gallery. This can
be realized through advances in the casting techniques which also contributes to the
improvement of the anti-knock characteristics.

Almost all of the fuel economy improvement technologies are aiming at the low
load conditions where thermal efficiency is rather poor. New transmissions such
as CVT, multi-stage AT, multi-stage MT and AMT (Automated Manual Transmis-
sion) are technologies able to improve the powertrain efficiency by minimizing low
load engine operation. The end result has been that the significant effects on fuel
consumption reduction introduced by the DI gasoline engine have been gradually
depreciated by the introduction of these transmission technologies.

Finally, although the evolution of the lean NOx catalyst technology has been
remarkable, as will be described later, and its efficiency almost exceeds 90% under
relatively wide ranging conditions, the efficiency of its competitor, the three-way
catalyst used by port fuel injection engines, frequently exceeds 99%. It can therefore
be argued that the efficiency of DI gasoline engines has been sacrificed in order to
achieve emission levels comparable to those of port fuel injection engines. However,
at present fuel consumption is attracting more attention than local exhaust emis-
sions due to the emphasis on global warming, which is responsible for the renewed
interest on DI Diesels and spray-guided stratified gasoline engines.

3.3 Technologies for Direct-Injection Gasoline Engines

It is well known that there are three basic concepts of direct injection gasoline
engines: wall-guided, air-guided and spray-guided (Table 3.1). The concept investi-
gated since the 1950 s had been the spray-guided concept in a configuration known
as narrow/close spacing which locates closely the fuel spray and the spark plug in
the central region of the cylinder head. [1, 2, 3, 4, 5, 6, 7]. In this concept, the
spark plug is projected into a specific region of the fuel spray in order to achieve
stable spark ignition and, as such, is it exposed to fuel droplets and/or a rich fuel-air
mixture which encourages soot formation and spark plug fouling leading to misfires.
It is only recently that the first encouraging signs have emerged for a successful
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implementation of the spray-guided concept in a production engine; more details
are provided later.

In 1996 a new concept called wide spacing was proposed [8]. This concept
locates the fuel spray and the spark plug at some distance from each other. The
fuel is injected towards the hot piston surface and the formed fuel vapour is directed
towards the spark plug through a combination of piston-bowl geometry and strong
in-cylinder bulk flow. The main advantage of this concept is that the spark plug
fouling problem is resolved since the fuel approaches the spark plug after vaporiza-
tion and mixing with air. The wall-guided engine concept used the following four
main technologies:

e An in-cylinder flow called the reverse tumble generated by the upright straight
intake ports.

e A swirl injector nozzle preparing well dispersed and atomized fuel spray at rela-
tively low injection pressures.

e A piston with a cavity designed to optimize fuel spray impingement and re-
direction towards the spark plug

e Mixing control mechanism combining a homogeneous mixture realized by injec-
tion during the early stages of the intake stroke and a stratified mixture realized
by injection during the later stages of the compression stroke.

After the launch of the first mass production DI gasoline engine in 1996, many
alternative systems have been introduced into the market, employing swirl or tumble
in place of the reverse tumble, injection systems using a swirl nozzle with an asym-
metric spray shape named casting net spray and achieved through a novel nozzle
hole design, and a fan-spray nozzle producing a two-dimensional thin shaped spray
through a slit located at the outlet of the nozzle hole [9, 10, 11, 12]. Both systems
are classified into the wide spacing concept, and have the common feature of using
an intense in-cylinder flow and a purpose-designed piston cavity. Although some
systems have been referred to as wall-guided and others as flow-guided, this classi-
fication seems to have little meaning since all first-generation DI gasoline engines
in production have employed guidance by flow and wall simultaneously and experi-
enced increased heat losses as a result of the complicated piston cavity with its larger
surface area. Flow-guided is probably a term introduced to highlight the necessity
for simplification of the piston crown geometry which more recently led to the
introduction of the air-guided concept. Existing wall-guided combustion systems
in production today are illustrated in Fig. 3.2 in terms of their corresponding piston
and spray configurations.

The spray-guided concept under intense development today offers the best poten-
tial partly because of the possibility of using a simpler piston geometry. In order
to realize the spray-guided concept, it is important to prevent impingement of fuel
droplets onto the spark plug. To achieve this, many ideas have been proposed such as
using an air-assisted injector, a spray collision injector, an outwards opening nozzle
and a multi-hole nozzle, the latter two combined with higher pressure injection
[13, 14, 15, 16, 17]. The targets are to dilute the fuel through air entrainment and
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Fig. 3.2 Wall-guided gasoline direct-injection engines

improved atomization and to prevent the concentration of large fuel droplets and
rich fuel vapour around the spark plug at the time of ignition through control of the
spray development as a function of the thermodynamic in-cylinder conditions. Out
of the emerging advanced fuel injection technologies, the multi-hole and outward-
opening nozzles shown in Figs. 3.3 and 3.4, have real potential for becoming a
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Fig. 3.3 Multi-hole injector for spray-guided gasoline direct injection engines and its key
geometric parameters (spray and jet cone angle, hole diameter D and length L)
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Fig. 3.4 Outward-opening injectors for spray-guided gasoline direct injection engines

mass production technology. In case of the multi-hole nozzle, the spark plug can be
located between two of the sprays or over one of the sprays with a small aperture.

On the other hand, an outward-opening nozzle allows intense interaction between
fuel droplets and the surrounding air, with atomized fuel concentrated on the
outer periphery of the spray and the spark plug located in the recirculation zone
formed at the leading edge of the spray. Both nozzle types are able to prepare a
fuel-air mixture with near stoichiometric mixture strength around the spark plug
while avoiding direct fuel spray impingement on the spark electrodes. More details
about these two emerging fuel injection technologies and the generated sprays are
given in subsequent sections. Overall, it can be argued that the potential of the
spray-guided concept is much higher than the other two, despite its questionable
robustness relative to the wall-guided concept (Table 3.1) due to the fact that its
combustion development is controlled exclusively by the stability of the fuel spray
characteristics.

3.4 General Features of Direct-Injection Gasoline Engines

The distinctive features of the DI gasoline engine are centred on its potential to
achieve stable lean burn, to reduce and even eliminate engine-out unburned hydro-
carbon emissions, to improve the anti-knock characteristics and to control torque
precisely and quickly.
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3.4.1 Lean Burn

Combustion of a lean fuel/air mixture should be discussed from two viewpoints:
thermal efficiency and NOx formation. With respect to thermal efficiency, reduction
of pumping losses, reduction of heat losses and higher specific heat ratio are the
main advantages of lean burn. These are realized by increasing the total amount
of working fluid, lowering the mean burned-gas temperature and increasing the
percentage of diatomic molecules in the working fluid. All these effects can be
achieved when the fuel-air mixture is overall lean. The DI gasoline engine which
can maintain stable combustion under overall lean mixture conditions has the best
potential to fully explore the thermodynamic advantages of lean burning.

With respect to NOx reduction, it is necessary to control the local equivalence
ratio to remain always lean and to suppress flame propagation. The first require-
ment is to lower the local temperature or oxygen concentration in the burned gas
region to prevent or reduce thermal NOx formation. The local temperature of the
burned gas continues to increase by means of adiabatic compression realized in the
region ahead of the propagating flame. In particular, when combustion is controlled
by flame propagation, a non-uniform temperature distribution takes place in the
cylinder which results in substantial NOx formation in the high temperature region.
This is the reason for the second prerequisite for NOx reduction which is the elimi-
nation of flame propagation. The developing consensus on this point is that the ulti-
mate solution for satisfying the requirement for NOx reduction is HCCI combustion,
where simultaneous ignition of the mixture takes place across the cylinder volume
and any temperature increases maintain mixture homogeneity.

It can be argued from the above that, from the viewpoint of NOx reduction, the
direct-injection gasoline engine is not the optimal solution since the local combus-
tion field is generated by spark ignition and the resulting flame traverses the combus-
tion chamber tracing the fuel/air mixture with moderate local equivalence ratio. The
temperature of the burned gas zone continues to rise and generates large amounts of
thermal NOx. Therefore, the engine-out NOx emissions of direct injection gasoline
engines operating under lean overall conditions remain at relatively high levels of
about 0.2-0.35 of those in a conventional port fuel injection engine operating at
stoichiometric conditions which necessitates a sophisticated aftertreatment system
for reducing NOx.

When high output is desirable, it is necessary to operate the engine under stoi-
chiometric or slightly rich conditions, because it is the fuel quantity that determines
the engine output under conditions of fixed air mass. Therefore, lean engine opera-
tion with higher efficiency is quite restricted under realistic driving conditions. This
represents the essential limit to the advantages that can be offered by direct injection
gasoline engines.

3.4.2 Minimization of Fuel Escaping Power
Generating Combustion

In port fuel injection engines, a lot of fuel is captured in the oil film formed on the
cylinder liner surface and/or in the piston crevices. This fuel is scraped and released
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from the walls and cavities by the ascending piston during the exhaust stroke and is
burned rather quickly in the cylinder when the intake valves open, due to the intense
turbulence generated and the large amount of fresh air introduced into the cylinder
during the opening period of the intake valves. Although this fuel is not strictly
counted as unburned hydrocarbons, the fuel burned during the exhaust and intake
strokes which does not contribute to the work output of the engine should be treated
as escaped fuel. It is sometimes overlooked that escaping fuel is one of the most
important factors penalizing the thermal efficiency of port fuel injection engines. It
is thus very fortunate that DI gasoline engines, where the air around the cylinder
liner does not contain fuel, offer the possibility of minimizing the fuel escape and
enhancing further their thermal efficiency.

3.4.3 Improvement of Anti-Knock Characteristics

At higher loads, the DI gasoline engine operates by adopting the early injection
strategy where the combustion characteristics are identical to those of the premixed
port injection engine. However, improved engine performance can be realized by
the higher volumetric efficiency and the improved anti-knock characteristics.

In the case of port fuel injection engines, the latent heat of evaporation is supplied
by the surface of the intake port(s), the intake valves or the cylinder liner. In the case
of early direct injection, the fuel spray follows the piston and the impingement of
the liquid fuel on its crown can be carefully minimized. Therefore, the latent heat
is supplied to the fuel by the intake air and this causes efficient charge air cooling;
it is estimated that the charge air is cooled by about 15 K. This implies that the gas
temperature at the end of the compression stroke can be reduced by about 30K,
which enhances the volumetric efficiency and suppresses knocking.

In the case of port fuel injection engines, significant transient knock can take
place during several cycles at the start of vehicle acceleration. Transient knock is
caused by selective transport of low boiling point gasoline components with their
lower octane numbers [18]. The direct injection engine, however, is not affected by
such transient knock because all of the gasoline components are transported into the
cylinder. A knock suppression period, caused by delay in the surface heating of the
combustion chamber, follows the transient knock period. As a result, in the case of
direct-injection gasoline engines that are not sensitive to transient knock, ignition
timing can be advanced by 10 s or more at the start of the acceleration period which,
in general, is sufficient to complete the vehicle acceleration.

For further improvements of the full-load performance, an alternative knock
suppression method named ‘two-stage mixing’ has been proposed [19]. Since there
is consensus that the most distinctive feature of a direct injection engine is the
‘freedom of mixing’, ‘two-stage mixing’ takes advantage of this freedom for knock
suppression; Fig. 3.5 illustrates the relevant procedure. Fuel is injected into the
engine cylinder twice; the first injection takes place during the early stages of the
intake stroke to prepare a premixed very lean mixture while the second injection
takes place during the later stages of the compression stroke to prepare a stratified
mixture for ignition.
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Fig. 3.5 Characteristics of two-stage mixing [18]

This knock-prevention process can be explained as follows:

e The premixed mixture prepared by the first injection is too lean to cause
knock.

e The stratified mixture prepared by the second injection may form a stoichiometric
mixture at some locations, however, the life time of that mixture prior to ignition
is not long enough for knock precursor reactions to proceed.

Although in the case of a single late injection, a large amount of soot can be
emitted when the average mixture strength becomes rich, in the case of two-stage
mixing soot emission is not a problem except at very low engine speeds when the
average air/fuel ratio is 12. The process of soot formation and oxidation can be
explained as follows:

e When spark ignition takes place, only the stratified charge is ignited because the
surrounding premixed mixture is too lean to be ignited.

e Combustion products generated in the rich stratified mixture containing CO and
soot are transported by means of flame propagation into the surrounding lean
mixture.

e Soot acts as ignition site and ignites the very lean mixture beyond its flamma-
bility limit; in this process CO may assist ignition and soot is oxidized in the
combustion zone of the lean mixture.
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3.4.4 Precise and Rapid Torque Management

In terms of engine management, the direct injection gasoline engine technology
offers another advantage, the ‘freedom of control’, that is the potential of precise
and quick management of torque with the best possible robustness.

In the case of port fuel injection engines, engine torque is controlled by the
intake-air volume and, thus, is dependent on throttle valve operation. Even with an
electronic throttling system, a change in air intake is somewhat delayed because
the intake manifold with its large volume is located downstream of the throttle
valve. In the case of direct-injection gasoline engines, however, torque can be easily
controlled by just changing the injected fuel quantity while retaining the air intake
constant; to be more specific, the torque in each cylinder and at each engine revolu-
tion can be freely controlled. This freedom can be used in the idle stop application
[20] of a hybrid vehicle with a small capacity motor and in the advanced engine-
transmission integrated control system. To gain customer acceptance, the idle-stop
system needs to be able to achieve fast start and acceleration of the vehicle under
the standstill mode.

Figure 3.6 compares the starting process in a port fuel injection engine with that
of a direct injection engine. In the port fuel injection engine, the procedure for
the earliest re-starting process is as follows: (i) detect the cylinder under exhaust
stroke at the engine cranking, (ii) inject fuel into the port of the cylinder, (iii) the
injected fuel is carried into the cylinder during the intake stroke and is compressed
and burned. In the case of the direct injection gasoline engine, the cylinder under
compression is detected at the beginning of the engine cranking and fuel is injected
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Fig. 3.6 Starting process of port injection engine vs. direct injection engine [19]
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into this cylinder. The air temperature in that cylinder is already high enough
due to the heated cylinder walls even at the suspended engine operation, and the
fuel injected at the later stage of the compression stroke becomes ready for igni-
tion, with complete combustion taking place once the mixture is ignited. Conse-
quently, the delay in torque generation is minimized to one-fifth or one-tenth of
that in the port fuel injection engine. Accordingly, the vehicle can execute a desir-
able idle-stop without giving the driver any uncomfortable feeling. Recently, the
possibility to start the engine only by fuel injection, that is, without using the
starter motor has been considered. The applicability of this idea will depend on
the simplicity of the device to control the piston phase at the starting point of the
engine.

The concept of ‘freedom of control’ can be applied to hybrid electric vehicles
which require starting the engine when the vehicle is driven by the motor. Smooth
and gradual torque increase from zero is desirable to suppress the shock caused by
the torque gap. In the case of port fuel injection engines, however, it is difficult to
maintain stable combustion under extremely low air and fuel conditions and some
torque gap is inevitable. On the contrary, in a direct injection gasoline engine where
stable combustion can be realized by a very small fuel quantity while keeping an
overall very lean mixture, very low torque can be generated and the shock associated
with engine starting can be eliminated completely. This effect is quite distinctive in
a hybrid system using a small motor where frequent switching between motor and
engine takes place.

The advantage of the DI gasoline engine in controlling the cycle- and cylinder-
resolved torque by tuning only the injected fuel quantity is used in the integrated
control of engine and transmission. In the case of CVT, for example, it is used to
compensate the harsh and tough trade-offs of the efficiency, drivability and dura-
bility. It is also used to solve the problem of the tensional resonance caused by the
connection of the shaft with poor rigidity to the pulleys with large inertia through
rapid torque management synchronized with the natural vibration of the system. It
can thus be argued that the strategies for resolving the trade-off problems using the
‘freedom of torque’ management approach may allow advances in various fields
where technological breakthroughs are urgently needed.

3.5 Possibility for Further Reduction in NOx Emissions

The worldwide enforcement of exhaust emission reductions and the trend towards
more stringent targets is creating difficulties for production direct injection gasoline
engines to meet future regulations. Although it cannot be denied that they are hand-
icapped relative to the mature three-way catalyst technology for port fuel injection
engines, the catalyst and the catalyst reaction control technologies for direct injec-
tion gasoline engines have also advanced. At present, the developed exhaust after
treatment system has the potential to meet the most stringent worldwide emission
regulations of Japan, Europe, U.S.A. and California, in particular.
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3.5.1 Advances in Lean NOx Catalyst Technologies

The first production direct injection gasoline engine adopted for NOx emission
control a selective reduction catalyst which is less sensitive to sulphur poisoning.
This has later been replaced by a NOx trap catalyst of higher performance as a
result of the worldwide trend in gasoline sulphur reduction. A NOXx trap catalyst
operates by capturing NOx under lean operating conditions and converting it into
nitrate of alkali metals and alkaline-earth metals. When the engine operating condi-
tion changes from lean to rich during short acceleration periods, the nitrates are
converted into carbonates by means of the CO contained in the exhaust gas and the
adsorbed NOXx is released.

The first NOx trap used Ba as a NOx adsorbing metal. Although it was known
that K shows better performance than Ba, K is lower in electronegativity and is
thermally unstable. It is, therefore, for the following reasons that the K adsorbent
has been unpopular in its use for automotive NOx control:

o The higher the catalyst temperature is, the more K adsorbent outpours from the
wash coat.
e K penetrates into the catalyst substrate.

Despite all its problems, recent advances of NOx trap technologies have been
remarkable and some solutions were found [21, 22]. The first solution is to mix K
adsorbent with zeolite for K stabilization, while the second solution is to coat the
substrate surface with Si which, due to its stronger chemical affinity to K, prevents
K penetration into the substrate. It was thus found that, by adding silica compound
to the wash coat, it is possible to have high-storage performance up to 550°C and
extended lean-operating region, while the heat resistance can be improved to 850°C.

Overall, progress of NOx trap technologies has steadily continued. New methods,
such as a method to stabilize K by adding MgO, a method to use Na in place of K and
a pore distribution optimization method [23, 24], were proposed. The most effective
breakthrough technology has been the introduction of metal substrates. Because the
problem of the K penetration can now be resolved, higher efficiency can be achieved
by the increase of doped K. Besides these NOx trap technologies, new direct NOx
decomposition catalysts using new materials such as La-Ba-Mn-In-Cu perovskite
or the oxides of Ba and CO were also proposed [25, 26, 27]. It is expected that one
of these advanced concepts for lean NOx catalysts will reach sooner or later mass
production.

3.5.2 Catalyst Reaction Control by Mixture Preparation
and Combustion Control

Various catalyst reaction control technologies that make use of the distinctive feature
of direct injection gasoline engines, the ‘freedom of mixing’, have been proposed
[28, 29]. One of them is the method of ‘two-stage combustion’, illustrated in
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Fig. 3.7. The main fuel injection takes place at the later stages of the compression
stroke for achieving stratified charge combustion and combustion is completed at
an early stage of the expansion stroke; a second injection of a smaller amount of
fuel takes place at the later stage of the expansion stroke. Since a large amount
of excess air remains in the burned gas and its temperature is sufficiently high,
this supplementary fuel is easily burned and the exhaust gas temperature rises
rapidly; the end result is that the catalyst is warmed up quickly. Unfortunately, two-
stage combustion consumes approximately twice the fuel of conventional combus-
tion because this supplementary fuel is converted to heat rather than to work.
Therefore, increased fuel consumption has accompanied the concept of ‘two stage
combustion’.

To solve this problem, an additional method named ‘Stratified Slightly Lean
Combustion’ was proposed where the fuel is injected at an early stage of the
compression stroke to realize a stratified slightly lean mixture. Figure 3.8 illustrates
the situation of the exhaust gas which contains substantial amounts of CO generated
in the slightly rich zone and O, remaining in the slightly lean zone; CO and O,
are carried over the catalyst surface where the light-off temperature of CO is as
low as 150°C. The catalyst is heated for several seconds up to this temperature in
order to start the catalytic oxidation of CO on its surface by the two-stage combus-
tion. Thereafter, the combustion mode is switched over to the stratified slightly
lean combustion where CO oxidation instantly begins on the catalyst surface and
HC oxidation is also induced because the catalyst surface is heated selectively to
a temperature higher than the light-off temperature of HC. In such a manner, the
stratified slightly lean combustion substantially reduces the time duration of the
two-stage combustion. The end result is that better fuel economy and faster catalyst
light-off can be simultaneously achieved.
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The NOx reduction method using a NOx-trap catalyst is basically a reversible
reaction of nitrate and carbonate. NOx is adsorbed by the formulation of nitrate
and desorbed by the formulation of carbonate. The desorbed NOx is then converted
into O, and N in the three-way catalyst located downstream of the NOx trap by
a reducing agent such as the CO present in the exhaust gas. During this process,
part of the CO in the exhaust is consumed for carbonate formulation which leads
to a shortage of the reducing agent to purify the desorbed NOx; the result is that
substantial NOx is temporarily emitted from the tail-pipe. The increase of engine-
out CO leads to more residual CO in the exhaust gas downstream of the NOx trap
catalyst, but it is not sufficient to reduce subsequent NOx levels since the desorbed
NOx also increases with CO emissions. Thus the catalyst needs to be provided with a
reducing agent that is less effective on NOx desorption. For such purpose, a method
of introducing an additional fuel injection for a very limited period during the
expansion stroke, to supply hydrocarbons to the three-way catalyst, was invented. A
large amount of K loaded onto the NOx-trap catalyst as adsorbent interacts with
electrons in the HC, and then the HC adsorption into the noble metal is disturbed.
Consequently, the HC emissions are not reduced by the NOx trap catalyst and flow
into the three-way catalyst downstream; this HC is decomposed into CO and H,
which achieve the reduction of the desorbed NOx. The end result of this control
technology is that NOx emissions at NOx purging are minimized.

In summary, these are the methods realized by the inherent advantage of direct
injection gasoline engines, the ‘freedom of mixing’. In the relevant research of cata-
lyst reactions, it is important to remember this important advantage and pursue any
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innovative ideas in an effort to solve the remaining problem of the quite complicated
NOx trap catalyst system which remains a prerequisite for the future market success
of direct injection gasoline engines.

3.6 Present and Future Prospects

More than 10 years have already elapsed since the launch of the first mass produc-
tion direct injection gasoline engine. In the meantime, some non-engine break-
through technologies have emerged, other combustion concepts such as the Homo-
geneous Charge Compression Ignition (HCCI) have received worldwide attention,
diesel engines are now well established and recently the spray-guided concept using
either an outward opening nozzle or a multi-hole nozzle is emerging as the most
serious technology offering hope for the mass production of the direct-ignition
gasoline engine. Needless to say that continuation of the evolution of catalyst tech-
nologies and catalyst reaction control technologies is also very important to the
success of the spray-guided concept. It can also be argued that the outstanding
torque control capability of DI engines will be very useful in various applications
and may contribute to their popularity.

3.6.1 Stoichiometric DI Gasoline Engines

As research into the spray-guided concept has intensified and the expectations
from the wall-guided concept have diminished, a compromise mid-way solution,
the stoichiometric direct injection gasoline engine has started attracting a lot of
attention [30, 31, 32]. This is the concept which aims to achieve relatively modest
improvements in thermal efficiency through a higher compression ratio. In partic-
ular, the fuel is injected into the cylinder during the induction stroke and a homo-
geneous and stoichiometric mixture is available for ignition in a similar way to
PFI engines. This approach has the advantage of simultaneously reducing hydro-
carbon emissions, improving power and fuel economy while taking advantage of
the 99% or so efficiency of catalytic converters. These simultaneous benefits are the
result of:

e High pressure (5-20-MPa) fuel injection and careful timing of injection which
prevent impingement of the fuel on the piston and cylinder walls leading to low
HC emissions.

e Charge cooling by the evaporating spray (~15 K) which allows higher compres-
sion ratios (~12:1) to be used, leading to increased power (up to ~15%) and a
very modest fuel economy advantage (3—5%) relative to PFI engines [33].

Further benefits can be achieved with cylinder deactivation or stratified-charge-
start options [34]. Although the overall fuel economy improvement is not signifi-
cant when it is applied to naturally aspirated engines, as shown in Table 3.2, the
homogeneous and stoichiometric concept offers higher potential when it is applied
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Table 3.2 Feasibility of gasoline direct-injection applications

Features Sources Stoichiometric Stoichiometric and lean
NA TC NA TC

Fuel economy Lean burn None None ++ +++
High EGR tolerance + + + +
High copm. ratio + ++ + ++
Power Charge air cooling + ++ + ++
2-Stage mixing + +++ o+ 4+
Exhaust gas Catalyst warm-up by 2-stage + ++ + ++
combustion
Catalyst warm-up by stratified + ++ + ++
slight-lean
Necessity of NOx trap None None - —
Response Torque control by fuel quantity None None ++ ++
Quick start-up + for HEV or idle stop application

to turbocharged and/or supercharged engines. It has been argued for quite some time
that engine downsizing with turbocharging is one of the candidates for fuel economy
improvements, but the idea has not spread widely. To increase the knock limited
torque, it is required to lower the compression ratio resulting in lower thermal
efficiency. The improved anti-knock characteristics of the direct injection gaso-
line engine minimize the requirement for compression ratio reduction. Therefore,
the combination of turbocharging and direct injection gasoline engine technology
makes a lot of scientific sense since it takes advantage of all the positive aspects
of turbocharging but with no negatives as direct injection counterbalances these.
When combined with the downsizing concept, it offers the possibility that a certain
percentage of the thermal efficiency loss caused by ‘giving up’ lean burn may be
recovered. In the case of a direct injection gasoline, engine turbo-lag which repre-
sents one of the generic weaknesses of turbocharging, can be reduced. Because the
engine is operated in the lean mode before the acceleration, the mass of exhaust
gas flowing into the turbine is larger than that of a port fuel injection turbocharged
engine. The rotational speed of the turbine and compressor before acceleration is
maintained at two or three times higher level than that of a port fuel injection
engine, thus reducing turbo-lag. Inferior low-end torque has been considered to be
another disadvantage of turbocharging; however, this problem has been improved
by advanced transmission. Through the rapid shift of the gear position or the pulley
ratio to switch the engine speed to high, the requirement for low-end torque has
been reduced. What remains an issue is the customers’ degree of acceptability of the
turbocharging concept. However, through turbocharging the driver and passengers
can experience the superb acceleration feeling during overtaking from high speed
cruising since, at the same gear position, the vehicle speed increases linearly with
increasing boost pressure. Although this is a big advantage for European drivers,
it is less so for Japanese drivers who cannot experience a similar feeling since the
speed limit in Japanese highways is only 100 km/h.
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3.6.2 Stratified Spray-Guided DI Gasoline Engines

As already mentioned earlier, more than 10 years after the introduction into the
mass market of the GDI Mitsubishi engine the expectations are that the wall-guided
concept (1st generation DI engine) will soon be replaced by the more promising
spray-guided concept where the injector and the spark plug are closely spaced in
the central part of the cylinder head (Fig. 3.9). The main reason for the introduction
of the spray-guided concept, despite its obvious technical difficulties, is that it is
capable of substantially expanding the speed-load range of the stratified-charge
operation, thus taking better advantage of its superior fuel economy relative to
the first generation DI engines. The expansion of the stratified-charge operating
range is due to the different mechanism for achieving fuel stratification which does
not depend on either the shape of the piston cavity or the in-cylinder flow. The
advantages of the spray-guided concept in terms of fuel-economy, HC and smoke
emissions are summarized in Fig. 3.2 relative to the two alternative configurations
of the wall-guided and air-guided systems. The close proximity of the injector to
the spark-plug results in short time separation between injection and ignition which
necessitates very accurate positioning of a vaporized fuel cloud of the right mixture
stoichiometry at the spark plug gap at the time of ignition. Although conceptu-
ally this seems rather straightforward, in practice it is very difficult to have high

Fig. 3.9 Cylinder head
configuration for
spray-guided concept [35]
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repeatability in the spray structure, mixture formation and ignition for every injec-
tion that takes place in the engine cylinder. It should be stressed that the local condi-
tions are quite unfavourable for robust ignition due to:

high gas-and liquid-phase velocities in the vicinity of the spark gap
the presence occasionally of large droplets

fluctuations in the spray cone angle

variations in the spark duration and its stretching during ignition
variations in the local pre-injection velocity field and air/fuel ratio.

It can thus be argued that the characteristics of the fuel injection system play the
dominant role in the repeatability of the combustion process which will determine
the chances of success of the spray-guided stratified DI gasoline engine concept as
a mass-production technology for automotive applications.

Two types of fuel injectors have been developed over the last 2 years specifically
for DI gasoline engines: the solenoid-actuated multi-hole injectors and the piezo-
electric outward-opening pintle injectors. Both offer significant advantages relative
to the swirl injectors, used extensively in the first-generation DI gasoline engines
based on the wall-guided concept (Table 3.3), and deserve further attention and
discussion.

3.6.2.1 Piezoelectric Outward-Opening Pintle Injectors

Contrary to the multi-hole injectors which show close similarities with their diesel
counterparts, the outward-opening pintle injector represents a relatively new design
purpose-built for the second-generation DI gasoline engines. Figure 3.10 gives
detailed information about their standard design as well as some of its numerous
variants which have been tested as means of understanding the all-important link
between needle internal design and spray characteristics. The fuel from the rail and
high-pressure connecting pipe is entering into the nozzle gallery and is directed
towards the nozzle exit through three or four flow passages located at the space
between the lower needle guide and the nozzle body. Below the lower guide there
is a dead volume where the four high speed jets entering from the flow passages
are mixing before the fuel exits the injector in the form of a hollow-cone spray;
the direction of the spray is mainly determined by the seat angle of the pintle-type
needle. More details about the internal flow and its link with the spray character-
istics are provided in [37, 38, 39, 40] representing experiments and CFD calcula-
tions in both real-size and large scale models of outward-opening pintle injectors.
High speed spray images taken just at the nozzle exit at atmospheric back pres-
sure (Fig. 3.11) have revealed the formation of strings/ligaments originating at the
annular area of the opening pintle whose location is not fixed during the injection
period and their spacing varies as a function of the fuel flow rate. Although the origin
of these ligaments/strings has been attributed to the formation of a two-phase flow
inside the nozzle, associated with either cavitation or air entrainment, there are still
uncertainties in the cause-and-effect relationship between internal flow and spray
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Fig. 3.10 Outward-opening pintle injector. (a) Standard design details. (b) Nozzle alternative
designs (¢) in-cylinder Mie and LIF images

structure. Independent of the mechanism of formation of the hollow-cone spray
and its emergence as clearly separated liquid ligaments rather than as a continuous
film, the penetration of this structure into the engine cylinder is a function of the
prevailing thermodynamic conditions (pressure/density/temperature). As Fig. 3.12
shows, the ‘streaky’ structure of the spray under nearly atmospheric conditions grad-
ually diminishes with increasing back pressure, giving rise to a more compact fuel
cloud with clearly identifiable leading edge vortices: Furthermore, the position of
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Fig. 3.11 High-speed sequence of spray images taken at the nozzle exit vicinity showing the initial
development of the strings (1-4), during the main injection period (5-8) and at the end of injection
(9-12) [57]

the leading edge vortex varies with cylinder pressure and, fortunately, higher back
pressure forces this vortex to remain close to the spark plug [41]; injection timing
thus offers some mechanism for controlling the position of this critical for ignition
vortex.

75ps
ASOI

125ps
ASOI

200ps
ASOI

1bar  4bar  12bar

Fig. 3.12 High-speed sequence of spray images from a single injection event, showing the spatial
distribution of fuel at different chamber pressures [40]
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The creation of vortices at the spray edge and their stability in space relative to
the spark plug represent jointly the key to the success of the spray-guided concept.
In addition, the leading vortex grows in size as more fuel is injected [42], thus
offering some flexibility in the positioning of the spark plug for both stratified
and stoichiometric operating conditions. Due to the hollow spray configuration, air
is entrained from underneath, which creates an upwards air motion and sets up a
second, clockwise rotating vortex that balances the main anti-clockwise leading
edge vortex formed earlier (Fig. 3.13a). The two vortices together are converting
the kinetic energy of the spray into rotational motion, thus effectively reducing the
spray penetration [42] and containing it near the spark plug. Interestingly enough, if
the same amount of fuel is divided into two separate injections separated by a small
dwell time, a third vortex is formed at the outer edge of the spray, which assists
in bringing the fuel cloud closer to the spark plug (Fig. 3.13b). Confirmation of
the degree of atomization and the ‘ignitability’ of the spray has been provided by
PDA measurements of the droplets’ size and velocity near the spark plug (Fig. 3.14)
which confirmed that the droplet velocities are lower and their size smaller in the
recirculation zone near the spark plug than in the leading edge zone. However, in
the case of split injection the opposite trend has been observed [41].

The relative positioning of the spray’s ‘ignitable’ recirculation zone with respect
to the spark gap is illustrated in Fig. 3.15 for two extreme cases representing unsuc-
cessful ignition and associated with large injection-to-injection, variations of the
spray cone angle. In one case (Fig. 3.15a) the spray impinges on the electrodes as a
result of air trapped at the needle head which gives rise to a spray cone angle larger
than the nominal and, in the other (Fig. 3.15b) the cone angle is smaller than the
nominal, representing the well-known phenomenon of hydraulic flip where air is
trapped this time on the cartridge side.

(a) (b)

Fig. 3.13 Planar Mie images showing the liquid fuel distribution at four time steps from a (a)
single and (b) split injection event [42]
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Fig. 3.14 High-speed images taken at four time steps during a single injection event with superim-
posed averaged PDA data (D¢ droplet diameters and velocities); fuel temperature is at 90°C [42]

The combustion stability and robustness of an outward-opening pintle injector
were examined in an optical engine under stratified charge conditions [42]. A stable
operating window for misfire-free combustion was identified, extending over 4-6
CAD, with partial burns and misfires increasing as the rich and the lean burn zones
were approached (Fig. 3.16a); this operating window of £2.5 CAD is defined in
terms of phase shifting the ignition from the end of injection at the given operating
conditions (Fig. 3.16b).

Finally, the effect of flash-boiling on the spray generated by an outward-opening
pintle injector has been investigated in a spray chamber [43]; flash-boiling occurs
when the fuel temperature is high and the cylinder pressure is low as in the case
of a warmed-up engine starting with nearly closed throttle. The results shown
in Fig. 3.17 have revealed that at low fuel temperatures and back-pressures (non-
flashing) the recirculation zone at the spray edge almost diminishes but increasing
fuel temperature initiates flash boiling (superheated state) which increases the spray
frontal area and restores the leading edge vortex. Nevertheless, the spray formed by
the outward-opening pintle injector maintained its characteristic spray throughout
these fuel temperature variations, with a small reduction in spray penetration occur-
ring at flash boiling.
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Fig. 3.15 Outward-opening pintle injector spray instability. (a) Wide angle spray and (b) narrow
angle spray [57]

In concluding, it has to be stressed that, in addition to the previously identified
advantages of the sprays formed by pintle injectors, the piezoelectric actuation of
the needle available in all production outward-opening pintle injectors adds signif-
icantly to its ‘market value’. Despite their much higher cost than multi-hole injec-
tors, the emerging piezoelectric outward-opening pintle injectors allow very rapid
opening and closing times and, therefore, short injection durations, multiple injec-
tions per engine cycle, and control of needle lift through voltage adjustment (thus the
ability to change the fuel mass flow independent of injection duration). Furthermore,
there is consensus that these injectors exhibit reduced tendency for fouling and
spark-plug wetting. It is, therefore, not surprising that Mercedes-Benz and BMW
have introduced into the market the first spray-guided stratified DI gasoline engines
for medium-size passenger cars equipped with piezoelectric outward-opening pintle
injectors [35, 44, 45].

3.6.2.2 Solenoid-Driven Multi-Hole Injectors

This type of injector is geometrically very familiar to the automotive industry due
to its popularity or, better, dominance of the direct-injection diesel engine market. It
has many advantages, as already indicated in Table 3.3, which have encouraged its
early use in research and development of various spray-guided configurations and
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Fig. 3.16 (a) Stable combustion window for stratified charge operation. (b) Example of injection
timing and the stable combustion window (shaded area)

(a) (b)

Fig. 3.17 Spray chamber measurements of multi-hole (black background) and pintle outward
opening nozzle (white background) sprays in non-flashing (fop row) and flashing (bottom row)
conditions at chamber pressures of (a) 0.3 bar and (b) 0.8 bar [42]
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concepts, but also some disadvantages such as a tendency for injector fouling and
spark-plug wetting.

The main advantage of multi-hole injectors has been the enhanced flexibility
in the geometry and spatial orientation of the nozzle holes (see Fig. 3.18) which

Fig. 3.18 Possible configurations of multi-hole nozzle injectors [47]
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(a) (b) (©)

Fig. 3.19 Comparison of sprays generated by (a) multi-hole, (b) outward opening and (c¢) swirl
pressure atomizers

allows a wide variety of hole numbers (6—12), hole sizes, hole pattern (symmetric
and asymmetric) and length-to-diameter ratios (L/D). The generated sprays from
each of these holes have very different structure than those generated by pintle
and swirl-type injectors, as shown in Fig. 3.19; their fishbone structure, which has
been for many years the subject of intense investigations by researchers in industry
and academia involved with diesel engines, is closely linked not only with the
internal nozzle flow but also with the air-entrainment pattern (Fig. 3.20a). Sprays
from multi-hole nozzles are characterized in global terms by the overall spray cone
angle, the individual jet cone angle and its tip penetration (Fig. 3.20b and also
Fig. 3.3). Concerning the local spray characteristics, these are quantified by phase
Doppler anemometry (PDA) in terms of droplet velocities and sizes (diameter) visu-
ally represented as in Fig. 3.21 by spheres of various size (pm) and vectors of
various length (m/s). Under atmospheric conditions and typical injection pressures,
sprays from multi-hole injectors [46, 47, 48] can exhibit typical droplet sizes in
the range 10-20 wm and droplet velocities well exceeding 100 m/s which leads to
steep velocity gradients near the spark plug. According to [49], an increase of L/D,
through reduction of the hole diameter, gives rise to smaller droplet sizes while the
spray angle increases with decreasing L/D.

As mentioned earlier, multi-hole injectors are considered to be more susceptible
to fouling (Fig. 3.22) due to their proximity to the spark plug which facilitates

Fishbone structure

Counter-rotating
vortices forcing air-
entrainment

Centre flow!

(@) (b)

Fig. 3.20 Example of air-entrainment in multi-hole nozzle sprays. (a) Schematic representation
[42], (b) Mie spray image [58]
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Fig. 3.21 Droplet sizes and velocities from a 6-hole nozzle superimposed on a shadowgraphy
spray image [58]

Fig. 3.22 Multi-hole injector
nozzle fouling due to carbon
deposits
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contact of the propagating flame with the external nozzle surface in a high tempera-
ture gas environment. At the same time, the need for spark ignition of the mixture in
the recirculation zone at the spray edges, in a region of steep velocity gradients, can
easily lead to spark electrode wetting. As Fig. 3.23 shows, one of the jets/sprays
from the multi-hole injector strikes the ground electrode producing a stream of
large droplets; this could be the result of a small variation in the individual spray
cone angle leading to poor spray targeting of the spark gap area. As discussed in
[50], concerning the same figure, although the orientation of the ground electrode
facing the oncoming spray shields the spark plug from the spray plume and reduces
the local fuel velocities at the time of spark, the formed wake behind the electrode
causes strong fluctuations and degrades ignition stability. In the worst case, misfire
takes place which is totally unacceptable in production engines: conditions which
are unfavourable to robust ignition and early flame-kernel growth include [33]:

high gas-and-liquid-phase velocities

large number of droplets

steep temporal gradients in air/fuel ratio

poor design and orientation of spark plug electrodes.

Another factor which has recently attracted attention is nozzle cavitation as a
mechanism that contributes to spray instability and can cause significant cone angle
fluctuations. Although most of the understanding about the onset and development
of cavitation comes from diesel injectors [51, 52, 53], confirmation about the various
forms of in-nozzle cavitation has been provided by experiments, supported in some
cases by CFD calculations, in real-size and enlarged multi-hole injectors [38, 54];
further evidence was provided by experiments in a real-size, single-hole injector
[55]. In particular, there are at least three types of cavitation in the nozzle of multi-
hole gasoline injectors:

e geometric cavitation in the holes

e string or vortex-type cavitation in the sac volume

e needle cavitation originating in the vicinity of the needle and extending to the
opposite hole.

Fig. 3.23 Example of ' ' Center
spray/spark plug interaction . E |eCtrOd e

in a firing direct-injection
spark-ignition engine [50]
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It is generally accepted that all these cavitation types are affected and controlled
by needle lift, radius of curvature of hole inlet, sac volume and hole orientation
and geometry. In addition, string cavitation is the most likely cause of spray cone
fluctuations but the detailed link with the spray structure is still relatively unknown
in multi-hole injectors.

Another thermodynamic effect which can change significantly the fuel distri-
bution at the nozzle exit and the resulting spray structure is flash boiling, a
phenomenon occurring when the fuel temperature is high and already discussed
in connection with the sprays generated by pintle injectors. As Fig. 3.24 clearly
shows, at high fuel temperatures and low ambient pressures, the individual sprays
are rapidly atomized to such a degree that it becomes impossible to distinguish
the spray plumes; although flash boiling is highly desirable from the atomiza-
tion point of view, it can only take place within a very narrow window of engine
operating conditions and it is not considered important as an atomization mecha-
nism. However, in relative terms, it can be argued that the effect of flash boiling
is much more pronounced in the sprays generated by multi-hole rather than pintle
injectors.

Overall, it can be argued that the solenoid-driven multi-hole injector is a simpler
and less expensive system than piezoelectric outward-opening pintle injectors
offering significant advantages in terms of the flexibility for adjusting the spray
configuration to the engine geometry, the narrow cone angle of individual sprays,
and the control of tip penetration and atomization through injection pressure and
timing of injection (back pressure). Although experiments in single and multi-
cylinder engines employing multi-hole injectors have been promising, it is widely
accepted that further refinement of their design is needed to ensure stable ignition
and combustion with acceptable gaseous and particulate emissions. Faster opening

Flash-boiling Gasoline Sprays. Fuel: 95 Octane Summer
T=293 K T=325 K T=372 K

p=80 kPa
p=55 kPa

p=30 kPa
o a
t=0.29 ms

Fig. 3.24 The effect of pressure/temperature on the flash boiling of gasoline sprays from multi-hole
nozzle injectors [56]
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and closing times combined with much higher than today’s injection pressures may
make multi-hole injectors directly comparable to the piezoelectric outward-opening
pintle-type injectors that, at present, seem to be the preferred fuel injection system.

3.7 Conclusions

Following nearly 10 years of refinement of the first-generation direct-injection gaso-
line engines, based on the wall-guided concept, the second-generation of stratified
DI engines are now entering the mass market equipped with the highly sophisticated
piezoelectric outward-opening pintle injectors. In the meantime, stoichiometric DI
engines have reached production, taking advantage of the outstanding efficiency of
three-way catalysts. All three initiatives highlight in a very consistent way that the
concept of direct in-cylinder fuel injection is here to stay due to its unquestionable
advantages relative to port fuel injection. Further developments in the technology of
NOx catalysts and high pressure multi-hole injection systems are expected to assist
the spray-guided combustion mode in establishing itself as the preferred gasoline
engine technology concept of the future. Nevertheless, it can be argued that unless
the DI gasoline engine is either turbocharged and/or supercharged, it won’t achieve
its fuel potential and may never reach ‘mass production’ status at a time of intense
competition from advanced diesel and hybrid gasoline/diesel engine systems. It thus
remains to be seen whether the many years of research into two-and-four stroke
direct-injection gasoline engines will have the desired outcome for the global auto-
motive industry in producing a second-generation supercharged/turbocharged DI
gasoline engine which will compete directly with the most advanced diesels in terms
of fuel efficiency, performance and exhaust emissions and be superior to the most
advanced port-injection engines.
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Chapter 4
Turbulent Flow Structure in Direct-Injection,
Swirl-Supported Diesel Engines

Paul C. Miles

4.1 Introduction

The in-cylinder turbulent flow structure—encompassing both mean flow and
turbulence—plays a pivotal role in the mixture preparation, combustion, and pollu-
tant formation and destruction processes in direct-injection diesel engines. Prior to
TDC, mean flow structures and turbulence influence both the bulk fuel and residual
gas stratification as well as the small-scale, molecular level mixing in pre-mixed,
‘homogeneous’ charge combustion systems. Pre-TDC structures also exert a promi-
nent influence on the transport and turbulent diffusion of heat and species gener-
ated from pilot fuel injection events in more traditional diesel combustion systems.
Later in the cycle the bulk flow structures are equally important. During the ‘diffu-
sion’ phase of diesel combustion, the oxidation of unburned fuel and particulates is
limited by the rate at which fuel or particulate matter can be mixed with oxidants. In
this phase, bulk flow structures are responsible not only for ensuring that fuel and
fresh oxidants are transported to the same location within the cylinder, but also for
generating the intense turbulence required to bring about small-scale mixing before
falling temperatures due to cylinder volume expansion slow chemical reactions
excessively. As low-emission combustion systems that employ high intake charge
dilution levels or retarded injection timings become more prevalent, the need to
enhance these mixing processes becomes more urgent. A clear understanding of and
an ability to predict the effects of engine operating parameters and geometry on bulk
flow structures and turbulence generation is therefore necessary for the development
of diesel engines with optimal fuel economy and pollutant emissions.

A comprehensive overview of the measurement, analysis, and modeling of
in-cylinder flows, and a description of the flow structures generated during the
induction and compression processes, has been provided by Gosman [46]. In the
two decades since publication of that work, there have been numerous additional
studies pertinent to the understanding and modeling of diesel engine flows. Accord-
ingly, one objective of this work is to provide a review of the recent literature,
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with an emphasis on highlighting the new physical understanding that has been
gained regarding the development of these flows. This review is supplemented with
a summary of recent measurements made in the author’s laboratory, closely coupled
with numerical simulations performed by researchers at the University of Wisconsin
Engine Research Center, which aims to explicitly identify the dominant sources
of flow turbulence and the mean flow structures conducive to turbulence genera-
tion in swirl-supported diesel engines. Subsequently, the effects of fuel injection
and combustion on the in-cylinder flow structures are described. At the time of
Gosman’s writing, little work had been performed in this area—and few additional
studies have since been published. As will be seen below, the fuel injection event
profoundly alters the in-cylinder flow structures, and its interaction with the flow
swirl can generate significant levels of flow turbulence that persist well into the
expansion stroke.

Additionally, although numerical modeling of the in-cylinder flow structures
can often reproduce the mean flow with impressive accuracy, the prediction of
the flow turbulence, both before and after injection, requires further refinement.
To this end, efforts to understand and to identify the source of the discrepancies
between measurements and model predictions, based on detailed characterization
of the mean flow velocity gradients, the turbulent stresses, and the turbulent length
and time scales, are reviewed. This detailed assessment of the turbulence modeling
is essential to guide and improve the modeling of engine turbulence, particularly in
direct-injection diesel engines that incorporate a high level of flow swirl.

The extraction of physical understanding, both from the literature and from the
recent results summarized herein, relies on a firm grasp of the behavior dictated
by the governing Reynolds-averaged Navier-Stokes (RANS) equations. Similarly,
examination of the turbulence modeling, and identification of the sources of discrep-
ancies between the measurements and predictions, can be best achieved by contrast
of the RANS equations with the simpler model equations. A review of the relevant
theoretical concepts is thus provided to assist with this process.

Finally, there are many aspects of the fluid mechanics of the fuel injection event
in which there have been significant contributions in recent years, but which are not
discussed here. For example, several groups have clarified the detailed flow field
surrounding a free diesel fuel jet [83, 85] or a jet impacting a combustion chamber
wall [73]. Similarly, the effect of strong in-cylinder flows on the fuel jet structure
(e.g., [76, 105]) has also been considered in numerous studies. These aspects are
outside of the scope of the present writing, in which attention is focused primarily
on the influence of the fuel injection event on formation of large-scale bulk flow
structures, and on the turbulence that these structures generate.

4.2 Theoretical Background
General overviews of both measurement and modeling issues relevant to engine

flows have been provided previously [45, 46, 82]. Similarly, many texts are avail-
able that describe the Reynolds-averaged equations governing turbulent flows and
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modeling approaches which are employed to ‘close’ these equations [e.g., 51, 78,
101]. To facilitate discussion of both the flow physics and the modeling concepts
that follow, however, the basic equations and relevant modeling concepts are reviewed
briefly in this section.

4.2.1 Mean Flow Equations

In writing the equations governing the mean flow velocities, the density and fluid
properties are assumed to be spatially uniform, but to change in time due to the
bulk compression and expansion processes. Away from the combustion chamber
walls, this assumption is appropriate for ‘motored’ engine flows in which fuel
injection and combustion do not occur. This approach allows the important flow
physics to be illustrated without unduly complicating the equations. Additionally,
a polar-cylindrical coordinate system is employed—which is a natural choice for
flows in modern, axisymmetric diesel engines. Finally, ensemble (or phase) aver-
ages are used throughout this work. The choice of this averaging procedure is
discussed in greater detail below. Ensemble mean quantities are denoted by angle
brackets, e.g., (U,), while fluctuations from the mean are denoted with a ‘prime’,
e.g., 1.

With the above assumption of a spatially-uniform density p, conservation of mass
is given by

1
-+~ o @.1)
p ot

Expanding Eq. (4.1) in polar-cylindrical coordinates, and introducing the cylinder
volume V

LG {U) | 1ty , a(U,) _ 14V

r or r 00 0z Voo

4.2)

Thus, at all locations in the cylinder (V - (U)) takes on a uniform, non-zero value
determined by the rate-of-change of the cylinder volume—which is negative during
compression and positive during expansion. In writing Eq. (4.2), blowby and crevice
flows have been neglected.

Since gradients in (V- U) are zero, the momentum equations are identical to those
that apply to incompressible flow. Further, because turbulent Reynolds numbers near
TDC in engines are typically greater than 500, the viscous terms can be neglected
in the equations governing the mean flow momentum:
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Several observations regarding Eqs. (4.3)—(4.5) are appropriate:

1. The radial momentum equation, Eq. (4.3), has an additional mean flow acceler-
ation term on the left-hand-side (LHS) due to the centripetal acceleration of a
fluid element. For a flow with circular streamlines, in the absence of turbulent
stresses, this acceleration is caused by the differential pressure forces associated
with the radial pressure gradient. An alternate view is that the apparent outward
centrifugal force experienced by a fluid element is balanced by a net inward
pressure force.

2. The first three turbulent stress terms in the radial momentum equation are clearly
associated with the gradients in the mean turbulent radial momentum flux. The
last term, however, is better identified as a component of the mean centripetal

acceleration, <U92) = (Ue)2 + <u’(2,> . In this light, the radial momentum equation

simply states that the differential radial pressure force and the turbulent flux of
radial momentum balance the total radial mean flow acceleration.

3. The tangential momentum equation, usually written in a form similar to Eq. (4.4),
also appears to have additional mean acceleration and turbulent flux terms.
However, multiplying by r and re-arranging, Eq. (4.4a) is obtained. In this
simpler form, it is clear that the tangential momentum equation is an expression
of the conservation of mean flow angular momentum, which is influenced by
the net turbulent flux of angular momentum and the mean tangential pressure
gradient. It is important to recognize that for axisymmetric flows, in the absence
of significant turbulent transport, the angular momentum of a fluid element is
conserved. Although perhaps trivial, this observation is key to understanding the
development of swirling, bowl-in-piston diesel engine flows.

4. Ttems 1 and 3 jointly describe a stability condition imposed on the mean flow
by the balance between the net pressure force and the apparent centrifugal force



4 Turbulent Flow Structure in Direct-Injection, Swirl-Supported Diesel Engines 177

on a fluid particle (e.g., [17, 94, 95]). If a fluid element is displaced outward,
conserving angular momentum, it will, on average, have an angular momentum
(and (Uy)) deficit compared to the surrounding fluid—provided the mean flow
angular momentum gradient is greater than zero. Accordingly, the centrifugal
forces acting on the fluid element are insufficient to oppose the net pressure
force imposed by the mean radial pressure gradient, and the element is forced
back inward. Conversely, if the mean angular momentum gradient is negative,
the pressure gradient will be insufficient to restrain the excessive centrifugal
forces and the fluid particle will continue its outward migration. These ideas
are illustrated in Fig. 4.1.

Radial Equilibrium:
o _ )

or r

Avg. velocity of A(U,) pe: o S 0
surrounding fluid: <U9> o

Fig. 4.1 Illustration of the stability of a rotating flow when a fluid element is displaced radially.
Adapted from [17]

5. As will be discussed below, if the turbulence is isotropic then all turbulent shear
stresses are zero. Similarly, gradients in the normal stresses must be zero. In
isotropic turbulence, therefore, the turbulent stresses in Egs. (4.3)—(4.5) vanish,
and the turbulence has no effect on the mean flow development.

4.2.2 Turbulent Stresses and Kinetic Energy

The central task in the modeling and prediction of turbulent flows is the deter-
mination of the turbulent stresses in Eqgs. (4.3)—(4.5). Several texts are available
which describe the various methods employed to model and predict these stresses,
e.g., [78, 101], and a review of these methods is outside the scope of this writing.
However, the mechanisms by which turbulent stresses are generated in engines are
explored in detail below, as is the modeling of these stresses within the ubiquitous
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k-¢ turbulence model—which is the industry standard for computing turbulent
engine flows. Accordingly, the necessary background material is introduced briefly
here.

Before discussing the evolution and modeling of the turbulent stresses, it will
be useful to describe some of their fundamental properties. The six stresses in
Egs. (4.3)—(4.5) make up the elements of a symmetric second-order tensor. Students
of solid mechanics will recall that the stress tensor (or any symmetric second-order
tensor) can be diagonalized through choice of an appropriate coordinate system—
i.e., the principal axes. Thus there is no inherent distinction between the normal
stresses and the shear stresses. The inherent distinction is between the isotropic and
anisotropic part of the stress tensor. Defining the isotropic part as the sum of the
diagonal elements—twice the turbulent kinetic energy k—the turbulent stress tensor
can be written as

(i) = (i) — 23+ 2k 4.7)
[ — ——
Anisotropic Part

Isotropic Part
The momentum equations can be manipulated to obtain six additional conserva-
tion equations, one for each of the turbulent stresses. Summing the equations for
each of the three normal stresses, an equation for the conservation of the kinetic
energy of the turbulence—the k-equation—is obtained:
Dk
— =P—-e—(V-T 4.8
T ( ) (4.8)
In the k-equation, P denotes the production of turbulent kinetic energy, ¢ the
viscous dissipation, and T the turbulent transport. The turbulent transport, while not
negligible, is not a dominant source of turbulence energy and its modeling is not
controversial. It will not be considered further.
The turbulence production, under the assumption of spatially-uniform density, is
i

P = (uju) (55) 4.9)

() denotes the mean rate-of-strain tensor. Note that P is independent of rota-
tion of the mean flow. Mean flow rotation serves to re-distribute energy among the
different normal stresses, but results in no net increase in k. It is convenient to break
out the contributions to P from the isotropic and the anisotropic portions of the stress
tensor:

2
P=- ((””J> - ‘k5ij> (Si) - 3V - {U) (4.10)

In a constant density flow, V - (U) = 0, and only the anisotropic portion of the
stress tensor contributes to production. In engines flows this is not true, due to the
changing gas density during the compression and expansion processes. As will be
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seen below, production associated with the isotropic stresses is often the dominant
term contributing to k. During compression, V - (U) < 0, and the production by
the isotropic stresses is positive. On the other hand, during expansion the isotropic
stresses will reduce k, at a rate that is proportional to k. Clearly, it is difficult to
maintain high levels of turbulence during the expansion stroke.

Equation (4.10) can be written in polar-cylindrical coordinates as
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Production by isotropic stresses

@.11)

Anisotropy in the normal stresses is largely expected to result from differences
in the production of each normal stress. The measured anisotropy can thus be used
to help identify or confirm the dominant sources of turbulence production. To aid in
this process, the re-distributive terms that arise when the normal stress convection
terms are transformed into a cylindrical coordinate system are included in Eq. (4.11),
where the sources of the individual normal stresses have been identified. While these
re-distributive terms influence the magnitude of the individual normal stresses, their
overall contribution to k and P is zero.

Equation (4.11) has also been written in a form that emphasizes production
associated with the isotropic stresses. When considering the anisotropy of the
normal stresses, however, it should be recalled that the isotropic production does
not contribute equally to each stress component. From Egs. (4.2) and (4.11) it is
clear that

2kdV 2 (U 10Uy (U 9(U,)
———— = —=k - 4.12
3V dt 3 ar + r 00 + r + 0z ( )
~—— ————

(u?) (ug’) (u?)

Thus production by the isotropic part of the normal stresses influences the indi-
vidual normal stresses (component energies) differently, depending on the details of
the mean flow structure.
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With the exception of the radial (squish) velocity near the bowl lip during the
peak squish/reverse-squish periods, the tangential (swirl) velocity is often the domi-
nant velocity component in direct-injection diesel engines. Turbulence production
directly associated with the swirl velocity thus merits closer examination. In an
axisymmetric flow, the production terms associated with the swirl velocity are

ar r

Pswirl = - U,y (413)

;o[ 19 (Us))  2(Usp) o 9 (Us)
(i) — (ujup) ——
0z
The last term on the right-hand-side (RHS) of Eq. (4.13) is self-explanatory and
will be considered no further. The first two terms are related to the radial distribution
of the swirl velocity, and may be more readily recognized as a portion of the r-6
element of the mean rate-of-strain tensor when re-written as

r ar r 5

4.14)

Lo () _ 2(Uy) _ 0 ({Uy)
r
From the form of Eq. (4.14) it can be seen immediately that if (Uy) is locally
proportional to r (i.e., solid-body-like), then the net production associated with these
terms is zero. However, for non-zero (u;ug), Eq. (4.11) indicates that there will be a

net production of one normal stress <<u’3>0r <u’§>)—with a corresponding reduc-

tion in the remaining stress. Thus, although a locally solid-body-like swirl profile is
not a net source of turbulent kinetic energy, it generally will re-distribute turbulence
energy between <u’r2> and <u’§>

Due to the potential of the large swirl velocities for turbulence generation, it is
worthwhile examining the expected sign and magnitude of (u;ug) in greater detail.
Algebraic approximations to the equations governing the evolution of the turbulence
stresses [78] suggest that the magnitude of each stress component is proportional to
the magnitude of its production rate. In our polar-cylindrical coordinate system, we
therefore anticipate

1o (U La(U) 2 o
) ox = {u2) - 2P ) (2 = 2 ) ) 650 -+ (s
v,

r ar

’or a(U> ’or 3(
— <uruz) aze — (MZM9> aZ

(4.15)

Following the practice employed in writing Eq. (4.11), sources of (u;u(,) associ-
ated with transformation of the convective terms into a polar-cylindrical coordinate
system are included with the production terms in Eq. (4.15).

It will again be convenient below to refer to the role of the isotropic and the
anisotropic normal stresses in generating the shear stress. Accordingly, Eq. (4.15)
can be re-written as:



4 Turbulent Flow Structure in Direct-Injection, Swirl-Supported Diesel Engines 181
!, 2
<"‘r”e> x —§k (Sr9)

a2 1a(r Ue Lo (U)  2(Us)
—<<ur>—3k> <u ——k><r - - ) (4.16)

a{

— () (i) + (Sow)) — {ua;) az —

Before further simplifying Eqgs. (4.15) and (4.16), it should be noted that during
compression, the magnitude of (u;ug), whatever its sign, can be expected to be
enhanced due to an anticipated negative average dilatation in the r-6 plane
((Si) + (See)) as the flow is compressed into the bowl. During expansion, as the
flow spreads into the squish volume, the opposite is anticipated. This observation
further highlights the difficulty of maintaining high levels of turbulence production
during the expansion stroke.

For an axially-uniform, axisymmetric flow on circular streamlines, Eq. (4.15)
can be simplified to read

<u’2> 1o {Us) n <u/2> 2 (Uy)

T
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Several observations can be made regarding Eq. (4.17):

1. For most engine flows, in which the radial gradient in mean angular momentum
is positive, there are two competing mechanisms that influence the shear stress
<u;u’9>. The first mechanism, discussed by Lumley [62], is associated with
displacement of fluid by the radial velocity fluctuations. On average, a fluid
particle displaced in the positive radial direction (by a positive u) will have
an angular momentum deficit (and, hence, a negative ug) if the radial gradient
in the mean flow angular momentum is positive. This mechanism thus tends to
make <u;u(’_,) negative. The second mechanism is associated with the increased
apparent centrifugal force on a fluid element experiencing a positive u;. The
increased centrifugal force cannot be balanced by the mean radial pressure
gradient (v. Eq. (4.3) and the discussion of the mean flow stability), and a net
positive u] results—thereby producing a positive (u]up).

2. For a solid-body-like mean flow structure and equal normal stresses, these mech-
anisms exactly balance each other and the resulting shear stress is expected to be

zero. If the mean flow is solid-body-like and (#'?) > (u';), then (uLup) < 0and,
according to Eq. (4.11), energy will be abstracted from the radial stresses and
transferred to the tangential stresses. Conversely, if (u’r> < <u 9>, then (u/uy) > 0

and energy will be transferred from the tangential stresses to the radial stresses.
In a solid-body-like turbulent flow, there is evidently a self-stabilizing process
that attempts to equalize the normal stresses and reduce the shear stress; i.e., a
tendency toward isotropy.
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3. Generalizing to a non-solid-body-like mean flow structure, if the radial gradient
in mean angular momentum becomes sufficiently small, but remains positive,
the shear stress (u/uy) will be positive. Under these circumstances the radial

fluctuations will be enhanced, but a negative production of <u’g> will occur.

Consequently, the shear stress will decrease—followed by reduced net produc-
tion of k. Conversely, for a sufficiently large angular momentum gradient, (u;u;)

will be negative. Accordingly, <u%> will increase, but <u/r2> will decrease. The

net effect will be to increase the shear stress (decrease its magnitude), again
reducing the production of k. Thus for a non-solid-body-like flow structure, there
is a tendency for reduced shear stresses and reduced production of k analogous
to the tendency toward isotropy discussed above.

4. If the mean angular momentum gradient is negative, then both the radial and the
tangential fluctuations will lead to increased (u;u;> Similarly, production of both

(u/f> and <u%> will be positive, leading to still further increased (u/uy). Plainly, a
large increase in turbulence energy can be expected under these circumstances.
Recall that, as discussed in the context of Egs. (4.3)—(4.5) and Fig. 4.1, a negative

angular momentum gradient defines an unstable mean flow condition.

Although the above observations are made for a simplified flow, and are based
on approximate equations for the Reynolds stresses, it is expected that they will
provide guidance regarding the behavior of more realistic engine flows. As will be
seen in greater detail below, this expectation is largely justified.

4.2.3 Turbulence Modeling

The modeling of the turbulent stresses is vital to not only the correct prediction of
the mean flow development given by Eqgs. (4.3)—(4.5), but also to the prediction of
the production of k. The production figures not only in the conservation equation
for k, but also in the model equation governing the dissipation &. Within the k-¢
turbulence model, the turbulent stresses are modeled in terms of the anisotropic

mean rate-of-strain tensor <S]’j> and an isotropic eddy viscosity vr:

o7 2 *
(i) Skd; = ~2ur (s;) (4.18)
where
\ 1
<Sij> = (Sy) - 3 (V- (UD) & (4.19)
and
2
=Gl (4.20)
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Several points should be noted from Eqs. (4.18)—(4.20):

1. The last term on the RHS of Eq. (4.19) is required in variable density flows to
ensure that the modeled (ujul’) = 2k. This term is absent in descriptions of the
k-¢ turbulence modeling of constant density flows.

2. There is no assumption embodied in Egs. (4.18)—(4.20) that the turbulent stresses
are isotropic. In fact, it is only the anisotropic portion of the stress tensor that is
modeled in terms of <Sij). Only the eddy viscosity vy is assumed isotropic—that
is, independent of the component of (u{ui) being modeled. This scalar isotropic
eddy viscosity is thus modeled only in terms of other scalars: k, €, and the model
constant C,,.

3. Equation (4.18) is commonly regarded as a postulated relationship. However, as
will be seen below, it is the leading term in a more general constitutive relation
that can be derived directly from the Reynolds-averaged equations [42, 77, 87].
This may also be inferred by comparison of Egs. (4.16) and (4.18).

If the adequacy of Eqs. (4.18)—(4.20) in modeling the turbulent stresses is to be
assessed experimentally, both the appropriate mean flow gradients and turbulence
quantities must be obtained. Although k can be obtained from measurement of the
normal stresses, the dissipation ¢ is less accessible. It can be estimated, however, by
the relation

k)3/2
Y4

(

Wi

e=A

“.21)

Equation (4.21) implies that the turbulence is in equilibrium—the production of
turbulence energy, its rate-of-transfer to smaller scales, and its viscous dissipation
are all approximately in balance. In engine flows, where the characteristic time scale
of the turbulence can be considerably greater than the time scales describing the
mean flow evolution, this condition may not be fulfilled. An alternative perspec-
tive on this issue may be gained by considering Eq. (4.18) as an expression of a
mixing length hypothesis, which can be obtained by substitution of Eq. (4.21) into
Egs. (4.18) and (4.20):

<u;u;> - %kaij - —2Cu’z<sg) (4.22)

where C is a constant and u’ o k'/2. From this viewpoint, the quantity u'f o kg—z
is directly related to the transport of momentum by a turbulent fluctuation with
velocity u’ over a distance ¢, and use of Eq. (4.21) seems justified. However,
employing a value for the constant A obtained in equilibrium turbulence may not
be appropriate. Nevertheless, in the results presented below we adopt the relation
A =0.55, obtained from grid turbulence measurements [25] when the integral scale
employed is the transverse scale £, as defined by Hinze [51].

To improve the prediction of the normal stress anisotropy [88], and the predic-
tion of the stresses in swirling flows [21, 28, 87] alternatives to the linear relation
between the turbulent stresses and the mean strain rate embodied in Eq. (4.18) have
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been explored. These relations (retaining terms only up to the third order) take the
form

<M:l/t]/>—%k5u k * k ? * Qk 1 * Ok k ?
TZ—CH E Sij+a2 g SikSkj_gsleklaij + a3 ;

(Sik‘ij - ‘QikSkj> +oy (g) (‘Qik‘ij - g‘le‘leaij>
K\* K\’
was (£) (sisii - 2isisy) +oo (5) (aics;

SR - 3512250 )

(4.23)

In writing Eq. (4.23), we anticipate that the mean rate-of-rotation tensor £2;
may need to be modified to accommodate flows with streamline curvature [43] or
coordinate system rotation [42]. Note that the angle-brackets denoting the ensemble
mean have been dropped in writing Eq. (4.23). The multipliers «;-o¢ are generally
strain dependent and anisotropic. In some models, e.g., [28], an additional term
may be included that is also cubic in the mean velocity gradients, i.e.: oy (1‘)3

&
(S5S5 — 2527) S This term can be absorbed into the leading term on the RHS
of Eq. (4.23), providing (additional) strain dependence to the multiplier ;. Note
the equivalence of the leading term in Eq. (4.23) with Eq. (4.18). It is important to
appreciate that models of this form are not simply higher-order ‘postulated’ rela-
tions, but can be developed in a rigorous manner from algebraic Reynolds stress
closures developed from the Reynolds-averaged momentum equations.

A key qualitative feature to recognize in Eq. (4.23) is that the quantity k/e
denotes the turbulent time scale, and hence (k /&) <Sfj> represents a time scale ratio:

the turbulent time scale by a time scale characteristic of the mean flow. When mean
flow time scales are large compared to the turbulent time scale (the mean flow
velocity gradients are small), then the higher order terms in Eq. (4.23) are of little
importance. Accordingly, under these conditions, a stress model based on only the
leading term can be expected to perform well. Various stress models of the form of
Eq. (4.23) will be evaluated below to illustrate the potential benefits that they may
offer in engine flows.

In addition to the stress modeling, the k-¢ turbulence model and its variants rely
on a modeled equation for the turbulent energy dissipation ¢ (e.g., [48]). No specific
relationships in this model equation are amenable to quantitative assessment as
will be performed with the stress model relationships described above. Hence, the
appraisals made below will be based on a qualitative comparison of the trends in the

computed length ( %) and time scales (k/e) with the measured quantities. It will be

noted however, that when the measured length and time scales are scaled according
to Eq. (4.21), very good quantitative agreement is observed over significant portions
of the cycle.
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4.3 Review of the Recent Literature

A general trend in experimental studies of in-cylinder fluid motion published in
the last two decades is a tendency towards engine geometries and operating condi-
tions which are more representative of production diesel engines. A large number
of these studies have been devoted to the clarification of the effects of combustion
bowl geometry, swirl level, and engine speed on the flow structures and turbulence.
However, a necessary prelude to consideration of this recent work is a brief review
of the formation of the mean flow structure in the late compression stroke and the
subsequent ‘squish/swirl’ interaction. Our understanding of the structure of turbu-
lent engine flows has also benefited from numerous experimental studies that have
provided detailed information on the shear stresses and the anisotropy, as well as the
length scales of the turbulence. The aforementioned topics form a general outline
of this section, which begins with a brief overview of the induction stroke fluid
dynamics that sets the stage for the later flow development.

4.3.1 Induction and Early Compression

A detailed understanding of the flow structure development and turbulence gener-
ation during the induction stroke is indispensable for engine technologies that rely
on early in-cylinder mixing of fuel/air/residuals. For direct-injection diesel engines,
however, the flow details during this period are less important, except to the extent
that they influence the mean flow configuration and the in-cylinder turbulence level
during the latter part of the compression stroke. Accordingly, only general obser-
vations are summarized below. Additional details can be found in [46] and in the
individual references cited below.

1. Mean flow structures, such as the ring-vortex structures formed by the flow
through the valve (e.g. [3, 52]) or double-vortex structures in horizontal, diametric
planes (e.g. [8, 9]) generally decay by bottom center. The only mean flow struc-
tures surviving well into the compression stroke are tumble and swirl motions.

2. Discussion of tumble motion is entirely absent from the diesel engine literature,
despite its important role in spark ignition engine applications. As will be seen
below, to ensure high turbulence levels near TDC—even in large squish-area,
reentrant, bowl-in-piston combustion chambers—it is important to maintain high
levels of turbulence throughout the compression stroke. Tumble may play an
important role here. However, flow tumble may be suppressed in high-swirl
flows, as large centrifugal forces acting on high angular momentum fluid will
resist inward fluid displacement by tumble motion. This is an area that requires
additional exploration.

3. The position of the swirl center often rotates about the cylinder axis [9, 30, 96].
Bowl-in-piston engines promote swirl-centering and reduce the amplitude of this
motion.
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4. An engine speed dependency of the swirl flow development is often reported.
Discussion of this speed dependency is deferred until a later section.

5. Some degree of axial stratification of the swirl velocity (or angular momentum)
is frequently observed (e.g. [64, 70], refs. in [46]). Insufficient information is
available to quantify the influence of port design on this phenomenon.

6. Modeling studies suggest that the bulk of the turbulent energy observed during
induction is generated in-cylinder by the anisotropic stresses. Port-generated
turbulence, convected into the cylinder, is a minor contribution.

7. Peak turbulence levels occur in the mid-induction stroke, and decay rapidly
thereafter. Extrapolation of the decay rate suggests that induction generated
turbulence will have substantially dissipated by intake valve closure. Additional
numerical simulations [20, 33] and scaling analysis [62] support this observation.

8. The spatial distribution of turbulence energy is reasonably homogeneous, and
is characterized by approximately equal normal stresses by the early part of the
compression stroke.

Overall, as the last third of the compression stroke begins, the mean flow field
in a swirl-supported, direct-injection engine is generally characterized by a single
rotating vortex, with a center roughly aligned with the cylinder axis. The radial
distribution of the swirl velocity in this vortex does not differ dramatically from a
solid-body-like structure, although at the outer radii a flattened radial profile may be
observed (e.g., Fig. 4.2). Some axial stratification of angular momentum may also
be observed. Measurements of mean axial velocities are sparse, but the results of
numerical simulations [72] suggest that they do not differ significantly from a linear
variation from the piston surface to the head. The distribution of turbulent kinetic
energy is approximately homogeneous, with the energy roughly equally distributed
among the three component fluctuations. Velocity fluctuations are typically found to
be 0.5-0.8 times the mean piston speed S,. This flow description can be dramatically
modified as the compression stroke proceeds, as will be described in detail below.

4.3.2 Near-TDC Mean Flow Structure: The Squish/Swirl
Interaction

Gosman and co-workers ([46], and references therein) established through numer-
ical modeling the existence of a strong interaction between the flow swirl and the
squish flow that dominates the fluid mechanics of bowl-in-piston diesel engines near
the end of compression. In contrast to cylindrical (‘pancake’) combustion chambers,
wherein the solid-body-like form of the radial distribution of the swirl velocity is not
appreciably modified during the compression and expansion processes, the squish
flow significantly disrupts the radial distribution of the swirl velocity and causes
large departures from a solid-body-like structure. This disruption creates -z plane
vertical structures that vary considerably with swirl level and bowl geometry, and
which, in turn, change the convective transport of existing turbulence and generate
additional turbulence.
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stroke begins (-55 CAD)

The process by which the squish flow interacts with the flow swirl is depicted
schematically in Fig. 4.3. During compression, the vertical motion of the piston
displaces fluid elements inward toward the cylinder centerline. Neglecting turbulent
diffusion and assuming axisymmetric flow, the tangential momentum equation—
Eq. (4.4a)— reduces to the statement that the angular momentum of the fluid
element is conserved: r(Uy) is constant. Thus, as the element is displaced inward,
its tangential velocity increases as the radius of gyration is reduced. This
‘spin-up’ process is analogous to the figure skater who increases/decreases his
rotational speed through a corresponding decrease/increase of his rotational moment
of inertia. As a consequence of the increased tangential velocity, the centrifugal
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forces acting on the fluid element are increased. Eventually, as the fluid penetrates
inward, the radial momentum imparted by the squish flow cannot overcome the
increased centrifugal forces and further inward penetration is impeded. Because the
squish flow is dominated by the changing combustion chamber geometry, the radial
momentum imparted to fluid elements during the squish process is independent of
the flow swirl level. In contrast, the centrifugal forces acting on a fluid element will
increase approximately quadratically with the flow swirl ratio. The inward pene-
tration of the squish flow, therefore, is strongly influenced by the swirl, with the
greatest penetration occurring at the lowest swirl levels.

For low levels of flow swirl, the squish flow penetrates to nearly the cylinder
centerline before it turns down into the bowl as required by symmetry constraints.
As the flow swirl is increased, the inward penetration is reduced and the flow
turns down into the bowl when the increasing centrifugal forces have overcome the
initial radial momentum imparted by the squish process. For high swirl levels, the
centrifugal forces are sufficiently great that the squish flow turns down into the bowl
as soon as the combustion chamber geometry permits. After turning downward, the
high-(Uy) fluid invariably attempts to return to the outer bowl radii due to the high
centrifugal forces acting on it. The resulting near-TDC flow fields, as predicted by
numerical simulation, are depicted in Fig. 4.4. Additional examples are found in
references [1, 6, 13, 15, 33, 59, 65, 86, 91, 92, 98].

Note from Fig. 4.4 that the r-z plane flow structures formed by the squish/swirl
interaction act to transport angular momentum to different locations within the bowl.
Accordingly, the tangential velocity distribution, shown by the false color back-
ground, also varies dramatically with swirl level. As will be seen below, the spatial
distribution of the swirl velocity (Uy) has an important influence on the generation
of turbulence. Thus, it must be anticipated that differences in the spatial distribution
and characteristics of the turbulence within the bowl will also be observed as the
swirl level is varied.

Furthermore, note that at the highest swirl ratio, R, =3.5, a double vortex struc-
ture is developing within the bowl. The lower vortex develops as the high-momentum
fluid in the bottom of the bowl is deflected upward by the bowl pip and attempts to
return to the bowl periphery under the action of centrifugal force. A second, counter-
rotating vortex subsequently forms above the pip. If the swirl ratio is increased
further, the former vortex is confined to the lower, outer regions of the bowl, while
the latter grows accordingly. In addition to turbulence generation effected by the
spatial distribution of (Uy), we must also expect that the high level of mean flow
deformation in the r-z plane at the interface between these two vortices will also
elevate turbulence production.

An important aspect of the squish/swirl interaction process that is often over-
looked is that as the high tangential velocity fluid is forced inward and downward
into the bowl, the conserved quantity is angular momentum—not rotational kinetic
energy. Arcoumanis et al. [6] remind us that, in an idealized situation, the rota-
tional kinetic energy of the charge can increase by as much as the square of the
cylinder-to-bowl diameter ratio. The source of this increased energy is ultimately
associated with piston work performed during compression.
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of the swirl velocity, as the flow swirl ratio is increased. The velocity scales are expressed in units
of mean piston speed S,

Detailed experimental mappings of the r-z plane mean flow structures, such as
might be obtained with particle image velocimetry, do not exist. However, the exper-
imental data that do exist are collectively sufficient to validate the multi-dimensional
model predictions and the physical ideas discussed above. Arcoumanis and co-
workers [5] provided the first experimental validation of the effects of swirl-squish
interaction on r-z plane flow structures. Their measurements of axial and radial
velocity profiles clearly demonstrated the decreased penetration of the squish flow
when flow swirl is present, and the subsequent formation of flow structures similar
to those shown in Fig. 4.4. Additionally, the tangential (swirl) velocity measure-
ments illustrate the role of these structures in transporting high angular momentum
fluid to different locations within the bowl.

Further measurements supporting the predicted flow structures are reported by
Rask and Saxena [80], who sketch streamlines based on radial velocity measure-
ments that are reminiscent of the structures shown in Fig. 4.4 for the R, =0.5 swirl
case. Their measurements also indicate that at higher swirl ratios, the squish flow
turns down into the bowl at larger radii. Similarly, Fansler and French [35] report
radial velocity measurements that are consistent with the above description of the
r-z plane flow structures and the effect of increasing swirl on these structures. In
addition, their tangential velocity measurements clearly illustrate the ‘spin-up’ of
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the fluid exiting the squish volume. Tangential velocity measurements reported
by Sugiyama [91] plainly depict the increased inward penetration of high angular
momentum fluid at the lower swirl ratios. Radial profiles of measured axial veloc-
ities reported by Arcoumanis et al. [9] are also consistent with the high swirl ratio
flow structure depicted in Fig. 4.4. More recently, Miles et al. [67, 72] make a direct
comparison between measured axial profiles of radial and tangential mean veloci-
ties and the predictions of a multi-dimensional simulation. The level of agreement
observed suggests that the numerical predictions are capable of predicting the mean
r-z plane structures with good quantitative accuracy—including such details as mean
flow strain rates—provided the bulk swirl ratio is specified or predicted accurately.

4.3.3 Turbulent Flow Structure

4.3.3.1 Ensemble Averaging vs. Cycle-Resolved Analysis

A still unresolved issue in the study of turbulent engine flows is how one can sepa-
rate and characterize quantitatively the ‘turbulence’ flow structures, when cycle-
to-cycle variations in mean, bulk flow structures—with similar characteristic time
and length scales—occur simultaneously. Discussion of this topic and selected
applications can be found in references [36, 50, 60, 62, 106]. Methods to separate
measured velocity fluctuations due to these two sources (‘cycle-resolved’ analysis)
typically rely on temporal or spatial filtering techniques. Due to a lack of separa-
tion of length and time scales characterizing the turbulence and the cycle-to-cycle
mean flow variations, these attempts invariably include some of the turbulence struc-
tures/energy in the mean flow results, and vice versa.

In the discussion that follows (and in the later sections of this manuscript), the
statistical characterization of the turbulence is achieved through standard ensemble
averaging techniques, unless otherwise specified. This choice has been made for the
following reasons:

1. Cycle-to-cycle mean flow fluctuations are generally small when a strong, directed
mean flow exists [60, 79]. In direct-injection diesel engines, such a mean flow
structure is provided by flow swirl and by the pronounced squish flows present
in engines with reentrant bowl geometries.

2. A significant part of the anisotropy of the turbulence is found in the large scales
of the turbulence structures. If, due to the overlapping of scales, contributions
from these large scales are removed from the turbulence, the anisotropic part
of the turbulent stress tensor will be altered significantly. It is the anisotropic
part of the turbulent stresses that is responsible for the transport of momentum
that influences the mean flow development [78]. Additional perspective on this
issue is provided by considering the Eulerian correlation functions that are
obtained with filtered turbulent fluctuations [19, 39, 61]. Integral scales derived
from these correlations would be near zero. Although the relationship between
Eulerian and Lagrangian integral scales is not known, they are generally consid-
ered to be approximately proportional [93]. It is relevant to note here, then, that
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a turbulence field with a Lagrangian integral length scale of zero is incapable
of transporting momentum. Similarly, it is the anisotropic part of the stresses
that are predominantly responsible for the production of additional turbulence.
Altering (and, in some cases, nearly removing) the anisotropic stresses through
application of cycle-resolved analysis techniques can thus fundamentally alter
the very aspects of the turbulence that are most important to understand and
accurately model.

3. As will be seen below, when the turbulent stresses are estimated from the
measured mean velocity gradients using a stress modeling hypothesis and asso-
ciated constants derived in canonical, ergodic flows, they agree very well with
the experimentally measured stresses over significant portions of the cycle. A
similar agreement is observed between measured turbulent time and length scales
and the results of numerical simulations. This agreement would be unlikely to be
observed if the measured stresses had significant contributions from cycle-to-
cycle fluctuations.

Despite the above assertions, cycle-to-cycle fluctuations in the mean flow struc-
ture may be more important during some periods of the cycle or at some spatial
locations than at others, and could result in significant error in the estimation of
mean velocity gradients or turbulent stresses under some circumstances. Although
these fluctuations will not be considered explicitly below, their possible existence
must be borne in mind when the experimental data are employed for detailed vali-
dation of or selection of turbulent stress models, or for attempting to evaluate the
dominant sources of turbulence production.

4.3.3.2 The Influence of Bowl Geometry and Flow Swirl

At first sight, there appears to be a broad range of views in the literature regarding
the typical intensity of near TDC turbulence and its spatial distribution within the
bowl. To organize and compare the various results, it is useful to segregate the
various studies by bowl geometry, swirl ratio, and spatial locations investigated.
Upon performing this segregation, a reasonably consistent picture of the effect of
these variables on the turbulence structure emerges. This picture is summarized in
Fig. 4.5.

An appropriate baseline against which to compare the turbulence structure
obtained in bowl-in-piston engines is the flat-piston, or ‘pancake’ chamber engine.
As discussed earlier, the intake-generated turbulence decays on a time scale signif-
icantly shorter than the duration of the engine cycle, and thus has little influ-
ence on the near-TDC fluctuations. In the absence of significant tumble motion,
the near-TDC fluctuations are approximately 0.5 times the mean piston speed
Sy, [4, 5, 16, 46, 96], and are approximately homogenous. Swirl motion, in the
form of solid-body-rotation, is not a source of turbulent kinetic energy, and there
is evidence that increasing the flow swirl may slightly decrease the turbulent
fluctuations near-TDC [16, 46, 96]. With swirl, however, increased fluctuations near
the cylinder center are often observed (e.g. [102]), and are typically attributed to
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Fig. 4.5 Composite picture of near-TDC turbulence structure for various bowl types, summarizing
results obtained from both measurements and numerical simulation as swirl ratio and squish area
are varied

precession of the mean flow swirl center. In general, the component fluctuations are
approximately equal, although there are several studies that provide (conflicting)
evidence that some anisotropy develops. This will be examined more closely in a
later section.

For non-reentrant, bowl-in-piston engines without flow swirl, both experimental
[5] and numerical studies [46], indicate that the spatial distribution of turbulence
within the bowl is generally fairly uniform, with an intensity comparable to that
found in pancake chambers—g—; ~ 0.5 — 0.6. With the addition of swirl, the numer-
ical studies suggest that at low swirl ratio (Ry & 1.0) there is little change in the
turbulence intensity or spatial distribution, while for higher swirl ratios (R; &~ 5.0)
a modest increase is seen (g—p’ ~ 0.7). Experimental results [5, 6, 23, 64, 75] are
consistent, with swirl ratios at intake valve closure (IVC) of 2-3 providing perhaps
a marginal increase in the turbulent kinetic energy but not significantly affecting
the spatial homogeneity. The increased turbulence observed with swirl—not seen in
pancake chambers—is indicative of the disruption of a solid-body-like swirl velocity
distribution by the squish flow.

In the above referenced work, a small squish area ratio Ayy, defined as the ratio
of the squish area to the cylinder bore area, was employed—hence the designa-
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tion ‘open cylindrical bowl” in Fig. 4.5. The squish flows are therefore of modest
strength. Consequently, no significant increase in turbulent fluctuations near the
bowl lip is seen as TDC is approached [5, 46, 75, 100], even with modest levels
of flow swirl.

With the addition of both swirl and the larger squish area ratios associated with
deeper cylindrical bowls, an increase in turbulence fluctuations near the bowl lip
to levels of roughly 1.2, is typically observed. This peak is generally attributed
to large amounts of r-z plane flow deformation (‘shear’) associated with the squish
flow and dominated by 6%"). Stronger squish flows also are expected to result in
larger departures of the swirl velocity from a solid-body-like form, however, due
to the ‘spinning-up’ of high angular momentum fluid as it is displaced inward.
Thus, large -0 plane and z-6 ‘plane’ flow deformation can also exist, as measured
by rZ (%) and XL (see the mean flow fields shown in Fig. 4.4). Both exper-
imental [26, 34, 35, 74, 84] and numerical studies [6], exhibit this squish-flow
driven increase in turbulent fluctuations, although exceptions can be found [59]. An
increase in R generally increases the intensity of the squish-generated fluctuations
[35, 84]. Because the magnitude of the squish flow velocity near the bowl lip is
not sensitive to Ry, this observation implies that radial and axial gradients in (Uy)
identified above play a role in generating the increased turbulence. In addition to
turbulence generation by mean flow deformation, numerical studies indicate that
flow separation at the bowl lip may also contribute to the enhanced fluctuations
observed in that region [20]. Finally, studies conducted with higher swirl and squish
area ratios [34, 74] show less homogeneity within the bowl.

Besides the localized peaks in the turbulent fluctuations seen near the bowl lip,
peaks are often seen near the bowl centerline as well. Experimentally, these are often
attributed to swirl center precession [5, 96]. In one instance [36], cycle-resolved
analysis has demonstrated that the measured increase in fluctuations seen on the
bowl centerline is associated with low-frequency motions that are self-correlated
over appreciable periods (30-100 CAD), lending credence to this suggestion. Never-
theless, as discussed in [36], multi-dimensional models often predict increased
fluctuations on or near the bowl centerline [6, 59] that can exceed 1.1S,. These
numerical studies do not identify the mechanism by which the increased fluctuations
are produced.

Reentrant bowls have still higher squish area ratios (resulting in increased tangen-
tial velocities for inwardly displaced fluid), and the trends observed above for non-
reentrant bowls as Agq and R; are increased continue to hold. Overall, the average
level of measured turbulent fluctuations within the bowl is increased over non-
reentrant bowls, although the specific measured levels vary between roughly 0.5
and 1.5, [9, 13, 67, 72, 75, 80, 96]. On the whole, higher fluctuations reported
in these studies correlate well with higher swirl ratios and squish area ratios. Rask
and Saxena [80], in a study specifically designed to investigate the effects of Ay,
corroborate this finding, although they observe only a minor influence of swirl ratio.
In general, the homogeneity of the turbulent fluctuations within the bowl suffers
with reentrant bowls, although the available measurements suggest that away from
the walls the spatial variation in the turbulent fluctuations is within a factor of 2
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[9, 13, 67, 80, 96]. Numerical simulations further support this estimate [86], with
the exception of local peaks computed on the bowl centerline [15, 33, 92].

Due to their characteristically large Ay, regions of high turbulent fluctuations
are observed numerically in the lip region of reentrant bowls, even with no swirl
[33, 92]. With swirl, both experimental [11, 26, 27, 35, 80, 84] and numerical
[33, 46, 86, 91, 92] studies indicate high turbulence regions near the lip. Studies
which provide a crank-angle evolution of these fluctuations indicate that they are
maximized near the time of the peak squish flow, roughly 10 CAD prior to TDC.

An interesting attribute of reentrant bowl geometries is the presence of a
pronounced peak in turbulence intensity near the bowl lip region during the reverse-
squish period, 10-20 CAD ATDC. This reverse-squish peak is observed in both
experiments [4, 13, 35, 80, 84] and simulations [46, 59, 91]. Fansler and French
[35] have provided an explanation for the occurrence of this peak. With a re-entrant
bowl, fluid beneath the bowl rim must flow inward to pass through the bowl throat
as the piston descends. However, the expanding squish volume dictates that the flow
be outward at and above the bowl throat. The radial flow must therefore undergo a
reversal near the bowl lip, leading to regions of large % This effect is absent—
or greatly diminished—in non-reentrant bowls, although numerical studies suggest
there may be modest reverse-squish turbulence production near the lip for these
geometries also [6].

Two additional phenomena that occur during the reverse squish period merit
discussion. Firstly, large amounts of reverse squish turbulence have been observed
near the bowl centerline [19] in an engine with a non-axisymmetric bowl. Concur-
rently, large mean velocities are observed. Similar levels of turbulent and mean
velocities are not seen during the squish period. A similar increase has been
observed near the bowl centerline in the LDV experiments of Beard et al. [13].
This phenomenon bears further examination.

Secondly, turbulence is expected to be generated in the reverse-squish period
by large velocity gradients above the piston face. This is distinct from the reverse-
squish peak discussed above, which occurs within the bowl throat. In addition to
shear generated turbulence, numerical studies suggest that unsteady flow separation
from the bowl edge is a significant source of flow turbulence [6, 20]. Measurements
within the squish region near TDC are scarce, but radial profiles of tangential and
axial fluctuations obtained 40 CAD ATDC [67] show no evidence of intense turbu-
lence in the squish region at this time. Measured fluctuations are radially homoge-
neous at a level of approximately 0.5 S,,.

A final observation related to the effects of bowl geometry can be found in the
measurements of Beard et al. [13], who find an enhancement of fluctuations when
the bowl floor has a pronounced central pip. Measured radial velocity fluctuations
reported by Cipolla et al. [23] similarly exhibit a modest increase in the lower-
central region of the bowl—near the pip—as do simulation results reported in [6]
and [59]. The mechanism for the production of these enhanced fluctuations has not
been clarified.
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4.3.3.3 Anisotropy and Shear Stresses

As described in the theoretical background section, there is no inherent distinc-
tion between turbulent shear stresses and normal stresses, since the turbulent stress
tensor can always be diagonalized by choice of an appropriate coordinate system
(the principal axes)—the fundamental distinction is between the isotropic and the
anisotropic part of the stress tensor. In an incompressible flow, the anisotropic
stresses are responsible for generating turbulence—the isotropic stresses play no
role. Furthermore, the anisotropic stresses are responsible for the transport of
momentum, thus influencing the mean flow development. The anisotropy of the
turbulence is thus an essential feature, and accurate prediction of the anisotropic
stresses is central to turbulence modeling.

Shear stresses are always related to the anisotropic part of the stress tensor, and
knowledge of their magnitude is clearly desirable. The anisotropy in the normal
stresses is of equal importance, however. The dominant source of normal stress
anisotropy is associated with anisotropy in the production of the individual stresses!.
Examination of the stress anisotropy, therefore, can provide valuable information on
the sources of turbulence even in the absence of knowledge of the shear stresses.

Measurement of the shear stresses, along with the corresponding normal stresses,
provides a complete characterization of the anisotropic stresses. Typically, this
requires simultaneous measurement of two-components of velocity. The shear
stresses in a given plane can be extracted algebraically, however, from independent
measurements of the normal stresses along three-different directions in the plane
of interest, e.g. [40]. This technique requires highly repeatable flow conditions, and
attempts to apply it to engine flows by the current author have failed to yield reliable
results. Shear stresses reported in the engine literature have all been obtained via
simultaneous measurement of multiple components of velocity.

Foster and Witze [37, 103] report the first measurements of shear stress in an
engine flow, having measured <u;u’z) (or, equivalently, (u%ué)) on the centerline of
a pancake-shaped chamber. Although this engine geometry is not representative of
typical direct-injection diesel engines, these measurements are examined in some
detail in the following paragraphs—due to the clear illustration they provide of the
enhanced understanding that may be gained through a more complete characteriza-
tion of the turbulent stress tensor.

To examine the evolution of the underlying structure of the stress tensor reported
in [37] in greater detail, it is useful to normalize it by 2k, such that the sum of
the normal stresses equals 1 [v. Eq. (4.23)]. In this manner, changes in the stress
tensor caused by the changing turbulence energy—which peaks approximately 15
CAD before TDC—are removed. The components of the normalized stress tensor
are depicted in Fig. 4.6, from which the following observations are made:

1. The normalized stress tensor is essentially identical for both engine speeds.
2. The normal stresses follow a well-defined trend. Prior to —35 CAD the majority
of the turbulence energy is in the z-component fluctuations (perpendicular to

I Close to walls, however, other factors may affect the isotropy of the normal stresses.
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the piston surface). The fraction of energy in the z-component fluctuations then
decays approximately monotonically, while the - (or 6 -) component fluctua-
tions increase.

3. The shear stresses exhibit a smooth variation, showing a modest peak at approx-
imately —15 CAD.

The gradual transfer of turbulence energy from one normal stress component to
the other, and the maximum in the normalized shear stresses in the midst of this
transfer, suggest a gradual rotation of the principal axes that characterize the r-z
plane stress. To examine this more closely, the magnitude of the normal stresses,
with the normalized stress tensor expressed in principal axes, and the angle made
by the major axis of the stress tensor with the horizontal plane are plotted in Fig. 4.7.

From Fig. 4.7, the evolution of the structure of the r-z plane turbulent stresses
is much clearer. The energy in the turbulent normal stresses, expressed in principal
axes, remains approximately equally distributed at all crank angles, with approxi-
mately 70% of the energy in one component, and 30% in the other. The principal
axes slowly rotate (in a manner that is nearly linear with crank angle), such that the
major axis goes from being nearly aligned with the vertical direction to being nearly
aligned with the horizontal direction. This process is depicted pictorially in Fig. 4.8.

Foster and Witze do not report mean velocity gradients, and a detailed assessment
of the stress modeling is not possible. Nevertheless, some general observations can
be made. First, if one idealizes the flow in the cylinder as undergoing a simple

one-dimensional compression, then the only significant mean normal strain rate is
9z

quently, the turbulence is expected to be anisotropic, with the major axis of the stress

tensor roughly aligned with the z-direction. During expansion, the opposite effect is

, and all turbulence production by the isotropic stresses feeds <u/§> Conse-

anticipated. A one-dimensional expansion process will extract energy from <u’§>,
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Fig. 4.7 Evolution of the 90 T T
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and the major axis of the turbulent stresses can be expected to be approximately
perpendicular to the z-direction. This simple picture is consistent with the behavior
of the measured stresses, with the exception that the measured rotation of the prin-
cipal axes is not symmetric about TDC—the principal axes are oriented at 45° to
the r- and z-coordinate axis at approximately —35 CAD.

Z < Z

—-60 CAD -10 CAD 40 CAD

Fig. 4.8 Pictorial description of the evolution of the major axes of the turbulent stress tensor as the
piston passes through TDC
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This asymmetry with respect to TDC is consistent with the effects of tumble
motion in the r-z plane, which is identified by Foster and Witze as being the domi-
nant mean flow structure present in their engine. Measurements of the evolution of a
tumble vortex as it is compressed [7] indicate that by about —30 CAD %g) >> %
That is, the mean flow in the r-z plane is dominated by %lz/') Consequently, turbu-
lence generation associated with the mean r-z plane velocity gradients primarily
enhances the radial component fluctuations, leading to a rotation of the principal
axes of the turbulent stress tensor. Thus, while a quantitative analysis of the coupling
of the mean velocity gradients with the turbulent stress tensor is not possible, qual-
itatively the behavior of the stress tensor is fully consistent with expectations based
on the flow physics.

Dimopoulos and Boulouchos [31, 32] measure the full turbulent stress tensor in a
pancake chamber for various swirl levels. Significant differences in the evolution of
both the anisotropic normal stresses and the shear stresses are observed as the flow
swirl is varied. For the high-swirl flow measurements [32], mean velocity gradients
are also reported and employed to qualitatively assess the validity of stress modeling
via an eddy-viscosity model. The results of this assessment show that while the
eddy viscosity is generally positive, it is anisotropic and varies significantly with
crank-angle.

Assuming axisymmetry, it is also possible to estimate the magnitude of the
various sources of turbulence production from the data of Dimopoulos and Boulou-
chos. These estimates indicate that the radial gradients in the swirl velocity (Usy),
coupled with the -6 plane stress, do not provide a significant enhancement to
the turbulent kinetic energy k—energy in the radial fluctuations is removed at
approximately the same rate that energy is added to the tangential fluctuations.
Flow deformation in the r-z plane, dominated by %’ is the largest net source of
turbulence production by the anisotropic stresses. Like the Foster and Witze study
discussed above, this source is associated with tumble motion within the cylinder
and enhances the radial component energy. Interestingly, for this pancake-shaped
chamber, production via the isotropic stresses is the dominant source of k, and
appears to be approximately two to three times the size of the turbulence production
associated with the mean tumble motion at the time of peak k£ (-20 CAD). Recent
results in the author’s laboratory, discussed below, show a similar dominance of the
isotropic production terms in low-swirl, bowl-in-piston engines. It must be noted,
however, that rotation of the tumble vortex around the cylinder axis by the flow
swirl could be subject to cycle-to-cycle fluctuations that lead to underestimation of
% and, hence, underestimation of the tumble induced turbulence production.

Auriemma and co-workers [11] present measurements of (u;ué) and the
corresponding radial and tangential fluctuations near the lip of a re-entrant, bowl-
in-piston combustion chamber with swirl. During the latter part of the compres-
sion stroke the component fluctuations are approximately equal, but they begin to
diverge and rapidly increase beginning at about —15 CAD. Shortly before TDC,
the average fluctuation level has increased by over 50%, and the tangential
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fluctuations exceed the radial fluctuations by approximately 20%. Fansler and
French [35] observed very similar behavior, though the increase in fluctuations and
the degree of anisotropy was larger.

Based on the available measurements it is possible to generate a rational—albeit
incomplete—picture of the dominant turbulence generation processes near the lip.
The shear stress (u;%) measured in [11], which was small prior to —15 CAD, shows
an attendant increase to levels corresponding to a correlation coefficient of 0.3 by
TDC. Based on complementary measurements reported in [27], the radial gradient
in (Uy) is positive at this time. According to Eq. (4.11), the action of the increased
(uﬁu;) (changing signs to account for the different coordinate system used in [11])
will be to produce tangential fluctuations while decreasing the radial fluctuations.
Thus, it is probable that the increased (uéu%), in conjunction (Uy) and its radial
gradient, is a major contributor to the observed anisotropy in the tangential and
radial fluctuations. However, like the study of Dimopoulos and Boulouchos [32]
described above, estimates of (Uy) and ’U” suggest that the net influence on k of
the turbulent fluctuations produced by (uru9> is considerably smaller than the influ-
ence on the individual component energies Based on the anticipated large values

of & U" associated with the ‘spinning-up’ of fluid displaced by the squish process,

(ueu > <8U 2 can also be expected to be an important source of tangential fluctuations

and increased k. The observed sensitivity of near-lip turbulence to R, cited above,
further indicates the probable importance of turbulence production by these radial
and axial gradients in (Up).

Fansler and French [35] have identified ( > AU a5 another potentially impor-
tant production term near the lip. This term will enhance the radial fluctuations.
Note, however, that this enhancement may be masked by the reduction in the radial
fluctuations associated with (u/uy) discussed above. Another potential source of k
is production during the compression process by the isotropic stresses. This source,
however, generally peaks near —20 CAD and is thus an unlikely contributor to the
enhanced fluctuations in the vicinity of the lip near TDC. Overall, the picture that
emerges is one in which squish-generated axial gradients in (Uy) and (U,) enhance
both the tangential and radial fluctuations. Production terms associated with the
radial distribution of (Uy) also likely generate turbulence energy, but mainly re-
distribute energy from the tangential fluctuations into the radial fluctuations, thereby
enhancing the anisotropy.

Although some degree of anisotropy in the turbulent normal stresses is reported
in several additional studies employing bowl-in-piston geometries (e.g. [9, 13,
67, 80]), the measurements are generally insufficient and the degree of anisotropy
too slight to draw well-founded conclusions. Even in pancake-chambers, the avail-
able experimental results are often conflicting. Late in the compression stroke, some
studies exhibit lower axial fluctuations [32, 37], others report higher fluctuations
[36], and still others indicate almost no anisotropy [5, 7, 16] or show location depen-
dent behavior [31]. Evidently, additional detailed measurements that characterize
potential sources of anisotropy associated with the turbulence production terms will
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be required if these complex flows are to be better understood. A first step in this
direction, in which the anisotropy of the normal stresses is correlated with the domi-
nant production terms [72], is described briefly below.

4.3.3.4 Length Scales

There are two broad areas in which improved knowledge of the turbulent length
scale can improve our understanding and ability to model turbulent engine flows.
Firstly, turbulent viscosity based stress models can be viewed as mixing length
models. That is, the viscosity can be expressed as a product of a characteristic turbu-
lent velocity scale and a characteristic length scale over which the turbulence can
effectively transport momentum. This length scale can be expressed in terms of a
Lagrangian integral scale?, which, in turn, can be related to Eulerian integral scales
[93]. Evaluation of Eulerian length scales is thus central to the assessment of various
turbulent stress models and the benefits that might be achieved by adopting more
complex formulations. Examples of more complex viscosity based stress models
include those with non-isotropic viscosities or with strain-dependent coefficients.
Secondly, some specification of a turbulent length or time scale is required to
connect the large-scale, energetic turbulent motions with the small-scale motions
that dissipate the turbulent energy. Typically, this specification takes the form of
Eq. (4.21), which assumes that the dissipation of turbulence energy is determined

by the rate (u’ /E) at which turbulence energy (u/2> is provided from the larger

scales. Thus, evaluation of length scales and their evolution allows the examination,
albeit qualitatively, of the turbulent dissipation rate. Furthermore, analysis based on
spectral similarity considerations [93] indicates that when £ is defined by Eq. (4.21),
it is directly proportional to the Lagrangian integral scale which arises in the mixing
length considerations discussed in the preceding paragraph.

The foregoing discussion is intended not only to motivate the study of turbulent
length scales, but also to provide some perspective on their interpretation. Turbu-
lent length scales are often judged to be a measure of a distance over which a
flow remains self-correlated. While this viewpoint is certainly valid, the additional
perspective offered by noting the relationship of the integral scales to the momentum
transfer (stress modeling) and to the dissipation rate adds physical understanding.
For example, increased turbulent dissipation will act not only to dissipate turbulence
directly, but, all other factors being equal, will also reduce production through a
diminished mixing length. Further, this additional perspective indicates that some
common data reduction practices are likely to produce results which no longer
reflect the physical significance of the integral scale in the momentum transport
process. Determination of integral scales through integration of a positive envelope
delimiting the magnitude of the measured correlation functions is one example of
such a practice. Although an improved estimate of the length over which a turbulent
flow is self-correlated may be obtained, the result is unlikely to correctly reflect the

2 Integral time or length scales are determined by integration of temporal or spatial correlation
functions, e.g. [51]
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distance over which the fluctuating velocities can transport momentum. Similarly,
as noted in Sect. 4.3.3, high-pass filtering of velocity data can significantly impede
the ability of the flow to transport momentum, and integral scales computed from
such data are typically small.

In a general turbulent flow many different spatial correlations can be defined,
depending on the orientation of both the spatial separation vector as well as the
velocity components considered. A corresponding number of different integral
length scales exist. For isotropic turbulence, however, there is a significant simplifi-
cation: only two distinct length scales ¢; and £, exist—based on the longitudinal and
lateral velocity autocorrelation functions f{r) and g(r), respectively. The longitudinal
correlation corresponds to fluctuating velocities parallel to the separation vector,
while the lateral correlation corresponds to perpendicular fluctuations. Note that in
an isotropic flow there can be no dependency on the orientation of the separation
vector and the correlation between orthogonal fluctuating velocities must, like the
shear stress, be zero. Furthermore, £; and £, are not independent, but £; =2¢,.

Preferably, integral length scales are obtained directly using spatial correlation
functions calculated from multi-point experimental data, such as is provided by
particle image velocimetry (PIV) or multiple probe volume laser doppler anemom-
etry (LDA) techniques. Spatial correlations obtained by rapidly traversing a
measuring instrument through the flow can also provide accurate scale estimates—
provided the traverse time is small as compared to the time scales of the flow.
‘Flying’ hot-wire anemometry (HWA) or scanning LDA are examples of this latter
method. Most commonly, however, integral length scales are estimated from single
point experimental data using Taylor’s hypothesis, which relates ¢ to the integral
time scale 7 via

= (Ut (4.24)

The validity of Taylor’s hypothesis rests on the assumption that the characteristic
time scale of a turbulent eddy is much larger than the time required for that eddy
to be convected through the measurement location by the mean flow, or equiva-
lently, u'<< (U). In many engine flows the fluctuating velocity can often exceed
the mean flow velocity and Eq. (4.24) cannot be employed. However, for flows with
a strong swirl or squish component Eq. (4.24) is often approximately valid—and
scales estimated via Taylor’s hypothesis prove to be reasonably accurate estimates
of the integral length scale. Support for this statement is provided by the following
observations:

1. Little variation of estimated length scales is observed even when large changes
in the mean velocity occur [72].

2. Comparison of directly measured integral length scales from multi-point data
with estimates obtained via Taylor’s hypothesis exhibit reasonable correspon-
dence in both magnitude and evolutionary trends [97]3.

3 The cited comparison relies on the assumption of isotropy and thus does not solely assess Taylor’s
hypothesis.
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3. Similar values of integral length scales are obtained in numerous experimental
studies—some employing direct methods and others employing Taylor’s
hypothesis—as demonstrated in Table 4.1.

Table 4.1 presents an overview of published length scale measurements. Additional
results can be found in the literature, but have not been included if non-standard
data reduction practices were employed or if the application of Taylor’s hypothesis
was deemed inappropriate. The length scales reported are reasonably consistent,
and show little variation with the specific combustion chamber geometry employed.
Generally, lateral length scales £, measured near TDC are in the range of 1-3 mm,
while longitudinal scales ¢; range from roughly 2-8 mm. In studies that report
both scales, the ratio €¢/¢, is often approximately 2, indicating that approximate
isotropy of the length scales may frequently exist. Near equal longitudinal scales
measured for two different separation vector orientations further support this view
[63]. However, the lateral scales reported in [39] demonstrate that near-TDC length
scales measured for different velocity components (but the same separation vector
orientation) can vary by as much as a factor of 2. To date the evidence suggests that,
for pancake chambers, isotropy holds for separation vectors and velocity compo-
nents lying in the plane perpendicular to the cylinder axis, while scales involving
velocity components aligned with the cylinder axis may differ considerably.

Most of the studies reporting the temporal evolution of the length scale [38, 39,
47, 53, 72, 97] indicate that it exhibits a broad minimum near TDC, although this
minimum may not be apparent if measurements are not conducted sufficiently far
into the expansion stroke [39, 55, 57]. The temporal evolution, as well as the magni-
tude of the length scale, has been shown to be reasonably insensitive to engine
speed [12, 39, 53, 57, 97], a conclusion which is also collaborated by unpublished
measurements in the author’s laboratory.

There are few reported results regarding spatial variations in the length scale.
At low swirl, the length scale is found to be approximately uniform radially [53].
This behavior is expected given the dominance of turbulence production by bulk
compression (which is uniform throughout the combustion chamber) identified
below in Sect. 4.4.3. However, with a modest swirl ratio of 2.1, large radial vari-
ations in ¢ are observed, such that ¢ is largest near the cylinder centerline for the
pancake chamber employed. Similar trends can be deduced from the correlation
functions presented in [44], though the variation appears to be less pronounced.
Axial variations in £, measured in both pancake and bowl-in-piston chambers are
modest [53, 72].

The aforementioned change in the spatial behavior of £ as the swirl level is
increased is surprising, given the relative insensitivity to swirl of the near-TDC
velocity fluctuations in pancake chambers. However, changes in the magnitude
and/or evolution of ¢ with swirl have also been observed by others in pancake
chamber geometries [41, 55, 57]. Similarly, marked variations in £ with swirl level
have been observed in bowl-in-piston engines [72].

Finally, it should be noted that while integral scales are often comparable to the
largest scales found in a flow, and while physical flow boundaries clearly limit the
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integral scale, there is no clear reason that the integral scale must be proportional to
instantaneous engine geometry (such as clearance height), provided that the physical
dimensions are sufficiently large. Generally, studies reporting the evolution of the
integral scale suggest that it is not simply proportional to the instantaneous clearance
height. Fraser and Bracco [39] have measured several integral scales near TDC.
They find that while some scales are independent of clearance height, the integral
scale computed from axial velocity fluctuations is not.

4.3.4 Engine Speed Scaling

The near-linear variation of the duration of the combustion process with engine
speed in internal combustion engines is the single most important factor enabling
their operation over a wide speed range. This engine speed scaling of the combustion
duration is due to turbulent transport processes; consequently, the variation of the
turbulent flow structure with engine speed has been the subject of a large number of
studies. Bopp et al. [16] provide a summary of work performed in this area through
1986. Here, attention is focused more specifically on studies conducted in bowl-in-
piston engine geometries representative of direct-injection diesel engines.

4.3.4.1 Mean Flow Structures

Interest in the variation in the mean flow structures with engine speed is warranted
due to their role in bulk transport of momentum and species, as well as in produc-
tion of turbulent fluctuations. Non-dimensionalizing the Reynolds-averaged Navier-
Stokes (RANS) equations by defining appropriate length, time, and velocity scales,
one sees that a change in engine speed impacts the relative importance of only the
viscous diffusion terms. In a turbulent flow, these terms are negligible in compar-
ison to the turbulent diffusion, and no significant effect of engine speed on the
mean in-cylinder flow structures is expected, provided the flow boundary and initial
conditions are the same. With a single exception [64], consideration of the impact
of engine speed-related changes in the flow boundary conditions—and, conse-
quently, on the in-cylinder flow structure—is absent from the experimental liter-
ature. Despite this neglect, these speed-related changes, which are caused by the
influence of pressure waves and the ram effect in the intake system, appear to be the
key to reconciliation of the disparate results reported in the literature. In considering
the effects of intake manifold dynamics the simplifying assumption of a spatially
uniform density made in Sect. 4.2 clearly does not apply.

Although the majority of studies report a near-linear scaling of the mean flow
velocities with engine speed [13, 16, 19, 27, 65, 106], non-linear behavior is often
observed—chiefly in those studies that report spatial profiles of the mean velocities.
Monaghan and Pettifer [74] performed a detailed, early study of speed effects on the
in-cylinder flow structure. Significant differences in both the radial and axial profiles
of the swirl velocity (normalized by S,) were observed at the end of induction as
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engine speed was varied. Similar results are reported by Arcoumanis et al. [8]. In
contrast, the IVC flow structure measured in an engine in which the influence of the
intake system was minimized [64] shows almost no variation with engine speed.

Induction generated differences in mean flow structure are found to survive
compression, resulting in a significant speed dependence of the near-TDC flow
structure [64, 74, 104, 106]. Perhaps most surprising are the large differences
observed in the squish-driven radial flows reported by Yianneskis et al. [104] at
—30 CAD. Apparently, flow patterns dictated by piston motion and geometry (i.e.,
squish) are not always sufficiently dominant to overcome mean flow differences
induced by other factors. Like the behavior seen in the IVC flow structure, however,
near-TDC flow structures measured when the influence of the ram effect and pres-
sure waves in the intake system have been minimized show very little sensitivity to
engine speed [16, 64]. Unpublished measurements obtained in the author’s labora-
tory further support this finding, as do multi-dimensional, compressible flow simu-
lations of this engine. Examples of these simulations, based on full-induction stroke
calculations, are shown in Fig. 4.9—and exhibit nearly indistinguishable mean flow
structures (and turbulent velocity distributions) when velocity is normalized by Sp,.
These simulations were conducted using a k-¢ turbulence model.
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Fig. 49 Mean and rms simulated velocity fields, exhibiting the insensitivity of the numerical
results to engine speed
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Finally, Margary et al. [64] demonstrate that the magnitude of the fluctuations
in mass flow rate and pressure in the inlet port increases with engine speed. Conse-
quently, departures from a linear speed scaling can be expected to increase with
increased engine speed. Such increased departures from linear speed-scaling at high
engine speeds has been observed by Corcione and Valentino [27], providing addi-
tional support for the suggestion that intake effects are primarily responsible for
speed-related differences in flow structure.

In production multi-cylinder engines the ram effect and pressure wave dynamics
in the intake system are intentionally exploited to tailor the volumetric efficiency
over the engine speed range. It is unlikely that these effects can be perfectly matched
from cylinder-to-cylinder. Thus, there is likely to be both a speed dependency and
cylinder-to-cylinder variations in the mean flow structure. A rough estimate of the
magnitude of these flow structure differences can likely be obtained from the differ-
ences observed in the above referenced studies as engine speed is changed.

4.3.4.2 Turbulent Fluctuations

Unlike the mean flow, the effects of viscosity on the turbulent stresses cannot be
neglected on a theoretical basis, due to the importance of the viscous dissipation in
balancing the RANS equations governing the evolution of these stresses. Conse-
quently, one might expect changes in engine speed (with an associated change
in flow Reynolds number) to exert an influence on the magnitude of the normal-
ized turbulent fluctuations. However, because the large-scale turbulent eddies must
have a time-scale comparable to the mean flow deformation, and because—Ilike the
mean flow structures—the large-scale motions are constrained near TDC by the
combustion chamber geometry, a near-linear engine speed scaling of the large-scale
turbulent velocities is unavoidable. Like canonical laboratory flows, the effect of
increased Reynolds number is principally to change the smaller scales of the flow,
leaving the large-scale structure unchanged. Since the large-scale motions are the
dominant contributors to measured turbulent fluctuations, a near-linear scaling of
these fluctuations must be expected.

Measurements of fluctuating velocities in bowl-in-piston diesel engine generally
support this linear speed scaling [13, 19, 27, 106], which is observed even at high
engine speeds when relatively poor scaling of the mean velocities is observed [27].
However, deviation from perfect linearity can be found. Bopp et al. [16] provide
an excellent pictorial summary of early attempts to demonstrate the linearity of
the speed scaling of the turbulent fluctuations. Furthermore, their measurements
suggest a slightly stronger increase in the turbulent fluctuations than a linear scaling
would admit. Additional evidence of a stronger increase is reported by Yianneskis
[104]. Rask and Saxena [80], however, report fluctuating velocities that increase
more slowly than engine speed. Overall, the departures from linearity are relatively
small, and the experimental evidence does not support the adoption of a scaling law
that is other than linear.

In closing, it should be noted that because there is no inherent distinction between
normal stresses and shear stresses, a linear scaling of the RMS fluctuations with
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engine speed (or Sp,) implies that the shear stresses will scale with Sg. Approximate
scaling of the shear stress with Sg has been demonstrated in pancake chambers
by Foster and Witze [37] and by Dimopoulous and Boulouchos [31]. For bowl-
in-piston geometries, this approximate scaling can also be inferred from the data
reported by Auriemma et al. [11].

4.3.5 Studies with Fuel Injection and Combustion

Prior to the work described below, measurement of the flow velocity with fuel injec-
tion and combustion was confined to only two earlier studies. In the first, Wigley
and co-workers [100] obtained measurements in a modified production engine with
a non-reentrant bowl. This work showed that the occurrence of fuel injection and
combustion could result in a significant increase in the tangential velocity fluctua-
tions, to levels approaching ;—p ~ 1.8. More importantly, however, the mean tangen-
tial velocity distribution was modified by the injection/combustion event. This was
the first measurement of the ability of the fuel injection event to re-distribute the
angular momentum within the cylinder—a process that is central to the development
of post-injection flow structures. These observations were reinforced in the second
study [90], wherein fuel injection and combustion were again observed to a) increase
the post-injection turbulence fluctuations to levels of g—p ~ 2 — 3, and b) modify the
mean tangential velocity.

4.4 Recent Progress

The latter half of this exposition is focused on recent progress made toward clar-
ifying the turbulent flow structure and its evolution through measurements made
at Sandia National Laboratories and through numerical simulations performed at
the Engine Research Center of the University of Wisconsin at Madison. Portions
of this work have been discussed above in conjunction with the review of recent
literature—e.g., the comparison of the mean flow development with model predic-
tions. However, there are three aspects of this work that represent a significant
departure from past work, and which we focus on in this section:

First, the components of the stress tensor in the horizontal plane, both normal and
shear stresses, are measured along with the gradients of the mean velocities. Accord-
ingly, the production of turbulent stresses associated with horizontal plane flow
deformation is evaluated directly. Measurement of mean velocity gradients in the
axial direction further enables estimation of additional turbulence production terms
in Eq. (4.11). The measurement results largely substantiate the predictions of the
numerical simulations, which are then employed to evaluate the likely significance
of any unmeasured terms. Thus, the bulk flow structures and mechanisms primarily
responsible for the generation of turbulent kinetic energy are clearly identified.

Second, the experimental work is extended to include engine operation with fuel
injection and combustion, and the resulting flow fields are probed with sufficient
detail to allow the effects of the injection and combustion processes on the flow
structure to be clarified.
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Third, additional characterization of the turbulence structure by estimation of
Eulerian length scales permits a semi-quantitative evaluation of the turbulent stress
modeling embodied in Eqgs. (4.18) and (4.22). Furthermore, the evolution of the
turbulent length scale can be employed to assess qualitatively the modeling of the
effect of fuel injection and combustion on the dissipation of turbulent kinetic energy.

4.4.1 Engine Geometry

The engine employed in this work has characteristics typical of engines intended
for light-duty automotive applications. These include: an axisymmetric, reentrant
bowl; a central, vertical common-rail fuel injector; 4-valves; and a displacement
of 422 cm? in a single-cylinder configuration. The bowl geometry is shown in the
inset to Fig. 4.10. Note that the realistic bowl geometry was not compromised by
the optical access requirements. The coordinate system employed throughout this
exposition is also defined in Fig. 4.10.
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Fig. 4.10 Turbulent kinetic energy measured at three axial locations for a swirl ratio Ry=1.5

All experimental velocity data were obtained with a two-component laser
Doppler velocimetry system. Details of the system and of the data acquisition and
reduction procedures can be found elsewhere [68, 72].

Variable levels of flow swirl are generated through a pair of helical ports which
can be independently throttled. The swirl ratios quoted herein are based on steady-
state flow bench testing and are derived using the Ricardo method [74]. Measure-
ment of the swirl velocity radial profiles in the operating engine yield swirl ratios
of 2.1 [67] and 3.5 for port throttle settings yielding Ricardo swirl ratios of 2.5 and
3.5, corroborating the flow bench results.

4.4.2 Numerical Methodology

Modeling of the in-cylinder flow processes was performed in two discrete phases
due to the complex geometry of the intake ports. First, the induction stroke was
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calculated using the STAR-CD code, employing a detailed mesh of the cylinder,
valve, ports, and runner geometries. At IVC, the solution was mapped to a block-
structured sector grid, and the calculations proceeded using the KIVA-3 V code [2].
The KIVA computations were performed using a 60° sector mesh which contained
approximately 42,000 cells. Flow turbulence was modeled using a variant of the
RNG k-& model adapted for engine flows [48]. Additional details are available in
references [14] and [72].

4.4.3 Pre-TDC Turbulent Flow Structure Evolution

As is apparent from the discussion of Sect. 4.3, there are numerous studies in the
literature characterizing the magnitude of the turbulent velocity fluctuations in bowl-
in-piston engines, far fewer studies which characterize the shear or anisotropic
stresses, and only a single previous study [35] in which the probable source of
increased turbulence energy was identified. Eq. (4.8) indicates that the change
of turbulent kinetic energy at any particular location is governed by production,
viscous dissipation, and transport by the turbulent fluctuations and the mean flow.
Of these factors, production and mean flow transport are anticipated to be the
dominant contributors to rapid changes in the turbulence energy. Further, for the
axisymmetric flows existing prior to injection, mean flow transport is limited to
convection by the r-z plane flow structures—the importance of which can often
be estimated from knowledge of the mean flow streamlines and the spatial distri-
bution of turbulence energy within the bowl. Accordingly, the magnitude of the
various turbulence production terms identified in Eq. (4.11), when coupled with the
measured anisotropy in the normal stresses, can frequently identify the source of
changes observed in the turbulence energy.

To identify the dominant sources of turbulence energy, and to clarify the flow
physics responsible for the trends summarized above as bowl geometry or swirl ratio
are varied, the local production terms and the normal stress anisotropy have been
measured and predicted numerically for various swirl ratios and locations within
the bowl, and are described in this section. All of the results reported correspond to
motored engine operation at a speed of 1500 rpm.

4.4.3.1 Low Swirl Ratio

A surprising result, given the reentrant bowl geometry and the anticipated significant
production of turbulence energy by the squish flow, is the spatial homogeneity of
the turbulence observed at the lowest swirl ratio investigated, Ry =1.5. Figure 4.10

presents the turbulent kinetic energy, estimated from <u’r2> and <u’§>, measured at
three locations within the bowl as a function of crank angle. The right-hand axis
provides the corresponding characteristic turbulence velocity, u' = /2k/3. The
cause of this spatial homogeneity is most easily ascertained by examining the major
turbulence production terms, which are shown for the z=8 mm location in Fig. 4.11.
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Fig. 4.11 Relevant production terms measured at z=8 mm. The shear stresses multiplying the axial
direction mean velocity gradients were not measured directly, but estimated via Eq.(4.2)

Although the production of <u’r2 > and <u’§> [see Eq. (4.11)] by the shear stress in the

r-6 plane can be significant, the two sources largely balance one another, leading to
little net production of k. That is,

1a(r(Usy)) ~ 2 (Us)
r Jar r

(4.25)

over much of the cycle, and the net production is only significant for a brief period.
This result is consistent with estimates which can be derived from the measure-
ments reported in [11]. The implication of Eq. (4.25) is that locally the flow has not
departed appreciably from solid-body rotation.

A second surprising result is the relatively minor turbulence production at this
location associated with the axial gradient of the mean squish velocity, %lé') Produc-
tion from this source exhibits only small peaks near —20 CAD and near TDC. The
former peak is due to rapid deceleration of the inward squish velocity as the squish
flow enters the bowl, and the latter is due to a large rotational mean flow structure in
the r-z plane, and is thus likely counter-balanced by negative production associated
with 222

The most significant production associated with the anisotropic stresses is due to
‘”ag o) as might be expected from the near-TDC distribution of the tangential velocity
seen in Fig. 4.4. However, this is the dominant source of turbulence production for
only a very brief period near —10 CAD.

Overall, the production due to the isotropic part of the normal stresses, or bulk
compression, is the dominant source of turbulence energy. A similar observation was
made earlier from analysis of the pancake-chamber measurements of Dimopoulos
and Boulouchos [32]. Production from this source is also dominant at the z=4 and
z=12 mm measurement locations. Accordingly, it is not surprising that the spatial
distribution of k is approximately homogeneous: the production by the isotropic
stresses does not depend on the details of the mean flow structure. If the initial
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distribution of k is near homogeneous—as was observed in Fig. 4.2—we expect
that homogeneity will be approximately maintained, provided that production by
the anisotropic stresses is small.

Although the net production of k by the isotropic stresses is not dependent on
the details of the flow, the amount of energy directed into the individual fluctuating
velocity components will be proportional to the corresponding normal component
of the mean rate-of-strain tensor, as dictated by Eq. (4.12). Because the isotropic
production is the dominant source of turbulence energy, we expect that it may also
exert a dominant influence on the anisotropy on the individual normal stresses.
Figure 4.12, which shows the normal stresses in the upper portion, and the compo-
nents of the net isotropic production in the lower, largely confirms this expectation.
Although the correlation is imperfect, the inequity in the individual normal stresses
generally parallels the relative magnitude of the components of the isotropic produc-

tion. In particular, the sharp decrease in the production of (u/f> near —25 CAD is

mirrored by a decrease in the measured <u’f) at this time, despite the concurrent

positive production of <u/r2> by 2 (u/up) (%) seen in Fig. 4.11. Similar correlations

are also seen at the remaining measurement locations [72].
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Fig. 4.12 Comparison of the components of the net production by the isotropic stresses with the
anisotropy in the measured normal stresses
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mean flow structures giving
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production terms shown in
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Axial fluctuations <u’§) were not measured. However, Fig. 4.12 indicates that
for a brief period prior to TDC large production of <u’§> by the isotropic normal

stresses exists, coincident with the decreased production of (u ) discussed above.

The simulated mean flow field at this time, shown in Fig. 4.13 for —15 CAD, illus-

trates the physical cause of this behavior. At the z 8 mm measurement 1ocation the
< 1)

This has the effect of stretching vortices aligned Wlth the radial direction, leadlng to
increased < >and < 9> relative to <u > Simultaneously, the rising piston motion
opposes the descent of the squish flow, and the fluid is compressed axially. Due to
this axial compression, <u’r2> and (u’§> are decreased relative to <u/2>. The net result

is a relative decrease in < 2> an increase in <u > and little change in <u 3)

The opposite situation occurs at z=4 mm. At this location the decelerating squish
flow is compressing the fluid radially, while the downward bending streamlines
result in a net expansion in the axial direction. Here we expect that radial fluctu-
ations will be enhanced and the axial fluctuations will be reduced.

4.4.3.2 Higher Swirl Ratios

At the higher swirl ratios, significantly less spatial homogeneity is seen as produc-
tion by the anisotropic stresses becomes dominant at some spatial locations.
Figure 4.14 illustrates that, in the upper region of the bowl near the lip, a signifi-
cant increase in k is seen near —10 CAD for Ry =2.5, in agreement with numerous
previous studies cited above. A similar increase is not seen at locations lower in the
bowl. The individual radial and tangential component energies, and the dominant
sources of turbulence production measured at the upper location are shown in Fig.
4.15. As was seen at the lower swirl ratio, production by the isotropic stresses is
again the dominant source of k until nearly —20 CAD. In this early period, the only
other term of significance is — (u;u/e) d (Ug) / dz, which is the probable source of the
higher level the tangential component energy seen in the upper portion of Fig. 4.15
prior to —25 CAD.

Beyond —20 CAD, turbulence production associated with the radial distribu-
tion of the swirl velocity (or angular momentum) is clearly dominant. Although
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Fig. 4.14 Turbulent kinetic energy measured at three axial locations for R;=2.5

production of <u’§) continues to be countered by negative production of <u’r2>, the

local flow structure has clearly departed from a solid-body-like form and the net
production associated with the r-6 plane shear stress is large. Note that the peak
magnitude of this net -6 plane production, approximately 0.04 S,%/CAD, corre-
sponds closely to the measured dk / dt seen in Fig. 4.14. Furthermore, it is clear that
production by these sources is the cause of the normal stress anisotropy seen in the
upper portion of Fig. 4.15 at this time.

The evolution of the mean flow structure at this time is shown in Fig. 4.16
with a sequence of numerically predicted flow fields. Although some minor differ-
ences exist between the numerical predictions and the measurements, the simulation
results serve to clearly identify the relevant physical processes. Complementary,
experimentally determined components of the mean horizontal plane strain rate (S;q)
are shown in Fig. 4.17. Jointly, these figures illustrate the mechanism responsible
for the increased -6 plane production.

Prior to —20 CAD, as the squish flow transports high angular momentum
fluid from the squish volume inward, the mean tangential velocity at the z=4 mm
measurement location increases, as does the radial gradient in angular momentum.
Both quantities increase proportionally, however, such that there is little local
departure from a solid-body-like flow structure and (S;y) remains near zero. The
peak tangential velocity occurs at approximately —20 CAD, after which the high
momentum fluid begins to turn more sharply down into the bowl and the clockwise-
rotating -z plane flow structure begins to form. This structure subsequently trans-
ports low momentum from the central regions of the bowl outward, resulting in a
decreased swirl velocity at the measurement location—as seen in Fig. 4.17. The
outward transport of low momentum fluid is opposed, however, by continued trans-
port of high momentum fluid inward by the squish flow. These opposing transport
processes result in increased radial gradients in angular momentum, even while the
local swirl velocity is decreasing. Accordingly, the local flow structure exhibits a
significant departure from a solid-body-like form, and the mean flow deformation in
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Fig. 4.15 Individual normal stresses and dominant turbulence production terms measured in the
upper region of the combustion chamber

the r-0 plane increases significantly—as shown by the behavior of (S)*. Concur-
rently, for approximately equal normal stresses, Eq. (4.15) or (4.16) suggests that
(u;ug) o — (Srp). The shear stress shown in the lower portion of Fig. 4.17 supports
this expectation, although some deviations from this form can be expected due to
the finite axial gradients in (U;) and (Uy), as well as the net radial compression
(Sir). Together, the increased (S;y) and ‘(uiu{,)] produce the increased r-0 plane
production.
In cong}a)st, the production due to mean shear associated with the squish flow
A

- (u/u’) =l is estimated to be negligible, as shown in Fig. 4.15. The results of the
7z az

4 These opposing flows also lead to a net radial compression of fluid elements at the interface, with
resulting generation of (uf) by the isotropic normal stresses [72].
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Fig. 4.16 Numerically simulated mean flow fields illustrating the evolution of the flow structures
and swirl velocity distribution leading to enhanced r-6 plane turbulence production

numerical simulation at this location further substantiate this assertion. Accordingly,
the ‘squish-generated’ turbulence seen here is dominated by squish-induced changes
in the tangential velocity distribution, not the squish velocity (U,) or its gradients
directly. This latter point bears further examination, particularly as production asso-
ciated with 2 Z is commonly thought to be the dominant source of squish gener-
ated turbulence. At the time of the peak squish flow near -10 CAD, the average
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Fig. 4.17 Evolution of (S,y) and its component terms, with the corresponding -6 plane shear
stress
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squish velocity at the bowl rim exceeds 6S,. Surely large axial gradients in the
squish velocity—and attendant production of turbulence—must exist where this
flow passes over the bowl lip

To explore this further, % ) and the turbulence production — <u u ) 9 predlcted
in the numerical s1mu1at10ns were examined at a radial location 1 mm from the bowl
lip at axial locations of z=1, 2, 3, and 4 mm [81]. In all cases, % reached a
maximum level of about 0.6 S,/mm, resulting in brief periods (~10 CAD) during
which turbulence production rates achieved levels of roughly 0.02 S,%/CAD. These
simulation results thus suggest that, in general, squish generated turbulence is
dominated by production associated with the radial gradients of (Uy). However,
axial gradients in the squish velocity do appear to be responsible for the increased
turbulence energy seen late in the expansion stroke in Fig. 4.14. Similar late-cycle
increases in turbulence have been observed by Christensen and Johansson [22].

At still higher swirl ratios, the fluctuations near the bowl lip prior to TDC are
increased further, and the anisotropy in the normal stresses also increases, such that
the energy in the tangential fluctuations can exceed twice the energy in the radial
fluctuations. The physics of the flow structure development is the same as was seen
at Ry=2.5, however. Of greater interest is the sharp, pre-TDC increase in k that is
now also seen deep within the bowl, as shown in Fig. 4.18.

The dominant production terms and the individual component energies measured
at the lowest location within the bowl, z=12 mm, are shown in Fig. 4.19. At first
glance, the production terms of Fig. 4.19 look similar to those seen in Fig. 4.15.

Production of <u/f > and <u’g> by r-0 plane flow deformation is dominant in the period
approaching TDC, with production of one component largely offsetting production
of the other. However, in this case, the production of < > is positive, while the

production of (u’é) is negative. Accordingly, Eq. (4.11) implies that the shear stress
(u;ug) must be positive, and Eq. (4.16) suggests that (Sy) is likely negative. These
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Fig. 4.18 Turbulent kinetic energy measured at three axial locations for R; =3.5
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Fig. 4.19 Individual normal stresses and dominant turbulence production terms measured at
Ry=3.5

expectations are supported by Fig. 4.20, which shows the evolution of <u;ug) as well
as (Srp) and its components.

In the period during which significant -0 plane production is seen (between
about -10 CAD and TDC), Fig. 4.20 indicates that the angular momentum gradient
is near a local minimum, while the tangential velocity is increasing rapidly. The
flow structure responsible for this behavior is shown in Fig. 4.21 for a crank angle
of -5 CAD. At this higher swirl ratio, high angular momentum fluid has been
transported along the bowl periphery to the bowl floor by the clockwise-rotating r-z
plane flow structure. The increasing (Uy) beyond —25 CAD is evidence of this high
momentum fluid passing through the measurement location. As this fluid continues
to be transported inward across the bowl floor, its angular momentum is approxi-
mately conserved ((Uy) increases), resulting in a minimal radial gradient in angular
momentum 7 (Ug). The minimum in the angular momentum gradient, coupled with
the increasing (Uy), results in the negative (S;y) seen in Fig. 4.20, with a corre-
sponding positive peak in the shear stress (u;u{,) Unlike the evolution of (S;) seen
in Fig. 4.17, at this location and swirl ratio the flow exhibits departures from solid-
body-like behavior (non-zero (Syy)) at almost all crank angles. However, the shear
stress does not always respond in kind, and the net -0 plane turbulence production
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Fig. 4.20 Evolution of (S,y) and its component terms, with the corresponding r-6 plane shear
stress at Ry = 3.5

is not always large. A more detailed examination of the behavior and modeling of
the shear stress will be provided below.

Also shown in Fig. 4.19 is the production of k associated with a(ai 5 which

provides modest production of <u’§> just prior to TDC, and production of <u/§>

%. The latter source, as well as concurrent large production of

estimated from 2
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Fig. 4.21 Simulated flow fields illustrating the large axial flow compression (d(U,)/dz) at the
z = 12 mm measurement location occurring near -30 CAD, and the distribution of the swirl velocity
leading to turbulence production deep in the bowl just prior to TDC. R;=3.5
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<u’§> by the isotropic portion of the normal stresses, can be expected to generate

large axial component fluctuations near —30 CAD. As discussed in the context of
Fig. 4.13, this is due to the opposing effects of the descending squish flow and
the rising piston motion, giving rise to compressive strain in the axial direction. At
Ry =3.5 this effect is more pronounced, however, as can be seen in the predicted
flow field at —30 CAD shown in Fig. 4.21. The axial compression results in large

positive (S;;) as well as (Spg) (through the term @). As aresult, production of <u/r2>

and (u’§> by the isotropic normal stresses is negative, and is the probable cause of

the decreasing component energies seen at this time in Fig. 4.19.

As evidenced from the above discussion, many of the features of the turbulence
energy evolution can be explained through evaluation of the individual production
terms in Eq. (4.11). This approach is not entirely adequate, however. For example,

there is no obvious source among the various production terms of the increased <u’§>

seen in the upper portion of Fig. 4.19 near -40 CAD. As the flow inhomogeneity
increases with increasing swirl, however, mean flow transport of turbulence gener-
ated elsewhere in the combustion chamber increasingly influences the evolution of
the turbulent stresses—and is the probable source of this behavior.

A final observation regarding the production of turbulent energy at the higher
swirl ratios is relevant: examination of Figs.4.15 and 4.19 indicates that, despite
the increased importance of turbulence production by the anisotropic stresses, the
dominant source of k integrated over the latter 50 CAD of the compression stroke
is production by the isotropic normal stresses. Similarly, while production by the
anisotropic stresses is clearly influencing the homogeneity and individual compo-
nent energies, many aspects of the component energy evolution still appear to be
dominated by production associated with the isotropic stresses. Furthermore, during
the expansion stroke, the attenuation of the turbulence energy by the isotropic
stresses generally dominates over the production by the anisotropic stresses.

Other than the isotropic normal stresses, production associated with the radial
distribution of the swirl velocity has been shown to be the most important source of
turbulence energy and normal stress anisotropy, followed by production associated
with % Overall, the detailed measurements of production associated with the -0
plane stresses has substantiated the picture of turbulence production near the bowl
lip that can be inferred from previous measurements in the literature, and highlighted
additional production mechanisms that occur deeper in the bowl. The swirl velocity
and its spatial distribution are perhaps the most easily influenced flow variables that
significantly impact the turbulence levels within the bowl.

4.4.4 Operation with Fuel Injection and Combustion

Fuel injection exerts a profound influence on the in-cylinder mean flow struc-
tures. These structures not only influence the spatial distribution of fuel within the
cylinder, but also impact the post-injection turbulence energy and its spatial distribu-
tion dramatically. Subsequently, combustion is also expected to generate additional
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flow structure changes. In the material presented below, experimental and numerical
studies have been performed with fuel injection and combustion, as well as with
fuel injection alone. Unless otherwise noted, these results have been obtained at
a simulated idle condition of 900 rpm with a fuel load of approximately 6 mg per
injection.

4.4.4.1 Mean Flow Structure: The Spray/Swirl Interaction

The interaction of the swirling flow with the injected fuel sprays is closely analo-
gous to the squish-swirl interaction described above [71], as it involves a compe-
tition between radial momentum induced by the fuel spray and centrifugal forces
that increase as high-angular momentum fluid elements are transported inward. The
inward transport of this fluid is accomplished through two principal mechanisms:
First, the fuel jets entrain nearly quiescent, low angular momentum fluid from the
central portion of the cylinder—which is subsequently carried to the bowl periphery
by the jets. Second, the fuel jets are a large source of radial flow momentum, which
is transferred to the in-cylinder fluid via entrainment and turbulent diffusion. Deflec-
tion of the fuel jets and accompanying fluid by the walls of the combustion chamber
results in energetic rotating flow structures in the r-z plane. Both displacement by
the low-momentum fluid transported from the center of the cylinder to the bowl
periphery and convection by the rotating r-z plane structures act to re-distribute
the angular momentum within the bowl, generally displacing high-momentum fluid
inward in a manner very similar to the inward transport of high-(Uy) fluid by the
squish flow.

To illustrate this process, post-injection flow fields determined via numerical
simulation are shown in Fig. 4.22 at 12° ATDC. For this operating condition,
fuel injection begins just prior to TDC and ends at approximately 2.5° ATDC.
No combustion was permitted to take place in these simulations. Flow structures
predicted with combustion are similar, however. The figure depicts the flow struc-
tures in an r-z plane that approximately bisects the angle between two fuel jets.
The numerical results indicate, though, that fuel-jet-induced azimuthal asymmetry
has substantially disappeared by this crank angle. At the lowest swirl ratio shown,
R =1.5, the flow structure in the bowl consists of a single r-z plane vortex, similar
to that seen in Fig. 4.4 for Ry=2.5, which has been formed by the deflection of
the fuel jet at the bowl wall. High-(Uy) fluid, displaced from the bowl periphery,
has been transported inward along the bowl floor as far as permitted by the bowl
pip. The pip deflects the flow upward, but the fluid continues to follow an r-z plane
trajectory that is directed radially inward. This is consistent with the relatively low
centrifugal forces acting on the fluid, which do little to impede its inward penetra-
tion. As the swirl ratio is increased, the high tangential velocity fluid at the bottom of
the bowl still penetrates inward to the base of the pip. Upon being deflected upward,
however, it attempts to return to the bowl periphery more rapidly due to the higher
centrifugal forces. Consequently, at R;=2.5, a double-vortex structure reminiscent
of that seen in Fig. 4.4 for R, =3.5 has been generated in the r-z plane. At R;=3.5,
the centrifugal forces deflect the high-(Uy) fluid outward so rapidly that the once
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Fig. 4.22 Mean velocity fields illustrating the interaction between the fuel spray and the flow swirl.
The injector position and the fuel spray trajectory are shown for reference in the upper left image.
At the time of injection (near TDC) the piston is positioned approximately 1.3 mm higher in the
cylinder than at the crank angle shown above

dominant clockwise-rotating vortex is now confined to the lower portion of the bowl,
and the counter-clockwise vortex in the upper central bowl now dominates.

With increasing injection pressure, the momentum of the fuel and entrained air
is increased, as is the momentum transfer to the air at the edges of the spray.
Consequently, the flow structures developed in the r-z plane are more energetic,
and the balance between radial momentum and centrifugal forces acting on high-
(Up) fluid changes. As discussed above, at a fixed injection pressure the high-(Uy)
fluid leaving the bottom of the bowl bends outward more rapidly at the higher swirl
ratios. With higher injection pressures, however, the more energetic flow structures
transport the high-(Uy) fluid further inward and upward before centrifugal forces
turn it toward the bowl periphery. At the higher swirl ratios, when a double-vortex
structure is formed, the injection pressure thus affects the size and relative strength
of the two vortices. Higher injection pressures enhance the outer, lower vortex due
to the increased inward/upward flow penetration. With lower injection pressures,
however, this vortex is confined deeper within the bowl.
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It is important to recognize that the r-z plane flow structures and spatial distribu-
tion of high-(Uy) fluid seen in Fig. 4.22 are long-lived. At R, = 1.5 the flow continues
to be dominated by a large clock-wise rotating vortex and the double-vortex struc-
ture formed at Ry =2.5 and Ry=3.5 is still evident well into the expansion stroke
[71]. Overall, it is evident that the balance between injection pressure and swirl—or
injection imparted momentum and centrifugal forces—is the dominant factor influ-
encing the post-injection bulk flow structures.

Although additional simulations and experiments have not yet been carried out
to clarify the effects of varying speed and load on the spray/swirl interaction, the
general trends to be expected are clear from our understanding of the physics of
the interaction. If engine speed is increased, the r-z plane flow structure and the
relative swirl velocity distribution in the absence of fuel injection remain substan-
tially unchanged, due to the invariance of the flow with engine speed discussed in
Sect. 4.3.4. However, the centrifugal forces on fluid elements displaced inward by
the spray-induced flow structures will be larger, with the net effect being similar
to an increase in swirl ratio or a decrease in injection pressure. That is, the outer,
lower r-z plane vortex will be reduced in size. Conversely, for higher loads—at fixed
engine speed—we expect that the spray induced structures will be more energetic
and will result in enhanced outer, lower vortical structures, similar to those seen
with increased injection pressure in Fig. 4.22.

The analogy between the squish/swirl interaction and the spray/swirl interaction
continues to hold when the kinetic energy of the mean flow is considered. Just as the
mean flow rotational kinetic energy increases as the rising piston forces the swirling
flow into the bowl, so the fuel injection process must also increase the rotational
kinetic energy of the mean flow. This energy increase is due to work performed on
the high angular momentum fluid elements in the process of displacing them inward
against the centrifugal forces. In this instance, the source of the increased rotational
energy is the kinetic energy of the fuel spray. Thus, a mechanism exists wherein
some fraction of the energy of the injection event can be stored in the mean flow,
and potentially released later as turbulent kinetic energy.

Simple arguments [71] suggest that the kinetic energy increase could be substan-
tial if a significant fraction of the low momentum fluid from the central region of
the cylinder is displaced to the bowl periphery. The results of numerical simulations,
however, indicate that, at the idle condition considered, the increase in the mean
rotational kinetic energy within the bowl is approximately 10%. Further work needs
to be performed to quantify the magnitude of this effect at higher loads.

An assessment of the effects of combustion on the mean flow structures described
above is in order. Accordingly, Fig. 4.23 depicts the mean flow fields predicted
both with and without combustion for Ry =2.5 and an injection pressure of 600 bar.
Although some differences in the details of the flow structures clearly exist, the
main features remain unchanged. In particular, the double vortex structure in the
r-z plane is formed in much the same manner, and high-angular momentum fluid is
transported inward and upward in a similar fashion for both cases. As will be seen
below, the spatial distribution of the high angular momentum fluid and the double
vortex r-z plane structure are important flow features that markedly influence the
generation of turbulence in the expansion stroke.
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Fig. 4.23 Simulated flow fields illustrating the parallel development of the mean flow fields both
with and without combustion. In the combusting case, the peak heat release occurs at 5 CAD

To illustrate the development of the post-injection mean flow structures in this
section, the results of numerical simulations have been employed exclusively. The
accuracy of these predicted mean velocity fields has been demonstrated through
comparison of the axial profiles of mean radial and tangential velocities for fired
engine operation [67]. The influence of the fuel injection event on the r-z plane
flow structures and on the axial distribution of (Uy) is faithfully captured well into
the expansion stroke. Furthermore, radial profiles of (Uy) confirm the transport of
high angular momentum fluid to the inner portions of the bowl, resulting in negative
radial gradients in (Uy) (and in angular momentum r(Up)).

Additionally, detailed comparisons of measured and simulated turbulent flow
quantities have been made for operation with fuel injection, but without combustion
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[70]. The simulation results replicate trends in the mean flow r-6 plane strain rates,
turbulent kinetic energy, and turbulence production by r-6 plane flow deformation as
both swirl ratio and injection pressure are varied. Overall, experimental validation of
the simulation results provides strong support for the accuracy of the gross behavior
of the predicted flow structures and their evolution with swirl ratio and injection
pressure.

4.4.4.2 Turbulent Kinetic Energy

In agreement with the two earlier studies in fired engines cited in Sect.4.3.5, fuel
injection and combustion are found to exert a large influence on the turbulent kinetic
energy within the combustion chamber. Moreover, the changes in turbulent kinetic
energy are found to be strongly dependent on swirl ratio, injection pressure, and
measurement location. The evolution of the turbulent kinetic energy, measured with
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Fig. 4.24 Measured evolution of turbulent kinetic energy for fired engine operation, estimated
from (u?) and (u/?)
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Fig. 4.25 Evolution of turbulent kinetic energy measured with combustion inhibited (fuel injection
only), for the same operating condition as the fired measurements of Fig. 4.24

the engine firing, is shown in Fig. 4.24. These measurements were made in a vertical
plane approximately midway between two adjacent sprays, at a radius of 13.6 mm
and an axial location 10 mm below the head (see Fig. 4.25).

The upper portion of the figure examines the effect of injection pressure at fixed
swirl ratio. At the measurement location considered, there is no immediate influence
of the fuel injection event on the turbulent fluctuations. Later, near 5 CAD, a brief
increase in turbulence is observed, after which the turbulence energy drops back to a
level characteristic of the motored fluctuations. It is noteworthy that the timing and
duration of this brief increase corresponds closely to the timing and duration of the
premixed burn portion of the combustion event. After a short, injection-pressure-
dependent delay, the measured turbulence energy again increases and is maintained
at an elevated level until well into the expansion stroke. At the lowest injection
pressure, this elevated ‘late-cycle’ turbulence achieves an energy level more than
double that of the motored flow. A five-fold increase in energy is observed at the
highest injection pressure.
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The lower portion of Fig. 4.24 presents the variation in turbulence energy
observed as the swirl ratio is varied at fixed injection pressure. In this instance, the
most notable feature is that at the lowest swirl ratio, Ry = 1.5, no significant increase
in late-cycle turbulence energy is observed, although the decay is slower than is seen
for motored engine operation. At the higher swirl ratios, the late-cycle increase in k
is larger, but occurs at the same time.

In this chapter the position that the turbulence is well represented by the ensemble,
phase-averaged statistics of the measurements has been adopted. For fired engine
operation, however, it is important to establish that cycle-to-cycle fluctuations in
the fuel injection event or in the subsequent combustion do not result in a false
indication of increased turbulence. To examine this issue, a cycle-resolved analysis
of the fired engine data has been performed [69]. In this analysis, the turbulent
fluctuations were evaluated using only the high-frequency portion of the measured
velocity records. Two limiting frequencies were considered: the first reduced the
turbulent kinetic energy to approximately 25% of the full-bandwidth energy, and
the second resulted in a further 50% drop in energy. In both cases, a relative
increase in the late-cycle turbulence comparable to that seen in the full bandwidth
results was observed. Furthermore, the brief peak near 5 CAD was preserved in the
cycle-resolved results, indicating that this peak is also associated with small-scale,
high-frequency turbulence, not simply cycle-to-cycle fluctuations in the phasing or
location of the premixed combustion event.

The potential sources of the increased turbulent kinetic energy observed with
fuel injection and combustion will be addressed in detail in the following section.
However, at this point it is germane to examine the behavior of the turbulent kinetic
energy under the same conditions as employed in Fig. 4.24, but with combustion
inhibited. The corresponding results are shown in Fig. 4.25. Although the impact of
fuel injection alone on the turbulence energy is less than the combined impact of fuel
injection and combustion, the overall trends observed in both cases are remarkably
similar: At fixed swirl ratio, increasing injection pressure results in a larger, more
advanced increase in k, while at fixed injection pressure an increase in swirl ratio
results in a larger increase in k. A notable difference does exist between Figs. 4.24
and 4.25, however. In the results obtained without combustion, the brief peak in k at
5 CAD is absent. Accordingly, this peak can be identified as turbulence generated
by rapid gas expansion during the premixed burn. It is not caused directly by the
fuel injection process or the flow structures it creates.

Overall, the similarity in the behavior of the late-cycle turbulent kinetic energy
for fuel injection and combustion and for fuel injection alone suggests that the
dominant mechanism by which the late-cycle turbulence is generated can be iden-
tified from measurements made with combustion inhibited. Without combustion,
the complicating influence of rapid gas expansion is eliminated, as is the impact
of large density variations on turbulence production. In this context, note that
an order of magnitude analysis [69] suggests that buoyant production associated
with density inhomogeneities in the strong, swirl-generated radial pressure
gradient can be at least as large as turbulence production by the r-6 plane shear
stresses.
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4.4.4.3 Turbulence Production Mechanisms

When fuel injection occurs, high local levels of turbulence are generated by large
velocity gradients in the vicinity of the sprays. Although this direct, spray-generated
turbulence is expected to decay rapidly, the surviving turbulence can be transported
to the measurement volume by the mean flow, suggesting the presence of a local
source of turbulence production. Distinguishing surviving spray-generated turbu-
lence from additional late-cycle turbulence generated by local flow structures is
difficult. The central problem is that regions of intense spray-generated turbulence
are spatially coincident with regions of high angular momentum fluid, which, as will
be seen below, are essential to the formation of turbulence generating flow struc-
tures. Various approaches to separate these sources based on the gross anisotropy of
the fluctuations, convective-flight times, and modeling studies have been proposed
and examined [69]. However, the most convincing method is a close examination
of the phasing, magnitude, and anisotropy of the normal stresses and correlation of
these parameters with measured local production rates—as was done previously to
identify the pre-TDC turbulence sources.

Figure 4.26 presents the individual component energies and turbulence produc-
tion by the -0 plane shear stress measured for Ry=2.5 and Pi,;=600bar. The

general behavior of the normal stresses, a larger increase in <u/r2> than in <u’§>, is

seen for all injection pressures at this swirl ratio. Production by the -6 plane shear
stress correlates well with the increasing component energies. However, the larger
increase in the radial component energy is not supported by the approximately equal

magnitude of the production of <u’f>and u’é , suggesting the presence of an addi-

tional source of <u’r2 > (Syr) exhibits a sharp minimum at this time [70], resulting in
significant production of <u’r2> by the isotropic normal stresses, which may explain
this behavior.

Another feature of note in Fig. 4.26 is the sustained production of the radial fluc-
tuations from 20-25 CAD. Concurrently, production of the tangential fluctuations
has approached zero. This behavior is mirrored in the evolution of the component
energies in the upper portion of the figure, wherein the radial energy reaches a
plateau while the tangential energy continues to decrease. The close correspondence
between the production and the component energies suggests that a significant frac-
tion of the turbulence energy is associated with this production mechanism.

The peak magnitude of the net production by the r-0 plane shear stress, however,
appears to contradict this suggestion. In Fig. 4.25, a peak dk/dt of 0.4-0.5
Sp2/CAD is seen, while the r-6 plane production shown in Fig. 4.26 only attains
a value of approximately 0.1 SPZ/CAD. The measurements indicate, however, that
steep radial gradients in the production exist. A conservative estimate, at a loca-
tion 1 mm inward, results in a production rate over twice as great—due to large
radial gradients in both the angular momentum gradient and in (uéué) At this time,
the mean radial velocity is outwardly directed, such that turbulence produced at
these inward locations will be convected past the measurement location. Thus, the
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Fig. 4.26 Measured component energies and -6 plane turbulence production for operation with
fuel injection, but without combustion

magnitude of the r-6 plane production is largely in accord with the temporal evolu-
tion of k, although other production sources may also contribute.
Unlike the production of k by the r-6 plane shear stress observed prior to TDC,

in this instance the production of <u’r2 >and (u’ g) do not counteract each other, but are

both positive during the period of greatest production, from about 13 to 20 CAD.
Inspection of Eq. (4.11) indicates that, for modest departures from axisymmetry, this
will only occur when the mean radial gradient in angular momentum is negative.
The measured mean angular momentum gradient, shown in Fig. 4.27 with the other
components of (S;g), confirms this expectation.

Figure 4.28 illustrates the simulated flow fields that create the negative angular
momentum gradient. At 16 CAD, when the minimum momentum gradient is
measured, the lower vortex generated by the spray/swirl interaction has transported
high angular momentum fluid below the measurement location to the pip, where it
is deflected upwards and attempts to return to the bowl periphery. The measurement
location is located near the outer edge of this high-momentum fluid, accounting
for the negative radial gradient in angular momentum (and the increasingly nega-
tive momentum gradients observed at smaller radial locations). During this process,
the remaining components of (S;y) seen in Fig. 4.27 have changed little, and (S;g)
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Fig. 4.27 The mean strain rate (S,¢) and the corresponding shear stress (u,.uy), from which the r-0
plane turbulence production shown in Fig. 4.26 was obtained

reaches a local minimum. As the expansion stroke proceeds, the gradient in angular
momentum at the measurement point again becomes positive, but remains small (cf.
Figs. 4.17 and 4.20), and (Uy) changes little due to the slow radial movement of the
high momentum fluid at this location. Accordingly,(Syy) retains a significant nega-
tive magnitude and the net -6 plane production remains important, though all of the
energy is directed into the radial component fluctuations. Also shown in Fig. 4.27
is the evolution of the shear stress (u/uj). Clearly large magnitude shear stresses are
observed concurrent with the minimum in (Sy), as required to generate turbulence
energy. The factors influencing the development of the shear stress will be discussed
below.

Figure 4.28 merits one final point of discussion. Although the negative radial
gradient in angular momentum is only briefly present at the measurement location,
the flow structure responsible is both long-lived and spans a considerable portion
of the bowl volume. As the cycle proceeds, the simulations suggest that similar
negative momentum gradients (or at least negative gradients in (Uy)) persist in the
outer regions of the bowl until well into the expansion stroke, and likely represent a
sustained source of increased late-cycle turbulence energy.

A similar analysis of the evolution of k, -0 plane production, shear stresses and
the angular momentum gradient at the lowest swirl ratio, Ry=1.5, can be found
elsewhere [68]. Note from Figs. 4.24 and 4.25, however, that no significant increase
in late-cycle turbulence is observed for this swirl ratio, at the measurement location
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Fig. 4.28 Simulated flow fields illustrating the swirl velocity distribution associated with the nega-
tive radial gradient of angular momentum seen in Fig. 4.27

considered. Examination of the predicted flow fields in Fig. 4.22 for this swirl ratio
suggests the reason for this observation: the ‘high’ momentum fluid is swept far in
toward the bowl center, due to the smaller centrifugal forces acting on this fluid.
The region of large negative angular momentum gradients, shown by the ellipse
superimposed on the Pi,; = 800 bar flow field, is thus found at considerably smaller
radii than the measurement location. Furthermore, the mean flow streamlines are
oriented such that turbulence generated at this interface is convected up toward the
cylinder head, over the measurement location. Measurements of turbulent kinetic
energy at an injection pressure of 600 bar, shown in Fig. 4.29, convincingly support
this picture. As the radius of the measurement location is reduced, k increases by
nearly an order of magnitude.

At the highest swirl ratio, Ry =3.5, the largest increase in the late-cycle turbu-
lent kinetic energy was observed both with and without combustion. The indi-
vidual component energies measured in this case, with Pj,; =600 bar, are shown in
Fig. 4.30. Like the results obtained at R =2.5, the largest increase is observed in the
radial component fluctuations, which attain a peak energy some 60% higher than
the tangential component. The corresponding production terms associated with the
r-6 plane shear stresses are shown in the lower part of the figure. As seen previously
at z=12 mm (Fig. 4.19), prior to TDC there is a significant net r-6 plane production,
which preferentially enhances the radial fluctuations. Some small enhancement of
the turbulence production after injection is observed, but the net production rapidly
falls to near zero and remains small thereafter. During this time, the mean flow
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Fig. 4.29 Radial variation of the turbulent kinetic energy measured with Ry =1.5 and P;,; = 600 bar

structure does not depart significantly from a solid-body-like structure, except for a
brief period near 20 CAD when the shear stress <u;u5> is near zero.

Thus, although modest production of <u/f> and <u’§> is intermittently observed

later in the cycle, the net contribution to k is insignificant. Clearly, the local produc-
tion by the r-6 plane shear stress cannot account for the large observed late-cycle
increase in turbulence energy. If -6 plane production is important for this operating
condition, it must occur elsewhere—and the turbulence generated convected to the
measurement location by the mean swirl velocity and r-z plane flow structures.
Measurements obtained closer to the fuel sprays, at several axial locations, indicate
sizeable rates of net -6 plane production (up to 0.24 S,>/CAD). Hence this may be
a significant source of the increased k. Nevertheless, given the near 0.5 S,%/CAD
dk / dt observed in Fig. 4.25, it is prudent to examine other potential sources of
turbulence energy.

Of the production terms that can be directly estimated from the measurements,

the production of <u’r2> by the anisotropic part of the radial normal stresses is the

largest, and reaches a peak of approximately 0.04 szlCAD between 10 and 12
CAD [70]. Additionally, because (S;;) is negative at this time, while (Sgg) and
(S,,) are positive, the turbulence production by the isotropic part of the normal
stresses—though negative overall—is providing energy to the radial fluctuations at
the expense of the tangential and axial fluctuations. These two sources undoubtedly
contribute to the anisotropy in the normal stresses, but are not likely to account for
the full increase observed in k.

The modest production of <u/r2> by the anisotropic part of the radial normal

stresses is also observed in results obtained with numerical simulation—as is
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Fig. 4.30 Measured component energies and -6 plane turbulence production for operation with
fuel injection, but without combustion at R; =3.5

the more pronounced production of <u/f> associated with the isotropic stresses.

More importantly, the simulation results provide insight into additional sources
of k that were not accessible experimentally. In particular, substantial levels of
local production associated with (S,;) are predicted near 8 CAD and beyond 20
CAD, while production associated with (S,s) is found to be significant near
13-14 CAD.

The simulated r-z plane production is shown in Fig. 4.31, along with the flow
structures responsible for this production. Near 8 CAD, it is clear that the large
predicted turbulence production is associated with the interface between the two
counter-rotating vortices created by the spray/swirl interaction. The mean strain rate,
superimposed on the figure and depicted in principal axes, shows that the lower
vortex is attempting to pull a fluid element at the measurement location into the
lower/outer region of the bowl, while the upper vortex attempts to bring it into the
upper/inner region. The resulting high deformation rate results in the large predicted
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turbulence production. Returning to the conventional coordinate system, the mean
strain rate is dominated by %Z'), and thus the energy is provided predominantly
into the radial fluctuations, in accordance with the behavior observed in Fig. 4.30.
In the later portion of the cycle, the flow deformation corresponds to nearly pure
shear (the principal axes are rotated approximately 45° from the r-z coordinate
axes), and is dominated by £z Accordlngly, we expect to find more energetic
axial component fluctuations at this time. Note that this shear region is quite large,
extending over an area approximated by the dashed ellipse superimposed on the
predicted flow field. Similar regions appear at other operating conditions along the
inner edge of the region of high-(Uy) fluid, and are caused by the axial elongation
as the piston descends of the inner, upper vortex formed by spray/swirl interaction.
See, for example, the 24 and 28 CAD flow fields depicted in Fig. 4.28.

The z-0 plane production, and the corresponding flow structure are shown in
Fig. 4.32. In this case, the production is dominated by a(U") . Still greater gradi-
ents in (Uy) clearly exist near the bowl pip, in the left- hand portion of the dashed
rectangle superimposed on the figure. As the lower, outer vortex generated by the
spray/swirl interaction is transporting high angular momentum fluid inward and
upward, the fluid spins-up, increasing its tangential velocity. Simultaneously, the
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Fig. 4.32 Simulated turbulence production by the z-6 plane shear stresses. Regions of still higher
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upper, inner vortex is transporting low angular momentum downward and outward.
This fluid spins-down, decreasing its tangential velocity. At the interface between
the two vortices, in addition to the r-z plane deformation described above, the low
and high angular momentum fluid meets. Accordingly, large radial and axial gradi-
ents in (Uy) are formed, with expected large turbulence production rates. Note that
the mean flow streamlines in the r-z plane suggest that turbulence generated along
this interface will subsequently be transported through the measurement location.
Hence, a considerable fraction of the increased k seen at this swirl ratio may be due
to additional production mechanisms that exist at the vortical interface.

Although measurements and calculations obtained without combustion have
been the focus of this discussion, very similar results are obtained with combustion,
albeit with increased statistical scatter due to the necessity of skip-firing the optical
engine and, consequently, acquisition of data over fewer cycles. As seen with fuel
injection alone, the late-cycle radial component fluctuations invariably exceed the
tangential fluctuations at their peak, and further exhibit an increase that is sustained
for a greater period of time. At Ry =2.5, negative radial gradients in the mean flow
angular momentum are observed that are coincident with this peak, along with large
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rates of turbulence energy production by the r-6 plane shear stresses. For higher
swirl, the negative momentum gradients are no longer seen, and the late-cycle r-6
plane production at the measurement location is generally considerably smaller, in
close accord with the results shown in Fig. 4.30.

4.4.5 The Role of the Bulk Flow Structures in Combustion

The discussion in the previous section has provided a detailed picture of how flow
swirl and the fuel sprays interact to form large-scale, post-injection flow structures.
The effect of changing swirl ratio and injection pressure has been examined, and
the impact of changing speed and load follow inductively. Further, the role of these
structures in generating post-TDC turbulence, and how the spatial distribution of
the turbulent kinetic energy may vary, have been examined in detail. However, the
complementary role of these bulk flow structures in transporting fuel and oxidant
throughout the bowl has not yet been addressed.

Figure 4.33 depicts the evolution of the mean velocity field and the fuel distribu-
tion simultaneously, for a swirl ratio of 2.5 and an injection pressure of 600 bar.
From the predicted fuel distributions, the bulk of the fuel is seen to remain in
the lower portion of the bowl, and is spatially coincident with the high-angular
momentum (high-(Uy)) fluid. As the lower vortex transports high-momentum fluid
inward and upward toward the vortical interface, the unburned fuel is also trans-
ported to the same location. Similarly, while the upper vortex transports low-
momentum fluid to the interface, it simultaneously brings in fresh oxidant. Thus,
a well-organized mixing and combustion system exists: this system employs bulk
flow structures to not only transport fuel and air to the same region, but also to
generate intense turbulence and enhance the small scale mixing at the fuel/air inter-
face. Furthermore, a portion of the fuel will be transported along the interface to a
region where large r-6 plane production, associated with negative radial gradients
in angular momentum, exists.

The simulations on which Fig. 4.33 is based were performed without combustion.
For late-injection, extended-ignition-delay combustion modes the main heat release
is often delayed until approximately 15 CAD. Under these circumstances, the fuel
distributions and flow structures depicted in Fig. 4.33 realistically depict the pre-
combustion mixing process for fired engine operation as well. However, the flow
structures that form after combustion are also of interest. As will be seen below,
simulations performed with combustion show much the same behavior.

In light of the additional role played by the large scale structures in transporting
fuel and air to a common interface, it is interesting to examine the effect of changing
the relative sizes of the two vertical structures, as could be accomplished by varying
injection pressure, swirl ratio, speed, or load. Accordingly, the variation in the fuel
and oxidant distributions with swirl ratio at 17 CAD is shown in Fig. 4.34. In this
figure, simulated flow fields obtained with combustion are presented, and the mass
fraction of CO is employed as a marker for the location of partially burned fuel.
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Fig. 4.33 The evolution of fuel and tangential velocity distributions at Ry = 2.5 and P;,; = 600 bar.
In these simulations, combustion is inhibited

These simulations were performed for a load and speed of 3 bar imep (=9 mg per
injection) and 1500 rpm. Similar results are obtained when combustion is inhibited.

At the lowest swirl, Ry=1.5, the location of the high CO regions and the r-z
plane flow structures indicate that the unburned fuel will be largely confined to the
inner region of the bowl. Although high local levels of turbulence will likely be
found in this region (see Fig. 4.29), there is no opposing pair of vortical structures
that actively bring the fuel and fresh air into close contact. A weak upper vortex
forms later, but it does not encompass a significant volume of air with which to
oxidize the fuel. Increasing the swirl ratio to Ry = 2.5 results in a considerably larger
upper vortex, in which the bulk of the remaining O, is located. The two vortices
clearly play the same role as discussed previously in the case without combustion—
transporting fresh air and unburned fuel to a common interface where turbulence
production can be expected to be large. One thus expects that mixing rates will be
significantly enhanced at this swirl ratio. Further increasing the swirl ratio, the upper
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Fig. 4.34 The effect of swirl ratio on the distribution of partially burned fuel (CO) and oxidant
at 17 CAD. In these simulations the premixed portion of combustion peaked at approximately 12
CAD, and these results correspond to the later, mixing-controlled burning. For these simulations,
the flow was initialized with a solid-body-like mean velocity profile

vortex continues to expand at the expense of the lower, fuel-containing vortex. As
the lower vortex shrinks, the fuel tends to recirculate and may become trapped deep
within the bowl.

The relative sizes and positions of the two vortices generated by the spray/swirl
interaction can thus play a key role in the efficacy of the mixing process, during
both the early, mixture-preparation stage of combustion and in the later, mixing-
controlled burning. Either too little or too much swirl appears to inhibit the mixing
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process. An ideal compromise might entail making the upper vortex as large as
possible, while still producing mean flow streamlines at the interface between the
two vortices that transport the combustible mixture out of the bowl and into the
squish volume. Such a compromise would likely be similar to the R;=2.59 flow
field shown in Fig. 4.34.

Finally, as discussed above, the relative sizes and positions of the two vortices
will also be affected by engine speed. At higher speeds the lower vortex is expected
to be smaller and lower in the bowl, in much the same manner as is seen with
increased swirl ratio. The formation of an excessively small lower vortex, confining
the fuel deep in the bowl, may be one factor responsible for the well-known need to
reduce swirl level at high engine speeds.

4.5 Model Assessment

In the preceding sections the physical development of the in-cylinder mean flow
structures has been described in detail, and the predictions of the numerical simula-
tions have been shown to agree well with the measured mean flow properties. The
simulation results have further allowed us to extract understanding about the flow
development, potential turbulence production mechanisms, and the role of the bulk
structures in combustion that would have been impossible based on the measure-
ments alone. However, the accuracy of the simulations in predicting the turbulence
properties is far less satisfactory. An example is given in Fig. 4.35, which illustrates
the agreement achieved between the predicted and the measured turbulent kinetic
energy for engine operation with fuel injection, but no combustion. Note that both
during the latter part of the compression stroke and in the period of the increased
late-cycle turbulence there are significant discrepancies between the measured and
simulated turbulence energies. Another notable inconsistency is the spatial distribu-
tion of k predicted in the simulations. From Fig. 4.14 it is clear that, for Ry =2.5, the
highest pre-TDC turbulence energy is measured in the upper regions of the cylinder,
near the bowl lip. Predicted results, however, exhibit the opposite trend: the highest
turbulence levels are exhibited in the central region of the bowl, as seen in Fig. 4.36.

Due to the central role played by turbulence and mixing processes in diesel
combustion, improvement of the turbulence modeling is a necessary prerequi-
site to the use of numerical simulations to design a truly optimized combustion
system. RANS-based turbulence models, particularly variants of the two-equation
k-& model, are the current standard in use by industry. Although alternative modeling
approaches can offer increased accuracy, or the possibility of resolving cycle-to-
cycle variations in the flow (e.g., large eddy simulation techniques), the increased
computational expense presents a formidable barrier to their widespread use for
engine design and optimization. For that reason, in this section the fundamental
assumptions inherent in the k-¢ model are assessed, with a view toward improving
the accuracy of these less expensive models. As will be seen below, the level of
detail that can be captured using relatively simple models for the turbulent stresses
in the extremely complex flows considered here is both surprising and encouraging.
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Fig. 4.35 Comparison of the measured and simulated turbulent kinetic energy. Significant differ-
ences are observed both before and after the fuel injection event

Fig. 4.36 Spatial distribution
of the turbulent fluctuating
velocity observed at Ry =2.5.
The maximum fluctuations
are predicted to occur in the
central region of the bowl, in
contrast to the measurements
reported in Fig. 4.14

4.5.1 Turbulent Shear Stress Modeling

An evaluation of the modeling of the turbulent shear stress <u;ug> is provided in
Fig. 4.37. In this figure, the measured stress is compared against the stress computed
from Eq. (4.18), using Eqs. (4.19)-(4.21); i.e., no results from numerical simu-
lations are employed. Results for four different operating conditions/locations are
presented: the first three correspond to the three swirl ratios and spatial locations
considered in the discussion of the pre-TDC flow evolution, and the last corresponds
to operation with fuel injection. Recall that the evaluation of the turbulence produc-
tion mechanisms for these conditions revealed four distinct flow structures:

1. Ry=1.5, z=8 mm: Spatially homogeneous turbulence energy, with production
of k dominated by the isotropic stresses. Mean velocity gradients are generally
small.

2. Ry=2.5, z=4mm: Large positive radial gradient in angular momentum (greater
than would be observed for solid-body-rotation) leading to large, positive (S;g)
(Fig. 4.17), coincident with significant local production of k by the -0 plane
shear stresses.
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Fig. 4.37 Comparison of the measured shear stress to the modeled stress estimated from experi-

mental data using Eqs.(4.18)-(4.21)

3. Ry=3.5, z=12mm: Small positive radial gradient in angular momentum (less
than would be observed for solid-body-rotation), with corresponding large, nega-
tive (Sy¢) (Fig. 4.20) and significant local production of k by the r-0 plane shear

stresses.

4. Ry=2.5, z=10mm, P;j,;=600bar: Negative radial gradient in angular mom-
entum, with large negative (S;9) (Fig. 4.27) and very large local production of

k by the r-0 plane shear stresses.

For the first three operating conditions the engine was motored—hence the lack
of pronounced activity during the expansion stroke. Note that although the size of
the graph depicting the stress measured with fuel injection is larger, the vertical

scale has been maintained the same.
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There are several general observations to be made from Fig. 4.37:

e At the lowest swirl ratio, or in the expansion stroke (in the absence of fuel injec-
tion), the magnitude of the shear stress is small, and it is generally modeled with
impressive accuracy by Eq. (4.18). This is consistent with the expectation of a
small turbulent to mean flow time-scale ratio.

e When turbulence production by the -6 plane shear stresses is significant, the
model captures the trends in the measured stress reasonably well.

e Although the peak modeled shear stresses are typically less than the measured
stresses, there is no evidence that the choice of the constant A =0.55 for use in
Eq. (4.21) is inappropriate. Larger values of A would cause larger errors in other
portions of the cycle, e.g., prior to —20 CAD for R;=3.5 and z=12 mm. Addi-
tionally, comparisons at other operating conditions or locations [72] occasionally
exhibit over-predicted peak stresses.

e The evolution of the measured stress is often captured qualitatively by the model
equations, even when the magnitude is incorrect (e.g., prior to TDC for Ry=3.5
and z=12mm.

To obtain further insight into the possible causes for the discrepancies observed in
Fig. 4.37, it is useful to examine the individual terms responsible for the production
of (u;ug), as given in Eq. (4.16). All but the latter two of these terms can be estimated
directly from measured velocities. Figure 4.38 shows the production of (uéué) by the
leading term of Eq. (4.16) [corresponding approximately to Eq. (4.18)], compared
against the net production by the anisotropic part of the normal stresses and the
production given by — (u;ug) ((Sir) + (Soe))- The latter term is generally near zero,
and therefore is not visible at all crank angles.

In the upper plot shown in Fig. 4.38 (R, =1.5 and z=8 mm), the net production
by the anisotropic stresses is generally small, as would be expected from the near
equal normal stresses seen in Fig. 4.12. At other locations or swirl ratios, however,
production of (u;u(a) by the anisotropic normal stresses can be significant, and
rival the magnitude of the leading term in Eq. (4.16). Under some circumstances,
these additional production terms are consistent with the discrepancies observed
in Fig. 4.37. For example, at R;=3.5 and z=12 mm, the near-zero measured stress
prior to —20 CAD may be due to the approximate self-cancellation of the two domi-
nant production terms seen in Fig. 4.38. Conversely, for other circumstances, the
anticipated influence of the anisotropic production is to increase the discrepancies
between the model and measurement—such as the difference observed between
—20 and —10 CAD for R;=2.5 and z=4 mm. Including the effects of produc-
tion by the anisotropic stresses would only serve to increase this difference. Note
from Fig. 4.16, however, that at this time axial gradients in both (U;) and (Uy) are
expected. Accordingly, production by the latter two terms in Eq. (4.16) cannot be
neglected.

Overall, the conclusion to be drawn from Fig. 4.38 is that production of (uéu{,)
by the anisotropic portion of the normal stresses, and potentially by the remaining
unevaluated terms in Eq. (4.16), can be significant in these flows. Including these
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terms in the modeling of the shear stress could result in considerably enhanced
model accuracy.

4.5.2 Turbulent Normal Stress Modeling

Recall that in the previous discussion of the pre-TDC flow structure evolution
(Sect 4.4.3), significant anisotropy in the normal stresses was observed when produc-
tion of turbulent kinetic energy by the shear stresses acting with (S;9) became impor-
tant. From this observation, it is clear that a model for the normal stress anisotropy of
the form of Eq. (4.18) will fail when production associated with (S;g) is significant.
On the other hand, when the isotropic part of the normal stresses dominates produc-
tion of the turbulence energy (and, hence, the normal stress anisotropy), Eq. (4.18)
might be expected to perform well. Both of these expectations are largely fulfilled.
Figure 4.39 compares the predictions of Eq. (4.18) against the difference in the
measured normal stresses for the latter case, when production by the isotopic part
of the normal stresses dominates. Note that when the unmeasured normal stress
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Fig. 4.39 Comparison of the difference in the measured normal stresses 1/2((14;2) — (uéz)) with
model estimates based on Eqs.(4.18)-(4.21)

(uf) is approximated as 1/2 ((u’r2> + <u’§>), the anisotropic part of (u’f) can be
estimated as 1/2 <<u’2> - <u’é>> the quantity displayed in Fig. 4.39. Overall, very

T
satisfactory agreement is achieved in modeling the temporal evolution of the normal
stress anisotropy, although there is a general trend towards under-prediction of the
measured anisotropy.
In contrast, Fig. 4.40 depicts a situation in which production by the shear stresses

is dominant. Under these circumstances, with Ry =2.5 and z=4 mm, production of
<u/§> and negative production of <u/r2> by the -6 plane shear stresses becomes impor-

tant at approximately — 20 CAD (v. Fig. 4.15). At this time, the measured difference
in the normal stresses deviates radically from the predictions of Eq. (4.18). Likewise,
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Fig. 4.40 Comparison of the difference in the measured normal stresses 1/2((14;2) — (uéz)) with
model estimates based on Eqgs.(4.18)-(4.21). When turbulence production associated with shear
stresses is important (near—10 CAD), the linear stress model performs poorly



4 Turbulent Flow Structure in Direct-Injection, Swirl-Supported Diesel Engines 245

differences observed between approximately —40 and —30 CAD and between 5 and
25 CAD might be alleviated if the model accounted for the non-trivial production
associated with % shown at this time in Fig. 4.15. As will be seen below, adop-
tion of more general stress models can significantly improve the model predictions
during each of the periods identified above.

4.5.3 Higher Order Stress Models

Higher-order, non-linear stress models in the form of Eq. (4.23) have the potential to
correct many of the short-comings of the linear stress model without adding undue
computational expense. It can be argued [77] that for high Reynolds number, nearly
homogeneous flows, the mean flow rate of strain and rotation tensors, along with
the turbulence scales k and ¢, contain all of the information necessary to model
the turbulent stress tensor. Furthermore, when the coefficients of these non-linear
models are found from the explicit solution of an algebraic stress formulation (e.g.
[42, 43, 77, 99]), the various sources of production of the individual stress compo-
nents are considered directly. Hence, these models can be expected to provide an
improvement in situations where the latter terms on the RHS of Eq. (4.16) contribute
substantially to (u;ug)(v Fig. 4.38), or when production by the anisotropic part of
the stress tensor constitutes a significant fraction of the production of the normal
stresses.

Although the most general form of a non-linear stress model contains terms
up to 5th order in the mean velocity gradients, attention is restricted here to the
simpler, quadratic models. Preliminary assessments by the author of cubic [28] and
quadratic [99] models indicate that the additional complexity of these models does
not improve the accuracy of the modeled stresses. To evaluate these models, infor-
mation on the unmeasured gradient % is provided from numerical simulations.
The model predictions considered are found to be insensitive to the accuracy of this
gradient.

The quadratic models of Gatski and Speziale [42] and of Girimaji [43] are
compared against the shear stress measured with R;=3.5 and z=12 mm in Fig. 4.41.
Recall that under these conditions, the production of (u;u/e) by the anisotropic normal
stresses is comparable to the production by the isotropic part of the stress tensor, and
a large benefit might be expected from the use of a more advanced stress model.
The models shown were selected for comparison because they incorporate the same
dependency on the mean flow strain and rotation rate tensors—only the dependency
of the coefficients oj—3 on the normalized invariants of these tensors differs. Both
models avoid the contentious term found in some quadratic models that depends on
the mean flow rotation alone [89]. Although the stress estimates from both models
are improved over the estimates from Eq. (4.18), a large benefit is not found. Recall
that at this swirl ratio the turbulence is inhomogeneous (v. Fig. 4.18), a fact which
may be partly responsible for the remaining discrepancies. Because the models have
the same form (only «;—or3 are non-zero), the differences in the modeled stresses are
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Fig. 4.41 Evaluation of quadratic models for the r-6 plane shear stress (u/.uy). The linear model,
Eq.(4.18), is also shown for comparison

due to differences in the variability of the model coefficients as the characteristic
strain and rotation rates vary.

A more significant difference in the predictions of the two quadratic models as
compared to the linear model is seen when the anisotropy in the normal stresses is
considered. Fig. 4.42 shows that the large discrepancy seen in Fig. 4.40 between
the difference in the measured normal stresses and the difference predicted by the
linear model is substantially reduced when the quadratic models are employed. It

is clear that both models capture the increased production of <u/§> by the -0 plane

shear stresses between roughly —20 CAD and —5 CAD, although the change is
under-predicted by the Gatski and Speziale model and somewhat over-predicted by

the Girimaji model. The enhanced production of <u’§> associated with Ma—lé‘” between
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Fig. 4.42 Assessment of the quadratic model performance in predicting the difference in the
normal stresses
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approximately —40 and —30 CAD and between 5 and 25 CAD also appears to be
reflected in the quadratic model predictions, but its influence on the difference in
the normal stresses is over-predicted by the Girimaji model.

Figures 4.41 and 4.42 clearly indicate that more accurate modeling of the
anisotropic stresses can be achieved through non-linear stress models of the form
given by Eq. 1.23. However, both the form of the model (the number of terms
retained) and the dependency of the coefficients on the characteristic strain and
rotation rates influence the accuracy of the models. Several additional non-linear
stress models are available and remain to be evaluated. A detailed assessment of the
performance of these models over as wide a range of conditions as possible is an
important step toward improving our ability to predict these flows.

4.5.4 Dissipation Modeling

Assessment of current engine flow modeling practice—based on the k-&¢ model—
has focused until now on the modeling of the turbulent stresses. This is the
fundamental assumption made in the modeling of the production term in the
k-equation, a term which also figures in the dissipation (¢) equation. However,
the dissipation equation is of at least equal importance, and its modeling merits
evaluation as well. This evaluation is complicated by two factors: First, a specific
modeling relationship, such as the turbulent stress models discussed above, that
can be examined with experimental data is lacking. Second, a direct experimental
measurement of the dissipation has not been made. From Eq. (4.21), however, it
is seen that the evolution of the turbulent dissipation can be assessed—at least
qualitatively—from the evolution of a measured turbulent length scale and the turbu-
lent kinetic energy. A similar assessment has been performed previously by Ikegami
and co-workers [53].

The evolution of the measured longitudinal and the lateral length scales, obtained
with fuel injection, are compared with the results of the numerical simulations in
Fig. 4.43. Length scales measured at various locations under motored conditions
are similar [72]. The measured length scales have been scaled to be consistent with
the simulation results as described in [70].

A number of features exhibited in Fig. 4.43 merit discussion:

e At the start of the period shown, near —50 CAD, the length scale predicted by the
simulation is generally overestimated at all swirl ratios. At this time the simulated
turbulence energy is significantly underestimated [70] for all three swirl ratios
considered. The simulated turbulence energy increases rapidly through approxi-
mately —20 CAD, however, during which time the length scale decreases consid-
erably. Despite simulated turbulence energy that is comparable to (or greater
than) the measured energy as TDC is approached, the simulated length scale
generally exceeds the measured length scales, suggesting that the simulated dissi-
pation is too small during this period.

e Just after the injection event, a sharp decrease in the simulated length scale
is observed, that is not seen consistently in either of the two measured scales.
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Fig. 4.43 Comparison of the measured longitudinal and lateral length scales with the results of
numerical simulation
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Turbulence energies are not changing significantly at this time. Accordingly, the
simulation is predicting a large impact of the fuel injection event on the turbu-
lence dissipation that is not supported by the measurements.

e Beyond approximately 10 CAD, the trends in the simulated length scale track
well with the measured length scales, although the magnitude is underestimated
(dissipation overestimated) at the lower swirl ratios.

The length scale comparison made in Fig. 4.43 is based on the validity of
Eq. (4.21), which assumes that the turbulence is in equilibrium. Some authors (e.g.,
[49, 54]) argue that a linear relationship between the simulated length scale and the
Taylor scale of the turbulence may be more appropriate than the relationship implied
by Eq. (4.21). A comparison based on this alternative scaling does not provide better
agreement [70], however.

Overall, the qualitative assessment of the dissipation modeling made here indi-
cates that although the simulation captures the approximate magnitude and some of
the trends in the dissipation rate, further improvement is needed.

4.6 Future Research Areas

As evidenced by the material reviewed in this chapter, considerable progress has
been made in the last three decades toward advancing our knowledge of the fluid
dynamics of direct-injection diesel engines. Nevertheless, it is also clear that there
remain significant gaps in our understanding of the physics of these flows, in
our knowledge of how the physics can best be utilized in practical combustion
systems, and in our ability to quantitatively predict these flows in a computationally
affordable manner. Although certainly not complete, a list of areas in which future
research efforts may prove fruitful is given below.

1. The swirl velocity distribution has been shown to exert a dominant influence on
the formation of flow structures and the generation of turbulence both prior to
TDC (the squish/swirl interaction) and after injection (the spray/swirl interac-
tion). Emissions measurements (e.g., [18, 56, 74]) show, however, that knowl-
edge of the bulk flow swirl ratio alone is insufficient to predict emissions
behavior—vastly different emissions are measured for different port geometries,
though equal swirl ratios are attained. One likely explanation for this behavior
is port-induced differences in the spatial distribution of the swirl velocity (or
angular momentum). Although the effects of different spatial distributions of
the swirl velocity on the development of flow structures has been investigated
numerically in one study [33], this area remains largely unexplored. Additional
understanding of the differences developed in flow structures and how they
correlate with engine emissions would be a useful contribution.

2. A better understanding of the effects of the spatial distribution of swirl velocity
on the flow structures, as discussed above, would likely lead to a desire to tailor
the swirl velocity distribution generated during the intake process. Increased
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insight into how such tailored distributions could be generated is therefore desir-
able. Studies incorporating the effects of port geometry, valve lift profiles, valve
seat angles, etc. on the formation of a stratified swirl field, as well as the persis-
tence of the stratification achieved as the compression stroke proceeds would be
valuable.

3. The role of the large-scale structures in promoting mixing of fuel and air through
both bulk transport and small scale mixing has been clarified from the results
of numerical simulation. Experimental verification of the spatial distributions of
unburned or partially-burned fuel, and their correlation with the large-scale struc-
tures is still required. Similarly, experimental assessment of the rate of fuel/air
mixing, through measurement of scalar dissipation rates would be a useful contri-
bution, both for validating model predictions as well as for clarifying the degree
to which various flow features are influencing the mixing rate.

4. Little work has been performed to date to clarify how various features of the
bowl geometry interact with the fuel spray and the development of large-scale
flow structures. Small changes in bowl geometry can result in large changes in
particulate emissions. Issues of interest are the shape of the bowl at the location
of spray impact and the influence of the bowl pip on the size and location of the
vertical plane vortical structures generated by the spray/swirl interaction.

5. Multiple injection events have been shown to have a sizeable impact on engine
emissions. Assessment of the effect of multiple injections on the development of
bulk flow structures and late-cycle mixing processes could be productive.

6. Both numerical and experimental studies (e.g. [66]) have shown that much of
the late-cycle oxidation of particulates occurs well outside the bowl, above the
piston top. Flow structures in this area and their dependency on combustion
chamber geometry, swirl levels, and injection system parameters has not yet been
explored.

7. The sensitivity of engine emissions to small changes in bowl geometry and
to details of how the flow swirl is generated demonstrate that optimization of
these combustion systems will not be achieved without the assistance of accu-
rate multi-dimensional modeling efforts. Improved turbulence models have been
available for many years, but there has been no experimental data with which
to evaluate the potential benefits these improved models offer. The stress model
assessment described above is a first step in this direction, but many additional
experiments must be performed and models assessed before recommendations
can be made with confidence.

8. Likewise, evaluation of the dissipation has been limited to indirect evaluation
based on measured length scales. Planar or three-dimensional global measure-
ment techniques offer the potential of direct evaluation of the turbulent energy
dissipation. An example of recent progress in this area is given in reference
[41]. These full-field techniques offer the additional advantage of providing
single-cycle flow structures that can be compared with large-eddy simulations of
the flow. Temporally-resolved point measurements, employing Taylor’s hypoth-
esis and assumptions of small scale isotropy can also yield information on the
temporal evolution of the dissipation rate and should be pursued.
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Chapter 5
Recent Developments on Diesel Fuel Jets
Under Quiescent Conditions

Dennis L. Siebers

5.1 Introduction

Fuel jets play a dominant role in fuel-air mixing, combustion, and emission forma-
tion processes in direct-injection (DI) diesel engines. This chapter discusses several
recent developments in the understanding of fuel jets injected into quiescent-type
diesel engine conditions. The discussions are based on research by the author and
coworkers. Although the discussions are focused on quiescent-type engine condi-
tions (typical of heavy-duty, DI diesel engines), the results presented also provide
a baseline for assessing the additional effects on fuel jet development caused by
strong in-cylinder flows (typically of light-duty, DI diesel engines).

The topics that are discussed include: the transient penetration of the tip of a fuel
jet, the penetration and vaporization of liquid-phase fuel within a fuel jet, and flame
lift-off and its impact on soot formation. Also discussed are the scaling of many of
these processes with engine and injector parameters, and new insights on fuel jet
development, soot formation, and combustion in a diesel fuel jet that were derived
from the results. Conservation of mass, momentum, and energy principles, applied
to an idealized model of a fuel jet, are used to provide a framework for presenting
and analyzing the results. The results and insights discussed provide guidance for the
design of several aspects of an engine combustion system and for the development
of computational models for simulating diesel combustion and emission processes.
Moreover, the results provide well-characterized, simplified baselines for compar-
ison with the predictions of the computational models being developed.

Experimental results presented in the following sections were acquired in constant
volume combustion vessels [1, 2] over a very wide range of conditions relevant
to DI diesel engines. The fuel injector used for the experiments was an electron-
ically controlled, common-rail fuel injector [1, 2] that had a “top-hat” injection
rate profile (i.e., a near instantaneous start of injection, a constant injection rate
during the injection period, and a sharp end of injection). The well-controlled and
well-characterized nature of the experimental conditions in the combustion vessel
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and the simplicity of the injection rate profile allowed the effects of several param-
eters on fuel jet processes to be more clearly understood than has been possible
with data from engines. However, when applying the results to engines, the limi-
tations imposed by the relatively simple conditions under which the experiments
were conducted must be recognized. Factors in an engine such as time-varying in-
cylinder conditions resulting from piston motion, complex injection rate profiles,
multiple jets, and detailed injector tip/orifice flow effects, while not affecting the
fundamental nature of the physical processes involved in free jet regions, can impact
the magnitude of the effect of the various parameters considered.

5.2 Penetration of Diesel Fuels Jets

A diesel fuel jet parameter often measured is the transient tip penetration (e.g., [1, 3,
4,5, 6,7, 8]. Penetration of a fuel jet and its commensurate entrainment of air are
needed to promote efficient air utilization in a DI diesel engine, which is important
for optimizing engine performance. The first part of this section presents a scaling
law for the penetration of a non-vaporizing fuel jet under quiescent conditions driven
by a top-hat injection rate profile. The penetration scaling law was developed by
Naber and Siebers [1] using an idealized model of a diesel fuel jet. The scaling law
will be shown to capture the important features of fuel jet penetration and the effects
of various parameters on penetration. The penetration scaling law and analysis are
extended and utilized in later sections for analyzing liquid-phase fuel penetration
and for helping interpret the impact of flame lift-off on soot formation in diesel fuel
jets.

Following the development of the penetration scaling law is a discussion of the
fuel jet spreading angle dependence that appears in the scaling law and a comparison
of the scaling law with non-vaporizing fuel jet penetration data. Then comparisons
of both the non-vaporizing penetration data and the scaling law are made with vapor-
izing (i.e., non-combusting) and combusting fuel jet penetration data to show the
effects of vaporization and combustion on fuel jet penetration. In the final parts
of the section, the scaling law is compared with other commonly cited penetration
correlations in the literature and a discussion of the application of the penetration
scaling law is presented.

5.2.1 Scaling Law for Fuel Jet Penetration

A scaling law for the penetration of a non-vaporizing (i.e., isothermal) fuel jet was
recently developed by Naber and Siebers [1]. The penetration scaling law is valid in
both the near-field and the far-field (i.e., short- and long-time limits) of a fuel jet with
an instantaneous start of injection and a constant injection rate during the injection
period. The derivation of the scaling law followed the fuel jet penetration analyses of
Wakuri et al. [7] and Hays [9], but with important differences. One difference was
the use of a non-dimensional method of analysis that both simplified the analysis
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and accounted for the effects of ambient gas density, fuel density, and various orifice
parameters in a more complete manner. A second difference was the use of a clearly
defined relationship between the “model” fuel jet used in the development of the
penetration scaling law and a “real” fuel jet. The defined relationship between the
real and model fuel jets (to be discussed later) allowed an arbitrary constant that
appears in the penetration scaling law to be estimated [1].

The scaling law was developed by applying conservation of mass and momentum
principles to the idealized, isothermal, incompressible “model” fuel jet shown in
Fig. 5.1. The model fuel jet has a constant spreading angle («), radially uniform
velocity and fuel concentration profiles, an instantaneous start of injection, no
significant azimuthal flow at the orifice exit, and dynamic equilibrium between
the liquid and gas phases (i.e., no velocity slip between the injected fuel and the
entrained air). The model fuel jet is defined such that it has the same cross-sectional
average density and the same total mass and momentum fluxes at any axial location
as a “real” fuel jet with the same initial and boundary conditions and a spreading
angle of 8 (The relationship between the model and real fuel jet spreading angles,
a and 6, will be discussed in the next section). The defined relationship between
the model and real fuel jets means that the tip penetration and air entrainment rate
of the model and real fuel jets are the same, and that for a self-preserving real fuel
jet, the spreading angles of the model and the corresponding real fuel jet can be
approximately related by a constant.

The penetration scaling law derived by Naber and Siebers is given in dimension-
less form by the following relationship (see Ref. [1] for details of the derivation):

.\/1+16.32+1—16.1n(4.3+\/m). (5.1)
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Equation (5.1) is an expression for the dimensionless penetration time, 7, as a
function the dimensionless penetration distance, S. The dimensionless penetration
time and distance are defined by the following relationships:

F=t/t", (5.2)
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S=5/xt. (5.3)

In Egs. (5.2) and (5.3), the terms 7 and S are the penetration time and distance,
respectively, and the terms r*and x* are characteristic time and length scales of the
fuel jet defined as:

tt = _dr P (5.4)
tan(a/2) - Uy’ '
xt = M (5.5)
tan(o/2)

The angle « in Egs. (5.4) and (5.5) is the spreading angle of the model fuel jet
in Fig. 5.1. The other terms in Eqs. (5.4) and (5.5) are the effective orifice diameter
(dy), the density ratio (o), and the fuel velocity at the orifice exit (Uy). The latter
three terms are defined by the following relationships:

B=0ps/pa; (5.6)
dr =+/C,-d, (5.7)

Us=C,- ;M, (5.8)
Pf

In the definitions given by Egs. (5.6) through (5.8), o and p, are the fuel and
ambient gas densities, respectively; d is the orifice diameter; C, and C, are the
orifice area contraction and velocity coefficients, respectively; and Prand P, are the
fuel pressure in the injector and the ambient gas pressure, respectively.

The product in the numerator in Egs. (5.4) and (5.5) is the modified orifice diam-
eter proposed by Thring and Newby [10] to account for a difference in density
between the injected fluid and the ambient fluid. This modified orifice diameter
has often been used in modeling as a length scale for diesel fuel jets (e.g., [11]).
The spreading angle in Egs. (5.4) and (5.5) has been found to account for orifice
flow effects and secondary effects of the density difference between the injected
fluid and the ambient gas on turbulent air entrainment into the fuel jet. The area
contraction coefficient in Eq. (5.7), C,, accounts for changes in the effective flow
area through the orifice due to factors such as cavitation bubbles reaching the orifice
exit (e.g., [12, 13, 14, 15, 16]) or “hydraulic flip” [17]. The velocity coefficient C,
in Eq. (5.8) accounts for the effects of factors such as friction loss and cavitation on
the flow velocity through the orifice. By definition, the product of C, and C, equals
the discharge coefficient, i.e., Cq = Cy-Cy.
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Two useful limits to the scaling law given by Eq. (5.1) are the near-field (or
short-time) limit and far-field (or long-time) limit [1]. The near-field limit is:

Limit | § =17, (5.9)
S(orf)—0

which in dimensional form becomes:

S=C,- 2By =P) (5.10)
\ Py

The far-field (or long-time) limit is:

Limit | § =72, (5.11)

S(orf)—o00

which in dimensional form becomes:

S: Cv'\/z'ca. \/mdl (512)
tan(a/2) Pa

The limits show that there is a near-field region close to the injector where penetra-
tion is linearly dependent on time and a far-field region where penetration depends
on the square-root of time, as noted by Hiroyasu and coworkers [5, 6]. These limits
will be referred to later in comparisons with other penetration theory in the literature.
The limits given by Egs. (5.9) and (5.11) were also used in Ref. [1] to define an
approximate inverse of Eq. (5.1), i.e., a relationship for penetration as a function of

time:
~ 1 n 1 n\ —1/n ~ _ 1n
s=((7) + () ) =woarny, e

where n=2.2. The approximation given by Eq. (5.13) agrees exactly with Eq. (5.1)
in the near-field and far-field limits and to within 5% in the transition region between
the near-field and far-field.

The transition between the near-field and far-field limits occurs at 7=1
(or $=0.71). In physical coordinates, the transition time is given by:

73 d-p\2
o NG/ p (5.14)

"7 Cy - tan(a/2) (P;— Py
ps
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The transition time (#,) corresponds to the time when the fuel jet reaches a location
where the mass in the fuel jet transitions from being dominated by the injected fuel
to being dominated by entrained gas [1]. This transition occurs when the penetrating
tip of the fuel jet reaches a distance of S,, where:

_ /Ca-d-,bl/z

tan(ar/2) (5.15)

Some other useful equations that can be derived following the analysis in Ref. [1]
are an equation for the total air entrainment (7i1,) in a non-vaporizing fuel jet up to
any axial location (x) relative to the amount of fuel injected (i1 f),

Hig V141632 -1

= 5.16
g 2 10
and the cross-sectional average axial velocity [U(x)] profile,
U 2
@ _ (5.17)

U J1+16-2+1

In Egs. (5.16) and (5.17), the dimensionless axial distance x is x/x*.
Equation (5.16) for air entrainment can be expressed in terms of a cross-sectional
average equivalence ratio (@) [1]:

z'fs
JIF16-#2 -1

where f; is the stoichiometric air/fuel mass ratio for a given fuel. In the far-field,
Eq. (5.16) approaches (in dimensional form),

b= (5.18)

Mg 2. x -tan(a/2)

TN

One importance of Eq. (5.19) is that it can be shown that it reduces to the entrain-
ment relationship given by Ricou and Spalding [18] and others (e.g., [19]) for the
far-field of a jet (¥ >> 1) with a density ratio much closer to one than occurs for a
diesel fuel jet (e.g., for an atmospheric pressure gas jet). Substituting into Eq. (5.19)
a C, equal to one (applicable for a gas jet), the relationship between “real” and
“model” jet outer boundary spreading angles (6 and «) given later in Eq. (5.23), and
an outer boundary spreading angle (6/2) of 12° (a value typically measured for a gas
jet [20]) gives:

(5.19)

Mg X
— ~(0.32- —,
) d-/p

i.e., the Ricou and Spalding jet entrainment relationship.

(5.20)
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The area contraction coefficient and the spreading angle terms that appear in
Eq. (5.19), and not in Eq. (5.20), are believed to capture orifice flow effects and
effects of a large density difference between the fuel and the ambient gas on the
turbulent entrainment processes in a diesel fuel jet. The orifice flow and the large
density difference between the fuel and the ambient gas most likely influence
entrainment by affecting the large scale turbulent structures that determine entrain-
ment (e.g., [21, 22, 23]).

It is also interesting to note that Eq. (5.17) can be simplified to the centerline
velocity decay profile typically cited for the far-field of gas jets (e.g., see [24]).
In the far-field (¥ >> 1), using the same assumptions that were used to develop
Eq. (5.20) from Eq. (5.19), Eq. (5.17) simplifies to:

U, d
Va9 60.2, (5.21)
Uf X

where the centerline velocity, U,; (x), is approximately twice the cross-sectional
average axial velocity, U(x), in Eq. (5.17).

The development of Egs. (5.20) and (5.21) from Egs. (5.16) and (5.17), respec-
tively, highlights some of important differences that exist between the global features
of atmospheric pressure gas jets and high injection pressure diesel fuel jets (i.e.,
highly atomized diesel fuel jets). However, the development also demonstrates that
gas jets and diesel fuel jets are related.

5.2.2 Spreading Angle Dependence

The scaling law given by Egs. (5.1) through (5.8) indicates that the penetration of
an isothermal fuel jet is dependent on the fuel jet spreading angle, in addition to
other parameters. The near-field and far-field limits given by Eqgs. (5.10) and (5.12)
indicate that this spreading angle dependence varies with distance from the orifice,
changing from no dependence in the near-field to a significant dependence in the
far-field. The dependence of penetration on spreading angle in the far-field, as it
appears in Eq. (5.12), was first suggested by Wakuri et al. [7].

Based on Eq. (5.12), an increase in the spreading angle results in slower pene-
tration of a fuel jet in the far-field. The slower penetration occurs because a larger
spreading angle (for an isothermal jet) reflects greater air entrainment (i.e., a greater
total mass in the fuel jet). From conservation of jet momentum, a greater mass of
air in the fuel jet results in lower overall jet velocities at any axial location, and
therefore, a slower tip penetration.

Research has shown that the spreading angle of a fuel jet is a function of the ratio
of the fuel and the ambient gas densities, orifice geometry parameters (e.g., sharp
versus smooth orifice edges, aspect ratio, orifice orientation, etc.) (e.g., [1, 5, 25,
26, 27]), and effects of the injector needle and tip design on flow through an orifice
(e.g., [28, 29]). Based on discussion in the previous section, the spreading angle
in the penetration scaling law accounts for orifice flow effects and the effects of a
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large density difference between the fuel and the ambient gas on penetration, both of
which impact turbulent mixing and air entrainment processes in a jet. Their appear-
ance means that penetration depends on more than just the total jet momentum at
the orifice exit, as is commonly assumed in the development of fuel jet penetration
correlations. Other than the penetration correlation developed by Wakuri et al. [7]
(valid in the far-field) and that given by Eq. (5.1), most commonly cited penetration
correlations (e.g., [3]) do not directly account for the effects of various parameters
on turbulent mixing and air entrainment processes.

Unfortunately, the effects of various parameters on the spreading angle of a
fuel jet through their effect on turbulent transport are complex and not understood
as yet. As a result, experimentally measured spreading angles are needed for the
penetration scaling law. However, neither a standard measurement technique nor
a commonly accepted definition exists for spreading angle. For the orifices and
the conditions discussed in this chapter, the mean outer boundary angles were
measured for non-vaporizing and vaporizing fuel jets. The outer boundary angles
were measured with a schlieren/extinction diagnostic [1, 30]. The spreading angles
measured were the angles of the quasisteady portion of the fuel jet, i.e., the upstream
80-90% of the fuel jet. This region of the fuel jet is responsible for the majority of
the air entrainment. Use of the spreading angle for the quasisteady region is there-
fore consistent with the development of the scaling law.

The tangent of the outer boundary angles measured for the orifices considered in
this work were found to be correlated by the empirical relationship [30]:

0.19
tan(6/2) = c; - ((p—“> —e p—f>. (5.22)

of Pa

The constant ¢; in Eq. (5.22) is orifice dependent. So far, values for ¢; have been
found in the range from 0.26 to 0.40 for different orifices [1, 30]. The constant ¢,
has a value of zero for non-vaporizing fuel jets and 0.0043 for vaporizing fuel jets.

The measured mean outer boundary spreading angle for a real fuel jet given by
Eq. (5.22) is approximately related to the spreading angle of the model fuel jet («)
in Fig. 5.1 by a constant [1]:

tan(ee/2) = a - tan(6/2) (5.23)

The recommended value for the constant a in Eq. (5.23) is 0.75. (This value is
higher than the previous recommendation for a of 0.66 in Ref. [1]. The reason for
this change is discussed later).

The value for a in Eq. (5.23) can be derived by two methods. The first method
is empirical and involves a best fit of Eq. (5.1) to the experimentally measured
penetration and spreading angle data, which results in the value of 0.75 for a. The
second method involves developing a relationship between the spreading angle of
the model fuel jet and a real fuel jet by equating the density, the mass flux, and the
momentum flux in the model and the real fuel jets [1]. The second method requires
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knowledge of typical radial velocity and fuel concentration profiles in a fuel jet, but
no prior knowledge of fuel jet penetration or spreading angles. This later approach
was presented in Ref. [1] and resulted in values of a in the far-field of a fuel jet
(where the spreading angle is important for penetration) that varied from 0.75 to
0.71 as § varied from of one to infinity. An average value for a based on the second
method is 0.73, which is in close agreement with the empirically derived value of
0.75.

The variation in a with axial distance indicated by the second method of deter-
mining a in the previous paragraph suggests that the spreading angle of the model
fuel jet and the real fuel jet are not exactly related by a constant as is assumed in
Eq. (5.23). However, in the far-field region where the spreading angle is important
to penetration, the variation in a noted (0.75 to 0.71) has less than a three percent
effect on the penetration, making the use of a constant value for a reasonable. The
magnitude of the effect of the variation in a on penetration is considerably less than
the experimental repeatability noted in typical fuel jet penetration data. The impor-
tance of the second method for estimating a is that it shows that a scaling law for
fuel jet penetration (for a top-hat injection rate profile) that agrees with measured
penetration data to within a few percent can be developed from conservation of
mass and momentum considerations, without any prior knowledge of experimental
penetration and spreading angle data.

Use of spreading angles measured by others in the penetration scaling law must
be approached cautiously in light of the discussion in the previous paragraphs. For
example, spreading angles that include the transient tip of the fuel jet in their deter-
mination should not be used in the scaling law. Including the transient tip in the
measurement of the spreading angle generally results in spreading angles that are
dominated by changes in the width of the transient tip region that occur as the jet
develops. These temporal changes in the transient tip have little relationship to the
air entrainment occurring in the quasisteady region of the fuel jet, which accounts
for most of the air entrainment at any instant in time.

In addition, spray dispersion angles determined from atomization theory should
not be used in the penetration scaling law. Atomization theory gives the dispersion
angle of liquid droplets formed during breakup of an initial intact liquid core. This
theory predicts a square-root dependence of the liquid-phase fuel dispersion angle
on the ratio of the ambient gas and the fuel densities for diesel-like conditions [3].
The atomization based dispersion angles, however, are not directly related to the
amount of air entrained into a fuel jet. At most, these angles are relevant in the
first few millimeters near the injector orifice for current high-pressure DI diesel
injectors. For high injection pressure conditions, research suggests significant intact
liquid core lengths do not exist (e.g., [3, 16, 31]) and that dynamic equilibrium
between the liquid and gas phases in a fuel jet is approached even in the near injector
region [30].

As previously mentioned in the discussion following Eq. (5.23), the new value
of 0.75 recommended for a in Eq. (5.23) is higher than the previous value of 0.66
recommended in Ref. [1]. The new recommendation results from new measurements
of C, for the orifices used in Ref. [1] made with an improved technique [30]. The



266 D.L. Siebers

new values for C, for the three orifices used in Ref. [1], which had minimum diam-
eters of 185, 241, and 330 wm, are 0.76, 0.74, and 0.69, respective:ly.1 These values
apply for an injection pressure difference across the injector orifice of 140 MPa (see
Ref. [30] for injection pressure effects on C,). The corresponding values for Cq for
each orifice based on the orifice minimum diameter for the three orifices in Ref. [1]
are 0.65, 0.71, and 0.65, respectively.

5.2.3 Comparison with Non-Vaporizing Penetration Data

The fuel jet penetration scaling law is compared with penetration data measured
for non-vaporizing fuel jets in terms of dimensionless time and distance in Fig. 5.2.
Data are shown for a wide range of conditions that include: ambient gas densities
from 3.6 to 196 kg/m?, injection pressures from 75 to 160 MPa, fuel temperatures
from 300 to 450 K, and three orifice diameters: 185, 241, and 330 wm.

Orifice area contraction coefficients (C,) and discharge coefficients (Cy) for the
three orifices used in acquiring the data were given in the previous section, Section
5.2.2. The velocity coefficient (C,) for each orifice is given by the relationship

Penetration scaling law — Eq. (5.1)
—--—- Near-field (short-time) limit — Eq. (5.9)
=== Far-field (long-time) limit —Eq. (5.11)

Fig. 5.2 A comparison of the

measured non-vaporizing fuel w
jet penetration data (the

symbols) and the penetration 1
scaling law given by Eq. (5.1)

(the light gray curve) in

dimensionless coordinates.

The broken lines are the

short-time and long-time

limi.ts of the penetration 0-10_ 1 1 10 100 1000
scaling law given by ~

Egs. (5.9) and (5.11) t

! Manufacturing techniques for orifices typically generate orifices with a slight taper in their diam-
eter from inlet to outlet. The minimum diameter and the diameter at the orifice exit were reported
for the three orifices in Ref. [1]. The orifice coefficients reported in Ref. [1] were based on the
exit diameter, the larger of the two diameters. However, it does not matter which of the two diam-
eters is used in the scaling law, as long as the measured orifice coefficients are defined based on
the diameter that is used. The new C,’s reported here are based on the minimum diameter. The
change to coefficients based on the minimum diameter was done for consistency with publications
after Ref. [1] and all following discussions in this chapter. All orifice diameters cited in following
discussions are minimum diameters, and the orifice coefficients are those based on the minimum
diameters.
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Cq=C,-C,. Spreading angles needed in the scaling law were determined with
Egs. (5.22) and (5.23), where the value used for a in Eq. (5.23) was the new value
of 0.75 and the constant c; in Eq. (5.22) for the 185, 241, and 330-pm orifices
were 0.31, 0.31, and 0.4, respectively [1]. [The constant ¢, in Eq. (5.22) is O for the
non-vaporizing conditions of Fig. 5.2].

Figure 5.2 shows that there is excellent agreement between the scaling law
and non-vaporizing fuel jet penetration data. (Approximately 2000 data points are
shown.) In general, the experimental data fall within £9% (4+20) of the scaling
law. The agreement is comparable to the =7% (£20) repeatability noted in the
penetration data for any given set of conditions [1]. With the new value of 0.75 used
for a, even the slight systematic 8% deviation of the data above the scaling law near
a 7=1 noted in Ref. [1] no longer exists. Previously the deviation was thought to
be caused by velocity slip between the liquid and gas phases in this near-injector
region of the fuel jet. However, the revised fit shown in Fig. 5.2 suggests that this is
not a significant factor for the conditions of the experiments.

5.2.4 Effects of Vaporization and Combustion on Penetration

Figure 5.3 compares fuel jet penetration data acquired under vaporizing, but non-
combusting conditions, with the penetration predicted by the scaling law given
by Eq. (5.1). Combustion was inhibited by having no oxygen in the ambient gas
[1]. The orifice diameter, the pressure drop across the orifice, and the ambient-
gas density were 241 wm, 137 MPa, and 1000 K for the data shown. The ambient
temperature is representative of the top-dead-center temperature in a diesel engine.

The comparison in Fig. 5.3 shows that fuel vaporization slows penetration rela-
tive to non-vaporizing fuel jets, with the effect being most apparent at the lower
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Fig. 5.4 A comparison between the vaporizing fuel jet penetration data (the symbols) and the
penetration scaling law given by Eq. (5.1) (the gray curve) in dimensionless coordinates

density conditions. The reduction is as much as 20% at these lower density condi-
tions. At higher gas densities the effect becomes significantly less noticeable.

Figure 5.4 shows a comparison of the vaporizing fuel jet penetration data with
the scaling law in terms of dimensionless coordinates. Fuel jet spreading angles
measured for vaporizing fuel jets were used in the scaling law [c;=0.0043 in
Eq. (5.22)]. The data shown in Fig. 5.4 were taken for ambient gas densities from
3.3 to 59 kg/m?, injection pressures from 75 to 160 MPa, the three orifices discussed
with Fig. 5.2, and an ambient gas temperature of 1000 K.

Figure 5.4 shows that the data are very well correlated in the dimensionless coor-
dinates. The correlation of the data is as good as that noted for the non-vaporizing
data in Fig. 5.3. The only significant difference between the data and the scaling law
is that the data fall below the scaling law in the range of 7 between 1 and 20, which
corresponds to a range of S between 0.7 and 5.0. The difference is the result of the
slower penetration noted in Fig. 5.3. The peak deviation is about 15-20% and occurs
around a 7 of 3 or an S of 1.5. The region where the vaporizing fuel jet deviates
most from scaling law corresponds to the general region where fuel vaporization is
complete and the liquid length establishes for typical engine conditions [30]. After
the fuel jet penetrates beyond the liquid length, the impact of vaporization on the
fuel jet tip penetration begins to fade.

The effect of vaporization on fuel jet penetration noted in Figs. 5.3 and 5.4 is
most likely the result of a combination of competing effects caused by cooling of
entrained air by the vaporization process. The cooling results in an overall higher
density mixture in the fuel jet relative to a non-vaporizing fuel jet for the same
ambient density. Based on conservation of jet momentum, a higher overall density in
the fuel jet will result in a slower penetration velocity. A competing effect, however,
is that air entrainment is likely to be reduced by vaporization, thus resulting in a
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slower deceleration of the fuel jet, i.e., faster penetration. Vaporization reduced air
entrainment is suggested by the reduced spreading angles measured for vaporizing
fuel jets [see Eq. (5.22)].2 Since Figs. 5.3 and 5.4 show that the fuel jet penetration
slows as a result of vaporization, the dominant effect appears to be the reduction in
penetration speed due to an overall higher density in the fuel jet and conservation of
momentum.

Figure 5.5 compares fuel jet penetration data (the symbols) acquired under
combusting conditions with the data from Fig. 5.3 acquired under vaporizing, non-
combusting conditions. The vaporizing data are represented by the curves which are
best fits of a function of the form of Eq. (5.1) to the vaporizing data in Fig. 5.3. The
combusting penetration data (previously unpublished) were analyzed in a manner
similar to that described in Ref. [1] for non-vaporizing and vaporizing fuel jets. The
ambient-gas temperature for all the data in Fig. 5.5 was 1000 K.

The comparison in Fig. 5.5 shows that the effects of combustion depend on
ambient gas density. For the lowest two density conditions, the penetration data
agree with the vaporizing only penetration data. The agreement results because
ignition does not occur until after the fuel jet has penetrated to beyond 100 mm,
the extent of the penetration data shown. For the higher three density conditions,
however, the combusting fuel jets penetrate faster than the vaporizing fuel jets
after an initial period during which they follow each other. For the 13.9, 28.6 and
58.6 kg/m* conditions, the deviation of the combusting fuel jet penetration data from
the vaporizing fuel jet penetration data begins at about 1.2, 0.45 and 0.3 ms, respec-
tively. The time at which the deviation from a vaporizing fuel jet begins occurs

120 T e T
100 [ ]
Fig. 5.5 Measured 80 [ ]
penetration data as a function
of time for combusting fuel B
jets (the symbols). The curves E 60 71
(%)

are fits to the vaporizing fuel
jet penetration data shown in 40 [
Fig. 5.3 for each respective [

ambient-gas density. The

orifice diameter, the pressure 20 N ]
drop across the injector [

orifice, and the ambient-gas ol M, 0 b b L 11
temperature are the same as -05 00 05 1.0 1.5 20 25 30
for Fig. 5.3 t[ms]

2 Note that some of the reduction in spreading angle for a vaporizing fuel jet may simply be due
to a contraction of the fuel jet as a result of cooling of the entrained hot air by fuel vaporization.
(The volume decrease resulting from contraction of entrained air as it cools is estimated to be
significantly greater than the volume increase resulting from the vaporization of the fuel.)
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progressively closer to the time of ignition as density increases. The times of ignition
for the three densities were 0.6, 0.35 and 0.25 ms, respectively. Conditions at other
temperatures, densities, and injection pressures showed similar trends. The results
indicate that a fuel jet behaves like a vaporizing fuel jet until combustion begins.
Once combustion begins, the fuel jet penetration in the region of the fuel jet that is
burning decelerates less rapidly, and as a result penetrates further in the same time.

Figure 5.6 shows a comparison of the combusting fuel jet penetration data (the
symbols) along with the scaling law for non-vaporizing fuel jets [Eq. (5.1) — the
solid curve] in terms of dimensionless coordinates. The data shown in Fig. 5.6 were
taken for the same range of conditions as the data in Fig. 5.4, except in an ambient
gas with 21% oxygen (by volume). The spreading angle used in the length and
time scales in Fig. 5.6 are those measured for the vaporizing fuel jets at the same
ambient gas density and temperature. (Spreading angles for combusting fuel jets
are not used because they are difficult to define and are less directly related to air
entrainment. Much of the increase in spreading noted when combustion occurs is
due to the dilatation from heat release. Research on atmospheric pressure gas jets
shows that combustion actually decreases the entrainment of air into a jet by as
much as a factor of 2.5. [19]).

The data in Fig. 5.6 confirm the observations from Fig. 5.5. Namely, the fuel
jet penetration is initially slowed by vaporization, causing the penetration to be less
than for a non-vaporizing fuel jet. However, after ignition occurs and combustion
begins, the fuel jet decelerates less rapidly and ends up penetrating faster than a
non-vaporizing fuel jet. Since ignition varies widely with conditions, the exact time
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Fig. 5.6 A comparison of the combusting fuel jet penetration data (the symbols) and the penetration
scaling law given by Eq. (5.1) (the gray curve) in dimensionless coordinates. The conditions are
the same as for Fig. 5.4 except that the ambient gas has 21% (by volume) oxygen, allowing ignition
and combustion to occur
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at which combustion begins to play a role varies with conditions. For the data in
Fig. 5.6, ignition typically occurs after a 7 of approximately 20. As a result, as 7
becomes larger than 30, the fuel jet begins to have a longer penetration distance than
a non-vaporizing fuel jet on average for the data shown. Ultimately, the combusting
fuel jet can penetrate as much as 20% further than a non-vaporizing fuel jet in the
same time. The trends in Fig. 5.6 therefore suggest that the penetration scaling
law derived for a non-vaporizing fuel jet is accurate to approximately +20% for
a burning fuel jet. (Note: the trends also suggest that an accuracy of +20%, at best,
applies for any fuel jet penetration correlation applied to a burning fuel jet if it does
not directly account for combustion and vaporization effects.)

Based on the flame heights measured for burning fuel jets [32], combustion is
expected to be completed by an S of approximately 16, which corresponds to a 7of
270. For 7 larger than 270, the percentage difference between the combusting fuel
jet and the scaling law for a non-vaporizing fuel jet should begin to decrease since
combustion is complete.

Vaporization effects on penetration observed in Figs. 5.3-5.6, which occur near
the injector, will play a role in fuel jet penetration (up to the piston bowl wall)
in engines. Exactly how significant the combustion effects shown in Figs. 5.5 and
5.6 are in an engine will depend on when ignition occurs, the parameters in the
characteristic length and time scales [Egs. (5.4) and (5.5)], and the distance from
the injector to the piston bowl wall (i.e., the maximum penetration distance prior
to wall impingement). For a typical moderate-density condition in an engine with
a 50 mm distance between the injector and the piston bowl wall, estimates indicate
that 7 will be about 35 when the fuel jet hits the wall. Comparison of Figs. 5.4 and
5.6 indicates that at this time the combusting fuel jet will have penetrated as much
as 10% further than a vaporizing fuel jet on average, but have about the same pene-
tration as a non-vaporizing fuel jet. For larger piston bowls (i.e., larger engines) or
higher density conditions, the effects of combustion on penetration up to the piston
bowl wall should become more significant. For smaller piston bowls (i.e., smaller
engines) or lower densities, the difference between the penetration of a combusting
fuel jet and a vaporizing fuel jet up to the piston bowl wall should become less
significant.

The effects of combustion on penetration noted in Figs. 5.5 and 5.6 are the result
of at least two factors. First, the average density in the fuel jet should decrease when
heat release occurs, resulting in a faster penetration rate based on conservation of
jet momentum. Second, as previously mentioned, heat release has been found to
significantly decrease air entrainment into atmospheric pressure, combusting gas
jets [19]. A similar decrease in air entrainment at diesel-like conditions due to heat
release will result in faster penetration, due to less mass in the fuel jet and conser-
vation of jet momentum. A decrease in the ambient gas entrainment rate with heat
release is supported by Eq. (5.19). Heat release in a diesel fuel jet occurs largely
at the periphery of the jet [33, 34]. Heat release at the periphery will decrease the
density at the periphery and effectively act like a reduction in ambient gas density,
which Eq. (5.19) suggests will result in a reduction in air entrainment.



272 D.L. Siebers
5.2.5 Comparisons with Other Penetration Correlations

A comparison of fuel jet penetration scaling law given by Eq. (5.1) to a large
number of other penetration correlations in the literature was made in Ref. [1]. This
was accomplished by comparing the penetration dependence on the major param-
eters noted by various researchers to those predicted by Eq. (5.1). The comparison
suggested that a large portion of the differences in penetration predicted by various
correlations (as noted by Hay and Jones [4] and others) can be traced to not
accounting for the near-field and far-field (i.e., short-time and long-time) differ-
ences in the penetration characteristics of fuel jets reflected in Eqgs. (5.9) and (5.11).
Extrapolation of correlations that do not account for the near-field and far-field
differences in penetration to conditions outside the data range on which they are
based can easily result in the large differences noted in penetration predicted by
various correlations.

Detailed comparisons to two specific fuel jet penetration correlations widely
cited in text books (e.g., [3, 35, 36, 37]), one by Hiroyasu and Arai [5] and one
by Dent [8], were also made in Ref. [1]. As mentioned previously, Hiroyasu and
Arai recognized the need to take into account differences in fuel jet penetration in
the near-field and the far-field. Their recommended penetration correlations for the
near-field and far-field are similar to the near-field and far-field limits of Eq. (5.1),
given by Egs. (5.10) and (5.12), respectively. In the near-field, their correlation is the
same as Eq. (5.10), except for the appearance of a constant with a value of 0.39 in
place of the orifice dependent velocity coefficient (C,), which typically has a value
greater than 0.85 [30]. The difference between typical values for C, and the constant
of 0.39 cited by Hiroyasu and Arai is most likely the result of an injection rate
profile with a more gradual initial increase than the top-hat profile used in Ref. [1].
Penetration data acquired with a more gradual increase in the initial injection rate
would effectively give the appearance of a smaller Cy.

In the far-field, the penetration correlation developed by Hiroyasu and Arai has
the same dependencies on orifice diameter, fuel pressure drop across the orifice,
and time as shown by the far-field limit of Eq. (5.1), i.e., Eq. (5.12). However, their
correlation lacks the spreading angle and the orifice coefficient terms present in
Eq. (5.12). Given the spreading angle dependence on the ambient gas density and
the fuel density shown in Eq. (5.22), the net result is that the far-field correlation of
Hiroyasu and Arai has different overall dependencies on the ambient gas and fuel
densities than shown by Eq. (5.12).

Dent’s [8] penetration correlation, which does not account for differences in the
near-field and far-field penetration, is similar to Hiroyasu and Arai’s far-field corre-
lation, and therefore, has similar differences with Eq. (5.12) as noted for Hiroyasu
and Arai’s correlation. Dent’s correlation does have a temperature term, but this term
does not account for the effects of fuel vaporization or combustion on penetration
noted in the results presented in Figs. 5.3-5.6.

An additional difference between the penetration scaling law given by Eq. (5.1)
and the penetration correlation of Hiroyasu and Arai is the interpretation placed
on the transition between the near-field and the far-field. The development of the
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scaling law suggests the transition occurs when the entrained air mass in the fuel
jet becomes greater than the injected fuel mass, as discussed in conjunction with
Egs. (5.14) and (5.15). Hiroyasu and Arai interpret the transition as a “breakup
time” corresponding to the time when the intact core is completely atomized.
However, research suggests that for current DI diesel injection pressures, a fuel jet
will breakup very near the injector orifice (e.g., [3, 16]), and possibly even start
breaking up within the orifice as a result of cavitation [31].

5.2.6 Application of the Penetration Scaling Law

The penetration scaling law given by Eq. (5.1) is most useful (a) for the under-
standing it provides regarding the physical processes and the parameters that control
fuel penetration, (b) for assessing the relative effects of various parameters on
penetration, and (c) for the simplified, well characterized baseline it provides for
comparing with computational models being developed to simulate diesel combus-
tion processes. The penetration scaling law can also be used to approximate fuel
jet penetration in an engine if the limitations imposed by the development of the
scaling law and their potential impact on penetration predictions are considered.
This later statement is true of any penetration correlation in the literature. Not taking
into account the limitations often leads to confusion when comparing correlations
developed with data acquired under significantly different conditions, for example,
with significantly different injection rate profiles or orifice flows.

The fuel jet penetration scaling law given by Eq. (5.1) is most directly appli-
cable to a non-vaporizing fuel jet generated by an injector with a top-hat or near
top-hat injection profile, and an orifice flow that does not have a significant radial
asymmetry or azimuthal flow (i.e. the jet momentum is predominantly axial at the
orifice exit). When applying the scaling law to combusting and vaporizing fuel jets,
Figs. 5.3-5.6 show that the accuracy of the scaling law will be limited to about
+20%. For a vaporizing fuel jet the penetration will be over-predicted by as much
as 20%. For a combusting fuel jet, the initial penetration will be over-predicted
by as much as 20%, but after ignition, the fuel jet penetration in the far-field will
accelerate and eventually be under-predicted by as much as 20%. For injections with
a non-top-hat injection rate profile, the accuracy of any prediction will depend on
the degree of rate-shaping in the injection rate profile and the average pressure used
to represent the actual time-varying injection pressure. As the rate-shape begins to
diverge significantly from a top-hat profile, the transient penetration profile will
begin to differ from that predicted by Eq. (5.1).

Use of the scaling law to predict penetration also requires knowledge of orifice
flow coefficients and fuel jet spreading angles. When only a discharge coefficient,
Cyq, is known, it is recommended that C, and C, be replaced by the square-root
of C4. This approximation equally apportions the discharge coefficient effects to
C, and C, and is consistent with the fact that Cy is the product C, and C,. For
conditions where the spreading angle is unknown, the average spreading angle
dependence on the ambient gas to fuel density ratio measured in Refs. [1, 30] is
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recommended [i.e., ¢; 0.3 in Eq. (5.22)]. If some penetration data is available for
a particular injector, but not the spreading angle data, it is also possible to “best
fit” the scaling law to the available penetration data by adjusting the constant ¢; in
Eq. (5.22).

5.3 Liquid-Phase Fuel Penetration

Liquid-phase fuel penetration and vaporization are important factors in the DI diesel
engine combustion processes. Penetration of the fuel is needed to promote fuel—
air mixing as mentioned in the previous section, however, over-penetration of the
liquid-phase fuel can lead to higher emissions if the liquid fuel impinges and collects
on piston bowl walls. The effects of a wide range of parameters on the maximum
extent of liquid-phase fuel penetration in diesel fuel jets have been examined with
the goal of identifying the parameters and the processes that control fuel vaporiza-
tion and liquid-phase fuel penetration [2, 30, 38]. Parameters varied in the investi-
gations included: injection pressure, orifice diameter and aspect ratio, ambient gas
temperature and density, and fuel temperature and volatility. The fuels considered
included cetane, heptamethylnonane (HMN), and a #2 diesel fuel (DF2) [2, 30], as
well as several alternative diesel fuels and gasolines [38].

The maximum penetration distance of the liquid-phase fuel is referred to as the
“liquid length.” The liquid length occurs at a location where the total fuel vaporiza-
tion rate (between the orifice and the liquid length) equals the fuel injection rate.
Time-averaged images of Mie-scattered light from the liquid-phase fuel in diesel
fuel jets, such as those shown in Fig. 5.7, were used to determine the quasi-steady
mean liquid lengths. Each image in Fig. 5.7 was acquired at a different ambient
gas density with all other parameters held fixed. The light region in each image is
Mie-scattered light from the liquid-phase fuel in the diesel fuel jet. The fuel was

p,=7.3 kg/m3
Fig. 5.7 Time-averaged, || —SS
Mie-scattered light images of
three vaporizing fuel jets Liquid length =50.5 mm
injected from left to right into
the ambient gas density given 14.8 kg/m3
in the upper left corner of

each image. The liquid | ——————

lengths determined from each
image are given in the
lower-right corner. The
orifice pressure drop and 30.2 kg/m3
diameter, the ambient-gas
temperature, the fuel | ——
temperature, and the fuel
were 135 MPa, 246 pum,
1000 K, 438 K and DF2
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injected from left to right from an injector orifice located at the left edge of each
image. The liquid length is determined from the images of Mie-scattered light by
defining a threshold light intensity and then determining the maximum axial extent
of the fuel jet with a scattered light intensity above the threshold intensity [2]. The
liquid lengths for the three images in Fig. 5.7 are given in the lower right corner of
each image.

The first part of this section presents trends observed in the liquid length data with
respect to various engine parameters. In the second part, a scaling law developed by
Siebers [30] for liquid length is presented and compared with the liquid length data.

5.3.1 Effects of In-cylinder and Injector Parameters

Two of the major trends observed in the liquid length data are shown in Figs. 5.8
and 5.9. Figure 5.8 shows that the liquid length has a linear dependence on orifice
diameter, decreasing as the orifice diameter decreases for all conditions examined.
Figure 5.9 shows that the liquid length is independent of the pressure drop across
the injector orifice for all conditions. (The measured data are the solid gray symbols.
The open symbols and lines through them in the figures are derived from a liquid
length scaling law discussed in the next section.) The lack any dependence on the
injection pressure drop across the orifice was previously noted by Kamimoto et al.
[39] and Yeh et al. [40].

The results in Fig. 5.8 are important for the small-bore engines currently being
developed for automotive applications, since liquid fuel impingement on piston
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Fig. 5.8 Liquid length versus orifice diameter for a wide range of conditions. Measured data are
given by the solid gray symbols. The open symbols are predictions made using the liquid length
scaling law, Eq. (5.24). The lines are least-squares fits to the scaling law predictions for each set
of conditions given in the legend. The aspect ratio of the orifices and the fuel temperature were 4.2
and 438 K
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Fig. 5.9 Liquid length versus orifice pressure drop for a wide range of conditions. Measured data
are given by the solid gray symbols. The open symbols are predictions made using the liquid length
scaling law, Eq. (5.24). The lines are least-squares fits to the scaling law predictions for each set
of conditions given in the legend. The aspect ratio of the orifices and the fuel temperature were 4.2
and 438 K

bowl walls is a concern in these engines. Figure 5.8 indicates that the smaller orifice
sizes used in small-bore engines will help mitigate liquid impingement on piston
bowl walls. Also, Fig. 5.9 indicates that the current trend toward higher injection
pressures in diesel engines for emissions control does not by itself increase the
likelihood of liquid impingement on piston bowl walls.

Figures 5.10 and 5.11 show the effects of ambient gas temperature and density
on liquid length for two single-component, diesel-like fuels. The data points in
Fig. 5.10 represent liquid lengths measured for heptamethylnonane (HMN), while in
Fig. 5.11 they represent liquid lengths measured for cetane. The gray region in each
figure shows the range of liquid lengths expected in engines for each fuel. (As in
Figs. 5.8 and 5.9, the curves through the data points are derived from a liquid length
scaling law discussed in the next section.) The results show that the liquid length
decreases in a strong non-linear manner with increasing density or temperature for
each fuel, similar to trends observed in an engine over a narrower range of conditions
[41]. The decrease in liquid length with increasing density and temperature is due
to factors such as increased air entrainment with increasing density, the increased
energy content of higher temperature air, and the temperature and pressure depen-
dent thermodynamic properties of the fuels [30].

Cross-comparison of the liquid lengths for each of the fuels in Figs. 5.10 and 5.11
also shows that liquid length is longer for cetane, the lower volatility fuel of the two
fuels. (Cetane has a 40K higher atmospheric pressure boiling point than HMN.)
The differences due to fuel volatility are most pronounced at the lower tempera-
ture conditions (i.e., cold start and light load engine conditions). The effects of fuel
volatility on liquid length were explored for a wider range of fuels by Higgins et al.
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Fig. 5.10 Liquid lengths for HMN as a function of ambient-gas temperature for five ambient-gas
densities. The symbols are measured data. The curves are predictions made with the liquid length
scaling law, Eq. (5.24). The orifice pressure drop, the orifice diameter, and the fuel temperature
were 136 MPa, 246 wm, and 438 K. The light gray region represents the range of liquid lengths

expected for representative of TDC conditions in light- and heavy-duty DI diesels

[38] and Canaan et al. [42]. Both of these works showed that for diesel-like fuels
there is a linear decrease in liquid length with decreasing boiling point tempera-
ture for a single component fuel or decreasing temperature at the 90% point on the
distillation curve for a multi-component fuel. However, when a much wider range
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Fig. 5.11 Liquid lengths for cetane as a function of ambient-gas temperature for five ambient gas
densities. The symbols are measured data. The curves are predictions made with the liquid length
scaling law, Eq. (5.24). See Fig. 5.10 for the experimental conditions and the definition of the light
gray region
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of fuels that included methanol, gasolines, and biodiesel was considered, the linear
relationship with volatility (as measured by boiling point or distillation tempera-
tures) no longer held [38]. Methanol, for example was found to have liquid lengths
close to those measured for a diesel fuel. The relatively long liquid lengths for the
high volatility methanol resulted from the high heat of vaporization of methanol.
Because of methanol’s high heat of vaporization, almost as much energy is required
to vaporize methanol as is required to vaporize DF2 when starting from the same
initial fuel temperature. This means nearly the same length of the fuel jet will be
required to entrain enough energy to vaporize either DF2 or methanol (i.e., the two
fuels will have nearly the same liquid length).

5.3.2 Liquid Length Scaling Law

The liquid length trends with respect to orifice diameter in Fig. 5.8 and orifice
pressure drop in Fig. 5.9 suggest that the vaporization process in a DI diesel fuel
jet is mixing-limited, i.e., that fuel jet entrainment and mixing processes, and
not transport processes at droplet surfaces, control or limit vaporization [2, 30].
Assuming mixing-limited vaporization, the liquid-phase fuel will be completely
vaporized at an axial distance where the total hot air entrained contains enough
energy to vaporize the injected fuel. The quantity of fuel injected is proportional
to the injection velocity (i.e., the square-root of the orifice pressure drop) and the
orifice diameter squared, while the total air entrained by a fuel jet up to any axial
location is directly proportional to the axial distance, the orifice diameter, and the
injection velocity [30]. These dependencies indicate that to vaporize the additional
fuel injected through a larger orifice diameter, the axial distance needed to entrain
enough hot air to vaporize the fuel must increase in proportion to an increase in
orifice diameter, thus resulting in the linear increase in liquid length with increasing
orifice diameter noted in Fig. 5.8. With respect to injection velocity, the dependen-
cies mean that equal increases in the total amount of air entrained up to any axial
location and the fuel injection rate occur with an increase in injection velocity. As
a result, no net change in the axial distance required to entrain enough hot air to
vaporize the fuel will occur with a change in injection velocity. The result is no
change in the liquid length with a change in injection velocity (i.e., orifice pressure
drop), as noted in Fig. 5.9, just faster fuel vaporization that compensates for a higher
fuel injection rate. If on the other hand transport processes at droplet surfaces are
assumed to limit vaporization, instead of the overall fuel jet entrainment and mixing
processes, no similar simple explanation for the trends in Figs. 5.8 and 5.9 can be
developed [2].

A scaling law for liquid-phase fuel penetration can be derived based on the
concept of mixing-limited vaporization by considering an energy balance for the
model fuel jet in Fig. 5.1 in addition to the mass and momentum balances used
to determine the penetration scaling law for the fuel jet tip, Eq. (5.1). The mass,
momentum, and energy balances are used to solve for the axial location at which
enough energy has been entrained into the fuel jet to vaporize the fuel, i.e., the
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liquid length. The development is presented in detail in Ref. [30]. Three important
approximating assumptions made in addition to those already discussed with the
development of the fuel jet tip penetration scaling law, Eq. (5.1), are that saturated
conditions exist at the liquid length, that idealized phase equilibrium can be applied,
and that the form of the equation for air entrainment rate given by Eq. (5.16) for
non-vaporizing fuel jets applies for vaporizing fuel jets. The agreement that will be
shown between the form of the liquid length scaling law developed and the measured
liquid length data will suggest that the additional assumptions are reasonable, or at
least closely approached.

The resulting liquid-phase fuel penetration scaling law is given in dimensionless
form by [30]:

3 2 2
L =047- _ 41 — 1. 24
0 /(B(Ta, P Ty ) (>-24)

The term L in Eq. (5.24) is the liquid length L normalized by x* defined by Eq. (5.5).
The constant, 0.47, in Eq. (5.24) was derived from a best fit of the liquid length
scaling law to all the liquid length data acquired.?

The term B in Eq. (5.24) is derived from the energy balance on the fuel jet and
an equation of state. For single component fuels, B is given by:

Za(TYv Pa_Px)'Pfo _ ha(Ta» Pa)_ha(Tsa Pa_Ps)

Zf(Tsts)'[Pa_Ps]'Mu - hf(Ts)_hf(Tf’Pa)
(5.25)

B(Taa PLla Tf) =

Equation (5.25) is an implicit equation for the saturated fuel/ambient-gas mixture
temperature, Ty, at the liquid length in terms of the fuel and ambient gas properties
and the initial fuel and ambient gas conditions. The temperature 7, in Eq. (5.25) is
the ambient gas temperature. The pressures P, and P, are the ambient gas pressure
and the saturation (i.e., partial) pressure of the fuel at the liquid length, respectively.
This implies that the partial pressure of the entrained ambient gas in the fuel jet
is given by P,—P,. Since the fuel is at saturated conditions at the liquid length,
the saturation temperature Ty is related to the partial pressure of the vapor fuel, Pg,
through the saturation pressure-temperature relationship for a given fuel. The terms
hy and h, and My and M, refer to the specific enthalpies and the molecular weights
of the fuel and ambient gas, respectively, while Z; and Z, are the compressibilities of
the vapor-phase fuel and the ambient gas at saturated conditions, respectively. The

3 Note that the value of the constant in Eq. (5.24), 0.47, is different than the value of 0.41 originally
recommended in Ref. [30]. The change is required by the change in the constant a in Eq. (5.23),
which appears in Eq. (5.24) through the normalization of L by x*. The change in the value of the
constant in Eq. (5.24) is proportional to the change recommended in a in Eq. (5.23), and therefore,
cancels out the effect of the change in a in Eq. (5.23) on the liquid length scaling law. The net
result is that there is no change in liquid lengths predicted with Eq. (5.24) and the same agreement
between Eq. (5.24) and the experimental data previously noted in Ref. [30] is obtained.
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fuel at the orifice exit is assumed to be at the injector tip temperature, Ty, and the
ambient pressure, P,,.

The enthalpy difference in the numerator on the right side of Eq. (5.25) is the
specific enthalpy transferred from the entrained ambient gas to heat and vaporize the
fuel. The enthalpy difference in the denominator is the specific enthalpy required to
heat and vaporize the liquid fuel.

The method for determining a liquid length from the scaling law is to iteratively
solve Eq. (5.25) for T, which defines B for a given set of conditions. The values for
B derived from Eq. (5.25) and x* from Eq. (5.5) can then be used into Eq. (5.24)
to determine the liquid length, L. The detailed temperature and pressure dependent
thermodynamic properties for single component fuels, such as HMN and cetane,
and the ambient gas were obtained from the API [43] and DIPPR [44] databases as
discussed in Ref. [30].

Figure 5.12 shows the comparison between Eq. (5.24) and all the measured liquid
length data for cetane and HMN from Ref. [1] for all conditions considered. The
data points in the figure are the measured liquid lengths normalized by x* (symbols)
plotted versus the value for B determined from Eq. (5.25) for each set of conditions
examined for HMN and cetane. The conditions included in the figure cover ambient
gas temperatures and densities from 700 to 1300 K and 3.3 to 60kg/m?, injection
pressures from 40 to 190 MPa, orifice diameters from 100 to 500 pm, orifice aspect
ratios from 2 to 8, and fuel temperatures from 375 to 440 K. A total of seventy data

W\ < Cetane
) O HMN
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Fig. 5.12 A comparison of the liquid length scaling law given by Eq. (5.24) (the solid curve) and
all the liquid lengths measured for cetane and HMN in dimensionless coordinates (L versus B). The
conditions included in the figure cover ambient-gas temperatures and densities from 700 to 1300 K
and 3.3 to 60 kg/m?, injection pressures from 40 to 190 MPa, orifice diameters from 100 to 500 wm,
orifice aspect ratios from 2 to 8, and fuel temperatures from 375 to 440 K. The band between the
dashed lines represents £2¢ in the difference between the scaling law and the experimental data
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points are included in the figure (each the average of several measurements [2, 30]).
The solid curve in the figure is the liquid length scaling law given by Eq. (5.24).

Figure 5.12 shows that there is close agreement between the scaling law and
the measured data over the range of conditions considered. The standard devi-
ation between the scaling law and all the measured liquid lengths is £4%. The
dashed lines in Fig. 5.12 represent a band of +8% (or +20). The data points
falling outside of the +8% band (generally on the low side) are for the extreme
low temperature-density conditions and the highest density conditions of the exper-
iment [30]. The close agreement between the trends predicted by the scaling law and
those observed in the data is also visible in physical coordinates in Figs. 5.8-5.11.
The lines and curves in those figures give the liquid length trends predicted by the
scaling law. Agreement similar to that shown in Figs. 5.10 and 5.11 for cetane and
HMN was also found for methanol, a very high volatility fuel.

5.4 Flame Lift-Off

After autoignition, the free portion of a DI diesel fuel jet (i.e., the portion between
the injector and the piston bowl wall) burns in a lifted, turbulent diffusion flame
mode. The lifted, turbulent diffusion flame mode continues until the end of injection
or until the tip of the penetrating fuel jet is deflected by the piston bowl wall and
adjacent jets back to the upstreammost location of the turbulent diffusion flame,
i.e., the lift-off length. (The lift-off length is defined as the distance between the fuel
injector tip and the upstreammost extent of combustion in the fuel jet.)

Two types of combustion are believed to be occurring in the lifted flame: a turbu-
lent diffusion flame and a rich, partially-premixed flame [33]. The turbulent diffu-
sion flame surrounds the periphery of the fuel jet [33, 34], with its upstream extent
defining the lift-off length. The rich, partially premixed combustion is believed to
occur in the central region of the fuel jet just downstream of the lift-off length
[33, 45]. Any air entrained upstream of the lift-off length reacts with fuel in this
central region, generating a significant local heat release and a high-temperature
product gas, rich in unburned and/or partially reacted fuel. The product gas of the
rich, central reaction zone becomes the “fuel” for the diffusion flame at the jet
periphery. Moreover, soot formation has been hypothesized to begin in the product
gas, with soot concentration and particle size growing as the product gas is trans-
ported downstream in the fuel jet [33].

For typical quiescent DI diesel conditions, the majority of the fuel burned in the
free portion of a fuel jet is consumed in the turbulent diffusion flame surrounding
periphery of the fuel jet. The amount of fuel and air that react in the rich, central
reaction zone will depend on the amount of air entrained upstream of the lift-off
length, and therefore, on the parameters that affect the lift-off length and the entrain-
ment of air into a fuel jet. For a moderate-load condition in a heavy-duty engine, fuel
concentration measurements [33] and air entrainment estimates [46] indicate that as
much as 20% of the air required to burn the injected fuel is entrained upstream of
the lift-off length.
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The discussion above implies that lift-off length plays an important role in diesel
combustion and emission formation processes. The potential importance and an
almost complete lack of understanding of flame lift-off on diesel fuel jets has
prompted recent investigations of flame lift-off and its impact on fuel jet combustion
and soot formation processes [32, 46, 47, 48, 49, 50, 51, 52]. The following sections
summarize the trends in lift-off observed in the investigations, examine the amount
of fuel—air mixing that occurs upstream of the lift-off length, and investigate the link
between soot formation within a fuel jet and the amount of fuel—air mixing upstream
of the lift-off length. Measurements of lift-off length and soot concentration in fuel
jets are presented. Parameters varied in the investigations included: injection pres-
sure, orifice diameter, and ambient gas temperature, density and oxygen concentra-
tion. All of the results presented were acquired using DF2 as the fuel.

5.4.1 Effects of In-Cylinder and Injector Parameters on Lift-Off

Time-averaged, line-of-sight images of light emitted at 310 nm from burning fuel
jets, were used to determine lift-off length. Example images, acquired with an inten-
sified CCD camera, are shown in Fig. 5.13. Each image in Fig. 5.13 was acquired
for a different ambient gas temperature (given in the upper-left corner of an image)
with all other parameters held fixed. The fuel was injected from left to right from an
injector orifice located at the left edge of each image.

The light emitted in the vicinity of the flame lift-off length at a wavelength of
310nm is dominated by chemiluminescence from excited-state OH (OH¥*) [47].
Unlike ground state OH which exists as an equilibrium product in regions of
high temperature, OH* is short-lived and results from chemical reactions in near-
stoichiometric, high heat release regions [53]. Since stoichiometric combustion
is expected at the flame base at the lift-off length [54], OH chemiluminescence
provides a good marker of the lift-off length. The distance between the injector
orifice and the upstreammost location of OH chemiluminescence in the images is
defined as the lift-off length [46, 47]. The lift-off length determined from each image
in Fig. 5.13 is given in the lower-left corner of each respective image. It is also
indicated by the length of a horizontal white line in each image.

Figures 5.14 through 5.18 show the effects of several in-cylinder and injector
parameters on the flame lift-off length on DI diesel fuel jets under quiescent condi-
tions determined from images such as those in Fig. 5.13. The effects of ambient gas
temperature and density on lift-length are shown in Fig. 5.14. The figure is a plot of
lift-off length versus ambient gas temperature for four ambient gas densities ranging
from 7.3 to 58.5kg/m3. The ambient gas oxygen concentration, orifice diameter
and pressure drop across the orifice were 21%, 180 pm and 138 MPa, respectively.
The curves through the data are trend lines included to help visualize the effects of
temperature at each density.

Figure 5.14 shows that both ambient gas temperature and density have strong
effects on the lift-off length. As either parameter increases, the lift-off length
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Fig. 5.13 Time-averaged,
line-of-sight images of the
relative light intensity emitted
at 310 nm from three burning
diesel fuel jets injected into
ambient gas with 21%
oxygen and the temperatures
given in the upper-left corner
of each image. Fuel was
injected from left to right.
The lift-off length determined Temperature = 1000 K
from each image is marked
by a horizontal white line and
is given in the lower-left
corner of each image. The
ambient-gas density, injection
pressure, and orifice diameter
were 14.8 kg/m3, 138 MPa,
and 180 pm

Temperature =900 K

Lift-off length =31.0 mm

Lift-off length =22.0 mm

Temperature = 1200 K

Lift-off length = 12.8 mm
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Fig. 5.14 Lift-off length versus ambient-gas temperature for a range of ambient-gas densities.
The ambient-gas oxygen concentration, the pressure drop across the injector orifice and the orifice
diameter were 21%, 138 MPa and 180 wm. The gray region represents the range of lift-off lengths
expected in (quiescent) engines. The curves through the data represent the trends along lines of
constant density. The lift-off length repeatability is +7%
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decreases. The effects of both parameters are non-linear, with the sensitivity of
lift-off length to both parameters decreasing as they increase.

The temperature and density trends observed in Fig. 5.14 indicate that compres-
sion heating of in-cylinder gases as combustion proceeds during the injection period
in an engine will cause the lift-off length to shorten with time. This combustion/
lift-off length interaction must be accounted for in analyzing lift-off length data
acquired in engines.

The gray region in Fig. 5.14 represents the range of lift-off lengths expected in
a quiescent-type diesel engine for an orifice diameter of 180 wm and an injection
pressure of 138 MPa. The range is about 7 to 30 mm, with a moderate-load, heavy-
duty engine condition falling in the 10—15 mm range.

Figures 5.15 and 5.16 show the effects of ambient gas oxygen concentration.
Figure 5.15 is a plot of lift-off length versus ambient gas temperature for four
ambient gas oxygen concentrations ranging from 21% by volume (the concentra-
tion in air) down to 15% and ambient gas densities of 7.3 and 30.0kg/m>. Figure
5.16 extends the data set in Fig. 5.15 to include ambient gas densities of 14.8
to 58.5kg/m>. Figures 5.15 and 5.16 show that for any ambient gas temperature
and density, the lift-off length increases as the ambient gas oxygen concentra-
tion decreases. The increase in lift-off length is approximately proportional to the
decrease in oxygen concentration. Because of the proportional effect of oxygen
concentration on lift-off length, the trends in lift-off length with respect to temper-
ature and density for each oxygen concentration are the same as those noted in
Fig. 5.14 for 21% oxygen. A similar effect of oxygen concentration on lift-off length
was found for a wide range of other parameters [49].
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Fig. 5.15 Lift-off length versus ambient-gas temperature for four ambient oxygen concentrations
and ambient-gas densities of 7.3 and 30.0 kg/m>. The pressure drop across the injector orifice and
the orifice diameter were 138 MPa and 180 wm. The curves through the data represent the trends
along lines of constant density for each oxygen concentration
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Fig. 5.16 Lift-off length versus ambient-gas temperature for four ambient oxygen concentrations at
an ambient-gas density of 14.8 kg/m*® and for two oxygen concentrations at a density of 58.5 kg/m?.
The other conditions are the same as for Fig. 5.15. The curves through the data represent the trends
along lines of constant density for each oxygen concentration

Figures 5.17 and 5.18 show the effects of orifice diameter and the pressure drop
across the injector orifice on lift-off length for different sets of conditions given
in the legend of each figure. Data for orifice diameters from 45 to 363 pm and
orifice pressure drops from 40 to 190 MPa are included in the respective figures.
The curves through the data sets in the figures are trend lines. The figures show that
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Fig. 5.17 Lift-off length versus orifice diameter for three different sets of conditions listed in the

legend. The curves through the data represent the trend for each set of conditions. The ambient-gas

oxygen concentration and the pressure drop across the injector orifice were 21% and 138 MPa
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as either orifice diameter or injection pressure increase, the lift-off length increases.
The dependence of lift-off length on the pressure drop across the injector orifice
noted in Fig. 5.18 is linear with respect to the square-root of the orifice pressure
drop, i.e., linear with respect to injection velocity [46].

The lift-off length data in Figs. 5.14 through 5.18 provide a comprehensive
picture of the effects of many parameters on flame lift-off on DI diesel fuel jets.
However, further research is needed to fully understand flame lift-off and its impact
on diesel combustion and emission processes. Several areas that need to be inves-
tigated include determining the effects of fuel parameters (e.g., cetane number),
adjacent fuel jets (on a multi-orifice injector tip), piston bowl and fire-deck walls,
in-cylinder flows, and orifice and injector tip details on lift-off length.

5.4.2 Fuel-Air Mixing Upstream of the Lift-Off Length

The change in lift-off length observed in the previous section with respect to various
parameters can change the amount of air entrained into the fuel jet upstream of the
lift-off length, and therefore, the amount of fuel-air mixing that occurs prior to the
initial combustion zone. The quantity of air entrained prior to the lift-off length
can be estimated using the expression for the axial variation of the cross-sectional
average equivalence ratio in a fuel jet, &, given by Eq. (5.18). The reciprocal of that
equivalence ratio relationship (x 100), when applied at the lift-off length, gives an
expression for the air entrained up to the lift-off location as a percentage of the total
air required to burn the fuel being injected. This percentage will be referred to as
the percentage of stoichiometric air, {;, where

D2
@(%):1%0:100. <\/W 1)

(5.26)
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Fig. 5.19 The percentage of stoichiometric air entrained up to the lift-off length versus ambient-gas
temperature for the conditions of Fig. 5.14. The curves through the data represent the trends along
lines of constant density

In Eq. (5.26), H is lift-off length normalized by x* and f; is the stoichiometric
air/fuel mass ratio. Note that f; will change for different ambient gas oxygen concen-
trations and that {;, can also be viewed as the percentage of stoichiometric oxygen
entrained upstream of the lift-off length. The latter meaning of {; will be used when
dealing with ambient gas with less than 21% oxygen.

Values of {,; determined with Eq. (5.26) and the lift-off length data in Figs. 5.14—
5.18, are plotted in Figs. 5.19-5.23, respectively. Figure 5.19 shows that as ambient
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Fig. 5.20 The percent of stoichiometric oxygen entrained upstream of the lift-off length for the
conditions of Fig. 5.15. The curves through the data represent the trends along lines of constant
density
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Fig. 5.21 The percent of stoichiometric oxygen entrained upstream of the lift-off length for the
conditions of Fig. 5.16. The curves through the data represent the trends along lines of constant
density

gas temperature increases for a constant ambient gas density, the total amount of air
entrained upstream of the lift-off length decreases. This decrease occurs as a result
of the decrease in lift-off length noted in Fig. 5.14 with increasing temperature.
With respect to ambient gas density, Fig. 5.19 shows that there is very little
change in {; with a change in density for a constant temperature. This trend is
especially true over the range of conditions expected at the lift-off length in a
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Fig. 5.22 The percent of stoichiometric air entrained up to the lift-off length versus orifice diameter
for the conditions of Fig. 5.17. The curves through the data represent the trend for each set of
conditions in the legend
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Fig. 5.23 The percent of stoichiometric air entrained up to the lift-off length versus the pressure
drop across the injector orifice for the conditions of Fig. 5.18. The curves through the data represent
the trend for the conditions in the legend

quiescent diesel (10-45kg/m? and 950 to 1200 K). The lack of a significant effect
of ambient gas density must occur because the changes in air entrainment induced
by changes in the lift-off length as density changes are largely compensated for
by the direct effects of density on air entrainment observed in Eq. (5.16) [also see
Eq. (5.19)].

The trends observed in Fig. 5.19 have two implications for an engine. The first is
that changes in the operation of an engine that affect in-cylinder temperature near
top-dead-center, such as changes in the turbocharging, intercooling, and wall heat
transfer, can have a significant effect on the amount of fuel—-air mixing that occurs
upstream of the lift-off length. Second, changes in the operation of an engine that
affect the in-cylinder density near top-dead-center will have a relatively small effect
on the amount of fuel-air mixing prior to combustion.

Figures 5.20 and 5.21 show that as ambient gas oxygen concentration decreases
for any set of conditions, {; remains unchanged to within the repeatability of the
data. In other words, the I, estimated for each ambient gas oxygen concentration
for any set of conditions is the same. This lack of an effect of a decrease in ambient
gas oxygen concentration on {; means that the decrease in oxygen entrainment due
to less oxygen in the ambient gas is exactly compensated for by the increase in the
total ambient gas entrained as a result of a longer lift-off length with reduced oxygen
concentration (see Figs. 5.15 and 5.16) for the conditions considered in the exper-
iment. The lack of an effect of oxygen concentration on {; was noted for a wide
range of orifice diameters and injection pressures as well [49]. Only for extremely
low oxygen concentrations (< 10%) has this trend been noted to breakdown [52].

The trends in Figs. 5.20 and 5.21 suggest that the reduction in oxygen concen-
tration in the in-cylinder gas in an engine resulting from the use of EGR will have
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little effect on the amount of fuel burned in the rich reaction zone just downstream
of the lift-off length. Combustion in the rich reaction zone, however, will be more
dilute due to the additional inerts entrained upstream of the lift-off length.

The effects of orifice diameter and the pressure drop across the injector orifice
on the amount of fuel-air mixing prior to combustion are shown in Figs. 5.22 and
5.23, respectively. Figure 5.22 shows that although the lift-off length decreases with
decreasing orifice diameter (see Fig. 5.17), {, increases as the orifice diameter
decreases. The increase in {y is due to the strong increase in the amount of air
entrained relative to the amount of fuel injected that occurs with decreasing orifice
diameter [see Egs. (5.16) and (5.19)]. The impact on {,, of this strong increase in
the amount of air entrained relative to the amount of fuel injected is only partially
counteracted by the impact of the decrease in lift-off length with decreasing orifice
diameter.

Figure 5.23 shows that an increase in pressure drop across the injector orifice
causes greater fuel-air mixing upstream of the lift-off length, i.e., an increase in .
This effect is due directly to the increase in lift-off length observed in Fig. 5.18 with
increasing pressure drop across the injector orifice, since unlike orifice diameter, the
orifice pressure drop has no additional affect on the amount of air entrained relative
to the amount of fuel injected [see Eqgs. (5.16) and (5.19)].

5.4.3 Lift-Off Length and Soot Formation

Based on the current picture of quiescent-chamber DI diesel combustion discussed
in the introduction to Section 5.4, air entrained upstream of the lift-off length reacts
with fuel in a rich reaction zone located just downstream of the lift-off length during
the lifted, turbulent diffusion phase of combustion [33, 45]. The product gas of this
reaction zone is ideal for forming soot and has been hypothesized to play an impor-
tant role in the formation of soot in a diesel fuel jet [33]. Estimates of air entrainment
upstream of the lift-off length, discussed in the previous section, indicate that the
strength of the central reaction zone (i.e., the amount of fuel burned), and therefore
the composition of the product gas of the central reaction zone will be dependent
on engine parameters such as: load, intercooling, turbocharging, injection pressure,
orifice size, etc. This in turn implies that the amount of soot formed within a fuel jet
will depend on the same parameters.

Measurements of total soot incandescence from the burning diesel fuel jets were
made simultaneously with the lift-off measurements shown in Section 5.4.1. The
measurements were used to conduct initial explorations of the link between soot
formation and fuel-air mixing upstream of the lift-off length [46, 49]. Although
total soot incandescence is related in a complex manner to soot concentration (as
discussed in Ref. [46]), it nevertheless is strongly dependent on soot concentra-
tion and can be used to provide a relative indication of significant changes in the
amount of soot formed in a fuel jet. Figure 5.24 is a plot of the measured total
soot incandescence normalized by the fuel flow rate as a function of {,; estimated
with Eq. (5.26) for all conditions considered. These conditions included ambient
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Soot incandescence / Fuel flow rate

Fig. 5.24 The relative total soot incandescence normalized by the fuel flow rate versus the percent
of stoichiometric air entrained up to the lift-oft length. Data are shown for ambient-gas densi-
ties from 7.3 to 58.5kg/m>, ambient-gas temperatures from 800 to 1300 K, ambient-gas oxygen
concentration from 15% to 21%, injection pressures from 40 to 190 MPa, orifice diameters from
100 to 363 wm, and ambient-gas oxygen concentrations from 15% to 21% (Each data point is for
an individual injection)

gas densities from 7.3 to 58.5 kg/m?, ambient gas temperatures from 800 to 1300 K,
ambient gas oxygen concentrations from 15% to 21%, injection pressures from
40 to 190 MPa, and orifice diameters from 100 to 363 wm. Each data point in the
figure is for an individual injection event. All data were acquired with DF2. Normal-
izing the soot incandescence measurements by the fuel flow rate helped eliminate
differences in the total soot incandescence due to differences in the amount of soot
formed as the quantity of fuel injected changed with orifice diameter and injection
pressure.

The most visible and significant trend in Fig. 5.24 is the trend toward lower
soot incandescence (i.e., reduced soot formation) as {,; increases. As {, approaches
values between 45% and 55% (independent of other conditions), the soot incandes-
cence falls below the detectable limit of the photodiode used to measure the incan-
descence [46]. Values of {; between 45% and 55% correspond to cross-sectional
average equivalence ratios between 2.2 and 1.8 at the lift-off length, respectively
[see Eq. (5.26)]. The disappearance of soot incandescence at an equivalence ratio
of approximately two is in general agreement with studies of soot formation under
premixed conditions. Under premixed conditions, typical hydrocarbon fuels do not
produce soot for equivalence ratios less than approximately two [3].

The dominant trend of decreasing soot incandescence with increasing air entrain-
ment upstream of the lift-off length noted in Fig. 5.24 clearly supports a link between
the amount of soot formed within a fuel jet and the amount of air entrained (i.e.,
oxygen) upstream of the lift-off length. This link may help explain some of the soot
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emission changes noted with changes in various engine-operating conditions. For
example, a portion of the reduction in soot emissions noted with increased injec-
tion pressure in production engines in all likelihood results from the additional air
entrainment that occurs as a result of the longer lift-off length.* Reductions in soot
in fuel jet plumes with increased injection pressure have also been observed by
Kamimoto et al. [39] and by Dec and Espey [55].

The trends observed in Fig. 5.24 are also in agreement with recent detailed kinetic
modeling studies by Flynn et al. [56]. Flynn et al. investigated the impact of the addi-
tion of an oxygenated fuel to a hydrocarbon fuel on soot precursor formation under
rich premixed combustion conditions - the type of combustion conditions believed
to occur in the central region of a diesel fuel jet downstream of the lift-off length
[33]. They showed that as more oxygenated fuel was mixed with heptane under rich
(¢ =4) premixed conditions, less carbon went into the formation of soot precur-
sors. When the atomic oxygen to carbon ratio (O/C) in the reactants reached values
between 1.3 and 1.6, soot precursors were no longer formed. O/C ratios between
1.3 and 1.6 correspond to values of {;, between 45% and 55% in Fig. 5.24, since the
O/C ratio is equal to 2.9 ¢! (or equivalently, 0.029 {;) for typical diesel fuel with an
H/C ratio of 1.8 [3]. The link between soot and air entrainment and the agreement
with the analysis of Flynn et al. also suggests that oxygen, whether introduced via
entrained air or bound in oxygenated fuels, will reduce the amount of soot formed
in a diesel fuel jet.

Observations made using the qualitative soot incandescence data in Fig. 5.24 are
substantiated in Figs. 5.25 and 5.26. Figures 5.25 and 5.26 present axial profiles of
soot measured in diesel fuel jets that show detailed effects of injection pressure and
orifice diameter on soot within a fuel jet [S0]. The soot data are from a continuing
series of investigations of soot in diesel fuel jets [50, 51, 52]. The figures show plots
of the soot volume fraction as a function of axial distance. The soot measurements
were made using a line-of-sight extinction technique [50]. Each data point repre-
sents the average soot volume fraction, f,, along a line-of-sight orthogonal to and
passing through the fuel jet centerline [50]. The curves through the data show the
axial trends in the measured soot data. The solid symbol on the x-axis in each figure
near 20 mm gives the location of the lift-off length determined for each condition
from an OH chemiluminescence image. Data are shown for four orifice pressure
drops (43, 89, 138, and 184 MPa) and an orifice diameter of 100 wm in Fig. 5.25
and for four orifice diameters and an orifice pressure drop of 138 MPa in Fig. 5.26.
Also presented in the legend of Figs. 5.25 and 5.26 are the ( estimated with
Eq. (5.26).

With respect to axial distance, Fig. 5.25 shows that the amount of soot present
in the cross-section of the fuel jet starts increasing after the lift-off length loca-
tion, reaches a peak near 50 mm, then decreases toward zero as the flame length is

4 Soot emission reductions with increased injection pressure will also occur as a result of enhanced
oxidation caused by enhanced mixing at the higher injection pressures, both during and after
injection.
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Fig. 5.25 The average soot volume fraction along the path length of the soot measurement as a
function of axial distance from the injector for four orifice pressure drops. The curves show the
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Fig. 5.26 The average soot volume fraction along the path length of the soot measurement as
a function of axial distance from the injector for four orifice diameters. (Note the soot volume
fraction axis extends slightly below zero to better show the no-soot 50-pm orifice data.) The curves
show the trends. The solid symbols on the x-axis mark the lift-off length for each orifice diameter.
Also, the {, at the lift-off length for each orifice diameter is given in the legend. The orifice pressure
drop was 138 MPa
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approached. (The flame length for the conditions of Fig. 5.25 is slightly greater than
the distance between the injector and the opposite wall of the combustion vessel in
which the measurements were made, or approximately 100 mm [32]). The general
soot trends noted in Fig. 5.25 are similar to trends noted in atmospheric pressure
gas jets (e.g., [57, 58]), except that the peak soot volume fractions are considerably
higher.

The initial rise in the cross-sectional average soot volume fraction downstream of
the lift-off length with increasing axial distance observed in Fig. 5.25 is most likely
due to the dominance of soot formation over oxidation in this upstream region of
the jet. The rate of soot formation, however, must decrease with increasing axial
distance as the fuel is consumed by combustion. The peak in total soot at 50 mm
occurs at the location where soot formation is balanced by soot oxidation. Down-
stream of the peak, the total amount of soot decreases as soot oxidation begins to
dominate over soot formation as the flame length is approached and the fuel is
completely consumed. The soot data in Fig. 5.25 indicate that the soot is largely
oxidized before the flame length is reached for the conditions considered in the
figure.

With respect to injection pressure, Fig. 5.25 shows that two important changes
in the axial soot distribution occur with changing injection pressure. The first and
most important change is that the soot level in the fuel jet decreases with increasing
pressure drop across the injector orifice. Analysis of the peak soot volume fraction in
each profile indicates that the peak soot decreases linearly with increasing injection
velocity (i.e., the square-root of the pressure drop across the injector orifice). The
second change is that the axial location of the first soot is pushed downstream with
increasing orifice pressure drop. This latter trend is due to the increase in lift-off
length with increasing orifice pressure drop.

A likely reason for the decrease in the level of soot with increasing orifice pres-
sure drop is the linear increase in the total air entrainment that occurs upstream of
the lift-off length as a result of the linear increase in lift-off length with increasing
injection velocity. The increase in air entrainment with increasing injection velocity
is reflected in the increasing {y, at the lift-off length with increasing orifice pressure
drop shown in the legend of the figure. The increased air entrainment leads to less
soot formation as discussed in conjunction with Fig. 5.24.

An additional potential factor contributing to the decrease in soot with increasing
pressure drop across the injector orifice (i.e., increasing injection velocity) is the
decrease in residence time in the combusting region of the fuel jet (i.e., the distance
between the lift-off length and the flame length) that occurs with increased injection
pressure. This decrease in residence time limits the time for soot formation. The
decrease in residence time occurs for two reasons. The most direct reason is that
residence time in the combusting region of the fuel jet is inversely related to injection
velocity. The second reason is that the length of the combustion region is shortened
as the orifice pressure drop increases due to the increase in lift-off that occurs with
increasing orifice pressure drop. The importance of residence time on soot formation
has been shown in near-atmospheric turbulent gas jets for which soot levels increase
as the velocity of the fuel jet decreases [57, 58]. However, the relative importance
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of residence time on soot formation at diesel conditions is not clear and needs to be
investigated further.

The effects of orifice diameter on the axial distribution of soot in a diesel fuel jet
are shown in Fig. 5.26. The data in the figure for the 180-p.m orifice end at an axial
distance of 60 mm because the fuel jet became too optically thick downstream of this
location to make soot measurements by an extinction technique [50]. Figure 5.26
shows that as orifice diameter decreases, the level of soot in the fuel jet decreases.
The magnitude of the soot reduction is such that while the sooting region for the
180-wm orifice is optically thick, the 50-pm orifice produces no detectable soot.
Because of this strong trend in soot with orifice diameter, however, only two orifice
diameters have complete axial profiles of soot, making it difficult to assess the exact
dependence of soot on orifice diameter.

Considering the data for the two orifices with complete axial soot profiles, the
100-pm and 71-wm orifices, the soot trends with respect to axial distance from
the injector appear the same as those observed in Fig. 5.25. However, unlike for a
change in injection pressure in Fig. 5.25, the axial extent of the soot changes signif-
icantly with a change in orifice diameter, decreasing as orifice diameter decreases.
The decrease in the axial extent of the soot with decreasing orifice diameter is
largely the result of the near linear decrease in flame length that occurs with
decreasing orifice diameter [32].

The reasons for the decrease in the soot levels within a fuel jet as orifice diameter
decreases are similar to those mentioned when discussing the effects of injection
pressure on soot formation. A major contributor to the decrease is the enhanced
mixing of fuel and air that occurs as orifice diameter decreases. Enhanced fuel-air
mixing upstream of the lift-off length with decreasing orifice diameter is reflected
in the increasing {y at the lift-off length (given in the legend of Fig. 5.26) with
decreasing orifice diameter. This trend means that the rich combustion zone, hypoth-
esized to exist just down-stream of the lift-off length [33], will occur under less
rich conditions as orifice diameter decreases, resulting in less soot formation [46].
Studies of soot formation under rich, premixed fuel—air conditions also support this
conclusion [59]. The increase in fuel-air premixing upstream of the lift-off length
with decreasing orifice diameter is such that {y at the lift-off length increases to
greater than 60% for the 50-pm orifice, resulting in no soot formation. In addition
to enhanced mixing upstream of the lift-off length, enhanced fuel-air mixing occurs
along the entire fuel jet length with decreasing orifice diameter, allowing comple-
tion of the combustion and soot oxidation processes in a shorter axial distance, thus
explaining the reductions in flame length and the length of the sooting region that
occur as orifice diameter decreases.

Decreasing residence time for soot formation may also play a role in the soot
decrease with decreasing orifice diameter, the same as suggested for an increasing
orifice pressure drop. Residence times in the combusting region of a fuel jet will
decrease approximately linearly with orifice diameter, resulting in less time for soot
formation. However, as mentioned in previous discussions, the impact of residence
time in diesel fuel jets is not understood yet and needs further investigation.
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Fig. 5.27 Images of
laser-induced incandescence
(LII) for the conditions of
Fig. 5.26. The orifice
diameter and the camera gain
relative to the gain for the
100-pm orifice are shown in
the upper left and right
corners, respectively. Each
image is the average of at
least twelve individual
images. The LII laser sheet
penetrates the fuel jet from
the bottom in these images
and the gamma for each
image was set to 0.5 (Note:
The laser sheet did not cover
the full width of the image
field in the top image,
resulting in the dark region at
far right of the top image)

Images of soot across the cross-section of a fuel jet, acquired using laser-induced
incandescence (LII) soot imaging [50], are shown in Fig. 5.27 for the conditions
of Fig. 5.26. The LII images in Fig. 5.27 are not quantitative, but they do provide
independent measurements that support the trends noted in Fig. 5.26, especially the
no soot condition for the 50-um orifice. Each image is the average of at least twelve
individual LII images for each condition [50]. The orifice diameter and camera gain
(relative to the camera gain for the 100-pm orifice) are given in the upper left and
right corners of each image, respectively. The camera gain changes must be factored
in when comparing intensities between images.

The trends in the LII intensities along the upper and lower edges of the fuel jets
in Fig. 5.27 are the most revealing. Along the lower edge of the fuel jets, the signal
intensity decreases with decreasing orifice diameter. Since the LII intensities along
the lower edges are not as strongly affected by attenuation by soot in the fuel jet,
and therefore are more directly related to the amount of soot, the lower edge trend
clearly indicates a reduction in soot with decreasing orifice diameter. The reduction
in soot with decreasing orifice diameter is such that for the 50-pwm orifice no soot
is detectable even though the camera gain is almost thirteen times higher than for
the 71-pm orifice condition, supporting the laser extinction measurements of soot
presented in Fig. 5.27.

In the top three images, the increase in LII intensity with decreasing orifice diam-
eter along the upper edge of the fuel jets also indicates a decrease in soot. The trend
along the upper edge with decreasing orifice diameter is due to a decrease in the
soot optical thickness (i.e., a decrease in soot concentration) in each fuel jet with
decreasing orifice diameter from top to bottom in the figure. The decrease in optical
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thickness with decreasing orifice diameter allows an increase in the transmission
of the Nd:YAG laser pulse used for the LII imaging to the upper edge of the fuel
jet and an increase in the transmission of the LII signal through the fuel jet to the
camera. (Note: The soot levels are so high for the largest orifice diameter that the
soot along the upper edge cannot be seen for most of the length of the jet due to
extinction of the Nd:YAG laser pulse. By an orifice diameter of 71 pm, soot levels
are low enough that the soot present is visible from the lower edge to the upper edge
of the fuel jet.)

5.5 Implications for DI Diesel Fuel Jets
Under Quiescent Conditions

The trends observed in the experimental data in the previous sections and the close
agreement found between the data and the scaling laws developed from mass,
momentum, and energy balances applied to an idealized fuel jet have significant
implications regarding the processes that control the development of DI diesel fuel
jets, and therefore, the modeling of these jets. This section discussions several impli-
cations and insights drawn from the data and the comparisons with the scaling laws.
Included are discussions on the mixing-limited nature of DI diesel fuel jets, the
relationship between fuel vaporization and combustion, and the changes in the struc-
ture of the DI diesel fuel jet that are occurring in response to changes being made
in engine and injector parameters to meet new emissions regulations and improve
engine performance.

5.5.1 The Mixing-Limited Nature of DI Diesel Fuel Jets

The close agreement between the liquid length scaling law, Eq. (5.24), and the
experimental data shown in Figs. 5.8-5.12 over a very wide range of conditions
(much wider than are possible to achieve in engines) strongly implies that mixing-
limited fuel vaporization (the premise on which the liquid length scaling law is
based) is closely approached in current-technology DI diesel fuel jets. These are
high injection pressure, well-atomized fuel jets in what Hiroyasu and Arai [5] have
called the “complete spray” regime. Mixing-limited fuel vaporization in turn implies
that the local mass, momentum, and energy transport processes occurring at droplet
surfaces do not control the overall rate of vaporization. The atomization process
produces droplets small enough in size with enough total surface area such that the
droplet surface transport processes are fast relative to the gas-phase fuel jet mixing
processes. If this were not true, the liquid length scaling law, which contains no
physics regarding droplet atomization or vaporization, would not agree with the
experimental data as closely as it does over such a wide range of conditions [30].
This discussion means that better atomization (i.e., smaller droplets) alone will not
promote increased fuel vaporization in a DI diesel fuel jet. Parameters such as injec-
tion pressure and orifice diameter affect fuel vaporization through their effects on
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jet mixing processes, not through their effects on droplet size via the atomization
process.

The close agreement noted between the liquid length scaling law and the data also
implies that other assumptions made in developing the scaling law are reasonable
with respect to the overall fuel vaporization process. One critical assumption is that
the fuel and ambient gas mixture in the vaporizing region is saturated. Achieving
or closely approaching a saturated condition suggests a mechanism for control of
vaporization by mixing. When a saturated conditions exists, the only means for
further vaporizing fuel is to heat the liquid fuel to a higher temperature and/or trans-
port fuel vapor away from the inner, vaporizing region of the fuel jet. A higher
liquid fuel temperature would allow further vaporization by raising the fuel vapor
pressure. Transport of fuel away from the inner region of the fuel jet (or equivalently,
dilution of the fuel jet by entrained ambient gas) would allow further fuel vaporiza-
tion by lowering the vapor fuel partial pressure below the fuel saturation pressure.
Since both the energy entrainment (i.e., high-temperature ambient gas entrainment)
needed to heat the fuel and the transport of fuel and ambient gas in the fuel jet are
controlled by fuel jet mixing processes, vaporization will be controlled by mixing
processes.

Significant deviation from mixing-limited fuel vaporization only begins to appear
at the lower gas temperature and density conditions considered (see Figs. 5.10 and
5.11). At these conditions, which are well below those expected in an engine, the
measured liquid lengths are shorter than those predicted with the scaling law. The
reason for this deviation is most likely that local transport processes at droplet
surfaces begin controlling fuel vaporization at the lower gas temperature and density
conditions. Consider moving along the curve for the smallest ambient gas density
considered in Fig. 5.10 toward lower gas temperatures, with all other conditions
fixed. As the gas temperature is lowered, the mass and energy transport rates at
droplet surfaces will decrease, but the turbulent transport of ambient gas to the inner
region of the fuel jet and fuel transport away from the inner region will not. There-
fore, as the ambient temperature is decreased, the overall droplet surface transport
rates are likely at some temperature to become slow relative to the fuel jet mixing
processes. When this transition occurs, the droplet transport processes will be unable
to maintain saturated equilibrium conditions in the fuel jet inner region, and control
of vaporization should shift to the droplet surface transport processes. Under these
conditions liquid lengths should be shorter than those predicted by the scaling law,
since vaporization would no longer be limited by gas-phase mixing in the jet and
saturation.

Previous research has shown that combustion in a DI diesel fuel jet (after
the ignition and premixed burn phases are completed) is also controlled by gas—
phase mixing processes, i.e., by the rate at which fuel vapor and air mix [3].
Combustion controlled by mixing implies that the development of the combusting
region of the fuel jet downstream of the lift-off length is controlled by gas-phase
mixing processes. However, fuel vaporization occurs in the dense inner region of
the fuel jet between injector and the liquid length [2, 33] (which overlaps with
the combusting region of the fuel jet for some conditions, as discussed in the
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next section). Mixing-limited fuel vaporization therefore indicates that the mixing-
limited nature of a DI diesel fuel jet does not just include the combusting region
downstream, but extends essentially up to the injector orifice.

Control of the jet development in the near injector region by mixing processes
is also supported by the agreement noted in Fig. 5.2 between the transient tip pene-
tration scaling law and the experimental transient tip penetration data. The fuel jet
tip penetration scaling law (also based on the premise that entrainment and mixing
control the development of the fuel jet) correctly predicts penetration, and most
importantly, the transition between the near-field and far-field penetration regimes.
The transition, which occurs in the middle of the vaporization region of a fuel jet
for typical diesel engine conditions, marks the location where the mass in the jet
becomes dominated by entrained air, as discussed previously. In other words, the
transition from the near-field to far-field tip penetration regimes in a DI diesel fuel
jet can be explained by entrainment and mixing processes, as opposed to the breakup
of an “intact liquid core” as has been previously proposed [5, 6].

The mixing-controlled nature of the near injector region of a DI diesel fuel jet
has important implications for the modeling of DI diesel fuel jets as well. One
implication is that the current “spray equation” model used in multidimensional
CFD engine calculations for the near injector region may not be the most efficient
or appropriate approach for modeling diesel fuel jets for current technology condi-
tions. The “spray equation” model typically used is based on a stochastic particle
method [60, 61, 62]. Solution of the spray equation model gives the full distribution
function of droplet properties needed to predict non-equilibrium effects between
the liquid and gas-phases. The liquid length results, however, suggest that dynamic
and thermodynamic equilibrium are closely approached and that this information
this may not be necessary. Also, O’Rourke et al. [63] recently extended the simple
mixing-controlled model used to develop the liquid length scaling law to solve for
the axial profile of the liquid volume fraction in the near injector region. Based on
this broader application of mixing control, they found that the liquid volume fraction
was greater than 0.1 over 20-50% of the liquid length. This means that the dilute
spray assumption made when using the spray equation model does not apply over
a significant fraction of the region with liquid-phase fuel, i.e., the region where the
spray equation model is used. The observations discussed above indicate that for
most diesel conditions, assuming equilibrium between the gas and liquid phases
may be a better limit to consider when developing multidimensional CFD models
of diesel fuel jets and may significantly simplify modeling of diesel fuel jets in the
near injector region.

Another implication of the mixing-controlled nature of the near injector region
is that modeling of gas entrainment and mixing processes (i.e., turbulence) in the
near injector region needs more attention in future DI diesel fuel jet modeling
activities. Accurate modeling of gas entrainment and mixing processes in the near
injector region are critical to modeling the fuel vaporization process and the ensuing
combustion and emission processes downstream. Modeling of the near injector
region is inhibited, however, by the reliability of two-phase flow turbulence models
and by grid resolution constraints. Grid resolution constraints arise as a result of
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limitations imposed by computational resources and by the spray equation model
currently used (e.g., [64]). The spray equation model requires that the grid size for
the Eulerian gas-phase flow portion of the model be larger than the smallest liquid
fuel parcel, which is typically too coarse to resolve the jet features needed to model
the mixing processes in the near injector region. The grid resolution problem is
a major factor contributing to the grid dependent solutions documented by many
authors when using “spray equation” based CFD engine models (e.g., [64, 65,
66, 67]).

5.5.2 Relationship Between Vaporization and Combustion

Although determining the exact nature of the relationship between the fuel vapor-
ization and the combustion regions in a DI diesel fuel jet under quiescent condi-
tions requires further research, comparisons of measured liquid lengths (Section
5.3) and lift-off lengths (Section 5.4) provide some insight. Figure 5.28 compares
the liquid and lift-off lengths for DF2 as a function of orifice diameter. The pressure
drop across the injector orifice and the ambient gas temperature and density for the
results in Fig. 5.28 were 138 MPa, 1000 K, and 14.8 kg/m?, respectively. The liquid
lengths shown in the figure were determined with the liquid length scaling law for
non-combusting, vaporizing fuel jets given in Section 5.3.2. The single component
fuel used in the liquid length scaling law to model DF2 was n-heptadecane, which
has been shown to accurately model the liquid lengths measured for the DF2 used
in Ref. [30].

Figure 5.28 shows that as orifice diameter decreases, the liquid length shortens
relative to the lift-off length, becoming shorter than the lift-off length at an orifice
diameter of about 160 pwm for the conditions of the figure. The relative trend between
liquid and lift-off length is the result of the differing dependencies of liquid and lift-
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off length on orifice diameter. As discussed previously, liquid length has a strong
linear dependence on orifice diameter, while lift-off length has a much weaker
dependence on orifice diameter.

The relative trend between liquid and lift-off length in Fig. 5.28 suggests that
orifice diameter has a strong effect on the relationship between fuel vaporization
and combustion processes in a DI diesel fuel jet. For smaller orifice diameters, with
liquid lengths shorter than lift-off lengths, the results in Fig. 5.28 indicate that fuel
vaporization will be completed prior to any combustion. This means that there will
be no direct interaction between the vaporization and combustion regions in the
fuel jet. Combustion will only indirectly affect vaporization by compression heating
in-cylinder gases, raising the temperature and density of the air entrained into the
fuel jet, and thus shortening the liquid length [46].

For the larger orifice diameters, with liquid lengths longer than the lift-off
lengths, Fig. 5.28 suggests that there will most likely be a more direct and strong
interaction between vaporization and combustion processes. For this latter condi-
tion, vaporization must be occurring in a relatively cool, central region surrounded
by combustion (on a time-averaged basis). Combustion is unlikely to occur in
the central fuel vaporization region, since the high velocities, the low tempera-
tures (<700 K [30]), and the rich mixtures expected in this region will not support
combustion. The heat source from the combustion surrounding the fuel vaporiza-
tion region will enhance the rate of fuel vaporization, shortening the liquid length
from that measured in a vaporizing, non-combusting fuel jet (e.g., those shown in
Figs. 5.8-5.12 and 5.28). As a result, liquid lengths measured in vaporizing, non-
combusting fuel jets can only be interpreted as the maximum possible penetration
distance of the liquid-phase fuel in a combusting fuel jet. (Evidence of such combus-
tion shortening of the liquid length was found by Canaan et al. [42].)

The combustion region surrounding the fuel vaporization region for conditions
with liquid lengths much longer than lift-off lengths is most likely composed of
an inner, rich reaction layer similar to that previously hypothesized to occur down-
stream of the lift-off length and the liquid length for conditions with similar lift-off
and liquid lengths [33]. In this rich reaction layer, the oxygen entrained upstream
of the lift-off length will be consumed. The rich reaction layer in turn will be
surrounded by the stoichiometric diffusion flame extending from the lift-off length
downstream along the periphery of the burning fuel jet [33, 34].

Similar to the trends in Fig. 5.28 with decreasing orifice diameter, increasing
pressure drop across the injector orifice and decreasing ambient (i.e., in-cylinder)
gas temperature and density also cause a relative decrease in the liquid length with
respect to the lift-off length. These trends suggest that changes in engine operation
being made to meet new emission regulations or improve engine performance, such
as increased injection pressure, reduced orifice diameter, or greater intake charge
cooling, are leading to more gas jet-like diesel combustion, i.e., the two-phase,
spray region of the fuel jet is having a decreasing direct impact on the combustion
region. The opposite is true, however, for increased turbocharging, i.e., increased
in-cylinder gas densities.
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5.5.3 Evolution of DI Diesel Fuel Jets Under Quiescent Conditions

The lift-off length, liquid length, air entrainment, and soot incandescence informa-
tion presented in this paper suggest that for different conditions, DI diesel fuel jets
can have very different characteristics in the quasisteady portion of the fuel jet. For
a given fuel, these characteristics depend on ambient gas conditions, orifice param-
eters, and injection pressure. Figure 5.29 shows two schematics that show possible
extremes in the time-averaged, fuel jet characteristics for a typical diesel fuel. The
schematics suggest how the relative spatial relationship between various regions in
the fuel jet change for the two extremes considered. The segment of the fuel jet in
each schematic represents the quasisteady, post-ignition, free region of the fuel jet.
The schematics are highly simplified and intended only for illustrating changes in
the time-averaged location and the characteristics of various regions in a fuel jet
that can be interpreted from the data discussed in this paper. (At the end of this
section, these extreme cases will be related to the schematic of diesel combustion
presented by Dec [33] for conditions typical of a moderate-load condition in current
heavy-duty DI diesel engines.)

In each schematic, the dark gray region emanating from the injector orifice at
the bottom represents the maximum possible extent of the region containing fuel
droplets mixed with vaporized fuel and entrained air (i.e., the liquid length). This
region should not be interpreted as an “intact liquid core.” Very little if any intact
liquid core is believed to exist in high-pressure DI diesel fuel jets (e.g., [3, 16, 31])
The lighter gray region outside the fuel droplet-containing region represents the
region with vaporized fuel mixed with entrained air. The black curve emanating

Fig. 5.29 Schematics
showing how the relative
spatial relationship between
fuel vaporization and
combustion zones and the
percent of stoichiometric air
entrained up to the lift-off
length can change with
conditions in a DI-type diesel
fuel jet under quiescent
conditions. The schematic at
the left is for an ambient-gas
temperature and density of Liquid —» [gz¢
1100K and 23kg/m3, andan ~ l€ngth
orifice pressure drop and

orifice diameter of 40 MPa

and 250 pm. The schematic at

the right is for an ambient-gas
temperature and density of Lift-off )
1000 K and 20 kg/m®, and an length
orifice pressure drop and

orifice diameter of 200 MPa

and 100 pm
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from the lift-off location in the downstream direction is the mixing-controlled
combustion zone (i.e., diffusion flame zone), which has been shown to exist near
the periphery of the fuel jet [33, 34]. The checkered region in the central region
of the fuel jet downstream of the lift-off length represents the rich, reaction zone
suggested by the works of Dec [33] and Chomiak and Karlsson [45]. Since no
direct measurements of combustion in the rich central reaction zone have ever been
made, the location and shape that is shown in the schematic for this region is purely
speculative and intended only to indicate that such a zone exists. The dotted region
in the figure downstream of the central reaction zone is the soot formation and
growth region. Soot begins to form just downstream of this central reaction zone
and evolves as the gases are transported downstream [33]. The crosshatched band
shown at the very downstream periphery of the fuel jet, outside of the diffusion
flame zone, represents a region of high temperature combustion products mixed
with entrained air. The product zone becomes wider in the downstream direction as
the diffusion flame consumes fuel and moves inward.

The conditions for the two schematics in Fig. 5.29 were selected to show poten-
tial extremes. The schematic on the left is for an orifice pressure drop of 40 MPa, an
orifice diameter of 250 wm, and an ambient gas temperature and density of 1100 K
and 23 kg/m?. The temperature and density are indicative of those expected for a
moderate-load, heavy-duty diesel engine condition after ambient gas compression
heating from autoignition has occurred. An injection pressure of 40 MPa represents
much older injector technology conditions.

The schematic on the right in Fig. 5.29 is for an orifice pressure drop of 200 MPa,
an orifice diameter of 100 wm, and an ambient gas temperature and density of
1000 K and 20 kg/m?. The temperature and density for this schematic are indicative
of those expected for a heavy-duty diesel engine condition similar to the conditions
for the schematic on the left, but with more intake charge cooling for NOx control.
The orifice diameter for this set of conditions is much smaller and the injection
pressure is greater than are typical in current engines.

The schematic on the left indicates that there is a significant quantity of unvapor-
ized fuel at the lift-off location, and that only about 8% of the air required to burn
the injected fuel is entrained by the lift-off length. The unvaporized fuel is confined
to the central region of the fuel jet based on images of the gas and liquid phases of
fuel jets (e.g., [2, 42]). Combustion downstream of the lift-off length surrounds this
central region, most likely resulting in a significant length of the burning portion of
the fuel jet having a vaporizing, relatively cool core. As described in the previous
section, there is likely to be significant interaction between combustion and fuel
vaporization processes for these conditions. Combustion will enhance the vaporiza-
tion of any fuel not vaporized by the lift-off length, as well as inhibit air entrainment
[19]. Vaporization will cool the gases, and potentially interact with the flame stabi-
lization process at the lift-off length. As also mentioned in the previous section, the
interaction implies that the vaporizing, non-combusting fuel jet liquid length shown
in the schematic is the maximum liquid length that could exist for the ambient gas
conditions. The actual liquid length with combustion occurring is likely to be shorter
than indicated in the schematic.
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The schematic on the right in Fig. 5.29 shows that the reduction in orifice diam-
eter, increase in the orifice pressure drop, and changes in the ambient gas conditions
from the schematic on the left, results in a dramatic change in the relationship
between the liquid-phase fuel region and the combustion zones. In comparison to
the schematic on the left, the schematic on the right indicates that the fuel will be
completely vaporized long before the lift-off length. This effect is due to the signif-
icantly greater amount of hot air entrainment relative to the amount of fuel injected
that occurs with the smaller orifice diameter, as can be observed in Fig. 5.22. There
will therefore be no direct interaction between the fuel vaporization and combustion
processes for the conditions on the right. The lift-off length also occurs much further
downstream for the conditions on the right, with significantly more fuel-air mixing
occurring by the lift-off length in comparison to the conditions on the left. As a
result, the central reaction zone will be much more intense, and based on Figs. 5.24
through 5.27, there will likely be less soot formed within the fuel jet per unit of fuel
injected for the conditions on the right than for the conditions on the left.

For a moderate load condition in current-technology, quiescent, heavy-duty DI
diesel engine, the results presented in this paper indicate that the picture of diesel
combustion falls in between the two schematics shown in Fig. 5.29. Under these
conditions, the liquid and lift-off lengths have about a 20-30% overlap and approx-
imately 15% of the air required to burn the fuel is entrained by the lift-off length.
The small overlap indicates that hot air entrainment dominates the fuel vaporiza-
tion process, but that some shortening of the liquid length will occur as a result of
combustion. The picture for a moderate-load condition is in general agreement with
the conceptual model for DI diesel combustion presented by Dec [33]. However, the
changes between the left and the right schematics in Fig. 5.29 indicate that DI diesel
combustion is evolving. Changes made over time to meet new emissions regulations
and to maintain and improve diesel engine performance (such as injection pressure
increases, retarded injection timing, and intake charge cooling) have led to an evolu-
tion of the diesel combustion process from the schematic on the right toward the
schematic on the left. Moreover, this evolution of the diesel combustion process is
likely to continue in the future given the need to meet ever more stringent emissions
regulations.
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Nomenclature

a a constant with a value of 0.75 in Eq. (5.23)
B defined by Eq. (5.25)
c an orifice dependent constant in Eq. (5.22)
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a constant in Eq. (5.22) with a value of zero for non-vaporizing fuel jets and
a value of 0.0043 for vaporizing fuel jets

orifice area-contraction coefficient

orifice discharge coefficient

orifice velocity coefficient

orifice diameter

stoichiometric air/fuel mass ratio

average soot volume fraction along the measurement line-of-sight
enthalpy

lift-off length

liquid length (i.e., the maximum penetration distance of liquid-phase fuel)
mass flow rate

molecular weight

the exponent in Eq. (5.13) with a value of 2.2

pressure

penetration distance

time

temperature

axial velocity

fuel velocity at orifice exit given by Bernoulli’s equation, Eq. (5.8)
axial distance from the orifice

compressibility factor

stoichiometric mixture fraction, (1 +f;)~!

Greek

o full spreading angle of the model fuel jet

A incremental change

¢ cross-sectional average equivalence ratio

0 full spreading angle of a real fuel jet

P density

o standard deviation

Lo percent of stoichiometric air

Subscripts

a ambient gas

cl centerline value

f fuel or effective orifice diameter

s saturated fuel vapor condition at the liquid length
r transition between the near- and far-field limits of a fuel jet
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Superscripts

+

~

characteristic length or time
non-dimensional coordinates
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Chapter 6
Conventional Diesel Combustion

Makoto Ikegami and Takeyuki Kamimoto

6.1 Introduction

Current diesel engines employ high boost pressures, high injection pressures and
high exhaust gas recirculation (EGR) rates than ever used before to pursue better
fuel economy and meet stringent emissions standards. However, the combustion
processes themselves are principally governed by mixture formation, auto-ignition
and turbulent diffusion in the same manner as in the conventional diesel engines.
Figure 6.1 shows the temporal variations of in-cylinder pressure, flame temperature
and concentrations of chemical species measured at a location in the combustion
chamber of a naturally aspirated single cylinder direct injection engine which has a
bore x stroke =95 mm x 110 mm and a compression ratio of 14.6 [3]. The data was
acquired at an engine speed of 1,250 rpm, excess air ratio of 2.07 and an injection
timing of 15° BTDC. Although the data is relatively old, it still provides useful
information to understand the basic processes of conventional diesel combustion
and pollutant formation.

As seen in the time record of soot concentration, soot starts its formation imme-
diately after the start of combustion, followed by a rapid rise in concentration until
the end of fuel injection. In this particular condition, approximately 14% of carbon
molecules contained in the original fuel is converted into soot by a crank angle near
TDC when the highest concentration is observed. After showing a peak, the soot
concentration decreases due to oxidation to approximately 1-2% of the maximum
concentration and remains nearly unchanged during the rest of the expansion stroke
by the time of exhaust valve opening. Meanwhile, NO formation is very slow as
compared to soot formation and the maximum NO concentration occurs 15° behind
that of soot. As well known, thermal NO freezes after completing formation and the
gradual decrease in NO concentration in the latter half of the combustion period can
be indebted to the dilution by air entrained in the flame.
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Fig. 6.1 Temporal variations of cylinder pressure, flame temperature, equivalence ratio, and
concentrations of soot and NO in the engine cylinder of a DI diesel engine (1,250 rpm, excess air
ratio=2.07, injection timing=15° BTDC) “Reprinted with permission from SAE Paper 800254
(©1980 SAE International”

In addition to the time based concentrations of chemical species, local equiv-
alence ratio, ¢, calculated from the concentrations of major combustion products
and local flame temperature, 7, measured by the two-color method are also plotted.
The two series of data plots of ¢ and T permit to draw a time trajectory of cycle
averaged local condition in the flame, represented by ¢ and 7, on ¢ - T diagram
as shown in Fig. 6.2 [19]. Although the trajectory is given by a single curve, the
real condition in the flame at an instant should be expressed by a belt with a width
indicating the extent of in-homogeneity because both ¢ and T in the figure have
spatial distributions, respectively. The figure includes also two other trajectories for
injection timings of 25° BTDC and 5° BTDC. The soot formation peninsula on
the diagram was determined based on a constant volume combustion bomb study,
while the NO formation peninsula was theoretically calculated using the Zeldovich
reaction scheme. Inspecting the position of a trajectory relative to the two penin-
sulas allows a qualitative explanation of the trend of soot and NO emissions under
the condition where the trajectory was obtained. It is seen that when the injection
timing is retarded the trajectory shifts closer to the soot formation peninsula and
farer from the NO formation peninsula, suggesting higher soot and lower NO emis-
sions. An opposite trend is seen when the injection timing is advanced to 25° BTDC,
suggesting higher NO and lower soot emissions. The trend observed here agrees
well with the change of the tradeoff curve between NO and soot emissions when
the injection timing is changed. The narrow region between the two peninsulas is
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Fig. 6.2 Soot and NO formation regions on ¢ - T diagram. Three lines show temporal trajectories
of local ¢ and T values in the combustion chamber at injection timings of 25°, 15° and 5° BTDC
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“desirable path” that ¢ and T in the flame should follow to achieve simultaneous

reduction of soot and NO emissions in conventional diesel combustion.

Torque

Fig

Figure 6.3 illustrates the new combustion concept, “mixed mode combustion”,
which is under development. In the mixed mode operation, conventional combustion
mode dominates in medium and high load range, while advanced diesel combustion

Advanced diesel

ROHR combustion
ROI
TDC
Conventional combustion TDC
MK, PCCI combustion
HCCI combustion
TDC

Engine speed

. 6.3 Operation regions of conventional and new diesel combustion regimes
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is applied under light load. The advanced diesel combustion includes modulated
kinetics (MK) combustion, premixed charge compression ignition (PCCI) combus-
tion, and homogeneous charge compression ignition (HCCI) combustion. These
combustion regimes are all based on partially premixed or fully pre-mixed mixture
combustion, featuring very low soot and NO emissions. As illustrated in the figure,
ignition in these combustion regimes is controlled to occur after the end of injection,
allowing injected fuel to sufficiently mix with air. The details of the advanced diesel
combustion will be described in the next chapter.

This chapter deals with physical and chemical processes in conventional diesel
combustion, starting with auto-ignition followed by the effects of flow and turbu-
lence on combustion and pollutants formation. The control of conventional combus-
tion by means of high boosting and multiple fuel injection will be also discussed in
the latter part of the chapter.

6.2 Spray Evaporation and Thermal Decomposition

6.2.1 Spray Evaporation

The fuel injected into the engine cylinder through orifices of an injector undergoes
breakup, atomization and evaporation, and simultaneously mixes with air entrained
into the spray plume. The initial droplet size depends on the orifice diameter, injec-
tion pressure and air density, and ranges generally from 10 to 20 um in diam-
eter [21]. The cavitation bubbles generated in the nozzle and orifice flow collapse
instantly when released in the high pressure ambient air. The effect of cavitation
bubbles on atomization is discussed in ref [7, 32]. When the injection pressure is
over some 200 MPa, the injection velocity exceeds the sound velocity in the in-
cylinder air, and shockwaves originating from the orifice exit is observed.

The spray droplets transfer their momentum to the entrained air and decrease
rapidly their relative velocities, and simultaneously receive heat from the entrained
air. The increased vapor pressure on the hot surface of the droplets drives molecular
mass transport, i.e., evaporation. With the progress of droplets evaporation inside the
spray plume, both local mixture temperature and vapor pressure approach to their
adiabatic-saturation conditions which depend on the local fuel-air ratio and initial
air temperature. The increased vapor pressure as well as the decreased temperature
within the spray plume slows the heat transfer and evaporation, respectively.

To know the thermal equilibrium temperatures under various conditions will be
useful when considering auto-ignition process in reacting diesel sprays. The equilib-
rium temperature was calculated as a function of equivalence ratio with surrounding
air temperature as a parameter, and the results for n-dodecane and n-heptane are
plotted in Fig. 6.4 [20]. As seen in the figure, the equilibrium temperature, 7,
decreases with equivalence ratio at a given air temperature, but the corresponding
curve becomes less dependent on the equivalence ratio at higher equivalence ratios
because a part of fuel remains unvaporized under these conditions. The ratio of fuel
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Fig. 6.4 Effect of equivalence T == T 1.4

ratio on thermal equilibrium 1200 |- Ta=1200 & 7y i3
temperature of fuel-air
mixture with surrounding air
temperature as a parameter

(Initial fuel temperature is ¥ 8OO [ 08 =
. . Z
300 K, surrounding air R -3

density = 6.5 kg/m®)
“Reprinted with permission
400 | .
from SAE Paper 770413 n-dodecane
(©1977 SAE International” — — — n-heptane

vapor to air mass at these equilibrium conditions is also shown. To the left of the
peaks in the myg/m, curves, only fuel vapor is present. To the right of these peaks,
liquid fuel is also present because the vapor phase is saturated.

Although not shown here, when the ambient air pressure exceeds twice the fuel
critical pressure and the ambient air temperature is higher than around 1.5 times
the fuel critical temperature, the fuel droplet reaches critical temperature during
evaporation and turns instantly into gas phase. This phenomena is considered to
occur under high boost pressure conditions.

Evaporation process of an evaporating spray in a quiescent atmosphere was
investigated using a rapid compression machine (RCM), which has a combus-
tion chamber large enough to avoid spray impingement. The entire field of the
combustion chamber is optically accessible to imaging diagnostics of various spray
phenomena. The charged air was compressed to a condition equivalent to that in
actual engines in 100 ms. The spatial distributions of fuel vapor concentration in an
evaporating spray was measured using the laser induced fluorescence (LIF) imaging
by taking into account the effect of temperature and pressure on LIF intensity [40].
Figure 6.5 shows the two-dimensional distributions of equivalence ratio in a tran-
sient evaporating spray at different timings after the start of injection. Three series
of images at different runs under the same condition are presented to show the
repeatability of the evaporation event. It is seen that fuel vapor—air mixtures with
high equivalence ratios over 1.5 are distributed unevenly in the center and near the
nozzle. The thermal equilibrium temperatures in these fuel-rich regions are about
50K lower than that of surrounding air.

6.2.2 Thermal Decomposition During Ignition Delay

Pertaining to the ignition process, high-speed gas-sampling and analysis were
performed to clarify how far thermal cracking proceeds during the ignition delay
period [13]. Experiments were made on a two-stroke cycle engine that might afford
to simulate basic behavior of a single spray under quiescent air condition. In Fig. 6.6
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Fig. 6.6 Gas-chromatograms of gases sampled during ignition delay on the spray path
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the results are given, showing gas-chromatograms of gas sampled in the spray at
different sampling positions during ignition delay time. It is shown that even during
the ignition delay period (1.2ms in this case) when no appreciable pressure rise
takes place, there are considerable amounts of split hydrocarbons having carbon
numbers from five to eleven on the spray path at a position of 19 mm from the
nozzle tip (the ratio of the position x to nozzle orifice diameter d being 63) and
lighter saturated and unsaturated hydrocarbons having carbon numbers below six
at the position of 39 mm, or at x/d being 130. At a position far downstream of the
nozzle orifice at 53 mm, x/d being 180, raw fuel is no longer detected and instead
there are certain amounts of inorganic products.

These lighter hydrocarbons are definitely decomposed products from raw fuel.
According to different sampling experiments of traversing perpendicular to the
spray at a fixed position of x=39mm, a pretty high concentration of carbon
monoxide and acetylene is reached in the vicinity of the spray within the same
delay period. This suggests that hot gas formed in the spray mantle might have
been entrained into the spray body, thereby bringing about higher temperatures in
the spray than without heat liberation in the mantle. These evidences might lead
to a picture that even during the ignition delay fuel droplets are heated up quickly,
changed into gas phase, and thermally decomposed into split hydrocarbon segments
due to local exothermic reactions. Probably because of the endothermic processes
during this period, such as heating-up, gasification and molecular splitting of raw
fuel, the entire process may proceed almost adiabatically until the onset of igni-
tion, which might be noticeable on the pressure-time trace. In summary, the ignition
delay is such a period during which the spray is likely a gaseous jet containing a
lot of unburned hydrocarbons due to gasification and thermal decomposition with
assistance of partial oxidation of the spray mantle.

6.3 Auto-ignition

Fuel air mixtures formed during ignition delay period burn explosively when combus-
tion starts and therefore, ignition delay together with the fuel injection rate and air
motion plays a key role in determining the initial heat release rate. As the extent of
homogeneity of fuel air mixtures formed during ignition delay is responsible for the
spatial and temporal distributions of ¢ and 7 in the flame during the early stage of
combustion, ignition delay affects largely the formation of NO and soot.

6.3.1 Factors Affecting Auto-Ignition

Auto-ignition of diesel sprays depends essentially on two processes that progress
simultaneously, the physical process governing mixture formation and the chem-
ical process leading to exothermic reactions. Therefore, all factors involved in both
processes affect auto-ignition of diesel sprays. The physical properties of a fuel such
as density, surface tension, viscosity, and volatility concern closely atomization,
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evaporation and mixture formation in the spray of this particular fuel. The cetane
number is also an important index that relates closely chemical process. The in-
cylinder air conditions such as pressure, temperature and oxygen concentration are
all involved in both processes. The specifications of an injection system employed
are also important as they play primary role in spray formation. Among them, the
effect of orifice diameter on ignition delay attracts attention because it tends to
become smaller with the increase in injection pressure. Also we have to know the
effect of ambient air pressure as the boost pressure is continuously increasing.

Effects of orifice diameter and air pressure on ignition delay were investigated
using a small rapid compression machine with a combustion chamber of 60 mm
bore [23]. A blended fuel composed of n-cetane and heptamethylnonane with a
cetane number of 55 was injected at a pressure of 100 MPa.

In order to see the effect of physical delay, five injection nozzles having different
orifice numbers and diameters; ] mm x 0.2 mm, 1 mm x 0.1 mm, 4 mm x 0.05 mm
and 16 mm x 0.025 mm were prepared. The total cross sectional areas for the last
four nozzles were kept constant by changing the number of orifices. The ignition
delay, 7|+ 7,, was determined as the pressure recovery time from the pressure-
time record as shown in Fig. 6.7. Figure 6.8 is an Arrhenius plot of ignition delay
for different nozzles at an ambient air pressure of 4.2 MPa. Temperature, Ty,, in
the figure is not the gas law temperature but the temperature measured by a thin
thermo-couple in the center of the combustion chamber.

It is worth noting that ignition delay decreases with the decrease in orifice diam-
eter but remains unchanged when the orifice diameter is smaller than 0.05 mm. On
the curves for small orifices, a step is observed in a temperature range between 750
and 850 K. This step obviously corresponds to the so-called negative temperature
effect range, which is usually observed in shock tube experiments using homo-
geneous mixtures [30]. This fact suggests that the ignition delay for 0.025 and
0.05 mm diameter orifices under the temperature range studied is dominated by the
chemical delay because of the fast mixture formation with these small orifices. At
temperatures above 1000 K, the difference between ignition delays for large and
small orifices is bigger than that at lower temperatures, because the physical delay
occupies a major portion in the total ignition delay at high ambient temperatures.

T T2

Pressure

Fig. 6.7 Definition of ]
ignition delay 7 + 1, Time
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Although the data is not shown here, when the injection pressure dropped from
100 to 30 MPa for a nozzle with 0.2 mm diameter orifice, the ignition delay showed
a significant increase, suggesting the dominant role of physical delay under low
mixing rate conditions.

Diesel engines equipped with turbo-chargers provide maximum cylinder pres-
sures as high as 15 MPa, and the effect of ambient pressure on ignition delay was
investigated at ambient pressures up to 12 MPa for a nozzle with four 0.15 mm
orifices. Figure 6.9 shows the Arrhenius plots of ignition delay data at different
ambient pressures. T, in the abscissa is the gas law temperature calculated from
measured cylinder pressure. As seen, the gas law temperature, Ty, is 100-200 K
lower than T,, because of the uneven temperature distribution in the combus-
tion chamber. This suggests the need for clear definition of gas temperature in
Arrhenius plots. Figure 6.9 shows that ignition delay shortens in proportion to recip-
rocal ambient pressure at relatively low air temperatures, because chemical reac-
tions progresses proportionally to oxygen partial pressure. When Tp,, = 1000 K and
P, =12MPa, ignition delay is as short as 0.2 ms at injection pressure of 100 MPa.

Diesel engines for automobiles and off-road application employ generally exhaust
gas recirculation (EGR) to reduce NO formation, and the resultant reduced oxygen
concentration in the intake charge prolongs ignition delay. The effect of EGR on
ignition delay was investigated using a constant volume combustion vessel [18].
Diesel fuel was injected from a 0.2 mm diameter orifice at a pressure of 70 MPa
into an environment with gas density of 16.2kg/m?. The results show that the
oxygen concentration has strong effect on ignition delay in a high temperature range
between 800 and 1200 K where the chemical delay is dominant. For instance, at an
air temperature of 1000 K the ignition delay of 0.25 ms at 21% O, volume concen-
tration was elongated to 0.31 ms at 17% O, concentration and 0.4ms at 13% O,
concentration.
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6.3.2 Effect of Pilot Injection

Pilot injection, an effective way to shorten ignition delay, is commonly used to
improve the NOy — particulate trade-off, because pilot injection permits engine
operation at much retarded injection timings than without pilot injection. The pilot
injection is also indispensable for reducing engine noise, particularly in small high
speed diesel engines which has higher heat loss fractions than larger engines.

Regarding the effect of pilot injection, a question arises about which is the major
cause for shortening ignition delay, increased ambient temperature due to pilot fuel
combustion or hot gases, which are formed by pilot combustion, drifting near the
nozzle tip. In order to investigate this, an experiment was conducted using the small
rapid compression machine mentioned in the preceding section. A square combus-
tion chamber with a dimension of 60 mm x 60 mm was used in this experiment.

The parameters investigated were the ratio of pilot fuel mass to the total fuel
mass and the injection dwell. The injection dwell is the interval between the end
of pilot injection and the start of main injection. Diesel fuel was injected from an
orifice of 0.2 mm diameter at 30 MPa. The compressed air density was kept constant
at 17.8 kg/m® by changing the charge pressure and the piston stroke at all conditions
investigated, allowing the spray characteristics being unchanged.

Figure 6.10 shows the effect of injection dwell on ignition delay for main injected
fuel, Tmain, in an Arrhenius plot at a condition of 5.7% pilot injection amount.
Temperature, T,, on the abscissa is calculated from the cylinder pressure at the start
of main fuel injection. The main fuel is injected into an environment with pressure
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and temperature increased by pilot fuel combustion. As the data plots show, the igni-
tion delay, T main, with 10 ms injection dwell coincides approximately with that of no
pilot injection obtained at the same temperature level. This shows a simple temper-
ature effect of pilot injection. On the contrary, when the injection dwell becomes
shorter, 5-2 ms, the ignition delay, 7y, is obviously shorter as compared to that of
no pilot injection case at the same ambient temperature. The result suggests that the
increased temperature and pressure by pilot combustion shorten naturally the igni-
tion delay of main injection, and in addition, if hot gas clouds formed by pilot fuel
combustion are drifting near the nozzle, they will help the main fuel sprays ignite
earlier. A high speed imaging study on the effect of pilot injection under swirling
conditions reveals that the effect of pilot injection is most pronounced when the
pilot flames being conveyed by air swirl contact the main sprays from neighboring
orifices. A flamelet combustion modeling provides detailed explanation on the roles
of pilot injection in ignition event of main fuel [9].

6.3.3 Modeling of Auto-Ignition Focusing on Turbulent Mixing

There are two possible ways to model what takes place during the ignition delay;
one is a precise and detailed description of the entire events taking place, taking into
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consideration every physic-chemical aspect. Physical factors may include motions
of fuel droplets, turbulent eddy motions, heat and mass transfer between droplets
and surrounding gases, whereas chemical factors might be thermal decomposition,
pre-flame reactions and oxidation reactions. Theoretically speaking, this approach
is possible but not practical even at present for the long computational time required.

The other is a simplified manner in which only some significant factors are dealt
with, all remaining factors being either simplified or ignored. Most models rely
on this latter approach. One of the most familiar model is Wolfer’s one in which
ignition delay data gained from his bomb tests are indicated on a simple Arrhenius
curve [37]. Wolfer’s model relies on an implication that a chemical reaction is rate-
determining step due to the fact that there are many fine fuel droplets that may form
combustible mixtures, which are prepared even at the very beginning of injection.
This may be valid in the case when the pressure and temperature are low enough, but
it fails to hold in the case of shorter ignition delays as in the case of modern diesel
engines. This is due to the fact that both physical and chemical factors of mixture
formation and heat-liberation and -absorption might affect the length of ignition
delay appreciably unlike Wolfer’s model.

The model to be presented below focuses on turbulent mixing and places emphasis
on the role of mixture heterogeneity prevailing within the spray [16]. Hetero-
geneity refers to place-to-place fluctuations in temperature and fuel-air ratio, or
fuel concentration, both caused due to random nature of mixing of fuel and gas in
the spray. As time goes on, the heterogeneity tends to decrease by strong turbu-
lent mixing. This process may be described in a stochastic manner based on a
stochastic model that employs essentially zero-dimensional approach [12]. For the
overall scope and the approach of the stochastic model of diesel combustion, refer
Sect. 6.6.2. Here, explanations will be limited only to the ignition delay period.
In the present stochastic spray model, chemical reactions during ignition delay are
expressed by a simple one-step irreversible mechanism of Arrhenius type, in which
ignition is assumed to be reached when the concentration of certain active species
exceeds a threshold for each fluid element whose state may change from time to
time according to the details of mixing. Basically, this assumption is equivalent to
assume the Livengood-Wu integral, which has been pretty often applied to predict
the ignition delay under time-dependent pressure and temperature from the delay
data gained at a fixed pressure and temperature.

Calculations have been performed on a computer in which fifty thousand Monte-
Carlo fluid elements are assumed to simulate mixing and chemical reactions under-
going within and around the spray. Some elements originate from gas fuel and the
remainder from entrained air, both being subject to random binary collision and
re-dispersion uniformly in a closed spray volume without considering any structure
of spray, consistently with that described by Curl’s model. In this model, collision
frequency w and turbulence energy k, both being essential to turbulent mixing, are
assumed to be given by w=0.3266 k/L, where L is the integral scale of turbulence
and is given by L = dy (pr /pa)"?> where dy is the nozzle orifice diameter and p¢
and p, are the densities of fuel and air, respectively. k-eqation takes into account the
following mateers; turbulence production due to shear force in the spray and to gas
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expansion by chemical reaction, turbulent cddy dissipation, and increase in spray
volume. Even during the ignition delay, heat liberation and endothermic processes
are weak but no longer negligible once the delay length is desired to determine.
For this reason, heat absorption per amount of fuel injected is taken into account
to describe the effect of heat for fuel gasification and thermal decomposition. In
determining model constants including chemical reaction, data have been selected
with great care.

Figure 6.11 shows the comparison of predicted pressure-time trace reproduced
by the present model with those of experiments made on a free-piston-type rapid
compression machine using a 0.25-mm-diameter single orifice nozzle. In this figure,
ps—pi stands for the difference between fired and non-fired pressures and p, for the
pressure of nitrogen cycle where a fuel is injected into the combustion chamber
filled with nitrogen. It is noted that the predicted pressure trace shown in dotted
line well reproduces the experimental one. In Fig. 6.12 Arrhenius diagrams are
given for the ignition delays of t; (onset of heat release) and 7, + 7, (recovery
to non-fired pressure) against reciprocal air-temperature I/T; for a few different
pressures. Degree of reproduction looks fairly well, suggesting the soundness of the
proposed model and empirical constants employed. It is true to say that there is a
room for improvement in the case when air temperature is lower. The discrepancies
of predicted results from measured ones might be attributed to too simple chemical
kinetics adopted. Nevertheless, it may safely be stated that turbulence induced in
the spray plays a dominant role in determining heat release during ignition delay
period.
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This stochastic ignition-delay model has been extended to predict the initial
explosive heat release and pressure rise just following the ignition delay [34], and
also to afford the description of the ignition delay and ignition process of premixed
charge compression ignition (PCCI) combustion [17]. The latter analysis, chemical
kinetics is based on Schreiber’s five-step quasi-global mechanism.

6.3.4 Visualization of Auto-Ignition in Transient Reacting Sprays

A reacting diesel spray shows a rapid increase in its volume immediately after
the start of combustion in accordance with the rapid heat release during the initial
combustion phase. Later in this period, faint luminosity appears in the flame images
taken by the direct photography, showing the start of soot formation, but the loca-
tions, where exothermic reactions occur first within the spray, can’t be identified
with the direct photography.

Formaldehyde is one of the relatively stable intermediate species formed in
the low temperature oxidation of alkane fuels. Imaging formaldehyde LIF was
performed to study knocking in a homogeneous charge spark ignition engine and
it was demonstrated that formaldehyde formed in the end gas extinguished at multi-
points where spontaneous ignition occurred prior to knocking [11]. This suggests
that formaldehyde formed in the low temperature oxidation reaction is consumed
rapidly upon the start of the high temperature oxidation reaction.
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On the basis of this study, the same technique was applied to transient reacting
sprays to image locations where spontaneous ignition occurs [26]. The third harmonic
of a Nd:YAG laser with 355 nm was used to excite formaldehyde in the spray of
0-solvent (21.4% Ci,Hy +22.0% C3Hog +51.6% C14H3p). The fluorescence given
off from formaldehyde was imaged by a CCD camera through a band pass filter with
a center wavelength of 398 nm. The test fuel was injected from a 0.15-mm diameter
orifice at a pressure of 85 MPa.

The temporal change of the formaldehyde LIF in a transient reacting spray
during ignition delay time and initial combustion phase was imaged at three ambient
temperatures of 620, 660 and 790 K. The ignition delays for these three conditions
were 0.49, 0.35 and 0.22 ms, respectively. The three series of LIF images acquired
showed a common feature that formaldehyde LIF appeared across the entire cross
section of the spray immediately after the start of ignition at 7|+ 7,, and after
a short period of time dark regions indicating the consumption of formaldehyde
due to high temperature reactions appeared in the spray head and grew with time.
Figure 6.13 shows LIF images taken for the three ambient temperatures at 1.05, 0.78
and 0.43 ms, respectively when part of LIF images began to darken. It is seen that
at ambient temperatures of 620 and 660 K the LIF intensity starts to drop mainly in
the periphery of the spray head, while at a higher temperature of 790 K it decreases
mainly in the central region behind the spray head. The difference between the loca-
tions of exothermic reactions for the three conditions will be discussed qualitatively
in the following paragraph by considering the spatial distributions of local mixture
temperature and equivalence ratio in the spray.

Figure 6.14 shows calculated ignition delay times as functions of initial gas
temperature, Ty, With equivalence ratio of n-decane/air mixture as a parameter
[27, 8]. T¢ in the figure stands for a thermodynamic equilibrium temperature for
equivalence ratios of 0.5 and 2.0. The initial gas temperature, Ty, was calculated
using the perfect gas law from measured cylinder pressure and therefore the gas
temperature in the central region of the combustion chamber, where spray ignition
takes place, is higher than T, at least by several ten degrees. When looking at
ignition delay curves for different equivalence ratios, we notice that ignition delay
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t=1.05ms t=0.78 ms
0
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0 820
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0 100 0 90 t=0.43ms
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Fig. 6.13 Images of formaldehyde LIF of reacting sprays at different ambient air temperatures
“Reprinted with permission from SAE Paper 2000-01-0236 (©) 2000 SAE International”
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is shorter for lean mixtures when Tgiy; is below around 850 K, while it is shorter with
rich mixtures when Tiexceeds 950 K. The trend of these four curves suggests that
at two ambient gas temperatures at 620 and 660 K, fuel lean mixtures in the spray
periphery are most likely to ignite first. At an ambient gas temperature of 790 K, the
temperature in the center of the combustion chamber is estimated to exceed 900 K
(see Fig. 6.9), and this may cause early ignition in the fuel rich mixtures in the
central part of the spray head.

6.4 Soot Formation and Oxidation in Transient Reacting Sprays

6.4.1 Formation of Soot Precursors

Acetylene, an unsaturated hydrocarbon, which is formed by thermal decomposi-
tion of fuel during ignition delay period reacts each other under high temperature
conditions to form poly-aromatic hydrocarbons (PAH) which are known as the soot
precursor [22].

The soot precursor and young soot particles in a transient reacting spray achieved
in the RCM were visualized simultaneously using LIF and the laser induced incan-
descence (LII) techniques, respectively [2]. The LIF emission excited by a 355 nm
laser sheet and detected at 400 nm wavelength represents the broad-band emission
from three- to six-ring PAHs. O solvent was injected from a 0.15 mm diameter
orifice at an injection pressure of 55 MPa into compressed air at 2.9 MPa and 760 K.
LIF and LII images obtained simultaneously at 1.3 ms after the start of injection
(at around 0.5ms after the start of ignition) are given in Fig. 6.15 (a) and (b),
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Fig. 6.15 Simultaneous images of PAHs LIF at (a) 355nm and soot LII at (b) 1,064 nm in a
transient reacting spray obtained at around 0.5 ms after the start of ignition

respectively. A comparison of the two images tells that the soot precursor exists
mainly in the central and upstream region of the spray, while young soot particles
are thinly distributed in the spray periphery.

6.4.2 Soot Formation

Figure 6.16 shows a series of high speed direct photographs of a typical transient
reacting spray achieved in the RCM. At 1.0 ms after the start of injection, clusters
with weak luminosity appear in the periphery of the spray head and the luminous
flame evolves with time, increasing luminosity and volume. The luminosity, i.e.,
thermal radiation in visible wavelength range, includes line-of-sight information of
soot temperature and soot mass concentration, but the information is not enough to

Omm  p =020 mm

50 ,_A‘Pi=l36 MPa
I=930 K
m=19mg
=20 ms
p=11 kg/m?

Time after start of a injection ms

Fig. 6.16 Direct photographs of a transient reacting spray in RCM (orifice diameter=0.2 mm,
injection pressure = 136 MPa, air temperature = 930 K, air density = 11 kg/m?)
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study the soot formation process within the flame. For this reason, the planner soot
scattering imaging technique was applied to reacting sprays [38].

Figure 6.17 shows three series of two-dimensional soot scattering images taken
at injection pressures of 55, 85 and 134 MPa. It is seen that the scattering intensity
decreases obviously with the increase in injection pressure, showing less soot forma-
tion at higher injection pressures. It is also noticed that soot is distributed rather in
the periphery of the spray head, particularly at the highest injection pressure of
134 MPa. At injection pressures of 55 and 85 MPa, wavy or snaky shape clusters
exist in the central region and connect the soot layers in the spray head.

In order to investigate the relationship between the soot distribution patterns
observed in the figure and the flow pattern inside the flame, two-dimensional local
velocity vectors in a vertical laser sheet plane in the spray was measured by the
cross-correlation method focusing on a set of two scattering images taken at a small
time interval [39]. Figure 6.18 shows the two two-dimensional local velocity vector
distributions, where image A on the left is the velocity vector distribution based on
the stationary axis, while image B presents the velocity vectors relative to the flame
tip velocity. Image B clearly shows velocity vectors pointing to the spray head along
the spray axis and those going upward along the flame surfaces. It is worthy of note
that the soot particles formed in the central region are conveyed downstream to
the spray head and swept upward along the flame surfaces by a large scale vortex

<«
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20ms 25ms
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Fig. 6.17 Scattering images of soot in reacting sprays showing the effect of injection pressure
“Reprinted with permission from SAE Paper number 910223 ©) 1991 SAE International”
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Fig. 6.18 Velocity vector mapping showing a flow field induced by a spray head vortex (A: velocity
vectors in the static field, B: velocity vectors relative to the velocity vector at a location in the spray
head) “Reprinted with permission from SAE Paper number 920114 (©) 1992 SAE International”

formed in that region. This observation gives a reasonable explanation to the soot
distribution patterns observed in Fig. 6.17.

In addition to the soot scattering images and velocity vector distributions, the
images of soot mass concentration, particle size and particle number density were
obtained by analyzing pairs of LII and scattering images assuming the Rayleigh
approximation to the soot particles in the reacting spray [24]. The qualitative two-
dimensional distributions of these values were acquired at a condition when fuel
was injected from a 0.15-mm diameter orifice at 100 MPa into compressed air at
2.9 MPa and 760 K.

Figure 6.19 shows the temporal series of three images, mass concentration on the
top, particle size in the middle and particle number density on the bottom. The soot
concentration images obtained by the LII technique are similar to scattering images
discussed previously. The particle diameter shows the smallest value near the nozzle
and increases with distance from the nozzle as the soot clusters in the centeral region
go downstream toward the spray head because the coalescence between particles
and coagulation progress while they travel downstream. As expected the particle
number density shows an oposite trend to that of particle diameter.

6.4.3 Soot Oxidation

The soot oxidation process during the expansion stroke is as important as the forma-
tion process since it plays a decisive role in determining the soot emissions levels as
explained in the gas sampling analysis in Fig. 6.1. OH molecule, one of the interme-
diate combustion products, is highly reactive in such reactions as soot oxidation
and NO formation. The soot oxidation process in transient reacting sprays was
studied using soot scattering and OH LIF imaging techniques [25]. In the experi-
ment, polypropylene glycol, an oxygenated fuel, was added by 10% to the base 0
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Fig. 6.19 Temporal sequences of soot concentration, soot diameter and soot number density distri-
butions in a reacting spray “Reprinted with permission from SAE Paper number 952451 (©) 1995
SAE International”

solvent to control soot concentrations in the flame for the easy access of the laser
diagnostics employed. Figure 6.20 shows a series of reacting spray images that
include both soot scattering (red) and OH LIF (blue) distributions. It is seen that
OH is distributed in the most outer regions of the reacting spray until the end of
injection at 3.7 ms, and becomes dominant in the entire regions at 5.0 ms after the
end of injection.

The information given above allows us to draw a picture on the soot formation
and oxidation processes in a transient reacting spray as shown in Fig. 6.21. The
fuel emerging from the orifice atomizes and evaporates, and the vapor undergoes
immediately thermal cracking, generating a number of saturated and unsaturated
split hydrocarbons. Some of the decomposed unsaturated hydrocarbons such as
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Fig. 6.20 Temporal sequences of soot and OH images in a reacting spray. “Reprinted with permis-
sion from SAE Paper 960834 (©) 1996 SAE International”

acetylene form PAHs, soot precursor. Heavy PAHs form soot nuclei and young
soot particles, showing a low mass concentration but the highest number density
in upstream regions. They agglomerate each other by collision and grow in size
while traveling downstream, and the soot concentration increases simultaneously
by condensation and dehydrogenation. The soot shows the highest concentration. in
the spray head and soot clouds are conveyed upward along the spray surface by a
large vortex generated in the spray head. The soot clusters flowing upstream along
the spray periphery are re-entrained into the spray by vortex motions in the spray
periphery and are oxidized by OH radicals.
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6.5 Effects of Flow and Turbulence on Combustion
and Emissions

6.5.1 In-Cylinder Gas Motions and Their Effects on Combustion

In cylinder gas motions may significantly affect the entire processes of diesel
combustion in various ways; e.g., speeding-up burning, enhancing air utilization,
and promoting formation and destruction of pollutants. It is true to say that modern
diesels look more relying on high-pressure fuel injection than those used to be,
nevertheless gas motions and their effects on combustion are still of great concern
as one of the central problems of the combustion chamber design.

In-cylinder gas motions may basically be classified into three categories for
the case of direct injection engines. One is air motion induced until the start of
injection, such as swirl and squish, the second is combustion-driven gas motion
like reversed squish, and the other is turbulence generated with various bulk flows
including the fuel jet flow. Current understanding of these gas motions is still limited
because of the difficulties in both flow measurement and theoretical approach. This
is especially the case for combustion-driven gas motions and turbulent motions
during combustion. Yet some diagnosing methods and computational fluid dynamic
simulation have been applied successfully to a certain extent to elucidate such gas
motions and their effects on combustion. As a result, knowledge has been accumu-
lated in depth. Among these findings as such, some will be briefly described below.

In high-speed direct-injection diesel engines having a deep-bowl in the piston
head, various kinds of air motions are created during the compression stroke; they
consist of swirl and squish, the latter being induced when the air charge is forced to
flow into the bowl. Swirl is the air rotation around the cylinder axis and is generated
during the suction stroke by giving an angular momentum using either helical or
tangential suction port. The intensity of the swirl is usually expressed by the swirl
ratio, defined as being the ratio of rotational speed of the swirl to the engine speed.
Swirl itself may bring about favorable effects in fuel distribution, air utilization and
speeding-up of combustion. However, too high swirl- ratio may not only decrease
volumetric efficiency but also cause poor combustion as will be shown later.

The rotational speed of the swirl increases as compression proceeds since the
radius of rotation of air is reduced during the compression stroke when the air
is forced into the bowl that has smaller diameter than the cylinder diameter. The
degree of the speeding-up depends on the ratio of bowl diameter d to the piston
diameter D. For example, in the case of a cylindrical cavity having d/D=0.5 with
zero top-clearance, the swirl speed at the compression end is four times that before
compression, if the swirl is a simple forced vortex and if its angular momentum is
conserved throughout compression without any friction loss. In actual situations,
neither frictional loss nor effects of top clearance is negligible, so that the speed
ratio of before and after compression would be 3 or less in the case of d/D=0.5.

Figure 6.22 shows a result of CFD simulation of swirl and squish induced in
a cylindrical deep-bowl chamber near at the end of compression (predicted by
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FREC-AXSY code developed by M. Ikegami and his colleagues). In this case,
swirl is assumed to be a simple forced vortex like a solid rotation until the start of
compression. As might be seen from the figure, air swirl motion inside the bowl is
not a simple forced vortex but is that having such a non-linear profile that the tangen-
tial velocity increases with radius faster than that of solid body rotation. Radial flow
from the clearance space to the bowl is sharply bent at the corner, thereby creating
a flow towards deeper into the bottom. This flow is unlike a toroidal motion such as
that might be conceived in the past. This is attributed to an interaction of two flows
of swirl and squish. Generally speaking, such secondary flows may be induced in
different ways depending on the conditions including the geometry of the bowl.
Again in the present case, if injection is made before top dead center, the fuel
jet may hit the sidewall of the bowl and, as a result, the fuel splash may spread
along the swirl motion and in the direction towards the bottom. From the figure, it
may also be noted that flow reverses its direction from the bowl to the clearance
after top dead center during the expansion stroke. Such a flow is called the reversed
squish. Once viewed from the bowl, the clearance volume may act as a sink that
carries an air and even the prepared mixture out of the bowl into the clearance. In
the case when combustion takes place within the bowl, the reversed squish is espe-
cially significant, since a fuel-rich mixture that may only partially be burnt might
outflow into the clearance and be quenched there by the contact with walls when
passing the narrow clearance at a pretty high speed. If the walls of sufficiently lower
temperatures quench partially burnt rich mixtures, a lot of soot might be formed.
This would be explained by a simple chemical equilibrium of a system consisting of
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N, CO, Hy, free carbon and other minor species, in which the Boudourd reaction
and the water—gas reaction may hold. The conclusion of the analysis would tell
us that a carbon-free rich mixture might form free carbon in the mixture once the
temperature is changed from well higher than 1000 K to temperatures low enough.
To avoid this situation and to achieve more satisfactory combustion, it is neces-
sary to find out the optimum combination between number and diameter of injection
nozzle hole, injection pressure, direction of spray, swirl intensity and geometry of
combustion chamber. For the case of a given injection nozzle and chamber geom-
etry, the best condition may be met somewhere at a swirl ratio. Figure 6.23 compares
high-speed flame photos at the beginning of outflow for different swirl ratios [14].
In the case without swirl at swirl ratio rs being zero, the fuel spray directly hits the
bowl sidewall, around which a luminous flame is formed semi-spherically. At the
same time, a part of flame bursts into the clearance, showing a bright front. Behind

rs=0

rs=1.8

TDC 29 5° 8°

20° 30° 4o°

Fig. 6.23 High-speed direct photographs of diesel flame for different swirl ratios in a deep-bowl
chamber (a five 0.22 mm-diameter hole nozzle; 140° spray angle
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the front is a dark zone that might have been formed as the result of wall quenching.
Clearly, the reversed squish and the flame expansion may play a significant role
in the flame development. Under this quiescent condition, much fuel-air mixture
accumulates in the vicinity of the bowl, and as a result an early outflow might have
taken place. In the swirled case at ry being 1.8, initial spill-off into the clearance
looks significantly suppressed. This is due to the fact that the swirl makes the spray
jet bent with an action like crosswind against the spray, thereby permitting longer
spray path. At the same time, the secondary flow induced in the bowl may afford
to distribute the fuel in deeper positions, both keeping the fuel from out-flowing in
earlier stages. In a highly swirled case at r; being 2.7, flame in the bowl exhibits
shrunken, no longer reaching to the outer periphery inside the bowl. This results
from greater deflection of the spray jet due to stronger cross-wind than in the cases
of lower swirl ratios. Thus the air in the periphery remains unused for a longer time,
thereby causing poorer combustion with a lot of soot being formed than at a correct
swirl ratio.

The situation as such is called over-swirling, which should be avoided by all
means. Over-swirling may take place if the spray penetration is not enough for the
intensity of swirl prepared in the combustion chamber. Since the spray penetration
increases with the nozzle-hole diameter, the number of the spray should be reduced
to keep the penetration enough at higher swirl ratios.

Over-swirling may also take place in the case of a reduced spray angle, where the
spray angle denotes doubled angle of the geometrical spray path with the cylinder
axis. This is attributed to the localized flaming zone that is confined in the middle
lower part in the cavity. To avoid this, the spray angle ranging from 140° to 160°
should be employed normally.

In summary, at correct intensity of swirl motion, the swirl may improve spatial
distribution of fuel within the piston bowl and simultaneously avoid unfavorable
excessive outflow of the charge into the top-clearance. However, over-swirling that
takes place at a swirl having an excessive intensity may weakens the penetration
of fuel in radial direction, bringing about a localized flaming zone that may lead
to smoky combustion and deterioration of air utilization in the outer peripheral
zones.

The geometry of the piston cavity is diverse among a variety of high-speed direct-
injection diesel engines; there are traditional design of shallow-dish type and deep-
bowl type, either with or without central projection in the bottom. In Fig. 6.24 some
typical ones are shown. Some cavities are served by either squish lip, or re-entrant
lip, or toroidal ring cavity. The precise function of the reduced diameter of the cavity
entrance is not well known, but it may safely be stated that the narrowed entrance
may enhance the velocity of squish flow that might be helpful in ensuring better
mixing on the one hand, and may keep the fuel within the cavity from excessive
spill-off into the clearance space on the other hand. This might especially be impor-
tant at a retarded injection, because the reversed squish that is capable of drawing
out the charge inside the cavity becomes stronger at later timings due to higher
piston velocity. According to the computer analysis and experiments made by AVL,
a toroidal ring cavity may keep the swirl motion in the cavity stronger even until
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Fig. 6.24 Geometry of piston L_J
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later crank angles than otherwise, thereby achieving favorable combustion. For this
reason, modern high-speed diesels are often served by this design concept.

6.5.2 Role of Turbulent Mixing of Fuel-Air in Combustion
and in Formation of Nitrogen Oxides

While the bulk flows mentioned above basically governs spatial distribution of
fuel inside the cylinder and determines the degree of air utilization in the diesel
combustion chamber, turbulence plays most essential role in mixing of fuel and
air at microscopic molecular level not only during the spray development but also
during combustion. Such a microscopic point of view will be helpful in giving a
better insight into the rate of heat release during diffusive combustion, which follows
initial explosive combustion, as well as into the formation of pollutants, such as
nitrogen oxides and particulate matter.

As might easily be expected, each fluid element consisting of the injected fuel
and the entrained air within the spray has a fuel concentration, which may differ
from spot to spot at a certain moment. This state, which may be called “hetero-
geneous state,” or simply “heterogeneity,” prevails over the entire process. This
heterogeneity is subject to turbulent mixing, forming a mixture of less heteroge-
neous states as time goes on. Even during combustion following the fuel injection,
such heterogeneity may still remain and undergo turbulent mixing as well. Unlike
the homogeneous charge in spark-ignition engines, instantaneous concentration of
the heterogeneous charge as such may vary from zero, which corresponds to pure
air, to even that of pure fuel vapor during the course of turbulent mixing. In between
there will be fluid elements that have a fuel—air ratio at and around the stoichiometric
ratio, which may arrive at so high temperature that a lot of oxide of nitrogen may be
yielded. This may well explain why the concentration of tail-pipe nitrogen oxides is
much higher than that estimated from overall fuel-air ratio on a simple assumption
of a homogeneous charge.
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Description of the heterogeneity of fuel concentration and its decay with time
towards a uniform mixture by turbulent mixing in diesel combustion has success-
fully been made relying on a stochastic approach, based on Curl’s binary collision-
redispersion model for turbulent mixing [12]. The Curl model basically assumes
a stirrer in which the heterogeneity of concentration prevails uniformly under the
presence of turbulence. Random collision of two arbitrary-chosen fluid particles
having different concentration is assumed to take place at an equal probability in
terms of time, thereby producing two identical particles having the same state of
arithmetic mean concentration as the colliding pair. The number of collision of a
single fluid particle during a unit of time, or simply “collision frequency,” can be
determined so as to reflect the characteristics of turbulence field.

The model of diesel combustion relying on this concept is basically zero-
dimensional and assumes that a uniform turbulent field holds and that the hetero-
geneity in fuel concentration is uniformly distributed either in the spray zone or over
the entire space once combustion is initiated, without taking into account the details
of the bulk flows induced. Instead, the heterogeneity and its temporal change are
described in a stochastic manner, using a Monte Carlo method to avoid solving a
complicated integro-differential equation.

Figure 6.25 gives a result of calculation for a simple case at a constant-volume
reaction vessel without chemical reaction, showing how the probability density
function (PDF) of the fuel mass fraction, Y, progresses with time by turbulent
mixing. As the initial condition, it is assumed that there is 20% wt. of pure fuel
(Y = 1), the remainder being pure air without any mixture that has an interme-
diate fuel mass fraction. In the figure, m denotes the non-dimensional time from
the start of mixing, defined as being the integral of collision frequency. This value

Fig. 6.25 Heterogeneous distribution of concentration and its temporal change due to turbulent
mixing
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inherently expresses the average cumulative collision frequency in terms of a fluid
particle. Sketch in each circle shows how the spatial distribution looks like at the
corresponding time. PDF against Y shows a discrete distribution until m =2, after
which the profile becomes smoother and narrower with time, approaches normal
distribution at =6, and exhibits almost a single peak at average mass fraction of
0.2 at m=12. Incidentally, the collision frequency »w may be found by a relation
®w=0.4 u’/L, where u’ denotes the root-mean-square intensity of turbulence and L
the integral length scale.

In actual cases when combustion takes place in the engine cylinder, heat may be
exchanged and liberated at each collision due to chemical reaction. For this reason,
the specific enthalpy should be included as one of the dependent variables that may
describe the state of each fluid particle. Heat liberation is taken into consideration
on the assumption of chemical equilibrium, which holds for the instantaneous state
of each fluid particle. The change in enthalpy by expansion due to heat release is
also considered in the employed mathematical framework. For the further details
consult the reference.

In Fig. 6.26 some predicted relations of cylinder pressure and the rate of heat
release versus crank angle by the present model are shown for different injec-
tion timings, together with the measured ones. The results shown are for the case
of a small high-speed engine having a cylinder diameter of 90 mm, a stroke of
105 mm, a compression ratio of 16:1 and a deep-bowl chamber on piston head.
In initial burning stages a higher rate of heat release is seen due to rapid burning
of combustible mixture that has been accumulated. During the period of diffusive

90r
0 7 N Measured ~~  Predicted
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10
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Fig. 6.26 Comparison of predicted and measured course of cylinder pressure p and rate of heat

release for different injection timings 0; (overall equivalence ratio is 0.62, engine speed 1,800 rpm
and injection made at 45 MPa by a three 0.30 mm-diameter hole nozzle)
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burning, the rate of heat liberation looks primarily determined by turbulent mixing
of a rich mixture with either leaner mixture or that containing excess oxygen.
Judged from a reasonable degree of reproduction for different injection timings,
a proper description of the heterogeneity in fuel concentration and temperature
in the prevailing field of turbulence may successfully be achieved. In the case
presented here, the turbulence intensity and the scale have been determined by using
the concept of ordinary k-emodel, taking into consideration the spray process, gas
motions such as swirl, and flame expansion. Also, the effects of ignition delay and
heat transfer through walls are included.

Figure 6.27 shows the changes of PDF of temperature and of nitric-oxide concen-
tration (NO) with crank angle, for two cases shown in the previous figure showing
pressure versus crank angle relations. Since most nitrogen oxides are formed as
thermal NO, the Zeldovitch mechanism is assumed to hold for each fluid particle
during the mixing process. In the earlier stages of burning, temperature exhibits a
very wide spread due to a greater heterogeneity. The highest end of the temperature
PDF may be thought to be responsible for rapid production of nitric oxide. Partly
because the mixture tends towards less heterogeneous state from crank angle to
crank angle, and partly because the average temperature decreases with an increase
in the cylinder volume by the piston motion, the NO formation is slowed down and
finally ends up by 20° after the start of combustion. In the case of injection timing at
17.5° BTDC, the temperature PDF has a wing spreading up to only slightly higher
temperature than in the case of injection at 10° BTDC. Even though the difference
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Fig. 6.27 Probability density functions of NO and temperature 7" against crank angle for two
injection timings0;
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is quite small, this may lead to a substantial difference in the NO formation, because
the sensibility of rate of the NO forming reaction with temperature is very high. For
this reason, an earlier injection will finally give much higher concentration of nitric
oxide than otherwise.

Figure 6.28 gives the predicted and the measured results of the peak cylinder
pressure pmax and the concentration of tail-pipe nitric oxide against overall equiva-
lence ratiody, that is, the reciprocal of the air ratio, for different injection timings at
a fixed swirl ratio, r,, of 2.7 and for different swirl ratio at an injection timing0;
of 17.5° BTDC. The degree of reproduction is pretty well at least qualitatively
although it is far from being perfect as regards from quantitative aspects. The
discrepancy may primarily be attributed to the assumption of zero-dimensional
modeling approach. Nevertheless it might safely be stated that the present model
rather successfully describe the heterogeneity prevailing in the mixture and its decay
by turbulent mixing that will essential in the diesel combustion process. Thus we
may conclude that what might be drawn from the results of this stochastic model
would be that the NO formation essentially lies in hot spots formed in the heteroge-
neous nature of combustion.
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Fig. 6.28 Predicted and measured exhaust concentrations of nitrogen oxides NOy and peak
cylinder pressure pyax against overall equivalence ratio ¢p, showing effects of injection timing
(left) and of swirl ratio (right)

6.5.3 Soot Formation and Oxidation as Viewed from Basic Aspects

Soot formation has been dealt with already from the aspects of fuel spray and gas
motions within the direct-injection system. What has been emphasized has been that
the fuel injection should entrain the surrounding air as much as possible to prepare
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a well fuel-leaner mixture and that gas motions and the sprays should be selected
so as to maximize the degree of air utilization. In addition to those macroscopic
viewpoints, there are some arguments arising from more fundamental levels. They
will be touched on briefly below.

First, more recent study has shown the possibility of predicting the formation
of free carbon, or soot, by the stochastic approach explained already. The hetero-
geneity of fuel concentration and specific enthalpy may remain at later crank angles
and even until exhaust stroke. In such later burning stages oxidation may no longer
proceed due partly to decreases in the amount of oxidizer and in gas temperature,
and partly to the weakened gas motions and turbulence. As a result, part of free
carbon can be frozen and emitted into the exhaust valve as soot. This prediction has
been applied with a certain degree of success to analyze the effect of exhaust gas
re-circulation on the NO and soot formation [15].

There are some experimental evidences that support the view that the enhance-
ment of the turbulence intensity may enable one to promote combustion and thereby
suppressing soot formation. High-pressure injection will reinforce not only atomiza-
tion but also entrainment of air into the spray core making the mixture leaner. At the
same time, the increased velocity may make turbulence stronger and the associated
reduction of the nozzle-orifice diameter may decrease the turbulence scale, every
contributing to attain favorable burning. Another example is the use of auxiliary cell
called “combustion chamber for disturbance (CCD)” into which a fuel is injected
in the later burning stages in a direct-injection engine [28]. Experiments made have
shown that over a range of auxiliary injection timing the smoke level is much lower
than without injection. This is clearly attributed to the elevated level of turbulence.

As is summarized in Fig. 6.29, there are several factors that govern the in-cylinder
turbulence; some factors enhance the intensity of turbulence and the other weakens
turbulence. However, kinetics of in-cylinder turbulence is not well established at
present unfortunately. This is especially true for the combusting case in which some
sort of thermal effects might exert an influence on turbulence; laminarization is one
of such effects and may be caused by a decrease in kinematic viscosity at elevated
temperatures, whereas flame-generated turbulence may be effective in reinforcing
turbulence. Probably, laminarization would play a significant role in dissipation of
smaller turbulent eddies in hotter flaming zones. This would reduce mixing between
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Fig. 6.30 Three routes of b
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injection diesel engines

. a: separated flamelets due to
turbulent eddies
U R b: quenched by contract with wall
53 “'h“ ). e _,/J [I c: dropped reburning speed
A7 |
S~ \>=f|  during expansion stroke

fluid, thus hindering fuel-rich spots to arrive at leaner spots and as a result bringing
about a poorer combustion.

According to observations performed by laser-light sheet methods [33], many
soot clouds are formed in the combustion chamber in the outer periphery of visible
luminous flame. They exist as clusters having a size around a few millimeters and
exhibiting a complicated outline. A greater part of these clouds might be formed
in such a manner that the surrounding air having a relatively lower temperature in
the tip of the spray quenches partially burned hot fuel formed by thermal decom-
position. In much later stages of burning, different types of soot clouds may be
observed as is sketched in Fig. 6.30. They might result from flamelets segregated
into the surrounding air by turbulent eddies, those formed by quenching through the
contact with the colder chamber walls, and those left unburned due to a decrease
in gas temperature and to the increased turbulence scale during the expansion
stroke.

Figure 6.31 shows a transmission electron microscopy (TEM) picture of a typical
soot aggregate sampled from exhaust of a 3-1 common-rail turbo-charged inter-
cooled diesel engine. The diesel soot aggregate comprises several to hundreds

Fig. 6.31 Transmission
electron microscopy picture
of soot aggregate sampled
from a 3 liter common-rail BN
turbo-charged diesel engine SpeRvExancess 10nm
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carbonaceous primary particles with a diameter of about 30 nm. It was shown previ-
ously that the soot mass concentration in the cylinder drops to 1-2% of the peak
concentration due to oxidation during the expansion stroke. The temporal change in
soot particle size distribution during combustion and oxidation processes was inves-
tigated by a direct sampling method using a 2.2-1 common-rail turbo-charged diesel
engine [31]. Surprisingly, the size distribution pattern and its peak mode scarcely
vary during the expansion stroke despite the drastic reduction in particle number
density. The size distribution of soot particle in exhaust was also found quite similar
to those in the cylinder. As Heywood points out in his textbook, no primary particle
could survive during the expansion stroke if all the particles are exposed equally to
hot and oxygen rich environment in the cylinder [10]. This allows a hypothesis that
the inhomogeneous mixture distribution in the cylinder makes a small amount of
soot to remain unburned during the expansion stroke without encountering oxidizers
such as OH, oxygen and others.

The effect of symmetrical nature of the in-cylinder air motion on soot and CO
emissions were investigated by means of LII flame visualization and a multidimen-
sional CFD simulation involving reduced kinetics for soot formation and oxidation
[1]. The CFD calculation of the in-cylinder air motion, which was performed with
PIV data as an initial flow field, showed non-symmetric flow patterns at 40 CA
BTDC. Figure 6.32 shows the calculated soot distribution in and above the piston
bowl in direct comparison to the flame light and LII measurements. It is clear
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Fig. 6.32 Measured soot distribution (Flame light and LII) versus calculated soot distribution
“Reprinted with permission from SAE Paper 2006-01-1417() 2006 SAE International”
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that high soot concentration occurs in regions where flow velocity is low due to
the non-symmetric swirl motion. This result suggests that symmetric swirl in the
cylinder may bring about further reduction in soot emissions.

6.6 Combustion Control by EGR, High Pressure Charging
and Multiple-Injection

6.6.1 EGR, High Pressure Injection and High Pressure Charging

6.6.1.1 EGR and High Pressure Injection

As shown in Fig. 6.33, increasing EGR leads to decreased oxygen fraction in intake
charge, allowing significant reduction in NO formation through lowered adiabatic
flame temperature. For instance, 40% EGR rate reduces oxygen concentration in
intake charge from 21% to 15% in the case when the excess air ratio,\, is 1.5. The
resultant 300 K drop in adiabatic flame temperature yields at least one order less
NO formation. On the other hand, high EGR rate inevitably brings about decreased
volumetric efficiency and increased soot emissions. In order to compensate these
disadvantages high boost charging and high pressure injection are employed.

The effect of initial injection velocity, orifice diameter and ambient air density
on fuel air mixing can be qualitatively calculated by the quasi-steady spray theory
[36]. The mean equivalence ratio,¢ in a quasi-steady spray is given by
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Where fy: stoichiometric fuel air ratio,ry: orifice radius, ps: fuel density, p,:
air density, uy: initial injection velocity,: time after the start of injection, 8: spray
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angle. When inspecting the effect of injection pressure on¢, we should fix the injec-
tion amount and injection duration, because these are two of the basic parameters
governing combustion and emissions in actual engines. And hence, the orifice diam-
eter has to be changed according to the change in injection pressure. On the basis of
this assumption, the effect of injection pressure on mean equivalence ratio,@, initial
spray momentum per unit fuel mass and initial spray kinematic energy per unit
fuel mass were calculated varying orifice diameter dy. The initial spray momentum
governs the spray tip penetration and air entrainment, while the initial kinematic
energy represents the total turbulent energy involving in the micro-scale mixing
through the eddy cascading process.

Figure 6.34 shows the result when the injection amount and duration were fixed
at 38.5mg and 3 ms, respectively. The mean equivalence ratio, ¢, decreases with
increasing injection pressure owing to the increased initial spray momentum per
unit fuel mass and the decreased orifice diameter. The changes in both ¢ and the
spray momentum become moderate when the injection pressure exceeds 200 MPa,
but the kinematic energy keeps increasing in proportion to the pressure drop between
the injection pressure and ambient pressure. This suggests that increase in injection
pressure is meaningful in terms of mixing enhancement. As stated in the preceding
chapter, increasing injection pressure leads to increased lift-off length, resulting in
leaner combustion with less soot formation.

The injection pressure affects also droplet size that relates to evaporation and
liquid core length. The mean droplet size decreases steeply with injection pressure in
a pressure range between 50 and 150 MPa and approaches asymptotically to a value
with the increase in injection pressure [41]. In other words, much higher injection
pressures will be of minor benefit as far as atomization is concerned.
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Fig. 6.34 Effect of injection pressure and orifice diameter on mean equivalence ratio in the spray,
spray momentum per unit fuel mass and spray kinematic energy per fuel mass at a condition when
injected fuel mass =38.5 mg and injection duration = 3 ms (fuel density/air density =40)
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6.6.1.2 EGR and High Pressure Charging

An experimental study was conducted which focused on the effect of EGR rate
on engine performance and emissions under high boost pressure conditions [4]. A
single cylinder test engine which had a bore x stroke=135mm x 140 mm and a
compression ratio of 15 was used. The pressurized intake air was supplied from an
external supercharger. An injection nozzle with six 0.17 mm diameter orifices was
used and the injection timing was controlled so that the rate of heat release starts
at TDC at all conditions tested. The injection pressure was 150 MPa. Figure 6.35
compares the changes in cylinder pressure and the rate of heat release at full load
when EGR rate was changed from 0% to 40% at a high boost pressure of 351 kPa.
40% EGR rate corresponds to 16% oxygen concentration at full load when the
excess air ratio was nearly 2. The rate of heat release curves reveal that the diffusion
combustion starts immediately after the start of injection with nearly zero ignition
delay and takes place very fast, showing its completion before 50° ATDC even at
40% EGR rate. The fast combustion is obviously due to the high air density and high
injection pressure. The maximum cylinder pressure was as high as 20 MPa, while
the maximum gas law temperature was nearly 100 K lower in the case of 40% EGR
rate as compared to that in the case without EGR.

Figure 6.36 shows the result of emissions. NOy emissions decreased with the
increase in EGR rate and attained very low levels below 1.0 g/kWh at high EGR
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rates over 40%. The smoke emissions was very low at levels near 0.01 g/lkWh in low
EGR range and rose steeply when EGR rate exceeded 30%. This study showed that
high pressure charging allowed simultaneous reduction of NOy and soot emissions
at high EGR rates between 30% and 40%.

6.6.2 Effects of Multiple-Injection on Performance and Emissions

The effect of multiple-injection on combustion and emissions was first discussed in
a pioneering paper by Tow et al. [35] and since then a number of experimental
studies have been implemented worldwide. Figure 6.37 illustrates a schematic
showing the role of each injection event of the multiple injection strategy. The early
injection allows HCCI like combustion and its effect on combustion and emissions
will be discussed in detail in Chap. 7. The pilot injection is intended to shorten
ignition delay of the main injection fuel. The post injection is able to enhance the
soot oxidation if implemented properly. The early late and late injections are both
aiming at raising exhaust temperature to enhance the active regeneration of diesel
particulate filters. The early late injection increases the exhaust gas temperature to
raise the temperature of an oxidation catalyst placed upstream a diesel particulate
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Fig. 6.37 Multiple injection strategy showing the role of each injection event

filter. When its temperature reached a certain level, fuel is supplied by the late
injection to the catalyst and burns. The hot exhaust gases thus generated initiate
combustion of soot accumulated in the diesel particulate filter. The late injection
event, including amount, timing and frequency, is controlled so that the gas temper-
ature supplied to the filter could be high enough for soot oxidation and below the
catalyst damage temperature. Likewise, the late injection strategy is employed for
elevating the temperature of the de-NOy catalyst to its working temperatures at low
loads.

6.6.2.1 Pilot Injection

The effect of pilot injection on engine performance and emissions was studied by
Carlucci et al [6]. The test engine was a four-cylinder 1.9-1 common-rail diesel
engine equipped with an inter-cooled turbocharger but without EGR devise. The
fuel injection pressure was kept at 135 MPa and the timing of the main injection
was fixed at 3.4° BTDC and 4.8° BTDC at 1400 and 2000 rpm, respectively.

Figure 6.38 shows the effect of pilot injection timing on NOy emissions with the
pilot injection amount as a parameter. The notation of the injection parameters is
illustrated beside the figure and the particular set of injection parameters is indi-
cated as: Ai [deg. BTDC]/AiP [deg. BTDCJ/EtP [ s]. At all three load conditions,
NOy emissions decrease with the increase in pilot injection amount, EtP, particularly
when the pilot injection timing was advanced to 32.7° BTDC, as compared to the
original emission level expressed by a dark circle. At pilot injection timing of 32.7°
BTDC, ignition of the pilot injection fuel started later at around 15° BTDC after
the low temperature reaction occurred at around 20° BTDC. The partially premixed
charge compression ignition (PCCI) combustion of the pilot injection fuel observed
here is beneficial for reducing NOy emissions at all loads studied.

Another important role of pilot injection is to produce internal EGR gases to
suppress NOy formation in the main fuel sprays. The reduced NOy emissions
observed in the figure might be partly due to this effect.

Soot emissions under the same conditions remained unchanged or increased. The
pilot injection fuel could produce less soot if burned in PCCI like combustion, but



6 Conventional Diesel Combustion 347

n=1400mm| , | e
800 {C=455Nm EQ
—e—150
700
\ —=—200 c
3.4°BTD
600 . :\_\ ——t ——250 pilot injection main injection
—_ wiP
g- "~ A ——=150 TDC
— C=32.0Nm —a—200
) X EtP Ai
Z 400 N —a—250 :
AiP

T T T
0 8 16 24 32 40
AiP [deg]

Fig. 6.38 Effect of pilot injection amount on NOy emissions with the pilot injection timing as a
parameter “Reprinted with permission from SAE Paper 2003-01-0700 (©) 2003 SAE International”

the resultant short ignition delay of the main injection fuel gives rise to the fraction
of diffusion combustion phase, favorable for soot formation.

The effect of pilot injection on engine performance and emissions were also
investigated under high engine speed and high load conditions. The trends were
quite different from those observed under low speed and low load conditions. The
larger the fuel amount of pilot injection was, and the earlier the pilot injection timing
was advanced, NOy emissions increased and soot emissions decreased. The ignition
delay was sufficiently short under high speed and high load conditions because of
the high combustion chamber wall temperatures and low heat losses, and as a result
the early and large amount of pilot injection acted as if the injection timing of a
single injection was advanced. Thus, the pilot injection was useless at high load and
high speed conditions.

6.6.2.2 Post or After Injection

The effect of post or after injection on engine performance and emissions was inves-
tigated using a 1.91-1 four-cylinder, common-rail, and turbo inter-cooled engine
[5]. The authors employed the triple-injection strategy that comprises pilot, main
and post injections. The double injection strategy at the reference point (2500 rpm
and 8 bar b.m.e.p.) was: start of pilot injection=38° BTDC, duration of pilot injec-
tion=4.2° CA, start of main injection=3° BTDC. In the triple injection strategy,
post injection was added to the double injection profile, where the time interval
between the end of main injection and the start of post injection, DTager, and
the injection amount of the post injection, were changed respectively. The main
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injection amount was adjusted so as to keep the b.m.e.p. constant at 8 bar. The result
showed that post injection was obviously effective in reducing soot emissions (up
to 40%) in a DT, range between 8° and 20° CA. Late post injection produced a
substantial increase in soot emissions as well as in CO emissions, while post injec-
tion too close to the main injection resulted in a drastic increase in soot emissions.
NOy emissions showed a slight decrease by less than 10%.

Figure 6.39 illustrates an example of how the multiple injection strategy is
applied to a 2-1 production engine [29]. The single injection mode is used in high
speed and high load range, while the double or triple injection mode is applied in
medium speed and medium load range. In low speed and low load range, a quarto-
ple injection mode is applied, where the first two injections correspond to the pilot
and main injection and the latter two are late injections to raise exhaust temperature.
The late injection is divided into two injections to prevent the injected fuel from
impinging against the liner walls.

Fig. 6.39 An example of
multiple injection strategy in A\ /\
engine speed and load
map [29] °

I

o

a

ANAA
Engine speed

Summary

As described in this chapter the conventional diesel combustion comprises many
physical and chemical processes. Various types of hardware to control these
processes, including injection, turbo-charging and variable valve actuation systems,
have showed notable progress in the past decade. Parameters involved in combustion
event have to be carefully varied in the engine tuning to achieve lower emissions
while seeking higher engine performance in a wide range of operating condition.
This requires enormous time and cost because of the large number of parameters
concerned.

In order to do this effectively in the course of engine development, computer flow
dynamics (CFD) codes incorporating combustion models are being used to simulate
the effects of these parameters on combustion. The model calculation predicts the
process of mixture formation in the combustion chamber by considering the inter-
action between the spray, air motion and piston bowl and intends to determine the
nozzle specification, the air management system specification and the piston bowl
geometry. The calculated cylinder pressure time record and NOx emissions show
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reasonably good agreement with the corresponding experimental ones if adjustable
coefficients are carefully selected. However, the calculated soot emissions hardly
provide satisfactory result quantitatively and sometimes even qualitatively. This is
mainly due to the lack of the understanding of the soot formation and oxidation
process including chemical reactions on the surface of soot aggregates with complex
structure and poly-disperse size distribution. The soot oxidation models presently
incorporated in the simulation codes are based on classical empirical equations. In
order to raise the reliability of predicting soot emissions the soot oxidation models
need to be largely improved.

Regarding sprays the effect of cavitation bubbles generated inside the nozzle on
atomization has been intensively studied. However, the current technology on nozzle
hole shaping made it possible to suppress cavitation to occur, and this resulted in
the increase in the effective orifice flow coefficient that benefits the spray tip pene-
tration. There are several reports on the marked effect of nozzle hole shaping on
reducing soot emissions from engines equipped with this type of nozzle. The CFD
simulation of the internal nozzle flow has made a significant progress in the past
and the precise velocity distribution at the orifice exit provided by the simulation
will help improve the accuracy of the spray modeling.
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Chapter 7
Advanced Diesel Combustion

Katsuyuki Ohsawa and Takeyuki Kamimoto

7.1 Introduction

Conventional diesel combustion that is governed by turbulent diffusion produces
inevitably high temperature zones in the flame at near stoichiometric fuel-air ratios
where NO is formed in high concentrations. If one could successfully burn very
lean homogeneous mixtures charged in the combustion chamber, the resultant low
combustion temperature would offer a significant reduction in both NOy and PM
emissions. Homogeneous mixture combustion in spark ignition engines, however,
depends on turbulent flame propagation, and its lean limit is generally lower than
an equivalence ratio of 0.65 at which the temperature is not low enough to suppress
NOy formation. Accordingly, a type of combustion in which spontaneous ignition
occurs simultaneously throughout the combustion chamber at leaner equivalence
ratios has been pursued. This is the concept of advanced diesel combustion.

In 1979, several researchers reported operating homogeneous charge two-stroke
cycle engines in a compression-ignition mode [19, 23]. In 1983, Najt and Foster
analyzed the homogeneous charge compression ignition combustion using a CFR
engine and found that the ignition process is controlled by the low temperature
hydrocarbon oxidation kinetics and the energy release process is controlled by
the high temperature hydrocarbon oxidation kinetics [17]. Oppenheim proposed
the concept of homogeneous charge compression ignition (HCCI) combustion in
1984 [24]. In experiments involving two-stroke cycle engines, stable combustion
was achieved by controlling the fraction of residual gases in the cylinder, while
Oppenheim proposed a method to control the amount of residual or EGR gases
to improve thermal efficiency and reduce NOy emissions. In 1989 Thring demon-
strated stable operation of HCCI combustion using an engine accommodating an
intake-port injector for both gasoline and diesel fuel [34]. Although there were
several differences in the hardware for diesel and gasoline HCCI engines due to
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the different fuel properties, HCCI combustion was found to be possible for both
types of fuel.

Afterwards, a variety of advanced diesel combustion concepts, such as uniform
bulky combustion system (UNIBUS) [37], premixed charge compression igni-
tion (PCCI) [3], premixed lean diesel combustion (PREDIC) [18, 33], modulated
kinetics (MK) [14, 15], low temperature rich combustion (LTRC) [29] and premixed
charge ignition (PCI) [32] were proposed. All these are characterized by homoge-
neous, or sometimes “premixed”, and quasi-homogeneous or “partially premixed”
low temperature combustion. The advanced diesel combustion concepts have been
studied worldwide in the last decade because of their potential to achieve ultra low
emissions without after-treatment systems.

7.2 Various Types of Advanced Diesel Combustion

7.2.1 Diesel HCCI or PCCI Combustion

HCCI is the basic idea of advanced diesel combustion. In the first experiment of
HCCI combustion, a gasoline fuel injector was mounted in the intake manifold to
create well-premixed mixtures [34]. However, the manifold fuel injection is not
appropriate for diesel fuel because of its lower volatility. Therefore, in-cylinder
direct fuel injection in the intake stroke or in the early compression stroke is adopted
in diesel HCCI combustion engines. The diesel HCCI combustion strategy is often
referred to as PCCI concept, which is based on non-uniform or partially premixed
mixtures achieved during a shorter period of crank angle between injection and
combustion event than in port injection HCCI strategy. The stratified fuel mixtures
present in the cylinder include fuel rich mixture elements, which are effectively
utilized to expand load range by preventing instantaneous combustion specific
to HCCI combustion. New diesel combustion strategies including UNIBUS and
PREDIC are categorized in the PCCI combustion regime.

Figure 7.1 illustrates a comparison between diesel HCCI (or PCCI) and conven-
tional diesel combustion, showing typical features of PCCI combustion achieved by
early injection timing. The typical features of PCCI combustion are summarized in
the following sections.

7.2.1.1 Early Injection and Long Induction Duration

Diesel HCCI needs a sufficient mixing time before auto-ignition occurs to produce
premixed mixtures of fuel and air including residual or EGR gases. In other words,
a long induction time between the start of injection and the start of heat release
features diesel HCCI combustion.

7.2.1.2 Two-Stage Heat Release

As the rate of heat release curve for the HCCI combustion in Fig. 7.1 shows, the
HCCI combustion features two-stage heat release, one for the low temperature
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Fig. 7.1 Comparison between conventional and diesel HCCI combustion, showing longer induc-
tion time for diesel HCCI combustion

oxidation reactions and the other for the high temperature oxidation reactions. It
is known that the oxidation process of hydrocarbon fuels involves the negative
temperature coefficient range in 700-950 K as shown in the previous chapter. Knock
in gasoline engines is essentially based on auto-ignition that is dominated by the
reactions in this range. In HCCI combustion, as the in-cylinder mixture temperature
rises during the compression stroke, weak heat release due to the low temperature
reactions occurs first, resulting in slight increases in both in-cylinder pressure and
gas temperature. The low temperature reactions in HCCI combustion occurs when
the mixture temperature undergoes a temporal change in the negative temperature
coefficient range.

Oxidation of hydrocarbon fuels mainly takes place via two representing routes
shown in Fig. 7.2 [38]. In the low temperature oxidation reactions, intermediate
species including peroxides are produced through abstraction reactions of hydrogen,
and auto-ignition, i.e., cool flame reaction, starts by the reaction of OH with RH
produced from peroxides such as aldehydes. In a short period of crank angle after
the cool flame appears, the thermal flame reaction starts, accompanied by the main
heat release.

The in-cylinder gas temperatures at which the low and high temperature oxida-
tion reactions start respectively were investigated using a single cylinder engine. The
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results obtained for n-pentane are shown in Fig. 7.3 [11]. As seen in the figure, the
low temperature oxidation (LTO) and the high temperature oxidation (HTO) start at
around 790 and 970 K, respectively, independently of equivalence ratio, EGR rate
and intake air temperature. Thus, the in-cylinder gas temperature governs domi-
nantly the ignition process in HCCI combustion.

7.2.1.3 High Heat Release Rate of Main Combustion

The main heat release is dominated by the high temperature oxidation reactions of
hydrocarbon fuel through which intermediates such as olefins and alkyl radicals are
rapidly consumed. These intermediate species are produced by thermal decomposi-
tion reactions including the chain breaking of C—C bonds in the fuel.

The in-cylinder mixture is nearly homogeneous when ignition starts, and once
high temperature oxidation occurs locally, it triggers auto-ignition instantly through-
out the combustion chamber except in the quench layers. The steep pressure rise
produced by the auto-ignition generates intense combustion noise, one of the
concerns of HCCI combustion.

7.2.1.4 Fuel Lean and Low Temperature Combustion

When EGR is not employed, HCCI combustion is possible only for fuel lean
mixtures in a limited range of air fuel ratio (see Fig. 7.5). As shown in Fig. 7.1,
the peak cylinder gas temperature in HCCI combustion ranges from 1400 to 1600 K
and is significantly lower than 1700-2200K in conventional diesel combustion.
The low cylinder gas temperature suppresses both NOy and soot production, but,
on the other hand, involves the slow oxidation reactions that cause misfiring and
quenching, resulting in the higher HC and CO emissions as compared with those in
conventional diesel combustion.
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7.2.1.5 Non-Luminous Flame

Figure 7.4 is a ¢-T map, showing the operating regions of the advanced combustion
regimes and a belt-like region for conventional diesel combustion representing the
temporal changes of equivalence ratio, ¢, and temperature, 7, in the flame [2, 12].
The advanced combustion regions are located in the left bottom corner away from
NO and soot formation peninsulas. In HCCI combustion, the fuel air mixtures are
nearly premixed within the long induction duration, and as a result the luminous
flame observed in conventional diesel combustion does not appear.
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Fig. 7.4 Operating regions for conventional and advanced diesel combustion regimes in relation
to NO and soot formation regions

7.2.1.6 Low NOy and Soot Emissions

Figure 7.5 illustrates a comparison of NOy emission characteristics between three
combustion modes; compressed natural gas (CNG) homogeneous mixture spark
ignition combustion, glow plug assisted CNG direct injection combustion, and the
new diesel combustion, including PREDIC, UNIBUS and PCCI combustion [18].
NOy emissions of spark ignited homogeneous mixture combustion depend on the
equivalence ratio as the NO chemistry suggests. While, NOy emissions for direct
injection combustion remains at high levels from 10? to 10% ppm over a wide range
of equivalence ratio, which is common in turbulent diffusion combustion. All the
data for NO, emissions of the advanced diesel combustion regimes stay in a domain
bounded by two extrapolated lines for CNG direct injection and CNG homoge-
neous combustion. This means that the advanced diesel combustion regimes are of
partially homogeneous combustion. NOy emissions achieved in these combustion
regimes are lower than 100 ppm although the operation is possible only in a narrow
range of equivalence ratio between 0.2 and 0.4.
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7.2.1.7 High HC and CO Emissions

The early fuel injection in diesel HCCI combustion causes spray interaction with the
cylinder liners or piston walls, resulting in the wall quenching and lubricant dilution
that may cause fuel penalty and wear problems. It is known that the fuel dilution to
lubricant oil contributes significantly to the increased fuel consumption under early
injection HCCI operation. The spray interaction with the cylinder liners as well as
the low temperature combustion is a major cause for the high HC and CO emissions
and high indicated specific fuel consumption (ISFC).

Figure 7.6 is a comparison of the curves of ISFC versus indicated mean effec-
tive pressure (IMEP) for two early injection modes and standard diesel combustion
mode of a 0.48-1 single cylinder engine. In the early injection modes, EGR rate was
changed from 33% to 56% according to load [8]. In the early injection mode, fuel
was injected in a series of five short injections to minimize the spray impingement

350
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E 200 |
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O 150 |
L
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+ Early injection CR=13.4
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0 1 1 1 1
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Fig. 7.6 ISFC for early injection (compression ratio CR=11.5 and 13.4) and standard diesel
operation (CR =17.0) “Reprinted with permission from SAE Paper 2004-01-0935 (©) 2004 SAE
International”
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Fig. 7.7 Comparison of emissions, ISFC and combustion noise of a HCCI combustion engine to
those of corresponding diesel engine “Reprinted with permission from SAE Paper 004-01-1904 ©
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on the walls, and the start of the first injection was set at 90° BTDC. The ISFC values
for the early injection modes are obviously higher than that for the standard diesel
combustion mode, particularly at light-load. This is partly due to lower combustion
efficiencies (86% at 0.3 bar and 94% at 0.9 bar) and partly due to the fuel wetting
on the wall. The multiple-injection shortens the fuel penetration and is an effective
way to reduce fuel wetting on the cylinder walls [9, 26]. The use of high volatile
fuels is also beneficial to reduce of HC and CO emissions [28].

Figure 7.7 shows a typical result of emissions, fuel consumption, and combus-
tion noise under HCCI combustion mode, comparing it to that of corresponding
conventional diesel combustion [6]. It is seen that HC and CO emissions are quite
high for HCCI combustion despite very low NOy and particulate emissions. The
fuel consumption of HCCI combustion is slightly deteriorated because the narrow
margin obtained by the fast combustion was canceled out by the low combustion
efficiency. The thermal efficiency of HCCI combustion is practically restricted by
the high noise emission due to the high heat release rate.

Since the exhaust temperature is lower than in conventional diesel combustion,
the advanced diesel combustion systems need special exhaust gas treatment systems
that are active at lower temperatures to reduce HC and CO emissions.

7.2.1.8 Narrow Operating Range

Figure 7.8 shows a diesel HCCI combustion region in which equal IMEP lines are
included. The data were obtained at an engine speed of 1500 rpm using a single
cylinder test engine which had a ¢ 76 mm bore x 110 mm stroke and a compression
ratio of 18 [25]. In this study, n-heptane (cetane number 56) was injected into the
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Fig. 7.8 Diesel HCCI operating region and IMEP map for a compression ratio of 18 and intake
charge temperature of 30°C “Reprinted with permission from SAE Paper 2003-01-0747 (©) 2003
SAE International”

intake charge to eliminate the difficulty of fuel evaporation. The abscissa repre-
sents the EGR rate (% by mass), while the ordinate gives the overall excess air
ratio, lambda, of the cylinder charge. It can be seen, under such operating condi-
tions, diesel HCCI combustion can be achieved over a narrow range of excess air
ratios and EGR rates. IMEP is governed mainly by excess air ratio, and 4.0 bar
of maximum IMEP is achieved at a lambda of 1.5 and EGR rate of 65%. The
upper limit of the HCCI region is bounded by knock, while misfire occurs at the
right and top-right boundary of the region. The richest lambda attainable at zero
EGR is approximately 5.0-6.0, significantly high as compared to 3.0 for gasoline
HCCI combustion. However, the diesel HCCI combustion can tolerate very high
EGR rates, up to 70% by mass. The operation of diesel HCCI combustion engine
depends also on fuel injection timing, which affects the extent of in-homogeneity of
mixtures produced during the induction time.

7.2.2 Uniform Bulky Combustion System (UNIBUS)

UNIBUS employs a centrally mounted Pintle-type fuel injector to control mixture
formation and avoid fuel impingement on the cylinder walls. The test engine was a
4-1 four-cylinder diesel engine with a compression ratio of 18 [37]. Figure 7.9 shows
the effects of injection timing on IMEP and emissions under conditions without
EGR. As injection timing is advanced from TDC to 40° BTDC, NOy increases
and soot decreases as conventional combustion dominates in this range of injec-
tion timing. However, when injection timing is further advanced to 60° BTDC, both
NOy and soot emissions decrease, showing a transition to premixed charge compres-
sion ignition combustion. Further advance in injection timing allows NOy emissions
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Fig. 7.9 Effects of injection timing on emissions and IMEP in UNIBUS combustion [37]

lower than 10 ppm and no soot emissions, but is accompanied by increased HC emis-
sions and lowered IMEP. The optimum injection timing of the UNIBUS combustion
regime was found to lie between 40 and 60° BTDC. As the figure indicates, the
major concerns with UNIBUS are high HC emissions and reduced IMEP. High HC
emissions can be attributed to locally distributed mixtures with too lean to burn
equivalence ratios and the cylinder wall wetting. Preventing the injected fuel from
impinging on the cylinder walls is an important challenge in UNIBUS combustion
regime. [13] The low IMEP, i.e., deteriorated thermal efficiency, is due to premature
ignition, and accordingly, the key to improve thermal efficiency is how to postpone
the spontaneous ignition timing. Many trials have been made to prolong the igni-
tion delay by focusing on the compression ratio, EGR rate, injection control [7],
CO, addition, and water injection, all aiming to lower the compressed cylinder gas
temperature.

Figure 7.10 shows two series of shadow-images, comparing the non-luminous
UNIBUS combustion achieved at an injection timing of 60° BTDC with the conven-
tional luminous flame combustion at an injection timing of 20° BTDC.

7.2.3 Premixed Lean Diesel Combustion (PREDIC)

PREDIC, which employs early injection strategy, is a diesel HCCI combustion
concept [18, 33]. A single cylinder test engine with a displacement of 2004 cc and
a compression ratio of 16.5 was operated using a fuel with a cetane number of 19 at
an engine speed of 1000 rpm. Two injectors were mounted on the side-walls of the
combustion chamber so that the sprays could evolve across the combustion bowl,
minimizing the spray impingement on the walls.
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Fig. 7.10 Comparison of

shadow images of UNIBUS  jniccrion aftet injection  after ignition  after igition
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Figure 7.11 shows the effect of injection timing on NOy emissions for various
excess air ratios. For each excess air ratio, a set of three data plots forms a short curve
indicating a range of injection timing in which heat release occurs moderately near
TDC with substantially low NOy emissions. The combustion mode observed here
was denoted as PREDIC. If the injection timing is retarded beyond the end of the
curve, excessive and harsh combustion-knock critical to the operating limit occurs
because the shorter induction duration produces much heterogeneous mixture distri-
bution, causing fuel rich mixtures to ignite earlier. Conversely, when the injection
timing is advanced earlier beyond the opposite end, the engine suffers the unstable
ignition and eventual misfire because the long induction period generates more
uniform mixtures that are too lean to burn. This suggests that non-homogeneous
mixtures are desirable for PREDIC to assure stable spontaneous ignition. Thus
the extent of the homogeneity of the mixture is an important parameter to deter-
mine ignition timing together with the overall equivalence ratio. When the overall
excess air ratio is decreased to 2.5, the injection timing has to be advanced to
—120°ATDC to achieve PREDIC. The injection timing appropriate for PREDIC is
limited in a very narrow crank angle window of less than 10°CA for each excess air
ratio.
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7.2.4 Modulated Kinetics (MK) Combustion

MK combustion strategy is based on significantly retarded fuel injection timing and
high EGR rate, and requires auto-ignition to occur after the end of fuel injection,
allowing lean and partially premixed mixtures to be formed before auto-ignition
[15].

The characteristics of MK combustion were investigated using a four-cylinder DI
engine, which has a bore of 85 mm and an injection nozzle with 5 x ¢ 0.22 mm [14].
The swirl ratio was set relatively high at 4 to enhance mixing during the short induc-
tion duration. Shown in Fig. 7.12 is a comparison between the rates of heat release
at three different injection timings and EGR rates. IT in the figure stands for the
injection timing. When the fuel is injected at TDC in compressed charge containing
45% cooled EGR gas, combustion starts after the end of injection, showing a single
peak heat release rate in the expansion stroke that is specific to MK combustion.

Figure 7.13 shows the effect of injection timing on intake gas temperature, excess
air ratio, emissions and BSFC with EGR rate as a parameter. Compression ratio
and swirl ratio employed in this experiment were 18 and 4, respectively. In the
case of cooled EGR, the EGR rate was increased to 45% to maintain the excess
air ratio at the same value as in the case of 37% EGR. It can be seen that at an
injection timing of 3°ATDC, NOy is dramatically reduced by 95% with a cooled
EGR rate of 45%, whereas smoke and particulates remain at the same levels as in
the case w/o EGR, respectively. Despite the late combustion phasing after TDC,
the thermal efficiency penalty is relatively small. The authors claim that both the
low combustion temperature due to the fuel lean combustion and the reduced flame
interaction with the piston surfaces due to high swirl air motion act effectively to
reduce heat losses to the combustion chamber walls. HC emissions are lower than
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Fig. 7.13 Effect of injection timing on intake gas temperature, excess air ratio, PM and NOy
emissions and BSFC with EGR rate as a parameter in MK combustion [14]

in PCCI combustion because of the reduced wall wetting and reduced quench layers
near the cylinder walls.

The operation of MK combustion is limited to a low-medium engine speed and
load range because, at high load conditions, ignition tends to occur before the end
of fuel injection due to high cylinder gas temperature.

7.2.5 Low Temperature Fuel Rich Combustion (LTRC)

The injection timing for LTRC is the same as or slightly earlier than that for the
conventional diesel combustion. The LTRC features rich or near stoichiometric
mixture combustion with highly cooled turbocharged intake air and high EGR rates
near 50%. The LTRC was developed with the aim of producing fuel rich spikes in
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Displacement 1995 cc
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Fig. 7.14 Effect of EGR rate on changes in air to fuel ratio, smoke emission and flame color in
LTRC [29]. Flame images were taken by direct photography

engines for the NOy storage and reduction catalyst. Sasaki et al. performed exper-
iments on LTRC combustion using a 2-1, four-cylinder inter-cooled turbocharged
engine with a compression ratio of 18.6 [29]. Figure 7.14 shows the changes in
smoke emission and flame images in LTRC with the increase in EGR rate, which
reduces the air fuel ratio simultaneously. The smoke level increases with the increase
in EGR rate, exhibiting luminous colors due to the conventional high combustion
temperature, and takes a maximum at an air—fuel ratio of 24. Further increase in
EGR rate establishes smoke-less combustion, exhibiting non-luminous flame at air—
fuel ratios lower than 17.5.

7.3 Classification of Advanced Diesel Combustion

A diagram illustrating the relationships between injection timing and combustion
event for advanced diesel combustion strategies is given in Fig. 7.15. The advanced
diesel combustion regimes can be categorized into two groups, according to the
method to achieve low temperature combustion. The low temperature combustion
in the first group including HCCI, UNIBUS, and PREDIC is realized by early fuel
injection, and as a result the rate of heat release in this category offers two peaks
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Fig. 7.15 Relationships between injection timing and combustion event in advanced and conven-
tional diesel combustion

representing the low temperature and the high temperature reactions, respectively as
shown in Fig. 7.1.

MK combustion, PCI combustion and LTRC are in the second group and employ
near TDC fuel injection timing and high EGR rate. MK combustion involves late
fuel injection in high EGR rate environment and the low temperature combustion
takes place in the expansion stroke. LTRC strategy features intake-air cooling and
high EGR rate to prolong the ignition delay time. As the duration between the end
of injection and the start of combustion is shorter than those in the first group,
MK and LTRC strategies make use of high swirl and high injection pressures to
complete the formation of partially premixed mixtures within this narrow duration.
The differences that characterize combustion events in the first group from those
in the second are longer induction duration and the two-stage heat release, both of
which are typical in HCCI combustion.

7.4 Fundamental Aspects of Diesel HCCI Combustion

7.4.1 Factors Affecting HCCI Ignition

The effects of engine parameters on HCCI combustion were investigated using
a port injection single cylinder diesel engine [11]. The test engine had a bore x
stroke =94 mm x 100 mm, a displacement of 694 cc and a compression ratio of 16.
The effects of three factors on HCCI combustion including fuel amount, EGR rate,
and air temperature were systematically examined using n-pentane with a cetane
number of 29.2 under conditions listed in Fig. 7.16.

The effect of equivalence ratio is shown in Fig. 7.17, in which LTO and HTO
stand for low temperature oxidation and high temperature oxidation, respectively.
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Fig. 7.16 Engine operating Engine Speed 1400rpm
conditions in HCCI Fuel n-Pentane (CN:29.2, T,:36°C) / iso-Pentane
combustion experiment Injection System Type used in Gasoline engine
Amount of Injected Fuel 7 to 19 mg/stroke
(Equivalence Ratio) (Equivalence Ratio:0.15 to 0.4)
EGR Rate 0 to 55%
Air Temperature 21 to 66°C

Chart of Measurement Points

EGR Rate Air Temp.
Air Temp.=21°C (EGR=0%)
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4 ot
s
0% 21°C
------------ > 0.3
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As seen in the figure, the increase in equivalence ratio enhances low temperature
oxidation, giving rise to the in-cylinder temperature. Consequently, this accelerates
the start of high temperature oxidation, causing a higher rate of heat release at higher
equivalence ratios. The resultant steep pressure rise tends to produce harsh combus-
tion noise.

Figure 7.18 shows the effect of EGR rate at an equivalence ratio of 0.4. The
increase in EGR rate suppresses low temperature oxidation, leading to longer delay
to the start of high temperature oxidation. At the same time, a high EGR rate yields
longer combustion duration due to the higher specific heat of gases and reduced
oxygen concentration. The resultant mild combustion benefits noise reduction.

The effect of intake air temperature at an equivalence ratio of 0.3 is presented
in Fig. 7.19. It is obvious that high intake air temperature allows earlier initiation
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Fig. 7.17 Effect of equivalence ratio on heat release rate without EGR
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of both low temperature and high temperature oxidation reactions. It also delivers a
higher rate of heat release during the high temperature oxidation reactions.

The effect of blending ratio of n-pentane with a cetane number of 29 and iso-
pentane with 10.5 is given in Fig. 7.20. The increase in the blending ratio of iso-
pentane causes a decrease in the cetane number, resulting in delays in both low
temperature and high temperature oxidation reactions. It should be noted that the
peak value of the heat release rate is less sensitive to the change in fuel blending
ratio as compared to the change in EGR rate.

The cylinder wall temperature also affects the HCCI combustion because it
changes thermal condition in the cylinder gases through the heat transfer during
the induction and compression stroke [4].
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Fig. 7.19 Effect of air temperature on heat release rate at ¢ =0.3 and without EGR
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7.4.2 Role of In-Homogeneities in Mixture

If the in-cylinder mixture is completely homogeneous and compressed progres-
sively with time, auto-ignition will take place instantly throughout the combustion
chamber, causing infinitely steep pressure rise. However, the in-homogeneities in
temperature and equivalence ratio produced during the induction and compression
stroke fortunately moderates the auto-ignition event.

Planar laser induced fluorescence (PLIF) measurements of formaldehyde and
OH were made using an optical engine to investigate the effects of in-homogeneities
in the mixture on HCCI combustion [5, 10]. The magnitude of in-homogeneity was
evaluated from the spatial distribution of formaldehyde LIF intensity in the combus-
tion chamber. The fluctuation of ignition timing in HCCI combustion achieved by
port fuel injection or in-cylinder direct injection before 50° BTDC was unexpectedly
large as compared to that for the case of late injection timing after 50° BTDC. The
experiments made it clear that the large fluctuation of the ignition timing in HCCI
case is caused by the in-homogeneous temperature distribution in gases due to the
heat transfer from the walls, while the small fluctuation in the latter case is due
to the wider distribution of equivalence ratio in the in-homogeneous mixtures. The
mixture elements near stoichiometric equivalence ratio tend to ignite faster than
other elements with rich or lean fuel-air mixtures, minimizing the fluctuation of
ignition timing. The successive ignition of rich and lean mixture elements generates
simultaneously a moderate heat release rate. Thus, in-homogeneities both in the
equivalence ratio and temperature play an important role to achieve stable ignition
and moderate heat release in HCCI combustion.

It was observed in this experiment that formaldehyde appeared first in the cool
flame and then disappeared upon the appearance of OH. The results were consistent
with the behaviors of OH and formaldehyde in the cool flame reactions simulated
by the chemical kinetics.
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A large eddy simulation (LES) model in a CFD code was performed to simulate
temporal and spatial fluctuations in temperature and equivalence ratio in a turbulent
flow-field in the engine cylinder [27]. The fluctuating turbulent flow-field was given
as the initial condition for the calculation using an initial turbulent kinetic energy
of 0.74 Cp? (Cyp: mean piston speed) and the integral length scale of 10 mm (Large
scale) or 5 mm (small scale). The reaction kinetics for iso-octane is based on the
five-step global model proposed by Schreiber et al. [30]. The calculation was made
on the PCCI combustion in an engine with bore x stroke =82.3 mm x 114.3 mm and
a compression ratio of 10. The engine was assumed to operate at an engine speed
of 600 rpm, overall equivalence ratio of 0.4 with initial fluctuation ratio ¢’ of 0.2 or
0.1, and a uniform mixture temperature at 450 K.

Figure 7.21 presents the cylinder pressure and the rate of heat release calcu-
lated for the four initial conditions with different equivalence ratio fluctuations and
different length scales. The zero-dimensional calculation, which is also included
in the figure, shows the fastest heat release with the highest peak value among
the five cases calculated. The case of homogeneous mixture with ¢’=0 shows a
slower rate of heat release than the one-dimensional one because the heterogeneous
local temperature distribution that is generated during the compression stroke by the
turbulent wall heat transfer gives different local reaction timings and rates. The other
three cases all show further slower rate of heat release according to the different
initial conditions. It is seen that the combination of ¢’ =0.2 and large length scale
gives the most moderate heat release rate among the three different heterogeneous
conditions.

Figure 7.22 (a) and (b) represent the local heat release rate fields during the
hot flame period for the two cases of ¢’ =0 and ¢’ =0.2 with “large length scale”
assumption. In Fig. 7.22 (a), uneven spatial distributions in the heat release rate
are observed at 10.5° BTDC (0.2° before the peak heat release rate) in three cross
sections right to the cylinder axis. The turbulent wall heat transfer during the
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compression stroke caused the unevenness as stated before. Figure 7.22 (b) shows
more pronounced heterogeneous heat re lease rate distributions at 11° BTDC (0.7°
before the peak heat release rate) in three horizontal cross sections. The heteroge-
neous structure dominating in the entire cylinder is obviously the cause for the most
moderate heat release rate in this case.

The results show that the HCCI combustion is not homogeneous but has a strong
turbulent structure even when the fuel and air are fully premixed prior to intake. The
results also indicate that the in-homogeneity are caused primarily by the thermal
stratification due to heat transfer during compression, combined with turbulent
transport as the above LES predicted.

7.5 Control of Combustion

Despite the low NOy and PM emission characteristics of HCCI combustion, none
of the early-injection diesel HCCI combustion concepts has been employed as yet
in production engines because of the narrow load range of HCCI operation and the
difficulty in combustion control under transient modes.

As shown previously, the start of combustion is determined by the in-cylinder
conditions, and there is no direct control of the combustion phasing. The in-cylinder
conditions can be varied by changing the excess air ratio, compression ratio, EGR
rate and intake air charge temperature. When gasoline which has a high ignition
resistance is used, higher mixture temperature is required during the compression
stroke to ensure auto-ignition. On the contrary, the low ignition resistance of diesel
fuel demands lower mixture temperatures during the compression stroke than in
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gasoline HCCI operation and this makes it more difficult to control the combustion
phasing and rate in diesel HCCI combustion.

7.5.1 Expansion of Operation Range

Due to the difficulty of running advanced diesel combustion engines under high
load conditions, switching between advanced and conventional combustion modes
is required. This approach is called as dual-mode or mixed-mode operation. It is
desirable to expand the operation range of the advanced combustion mode because
a narrow operating range demands frequent transition of the two combustion modes
under a transient mode operation.

The upper load boundary of the diesel HCCI operating region is constrained
by the premature start of heat release in the compression stroke, and this demands
naturally applying high cooled EGR to postpone the ignition timing to crank angles
near TDC. The high cooled EGR is necessary to expand the diesel HCCI operating
range as shown in Fig. 7.8. The HCCI operating range including iso-IMEP contours
in the figure indicates that 65% EGR rate increases the IMEP at the knock boundary
to 4.0 bar from 2.3 bar without EGR condition.

Another effective way to push the upper boundary of diesel HCCI operation to
higher loads is to add chemicals in the mixture to suppress high temperature reac-
tions [20, 36]. An experiment was performed using a 1.86-1 single cylinder diesel
engine with a compression ratio of 18.3 [20]. Naphthalene was used as fuel that
features a low distillation temperature (60°C at 50% distillation) and a low octane
number of 67. With naphthalene injection into the intake port, the HCCI operation
showed smokeless and NOy-less emissions and an indicated thermal efficiency of
39% at the higher load boundary of 0.37 MPa. To expand the upper boundary by
delaying the auto-ignition, an amount of methanol, a reaction inhibitor, was injected
into the cylinder. A maximum BMEP of 0.9 MPa was successfully obtained in HCCI
operation with smokeless and 200 ppm NOy emissions and 45% indicated thermal
efficiency at the condition of 50% fraction of methanol injection. Although the 50%
methanol injection is practically unacceptable, addition of a reaction inhibiter was
found to be effective to expand the operation range of HCCI combustion.

Boosting the intake pressure is an approach to produce higher specific power.
An investigation was conducted using an 11.7-1, six-cylinder turbo-charged diesel
engine fueled with a combination of n-heptane and ethanol [22]. A theoretical anal-
ysis supported by experiments suggests that although boosting allows high load
HCCI operation, the turbocharger causes high pumping losses even if it is optimized
to fit to the HCCI operation, and the peak cylinder pressure reaching 20 MPa will
be probably the load limiting.

7.5.2 Functional Control of Combustion

The control of diesel HCCI combustion under transient modes and the switch from
and to conventional diesel combustion are both essential to bring the diesel HCCI
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operation into practice in production engines. The characteristics of diesel HCCI
combustion have been described in the preceding sections on the basis of engine
data acquired under steady state operating conditions. However, most of the param-
eters such as EGR rate, compression ratio, and intake air temperature are difficult to
tightly control under transient modes, and this is the major cause that prevents the
diesel HCCI combustion from being introduced in practical engines.

In this section, strategies to control gasoline HCCI combustion, which is much
easier, will be described first, and then the measures to control diesel HCCI combus-
tion will be discussed.

7.5.2.1 Cycle-to-Cycle Control of Gasoline HCCI by VVA Strategies

In gasoline HCCI combustion, the combustion phasing needs to be advanced due to
gasoline fuel’s high resistance to auto-ignition. The variable valve actuation (VVA)
technology looks promising under transient modes because it can increase the hot
residual gas fraction in the cylinder and increase the compression ratio to achieve
higher temperatures during the compression stroke to ensure auto-ignition. It is
reported that an electro-hydraulic VVA system that can change the inducted gas
composition and effective compression ratio using a closed loop control of intake-
and exhaust-valve timings has successfully achieved simultaneous control of the
peak cylinder pressure and combustion timing of propane HCCI combustion on
cycle-to-cycle basis [16, 31].

Figure 7.23 is the schematic diagram, showing the control strategy for the simul-
taneous control of cylinder peak pressure and combustion phasing. The control
system incorporates a physics based model that simulates the ignition delay time
as a function of inducted gas composition and the compression ratio. The VVA
system modulates the inducted gas composition to control the peak pressure on
cycle-to-cycle basis while using intake valve closing (IVC) control on a slower time
scale to vary the effective compression ratio and control phasing.
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Fig. 7.23 Control strategy for simultaneous control of peak pressure and combustion timing (P3%°:
desired peak pressure, AOP%: desired angle of peak pressure, a%*: desired molar ratio of inducted
residual to reactant, IVC9: desired intake value closing, and V;: volume at final valve closure)
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Figure 7.24 shows the decoupled controller performance over a range of desired
pressure and combustion timings. Peak pressure and combustion tracking responses
occur within 5 and 25 engine cycles, respectively. The report points out that when
the engine load is changed stepwise, the phase lag in the temperature of the engine
structure affects the in-cylinder pressure in the following cycles. Another work on a
feedback loop control of valve timings of a gasoline HCCI engine during transients
can be found in ref. [1].

7.5.2.2 Control of Diesel HCCI

The control strategy being used in diesel HCClI is different from that applied to gaso-
line HCCI because of the low ignition resistance of diesel fuel that demands delayed
ignition and heat release timings during the compression stroke. The strategy to
control the hot residual gas fraction by VVA, which works well in gasoline HCCI
to ensure auto-ignition, can’t be applied to diesel HCCI as it is. Thus, low ignition
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resistance of diesel fuels makes it more difficult to control the combustion phasing
and rate in HCCI operation.

Diesel HCCI is obliged to employ high amount of cooled EGR to shift the igni-
tion timing to crank angles near TDC. Lower compression ratio is preferable as
it lowers the mixture temperature during the compression stroke. Enhancing evap-
oration and avoiding spray impingement on the walls are both essential in early
injection HCCI when low volatile diesel fuel is used.

A study on operation of a 0.48-1 single cylinder DI diesel engine with variable
effective compression ratio in HCCI and conventional diesel mode is reported [8, 9].
The intake valve closing timing (IVC) was retarded effectively reducing the effective
compression ratio to 9.0 and 6.5 for HCCI operation from the original compression
ratio of 15 for conventional. An adjustable EGR system was fitted, which included
a thermostatically controlled EGR cooler. In HCCI mode operation, diesel fuel with
a cetane number of 56 was injected from a piezo injector in a series of five short
injections during the compression stroke to minimize the spray penetration. Proper
combustion phasing was accomplished by adjusting the EGR rate so that the point of
50% heat release coincided with TDC. The authors state that the window in which
combustion without knock and misfire was achieved was only a few crank angles
wide, making the EGR rate critical for successful operation.

The main operating parameters at an engine speed of 2000 rpm are summarized
in Tables 7.1 and 7.2. The excess air ratio, lambda, ranges from 1.5 to 1.0, according
to engine load and EGR rate. At higher loads (over 0.4 MPa), supercharging was
needed to avoid lambda falling to less than 1. A comparison between the results in
the two tables suggests a trend of higher EGR rate and lower lambda with HCCI
operation. Both intake charge and cooling temperatures are found lower for HCCI
operation to reduce compression temperature.

In HCCI mode, soot and NOy were reduced by a factor of 10 or more, while HC
and CO emissions showed significant increases against conventional combustion,
although HC and CO emissions were improved a lot with a series of five short
injections during the compression stroke as compared to those with double and triple
injections. In order to operate HCCI mode under transients, a fast response cooled

Table 7.1 Operating conditions for the base measurements with early injection mode “Reprinted
with permission from SAE Paper 2005-01-0177 (©) 2005 SAE International”

IMEP [MPa] Pyl rait [MPa] N [-] Pintake (abs) [KPa] Tintake [°C] Twater Toit ['C] EGR [%]

0.3 75 1.5 102 45 70 55
0.4 90 1.2 102 45 70 58
0.5 97 1.1 145 50 70 70

Table 7.2 Operating conditions for the base measurements in conventional diesel mode “Reprinted
with permission from SAE Paper 2005-01-0177 (©) 2005 SAE International”
IMEP [MPa] Pfuel rail [MPa] A [‘] Pintake (abs) [kPa] Tintake [OC] Twaler Toil [OC] EGR [%]

0.3 47 43 114 65 90 30
0.4 50 32 118 63 90 22
0.5 60 24 120 78 90 18
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EGR devise as well as VVA devise needs to be developed to follow the quick change
in load and speed.

7.5.2.3 Cycle-to-Cycle Control of HCCI by Dual-Fuel Strategies

A cycle-to-cycle control system for a dual-fuel HCCI engine was demonstrated
[21, 22]. Tow different fuels, n-heptane and iso-octane, with low and high resistance
to auto-ignition were injected directly into the intake-port of a six-cylinder, 11.7-1
heavy-duty turbo diesel engine. The engine had a compression ratio of 18, and was
equipped with an intercooler and a heater to make thermal management of the intake
charge. Heating was only used at low loads to keep HC and CO emissions at low
levels. No EGR devise was accommodated in the engine. The engine status such
as CAS50, which stands for the crank angle position at 50% heat release, and IMEP
were calculated using the cylinder pressure and inlet condition data fed to a CPU in
the control system. The control algorithm received the engine status data calculated
as input and a closed loop control was performed to provide combustion timing and
IMERP as specified by the operator. The timing control was the most difficult part and
the sensitivity of timing was calculated as a function of engine speed, inlet tempera-
ture, and mixing fraction of the two fuels. When this was done, injection event such
as total amount and the mixing ratio between the two fuels and intake heat were
adjusted according to the controller output. The performance of the controller on
the step responses to CAS0, IMEP and engine speed was successfully assessed.

Another dual-fuel strategy to control PCCI combustion was proposed [11]. In this
approach gasoline was supplied into the intake port, while diesel fuel was injected
into the cylinder at an early timing to trigger the start of combustion of homogeneous
gasoline mixtures. The ignition processes were investigated using a single cylinder
engine with a displacement of 694 cc, a compression ratio of 14 and a swirl ratio
of 2.3. It was found that the start of PCCI combustion was controlled by varying
the mass ratio of the two fuels and that the resultant PCCI combustion took place
mildly as shown in Fig. 7.25. The range of the PCCI operation was successfully
extended to an IMEP of 12 bar at a high boost condition, while keeping NOy and
smoke emissions as low as 10 ppm and 0.1 FSN, respectively. The dual-fuel PCCI
combustion approach introduced here seems to have potential to fit transient mode
operation as it requires no slow EGR devices.

7.5.2.4 Control of Mixed Mode Combustion

Mixed or dual mode operation has the advantage that part load HCCI operation
can be combined with conventional diesel operation at higher loads. As the oper-
ation range of the advanced diesel combustion is narrow, mixed mode combustion
strategy, is a practical approach to implement the advanced diesel combustion in
real engines as shown in Fig. 6.2. This demands a new technology to switch the
combustion mode from one to the other without torque shock and emissions penalty.

There is a report on a vehicle test where the mixed combustion strategy involving
conventional and PCI combustion was practically assessed [35]. The vehicle was
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Fig. 7.25 Comparison of heat release rate of HCCI combustion to that of dual fuel PCCI combus-
tion (total ¢ =0.35) “Reprinted with permission from SAE Paper 2006-01-0028 © 2006 SAE
International”

powered by a six-cylinder 5-1 engine, which comprises a 160 MPa common-rail
injection system, variable geometry turbocharger (VGT) and a high swirl intake
port. The brake mean effective pressure (BMEP) limit for PCI combustion was first
investigated using EPA-47 diesel fuel at an engine speed of 1500 rpm. When the
air fuel ratio (A/F) decreases with the increase in load due to the increased EGR
rate, smoke emissions rose steeply when A/F was approaching unity. The limit of
BMEP for the PCI combustion was determined from this experiment as 320 kPa.
The engine fitted with an oxidation catalyst was mounted to a2 WD and 4AT vehicle
with an inertia weight of 5250 Ibs. A vehicle test under the FTP-75 test cycle showed
that over 60% of the time, the engine was operated in the PCI mode. The emission
test results showed that although NOy showed a 50% reduction, PM was increased
by 40% due to an instantaneous increase in smoke emissions occurring during the
switching. Other concerns are the large variations of non methane organic gases
(NMOG) and CO emissions due to the unstable PCI combustion, combustion noise
and torque surge during transient conditions.

7.6 Summary

The effects of chemical and physical parameters on auto-ignition during the engine
cycle have been clarified quantitatively by a number of theoretical and experi-
mental studies. Despite the understanding of the effects of parameters on auto-
ignition process, its control is still hard because of its delicate sensitiveness to
these parameters. The low resistance of diesel fuel to auto-ignition tends to permit
auto-ignition to occur at early crank angles during the compression stroke, causing
harsh knock. If the mixture temperature, which is one of the most influential
parameters to control auto-ignition, is decreased to avoid knock by applying lean
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mixtures, high cooled EGR and low compression ratio, the engine is easily misfired
if the temporal variation of the mixture temperature fails to start the low and high
temperature reactions. The resultant narrow operating region in the low load range
has to be extended before the advanced diesel combustion engine enters practical
use.

Since the mixture temperature affects auto-ignition dominantly, the temperatures
of the cylinder liner and combustion chamber walls affect eventually the auto-
ignition phasing through the heat transfer between the walls and mixtures. This
means that the control of auto-ignition timing under transient modes is really diffi-
cult because the temperatures of the combustion chamber walls can hardly change
due to their large thermal inertia when the engine operating condition is suddenly
changed. The dynamic response characteristics of engine components such as EGR
valve and turbo-charger are not fast enough to follow the quick change in engine
operating condition. Consequently these delays need to be compensated using a
model based closed loop control of combustion.

The switch between two operation modes, advanced and conventional diesel
combustion, has to be implemented under control to avoid torque shock, increased
noise and smoke emissions. A sophisticated model based control system is also
required to achieve smooth mode transition. Technological development in both
hardware and software is demanded to make the advanced diesel combustion
engines to be a reality.
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Chapter 8
Fuel Effects on Engine Combustion
and Emissions

Thomas Ryan and Rudolf R. Maly

8.1 Historical Background

The Energy Information Administration (EIA) estimates indicate that 90% of the
energy consumed worldwide is fossil fuel based, and a large fraction of this is
derived from petroleum. Figure 8.1 shows the world energy fuel consumption histor-
ically, and projected through 2030. It is clear that past, present, and most current
future projections indicate that the world energy needs will in large part be based on
petroleum.

Petroleum composition is widely variable, depending on the source, but in
general the composition includes several hundred hydrocarbons, with boiling points
ranging from —68°C to 900°C, and molecular weights ranging from 44 to well over
1000. Historically, petroleum processing consisted of a relatively simple separation
process using distillation to take advantage of the range of boiling points and molec-
ular weights.

As a general rule, the lighter hydrocarbon components have a higher resistance to
autoignition, i.e. a higher autoignition temperature. This makes them ideally suited
for flame propagation engines, where the boiling point distribution is also nearly
ideal. Over time, the ignition characteristics and the boiling point distributions have
been additionally tailored through refinery processing for use in premixed flame
propagation engines. The first flame propagation engines were fueled using straight
run gasoline, or basically the first fraction of hydrocarbons distilled from the early
petroleum sources.

The heavier fractions, on the other hand, generally have lower autoignition
temperatures making them more ideal for use in compression ignition engines. In
addition, the boiling point distribution and viscosity characteristics of the heavier
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Fig. 8.1 EIA Worldwide energy usage, historical and projected (US DoE [17])

materials make them more ideal for use in direct injection engines compression
ignition engines.

Early in the evolution of the petroleum refining business a very clear reality
became apparent, and this is that every bit of the petroleum that enters the refinery
must be converted to product. It also became apparent that there are components
in petroleum that are not suited for use in either flame propagation or compression
ignition engines. The incompatibilities generally arise with petroleum components
that have combinations of boiling point distributions and ignition characteristics that
will not work in either engine type.

This chapter includes a brief description of petroleum and petroleum refining,
including the processes that have been developed to handle the troublesome compo-
nents and to arrive at the appropriate product distribution. The importance of the
key fuel properties are discussed in the context of refining processes and resulting
compositional changes. Advanced combustion processes are discussed and future
fuel requirements are suggested. The chapter concludes with brief description of the
role of some of the evolving alternative feedstocks and fuels.

8.1.1 Petroleum Composition and Characteristics

As the name implies, fossil fuels are truly the processed fossil remains of sea and
land plants and animals that have become buried deeper and deeper. The compres-
sion and heating of these remains resulted in the conversion to hydrocarbons. The
composition of the various deposits depends on the type of the original remains and
the history, in terms of the depth and age. Figure 8.2 is a simple representation of
the life cycle of the fossil fuels.
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Fig. 8.2 Life cycle of fossil fuels (EIA webpage [15])

The composition of typical petroleum is presented in Figs. 8.3 and 8.4. As can be
seen, petroleum composition is very complex, with several different hydrocarbon
types and many different hydrocarbon species across the entire boiling range. In
addition, the composition, as indicated above, is highly variable and dependent on
the location of the deposit.

Figure 8.4 demonstrates that the materials with the lower boiling points tend to be
composed of the more saturated and paraffinic materials, while the heavier materials
tend to be unsaturated and aromatic in nature. The figure also make reference to the
heteroatoms (N, O, S) and the metals, all troublesome contaminants that are the
subject of significant processing effort in the typical refinery.

8.1.2 Refinery Development

The very first refineries consisted of simple distillation systems designed to separate
the lighter materials from the crude for use in the first generation of flame propaga-
tion gasoline engines. As the gasoline engines evolved and the demand increased for
the lighter components, it became apparent that “straight run” gasoline (the fraction
that is obtained from simple distillation of petroleum) was neither abundant enough
nor of adequate quality to meet the more stringent demands imposed by the evolving
gasoline engine. As will be described in the next section, the earliest quality issues
related to the propensity of early gasolines to autoignite and cause severe pressure
oscillations in the evolving gasoline engines. The symptoms of this autoignition
phenomena were audible “knocking” sound and ultimate engine damage if allowed
to persist, or if too severe.

Refineries had to be modified to both meet the expanding demand for materials in
the gasoline boiling range and at the same time meet the evolving requirements for
improved resistance to autoignition. Expanding the pool of material in the gasoline
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Fig. 8.4 Fractionation of petroleum showing the increase in condensed ring systems with boiling
point [14]

boiling range was accomplished by adding chemical process units to the refinery to
modify both the heavier (higher boiling point) and the lighter (lower boiling point)
materials. The heavier materials are modified by thermal and catalytic processes
including coking and cracking. Alkylation improves the ignition characteristics, as
does reforming the lighter materials. These processes are shown schematically in
Fig. 8.5. The typical product slat is shown in Fig. 8.6.

The focus on gasoline production drove most of the early refinery developments,
and other products received little attention. As indicated above, it became very clear,
even in these early refineries, that all of the material produced in the refinery had to
have markets. The heavier materials, or the so called middle distillates, eventually
found application in the newly developed gas turbine and diesel engines, and as
a replacement for coal in residential and industrial heating. The evolution of the
turbine and diesel engines did have some impact on refinery evolution in the United
States, but much more impact on refinery design in other parts of the world, in
particular in Europe where the diesel engine was evolving at a more rapid rate.
In fact, the European refineries differ in basic design from those in the US. The
European refineries have been designed to produce higher quality diesel than can be
routinely produced in the typical US refinery. The primary difference between ideal
gasoline and ideal diesel fuel is the ignition characteristics. It was clear early on
that ideal gasoline resisted autoignition (high autoignition temperature) while ideal
diesel fuels autoignite very easily (very low autoignition temperatures).
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This simplified drawing shows many of
a refinery's most important processes.
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Fig. 8.6 Simple refinery
schematic (EIA webpage
[16])
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8.2 Fuel Chemistry

As indicated above, petroleum crude oils are composed of several hundred different
chemical compounds. The components can be classified by hydrocarbon type. The
convention for naming these compounds is described in Table 8.1 from ref. [20].
Included in the table are comments regarding various aspects of the effects of the
various compounds on fuel characteristics and human health effects.
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Table 8.1 Hydrocarbon type naming convention

Hydrocarbon
Saturated alkanes (n-alkane and i-alkane)
General formula C,Hy,4o
Boiling point and density increase with increasing the number of C atoms.
Branched alkanes (iso-alkanes) is very small in quantity
Boiling point of straight chains > iso-alkanes with the same no. of C
Naphthenes or Cycloparaffins (saturated cyclic hydrocarbons, i.e. cyclohexane)
General formula C,H,, for one ring compounds
Alkenes or Olefins — unsaturated aliphatic hydrocarbon (i.e. ethylene or propylene)
Very small amounts in crude oil — produced during refining
Aromatics hydrocarbon (cyclic and polyunsaturated hydrocarbons containing conjugated
double bonds)
Alkylaromatics have very high Octane Number - content in gasoline is limited by
environmental regulations — health effects due to high toxicity.
Polyaromatic Hydrocarbons — aromatics containing more than 1 ring
Naphthalene — 2 rings
Anthracene — 3 rings
Pyrene — 4 rings (very toxic)
Hydroaromatics or naphthenoaromatics — partially saturated PAHs
Heteroatom compounds
Sulfur compounds might be present in inorganic and organic forms. In crude oils sulfur
concentration can range from 0.1 to more than 8 weight percent. Such as dibenzylthiophene
(2 benzene rings separated by 1 S atom) — is most difficult to release the Sulfur
Oxygen compounds are responsible for petroleum acidity in particular.
Carboxylic (OH—C=O0 bonded to a benzene ring)
Phenolic (OH bonded to a benzene ring)
Nitrogen compounds
carbazole (2 benzene rings separated by 1 N atom) — neutral Quinoline (2 benzene rings with
1 N atom on 1 ring) — basic

8.3 Engine Development Impacts

The earliest internal combustion engines were fueled with straight run gasoline.
These engines had very low compression ratios due to mechanical limitations of the
engine production processes and also due to the relatively poor ignition quality of
the available fuels. The fundamental thermodynamic relationship between engine
efficiency and compression ratio was known, but autoignition of the available fuels
dramatically limited compression ratio. In fact, the early engine designers did not
have a method for measuring or rating the autoignition characteristics of gaso-
line. They did observe, however, that increased compression ratio hastened the
autoignition process and that different gasolines demonstrated different sensitivities
to compression ratio. Several researchers examined this phenomenon, which ulti-
mately became known as “knock” due to the audible noise generated in the engine
during these autoignition events.

It was determined that normal combustion in an engine involves the formation
of a flame front that moves in a relatively orderly fashion through the unburned
fuel air mixture. As the flame front progresses, the unburned mixture ahead of the
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flame front is heated by heat transfer and compression. It is commonly accepted that
knock is an end gas phenomenon, where the last of the unburned mixture reaches the
autoignition conditions of the fuel and an uncontrolled autoignition process occurs,
leading to very rapid pressure rise rates and pressure oscillations that produce the
characteristic “KNOCKING” sound.

The compression ignition engine, developed by Rudolf Diesel in 1892 [29], was
originally designed to operate on cheap fuels such as coal dust and/or vegetable
oils. At the World Exhibition in Paris in 1900 Diesel’s first engine ran actually on
peanut oil. He stated in 1912 that vegetable oils may become in the course of time as
important as the petroleum and coal tar products of the present time. As the engine
evolved, fuel injection and cold start became the main issues. The distillate fraction
of petroleum was recognized as the ideal feedstock, with appropriate density, distil-
lation, and lubricity characteristics for fuel handling and direct in-cylinder injection.
In addition, the distillate fraction also had acceptable ignition characteristics for
operation in the engines available at that time.

As engine technology matured and as the demand for gasoline increased, the
composition of gasoline changed and other fuel handling and engine operating
characteristics placed additional demands on fuel quality requirements. During
this evolution of fuel requirements, the practice of specifying fuel properties was
adopted and evolved into the current practice of fuel specification. The common
practice is for the engine and fuel producers to maintain working groups through
organizations such as the American Society of Testing Materials (ASTM), Deutsches
Institut fur Normung, Association des Constructeurs Europeens d’Automobiles
(ACEA) and Japan Industrial Standard to continually monitor and update the fuel
specifications for all applications in response to the industry needs and capabilities.

8.4 Fuel Specifications

8.4.1 Evolution of Fuel Specification

Knock and knock prevention became, and in fact remains, the primary focus of
gasoline quality. In the1920’s an industry group was formed to develop an accept-
able apparatus and test method for rating the knock resistance of gasolines. The
outcome of this activity was a gasoline knock resistance rating that became known
as “Octane Rating”. As the gasoline engine evolved with higher compression ratios
and higher load ratings for ground and airplane applications, variations of the Octane
Rating procedure evolved. These activities were accomplished though industry
cooperative activities managed through the ASTM.

Analogous to the gasoline engine, the performance requirements of the diesel
engine changed and it became apparent that a fuel ignition rating apparatus and tech-
nique were needed. Similar to the gasoline situation, an industry group was formed
to develop an appropriate procedure. The result of this activity became known as the
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“Cetane Rating” procedure. Both Octane and Cetane rating will be discussed further
in the next section.

As indicated previously, the engine and fuel developments were evolutionary
processes that continue as the engines continue to evolve. The discussion so far has
dealt only with the ignition quality. Several other fuel quality specification proper-
ties were also identified. These important properties address issues that were iden-
tified over the years, relating to performance and handling characteristics ranging
from cold flow, storage stability, deposit formation, volatility, and a variety of engine
compatibility issues. Currently, the ASTM D4814 gasoline specification includes
13 different fuel properties or characteristics, and the ASTM D975 diesel fuel
specification includes 15 different specified properties. The current ASTM D4814
gasoline specification properties and associated ASTM test methods are listed in
Table 8.2. The ASTM D975 diesel fuel specifications and test methods are listed in
Table 8.3.

In a break with tradition and the historical industry practice, an international
group of engine manufacturers developed their recommended specifications for
fuels for use in different parts of the world. They presented these requirements in a
document entitled “The World-Wide Fuel Charter” [19]. There are four different
standards for both gasoline and diesel fuel, basically recognizing that there are
different levels of engine and emissions control technology in different parts of the
world. The Category 4 properties are listed in Tables 8.4 and 8.5 for gasoline and
diesel fuel, respectively. The Category 4 standards are the most stringent.

The more important properties listed in the tables are described in the following
sections. As indicated above, they include a variety of characteristics that address
issues that were identified to affect the fuel handling as well as several associated
with engine performance. The list of properties in Tables 8.2 and 8.4 are similar,
differing only in the limits imposed by the particular specification. The method of
measuring and the purpose of each of the properties are either identical or similar.

Distillation Properties measured following ASTM D 86, defines the relationship
between the fraction of material evaporated and temperature. These characteristics
are important for both the fuel handling and mixture preparation characteristics.

Table 8.2 ASTM D4814 gasoline fuel specification properties

Distillation Properties ASTM D 86

Vapor Pressure ASTM D 5190, D 5191, D 5482

Vapor Liquid Ratio ASTM D 2533

API Gravity ASTM D 287

Density ASTM D

Oxygenate Detection ASTM D 4815, D 5599, D 55845
Sulfur Content ASTM D 1266, D 2622, D 3120, D 5453, D 3120
Lead Content ASTM D 3341, D 5059

Phosphorus Content ASTM D 3231

Octane Number ASTM D 2699, D 2700

Copper Corrosion ASTM D 130

Water Tolerance ASTM D 6422

Intake Valve Deposits ASTM D 5500

PFI Injector Fouling ASTM D 5598
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Cloud Point is measured using ASTM D 2500. It is a measure of the fuel temper-
ature at which diesel fuel becomes cloudy in appearance due to the formation of wax
crystals. It is important because it provides an indication of the cold flow character-
istics of diesel fuels.

Vapor Pressure can be measured by one of the following, ASTM D 5190,
D 5191, or D 5482. This is a property important for the gasoline like fuels. The
historical importance of vapor pressure is due to the relationship between it and cold
start and vapor lock. It has gained more interest recently because of the relationship
with the evaporative emissions.

Flash Point is measured using ASTM D 93. This is a safety related property that
defines the minimum fuel temperature at which the vapor above a fuel will ignite in
the presence of an ignition source.

Vapor Liquid Ratio is determined following ASTM D 2533. The primary purpose
of this measurement is related to safety issues associated with handling gasoline like
fuels. It is basically a measure of the amount of vapor formed when a fixed quantity
of liquid fuel is exposed to a specified environmental condition.

API Gravity measured following ASTM D 287, is important for all fuels because
of the relationship with energy content, fuel metering and mixture preparation.

Density is measured following ASTM D 1298, and like API Gravity is important
because it is related to the energy content of a stoichiometric fuel-air mixture and
because of its relationship to the volumetric energy content.

Oxygenate Detection is measured following ASTM D 4815, D 5599, or D 55845.
It is basically a modern gasoline property related to the regulatory requirements for
minimum oxygen content in gasoline.

Sulfur Content is determined following one of the following procedures: ASTM
D 1266, D 2622, D 3120, D 5453, and D 3120. Sulfur content is a regulated
property in both gasoline and diesel fuel and is important because it affects the
durability of exhaust aftertreatment system components and the level of particulate
emissions.

Aromatic Content is measured following ASTM D 1319. The aromatic content
affects the ignition quality and is thus important in both gasoline and diesel fuel.
Aromatic materials typically have high Octane and low Cetane. It is also a regulated
environmental property because aromatics are toxic and benzene content has been
limited due to the direct health effect. In diesel fuel the aromatic content affects both
the NOx and PM emissions.

Lead Content is measured using ASTM D 3341 or D 5059. This is a regulated
gasoline property that is important because it poisons exhaust catalysts and because
it is toxic and produces toxic exhaust emissions.

Phosphorus Content measured using ASTM D 3231 is a regulated property
because of the effects of phosphorus on exhaust aftertreatment devices, where three
way catalyst and diesel PM filter performance is reduced.

Octane Number (ON) is determined following either ASTM D 2699 or D 2700.
This is a calibrated scale based on testing the knock resistance of unknown gasolines
in a standard test engine, relative to blends of reference fuels.
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Cetane Number (CN) can be determined in a standard test engine using ASTM
D 613, or using a constant volume combustion bomb following ASTM D 6890 or
ASTM D 7170. Like ON it is a calibrated measurement using blends of specified
reference fuels. CN is a measure of the autoignition characteristics of diesel engine
fuel.

Copper Corrosion is measured following ASTM D 130. It is a fuel system related
property because it has been found that copper speeds fuel degradation and can
cause deposits that affect the fuel system performance.

Ash Content measured using ASTM D482, is a measure of the metal oxides
formed during combustion of a fuel. It is important due to the effects of these ashes
on engine and aftertreatment durability.

Water Tolerance measured using ASTM D 6422, is important in both gasoline
and diesel fuel because of the effects of water on fuel system durability and perfor-
mance. It is also important in diesel fuel because of the corrosive effects of water on
fuel injection system components.

Carbon Residue is determined following ASTM D 524. It is a measure of the
tendency for a fuel to form carbon deposits and is thus related to engine combustion
chamber deposits.

Lubricity is measured following ASTM D 6079. It is a measure of the ability
of diesel fuel to lubricate the diesel fuel injection system. It is performed in a
reciprocating wear device in which the wear scar is measured after a standard
test.

Intake Valve Deposits are measure using ASTM D 5500. The test is performed
in a specified gasoline PFI equipped vehicle operated over a specified drive cycle.
The test measurement involves quantifying the amount of deposit that forms on
the intake valves over the drive cycle. This is both a performance and an emis-
sions related characteristic because intake valve deposits affect vehicle response
and hydrocarbon emissions.

PFI Injector Fouling determined using ASTM D 5598, is a measure of the
propensity of a gasoline fuel to form deposits in the injectors. Injector deposits
affect fuel delivery, spray pattern and nozzle response time, all in turn affect the
engine performance and emissions.

As can be seen, both the ASTM and the World Wide Fuel Charter specifica-
tions consist primarily of what are called performance properties rather than more
fundamental or compositional properties. The adoption of this practice is historical,
and based on the fact that the capability did not exist in early petroleum refining to
make significant and controlled changes in the composition of distilled materials.
In fact, current refineries are capable of only limited compositional changes and the
processes must be modified if the feedstock changes significantly, or the required
property limits are changed significantly. Exceptions to this practice are the limits
on the heteroatoms, O, N, and S, due to the effects of these materials on engine
durability, and aromatics, which is limited primarily due to the early recognized
impact of these materials on smoke production, ignition quality, engine durability
and, more recently, human health.



396 T. Ryan and R.R. Maly
8.4.2 Worldwide Fuel Charter

The historic development of fuel specifications was accomplished in a consensus
approach in which representatives from both the fuel companies and the engine
manufacturers agreed on the definition of the important properties as well as the
limits imposed on these properties. In more recent time an international group of
engine manufacturers (ACEA, Alliance, EMA, JAMA) unilaterally provided their
desired fuel specifications to the fuel producers who questioned their cost benefit of
the proposed new fuel specifications. The lists of specified properties are the same
as the current ASTM specifications, but the limits are, in some cases, significantly
different. In this process the Original Equipment Manufacturer (Auto/Vechicle
Manufacturer) (OEM) engine manufacturers have treated the fuel producers as
suppliers, where the component (fuel) is specified by the OEM and the fuel suppliers
are expected to provide the specified product.

The primary differences between the ASTM standards and the Worldwide Fuel
Charter are in those fuel properties that have the largest impact on the engine emis-
sions. The primary differences are in the composition (aromatic content and sulfur)
and in the ignition characteristics (ON and CN).

As the emissions standards become more and more stringent it is becoming
apparent that fuel composition is having a more significant impact on the engine
out emissions composition and concentrations. This should not be surprising, but
until relatively recently, the engine calibrations were so far from optimum for low
emissions that relatively minor changes in the engine design or calibration over-
shadowed the fuel effects. Now, as the engines approach near optimum design and
calibration for low emissions, fuel is playing a significant role. The inclusion of
exhaust gas treatment systems and the adoption of advanced combustion modes are
likely to place even more stringent requirements on the fuel.

8.5 Diesel Fuel Studies

In view of ever more stringent emission regulations, increasing needs for diver-
sifying feedstock’s to cope with worldwide growing demands for road fuels — at
affordable costs — and the necessary modernization of fuel production technolo-
gies, make detailed knowledge of the full effects of future fuel formulations in a
co-optimized system of engine and fuel a shear must. Fundamental investigations
into co-optimizing fuels and engines were performed by seven major European auto
manufacturers in cooperation with IFP!' under the auspices of ACEA? —-EUCAR?

LYFP — Institut Frangais du Pétrole, 1 & 4 Avenue de Bois-Préau, 92852 Rueil-Malmaison Cedex,
France, http://www.ifp.fr/IFP/en/aa.htm

2 ACEA - European Automobile Manufacturers Association, Avenue des Nerviens 85 | B-1040
BRUSSELS, http://www.acea.be/home_page

3 EUCAR - European Council for Automotive R&D, Avenue des Nerviens 85, B - 1040 Bruxelles,
http://www.eucar.be/
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Detailed results have been published in an SAE paper [25]. Practical data of a test
implementation of a co-optimization study on a modern EU4 base vehicle have
been published by DaimlerChrysler [11] showing surprisingly large optimization
potentials. The critical issues addressed were:

e What are feasible fuel formulations providing significant reductions of regulated
emissions and what are their reduction potentials?

e What are their effects on engine performance and what are the consequences for
engine technologies and after-treatment systems?

e What is the additional potential for improvements if fuels and engines were
treated holistically —i.e. as one system?

Subsequently, reference will be made to these papers in order to clarify the trends
for clean future fuels based on fossil sources. These results provide also a sound
basis for assessing the additional potentials of renewable road fuels.

8.5.1 Fuel Components

Based on an extensive literature study on fuel related engine effects, the main
impacts of modified fuel formulations were scrutinized [25]. In Table 8.6, an
overview is presented on the average effect of fuel components on emissions. It can
be seen, that the effects of varying fuel components depend both on fuel specifica-
tion and on engine design. This reflects the strong interaction of fuel specifications
with engine parameters and the consequences of the dedicated optimization for the
current fuel specifications. Also, there is some ambiguity in the effect on different
emission species making interpretations difficult which is attributed to the use of
un-adapted engines. Nevertheless, it is obvious that low concentrations of sulfur
and poly-aromatics are generally favorable for low emissions. Highest emission
reductions are commonly observed for fuel formulations with lowest contents of
sulfur and aromatics and for low high end boiling points.

Table 8.6 Overview of the effects of fuel components on diesel emissions

Fuel modification HC CO NOx Particulates

1 h 1 h 1 h
Reduction of Sulfur* 0 0 0 0 0 by b
Increase in Cetane No 0 44 0 44 U 0 0
Reduction in Total Aromatics 0 0 0 0 U8 0 0
Reduction in Density T T T f U 0
Reduction in Polyaromatics U U 0 0 y? 0 J4U
Reduction in T90/T95 0 4 4 4 ¥ 0 0

U U/ o = large effect, |/ = small effect, | /1 = very small effect, O = no effect. * = for engines
without aftertreatment systems, 1 = low emission engine, h = high emission engine, a = poly-
aromatics are expected to give a bigger reduction than mono-aromatics, b = reducing S from 0.30%
to0 0.05% gives relatively large benefits, reducing S from 0.05% to lower levels has smaller benefits
[25]
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8.5.2 Base Fuels and Engine Design

The choice of the base fuels used for blending has a significant effect, too. This is
shown by Tables 8.7 and 8.8 for Light Duty Trucks (LD) and Heavy Duty Trucks
(HD) engines, respectively. Although the effects are roughly similar for LD and HD
engines, there are still engine design related differences regarding relative impact
and type of base fuel.

Table 8.7 Effect of the choice of base fuel on emissions of LD engines

Refinery base streams LD CO HC NOx Particulate Smoke

vehicles

Light Cycle Oil >25% >25% 20-25% >25% >25%

Hydroconversion of Vacuum 15-20% 15-20% 15-20% 20-25% 20-25%
Distillation Residue

Kerosene 20-25%  20-25% 15-20% <15% <15%

Fischer-Tropsch Diesel <15% <15% 15-20% <15% <15%

Percentages indicate contributions to specified emission components in %.

Table 8.8 Effect of the choice of base fuel on emissions of HD engines

Refinery base streams HD CO HC NOx Particulate ~ Smoke
vehicles

Light Cycle Oil 20-25%  20-25%  20-25%  20-25% 20-25%
Hydroconversion of Vacuum 20-25% 15-20% 20-25% 15-20% >25%

Distillation Residue

Kerosene 20-25%  20-25% 15-20% <15% <15%
Hydro-Cracked Diesel 15-20% <15% 15-20% 15-20% 15-20%
Fischer-Tropsch Diesel 15-20% 15-20% <15% <15% <15%

Percentages indicate contributions to specified emission components in %.

The Light Cycle Oil and the Vacuum Distillation Residue Hydro Conversion base
fuels are the largest contributors to pollutant emissions since they have the highest
aromatic contents, a very low H/C ratio, a high density and a low CN.

8.5.3 Oxygenates

The addition of oxygenates is known to reduce soot emissions. Numerous com-
pounds have been tested to meet important selection criteria, e.g. highest efficiency
in soot reduction, high oxygen content, non-toxicity, acceptable CN and good solu-
bility in conventional hydrocarbons. All in all, in reference [25], the best oxygenated
compounds turned out to be Butyrate Glycerin and Butylal. Their addition improved
the NOx-smoke trade-off in all fuel blends studied and had also beneficial effects
on decreasing noise and fuel consumption. However, the required amounts of
oxygenates had to exceed 10 vol. % to become effective, and hence, oxygenates
can not be considered as additives but rather as substantial fuel components. Thus,
in spite of being quite promising, in a thorough holistic evaluation, the additional
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benefits of adding an oxygenate were deemed insufficient to compensate for the
increase in fuel costs associated with the dedicated production of oxygenated
compounds for a broad introduction in future fuel formulations.

8.5.4 General Results of the Literature Survey

Many of the fuel characteristics are non-linear and therefore allow no simple inter-
pretation. Only by considering all results in a holistic view was it possible to derive
a matrix of 11 most promising fuel specifications.

By thoroughly re-testing these 11 fuels on a single cylinder engine under iden-
tical and well controlled conditions it was consistently verified that in summary, a
Fischer—Tropsch type GTL diesel — purely paraffinic — was the most promising, and
the WWFC #4 Diesel the next best future fuel specification. As a reference diesel,
the Standard 2005 European Diesel fuel (pump grade) was used.

The fuel specifications are shown in Table 8.9 along with data for biomass-to-
liquid (BTL) Diesel and US No. 2 Diesel. Characteristic emission results are shown
in Figs. 8.7 and 8.8.

8.5.5 Results of Engine and Vehicle Tests

These general results were verified by five OEMs on modern vehicles [25] covering
a wide range of LD engine designs and sizes and on an HD engine as exemplified
by Figs. 8.9 and 8.10.

These test bed results were substantiated by real NEDC (New European Driving
Cycle) tests as exemplified by the results presented in Fig. 8.11 showing that
improved fuel formulations indeed reduced exhaust emissions very substantially for
virtually all components.

It is especially noteworthy that the same general trends were observed for HD
trucks and for LD passenger cars: the Synthetic Diesel (GTL) offers the largest
reductions in emissions and the WWFC #4 Diesel is almost as good. The major
differences between the fuels are attributed to the differences in sulfur content
(ideally = 0), aromatic content (ideally &~ 0), CN, viscosity, density and final boiling
point.

In addition to the fuel effects, the engine settings (e.g. SOI, rail pressure, Exhaust
Gas Recirculation (EGR), timing of pilot and main injection etc.) as well as the
engine design parameters (e.g. combustion chamber and injector design, compres-
sion ratio, swirl level etc.) have significant, mostly well known effects on exhaust
emissions. The most prominent effects are reduction of the compression ratio (e.g.
from 18:1 to 15:1), optimization the fuel injection system and of the in-cylinder
charge motion (e.g. swirl ratio). Hence, these parameters have to be checked and
optimized individually for each fuel formulation if the lowest emission levels are to
be achieved, at best engine performance.
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Fig. 8.7 Effect of fuel type on NOx — smoke trade-off. LD single cylinder engine, speed: 1500 rpm,
BMEP 3 bar [25, IFP]
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Fig. 8.8 Effect of fuel type on NOx — smoke trade-off. LD single cylinder engine, speed: 2500 rpm,
BMEP 9 bar [25, IFP]

8.5.6 Results for a GTL-Optimized Vehicle

Results for a GTL co-optimized LD vehicle (see Table 8.10) were recently presented
by DaimlerChrysler [11]. In the interest of minimizing adaptation costs, hardware
modifications were limited to lowering the CR to 15:1 and optimizing the injec-
tion system only. In addition, the control software was adapted to cope with the
different fuel properties also during transients. These results, obtained without any
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Fig. 8.9 Effect of fuel specification on NOx and PM emissions. Stationary test bench data of
a modern 2.2 L Euro 4 LD engine with diesel particulate filter removed. Operating conditions:

2000 rpm, BMEP 7 bar (representative for the NEDC), variable: exhaust gas recirculation rate [25,
DaimlerChrysler]

NOx after-treatment, corroborate the findings in [25] and support the need for co-
optimizing future fuels and future engines in a system approach.

In conclusion, it has been demonstrated conclusively that high Cetane, purely
paraffinic, sulfur-free GTL type, clean fuels improve combustion and reduce emis-
sions drastically in modern Diesel engines without impairing engine performance
(noise, fuel consumption and power). Hence, there is a very large, still unexploited
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Fig. 8.10 Smoke (FSN) — NOx trade-off of a HD diesel engine. ESC test stage A100 (full load,
1200 rpm, SOI 3°BTDC) stationary test bench data. [25, Volvo]
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Fig. 8.11 Measured emission reductions for an un-adapted Euro 3 diesel vehicle during NEDC
tests using WWFC #4 diesel and synthetic diesel (GTL). Reference is standard EU-2005 diesel
fuel [25, Ford]

Table 8.10 Emission results of a GTL-optimized MB 320 CDI vehicle (originally EU4 spec-
ification) in comparison to the proposed EUS limits. Even with only minor hardware/software
adaptations and without a DeNOXx catalyst, the emissions of the optimized vehicle are well below
the EUS limits

NOx (60) THC PM¥*)

g/km g/km g/km g/km
EU5 0.08 0.5 0.05 0.005
GTL-opt. vehicle 0.075 0.2 0.041 0.0028

*) vehicle with DPF

potential for improvements in road fuels which will provide major reductions in
pollutant emissions both in vehicles already on the road as well as in future dedi-
cated co-optimized vehicles. The combination of the ideal fuel and optimized
engines offers a promising near-term option. The necessary production technologies
are available and proven.

8.6 Fundamental Considerations

This section is a discussion of the fundamental relationships between the fuel prop-
erties and the ignition and combustion characteristics of the fuels in engines. At the
most fundamental level, composition controls all of the performance and emissions
characteristics. In this sense, fuel specifications could be devised based entirely
upon composition. There are, however, at least two significant problems with this
approach. The first, which is very practical, is that current refineries are not designed
to control composition to the level required to have purely composition based fuel
specifications. The second problem is more fundamental, and that is that current
kinetic models are not sophisticated enough and computers are not fast enough to
handle all of the kinetic interactions that are possible in multi-component fuels. As
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a result, it is more convenient to consider some of the more global fuel properties,
such as the autoignition temperature, global reaction rate (laminar burning velocity),
and adiabatic flame temperature. These characteristics can be readily measured and
correlated to engine performance and emissions.

8.6.1 Adiabatic Flame Temperature

The adiabatic flame temperature is directly related to the fuel composition. Flame
temperature decreases as the fuel hydrogen content increases. Combustion in diesel
engines is largely accomplished in diffusion flames that burn at the stoichiometric
adiabatic flame temperature. It is the relationship between hydrogen content and
flame temperature that explains the decrease in NOx emissions observed with higher
hydrogen content fuels such as the GTL fuels. The relationships between hydrogen
content and the flame temperature and NOx emissions are presented in Fig. 8.12.
The range of hydrogen to carbon ratio covers diesel fuel through methane.

It can be seen that the adiabatic flame temperature and NOXx emissions are
directly related to hydrogen to carbon ratio. It is also important to recognize that soot
emissions are also directly related to the fuel hydrogen content. This is demonstrated
in Fig. 8.13, where soot formation rates in a well stirred reactor are plotted versus
the fuel hydrogen carbon ratio.
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8.6.2 Autoignition Temperature

There are a number of formal definitions of autoignition temperature. Most methods,
however, are performed at atmospheric pressure and are related to fuel handling
safety related issues. Ryan et al. [1, 9, 31] developed a device for measuring the
high pressure autoignition characteristics of fuels. The device consists of a pressure
vessel that can be charged with air, or any oxidizer mixture, to high pressure and
temperature. The test fuel is injected into this atmosphere and the ignition delay
time is measured, based on the measurement of the pressure history in the vessel.
In this context, the ignition delay time is defined as the residence time of the fuel in
the vessel before pressure rise due to combustion.

The ignition delay time has been determined to be an exponential function of the
oxidizer temperature, and thus it is possible to define the autoignition temperature
as the temperature required to produce a selected ignition delay time. In this context,
the measurement has been related to CN, ON, and ignition in Homogeneous Charge
Compression Ignition (HCCI) engines (described below).

The relationship between ignition delay and CN is rather straightforward. The
CN engine based rating technique (ASTM D613), as described above, involves
rating the test fuel against reference fuel blends, all tested at fixed injection timing
by varying compression ratio to achieve combustion at TDC. In this method, there-
fore, all fuels are tested at the same ignition delay time, but with different compres-
sion ratios, or with different temperatures. So that the engine tests method is based
on a calibration of CN as a function of the required compression ratio. Newer rating
techniques, ASTM D6890 or ASTM D 7170, are based on a direct measure of the
ignition delay time in a constant volume combustion device, call the Ignition Quality
Tester, or IQT.

Ryan et al. [32, 33] demonstrated that this device can be used to measure
other, more detailed, ignition and combustion characteristics, useful in rating fuels
for advanced combustion systems such as encountered in HCCI engines. In these
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advanced combustion engines, more information is required than can be gleaned
from a simple CN or ON. Fuel reactions in these engines are initiated by compres-
sion heating. There is no active ignition control, so controlling the start of reaction
is a significant issue. Figure 8.14 is a heat release rate diagram for a typical HCCI
engine. In this example, the fuel composition is such that there is significant low
temperature reaction, as indicated by the two stage heat release event.

Research has demonstrated [34, 35] that fuel composition controls the low
temperature reaction phenomenon, where normal paraffin’s display significant low
temperature reaction, and aromatic materials displaying little or no low tempera-
ture reactivity, and in fact the aromatics can suppress low temperature reactions
[34, 35]. The other constituents, iso and cycle paraffins, olefins, etc. display some
low temperature reactions, and generally fall, in terms of reactivity, in between the
normal paraffins and the aromatic constituents.

Work reported by Ryan [30] indicates that there are two important ignition char-
acteristics that control the start of the high temperature reactions in HCCI engines.
The first is the temperature at which the low temperature reactions are initiated,
and the second is the magnitude of the low temperature reactions, both annotated
in Fig. 8.14 as the temperature at point 2 and the area under 2-3-4. Both combine
to control the start of the main reaction. Figure 8.15 shows the correlation between
the temperature at the start of the low temperature reactions in an HCCI engine
and the ignition temperature as measured in the IQT [Elevated Pressure Autoigni-
tion Temperature (EPAIT)]. Figure 8.16 shows the correlation between the energy
liberated in the cool flame and the time between the start of the low temperature
reactions and start of the main reactions.

It is clear from the above data that the start of the high temperature reactions
is controlled, at the practical level, by the initiation temperature and the magnitude
of the low temperature reactions. It has been further demonstrated that these fuel
ignition characteristics can be measured in the IQT, making these near ideal speci-
fication properties for HCCI engine fuels. Kalghatgi [22] also recognizes the short-
comings of the current ON and CN in rating fuels for HCCI engines. His approach
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Fig. 8.15 Correlation between the temperatures at the start of the low temperature reactions in the
engine and the EPAIT (SwRI)

involves the use of the difference in the RON and MON (sensitivity) as a measure
of the HCCI ignition characteristics.

Another category of advanced engine combustion concepts involve accomplish-
ment of the reaction process in the equivalence ratio — flame temperature domain
in such a way as to avoid both NOx and soot formation. Kamimoto et al. [23]
suggested the possibility for these Low Temperature Combustion modes, as illus-
trated in Fig. 8.17. A significant fuel related issue associated with this mode of
combustion is related to the fact that engines calibrated to operate in these modes
are very sensitive to the ignition quality of the fuel and to the propensity of the
fuel to produce soot. Desirable fuel characteristics are low aromatic content and
high CN, but at least consistent levels are essential. Surveys of fuel quality in the
United States indicate that the gasoline properties are much more consistent than
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the diesel fuel properties. For instance, the 2005 diesel fuel survey [8] indicated that
the CN varied from 38 to 58, and aromatic content varied from 13% to 50%. These
variations are too large to compensate for in the control of the advanced combustion
mode engines.

8.7 Alternative Feedstocks and Fuels

Since the availability of fossil oil and gas is finite, both the primary energy sources
and the fuel types will have to be diversified over time [24]. Fossil based fuels will
become cleaner and cleaner to comply with ever more stringent emission regulations
and oil based fuels will gradually be substituted at least in part with natural gas based
fuels such as CNG and preferably ultra clean liquid GTL fuels. In parallel, renew-
able fuels will enter the market. A vision of the temporal evolution of European
road fuels, prepared by the fuels working group IG Fuels of ACEA-EUCAR [7], is
presented in Fig. 8.18.

Although the fuel consumption of passenger cars will decline markedly due to
the successful introduction of ever more fuel efficient technologies, the overall fuel
consumption will increase because of an increase in transportation by trucks and
also due to a continued increase in the total distance driven in the passenger sector.
In order to meet the envisaged goals for securing energy supply and reducing CO,
emissions, increasing amounts of gas based and renewable fuels will have to replace
oil based fuels. Renewable fuels are of special interest since they contribute favor-
ably to meeting both goals.

Petroleum exploration, recovery, transportation, refining, and fuel product distri-
bution represent a very significant infrastructure investment, and one that must be
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Fig. 8.18 Vision of the evolution of road fuels in Europe [7]

used as a bench mark for the alternative fuels. Basically, the world operates based on
a petroleum economy. As such, the alternative fuels must be able to compete in this
economic environment. The first element of the petroleum benchmark is the shear
magnitude of the worldwide petroleum energy usage. The second element of the
petroleum benchmark is the inclusion of petroleum and petroleum product usage in
the production of the alternative fuels. In order for an alternative fuel to survive in
the market it must be able to compete economically against petroleum.

The Argonne National Laboratory maintains a public domain spreadsheet based
energy and greenhouse gas model that can be used to predict the wells-to-wheels
analysis for any of the alternative energy pathways [21]. This model, called GREET,
has been used to examine several different alternative feedstocks, processing, and
transportation pathways to compare basically three different important factors: total
energy balance, petroleum usage, and greenhouse gas contribution [26]. A similar
detailed WTW database for European conditions and all pathways is available on the
internet, produced jointly by ACEA-EUCAR, CONCAWE and EC [13]. In terms of
total energy balance, the most efficient feedstock and pathway is the existing system
using petroleum and petroleum refining. This pathway, while not the worst in terms
of greenhouse gas contribution, does have a major impact. The worst pathways in
terms of greenhouse gas impacts generally involve the use of coal and all of the other
low hydrogen content fossil fuel feedstocks that do not include carbon sequestra-
tion. In addition, many of these pathways have relatively low total energy balances,
especially if carbon capture requirements are included. The best pathways in terms
of greenhouse gas impact include all of the nuclear and renewable sources as the
primary energy source. The one important factor not included in the GREET model



410 T. Ryan and R.R. Maly

is the infrastructure cost associated with development of the respective pathways to
a level needed to compete with petroleum.

Three alternative fuel pathways have achieved some success in the market place,
these include the renewables, ethanol and biodiesel, and GTL. Ethanol and biodiesel
can offer reasonable total energy balances (in some scenarios), and excellent green-
house gas emissions benefit. GTL is of interest because it offers a significant finan-
cial return for energy companies as a means to monetize their stranded natural gas
reserves.

In the EU biofuels are seen as strategic means to cope with the impending prob-
lems of energy security, economy and ecology in the transport sector. A target of
5.75% biofuels by energy in 2010 has been set by the EU Commission [2] and plans
are under way for mandating 15% in 2015. About half will come from bioethanol.
The bad energy and CO, balance and the high costs of bioethanol from cereals
(1st generation biofuels) will be avoided by using ligno-cellulose as biomass source
(i.e. 2nd generation biofuels) which, by the way, will be used also for producing
BTL (an optimum Diesel fuel). Ligno-cellulose will come from waste and/or energy
plants and will therefore not interfere with land use or crops for food production. In
addition it provides high conversion efficiencies and CO, reduction factors.

In Germany, the pioneer of biofuels in the EU, a bill has been passed on January
1, 2007 [3], mandating in energy terms the use of at least 3.6% bioethanol in gaso-
line and 4.4% biogenous diesel in diesel fuel by 2010. The total biofuel market share
must be 17% by 2015 under the constraint that the whole production chain provides
a decarbonization of at least 10%. These figures will be reached only by resorting
to 2nd generation biofuels which are promoted aggressively in Europe. The bill is
enforced by fines for not complying with the minimum biofuels shares.

8.7.1 Renewables

Ethanol is of interest in the US market as a renewable source of oxygenate and
Octane for gasoline. Ethanol from sugar cane has achieved some economic success
in Brazil due largely to direct and indirect government subsidy. Currently US
produced ethanol comes primarily from fermentation of corn starch. The energy
balance for this approach has been greatly debated and it appears that it is only
slightly positive. Under these conditions it is highly unlikely that ethanol will
become a primary energy source. However, research at the National Renewable
Energy Laboratory [26] on the production of ethanol from cellulastic material is
very promising, and if proven successful, could make ethanol a primary energy
resource.

Biodiesel has several different definitions, but the primary constituents are fatty
acid methyl esters and petroleum diesel fuel in blended fuels. The differences in
the definitions are in the concentration of the methyl ester. In the US and Europe
the primary fatty acid of interest are the C18 fatty acids, consisting primarily of
oleic and linoleic fatty acids (one and two double bonds), with traces of linolenic
fatty acid (three double bonds). There are ASTM and ISO specifications for various
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biodiesel formulations, but it appears that the actual quality in the market varies
greatly. The energy balance for biodiesel appears to be positive, but the key issue is
the production capacity. It is estimated that 10% of the diesel demand can be met
using the fatty acids before competition in the food market makes it impractical for
use as a fuel.

Adding less than 10% biodiesel into diesel does not significantly alter the emis-
sion characteristics of a vehicle except that the energy content is lowered somewhat
causing a lower mileage. No modifications of the engine are required. For higher
biodiesel contents a slight tendency for decreasing CO, HC and Particulates but a
tendency for increasing the NOx emissions are observed. Most significant, however,
is the reduction of particulates which is most pronounced in older engines with
calibrations EU3 and lower.

BTL diesel, produced using Fischer Tropsch processing of biomass generated
producer gas, is a biofuel of the second generation with properties being superior
over those of biofuels of the first generation. It can be blended with diesel in any
ratio reducing emissions in proportion to the BTL fraction. Since BTL is not yet
available in larger quantities [4], vehicle tests have been performed with GTL which
has identical properties due to the same production processes. Only the feedstock
source is different: biomass for BTL and natural gas for GTL. Due to the produc-
tion process, BTL is inherently an ultra clean fuel, containing no sulfur and no
aromatics. This and other favorable properties (high CN, high H/C ratio, etc.) make
BTL an ideal fuel for reaching lowest emission levels. The GTL data presented
previously demonstrate the potential of this biofuel fuel option which is considered
to be preferable over all other alternatives.

8.7.2 Availability, Possible Market Shares
and CO; Benefits of Biofuels

In order to be sustainable in the long term, the authors of ref. [11] use the subse-
quent assumptions for the assessment of the production potential of biofuels. These
assumptions are believed to be very conservative and impose no undue constraints
on a sustainable production. Also, there is enough room for other uses of biomass,
and since the crops are grown specifically for biofuel production, no interference is
expected with food production, environmental concerns or competition with power
generation and home heating.

e Biofuels are produced solely from specially grown indigenous crops. Wood,
waste and similar biomass (forestry and recycling) are not taken into account
since it is assumed that they will be fully used in the power generation and heating
sectors which compete with biofuel production about utilization of biomass
resources.

e As a starting basis for crop land potentially available for biofuel production, only
the land shares, actual crops and yields are considered which were recorded in
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the agricultural sector in EU25 in the year 2005. Land shares are assumed to
increase only slightly in the period to 2030. This in itself accounts for providing
the right environmental, structural, climatic and local conditions necessary for a
sustainable and efficient crop production.

e As crops for biofuel production of the 1st generation only sugar beet, cereals and
rapeseed are considered. Since subsidies for sugar production are dwindling, a
20% use for Ethanol production is reasonable. It is also reasonable to assume that
the lowest quality end of cereal crops amounts to 20% and is available without
extra cropping efforts or negative effects on food production. These assumptions
are certainly at the lower end of the biomass production potential and provide
a safe margin for uncontrollable uncertainties inherent to any scenario. For the
production of 2nd generation biofuels, the straw from cereal production is used
as source for ligno-cellulose and requires therefore no extra cropping, and for
BTL fuel production in EU25 it is assumed that a small fraction of the total
crop land (up to 80% of the set aside land which is about 8% of the total crop
land) will be available for growing suitable, widely different, fast growing energy
crops to avoid the problem of monoculture and crop rotation. In addition, the land
currently used for biodiesel production will be gradually transformed into use for
energy crops.

e Since the various technologies for producing biofuels differ in their degree of
maturity, different rates for increases in productivity are assumed for each crop.
The same assumptions apply for the EU25 and Germany.

The summary results for the possible shares of biofuels in EU25 and Germany are
presented in Figs. 8.19 and 8.20 along with the associated savings in CO, emissions.
It is remarkable that ST biofuels will meet the political goals of 5.75%, 8% and 15%
in EU25 and DE as well. Biodiesel, however, will hardly exceed the 5.75% share in
Germany and will not reach this figure in EU25.

The larger targets for CI biofuels can only met by additional contributions from
BTL, e.g. 2nd generation biofuel. BTL will not surpass biodiesel before 2020, due
to the need for technology and infrastructure development. Since it uses the total
bio-energy of the entire crop, BTL alone could provide over 16% of the German
diesel demand in 2030 which is the largest contribution of all biofuel variants. Hence
the high interest in quickly developing this synthetic biofuel with similar properties
as the ultra clean GTL. To promote synthetic fuels, an alliance for synthetic fuels
in Europe was formed in March 2006. Members are: Daimler-Chrysler, Renault,
Volkswagen, SasolChevron and Shell [10].

It is important to note, that rather large quantities of biofuels >28% could be
produced in DE by 2030 in spite of the very conservative assumptions if the 2nd
generation biofuels are included. This indicates that biofuels constitute a realistic
means for securing European energy supply, lessening markedly, the dependence on
imported oil and gas. In addition, money spent on the production and use of these
indigenous fuels will stay inside Europe and benefit the local population instead of
benefiting regions elsewhere.
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8.7.3 Costs of Biofuels and Biofuel Blends

In order to provide consistent data for a cost assessment, available data for Germany
are used under the assumption that these are relevant for EU25 as well. No taxes are
accounted for to avoid erroneous or misleading results. Hence, production costs are
all costs encountered, however without any taxes. As an example for how large
possible cost changes can be, the crude oil prices for May 2005 and August 2006
and their effect on fuel production costs are shown in Table 8.11.

Undesirable as rising oil prices might be, higher oil prices will close the gap
between production costs for fossil fuels and biofuels. Since biofuels most likely
will not be used as neat fuels but rather in blends with fossil fuels, the effect of higher
costs for biofuels shrinks further. As shown in Table 8.12, the rather high production

Table 8.11 Crude oil prices and fuel production costs [18]
May 2004 May 2005 May 2006 May 2007 June 2008

Crude oil prices' $/bl  40.24 49.84 70.92 63.40 136.74°
Production costs for Gasoline’> €/L 37.3 37.4 51.0 51.3 594
Production costs for Diesel? €/L 352 43.1 51.0 49.2 75.5

! West Texas Intermediate (WTI), monthly average
2 monthly averaged total net costs in Germany
3 as of June 12, 2008

Table 8.12 Production costs of fossil fuels and biodiesel blends for different crude oil prices
[6,27]

DE

Crude oil price $/bl 50 60 70 80
Production costs of fossil fuels

Gasoline without biofuels €/toe 538 623 707 792
Diesel without biofuels ! €/toe 514 597 680 762
Production costs of biofuels 2005 2010 2015 2020
Bioethanol ex Sugar ? €/toe 1025 1025 939 939
Bioethanol ex Cereals 2 €/toe 939 939 854 854
Bioethanol ex Ligno Cell. » €/toe 1.281 1.281 1.025 1.025
Biodiesel 2 €/toe 811 811 811 811
BTL ? €/toe 1.281 1.281 683 683
Production costs of biofuel blends

Gasoline without biofuels €/L 0,41 0,47 0,54 0,60
Diesel without biofuels V €/L 0,44 0,51 0,58 0,65
2010

Gasoline with 5.75% biofuels P €/L 0,44 0,50 0,56 0,62
Diesel with 5.75% biofuels €/L 0,46 0,52 0,59 0,66
2015

Gasoline with 8% biofuels ! €/L 0,44 0,50 0,56 0,61
Diesel with 8% biofuels " €/L 0,45 0,52 0,59 0,65
2020

Gasoline with 15% biofuels " €/L 0,46 0,52 0,57 0,63
Diesel with 15% biofuels " €/L 0,46 0,52 0,58 0,65

D costs calculated from WMV data for period Jan. 2004 to May 2006
2) costs for 2005 and 2015 according to FNR 2006
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costs for most biofuels of today will have an increasingly smaller effect on the costs
of future fuel blends. Even for biofuel blends as high as 15%, the production costs
are only 1-3 € cents above the production costs for neat fossil fuels if the oil price
is at 80 $/bl.

8.7.4 Potentials for Co-Optimization

GTL, or Gas-to-Liquids, is a general reference to the use of Fischer—Tropsch cata-
lyst to synthesize paraffinic hydrocarbons from producer gas. In the case of GTL, the
raw material for the producer gas (mix of CO, hydrogen and water) is natural gas.
There are very large known reserves of natural gas located in regions throughout
the world where it is impractical to use the gas directly as a gas. GTL offers the
opportunity to produce high quality liquid fuel materials that can be easily trans-
ported using conventional means. The economics for this process are highly depen-
dent on the price of the natural gas. In cases where the gas has negative value,
such as in some off-shore oil production facilities where the gas cannot be released
or flared, GTL can compete at $25/bbl equivalent. For on shore remote gas, the
competitive price increases depending on the contract price of the gas. GTL is a
means for the energy companies to monetize their extensive remote gas resources
and will, therefore, likely become a primary energy source for liquid distillate like
fuels.

In Figs. 8.21-8.23 the effect of co-optimization is exemplified for a modern
EU4 diesel car and a GTL fuel, representing the benefits of BTL as well. The
effects of GTL diesel fuel on the exhaust emissions of a Mercedes Benz E220 CDI

HC Cco NOy HC+NOy PM CO, FC.*

—

20114 H i

|

Change Against EU-Diesel [%]

4011
601
Reference: EU-Diesel
-801 3 Elon i
— . EU50 - GTL50
-100 2 B

* Fuel Consumption volumetric

Fig. 8.21 Emission reduction potential of GTL diesel fuel in an unmodified MB E220 CDI diesel
engine [11, 12]
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Fig. 8.22 Emission reduction potential of GTL diesel fuel in a MB E220 CDI diesel engine with
software adaptation only [11]

passenger car are shown in Fig. 8.21. The tests were performed without any modi-
fications to the engine [11, 12]. The results are of interest because the engine tech-
nology employed in this vehicle (high pressure, common rail fuel injection, cooled
EGR, variable geometry turbocharger) can be considered to be representative of the
majority of the current, as well as near- and medium-term future diesel passenger
car fleet. Significant reductions in PM, HC and CO were found, when compared to
the sulfur-free European diesel fuel that was used as the reference fuel, while NOx
emissions were unchanged.

In Fig. 8.22 the results are shown for the same engine if only the engine soft-
ware calibration is adapted appropriately to the fuel properties. They indicate that a

NOx cO THC HC + NOx PM
g/km g/km g/km g/km g/km

Euro 4 LD standard
effective 01/2005 0.25 0.5 - 0.30 0.025

Euro 5 LD standard 1)

; 0.18 0.5 - 0.23 0.005
effective 09/2009
1
Euro_6 LD standard ') 0.08 05 R 017 0.005
effective 09/2014
GTL-optimized vehicle
0.075 0.2 0.041 0.12 0.0028

(MB 320 CDI) 23

') PM proposed to be changed to 0.003 g/km using the PMP measurement procedure
2) Vehicle with DPF but without DeNox aftertreatment
3) Base vehicle: MY 2005 MB 3.2 L CDI with Euro 4 calibration

Fig. 8.23 NEDC test results for the GTL optimized Mercedes-Benz E320 CDI vehicle [11]
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simultaneous reduction of 35% in both NOx and PM could be achieved when neat
GTL diesel fuel is used. Reference fuel is the clean sulfur-free European diesel fuel.
Blends with GTL diesel fuel were also investigated, and it was found that 50:50 and
20:80 blends of GTL diesel and the reference fuel showed still impressive 85% and
45% of the potential of the neat GTL fuel, respectively.

In Fig. 8.23 the results are shown for hard and software changes. The compres-
sion ratio was reduced to take advantage of the high CN of the GTL diesel fuel,
providing also a lower peak temperature during combustion and a more favorable
volume to surface ratio. Thus NOx levels and heat losses are reduced. Nozzle
modifications accounted for the lower density of the GTL diesel and for improving
spray formation and air utilization. The software optimization addressed mainly the
handling of transients since the steady state emission levels with GTL diesel fuel are
so low that they contribute only insignificantly to the total emissions. These modi-
fications cause only minor additional engine production costs, and are therefore
considered to be fully cost-efficient and readily acceptable.

It can be seen that the very ambitious target of reducing NOx emissions below
0.08 g/km was reached, including a small safety margin, while all the other regulated
emissions remained well below the proposed EU6 limits. This is an exceptional
achievement in view of the total absence of any NOx aftertreatment. Due to the joint
contributions by the DPF and the clean GTL diesel fuel, the PM emissions were well
below the extremely low proposed EU6 limit. Since not all possible modifications
were implemented, it is believed that there is still ample room for appreciable further
improvements.

CO; emissions with the GTL diesel and the modified engine configuration were
4% lower than with the standard vehicle and EU Diesel. This translates into an
increase in volumetric fuel consumption of 5%. This indicates a similar or even a
slightly improved thermal efficiency of the modified GTL fuelled engine, when the
6% difference in volumetric energy density is taken into account. Therefore, the
envisaged reduction in NOx has been achieved without compromising the engine
efficiency in any way. Also, the rated power output was maintained at 165 kW.
In summary, an excellent co-optimization result was achieved, providing a very
promising outlook for the future when ultra clean fuels will be available in signifi-
cant quantities.

Table 8.13 is comparison of the various fuels and energy sources in terms of
physical state, energy content, and raw material

Table 8.13 Comparison of various energy sources

Gasoline Diesel Biodiesel CNG E85
Structure C2-C12 C10-C20 C16-C18 CH4 C2H6
CN 5-20 40-55 46-60 NA NA
ON 86-94 8-15 ~25 120+ 100
Source Petroleum  Petroleum  Soy Beans  Fossil Corn
Energy Content (MJ/L) 30 35.6 32.5 10.5 222
Energy Ratio (vs Gasoline) 1.0 1.15 1.1 ~3@26 MPa ~1.4

State Liquid Liquid Liquid Gas Liquid
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