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Preface 

The utilization of mathematical models to numerically describe the performance 
of internal combustion engines is of great significance in the development of new 
and improved engines. Today, such simulation models can already be viewed as 
standard tools, and their importance is likely to increase further as available com­
puter power is expected to increase and the predictive quality of the models is 
constantly enhanced. 

This book describes and discusses the most widely used mathematical models 
for in-cylinder spray and combustion processes, which are the most important 
subprocesses affecting engine fuel consumption and pollutant emissions. The 
relevant thermodynamic, fluid dynamic and chemical principles are summarized, 
and then the application of these principles to the in-cylinder processes is ex­
plained. Different modeling approaches for the each subprocesses are compared 
and discussed with respect to the governing model assumptions and simplifica­
tions. Conclusions are drawn as to which model approach is appropriate for a 
specific type of problem in the development process of an engine. Hence, this 
book may serve both as a graduate level textbook for combustion engineering stu­
dents and as a reference for professionals employed in the field of combustion en­
gine modeling. 

The research necessary for this book was carried out during my employment as 
a postdoctoral scientist at the Institute of Technical Combustion (ITV) at the Uni­
versity of Hannover, Germany and at the Engine Research Center (ERC) at the 
University of Wisconsin-Madison, USA. The text was accepted in partial fulfill­
ment of the requirements for the postdoctoral Habilitation-degree by the Depart­
me nt of Mechanical Engineering at the University of Hannover. 

Many individuals have assisted me in various ways while I have worked on this 
book. First and foremost I would like to thank Prof. Günter P. Merker, the direc­
tor of the ITV, for supporting my work in every possible respect. Many ideas for 
this book were obtained from our numerous stimulating discussions about the sub­
ject of engine modeling. I am also indebted to Prof. Rolf D. Reitz, the director of 
the ERC, for inviting me to the University of Wisconsin-Madison and for teaching 
me many aspects about multidimensional engine codes during my stay at the ERC. 
Professor Dieter Mewes of the University of Hannover and Prof. Meinrad K. 
Eberle of the ETH Zurich, Switzerland contributed to this work by their critical 
reviews and constructive comments. 

Special thanks are due to my colleagues and friends both at the University of 
Hannover and at the University of Wisconsin-Madison for providing an inspiring 
environment in which to carry out engine research. 
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VI Preface 

I would like to acknowledge Mrs. Christina Brauer, the tracer at the ITV, for 
her thoughtful assistance with the schematic illustrations and technical drawings 
contained in this book. 

Last but not least, I would like to thank my family for their constant support 
and understanding while I was working on the manuscript. 

Hannover, January 2003 Gunnar Stiesch 
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1 Introduction 

1.1 Modeling 01 Combustion Processes 

This complex task of improving on combustion engines, that have already reached 
a very high level of sophistication during their more than 100 year long history , 
can nowadays be achieved only by a combination of advanced experimental and 
computational studies. Despite the quantitative uncertainties of numerical simula­
tions that are often greater than those of experiments, the modeling of combustion 
engine processes has some significant advantages that make its utilization in to­
day's engine development a necessity. In this regard, it is obvious that numerical 
simulations are especially suited to carry out extensive parametric studies, since 
they are much more time and cost effective than the alternative construction and 
investigation of numerous prototypes. 

In addition, spray and combustion models offer some further possibilities that 
might be even more beneficial to the research and development engineer. One 
important feature is that they allow to output every single variable of a problem at 
any position in physical space and at any point in time during the process. Such a 
complete set of information cannot be obtained by experiments for several rea­
sons. First of all it is extremely difficult to apply sophisticated optical measure­
ment techniques to a rapidly oscillating combustion engine without affecting the 
boundary conditions of spray development and combustion. But even if this task 
is achieved to a satisfactory degree, there will always remain several areas of in­
terest that are not accessible, e.g. the optically dense region of the fuel spray close 
to a nozzle orifice, which is very important for the subsequent breakup and 
atomization of the spray. Moreover, experiments can hardly yield three­
dimensionally resolved information. They are usually limited to two dimensions 
if light-sheets are applied or even to an integrated (zero-dimensional) information 
for a specific volume. 

Another capability of mathematical models is the possibility of artificially sepa­
rating specific sub-processes from others, that would interact in a real system, or 
to investigate the effect of unnatural boundary conditions on such processes. 
These features are also important in order to obtain more detailed information 
about spray and combustion processes that are still not fully understood today. 

For the above reasons, the development and application of mathematical mod­
els for combustion engines is invaluable despite their greater uncertainties com­
pared to experimental studies. The plenty of information they provide can help to 
understand the complex sub-processes occurring in combustion engines and espe-
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2 1 Introduction 

cially the various interdependencies between these processes much better than it 
could be the case with the sole execution of experiments. 

However, it has to be noted that even though the quality of numerical models is 
steadily improving and their importance will continue to increase, a wide variety 
and great number of experimental studies will remain necessary as weH. Because 
of their greater accuracy they are needed to both control simulation results at se­
lected positions and timings during the combustion process and also to validate 
and calibrate new mathematical models and submodels in isolated experiments, 
e.g. in constant volume vessels where the fuel spray can be investigated in a non­
combustible atmosphere. 

Depending on the various possible applications, different types of models for 
engine combustion processes have been developed. Three different model catego­
ries are typically distinguished. In an order of increasing complexity and increas­
ing requirements with respect to computer power, these are the thermodynamic (or 
zero-dimensional) models, the phenomenological (or quasi-dimensional) models, 
and the multidimensional models utilized in so-called CFD (computational fluid 
dynamics) codes. 

The thermodynamic codes utilize a simplified description of the combustion 
chamber, that assumes that all contents are ideally mixed at any time. The models 
are computationally very efficient but cannot provide insight into local processes 
such as air fuel mixing or pollutant formation. Consequently, this model category 
is most often applied in applications where short computing times are more crucial 
than the details of subprocesses. Examples are transient systems analyses and ex­
tensive parametric studies, provided that the model is capable of reproducing the 
effect of the varied engine parameters. 

Phenomenological spray and combustion models are more complex than the 
thermodynamic models, because they typically divide the combustion chamber 
into numerous different zones that are characterized by different temperatures and 
compositions. Because of this spatial resolution, important subprocesses can be 
modeled and the prediction of heat release rates and exhaust emissions as a func­
tion of characteristic engine parameters becomes possible. However, the spatial 
resolution is still relatively coarse in these models, and the turbulent flow field in­
side the engine cylinder is not solved for. Thus, effects of the engine geometry on 
combustion can hardly be accounted for, and analyses of sub sc ale processes that 
would require a higher spatial (and temporal) resolution are limited. 

FinaHy, multidimensional CFD-codes solve the full set of differential equations 
for species mass, energy, and momentum conservation on a relatively fine nu­
merical mesh and also incIude submodels to account for the effects of turbulence. 
As a result, these models are best suited to analyze the various sub sc ale processes 
of mixture formation and combustion in greater detail. However, they are also 
much more costly in terms of computer power than the other model categories. 

As noted above, especially the more detailed numerical simulation tools are ex­
tremely helpful in investigating and analyzing different subprocesses, that proceed 
simultaneously and interfere with each other. Therefore, they will become even 
more important in the future, because the trend in engine development leads more 
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1.2 Direct Injection Combustion Engines 3 

and more towards the utilization of direct injection technology. As will be dis­
cussed in the following section, this holds true both for diesel and gasoline en­
gines. For these concepts, mixture formation by injection of liquid sprays directly 
into the combustion chamber and combustion interact in multiple ways, such that 
improvements of the overall combustion process demand a very detailed under­
standing of the governing mechanisms. This understanding can be advanced by 
numerical modeling the spray and combustion processes. 

1.2 Direct Injection Combustion Engines 

Direct fuel injection technology has become more and more popular both in com­
pression ignition (diesel) and in spark ignition (gasoline) engines in recent years. 
In diesel applications direct injection (DI) engines are characterized by a superior 
fuel economy compared to indirect injection pre- and swirl-chamber engines, but 
also by a dis advantage with respect to vibration and noise control. While the DI 
technology has been used in the cost-sensitive field of marine and heavy duty die­
sel engines for a long time, it is only during the past decade that it has become the 
standard for passenger car diesel engines as weil. This trend was - beside other 
factors - facilitated by the development of modem injection systems that are more 
flexible and allow significantly higher injection pressures and thus better spray at­
omization and combustion characteristics than their predecessors. 

However, in view of increasing oil prices and a continuously tightened emis­
sion legislation the past achievements in diesel engine technology are not suffi­
cient and further improvements will be necessary. In this context significant re­
ductions of particulate matter and nitrogen oxide emissions that have to be 
realized without penalty in fuel economy are the main focus of current research. 

In contrast to diesel engines, spark ignition engines for passenger cars have al­
most solely relied on external mixture formation mechanisms with carburetors and 
port fuel injection systems during the past (one prominent exception being the 
Mercedes Benz 300 SL from 1954). The reasons for this dominance have been 
the relatively simple control mechanisms ensuring reliable ignition and combus­
tion under all operating conditions. In addition, the stoichiometric combustion of 
port fuel injection engines offers the possibility of utilizing a three-way catalytic 
converter as a very effective and affordable means of exhaust aftertreatment. 

Only during the most recent past more attention has been paid to direct injec­
tion spark ignition (DISI) engines again, with Mitsubishi being the first manufac­
turer to offer this technology in aseries production passen ger car in 1997. The 
main driving force nowadays is the possibility to run DISI engines in the stratified 
charge mode under part load conditions. Therefore, the characteristic throttling 
los ses of homogeneously operated SI engines are reduced and an improved fuel 
economy can be achieved. However, it should be noted that in contrast to DI­
diesel engines, there are still significant problems in DIS I engines that have to be 
overcome in order to take full advantage of the potential offered by the direct in­
jection technology. In this respect, the control of mixture formation that ensures 
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4 1 Introduction 

stable ignition and combustion for all load and speed combinations as weIl as the 
development of a reliable and affordable aftertreatment system for lean exhaust 
gases are most crucial. 

So even though diesel and gasoline direct injection engines are at very different 
development states today, further development and optimizations are mandatory 
for both engine types. Such engine optimizations are ~lways an extremely com­
plex task however, since there are numerous parallel and interacting subprocesses 
in the engine taking place instantaneously. This holds true especially for direct in­
jection engines where spray penetration and atomization, drop let evaporation, air­
fuel mixing, ignition as weIl as premixed and diffusion combustion aB take place 
simultaneously within the combustion chamber and influence each other. Hence, 
in order to optimize the overall efficiency and the exhaust emissions of an engine 
all these phenomena and their interdependencies have to be taken into account. 
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2 Thermodynamic Models 

The models described in this chapter are called thermodynamic models since they 
are based on the first law of thermodynamics and mass balances only. The princi­
pIes of momentum conservation are not considered in this model type and spatial 
variations of composition and thermodynamic properties are neglected. Thus, the 
entire combustion chamber of an internal combustion engine is typically treated as 
a single, homogeneously mixed zone. These assumptions obviously represent a 
significant abstraction of the problem and prohibit the usage of thermodynamic 
models in order to study locally resolved subprocesses such as detailed spray 
processes or reaction chemistry. However, the great advantage of these models is 
that they are both easy to handle and computationally very efficient. Therefore, 
they are still widely used in applications where there is only interest in spatially 
and sometimes even temporally averaged information and where computational 
time is crucial. 

2.1 Thermodynamic Fundamentals 

Generally, an open thermodynamic system with transient in- and outflows as 
shown in Fig. 2.1 can be described by mass and energy balances. The change of 
mass contained within the control volume is equal to the difference between all 
entering and exiting mass flows, mi and me respectively: 

dm cv "\'. "\'. 
--=L..Jm-L..Jm 

dt i' e e· 

contral volume boundary 

region e 

(2.1) 

Fig. 2.1. Schematic illustration of an open contra! vo!ume with transient in- and outflows 
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6 2 Thermodynamic Models 

The energy balance (first law of thermodynamics) for the control volume be­
comes 

dEcv =Q+~ + I(mihi)- I(mA), 
dt i e 

(2.2) 

where ~ represents the rate of mechanical work and Q is the rate of heat trans­
ferred to the system. If changes in kinetic and gravitational potential energies of 
the mass contained in the system are neglected the change in total energy dEcv is 
equal to the change in internal energy dUcv and Eq. 2.2 can be written as 

(2.3) 

In order to correlate the above change in internal energy of the control volume 
dUcv to changes in temperature and pressure, that are usually of greater interest, an 
equation of state is necessary in addition to the above mass and energy balances. 
For a pure substance i, the mass based specific internal energy Uj = U/rn is gener­
ally a function of temperature and pressure, 

(2.4) 

but it reduces to a function of only temperature for ideal gases. This assumption 
usually represents a good approximation for combustion gases because of the high 
temperatures encountered. However, combustion products are not a pure sub­
stance but a mixture of various components such as C020 H20, N2, O2, etc .. 
Hence, the internal energy depends not only on temperature but also on the mix­
ture composition, i.e. the mass fractions Yj of the each species i within the mixture: 

(ideal gas mixture) . (2.5) 

For a known gas composition, which in combustion engines could be approxi­
mated by the equivalence ratio <p, Eq. 2.5 can be utilized to solve the energy bal­
ance (Eq. 2.3) for the temperature T. Once T is known, the corresponding pressure 
p of the system can be obtained by the gas law, which for an ideal gas becomes 

pv=RT (ideal gas) . (2.6) 

2.2 Single-Zone Cylinder Model 

2.2.1 Mass and Energy Balances 

The name single-zone model comes from the fact that the contents of the combus­
tion chamber are assumed to be homogeneously mixed at all times in this model. 
Thus, the thermodynamic state of the working fluid is only a function of time, but 
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2.2 Single-Zone Cylinder Model 7 

it does not depend on the spatial position within the cylinder. With this assump­
tion the entire combustion chamber can be chosen as the control volume for which 
mass and energy balances are applied according to the general forms given by 
Eqs. 2.1 and 2.3, respective1y. 

Figure 2.2 displays a typical combustion chamber of an engine which is sur­
rounded by the liner, piston head, cylinder head and the inlet and exhaust valves 
that connect the combustion chamber to the manifolds. In addition, the control 
volume boundary as weIl as the thermodynamic properties and the mass and en­
ergy fluxes relevant to establish the balance equations are inc1uded. Following 
this schematic diagram and introducing the convention, that all mass and energy 
flows directed into the system have positive values and all flows directed out of 
the system have negative values, the mass balance for the combustion chamber 
can be written as 

dmCYI = dmin + dmexh + dmfuel + dmbb 

dt dt dt dt dt' 
(2.7) 

and the energy balance yields 

dUeYI = dQw + dQchem _ p dVeyl + dmin h. + dmexh h 
dt dt dt eyl dt dt In dt exh 

dmjuel dmbb +--h +--h dt fuel dt bb 
(2.8) 

The various components of Eqs. 2.7 and 2.8 will be discussed in the subsequent 
sections. 

Fig. 2.2. Single-zone cylinder model 
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8 2 Thennodynamic Models 

2.2.2 Mass Fluxes 

Gas Exchange 

In thermodynamic combustion models the sole interest in simulating the intake 
and exhaust processes is to determine the instantaneous mass flow rates through 
the intake and exhaust valves in order to integrate the trapped mass of gases within 
the combustion chamber. Specific flow patterns such as swirl or tumble inside the 
cylinder that can be created by the geometry of the intake manifolds are generally 
neglected here. The consideration of the effects of these flow patterns on mixture 
formation, heat release rate and emission formation are subject to more complex 
phenomenological or CFD-models that will be discussed in later chapters. 

The mass flows through the valves can be approximated by a steady flow 
through an adiabatic nozzle. The mass balance for this system, 

dm . . 0 -=mO-ml = , 
dt 

(2.9) 

and the energy balance, 

(2.10) 

can be combined to relate the velocity changes to enthalpy changes, 
2 2 

~-~=h -h 
2 2 0 I' 

(2.11) 

where subscripts 0 and 1 represent the states before and at the smallest cross­
section of the nozzle, respectively. The enthalpy difference between these states 
can be ca1culated based on the relation for an isentropic process (ds = 0) of an 
ideal gas, 

(2.12) 

where y is the ratio of specific heats c/cv and ff the pressure ratio PI/PO. Further 
assuming that the cross-sectional area ahead of the valve is large compared to the 
one in the valve gap, the upstream velocity Co reduces to zero. Rearranging 
Eqs. 2.11 and 2.12 then yields 

[ 
y-l i 

c = l:L RT I-ff r 
I 1 0 y-

(2.13) 

for the velocity in the valve gap. 
The theoretical mass flow rate through a valve can now be estimated as a func­

tion of this flow velocity, the cross-sectional area of the valve gap and the gas 
density: 
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2.2 Single-Zone Cylinder Model 9 

(2.14) 

However, the actual mass flow rate through an intake or exhaust valve is typi­
cally less than this theoretical value for two reasons. The first is that the geomet­
rie open area of a cam-driven poppet valve is not constant but depends on valve 
lift and thus time. Figure 2.3 displays a typical valve lift curve as well as the cor­
responding flow areas over the camshaft position. The diagram is subdivided into 
two regions a and b, that represent different constraining cross-sections of the 
valve configuration. For small and intermediate valve lifts Ca), the flow through 
the valve is limited by the area between the valve head and the seat while for large 
lifts (b) the area around the valve shaft represents the decisive constraint. 

The second reason is that the streamlines of the flow cannot follow the sharp 
edges on their way and separate from the walls. Figure 2.4 illustrates this effect 
and indicates that the effective cross-sectional area Aeff of the valve is smaller than 
the theoretical area A th • Since the effective cross-sectional area is hard to obtain 
fundamentally the flow contraction is usually taken into account by introducing an 
empirical discharge coefficient CD, that has to be determined experimentally in 
steady flow tests for various lifts of a given valve assembly. It is commonly de­
fined as the ratio between the time dependent effective flow area Aeff and the 
maximum geometrie al area Agea at maximum valve lift. The latter corresponds to 
case (b) in Fig. 2.3. A typical course of CD as a function of valve lift is given in 
Fig. 2.5. For a fully opened poppet valve the discharge coefficient usually ranges 
around 0.7. 

a) • 11. . 
~~min 

camshaft angle 
I 
I 

I. a b a 11 
I I 

ro I I 

~ 
I I 
I I ro I I 

C I I 
Q) I I 
Cl. I I 
0 I I 

I I 
I I 

camshaft angle 

Fig. 2.3. Valve open area as a function of valve lift 
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10 2 Thermodynamic Models 

With the above definition of the discharge coefficient CD, the actual mass flow 
rate through a partly or fully opened poppet valve can now be estimated by the re­
lation 

. _ IIr 2r y [ r-1] 
m-cDAgeopo" --RTo 1-" . 

r- 1 
(2.15) 

Hence, the mass flow rate is a function of the valve geometry, the gas proper­
ties and the thermodynamic states upstream and downstream of the valve, that are 
expressed through the pressure ratio" and the upstream temperature To. While the 
state within the combustion chamber is the solution of the integration of the cylin­
der mass and energy conservation equations (Eqs. 2.7 and 2.8), the states in the 
inlet and exhaust manifolds have to be provided as boundary conditions. They can 
either be obtained experimentaIly by indicating the pressure and temperature in 
the manifolds or they can be calculated by modeling the entire gas passage of the 
engine and its periphery. This can inc1ude air filter, compressor, air cooler, throt­
tle and various connecting ducts for the intake side as weIl as exhaust manifold, 
turbine, exhaust gas aftertreatment, muffter and connecting ducts in the tailpipe. 
Since the objective of this text is the modeling of the in-cylinder processes rather 
than the gas exchange processes a detailed description of the available models is 
omitted and only a brief summary will be given below. 

Fig. 2.4. Flow contraction at the valve seat 
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Fig. 2.5. Discharge coefficient vs. valve lift [20] 
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2.2 Single-Zone Cylinder Model 11 

It has been shown in various studies, e.g. [8, 24], that for turbocharged diesel 
engines it is usually sufficient to calculate the mass flow rates and pressures based 
on cycle-averaged data. The various intake and exhaust subsystems are treated as 
combinations of reservoirs and flow restrictions analogous to the calculation of the 
mass flow through valves in Eq. 2.15. The turbocharger performance can be de­
scribed by characteristic maps for both the compressor and the turbine that corre­
late rotation speed, mass flow rates and pressure ratios. However, for naturally 
aspirated SI engines the volumetric or scavenging efficiencies of the intake and 
exhaust systems are strongly affected by transient pressure waves that are travel­
ing through the system. Therefore, it is hardly possible to assume cycle-averaged 
values for press ure, temperature and mass flow rates within the gas exchange de­
vices. In addition to the mass and energy balances the momentum conservation 
has to be considered in order to solve for the pressure fluctuations in the intake 
manifold. This is often done by assuming a one-dimensional flow through the 
system. A detailed description of these so-called one-dimensional gas dynamics is 
provided e.g. by Heywood [12] or Ramos [23]. 

Fuellnjection 

For obvious reasons the term dm/uel in Eq. 2.7 applies only to engines with internal 
mixture formation, i.e. to diesel and direct injection spark ignition engines. For 
engines with extemal mixture formation systems, i.e. gasoline or gas engines with 
port fuel injection or carburetors, this term reduces to zero as a fuel-air mixture 
enters the cylinder through the intake valve and the respective fuel mass is already 
included in the inlet mass flow rate dmin' 

In internal mixture formation engines the mass flow rate of injected fuel m foe! 

can be estimated by simulation models describing the hydraulics inside the injec­
tion system, e.g. [2, 3], but more often it is simply specified by an experimentally 
obtained injection rate profile over time. A standard single-pulse injection is usu­
ally approximated by a trapezoid shape and pre- or post injections can be simpli­
fied by triangular shaped profiles. A schematic illustration of such an empirical 
injection rate profile is shown in Fig. 2.6. 

mfuel 

pre-injection main injection post-injection 

Fig. 2.6. Illustration of an empirical injection rate profile with pre- and post injections 
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12 2 Thermodynamic Models 

The assumption of a homogeneously mixed eombustion ehamber in the single­
zone eylinder model implies that the fuel that is injeeted in the liquid phase imme­
diately evaporates onee it enters the eontrol volume of the eylinder. This vapori­
zation eauses an internal eooling of the eylinder gases beeause of the latent heat of 
evaporation of the fuel. However, this proeess does not have to be modeled ex­
plieitly here, sinee it is already taken aeeount of by the speeifie enthalpy of the 
liquid fuel hjuel , that is assoeiated with the injeetion rate in the energy eonservation 
equation 2.8. It is very small eompared to the speeifie enthalpy of the eylinder 
gases and therefore eauses a drop in the mean speeifie internal energy and thus in 
the temperature after mixing. It should further be noted that the fuel enthalpy in 
Eq. 2.8 does not eontain the ehemieally bound energy in terms of the heat of for­
mation. In this model, the ehemieal energy released through combustion has to be 
added to the energy balance separately through the term dQchem which will be dis­
cussed in Sect. 2.2.5. 

Blowby 

During the high pressure part of the combustion engine process, i.e. during the 
compression and expansion strokes of a four-stroke engine or between exhaust 
port c10sing and opening in a two-stroke engine, a leakage can pass from the com­
bustion chamber through the piston-liner-ring assembly into the crankcase because 
of the significant pressure difference. This leakage that is commonly termed 
blowby and referenced as dmbb in Eq. 2.7 causes a drop in the cylinder pressure 
and hence, a loss in thermal efficiency of the engine. However, it is generally 
very small compared to the trapped mass inside the cylinder such that it is often 
neglected in engine simulations. Nevertheless it can be modeled since it turns out 
to be roughly proportional to the greatest flow resistance in the flow path between 
the cylinder and the crankcase [21]. When there is good contact between the 
compression rings and the liner as weil as between the rings and the bottom of the 
grooves, this relevant resistance is determined by the cross-sectional area of the 
ring gap. 

2.2.3 Mechanical Work 

The only kind of mechanical work performed on or by the control volume of the 
combustion chamber is the compression/expansion work that is due to the volume 
change of the cylinder forced by the rotation drp of the crankshaft: 

(2.16) 

The volume change is solely a function of the cylinder bore Band the change in 
the vertical piston position dz which is governed by the geometry of the crank 
mechanism: 
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2.2 Single-Zone Cylinder Model 13 

(2.17) 

For a standard configuration of the crank mechanism with intersecting axes of 
the piston and the crankshaft as displayed in Fig. 2.7 the following relations apply: 

c = a·sinlP 

ZI = a·coslP 

~[2 2 '[2 2· 2 Z2 = o'Jl- - c- = V - a sm IP 
~----

'[2 2· 2 Z = ZI + Z2 = a . cos IP + V - a sm IP 

(2.18) 

Thus, the derivative of Z with respect to the crank angle IP can be expressed as 

dz 
-=-a 
dlP 

a2 sin(21P) 
sin IP - -----;=~=~= 

2 '[2 2· 2 ' V -a sm IP 
(2.19) 

where IP is related to time by the rotation speed of the engine: 

dlP = mdt = 21r ndt. (2.20) 

Fig. 2.7. Geometry ofthe crank mechanism 
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14 2 Thermodynamic Models 

2.2.4 Wall Heat Transfer 

The heat transfer between the cylinder gases and the combustion chamber walls 
can be due to both convection and solid body radiation which originates from hot 
soot partic1es. However, in thermodynamic combustion models only the convec­
tive heat transfer mode is considered, since the temporally and spatially variable 
distribution of soot cannot be solved for with the assumption of an ideally mixed 
combustion chamber. The effect of radiative heat transfer can only be approxi­
mated by an empirical augmentation of the convective heat transfer. 

The convective heat transfer rate between the gas and the wall can be described 
by the Newton's cooling law as 

(2.21) 

where h is called the convective heat transfer coefficient, A is the surface area and 
Tw and Tcyl are the mean wall and gas temperatures, respectively [15]. The heat 
transfer coefficient has been derived by many researchers by assuming an analogy 
with a steady turbulent flow over a solid wall, where the dimensionless tempera­
ture gradient at the surface, i.e. the Nusselt number, is described in terms of the 
Reynolds and Prandtl numbers ofthe flow ,e.g. [1, 17,30]: 

hL a b 
Nu =- =C-Re ·Pr . 

k 
(2.22) 

In Eq. 2.22 L represents a characteristic length of the problem, and C, a and b are 
empirical constants that are determined by curve fitting experimental data of wall 
heat transfer rates. 

Probably the most widely used approach of this category is the one suggested 
by Woschni [30] who assumes an analogy between the cylinder flow and a turbu­
lent flow through a circular tube. Consequently, the characteristic length L is the 
cylinder bore Band the constants a and b are chosen to be 0.8 and 0.4, respec­
tively. Replacing the Reynolds number by 

Re = pcB = L cB (2.23) 
f-l RT f-l ' 

where c is the characteristic flow velocity, Eq. 2.22 now becomes 

( )
o.s 

Nu = hB = C. ReOSPrOA = C L cB PrO.4 • 

k RT f-l 
(2.24) 

Introducing the property relations 

Pr = const.==0.74, ~ = (~)X , 
ko To 

and setting the characteristic flow velocity to the mean piston velocity Cm, we can 
solve for the heat transfer coefficient h: 

r = 0.8 (1+ y)-x. (2.25) 
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2.2 Single-Zone Cylinder Model 15 

By comparison with experimental data the exponent r of the temperature de­
pendency is found to be r = 0.53 and the constant C* becomes 127.93 W/(m2K). 
However, the above relation is applicable only for motored engine operation. 
Since the combustion process during fired operation significantly increases the 
turbulence level and thus the he at transfer coefficient, Eq. 2.25 has to be corrected 
by replacing Cm by a velocity term v, that takes into account both the mean piston 
velocity and the combustion induced turbulence: 

h = 127.93· B--D·2 • po.s . vos . rO.53 , (2.26) 

where 

(2.27) 

and index 1 refers to the state at the start of compression, i.e. at IVC, and Vd is the 
displacement volume. The difference in cylinder pressure between fired and mo­
tored engine operation (P-Pmor) accounts for the turbulence increase by combustion 
and the constants Cl and C2 are suggested to be: 

CI = {
6.18 + 0.417 Rs : gas exchange 

2.28 + 0.308Rs : compressionlexpansion , 

{
6.22 ·10-3 

C = 
2 3.24.10-3 

m/(sK) : 

m/(sK) : 

prechamberengine 

direct injection engine 

Equation 2.28 has been validated for swirl ratios between 0 and 3. 

(2.28) 

(2.29) 

Typical profiles for the cylinder temperature and pressure as weIl as for the heat 
transfer coefficient and the resulting heat transfer rates for a turbocharged direct 
injection diesel engine are plotted in Fig. 2.8 for two different injection timings. It 
is c1early visible how the heat transfer rate is accelerated at the start of combus­
tion. However, it can also be seen that this effect will be less pronounced if com­
bustion starts weil after TDC because the peak cylinder pressure will be much 
lower in this case. 

Several authors have proposed modifications to the Woschni model in order to 
yield a better agreement with additional experimental data, obtained for different 
engine types and boundary conditions, e.g. [4, 13]. However, in most cases these 
are minor variations applying to model constants and the definitions of character­
istic f10w properties and the general form of Eq. 2.22 that defines the convective 
heat transfer coefficient is retained. 

It was shown by Huber [14] that the effective velocity based on the combustion 
term in Eq. 2.27 underestimates the heat transfer rate for low loads and for mo­
tored operation. Therefore, the velocity is expressed in terms of the current cylin­
der volume V, the c1earance volume Vc and the indicated mean effective pressure 
imep, 

(2.30) 
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Fig. 2.8. Wall heat transfer in a turbocharged diesel engine. Left: qJmc = 3550 A TDC, 
Right: rpsoc = 3680 ATDC [20] 

where the unit of imep is in bar. It is then suggested to input the greater value of 
either Eq. 2.27 or Eq. 2.30 into Eq. 2.26 to solve for the heat transfer coefficient. 
Furthermore, a correction of the constant C2 given in Eq. 2.29 is recommended for 
wall temperatures greater than 600 K in direct injection diesel engines: 

(2.31) 

2.2.5 Heat Release by Combustion 

In thermodynamic cylinder models the rate of heat release by combustion, 
dQchen/dt in Eq. 2.8, cannot be derived by a detailed modeling of physical and 
chemical subprocesses such as fuel evaporation, ignition, flame propagation etc., 
because these processes are strongly affected by the unresolved spatial tempera­
ture and composition distributions. Because of the assumption of an ideally mixed 
combustion chamber, it is mandatory to model the heat release rate by empirical 
submodels that hardly contain any physical or chemical principles and instead at­
tempt to reproduce the characteristic heat release rates obtained from experiments 
by simple mathematical equations with as few parameters as possible. The two 
most widely used approaches in this respect, the Wiebe function and the so-called 
polygon-hyperbola-combustion profile, will be discussed in the subsequent sec­
tions. 
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2.2 Single-Zone Cylinder Model 17 

Wiebe Combustion Profile 

The Wiebe function was originally developed by 1.1. Vibe [27] and should there­
fore be correctly terrned the Vibe function. However, since it is commonly re­
ferred to as the Wiebe function in the English literature, this spelling will be 
adopted throughout this text, too. The purpose of the function is to reproduce the 
typical S-shaped profile of the integrated heat release rate of SI engines. The ratio 
of the heat released until crank angle cp to the total amount of heat released by the 
end of combustion can be approximated by 

(2.32) 

where Qchem,tot = m fuel • LHV , and CPsoc and !1cpc represent the start of combustion 
and the combustion duration, respectively. The constant m defines the shape of 
the integrated heat release curve and a is derived from the perception that only a 
certain fraction of the injected fuel has been bumed at the end of combustion. In­
troducing the conversion efficiency 17conv at the end of combustion cP = CPeon 

17conv = Qchem ( cp) I = I - e -0 , 

Qchem,lot <p=rperJC 

(2.33) 

the parameter a can be expressed as 

a = -ln (1 -17conv ) . (2.34) 

Thus, for a typically assumed conversion efficiency of 99.9% a becomes 6.908. 
The instantaneous heat release rate can be obtained by differentiating Eq. 2.32 
with respect to the crank angle: 

dQchem = a. Q. . (m + 1) .(cp- cpsoc)m .exp[-a. (cp-cp.wc )m+l]. 
d ehem,tot!1 !1 

cP ~ ~ 
(2.35) 

In Fig. 2.9 the instantaneous and integrated heat release rates as calculated by 
Eqs. 2.35 and 2.32, respectively, are plotted against the norrnalized combustion 
duration for various values of the shape parameter m. While the energy release 
rates of homogeneous charge SI engines can be reproduced with this Wiebe func­
tion reasonably weIl, it becomes obvious from Fig. 2.9 that the typical diesel com­
bustion profile with a distinct premixed peak at the start of combustion (compare 
Fig. 2.10) can hardly be modeled with sufficient agreement. However, this prob­
lem can be diminished by superimposing two Wiebe functions, one for the pre­
mixed part of combustion and the other representing the later, diffusion controIled 
part of combustion. In that case, the two functions can have different form pa­
rameters as weIl as different combustion timings, and the total heat release is cal­
culated as the sum of the two individual functions: 

www.TechnicalBooksPDF.com



18 2 Therrnodynamic Models 

5,-----------~---------,----------~----------~--------~ 

3l co 
<1> 
~ 3++----~~--~--------_+----------~--~~~--+_----~--~ 
10 
<1> 
.r: 

o 2+-~------~~~~--~~~------_+~T_--~----~----_+--~ 
.8 
~ 

~ 

0,2 0,4 0,6 0,8 
rel. crank angle 

rel. crank angle 

Fig. 2.9. Wiebe combustion profiles for various shape parameters 

dQehem = dQehem,1 + dQehem,2 

= a Q (m + 1)( (j) - (j}soe,l )m, exp[-a( (j) - (j}soc,1 )m, +1] 
ehem,l 1 1'1 1'1 

(j}e,1 (j}e,1 

+aQ (m +1) (j}-(j}soc,2 - exp -a (j}-(j}soc,2 -
( )

"" [( )m'+I] 
ehem,2 2 1'1 1'1 ' 

(j}c,2 (j}c,2 
(2,36) 

where QChem,l + QChem,2 = Qchem,tot. The left side of Fig. 2.10 shows a comparison 
between an experimentally obtained typical combustion profile of a direct injec-
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2.2 Single-Zone Cylinder Model 19 

tion diesel engine and a calculated profile by two combined Wiebe functions. 
While the main characteristics, i.e. the distinct premixed and diffusion parts of 
combustion, can be reproduced with this approach, it can also be seen that there 
usually remains a deviation in the decreasing part of the diffusion combustion that 
cannot be avoided. 

Polygon-Hyperbola Combustion Profile 

In order to be able to fit the typical diesel combustion profile yet better than with 
the double Wiebe function, especially during the late stages of diffusion combus­
tion, Schreiner [25] presented a so-called polygon-hyperbola function. This func­
tion consists of an interconnection of four straight lines and one hyperbola. As 
displayed in the right diagram of Fig. 2.10, the first two straight lines (1-2-3) de­
scribe the premixed part of combustion, while the third and forth line (3-4-5) rep­
resent the increasing part and the plateau maximum of the diffusion combustion, 
respectively. The decreasing part of the diffusion combustion, where reaction 
rates are low because of both mixing constraints and low temperatures caused by 
the downward motion of the piston, is modeled by a hyperbola (5-6) that repre­
sents the late stages of combustion better than the Wiebe approach shown on the 
left diagram of Fig. 2.10. The heat release rates for the different stages of com­
bustion can be expressed by the following set of equations: 
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Fig. 2.10. Combined Wiebe functions and polygon-hyperbola profile for diesel combustion 
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(2.39) 

Stage 4-5 (rp4 :-::; rp:-::; qJs): 

(2.40) 

Stage 5-6 (rp5 :-::; rp:-::; ((J6): 

d~;m = h3 + hj ( rp - rpj t 

(2.41) 

The constant Y2 defines the height of the premixed peak and the three parame­
ters of the hyperbola hJ, h2 and h3 are derived by the constraint that the hyperbola 
runs through the states 5 and 6 of value Y5=Y4 and Y6, respectively. In addition the 
integral beneath the complete combustion profile has to equal the total amount of 
heat released Qchem.tot. The height Y4 of the plateau phase of the diffusion combus­
tion needs to be specified such that the center of gravity of the calculated heat re­
lease profile equals the center of gravity of the experimentally obtained profile and 
Y6 is chosen to model the reaction rate before the end of combustion. 

Thus, a total of ten parameters needs to be specified in order to define the heat 
release rate profile given by Eqs. 2.37 to 2.41. These parameters are the start of 
combustion, the timing of the premixed peak, the combustion duration until the 
center of gravity of the profile, the combustion duration until the end of the diffu­
sion plateau, the total combustion duration, the maximum heat release rates of the 
premixed and diffusion parts of combustion, the heat release rate prior to the end 
of combustion, the premixed fraction of the total heat release and finally the total 
amount of heat released by combustion. As suggested by Fig. 2.10 these ten pa­
rameters are usually sufficient to yield a very good agreement with experimentally 
obtained heat release rates. 

Combustion Profile Variations for Varying Operating Conditions 

It should be noted that both the Wiebe function and the polygon-hyperbola func­
tion rely on experimental data in order to adjust the model parameters. Therefore, 
preca1culations of the heat release profile for varied boundary conditions (e.g. in­
jection timing or pressure) or even for a completely different engine are generally 
not possible. However, there exist several approaches how to adjust the parame-
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ters within the Wiebe function [31] or the polygon hyperbola function [25] to dif­
ferent loads and speeds of the same engine, once the correct parameters are known 
for one particular operating condition. 

These adjustments, that will not be discussed in detail in this text, can roughly 
predict the changes in the heat release rates for one specific engine configuration, 
but extrapolations to different boundary conditions of the combustion are impossi­
ble. Investigations that include changes in engine parameters other than load and 
speed are therefore subject to more sophisticated phenomenological or multidi­
mensional combustion models as will be described in the following chapters. 
Nevertheless, the empirical heat release models described above are still useful 
and widely applied whenever computing time is more crucial than high accuracy 
and predictive capability of the models. 

2.2.6 Ignition Delay 

In order to apply the heat release models described above, the start of combustion 
has to be known as a boundary condition. While in spark ignition engines this 
combustion timing is controlled by the spark timing and therefore is a known pa­
rameter, in diesel engines only the start of injection can be controlled directly. As 
indicated by Fig. 2.11 there is generally a time lag between start of injection and 
auto-ignition in diesel engines during that physical and chemical subprocesses 
such as fuel atomization, evaporation, fuel-air-mixing and chemical pre-reactions 
take place. This time period is referred to as ignition delay 'id. 

Again, in thermodynamic cylinder models the subprocesses causing the ignition 
delay cannot be modeled in detail because of a lack of knowledge of spatially re­
solved fluid properties. Instead it has to be described by a simplified semi­
empirical formulation in terms of the cylinder averaged values of temperature and 
pressure. Usually, the temperature and pressure dependencies are expressed by an 
Arrhenius type equation of the general form 

c, (C3 ) 'id =C1P· exp T . (2.42) 

This approach was first suggested by Wolfer [29] who carried out ignition ex­
periments in a constant volume bomb with a fuel of cetane number greater than 
50. For a temperature range between 590 K and 780 K and apressure range be­
tween 8 and 48 atm the constants Cl to C3 were determined to be 

Cl = 0.44 ms, C2 = -1.19, C3 = 4650 K, 
and the pressure has to be input in atm. 

Sitkei [26] has expressed the ignition delay by 

07 (3,930) -18 (3,930) 
'id =0.5+0.133p· exp -T- +0.00463p . exp -T- , (2.43) 

where the first term on the right hand side represents a physical delay and the sec­
ond and third terms represent the chemical delays of the cold and blue flames. 
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22 2 Thermodynamic Models 

Again, the units of Iid, p and T are ms, atm and K, respectively. Hardenberg and 
Hase [10] proposed an Arrhenius equation for the ignition delay as weIl and sug­
gested to calculated the activation energy EA , i.e. the product of the molar gas con­
stant Rm and the constant C3 in Eq. 2.42, as a function of the fuel cetane number: 

premixed 
combustion 

E _ 618,840 J 
A - CN +25 mol 

(2.44) 

time 

Fig. 2.11. Schematic illustration of injection, ignition delay and heat release rate in a DI 
diesel engine 
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o engine 1 0 

1,5 • engine 2 
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• engine 3 
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Gi 
"0 1,0 
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o 0,5 1,0 1,5 
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Fig. 2.12. Comparison of measured and estimated ignition delays [6] 

www.TechnicalBooksPDF.com
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To account for temporal changes in temperature and pressure during the igni­
tion delay, the following empirical integral relation has to be satisfied: 

(2.45) 

An extensive overview over the many studies that have been perforrned On the 
subject of ignition delay - most of those are related to Eq. 2.42 - is given in ref. 
[23]. In general, a satisfying agreement between ca1culations and experiments can 
be achieved with this forrnulation, as it is indicated by the comparison in Fig. 2.12. 

2.2.7 Internal Energy 

In the foregoing sections all the components of the mass and energy balances 
(Eqs. 2.7 and 2.8) have been identified such that the change in internal energy of 
the control volume "combustion chamber" can be solved. However, for the com­
bustion engineer the physical properties of temperature and pressure of the cylin­
der gases are more meaningful than a rather abstract value of the internal energy. 
Therefore, further thermodynamic correlations are necessary that link the change 
in internal energy to changes in temperature and pressure for a certain gas compo­
sition in the combustion chamber. 

The total differential of the internal energy can be written as 

dU d(mu) dm du 
-=---=u-+m-. 
dt dt dt dt 

(2.46) 

Since the specific internal energy u is a function of temperature, pressure and 
composition expressed by the overall equivalence ratio, u = u (T,p,r/J), it becomes 

(2.47) 

In Eq. 2.47 dmldt and drjidt can be solved by conservation of mass principles 
and the temporal changes in temperature and pressure are related by the gas law in 
its differential form. For the simplified case of an ideal gas it reads 

dV dp dT dm dR 
p-+ V - = mR-+ RT-+mT-. 

dt dt dt dt dt 
(2.48) 

Now only the partial derivatives of the specific internal energy with respect to 
temperature, pressure and composition remain unknown in Eq. 2.47. To estimate 
these terms several approaches have been suggested in the literature and the Ones 
that are applied most often in therrnodynamic combustion models will be de­
scribed below. 
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Justi's Correlation 

A simple and widely used empirical function established by Justi [16] assurnes 
that the cylinder contents behave as an ideal gas. Therefore, the specific internal 
energy depends on temperature and composition only. For further simplification, 
the composition is not expressed in terms of the mass fractions of all species in the 
mixture but in terms of the reciprocal equivalence ratio A, = 1/fjJ. This implies that 
the ratio of C- to H-atoms of the fuel must not be changed, that the global equiva­
lence ratio has to be either stoichiometric or lean (fjJ:S; 1) to assure complete com­
bustion to CO2 and H20 and that the composition of the combustion air has to be 
constant. Thus, a varying water content of the intake air cannot be accounted for. 
However, since the C/H-ratio of gasoline and diesel fuel are similar adequate re­
sults have been obtained for both engines types with the following polynomial ex­
pression for the internal energy 

u(T,A,) = 0.1445 [ 1356.8 + ( 489.6 + :~~;} T - ~ef )10-2 

( 3.36)( ) 2 -4 + 7.768+ A,ü.8 T-Tref 10 

( 0.0485)( )3 -6] - 0.0975+~ T-~ef 10 (2.49) 

where T ref = 273.15 K. With this correlation the partial derivatives of u with re­
spect to T, and A, in Eq. 2.47 can be determined analytically and the derivative 
with respect to pressure reduces to zero. 

3500 r--,----r---,-----,---,----, 

3000~+_-~~-~--+--~-_.~ 

~ 
~ 2500 1_+_--+--_t---t;;-~~~j.L_j 
>-
~ 
~20001_+_--+--_t--_b~~~~~ 
Q) 

ro 
E 
~ 1500 

o 
Q) 

~10001-~--+-~~---+--+--~ 

5001-~~-+--r--_r-~-~ 

500 1000 1500 2000 2500 3000 
temperature [I<] 

Fig. 2.13. Specific intemal energy based on Justi's [16] model 
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2.2 Single-Zone Cylinder Model 25 

Figure 2.13 shows the specific interna1 energy estimated by Eq. 2.49 for various 
air-fue1 ratios as a function of temperature. It shou1d be noted that for 1arge va1ues 
of ..1, i.e. ljJ ~ 0, the specific interna1 energy of the mixture converges with the one 
of pure air. 

Zacharias' Correlation 

Zacharias [32] suggested a simi1ar po1ynomia1 corre1ation for the interna1 energy, 
however, he additionally considered apressure dependency to avoid the ideal gas 
assumption. Since the mixture composition is again approximated by the recipro­
ca1 equiva1ence ratio ..1, the same limitations regarding the gas and fue1 composi­
tions as described in Justi's model app1y. 

where: 

R = R 
o 28.89758 + 0.06021· r 

1[ = P 
0.980665 bar 

.9=_T_ 
1000K 

r= 
..1-1 

1 
..1+--

afstoic 
A = 2.77105·10-4 -9.00711·1O-5 ·r 

D = 0.008868-0.006131· r 

FA(O) = 3.514956 

FA(l) = 0.131438 

- 0.005026· r 

- 0.383504· r 

FA(2) = 0.477182 - 0.185214·r 

FA(3) = - 0.287367 - 0.0694862· r 

FA(4) = 0.0742561 + 0.0164041l·r 

FA(5) = -0.00916344 - 0.00204537· r 

FA(6) = 0.000439896- 0.00010161·r 

Whi1e the consideration of the interna1 energy' s pressure dependence by Zacha­
rias hints a better accuracy than Justi' s ideal gas assumption, it also causes an in­
crease in computational effort since an iterative solution of pressure and tempera­
ture becomes necessary. Because of the high temperatures generally encountered 
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26 2 Thermodynamic Models 

in combustion systems the numerically simpler approach by Justi is still often used 
in thermodynamic models. Only in engines with a high level of super- or turbo­
charging and with peak pressures in excess of 150 bar it is suggested to use a pres­
sure dependent model as real gas effects do become important. 

Thermodynamic Charts 

Another possibility to specify the specific internal energy is to utilize thermody­
namic charts. Since the ideal gas properties (specific heat, specific enthalpy, spe­
cific heat of formation, etc.) of many pure substances are tabulated as a function of 
temperature in the literature, e.g. in the NIST JANAF Tables [22], the specific in­
ternal energy of the mixture within the cylinder can be calculated by assuming an 
ideal mixture of ideal gases, 

u= I(t;l), 
i M"W; 

(2.51) 

where Yi is the mass fraction of species i and the superscript indicates molar 
properties. 

If this approach is chosen it is no longer sufficient to describe the mixture com­
position in terms of the equivalence ratio r/J or its reciprocal A. Instead separate 
mass balances have to be solved for each species in the mixture. In order to do 
this the changes in species concentrations due to chemical reactions of the com­
bustion process have to be accounted for in addition to the mass flows indicated in 
Eq.2.7. This is usually done by assuming a single component reference fuel, e.g. 
iso-octane instead of gasoline, and determining the mass change of this fuel by di­
viding the heat release rate described in Sec. 2.2.5 by the appropriate lower heat­
ing value of the fuel. The estimation of the concentration changes of all other 
components in the mixture is then straight forward by assuming a constant air-fuel 
ratio in the flame and multiplying the concentration change of fuel by the respec­
tive stoichiometric coefficients of the other components involved in the chemical 
reaction. 

The molar internal energies ui in E'l2.51 can easily by obtained from the 
tabulated values for the molar enthalpies hi : 

Ui = h; - RT . (2.52) 

Even though with today' s computer power the interpolation of temperature de­
pendent data from tables is no constraint anymore, it is sometimes more conven­
ient to express the property data by polynomial approximations. Heywood [12] 
suggests the relation 

h = RT(a + ~ T + ai3 T 2 + ai4 T3 + aiS T4 + ai6 I 
, d 2 3 4 5 T) (2.53) 

for the specific enthalpy and specifies the parameters ai for the most important 
species in combustion systems as given in Table 2.1. 
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28 2 Thermodynamic Models 

Table 2.2. Coefficients for molar enthalpies of vaporized fuels [12] 

Fuel Afl Aj2 Aß Af4 Af5 AjO Aß 

Methane 
-0.29149 26.327 -10.61 1.5656 0.16573 -18.331 4.3 CH4 

Propane 
-1.4867 74.339 -39.065 8.0543 0.01219 -27.313 8.852 

C3Hs 

Hexane 
-20.777 210.48 -164.125 52.832 0.56635 -39.836 15.611 C6Hl4 

Isooctane 
-0.55313 181.62 -97.787 20.402 -0.03095 -60.751 20.232 

CSH1S 

Methanol 
-2.7059 44.168 -27.501 7.2193 0.20299 -48.288 5.3375 CH30H 

Ethanol 
6.990 39.741 -11.926 0 0 -60.214 7.6135 

C2HsOH 

Gasoline 
-24.078 256.63 -201.68 64.75 0.5808 -27.562 17.792 

CS.26HI5.S 

Gasoline 
-22.501 227.99 -177.26 56.048 0.4845 -17.578 15.235 

C7.76HI3.1 

Diesel 
-9.1063 246.97 -143.74 32.329 0.0518 -50.128 23.514 

CIO.sHlS.7 

Units of Afi such that hf is in kcal/mol 

The enthalpy of vaporized fuels can also be estimated by a polynomial expres-
sion: 

_ [)2 [)3 [)4 a fS 
(2.54) hf =afl[)+af2-+af3-+af4---+a f6+ afS' 

2 3 4 .9 

where .9 = T/( 1000 K) and the respecti ve parameters af are specified in Table 2.2 
for various fuels. 

2.3 Two-Stroke Scavenging Models 

While the assumption of an ideally mixed combustion chamber in the single zone 
combustion model is acceptable for calculation of thermodynamic properties in 
four-stroke engines with typically small valve overlaps, the scavenging process of 
a two-stroke engine is more complicated. Only a very short time period is avail­
able for the gas exchange during that both inlet and exhaust ports are open at the 
same time. The purpose of the scavenging process is to replace the bumed gases 
by fresh charge with as !ittle mixing between the two gases as possible. There-
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2.3 Two-Stroke Scavenging Models 29 

fore, in modeling this process it is necessary to describe the cylinder gases with at 
least two zones to determine the gas composition after EPC, and the single zone 
cylinder model described above can no longer be used. 

Three different port or valve configurations have been realized in two-stroke 
engines to prevent the burned and unbumed gases from mixing and to avoid short­
circuiting of the fresh charge directly into the exhaust port. Schematic illustra­
tions of these cross-scavenged, loop-scavenged and uniflow-scavenged flow con­
figuration are shown in Fig. 2.14. The quality of the scavenging process can be 
quantified by the delivery ratio, the trapping and scavenging efficiencies and the 
charge purity which are 

A = mass of delivered charge 
displaced volume x ambient density , 

(2.55) 

mass of delivered charge retained 
17tr = mass of delivered charge ' 

(2.56) 

mass of delivered charge retained 
17sc = , 

mass of trapped cylinder charge 
(2.57) 

P . mass of fresh charge in trapped cyl. charge 
~~= , 

mass of trapped cylinder charge 
(2.58) 

respectively. These values vary for the three flow configurations, but two limiting 
cases do apply für all scavenging systems. 

1 1 

a) b) c) 

Fig.2.14. a) Cross-, b) loop-, and c) uniflow-scavenged two-stroke configurations [12] 
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30 2 Thermodynamic Models 

stage I stage II 

Fig. 2.15. Combined displacementlmixing scavenging model [19] 

The poorest scavenging scenario is represented by the camplete mixing model 
which is effectively a single zone cylinder model. It assurnes that fresh charge 
that enters the cylinder mixes instantaneously and homogeneously with the bumed 
cylinder contents. Hence, the charge exiting the cylinder consists of pure bumed 
gases in the beginning but becomes more and more diluted as fresh charge contin­
ues to enter the cylinder. On the other hand, the ideal scavenging scenario is de­
scribed by the peifect displacement model. Here it is assumed that fresh and 
bumed charges are contained in two separate zones and do not mix at all. Conse­
quently the overall composition of the combustion chamber changes proportion­
ally to the mass flow rates entering and exiting the cylinder through the ports. 

The real scavenging process shows a behavior somewhere in between these two 
limiting cases and a number of models have been proposed to describe the real 
process with better accuracy than the complete mixing or perfect displacement 
models. An extensive review of such scavenging models has been given by 
Merker and Gerstle [19]. 

In this text only a relatively simple combination of the two limiting models as 
presented by Eberle [7] or by Benson and Bradham [5] will be given. As indi­
cated in Fig. 2.15 this combined model divides the scavenging process into two 
temporal stages. During the first stage displayed on the left hand side of Fig. 2.15 
perfect displacement is assumed since only little fresh charge has yet entered the 
cylinder and is most likely not immediately located in the vicinity of the exhaust 
port or valve. This is taken into account by considering two spatial zones contain­
ing mixed charge and pure residuals, respectively. Prior to the scavenging process 
both zones have the same compositions, i.e. pure residuals, but once fresh charge 
starts to enter the cylinder it is added to the mixing zone only which therefore be­
comes more and more diluted. The residual or bumed zone is not subject to any 
mixing and is perfectly displaced into the exhaust port by the growing mixing 
zone. Once the entire bumed zone has been exhausted only the mixing zone is left 
during stage 2 (right hand side of Fig. 2.15) and complete mixing is assumed. 

The model has one degree of freedom which is the so-called displacement ratio 
x. It is defined as the initial ratio of the residual zone volume to the entire cylinder 
volume and effectively determines the transition point between stage 1 and stage 2 
of the model: 
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2.3 Two-Stroke Scavenging Models 31 

x = ~es,O 
V,h 

(2.59) 

For the purpose of determining the scavenging parameters it is assumed that the 
pressure and cylinder volume VtI, remain approx, constant during the gas exchange 
process and that there is no heat transfer between either zone and the combustion 
chamber walls. 

If z is defined as the instantaneous fraction of fresh charge in the entire cylin­
der, and Vi is the integral volume of fresh charge that has entered the cylinder 
since the start of scavenging, the change in fresh charge inside the cylinder dz· Vth 

is equal to dVi during stage 1. During stage 2 it can be expressed as 

dz . V,h = dV, - zdV, = (1 - z) dV,. (2,60) 

At the transition point between stages 1 and 2 we can write z = x and 
Vi = X Vth and at the end of scavenging z = '7sc and Vi = A Vth . Hence, Eq. 2.60 
can be integrated, 

(2.61) 

and after some ca1culus yields the scavenging efficiency '7sc: 

for Asx 

for A>x 
(2.62) 

Figure 2.16 displays '7sc as a function of the delivery ratio A for various dis­
placement ratios x. 

x=1 (perfeet displacement) 

~0,8L--L~Lk:::::~~~~ 
c: 
Q) 
'0 

~ 0,6+-----------~~~~~~~----------~----------~ 
Cl 
c: 
'Öl 
~ 0,4+-------__ ~~----------~----------~----------~ 
> 
rl 
(/) 

0,2+---~~----~--------~----------_+----------~ 

O+-----------~----------~----------~----------~ 

o 0,5 1,5 2 
delivery ratio 

Fig. 2.16. Scavenging efficiencies calculated by the displacementlmixing model 
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In the described displacement/mixing model the value of the displacement ratio 
x has to be adjusted to fit experimental data of a specific scavenging configuration. 
Once this has been established the results obtained with the displacement/mixing 
model after the end of scavenging, i.e. at EPC, usually have sufficient accuracy to 
be used in thermodynamic combustion models. It should be noted though, that 
more comprehensive models for the scavenging process of two-stroke engines 
have been proposed (see ref. [19] for an extensive review) that do have a potential 
to describe the course of the characteristic scavenging parameters such as 'lsc be­
tween EPO and EPC more realistically. 

2.4 Empirical Two-Zone Combustion Model 

Because of the exponential temperature dependence of the chemie al reaction 
mechanism controlling the rate of nitrogen oxides (NO,) formation in combustion 
engines (see Chap. 7) an estimation of tailpipe NO, emissions is generally not 
possible with a single-zone cylinder model. Instead of the mass averaged cylinder 
temperature available in this model type local peak temperatures must be known 
in order to estimate realistic NO, formation rates. 

To reduce these shortcomings of the thermodynamic cylinder model, Heider et 
al. [11] presented a simple, empirical two-zone model effective during the com­
bustion period of the engine's working process. It assumes that the cylinder gases 
are divided into two separate zones (Fig. 2.17) where the so-called reaction zone 
(index 1) contains bumed products of high temperature, and the unbumed zone 
(index 2) contains fresh air plus some residuals of a previous cyc1e in case of an 
exhaust gas recirculation. With this approach the NOx formation rate can at least 
be approximated based on the hot temperatures in the reaction zone. 

Fig. 2.17. Empirical two-zone model by Heider et al. [11] 
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2.4 Empirical Two-Zone Combustion Model 33 

The calculation of the states within the two zones is set up on the solution of 
the zero-dimensional single-zone model and is further based on the following 
conditions and assumptions: 

• Mass and volume conservation for both zones 
• Ideal gas behavior for both zones 
• The heat of combustion is completely released in the reaction zone 1. The 

mass of fuel in zone 1 is therefore given by the global heat release rate (see 
Sec. 2.2.5) and the heating value of the fuel. 

• The equivalence ratio ,pl in the re action zone 1 is constant with time and 
approx. unity. 

• The temperature difference between zones 1 and 2 has a maximum at the start 
of combustion and reduces to zero at EVO due to energy transfer between the 
zones. 

Accordingly, one can write 

(2.63) 

(2.64) 

Pi = P2 = Pcyl ' (2.65) 

where subscripts 1 and 2 denote the bumed and unbumed zones, respectively. 
The mass of zone 1 is calculated as 

(2.66) 

and the zone volumes are related to the respective masses, temperatures and the 
cylinder pressure by the ideal gas law: 

V = miRJ; . 
i ' 

Peyl 

i = 1,2. (2.67) 

Furthermore the condition for the mean cylinder temperature has to be satisfied: 

(2.68) 

As indicated above, the temperature difference between the two zones reduces 
during the course of combustion because of an energy transfer from zone 1 to 
zone 2. The rate of this transfer is empirically described in terms of the pressure 
difference between fired and motored engine operation Pcyl - Pmp( , which was al­
ready used to model the turbulence increase because of combustion in Woschni's 
wall heat transfer model (see Sec. 2.2.4), 

(2.69) 
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where 
(h:m rp 

f [p,.y/(qJ)- Pm", (qJ)] m, (qJ)dqJ- f [p,y/(qJ)- Pmo,(qJ)]m,(qJ)dqJ 

B(qJ)=~~~OC---------~-E<-O--------~~~OC------------------ (2.70) 
f [p"h)-Pmo,(qJ)]m, (qJ)dqJ 

I/'sO( 

B in Eq. 2.70 reduces from 1 to 0 and implies that the temperature difference 
between zones 1 and 2 is A • at the start of combustion and becomes zero at EVO. 
For small to medium sized diesel engines operated with an intake air swirl the 
equivalence ratio in the reaction zone is assumed to be stoichiometric, i.e. rp\ = 1.0, 
and A' depends on the global equivalence ratio in the cylinder: 

A * = A . rpCY/ . [1.2 + [_1 _1.2)0.15 -. 
2.2 rp,y/ 

(2.71) 

For large diesel engines without swirl rpl is assumed to be slightly lean, 
rpj = 0.971, and A' is independent of the engine load: 

A* = A = const. (2.72) 

A in Eqs. 2.71 and 2.72 is an engine specific parameter that has to be determined 
once for a particular engine. It typically ranges between 1500 and 1650 K. 

With the above set of equations, the states in zones 1 and 2 are identified and 
the thermal NOx formation can be estimated based on the hot temperature in zone 
1 by the extended Zeldovich mechanism (see Chap. 7). Figure 2.18 displays typi­
cal histories of cylinder pressure as well as of the zone temperatures as calculated 
for a medium sized high-speed diesel engine. 
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Fig. 2.18. Calculated pressure and zonal temperatures for a high-speed diesel engine [11] 
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2.5 Typical Applications 

2.5.1 Heat Release Analysis 

One standard application of the thermodynamic cylinder model described above is 
the heat release analysis of experimental data, see e.g. Schwarz and co-workers 
[24,28]. Since the rate of energy released by the chemical reactions of fuel com­
bustion cannot be measured directly, this information has to be derived from the 
temporal histories of the cylinder pressure which can be obtained relatively easily 
by pressure indication. This is achieved by solving the mass and energy balances 
(Eqs. 2.7 and 2.8) for the heat release rate dQchen/dt instead of the temporal change 
of internal energy dUcytfdt and Eq. 2.8 becomes 

dQchem = dUcy/ _ dQw + dVcyl _ dmill h _ dmexil h . 
dt dt dt Pe)'l dt dt in dt exil 

dmji'el h dmbb h 
- --;;;- fuel - -----:it bb (2.73) 

The change in internal energy can be derived from the measured pressure trace 
by one of the relations given in Sec. 2.2.7 and all other terms present in the mass 
and energy balances are modeled exactly as described in the foregoing sections. 
Since the specific internal energy has a non-linear temperature and pressure de­
pendence an error is generally encountered when a spatially uniform, mean tem­
perature is assumed with the single-zone cylinder model. To diminish this error 
Kamimoto et al. [18] have suggested a two-zone model similar to the model dis­
cussed in Sect. 2.4, that contains one zone of stoichiometric combustion products 
and one of pure unburned air. They showed that the heat release rate derived from 
experimental pressure data based on the two-zone cylinder model exceeds the one 
based on the standard single-zone model by up to 10 percent. 

Moreover, it should be noted that typically the wall heat transfer dQw is the 
dominant term on the right hand side of Eq. 2.73. Consequently, an uncertainty in 
the modeling of the wall heat transfer also has a significant effect on the outcome 
of the so-called "experimental" heat release rate which really is a calculated heat 
release rate based on an experimentally obtained pressure trace. 

2.5.2 Analysis of Complete Power Systems 

Thermodynamic combustion models allow for very short computation times but 
that they are characterized by a lack of insight into subscale spray and combustion 
phenomena inside the cylinder. Therefore, a typical field of application besides 
the above heat release rate analysis is hardly the optimization of the combustion 
process itself, but rather the design and tuning of complete power systems in that 
the engine represents only one of many interacting components. Because of the 
complexity of such systems consisting of the engine, turbocharger, governor, 
gearbox, propeller or generator etc., an experimental investigation of all system in-
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terdependencies during the project planning stage is almost impossible and simu­
lation models become an invaluable too1. 

Moreover, transient operation scenarios typically represent the greatest chal­
lenge to the system set up and its fine-tuning. Since the inertia of an entire pro­
pulsion system, e.g. the boat speed of a large vessel, is often much greater than the 
inertia of the engine, the changes in load andJor speed. of the engine usually re­
quire multiple work cycles to reach stationary operating conditions again. Hence, 
a time efficient description of the in-cylinder processes is crucial and more com­
prehensive and time consuming combustion models are not an option for the simu­
lation of a complete propulsion system. 

To further reduce CPU-time requirements for transient simulations it is co m­
mon practice to run cycle simulations with the thermodynamic cylinder model for 
a large number of engine parameters prior to the actual transient system simulation 
and store the results in characteristic engine maps for later interpolation. As an 
example of this procedure, Gerstle and Merker [9] have described the behavior of 
a medium-speed diesel engine by a set of n-dimensional maps that store the cycle 
averaged results (mass and enthalpy flows through the intake and exhaust, heat 
transfer to the coolant, overall equivalence ratio and cylinder torque) as a function 
of the seven input parameters fuel mass injected, start of injection, charging air 
pressure and temperature, exhaust back press ure, coolant temperature and engine 
speed. Figure 2.19 compares the estimated and measured temporal courses of the 
fuel pump control rod position, turbocharger speed, engine speed and exhaust 
manifold pressure for a load increase from 50% to 100% rated power in a constant 
speed generator application. It is obvious from the results that the level of agree­
ment between simulation and experimental data is very good. 
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Fig. 2.19. Transient simulation of a 50% to 100% load increase [9] 
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Fig. 2.20. Calculated cylinder torque for failure of one cylinder [9] 

In a second example application, Gerstle and Merker [9] have worked with 
crank angle resolved data to model the effect of a failure of one cylinder of a 6-
cylinder engine on engine torque, Fig. 2.20. The results could now be utilized as 
an input to investigate the additional stresses that can be caused by a cylinder fail­
ure on various system components such as crank shaft, bearings, gearbox etc .. 

These two simple examples clearly demonstrate the capability of time efficient 
thermodynamic cylinder models to describe various operational aspects of an en­
gine and their influences on the behavior of a complete propulsion system. 
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3 Phenomenological Models 

3.1 Classification 

While the thermodynamic combustion models described in Chap. 2 are relatively 
easy to handle and are characterized by a low computational effort, they are lack­
ing the ability to make predictions of the effects of important engine parameters 
on combustion without prior measurements. The main reasons for this deficiency 
are that major subprocesses are either not modeled at all or described by solely 
empirical correlations and that the assumption of an ideally mixed combustion 
chamber makes it impossible to estimate pollutant formation rates that are strongly 
affected by local temperatures and mixture compositions. On the other hand, the 
multidimensional CFD models that are based on the locally resolved solutions of 
mass-, energy- and momentum-conservation and that include detailed submodels 
for spray and combustion phenomena, are computationally expensive, and they 
demand that the user has a much deeper understanding of the goveming physical 
and chemical processes in order to correctly interpret the simulation results. 
Moreover, the predictive quality with respect to global quantities such as pressure 
traces and apparent heat release rates is not necessarily better than with simpler 
models. This is because the many subprocesses taking place inside a combustion 
chamber are often interacting with each other such that relatively small errors en­
countered within particular submodels may add up to a considerable error in the 
overall result of the computation. 

Consequently, there is a need for a third model category that allows to execute 
time-efficient pre-caJculations of heat release rates and exhaust emissions as a 
function of important engine parameters, e.g. engine compression ratio, boost 
temperature and pressure, injection timing and pressure, EGR rates or swirl ratios 
of the intake charge. This category is commonly referred to as phenomenological 
(or quasi-dimensional) models and can be classified in between the thermody­
namic and the multidimensional models, Fig. 3.1. In these models the combustion 
chamber is typically divided into multiple zones which are characterized by dif­
ferent temperatures and compositions. The exact number of zones considered de­
pends on the chosen model approach and can range between as few as two and as 
many as several hundreds. Because of this spatial resolution - albeit much coarser 
than in CFD-codes - the heat release rate does no longer have to be described by 
solely empirical correlations like the Wiebe-function. Instead, it can be pre­
estimated based on physical and chemical submodels for local processes like spray 
formation, air-fuel-mixing, droplet evaporation, ignition and combustion including 
pollutant formation. 
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The advantage of phenomenological models compared to CFD-models is that 
the simplifying assumptions made have the effect that only ordinary differential 
equations with respect to time have to be solved. This is in contrast to the partial 
differential equations with respect to time and space that need to be solved in 
CFD-codes and, in addition to the reduced spatial resolution and the submodels 
that are typically not as detailed as the ones used in CFD-modeling, leads to a sub­
stantial reduction in computing time which can be as significant as three orders of 
magnitude, Fig. 3.2. However, the limitation of phenomenological models is that 
the turbulent flow field inside the combustion chamber is not resolved, and there­
fore the effects of geometrical changes of the combustion chamber can generally 
not be investigated with this model type. 

It should be noted that phenomenological combustion models are most practical 
to describe diesel engine combustion. This is because in diesel engines the injec­
tion process, which can be described relatively weil with the phenomenological 
approach, has the dominant effect on mixture formation and the subsequent course 
of combustion. In spark ignition engines, especially in engines with external mix­
ture formation where the charge is already homogenously mixed at the ignition 
timing, combustion is controlled by the propagation of apremixed flame front 
rather than by mixing and diffusion phenomena. This flame front propagation is 
strongly affected by the turbulence structure and is therefore hard to describe with 
phenomenological models that do not resolve the three-dimensional turbulent flow 
field. For the above reasons, the majority of models discussed in the present 
chapter are diesel rather than SI engine combustion models. 

Thermodynamic 
(O-dimensional) 

• empirical heat release 
function 

• no pollutant formation 

• ordinary differential 
equation (time) 

Phenomenological 
(Quasi-dimensional) 

• physical + chemical 
submodels 

• no turbulent flow field 

• ordinary differential 
equations (time) 

CFD 
(Multi-dimensional) 

• conservation of mass, 
energy and momentum 

• detailed physical + 
chemical submodels 

• partial differential 
equations (time and space) 

Fig. 3.1. Combustion model classification (Courtesy of DaimlerChrysler AG) 
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Fig. 3.2. Model depths and approximate computing requirements of combustion models 

Various phenomenological spray and combustion models have been proposed 
in the literature that are characterized by a fairly different level of detail and hence 
by a different level of computing requirements [66]. However, the common pur­
pose of all phenomenological models is to pre-calculate the heat release rate from 
a known injection rate profile and to establish a quasi-dimensional composition 
and temperature distribution inside the combustion chamber in order to allow an 
assessment of the formation rates of crucial diesel engine pollutants, i.e. nitrogen 
oxides and soot. While in some models, e.g. in the packet models discussed in 
Sect. 3.2.3, the calculation of gas mixing, heat release and emission formation is 
closely coupled, there are a number of other models where there are independent 
submodels for these processes which can be combined almost arbitrarily as de­
sired by the user / programmer. For this reason, the following discussion of phe­
nomenological models will be structured into heat release and gas mixing sub­
models as well as into wall heat transfer and pollutant formation sub models. The 
latter two apply to all approaches in a similar manner. 

3.2 Heat Release in Diesel Engines 

3.2.1 Zero-Dimensional Burning Rate Function 

A relatively simple and easy to handle he at release model for direct injection die­
sel engines has been presented by Chmela and Orthaber [14]. It requires only 
slightly more computational effort than the empirical heat release functions dis­
cussed in Chap. 2 and could therefore also be applied in thermodynamic cylinder 
simulations. However, it does relate the fuel burning rate to characteristic engine 
parameters and is therefore viewed as a phenomenological model even though it 
does not require to subdivide the combustion chamber into zones of different 
composition and temperature. 

The two parameters of paramount influence on the combustion rate are as­
sumed to be the amount of fuel available for combustion at a particular point in 
time and the mixing rate between fuel and air which is further assumed to depend 
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primarily on the local density of turbulent kinetic energy. Hence, the rate of heat 
release is expressed as the product of two functions I1 and Jz, where I1 depends on 
the available fuel mass mfuel.av andJz is related to the turbulent kinetic energy k: 

d~;em = c. f.. (mjuel,aJ' 12 (k) . (3.1) 

The constant C scales the magnitude of the resulting heat release rate, and the 
fuel mass available for combustion can by derived as the difference between the 
injected fuel mass and the amount of fuel that has already been bumed: 

() () QChem(t) 
mjuel,av t = m juel t - LHV . (3.2) 

Equation 3.2 implies that the fuel evaporation process is assumed to be infinitely 
fast and all the fuel injected into the cylinder is immediately evaporated and avail­
able far combustion. 

The formulation ofthe functionJz in Eq. 3.1 is based on the general idea, that in 
a typical combustion engine three principal sources for production of turbulent ki­
netic energy can be identified: the kinetic energies associated with the in let flow 
through the ports (i.e. a swirl or tumble motion) as weIl as with the squish flow 
during compression and, most importantly in DI diesel engines, the kinetic energy 
of the high pressure fuel injection. An assessment of the relative contributions of 
each of theses three sources has been executed for a single-cylinder research en­
gi ne with a displacement volume of 2.0 liters, a compression ratio of 8= 18 and a 
common rail injection system with an injection pressure of 1200 bar. The respec­
tive results far the each kinetic energies that have been estimated based on simpli­
fied correlations far the three mechanisms are summarized in Table 3.1 far two 
different engine speeds. It is clearly visible that the kinetic energy associated with 
the fuel spray has by far the most dominant effect far both engine speeds. There­
fore, the two other mechanisms will be neglected in the subsequent analysis. 

The production rate of kinetic energy due to fuel injection can be expressed as 

[ ]

2 

dEkin,prod 1. 2 1 1 . 3 

d = '2 m jUel ( Vinj ) = '2 A ( m jUel) , 
t Pjuel CD aoz 

(3.3) 

where m fuel is the fuel injection rate and cD-Anoz is the effective cross sectional 
area of the nozzle holes. For simplicity, the dissipation rate of kinetic energy is 
assumed to be proportional to the total level of kinetic energy Ekim such that the 
following differential balance equation is obtained: 

dEkia 

dt 

dEkin,prod 

dt 
(3.4) 

For the following considerations it is further assumed that not the total amount 
of kinetic energy inside the combustion chamber is linked to the fuel jet and avail­
able for the mixing process, but that a fraction of it will be transferred to the 
burned gases through the process of combustion. Hence, only the fraction of the 
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kinetic energy that is proportional to the momentarily available fuel mass is avail­
able for the fuel-air mixing process: 

E = E . mfuel - Qchem / LHV 
kif/, mix kin (3.5) 

m ji1el 

The specific turbulent kinetic energy is then approximated as the ratio of this 
available kinetic energy and the sum of fuel and air mass in the diffusion flame, 
which is assumed to be approximately stoichiometric: 

Ek · . k == C. m,TnLl: 

turb (1 if. ) m fuel + astoie 

(3.6) 

The constant Cturb in Eq. 3.6 can be viewed as a "transfer efficiency" between ki­
netic and turbulent kinetic energy. 

Following the general idea of the time scale combustion model originally sug­
gested by Magnussen and Hjertager [43] (compare Sect. 3.2.4), which expresses 
the reaction rate as a function of a turbulent frequency (&!k), it is now aUempted to 
relate the function fz in Eq. 3.1 to the turbulence level of the cylinder contents. 
However, the difficulty in this approach is that within the zero-dimensional treat­
ment of the combustion chamber the dissipation rate [; of the turbulent kinetic en­
ergy k cannot be approximated with simplified relations as it is done with k itself 
in the above equations. Therefore, the authors assume that the mixing rate, and 
thus the combustion rate in a turbulent diffusion flame, depend directly on the tur­
bulent kinetic energy k: 

(3.7) 

Table 3.1. Assessment of contributions to kinetic energy inside the cylinder [14] 

Engine Speed [rpm] 1000 1800 

Injection Quantity [mm3/cycle] 255 253 

Kinetic Energy of 
[1] 0.15 0.40 

Squish Flow at TDC 

Kinetic Energy of 
[J] 0.20 0.55 Swirl Motion at TDC 

Kinetic Energy of 
[1] 25.30 26.50 Fuel Spray at End of Inj. 

Single-cylinder research engine: Vd = 2.0 , t;= 18, rs = 1.8, Pi~i = 1200 bar 
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TDC 30 60 90 
crank angle [OATDC] 

Fig. 3.3. Characteristic course of a diesel engine heat release rate as predicted by Chmela 
and Orthaber [14] 
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Fig. 3.4. Effect of rail press ure on the heat release rate of common rail diesel engine [14] 

In order to obtain a frequency unit [1/s] the square root of k is divided by a 
characteristic length scale which is chosen as the cubic root of the momentary cyl­
inder volume. An exponential formulation is selected to make sure that the com­
bustion rate does not become zero for low levels of turbulent kinetic energy. 
Combining Eqs. 3.1, 3.2 and 3.7, the heat release rate becomes 

dQchem = C . (m - Qchem ). exp[c Jk]. (3.8) 
dt 1 fuet LHV 2 3!v V t' cyl 

Typical histories of the functions fl and fz as weIl as of the overall heat release 
rate obtained with the above model are displayed in Fig. 3.3 for an idealized rec-
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tangular injection shape. The effect of the two parameters available fuel mass and 
turbulent kinetic energy density on the calculated combustion rate is clearly visi­
ble. The peak in heat release rate occurs shortly after the start of injection and is 
caused by the early maximum in turbulent kinetic energy. Approximately at the 
end of injection a second distinct bend can be observed after which the he at re­
lease rate decreases rapidly. This bend is caused by the reduction of available fuel 
mass onee the injeetion process has stopped. 

Figure 3.4 compares experimental and simulated heat release rates for the re­
search engine referenced in Tab. 3.1 as a function of the injection pressure. The 
influence of this parameter on the apparent heat release rate of the engine is pre­
dicted both qualitatively and quantitatively with good agreement. Similarly good 
aecordance with experimental results can be obtained for variations in engine 
speed and load and in the nozzle geometry, i.e. the number and diameter of the 
nozzle holes [14]. 

It should be noted however, that with this simple model approach only the dif­
fusion part of a typical diesel engine combustion can be simulated. The premixed 
part of combustion cannot be modeled with the above method since it is strongly 
affected by the evaporation of fuel during the ignition delay. Both the evaporation 
process and the duration of the ignition delay are not described in this model. 
Therefore, different methods have to be used to describe premixed combustion 
and ignition delay, e.g. the empirical correlations presented in Sects. 2.2.5 and 
2.2.6, respectively. 

3.2.2 Free Gas Jet Theory 

A number of researchers have presented diesel engine heat release models that are 
based on the theory of undisturbed turbulent gas jets as proposed by Abramovich 
[1]. Examples are the studies by Shahed and co-workers [13, 60, 61], also refer­
enced as the "Cummins engine model", or the ones by DeNeef [16] and Hohlbaum 
et al. [36, 44]. In all these models the diesel spray is treated as a quasi-steady gas 
jet penetrating into an also gaseous environment of combustion air. The result is a 
continuous profile of fuel vapor concentration ranging from very rich at the core 
of the spray to a very lean mixture at the periphery. Fresh air is continuously en­
trained into the spray and represents the main influenee factor for the estimated 
heat release rate sinee the entire mixture between the rich and lean flammability 
rates may be converted to combustion produets. This implies that the fuel is as­
sumed to be fully evaporated at all positions within the spray where the rich 
flammability limit has been exceeded. 

The Cummins Engine Model 

In the Cummins engine model [13,60,61] the tip penetration of the spray which is 
schematically shown in Fig. 3.5 is calculated based on the empirical correlation 

www.TechnicalBooksPDF.com



48 3 Phenomenological Models 

05 ( )0.4 ( )0,5 S = 450 dn~z p! / Pre! PeYI ~ 0.25 (06 

0.85 Pm]' 
(1 + Pcyl / Pa/rn) Pa/rn 

(3.9) 

where Prej' Pj' Pcyl and Pa/rn are the densities of reference fuel, actual fuel, cylinder 
gases and atmospheric air, respectively. ~Pinj is the pressure drop across the nozzle 
hole and ( the time increment since start of injection. In case of a swirl motion in­
side the cylinder, the spray penetration may be corrected by the equation 

S - Sw = 0.35 SOJQCYI , [ )

0.44 

S dnozQ! 
(3.10) 

where Sw is the tip penetration in case of swirl and Qjand Qcyl are the momenta of 
the fuel jet and the cylinder gases, respectively, that can be expressed in terms of 
the angular speed üI. 

(3.11) 

The tangential displacement of the spray due to swirl is given as 

[ )( )

2,217 

S =d Qeyl _r_ 
t nozQ d ' 

J noz 

(3.12) 

where r is the radial coordinate in the combustion chamber. 
The cross-sectional area of the spray is approximated by two ellipses that are 

combined to an equivalent circ1e of radius b, 

b = b bl +b2 ( )

112 

3 2 ' 

where the radius change in spray direction x, i.e. the spray angle, is 

db l = 0.12[1 + Pa ), 
dx Pje/ 

and 

(3.13) 

(3.14) 

(3.15) 

The Reynolds number in Eq. 3.15 is defined in terms of the angular swirl speed üI. 

Re = _2_1r_r_0}_dC'-'no,,-z (3.16) 

The distribution of the fuel concentration c across the equivalent circular spray 
slice is given by 
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(3.17) 

where c is defined as the mass fraction of fuel in the mixture, Cm denotes the fuel 
mass fraction on the axis and y is the coordinate in radial direction of the spray 
cross-section. The centerline fuel concentration Cm has a hyperbolical profile 
along the spray coordinate x, 

cm =(a(t)x+l( forSL:S;X:S;S, (3.18) 

otherwise, (3.19) 

and a(t) can be solved implicitly from a mass balance, stating that the integrated 
amount of fuel within the spray has to match the fuel mass that has been injected 
until time t, 

t S b 

fminjdt = 21l f fcpydydx, (3.20) 
o SL 0 

where 

Pcyl p= , 
Tcyl [(1-c)Ra +cRj ] 

(3.21) 

and SL is the tai! position of the spray after the end of injection which is calculated 
by a correlation similar to Eq. 3.9 [13]. Note that a(t) reduces to a constant in 
case of a steady jet. 

In a subsequent study Kuo et al. [42] adjusted the model by replacing Eq. 3.17 
by the relation 

(3.22) 

which has been established by evaluating results obtained from a three­
dimensional spray model. R1/2 in Eq. 3.22 is defined as the radiallocation in the 
spray where the fuel concentration c reaches a value of cm/2. 

A 
~ \ ,~'" 

._.- -[m b1 A-A b2 

cm~ St 1,0 

o x 
sm 

B-B 

Fig. 3.5. Schematic spray geometry and its concentration distribution profiles [13] 
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A 

Fig. 3.6. Progressive evolution of combustion zones and entrainment rates [61] 

In order to estimate the rates of eombustion and pollutant formation, a set of 
progressively evolving diserete eombustion zones is superimposed on the eontinu­
ous fuel-air distribution ea1culated above. Figure 3.6 displays this eoneept in 
whieh the eylinder is eonsidered to be divided into (n + 2) zones at ineipient igni­
tion. Zone A eorresponds to the medium into that the fuel is injeeted, zone C to 
the rieh eore of the spray and the n zones Bi to eombustible mixture between the 
lean and rieh flammability limits. Sinee the mixture is already stratified at the 
time of ignition, whieh needs to be estimated with aseparate submodel, more than 
one mixture zone Bi may be present initially. During the course of eombustion the 
fuel mass in eaeh zone Bi remains eonstant and the additional fuel that is diluted 
beyond the rieh flammability limit is assigned to an additional eombustion zone 
Bj • In contrast to these constant fuel masses in zones Bi, air from zone A is eon­
tinuously entrained into the zones Bi and C. 

The mixture zones Bi are bounded by the rieh and lean flammability limits r/JR 
and t/lL and by intermediate equivalenee ratios t/li as follows: 

(3.23) 

S y(M 

mJ,Bi = 21l f f cpydydx, (3.24) 
SL Y(~i.l) 

S Y(~i) 

ma,Bi =21l f f (l-c)pydydx, (3.25) 
SL Y(~i+l) 

where mf,Bi and ma.Bi are the masses of fuel and air in zone Bj, respeetively and the 
iso-equivalenee ratio boundary y(t/li) is ea1culated from Eqs. 3.18-3.21. The fuel 
and air masses in zone C are eomputed in analogy to Eqs. 3.24 and 3.25 by eon­
sidering the integration limits from y( t/l = 00) to y( r/JR). The fuel beyond the lean 
limit t/lL cannot be burned and is therefore added to zone A. 

Based on the eoneept that all the fuel erossing the rieh flammability limit r/JR is 
added to a new eombustion zone Bj while the fuel masses in all other eombustion 
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zones Bi are fixed, a new set of boundaries r/Ji ean be ealculated at eaeh eomputa­
tional step after an updated spray geometry is obtained. The boundaries are ealcu­
lated starting from the leanest zone A by using Eq. 3.24 proeeeding to progres­
sively rieher zones. In these ealculations the only unknown is the lower limit of 
integration in y-direetion, i.e. y(r/Ji+l)' 

Onee the zone boundaries are determined, the eombustible mixture preparation 
and air entrainment for eaeh zone ean be ealculated. The entrainment rate into a 
zone Bi is simply equal to the ehange of mass of this zone, beeause the fuel mass 
remains eonstant: 

dme .Bi dmBi 
drp drp 

(3.26) 

The air entrainment into the eore zone C that results in mixture preparation for 
zone Bj is 

d d S Y(~j'l) 

me•e = 2,,- f f (l-c)pydydx, 
drp drp SL 0 

(3.27) 

where 0+1 is the boundary of the riehest eombustion zone Bj • The mixture pre­
pared for eombustion is defined as the fresh mixture erossing the rieh limit of 
eombustion r/JR and ean be written as 

dm d S Y(~j'l) 

T=2"d f f cpydydx, (3.28) 
rp rp SL Y(~R) 

(3.29) 

dmm,p _ dmj,p + dma•p 
--;J;p - --;J;p drP' (3.30) 

where the subseripts a, f, m and p stand for air, fuel, total mixture and 'prepared 
for eombustion', respeetively. 

With the above equations the mass and energy balanees for the various zones 
ean be written as folIows: 

dme dminj dme.e dmm,p 
--=--+-----
drp drp drp drp' 

(3.31) 

(3.32) 

dmBi = dme,Bi + 0 .. dmm,p 
drp drp lJ drp , 

i = 1, .. j (3.33) 
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where 8ij is the Kronecker delta, i.e. 8ij = 1 if i = j and 8ij = ° if i *- j. 

d(meue ) = _p dVe + dQe + dminj h + dme•e h _ dmm,p h 
drp drp drp drp f drp A drp m ' 

d(mßjußj) = _p dVBI + dQBI + dme,BI h
A 

+ 8. dmm,p h, i = 1, .. j 
drp drp drp drp '1 drp m 

(3.34) 

(3.35) 

(3.36) 

In Eqs. 3.34-3.36 the interna! energies and enthalpies are absolute quantities 
including the enthalpy of formation. Thus, an additional term for the chemical 
heat release by combustion is not necessary. Each of the zones is considered to be 
homogenously mixed and its composition is calculated by solving for the chemical 
equilibrium of the major combustion species. 

The contribution of each zone to the total wall heat transfer is based on the 
product of zone mass and temperature, 

(3.37) 

i=1 

where the zonal index z applies to all zones within the cylinder, i.e. A, Bi, Bj and C. 
The total wall heat transfer is calculated by Annand's correlation which com­

bines both convection and radiation effects [2]: 

dQw,to, = A [0.45 kRe07(T-Tw)+7.8.1Q-D(T4-T:)]. 
drp 6 rpm B 

(3.38) 

In Eq. 3.38 A is the combustion chamber surface area, B the cylinder bore and k 
the gas thermal conductivity. The Reynolds number is defined in terms of the 
bore and the piston velocity, Re = P Vpis B / j1, and T is the mass averaged gas tem­
perature in the cylinder: 

j 

mATA + meTe + 'L,mBiTBi 
T= i~l 

j 

mA +me + 'L,mBi 
i=1 

(3.39) 

In addition to the zonal mass and energy balances in Eqs. 3.31-3.36 the ideal 
gas law has to be satisfied in all the zones, 

(3.40) 

and the sum of all zonal volumes has to equal the momentary cylinder volume: 
j 

Vey/ = VA + Ve + 'L, VBi . 
;=1 

(3.41 ) 
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The above set of differential equations is implicit in T but can be solved nu­
merically in order to obtain the time dependent zonal temperatures, masses, com­
positions and the cylinder pressure which is assumed to be equal in all zones. De­
tails on the numerical solution scheme are given in ref. [61]. The properties of the 
various combustion zones can then be used as boundary conditions in order to cal­
culate the kinetics of pollutant formation as will be discussed in Chap. 7. 

Analytical Description of Spray Geometry and Mixture Formation 

In contrast to the empirical expressions for the spray penetration in the Cummins 
engine model, DeNeef [16] and Hohlbaum [36] suggested a calculation of the 
spray movement that is based on momentum conservation principles. In order to 
apply the respective conservation equations, the spray is averaged over its circular 
cross-section and reduced to its centerline, such that a "slice" of the spray can be 
treated as a moving mass point. Figure 3.7 shows a schematic illustration of a fuel 
spray penetrating into a swirling gas in a cylindrical coordinate system (r, rp, z). 
Accordingly, momentum conservation for the radial, tangential and vertical direc­
tions of the cylindrical coordinate system can be written as 

~(dmjJ) = dFr , (3.42) 
dt 

Id( 2.) d( ) -- dmjetr rp = - dma rOJ + dF" 
r dt dt 

(3.43) 

(3.44) 

respectively, where dmjet is the mass of a spray slice of thickness dx. dFr and dFt 

are the radial and tangential forces acting upon that spray slice, respectively, and 
subscript adenotes the unburned air surrounding the jet. The radial force 1S 

caused by a radial pressure gradient in the cylinder due to the swirl motion, 

dp dmjet 2 
dF = -dV - = ---p rOJ (3.45) 

r dr 15 a ' 

Fig. 3.7. Schematic illustration of a swirl deflected jet [16] 
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and the tangential drag force can be approximated as 

d 0 1 I villJ ( .) d F, = . Z--,;r OJ-qJ m j , (3.46) 

with the radius b = b (x) of the circular spray slice [36]. p and c denote mass 
averaged quantities over the cross-section of the spray. 

The above relations lead to the motion equations of the spray front: 

.. - d ( I ) . [ . 2 (I -) 2 ] r+c dt Zr=rqJ- -COJ , 

.. 2;- ._[_d(l) 0I ViIlJ ]( .) qJ+ -qJ- c- = + . - OJ-qJ , 
r dt C b 

.. _d(I). 0 Z+C--Z= . 
dt c 

The spray velocity x and the spray tip penetration Snow become 
I 

S = X = fidt. 
o 

(3.47) 

(3.48) 

(3.49) 

(3.50) 

The spray angle, i.e. the change in the spray radius b with respect to the axial 
spray coordinate x, significantly influences the calculated rate of air-fuel mixing. 
It is suggested to choose a standard value of approximately 

(dbl dx)w=o = 0.16 (3.51) 

for non-swirl cases. This value may have to be adjusted slightly in order to match 
realistic sprayangles that are actually influenced by injection pressure, nozzle ge­
ometry and fluid properties. As shown in refs. [1] and [33], the spray angle di­
verges from the above value if the fuel is injected into an air swirl. For this case 
DeNeef [16] has derived the correction 

db _ l-C (rOJlvinJ ) .(db) (3.52) 
dx -1+C (rOJlvinJ ) dx w=o' 

C = rifJ _! Ji ~ . 
i 2 i 

(3.53) 

Once the spray tip penetration and the outer spray contour are known, the mix­
ture distribution within the jet needs to be determined. For this purpose the mean 
fuel mass fraction c along the spray coordinate x can be calculated on the basis of 
mass conservation. Considering that the fuel mass contained within one slice of 
the spray of thickness dx has to remain constant ( dm Jel • C = const. ) and further as­
suming that the mean spray density p within this slice is very small compared to 
the liquid fuel density Pt' the change in the mean fuel concentration can be ex­
pressed in terms of the spray angle (dbldx) as folIows: 
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x(t) ic t+ t.V2)t.t 

~~. _._._._.-.. ~ 

Fig. 3.8. Equivalence ratio distribution and mixture preparation rate in a steady spray [16] 

(3.54) 

With the mean fuel concentration c(x) known, the local concentrations c(x,y) 
can be solved by the same distribution function that is used in the Cummins en­
gine model (Eq. 3.17). 

As opposed to the studies by Shahed et al. [13,60,61], DeNeef [16] relates the 
combustion rate to the fuel mass prepared with air in a stoichiometric ratio per unit 
time. This quantity can be derived as folIows. Since the fuel concentration has 
been solved for at every position within the spray, iso-contours of the air-fuel 
equivalence ratio ,1= 1/ r/J can be easily calculated as indicated in Fig. 3.8. The 
dimensionless radius y/b of any specific air-fuel equivalence ratio Av at an axial 
spray position x can be expressed as 

[ ]

2/3 

1'.(Av 'X) = 1- c(Av ) 

b cm(x) 
(3.55) 

Because of the assumption of a steady jet, the equivalence ratio distribution 
within the spray does not vary with time. The only change is that in each compu­
tational time step !J.t a new 'slice' is added to the spray front, i.e. the hatched and 
shaded areas on the right hand side of Fig. 3.8. Because of mass conservation this 
new spray front has to contain the exact amount of fuel injected during that time 
increment. Hence, the mass of fuel that is crossing a contour of constant air-fuel 
equivalence ratio Av within one time step (hatched area) must be equal to the dif­
ference between the injected fuel mass mini' fJ.t and the fuel contained within the 
spray front in the region richer than Av (shaded area): 

A mn. ~ m,.,M- Hy'(..1,)P.cm [1-*[ Y(:) )"'lXiIt. (3.56) 
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In order to determine the total amount of fuel that is prepared in a stoiehiomet­
rie ratio with air within the entire spray, Eq. 3.56 needs to be integrated between 
the rich fIammability limit AR and A = 1.0. Sinee only a fraction of dA" of the fuel 
that crosses from (A = A,,) to (A = A" + dA,,) becomes newly prepared with air (the 
remaining fraction has already been prepared in previous time steps), the relation 

is obtained. 

-<,,=1 

~ mf,stoic = Av,Rmf'-<",R ~t + f mf,-<" dAv ' ~t 
-<",R 

(3,57) 

After the end of the injection period, it is assumed that the spray parts elose to 
the nozzle are not existent anymore, while the regions further downstream are still 
in steady state and not affected by the stop in injection. This principle is imple­
mented by simply calculating the formation of a second spray which is then sub­
tracted from the original one. A similar procedure is applied in the Cummins en­
gine model as weIl. 

The combustion rate is expressed with a quasi-kinetic approach that describes 
the bumed fraction of the stoichiometrically prepared fuel, 

(3.58) 
mj.stoic 

by the Arrhenius type differential equation 

dX=A . T ß afstoic{l-X)2 ex [-~ldt 
PJel Jet .E. _ 1 P R T ' 

aJ stOle m Jet 

(3.59) 

where 1}el and Piel are the mean temperature and density within the entire spray 
and the Arrhenius constants A, ß and EA have to adjusted to match experimentally 
obtained heat release rates, 
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Fig. 3.9. Simulated heat release rate for a heavy-duty diesel engine at fullload [36] 
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Since the sub-processes of fuel atomization and droplet evaporation are not 
modeled explicitly in this model type, it is hardly feasible to estimate an ignition 
delay based on chemical kinetics depending on local fuel vapor and oxygen con­
centrations as weIl as on local temperatures. Instead, it is assumed that the igni­
tion starts, when the centerline fuel concentration Cm at the spray tip becomes 
leaner than the rich flammability limit for the first time. However, by this timing 
the local equivalence ratio at the outer spray regions has already been further di­
luted than the rich limit. Hence, a certain amount of fuel is already stoichiometri­
cally prepared for combustion and can react rapidly. This causes the typical pre­
mixed peak in the heat release history of diesel engine combustion. Figure 3.9 
displays such an exemplary heat release rate which has been estimated for a full 
load case of a high-speed heavy-duty diesel engine [36]. 

The above procedure of determining the ignition delay means that the rich 
flammability limit f/JR. may be adjusted in the ca1culation in order to match realistic 
ignition delay periods. This implies however, that the adjustment of the combus­
tion start and the amount of the predicted premixed combustion has a direct influ­
ence on the rate of the later diffusion combustion as weIl. The reason is that the 
rich combustion limit enters the ca1culation of the stoichiometrically prepared fuel 
mass in Eq. 3.57. In a realistic engine scenario however, there is not such a tight 
coupling between the ignition delay and the rate of diffusion combustion, since the 
former is primarily governed by fuel evaporation and reaction kinetics, whereas 
the latter is most importantly affected by turbulence and the mixing rate between 
fuel vapor and oxygen. 

It should be noted, that both in the Cummins engine model and in this modified 
gas jet analysis the spray angle that needs to be specified as a boundary condition 
has a significant influence on the mixing rate and thus, on the combustion rate. 
Moreover, for obvious reasons the analogy between the real fuel spray and an un­
disturbed turbulent gas jet is not valid in cases where the spray impinges on a cyl­
inder wall. Therefore, this model type seems to be most appropriate for large die­
sel engines with significant air swirl ratios. 

3.2.3 Packet Models 

In the packet model that was originally proposed by Hiroyasu et al. [34, 35] and 
later applied and extended by several other authors, e.g. [6, 26, 40, 65], the fuel jet 
is described by numerous discrete so-called packets in an attempt to model both 
the global geometry of the penetrating spray and detailed local subprocesses such 
as fuel atomization and evaporation, fuel-air mixing, ignition, combustion and pol­
lutant formation. 

The general model concept is such that during the compression stroke there is 
only one zone that is treated as ideally mixed within the combustion chamber. It 
contains fresh air and, in case of an internal or extern al exhaust gas recirculation, 
homogeneously mixed residuals. Once fuel injection has started, there are con­
tinuously formed more spray packets that initially contain liquid fuel only. The 
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spray packets are arranged in a way that the spray is discretized both in axial and 
in radial direction, Fig. 3.10. During injection new axial spray slices are formed in 
equal time increments and therefore the amount of fuel within each packet de­
pends on the instantaneous injection rate at the time of packet formation. The to­
tal number of packets in axial spray direction depends on the injection duration. 
There is a constant mass distribution as a function of the radial packet position. 
After spray breakup fresh gases from the surrounding air zone are entrained into 
the spray packets. Both fuel droplet evaporation and combustion, i.e. heat release, 
take place within the borders and under the local conditions of the each packets. 
Thus, there can be a mixture of liquid fuel, vaporized fuel, fresh air and combus­
tion products within each spray packet. It is assumed that there is no mass or en­
ergy exchange other than the air entrainment between the various packets. How­
ever, there occurs heat transfer between each packet and the combustion chamber 
walls. Mass and energy balances can then be solved for the air zone and for all 
spray packets, separately. Therefore, each zone has its own temperature and com­
position history, whilst the pressure is assumed to be uniform over the entire cyl­
inder volume and varies only with time. 

Spray Penetration and Air-Fuel Mixing 

Initially the injected fuel within the spray packets is treated as a continuous liquid 
phase as indicated by the shaded packets in the vicinity of the nozzle in Fig. 3.10. 
It travels at an initially constant velocity through the combustion chamber, 

~!1P .. 
vin} = 0.39 --'-'" , 

Pj 

until a characteristic breakup time that is given as 

tbu = 28.65 Pj dnoz 

~Pa !1Pin} 

(3.60) 

(3.61) 

is reached. At this point the liquid phase within the packet disperses into many 
small drop lets and it is decelerated because of aerodynamic interactions with the 
surrounding gas phase. The spray tip velocity after breakup is expressed as a 
function of time elapsed since start of injection: 

,( t) ~ 1.48 -[ "P,; "d~, r ·l. (3.62) 

Fig. 3.10. Schematic illustration of the packet spray model 
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Because there are stronger interactions between air and fuel at the periphery of 
the jet than at its core an exponential decrease of the packet velocity in radial di­
rection is assumed. For a spatial resolution of 5 packets in radial direction, Stiesch 
and Merker [64] found good results with the empirical function 

k= 1...5, (3.63) 

where k is the radial packet index (k=I at centerline, k=5 at spray perimeter) and VI 

is obtained from Eq. 3.62. Moreover, Nishida and Hiroyasu [53] suggested that 
the breakup occurs earlier at the spray outside than on the centerline and assumed 
a linear decrease in breakup time towards the spray perimeter. This effect is indi­
cated by the shaded packets in Fig. 3.10 representing packets prior to breakup, 

6-k 
tbuk =tbul '--, . , 5 for k = 1...5, (3.64) 

where tbu, I is obtained from Eq, 3,61. 
Because spray packets that are injected early typically face higher drag forces 

and are therefore decelerated more quickly than packets injected later during the 
injection duration, Stiesch and Merker [64] suggested to implement a correction 
for the spray velocity equation 3.62 not only in radial direction (Eq. 3.63) but also 
in axial direction. This axial dependence is expressed as 

[ ( Je2 : i-I I'lt. 
Vi =C, 'V, 1+ -.-_- ,~, 

Imax 1 C3 
(3.65) 

where i=I represents the first and i=imax the last injected slice of packets. The 
constant CI is slightly less than unity. It indicates that the first packets may actu­
ally penetrate slower than the visible spray tip since they are overtaken by faster 
packets injected at a later timing. C2 is in the range of 0.5 and C3 determines the 
velocity difference between the first and last packets and may be adjusted to ac­
count for air swirl. 

As opposed to the gas jet analogy discussed in Sec. 3.2.2 where a continuous 
fuel concentration profile is modeled in order to determine the rate of air fuel mix­
ing, the entrainment rate of unburned gases into the spray packets is now calcu­
lated on the basis of momentum conservation for each packet. This means that the 
total packet momentum, which can easily be estimated as the product of the in­
jected fuel mass per packet mf,O and its initial velocity Vinj specified by Eq. 3.60, 
does not change with time: 

Vi,k (t)· mi,k (t) = const. = mr,o • v üy . (3.66) 

Thus, the instantaneous packet mass after breakup mi,k(t) is directly coupled to 
the decreasing packet velocity Vi,k(t) determined by Eqs. 3.62, 3.63 and 3.65 and 
the resulting temporal increase in packet mass is due to entrainment of unburned 
air (and residuals in case of EGR) into the packet. This implies that the packets 
located at the jet periphery are characterized by greater entrainment rates and 
leaner equivalence ratios because their velocity is decelerated more rapidly. 
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An investigation of two different-sized diesel engines with displacement vol­
umes of 2.0 and 0.52 liters per cylinder revealed, that after the start of combustion 
the entrainment rates cakulated by Eq. 3.66 ought to be reduced by factors of 0.7 
and 0.4 for the large and the small engine, respectively [41]. However, in the 
same study it was also found that after wall impingement the entrainment rate into 
the spray packets should be enhanced by a factor of approx. 1.5 in both engines. 

In a similar attempt to describe the influence of spray wall impingement on the 
air fuel mixing rate more realistically, Nishida and Hiroyasu [53] proposed to alter 
the time dependence of Eq. 3.62 after impingement to (0.75 instead of (0.5. This 
causes the packets to decelerate more quickly after they have hit a wall which will 
result in an increased entrainment rate as weIl. 

Kouremenos et al. [40] recommended to estimate the air entrainment rate into 
spray packets based on the volume change of each zone with respect to time. In 
order to determine this quantity they utilized the spray angle correlation [3] 

[ 
2 )0.25 

a = 0.05 dnoz~tPinj , (3.67) 

and subdivided the total spray angle into equal increments for the each packets in 
radial spray direction. The result is an increased entrainment rate by approx. 20% 
compared to the momentum conservation method, which fitted available experi­
mental data better. However, in a more recent study [38], the same group of au­
thors utilized the momentum conservation principle in combination with a velocity 
adjustment after impingement as suggested in ref. [53], too, stating that it yields 
more stable results that require less re-adjustments of model parameters when op­
erating conditions are varied. 

Fue/ Atomization and Drop/et Evaporation 

Fuel atomization for a particular packet is assumed to occur instantaneously at the 
breakup time of that packet determined by Eqs.3.61 and 3.64. Thereafter all 
droplets within the packet are represented by a Sauter mean diameter (SMD) 
which characterizes a single droplet with the same volume to surface area ratio as 
the ratio of the respective quantities integrated over the whole droplet size distri­
bution present in a real spray: 

(3.68) 

i=l 

The initial value of the SMD after breakup is estimated by an empirical correla­
tion fitted from experimental data. In the original study [34], the equation found 
by Hiroyasu and Kadota [32] was used, 

SMD = 23 9 .1O~6 ~ .. -D.l35 0.12 Bo.131 
. Pm) Pa ' (3.69) 
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where SMD is in mm, tJ.Pinj in kPa, Pa in kg/m3 and B is the fuel mass injected in 
mg/stroke. Other frequently applied correlations have been presented by Elkotb 
[24], 

SMD = 6156.10-6 . 0.385. 0.737. 0.06. tJ. .. --0.54 (3.70) vf Pf Pa Pm] , 

where the unit of the liquid fuel viscosity Ij is m2/s, and by Varde et al. [72] who 
related the SMD to the diameter of the injection nozzle: 

SMD ( )-0.28 --=8.7 Re f We f . 
d,IOZ 

(3.71) 

The Reynolds and Weber numbers refer to the injection velocity, the nozzle di­
ameter and the liquid fuel properties. 

After breakup hot air entrained into the packets starts to heat up the fuel drop­
lets that thereupon begin to evaporate. In most studies based on phenomenologi­
cal spray and combustion models, e.g. [18, 34,40,65, 79] the droplet evaporation 
model by Borman and Johnson [8] is applied. In this model the temperature 
change of a liquid droplet is due to convective heat transfer to and mass diffusion 
from the droplet and can be obtained from an energy balance 

(3.72) 

where tJ.hevap is the latent heat of evaporation and 

dQf () z -=Jr·SMD·k· T -T ·--·Nu 
dt s g f e' -1 ' 

(3.73) 

dmf [ Pcyl ) -=-Jr·SMD·D·ps ·ln ·Sh. 
dt Pcyl - P v 

(3.74) 

In the above equations Tg is the gas temperature within the packet, Pv is the satu­
rated fuel vapor pressure typically determined by the Clausius-Clapeyron equa­
tion, D indicates the binary diffusion coefficient and index s refers to the surface 
conditions, that are approximated as the arithmetic mean of saturated vapor and 
the gas phase within the packet. The variable z is a dimensionless correction fac­
tor taking account of the reduced heat transfer in the presence of a simultaneous 
mass transfer: 

(3.75) 

The appropriate Nusselt and Sherwood numbers have been proposed by Ranz 
and Marshall [58]: 

Nu = 2.0 + 0.6 . Re ll2 . Prll3 , (3.76) 

(3.77) 
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where a value of approx. 30% of the instantaneous packet velocity ought to be 
used as a relative velocity between gas and droplets within the packet in order to 
determine the Reynolds number [53]. 

Figure 3.11 shows exemplary mass and temperature histories of an n-C14H30 

drop let evaporating under constant boundary conditions as predicted by the above 
model. The initial and boundary conditions are specified within the figure. It can 
be seen that the droplet temperature increases rapidly in the beginning due to the 
convective heat transfer from the hot gas phase. This causes an increased satu­
rated vapor pressure at the droplet surface such that the diffusion rate is enhanced. 
However, because of this enhanced diffusion rate a greater amount of latent heat 
of vaporization needs to be provided by the droplet and therefore a quasi-steady 
state is reached where the droplet temperature stays almost constant until the drop­
let is fully evaporated. 

Ignition and Combustion 

As all the other subprocesses the ignition delay is calculated separately for each 
spray packet in terms of the respective local properties. An Arrhenius-type equa­
tion is used [34], 

'id = 4.0.10-3 [L)-Z.S r/lg -1.04 exp (6000) , (3.78) 
P~f T 

where the constants may have to be slightly adjusted for different engines and op­
erating conditions in order to fit experimental data. In order to account for tempo­
ral changes in the packet properties during the ignition delay, the ignition integral 

, 1 
J-dt c.l 
o 'id 

(3.79) 

has to exceed unity as a condition for combustion start within a packet. 
The heat release rate per packet is determined by assuming a stoichiometric 

single-step re action from fuel vapor to COz and HzO. The fuel buming rate per 
computational time step is limited by the more stringent of two criteria. Firstly, 
only the vaporous fraction of fuel may be bumed, and the second constraint is rep­
resented by the amount of air entrained into the packet. The energy released by 
combustion is obtained by the product of the fuel mass buming rate and the lower 
heating value of the fuel: 

dQchem _ LHV . (mv ma / als,oie ) ---- ·mm -, . 
dt M f:,.t 

(3.80) 

Nishida and Hiroyasu [53] have included a third constraint on the maximum 
combustion rate which describes a maximum chemical reaction rate for premixed 
charge. Based on a work of Edelman and Harsha [20], they suggested an Ar­
rhenius equation that expresses the rate of change in fuel vapor density due to 
combustion as a function of temperature and the mass fractions of oxygen and fuel 
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vapor. The exponents of the fuel and oxygen mass fractions are chosen such that a 
maximum buming rate is obtained for stoichiometric mixture (Yv.stoic = 0.22): 

dPV.b 5 1010 m 3 
2 1 5 (12000K) dt = _. kg s . Pg Yv Y02 exp T' (3.81) 

By executing parametric studies with a packet combustion model accounting 
for all three criteria, Stiesch and Merker [64] found that the evaporation rate typi­
cally represents the limiting factor for the premixed part of combustion, since a 
significant amount of air is predicted to be entrained directly at the breakup time 
of a packet. However, the available fuel vapor is bumed rapidly and the entrain­
ment rate of fresh air into a packet becomes the limiting factor during the sub se­
quent diffusion portion of the diesel combustion. FinaIly, the chemical constraint 
as modeled by Eq. 3.81 becomes a factor when either temperatures are low to­
wards the end of combustion or the equivalence ratio within a spray packet is ex­
tremely lean due to rapid air entrainment. 

Zonal Thermodynamics 

It is assumed that each spray packet as weIl as the zone of unbumed air contrib­
utes to the overall wall heat transfer of the combustion chamber by a fraction pro­
portional to the product of mass and temperature of the respective zone: 

dQw.z mJz. dQw.tot 

dt L(mJ~) dt 
(3.82) 

The total heat transfer dQw.tot between the cylinder contents and the walls is calcu­
lated by either Woschni's [78] or Annand's [2] global expressions, Sect. 2.2.4 or 
Eq. 3.38, respectively. 
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Fig. 3.11. Temperature and mass histories of an evaporating n-C 14H30 droplet 
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The changes in temperature and volume of each zone can be obtained from an 
energy balance and an equation of state. Typically the ideal gas law is applied. 
However, it should be noted that for modem diesel engines with peak press ures of 
up to 20 MPa better results may be achieved when real gas effects are incorpo­
rated. For the simplified case of an ideal gas, the temperature changes of the spray 
packets (index sp) and the unbumed air zone (index a) become 

dT -dQ +dQ -dQ _ V [dmsp dRsp _ dPeYI ) spmspcp,sp - W,sp ehem,sp j,sp Peyl sp + 
msp Rsp Pcyl 

-dmj,sphv,sat + dmentr,spha - dmsphsp , (3,83) 

and 

[dma dPryl ) Ra Ta' dTamac p,a = dQw,a - Pcyl Va --- -- + dma 
ma Pcyl 

(3.84) 

respectively [65]. 
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Fig. 3.12. Heat release rates and pressure traces for a heavy-duty high speed diesel engine. 
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The only unknown left in Eqs. 3.83 and 3.84 is the rate of pressure change dpcyl. 
It is initially taken from the previous time step and is then updated by an iteration 
under the constraint, that the sum of the volume changes of all zones has to match 
the geometrical change in cylinder volume during that time step which can be de­
termined from Eqs. 2.17-2.20: 

L d~ = d"'y/ . (3.85) 

Figure 3.12 compares calculated and measured heat release rates and pressure 
traces for two operating conditions of a heavy-duty high speed diesel engine with 
a displacement volume of 4.0 liters per cylinder. Diagram a displays medium load 
conditions which have been utilized to adjust all model constants and diagram b 
represents a full load case of that engine that has been pre-calculated with the 
same set of constants. It is apparent that both heat release rates and resulting pres­
sure traces can be simulated with good accuracy once the model has been cor­
rectly adjusted to a particular engine. Especially the decreasing amount of the 
premixed fraction in the heat release rate for greater engine loads is predicted very 
weIl. 

It should be noted that while the spray angle was shown to be of paramount in­
fluence on the combustion rate prediction in the gas jet models described in 
Sect. 3.2.2, the relations for the spray penetration, Eqs. 3.62 ff, that govern the air­
fuel mixing rate have the most significant effect on the model outcome in the 
packet approach. 

Pre-Injection 

Thoma et a1. [71] have extended the packet model approach to describe DI die­
sel engines with pre-injections. Based on spray experiments carried out by 
Stegemann et al. [63] they concluded that the spray penetration equation 3.62 that 
has been established for continuously injected sprays is not valid for small 
amounts of pre-injection. Instead, the fuel injected during the short pre-injection 
pulse is decelerated and thus mixed with air more quickly. Therefore, a time de­
pendence of Ut has been suggested in Eq. 3.62 in agreement with experimental 
data from a truck diesel engine operated with a pre-injection quantity of 6 mg. A 
further adjustment of this exponent for varying amounts of pre-injection might be 
necessary however. 

Once the main injection pulse has started the packets of the pre-injection pulse 
are combined to a single pre-injection zone with mass averaged properties from 
the former spray packets, Fig. 3.13. The packets of the main injection pulse will 
penetrate into the pre-injection zone because of the reduced spray velocity of the 
small pre-injection quantity and the entrainment into the main injection packets 
will be from the pre-injection zone instead of from the fresh air zone while there is 
an spatial overlap between the zones. The entrainment of hot gases into the main 
spray packets causes a reduced ignition delay within the main packets such that 
the typical premixed peak in the combustion profile of a single injection case is 
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diminished or even eliminated. Figure 3.14 displays that this behavior can be pre­
dicted by the model. Note, that only about 50% of the fuel injected during the first 
pulse is actually bumed during the first peak in the heat release history. The re­
maining fraction is diluted beyond the lean flammability limits and can only be 
bumed after mixing with the richer spray packets of the main injection. This phe­
nomenon can be predicted by considering a maximum chemical reaction rate in 
terms of the local equivalence ratio similar to Eq. 3.81. 

overlap between 
main and pilot injeclion 

Fig. 3.13. Mixing of pre- and main-injection pulses [71] 
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3.2.4 Time Scale Models 

Single Pulse Injection 

Boulouchos and co-workers [9, 74] presented a phenomenological diesel combus­
tion model which is based on characteristic time scales for the heat release rates 
similar to the eddy-breakup models frequently applied in CFD-codes. Different 
time sc ales are considered for the premixed and diffusion fractions of combustion 
since it is assumed that the former process is primarily govemed by chemical ki­
netics whereas turbulent mixing represents the major constraint for the latter. 

The fuel atomization and evaporation is modeled similarly to the procedure for 
the packet models described in the previous section. However, in this application 
the spray is discretized in axial direction only, and the tip penetration is described 
by the formula developed by Dent [17]: 

[ J
1I4 [J1I4 

S = 3.07 ~ ;inJ • (t dnoz ) 112. 2~~ (3.86) 

It is now assumed that all the fuel evaporated prior to the first occurrence of 
ignition in the entire cylinder is bumed in the characteristic premixed peak, while 
the remaining fuel is bumed in the mixing controlled diffusion combustion. The 
ignition delay is determined by solving the ignition integral, Eq. 3.79, where 'lid is 
calculated as a function of temperature and pressure for a stoichiometric air-fuel 
mixture [67]. 

The time scale characteristic for the kinetically controlled premixed fraction of 
combustion is assumed to be proportional to the ignition delay such that the fuel 
mass buming rate can be written as 

dmprem 1 
-d-- = Cprem -fprepmprem,av' 

t 'id 

(3.87) 

where mprem,Qv is the total fuel mass assigned to the premixed combustion and the 
factor /prep is due to the fact that only the fraction/prep of mprem,Qv that has exceeded 
the ignition integral of unity has yet been prepared for combustion. 

An analogous formulation to Eq. 3.87 is applied for the diffusion combustion, 
where the characteristic time scale is controlled by turbulent mixing phenomena 
rather than by chemical kinetics: 

(3.88) 

However, in contrast to CFD models that include turbulence submodels which can 
be utilized in order to determine a characteristic mixing frequency lITturb, a differ­
ent approach has to be found in order to specify this quantity within the frame­
work of a phenomenological cylinder model. Boulouchos and Eberle [9] sug­
gested to express the frequency by the ratio of the turbulent diffusivity, which can 
be shown to be proportional to the turbulent viscosity and the second power of a 
typical dimension of the problem: 
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2 • 
Xchar 

(3.89) 

In order to determine the turbulent viscosity a simplified formulation with two 
turbulence sources is chosen. The first is the motion of the charge air, for that the 
turbulence intensity u' is proportional to the mean piston speed and the length 
scale is proportional to the clearance height. The second contribution to turbu­
lence production is due to injection where u' and h can be solved based on conser­
vation equations [30]. The initial values depend on the injection velocity and the 
nozzle diameter, respectively: 

u'!/ = (u'!/ ) + (u'!/ ) ... 
eh arge In) 

(3.90) 

The characteristic dimension of the diffusion process is approximated by the in­
stantaneous cylinder volume, the global equivalence ratio and the number of noz­
zle holes [74]: 

(
"" V )1/3 

X =~ 
c/inr N 

ooz 

(3.91) 

The factor fA,lurb takes account of the increase in flame surface density because of 
turbulent wrinkling and is written as the ratio of turbulent to kinematic viscosity: 

Thus, Eq. 3.88 becomes 

u'!/ 
fA,lurb =-. 

V 

dmdiff -c ~~m 
dt - diff X 2 V diff,av' 

char 

(3.92) 

(3.93) 

Finally, the available fuel mass for both combustion mechanisms, i.e. premixed 
and diffusion combustion, results from an integration of the evaporation rate and 
the buming rate: 

m. = 'f(dm;,evap _ dm; )dt. 
I,al dt dt 

l i .O 

(3.94) 

In an application to a 9.5 liter/cyl marine diesel engine it was shown that the 
above model is capable of predicting heat release rates for medium and high load 
operating conditions very weH [74]. However, for conditions with 25% load or 
less, deviations between predictions and experimental data were observed. They 
are most likely attributed to an overprediction of the evaporation rate during igni­
tion delay which causes too much fuel to be bumed during the early premixed 
combustion. 
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Fig. 3.15. Temporal sequence of the pre-combustion model. 1) Gaseous fuel of one jet 
forms one premixed zone 2) An initial amount of air and residual gas is entrained 3) After 
the end of injection air and residuals continue to be entrained due to turbulent diffusion 
4) A turbulent flame propagates from one ignition source (ascending heat release trace) 
5) flame propagation from multiple ignition sources (descending heat release trace) [4] 

Pre-Injection 

In a later study Barba et al. [4] used a very similar diffusion combustion model as 
described in Eqs. 3.88-394 and added a new submodel far premixed combustion 
of a pre-injection pulse in order to simulate modem passenger car diesel engines 
equipped with common rail injection systems. In this model the pre-combustion 
resulting from the pilot injection pulse is completely decoupled from the combus­
tion of the main injection pulse. Only the ignition delay of the main combustion 
and therefore the portion of premixed combustion within the main combustion is 
affected by the heat release of pre-injection combustion. The phenomenology of 
the pre-combustion model is schematically shown in Fig. 3.15. 

The fuel injected during the typically short pilot injection pulse forms a spheri­
cal zone with an initial amount of air and residuals entrained. This zone is consid­
ered to be homogeneously mixed and the entrainment rate during the injection pe­
riod is assumed to be proportional to the fuel evaporation rate. The exact air-fuel 
ratio is empirically chosen to be 11.6, such that a slightly rich mixture of equiva-
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lence ratio ljJ = l.25 is obtained. After the end of pilot injection air and residuals 
continue to be entrained into the premixed zone. The entrainment rate is now 
modeled by a necessarily simplified model for turbulent diffusion in terms of the 
Reynolds number as a characteristic measure of turbulence. Details about this 
mixing model are provided in ref. [4]. 

The ignition delay is calculated based on the Arrhenjus equation 3.78 and the 
ignition integral, Eq. 3.79, however with a different set of constants to account for 
the typical conditions at the early timing of the pre-injection pulse [41: 

-0.2 P 6000 [ ]

-1.2 

'id,pre = 0.041jJ Pre! exp ( T ). (3.95) 

After ignition it is assumed that a turbulent flame starts to propagate from a 
single ignition location, which leads to an ascending trace in the heat release rate 
because of the growth in flame surface area AF (buming mode 1 in Fig. 3.16): 

(3.96) 

In Eq. 3.96 dmm;}dt is the mass buming rate of the mixture, Pu is the unbumed 
mixture density, and the turbulent flame velocity SI is calculated following Dam­
koehler's relation [15], which has been widely applied in the literature [31]: 

(3.97) 

The constants Cl and ('2 are chosen as l.6 and 0.8, respectively, and the turbulence 
intensity is assumed to be proportional to the mean piston velocity. The laminar 
buming speed SI is derived according to Metghalchi, Keck and Rhodes [45, 46, 
59], with a slightly modified set of parameters in order to allow combustion up to 
fuel-air equivalence ratios of about 0.3: 

SI =sl,a(~J (~J (I-2.1jR)' (3.98) 

SI,a = 0.276-0.47 (1jJ_l.l)2, 

r = 2.18-0.8(IjJ-l) , 

8 = -0.16+0.22(IjJ-I). 

(3.99) 

(3.100) 

(3.101) 

The reference state is defined by To=298 K, Po=98 kPa, andjR indicates the resid­
ual mass fraction. 

Once the combustion has started the temperature in the pre-injection zone in­
creases in the flame is assumed to spread out from multiple new ignition sourees. 
Now the available fuel mass mf within the pre-injection zone becomes the limiting 
factor for the combustion rate (buming mode 2 in Fig. 3.16). This is expressed by 
the frequency approach 
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dmJ 1 s, 
--=cg--m, 

dt 3 rpre J 
(3.102) 

where the frequency factor is modeled as the ratio of turbulent flame speed s, and 
the radius of the pre-injection zone rpre• The constant c is of order one, and g is an 
empirical function that delays combustion due to dilution with air and residuals: 
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Fig. 3.16. Ascending and descending branches in the pre-injection combustion model [4] 
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As indicated in Fig. 3.16 the reaction rates obtained for both buming modes 1 
and 2, Eqs. 3.96 and 3.102 respectively, are estimated at any time and the lesser of 
the two is taken as the actual mass buming rate. 

The above premixed combustion model for pilot injections has been combined 
with a diffusion combustion model as described in Eqs. 3.88-3.94 and applied to 
simulate modem passenger car diesel engines with common rail injection systems 
[4]. As an example Fig. 3.17 displays the effect of pre-injection timing on the ig­
nition delays of pre- and main combustion. An early pre-injection timing is char­
acterized by a long ignition delay of the pre-combustion because temperature and 
pressure in the combustion chamber are still fairly low. Therefore, the pre­
injection zone becomes more diluted with air such that the pre-combustion rate is 
reduced and a longer ignition delay of the main-combustion results as weIl. 

3.3 Gas Composition and Mixing in Diesel Engines 

Many of the goveming reactions for the formation of exhaust emissions, and espe­
cially the formation of nitrogen oxides, are characterized by an exponential tem­
perature dependence, compare Chap. 7. Therefore, it is generally not feasible to 
ca1culate reaction kinetics based on the mass averaged cylinder temperature. In­
stead it is necessary to subdivide the combustion chamber into multiple zones in 
order to resolve local peak temperatures at least approximately and ca1culate emis­
sion formation rates individually for each zone as a function of the local condi­
tions. At least two different zones for bumed and bumed gases are necessary, but 
the numerical accuracy is obviously improved when a higher spatial resolution is 
chosen. 

3.3.1 Two-Zone Cylinder Models 

A very simple and computationally efficient approach to divide the cylinder gases 
into two zones containing cold unbumed mixture and hot combustion products, re­
spectively, is the empirical model suggested by Heider et al. [29] that has been de­
scribed in Sect. 2.4. 

Merker et al. [44] used a different two-zone model where the composition of 
the two zones is directly related to the combustion rate that is ca1culated following 
Sect. 3.2.2. Figure 3.18 displays a schematic diagram of this approach where 
zone 1 contains unbumed mixture, i.e. air, unbumed fuel and the residual fraction, 
and zone 2 describes the bumed products that may be diluted with fresh air en­
trained from zone 1 as weIl. The flame front is modeled as an infinitely thin seg­
regation between zones 1 and 2 and does not contain any mass itself. It is how­
ever assumed, that the flame front is characterized by a spatially and temporally 
constant equivalence ratio. 
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Fig. 3.18. Schematic illustration of the two-zone cylinder model Merker et al. [44] 

Before the start of combustion all cylinder contents are contained within the 
unbumed zone 1. Thereafter mass is subtracted from zone 1 and added to zone 2 
both via combustion through the flame front and by turbulent mixing which is as­
sumed to result in a direct entrainment of unbumed air into the product zone 2. 
Thus, the mass balances for the two zones can be written as 

(3.104) 

(3 .105) 

where the amounts of products that are added to zone 2 through the flame front 
dmFF are determined by the fuel mass buming rate dmf,b and the flame front air­
fuel equivalence ratio, which is assumed to be slightly rich (.,1,FF = 0.7): 

(3.106) 

The mixing of unbumed mixture into zone 2 that bypasses the flame front is 
calculated based on the concept that the instantaneous air-fuel equivalence ratio of 
the combined mass flows into zone 2 (both dmFF and dm/2), that is referred to as 
the mixing stoichiometry .,1,*, increases linearly with time: 

.,1, * = dma .FF + dma ,12 

a!"oiC . dm f .b 

(3.107) 

Since the equivalence ratio of the mass flow dmFF is constant with time, this in­
crease of .,1,* takes into account the fact that the bypass mass flow dm/2 is very 
small in the beginning when zone 2 is still small and increases with time since the 
mass of zone 2 and thus its surface area in contact with zone 1 is growing. Conse­
quently, the initial value of the combined mixing stoichiometry at ignition and 
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during premixed combustion is A,* 0 = A,FF. The exact gradient of the linear increase 
in A,* during diffusion combustion depends on the turbulence level within the cyl­
inder. In general it should be determined such that the local equivalence ratio 
within zone 2 reaches the integral equivalence ratio in the entire cylinder by about 
the time the exhaust valve opens. Characteristic histories of the air-fuel equiva­
lence ratios in the flame front and in zone 2 as weIl as of the mixing stoichiometry 
A,* are displayed in Fig. 3.19. 

Energy conservation equations can be set up for the two zones by the assump­
tion that the chemically released energy of combustion is completely added to the 
hot products zone 2. The total wall heat transfer of the cylinder, which is ca1cu­
lated by the Woschni model (Sect. 2.2.4), is distributed between the two zones 
with a weighting factor equal to the product of zone mass and zone temperature, 
Eq.3.82. 

A similar approach to the one above has been proposed by Shi et al. [62], albeit 
with the consideration of four different zones instead of two: an unbumed air 
zone, a spray mixing zone, a product zone and a buming zone that, in contrast to 
the flame front in the model by Merker et al. [44], is associated with its own mass 
and spatial extension. Turbulent mixing between different zones is ca1culated in 
this model as weIl. However, here the mixing rates between two neighboring 
zones i and j are determined based on the product of the respective zone masses as 
an approximate measure of the contact area between the zones: 

mj·m) 
dmij - . 

mj+m) 
(3.108) 

Thus, the mixing rate has a maximum when the two zones have equal masses. 
Additionally, the mixing rate contains a proportionality factor which is a turbulent 
frequency determined from a simplified turbulence model. 
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Fig. 3.19. Temporal histories of the air-fuel equivalence ratios [44] 
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3.3.2 N-Zone Cylinder Models 

In this category cylinder models are summarized that consider a number of differ­
ent product zones generated in sequential order during the course of combustion. 
An example is the work by Papadopoulos [55] where, similar as in the two-zone 
models, the unbumed mixture is treated separately from the combustion products. 
However, after ignition a new additional product zone is formed during each com­
putational time step such that a differentiated temperature distribution can be cal­
culated even within the bumed mixture. As indicated in Fig. 3.20, a newly build 
product zone initially consists of cornbustion products directly from the flame 
front such that they are characterized by stoichiometric equivalence ratio and 
adiabatic flame temperature. Only in subseguent time steps unbumed air is en­
trained into the already existing product zones such that their respective masses 
and volumes increase while the local eguivalence ratio becomes leaner. 

The initial mass of a product zone can be estimated in a straight forward man­
ner as the product of the buming rate function and the computational time incre­
ment. The entrainment rate of fresh air into a product zone dma,p during the sub­
sequent time steps after the initiation of the zone is derived following the concept 
of the mixing surface area between two zones (Eg. 3.108) with a characteristic 
mixing time Tm: 

dma,p _. ma ·mp 

dt Tm ma+mp 
(3.109) 

For sirnplicity, this time scale is related to the ratio of an air or mixing velocity Va 

to the clearance height c: 

(3.110) 

c'n is a tuning parameter and the air velocity is determined from the swirl ratio in 
the cylinder. 

lime producl zones process 

· · ignilion delay 

· 
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~ 
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Fig. 3.20. Sequential generation and air entrainment into product zones [55] 
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It should be noted however, that in modem diesel engines with high injection 
pressures turbulent mixing is driven by the kinetic energy of the fuel jet rather 
than by gas swirl. Thus, Eq. 3.110 ought to be adjusted accordingly, which has 
been done in the work by Weisser and Boulouchos [74]. They have chosen a very 
similar cylinder model with successively generated product zones. Here the mix­
ing time scale Tm is evaluated by the same relation that the authors have utilized as 
a turbulent time scale in their combustion model described in Sect. 3.2.4 
(Eq. 3.89). This time scale inc1udes both effects of gas motion and injection 
(Eq.3.90). 

Additional variations by Weisser and Boulouchos [74] to the model of Papado­
poulos [55] are that in an attempt to reduce computing requirements a total num­
ber of product zones Np can be specified such that a new zone is not formed with 
every numerical time step but only after a specific fraction of the total fuel in­
jected has been bumed. Moreover, it is assumed that no product zone can be di­
luted beyond the global equivalence ratio in the cylinder. Therefore, the air mass 
substituted into Eq. 3.109 is not the total mass of the unbumed zone but only that 
fraction of air, that corresponds to the fuel mass allocated to one product zone: 

(3.111) 

3.3.3 Packet Models 

When the heat release rate is simulated with a packet model as described in 
Sect. 3.2.3 there is no need to superimpose an additional zonal cylinder model in 
order to establish a temperature and composition distribution within the combus­
tion chamber. The spray packets reproducing the spray shape as weIl as the un­
bumed zone are all characterized by individual temperatures and compositions 
ca1culated by solving mass and energy balances. The resulting distributions can 
directly be used in order to estimate local pollutant formation rates, e.g. [6, 34, 
40]. 

However, dependent on the injection duration of the investigated operating 
conditions and the numerical time increment of the spray model which typically 
ranges around 20 Ils, the total number of packets in the spray can easily reach 
about 1000, which will cause significant computing costs if the reaction kinetics 
are solved within each packet. This is also due to the fact that the numerical inte­
gration of the chemical reaction rates typically requires smaller numerical time 
steps such that a subcyc1ing becomes necessary. To at least diminish this problem 
Stiesch and Merker [65] suggested to combine various spray packets that are simi­
lar with respect to temperature for the purpose of ca1culating exhaust emissions. 
This property is predominantly goveming the nitrogen oxides formation. It was 
shown that with a number of approx. 20 combined so-called exhaust zones a result 
for the NOx-emissions can be obtained that is identical to the one obtained when 
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reaction kinetics are solved separately for each of the approx. lOOO spray packets. 
Thus, a significant reduction in computing time is achieved. 

The 20 exhaust zones are defined in a way that the coldest zone combines all 
packets with a temperature below a cutoff temperature of about 1400 K. This 
rather coarse resolution is possible because reaction rates are very slow in this low 
temperature range. The remaining 19 exhaust zones combine spray packets with 
temperatures in equal increments between 1400 K and 3000 K. The latter is in the 
range of the highest possible adiabatic flame temperature in diesel engines. If the 
soot formation is to be calculated as well, a slightly greater number of exhaust 
zones ought to be chosen in order to obtain a numerically accurate result, i.e. a re­
sult that does not deviate from the one where reaction rates are calculated sepa­
rately for each spray packet. However, with respect to soot emission predictions, 
the best results will be obtained if the combination to exhaust zones is not only 
based on similar packet temperatures but based on both temperatures and equiva­
lence ratios. 

3.4 Advanced Heat Transfer Models 

3.4.1 Heat Transfer Mechanisms 

In general, the relatively simple and easy to handle heat transfer models of An­
nand [2] or Woschni [78], that solve for a time dependent but spatially averaged 
heat transfer coefficient (see Sect. 2.2.4), can be applied in phenomenological 
combustion models, provided that an assumption is made about how much a par­
ticular zone contributes to the total heat transfer rate between the cylinder gases 
and the combustion chamber walls, e.g. Eq. 3.82. In fact, today Woschni's heat 
transfer model is still probably the most widely used within a phenomenological 
framework, and it is sometimes applied even in multi dimensional computations 
[54]. 

However, it is weIl known that especiaIly in diesel engines radiative heat trans­
fer may have a significant contribution in addition to convective heat transfer. 
Heywood [30] suggested a relative importance of radiation of 20 to 35 percent. 
Other authors proposed even greater contributions to the total heat flux that range 
up to 50 percent at fullioad operating conditions [lO]. The radiative heat transfer 
in diesel engines is caused by both radiation of hot gases and by radiation of soot 
particles within the diffusion flame. It is weIl agreed in the literature that the latter 
has a significantly greater impact on the radiative he at flux, and thus most heat 
transfer models concentrate on the radiation of soot only. 

Since soot radiation strongly depends on the soot concentration and tempera­
ture whereas convection is primarily govemed by the turbulence level in the cyl­
inder, the radiative heat flux typicaIly peaks about lO degrees of crank angle later 
than the convective heat flux. This and the fact, that convection is driven by the 
simple temperature difference between gas and wall, 
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q. - (T -T ) conv g w' (3.112) 

as opposed to the difference between the fourth powers of soot partic1e and wall 
temperatures that drive radiation, 

. (T4 T4 ) qrad - S - W ' 
(3.113) 

suggest, that it is advantageous to model the convective and radiative heat fluxes 
separately. Within the framework of a phenomenological combustion model, this 
is possible because the spatial resolutions of composition and temperature in the 
combustion chamber can be utilized to estimate the time dependent soot concen­
trations. It should be noted though, that a general difficulty in the evaluation of 
soot radiation exists in that the prediction of the soot concentration itself is typi­
cally subject to significant uncertainties. 

A number of researchers have addressed the problem of combined convective 
and radiative heat transfer in diesel engines. Morel and Keribar [47] developed a 
model where both the convective heat transfer coefficient as well as the gas and 
wall temperatures are both space and time dependent. The effective gas velocity 
is derived from the mean flow velocities supplied by a newly developed flow 
model and from a turbulent kinetic energy analysis. In ref. [48] the same authors 
presented a compatible radiation model which derives the decisive soot tempera­
ture in the combustion chamber from a two-zone model and determines the soot 
concentration on the basis of a kinetic model for soot formation and oxidation. 
Boulouchos and co-workers [10, 11] treated convection and radiation separately as 
weIl. Soot concentration distributions are approximated by means of typical par­
ticulate concentrations within a simplified spray model, and radiant heat fluxes 
impacting on an incremental cylinder surface area can be estimated by spatial in­
tegration under consideration of the respective view factors. Both Suhre and Fos­
ter [68] and Wolff et al. [75] have modeled a particulate layer adsorbed on the cyl­
inder wall in order to take into consideration its insulation effect. Adsorption of 
soot on the wall is due to thermophoresis - within the boundary layer, particulates 
move in the opposite direction of the temperature gradient - and soot oxidation off 
the wall is described by an Arrhenius equation. 

3.4.2 Convective and Radiative Heat Transfer Model 

Eiglmeier et al. [22, 23] presented a detailed convective and radiative heat transfer 
model for diesel engines. As it incorporates the most important findings of the 
above references and represents a thorough overview of the current status of phe­
nomenological heat transfer modeling it will be summarized in the following sec­
tions. 
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Geometrie Assumptions 

The spatial radiation heat flux distribution and flow inside the cylinder are highly 
dependent on the combustion chamber geometry. Within a phenomenological or 
quasi-dimensional combustion model only a coarse spatial resolution is performed 
and hence, several assumption have to be made. Here it is assumed that the piston 
has a cylindrical bowllocated at its center and that the combustion chamber is SUf­

rounded by the six isothermal sub-surfaces indicated in Fig. 3.21 [48]. 
lt is further assumed that the soot is distributed uniformly within the bumed 

zone of a two-zone cylinder model. As indicated in Fig. 3.22 this product zone is 
represented by two cylindrical c10uds located centraUy in the cylinder. The ex­
pansion of the bumed zone is broken down into three phases: 

3 

Fig. 3.21. Assumed isothermal sub-surfaces of the combustion chamber: (1) cylinder head 
above piston bowl (2) cylinder head above piston crown (3) liner (4) piston crown 
(5) piston bowl side wall (6) piston bowl bottom 

Fig. 3.22. Geometry of the soot cIoud [23] 
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1. expansion within the piston bowl during premixed combustion (one cloud) 
2. expansion into the squish region (the second cloud is generated) 
3. expansion in all directions during diffusion combustion 

Typically the bumed zone starts to expand into the squish region at a crank an­
gle between 5° and 10° ATDC. These results have been confirmed by experimen­
tal data from Gibson et a1. [27]. 

Soot Layer Insulation 

Soot particles formed during combustion can reach the thermal boundary layer 
near the combustion chamber wall by turbulent gas motion. Depositions of soot 
particles on the wall are then formed due to thermophoresis and a portion of this 
layer mayaiso be reoxidized if the wall temperature is sufficiently high. Hence, 
the net change of the soot layer thickness t:5.,w,i on sub-surface i is expressed as 

dOswi --'-' =vd,-v " dt ,I OX,I 
(3.114) 

where the soot deposition velocity Vd,i is determined following Wolff et a1. [75]: 

(3.115) 

The soot volume fraction in the bumed zone is defined as Iv = m!(ps Vb) and Vb 
and Vcyl denote the volumes of the bumed zone and the entire cylinder, respec­
tively. kg and ks are the gas and soot thermal conductivities, Kn is the Knudsen 
number which is assumed to be unity and Tcyl, Tss and Tth indicate the mass aver­
aged cylinder temperature, the temperature of the soot layer surface and the mean 
temperature within the thermal boundary layer, respectively. The constants in 
Eq. 3.115 are chosen as Cm=1.14, C=l.17, Cr=2.18 and Ce is the Cunningham er­
ror correction. 

Table 3.2. Soot oxidation parameters 

kA = AA exp( -EAIRTss) g cm·2 S·I bar· 1 

kB = AB exp( -EBIRT,s) g cm·2 S·I baf l 

kT = AT exp(-ErlRT,,) g cm·2 S·l 

kz = Az exp(-EzIRTss) g cm·2 S·l bar·1 

Aj [mol, cm, s] 

20 

4.46.10.3 

1.51,105 

21.3 

Ej [J/mol] 

125,600 

63,640 

406,100 

-17,200 
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The soot oxidation velocity is based on the relation by Nagle and Strickland­
Constable [52] 

(3.116) 

where 

X; = k ' 
1+ __ T ,_;_ 

(3.117) 

kB,;Po, 

and the reaction parameters kA, kB, kT and kz are given by the Arrhenius equations 
specified in Table 3.2. Me is the molecular weight of carbon (12 kg/kmol), the 
density of the soot layer is assumed to be approx. Ps = 170 kg/m3 and the factor 
JA::::; 12 accounts for the fact that the roughness of the soot layer increases the ef­
fective surface area for oxidation. 

It turns out that the net rate of change in soot layer thickness is relatively small 
such that a constant thickness can be assumed during the entire cycle when the en­
gine is operated under steady conditions. However, the steady thickness may vary 
for wall sub-surfaces of different temperature and also when engine load and 
speed are changed. 

Because of the insulating effect of the soot layer, the soot surface temperature 
Tss can no longer be assumed to be independent of time. Therefore, the transient 
heat conduction within the soot layer and the combustion chamber wall needs to 
be calculated by Fourier' sone-dimensional heat conduction equation assuming a 
plane geometry and constant physical properties. The resulting equations, 

c 8Tw,; = ~(k 8Tw ,; I 
Pw w 8t 8x w 8x ), 

81',,; 8 ( 81',,; ) c---- k--
Ps s 8t - 8x s 8x ' 

(3.118) 

(3.119) 

where b;",i is the wall thickness and X denotes the coordinate perpendicular to the 
wall, can be solved numerically with the Crank-Nicholson scheme. 

Convection 

The convective heat transfer in combustion engines is caused by the turbulent in­
cylinder gas flow. In contrast to the analogy to turbulent flow through a circular 
tube that is often applied for determining the convective heat transfer coefficient, 
e.g. Eq. 2.22, in this model an effective flow rate averaged over each of the six 
sub-surfaces is estimated. This effective velocity Uejf is composed of the two ve­
locity components parallel to the sub-surface under consideration, i.e. squish and 
swirl flow, as weIl as the turbulence intensity: 
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22 2 
Ueffi = Usqi+USWi+-k, , , '3 

(3,120) 

where k is the specific turbulent kinetic energy based on the entire mass of cylin­
der gases, 

The squish flow from the annular region above the piston crown into the piston 
bowl during the compression stroke (and vice versa during expansion) is modeled 
by dividing the combustion chamber into three idealized control volumes indi­
cated in Fig, 3.21 and solving mass balances for these zones, The radial and axial 
velocity components become 

1 dVI VI dVcy, 
W =---------

r TCdbow/c dt v:,y/ dt ' 
(3,121) 

C dVcy, 
W =--- (3,122) 

a VCy/ dt ' 

respectively, with the instantaneous clearance height c and the piston bowl diame­
ter dbowl' Spatial averaging of the velocity profiles in Eqs, 3,121 and 3,122 over 
the each sub-surfaces provides the squish flow component Usq,i [5], 

For simple calculation of the swirl flow, the combustion chamber is divided 
into two sub-volumes with solid body swirl, one above the piston bowl and one 
above the piston crown, Fig, 3.23, The swirl intensities in both sub-volumes are 
described by the corresponding constant angular velocities, Murakami et al. [51] 
have confirmed the applicability of this assumption with LDV measurements, 

Further assuming rotationally symmetrical and axially uniform tangential ve­
locity profiles, it is possible to calculate the angular velocities 0Jj and lü.1 using the 
corresponding approaches for wall friction at the adjacent combustion chamber 
surfaces and for the angular momentum exchange between the two sub-volumes: 

LlN 

PBS 

PC 

d 
dt (11 ( 1 ) = M }i,pbb + M }i,chi + M }i,pbs + M fr21,shear + M }i21,squish ' 

CHI 

CHO 

PBB 

Fig. 3.23. Modeling of the swirl flow [23] 

(3,123) 

(3,124) 
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The frictional moments Mjr,i, where the indices i denote the sub-surfaces indi­
cated in Fig. 3.23, are determined based on proximity equations for disk and plate 
surfaces according to Eiglmeier [21]. The momentum exchange between volumes 
1 and 2 due to squish flow M jr21 ,squish and shear forces M jr21 ,shear has been derived in 
ref. [21] as weIl. The calculation and spatial averaging of the tangential velocities 
at the corresponding sub-surfaces of the cylinder walls then lead to the swirl flow 
component Usw,i' 

The influence of turbulence on the convective heat transfer enters the model 
through the specific turbulent kinetic energy k in Eq. 3.120. Within the frame­
work of a phenomenological cylinder model that, by definition, does not resolve 
the turbulent flow field, a value for k has to be approximated by a simplified ap­
proach. This is done by a zero-dimensional energy cascade. The total kinetic en­
ergy Ekim whose initial value at IVC is approximated as the kinetic energy of the 
intake flow, is converted into turbulent kinetic energy k by turbulent dissipation 
expressed through the production rate P: 

dEhn = _P. 
dt 

(3.125) 

Following Poulos and Heywood [56], the production rate can be written as 

P = 0.3307·e. Ekin 2·Jk, (3.126) 
(4 ~YI/7r B) 

where the constant C has been chosen as C = 1.5 in ref. [23]. The rate of change 
in specific turbulent kinetic energy k becomes 

d . 2 
dk P 2 k Pcyl minj V inj 
- = ---&'+-----+---

dt mcyl 3PcYl dt mcyl 

(3.127) 

where the index cyl denotes the gases trapped within the combustion chamber. 
The last term in Eq. 3.127 is based on the assumption that the entire kinetic energy 
of the fuel jet is instantaneously converted into turbulent kinetic energy, and the 
second to last term accounts for the increase in k due to the increase in gas density 
by compression and combustion. The viscous dissipation rate &' of the turbulent 
kinetic energy is approximated as [56] 

&' = 7r B2 (~k)3/2 
4 ""VI 3 

(3.128) 

The convective heat transfer coefficient is now evaluated based on the empiri­
cal equation for flow over a flat, isothermal plate, where the 117-power-Iaw has 
been assumed for the velocity profile within the hydrodynamic boundary 1ayer 
[12]: 

(3.129) 
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Fig. 3.24. Typical history of thermal boundary layer thickness in a DI diesel engine [23] 

The gas temperature relevant for convective heat transfer is determined as 

[
mb' ) mb· Tconv,i = Tu 1--'-' + Tb -'-' , 
mtot ,; mtot .i 

(3.130) 

which utilizes the bumed mass fraction within the geometrical zones I, 11 and III 
(specified in Fig. 3.21) for the respective sub-surfaces i in order to estimate to 
what extend the each sub-surfaces are in contact with fresh gas and the bumed 
zone. The convective heat flux is now written as 

qconv.i = hi (T.:onv.i - T,S.i ) . (3.131) 

The only unknown remaining in the above set of equations is the thermal 
boundary layer thickness o,h that appears in Eqs. 3.115 and 3.129. For the com­
pressible flow in a combustion engine cylinder it is affected not only by the con­
vective heat transfer but also by the pressure and density changes of the cylinder 
gases. Formulation of a one-dimensional energy equation for these relations 
leads, after several simplifying assumptions and a number of mathematical re ar­
rangements, to the following implicit differential equation in terms of the mean 
density of the thermal boundary layer Pm,i and the isentropic exponent y[21]: 

d8th ,i = Pcyl dp _1_ 8 __ 1_ dPm,i 8 . + qconv,i 
d d th" d th" T t Pm,i t py Pm,i t Pm,icp conv,i 

(3.132) 

Figure 3.24 displays a typical history of the thermal boundary layer thickness in 
a DI diesel engine as ca1culated by Eq. 3.132. During the compression stroke the 
numerical solution for the thickness approaches infinity as the gas and wall tem­
peratures become equal. At this point the resulting convective heat flux is obvi­
ously zero. 

Radiation 

In order to estimate radiant heat fluxes in an engine cylinder the spatial and tem­
poral soot concentration and temperature distributions have to be known. In this 
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phenomenological model the simplifying geometrie assumptions for the combus­
ti on chamber and the soot c10ud that are indicated in Figs. 3.21 and 3.22 are made. 
A homogeneous soot concentration is present within the bumed zone consisting of 
two ideal cylinders located in the bowl and the squish regions as described above. 
The soot formation and oxidation is modeled by a two-equation approach where 
the formation rate is based on the Hiroyasu model and the oxidation rate based on 
the relations by Nagle and Strickland-Constable, see Chap. 7. 

The radiation transport equation between the soot c10ud and the soot layer sur­
face on the walls is solved by a simplified zonal approximation according to Hot­
tel and Sarofim [37]. It is assumed that the dispersion of the temperature radiation 
due to liquid fuel droplets is negligible. The total absorbed heat flux of the soot 
covered sub-surface Ai can be represented as the difference between the incident 
and emitted heat fluxes. The emittance of the deposited soot is c10se to unity, i.e. 
the soot layer behaves as a blackbody, wh ich means that the incident radiation 
heat flux is almost completely absorbed. Thus, the radiation from the surfaces Ai 
is emitted exc1usively at the respective surface temperatures Tss.;. 

The incident heat flux per sub-surface is generally composed of both the tem­
perature radiation of the soot c10ud and of the incident radiation of the other opti­
cally visible combustion eh amber sub-surfaces. Due to the fact that during com­
bustion the soot layer surface temperatures Tss•i are relatively low in comparison to 
the radiation temperature of the partic1es in the soot c10ud Trad, the fraction of in­
cident wall radiation is negligible. Thus, the radiant heat flux to the wall can be 
written as 

(3.133) 

In order to ca1culate the so-called direct exchange area gSj the combustion 
chamber surfaces are subdivided into incremental surfaces dA and the soot c10ud 
into incremental volumes dV, Fig. 3.22. Following ref. [37], the direct exchange 
area becomes 

- = ~ J Ja ·cosej • T(r) dA dV 
gs, 2' b' 

lZ"VbA; r 
(3.134) 

where a is the absorption coefficient of the soot c10ud and r the distance between 
dA and dV. Its dependence on the soot volume fraction Iv within the bumed zone 
and the radiation temperature Trad was defined by Morel and Keribar [48]: 

a = 1575· Iv '~ad' (3.135) 

The transmittance T(r) specifies for each sub-volume dV the fraction of the 
emitted radiation actually reaching the wall. The remaining portion of the radia­
tion is reabsorbed by the surrounding optical dense soot c10ud before it can reach 
the wall: 

T(r) = exp[ - fadr J. (3.136) 

www.TechnicalBooksPDF.com



86 3 Phenomenological Models 

In the literature various controversial recommendations have been presented for 
the definition of the effective soot radiation temperature. The importance of this 
definition is obvious because of its influence on the radiation transport equation 
(Eq. 3.133) at the fourth power. However, it is generally accepted that the use of 
the bumed temperature in a two-zone model leads to an underestimation of the ra­
diant heat flux. This can be explained when considering that the soot just formed 
is initially close to adiabatic flame temperature, and only later assumes the tem­
perature of the diluted combustion products within the bumed zone of the two­
zone cylinder model. Therefore, the radiation temperature is here calculated as an 
average between adiabatic flame temperature and the temperature of the bumed 
zone: 

(3.137) 

It should be noted that the above radiative heat transfer model can be applied 
not only to a two-zone but also to more detailed cylinder models, e.g. to the packet 
models presented in Sect. 3.2.3. In that case a more realistic prediction of the soot 
cloud geometry and the soot temperature can be expected. However, the evalua­
tion of the direct exchange area by numerical integration of Eq. 3.134 will become 
more complex. 

Exemplary Results 

In Fig. 3.25 simulated heat fluxes (combined convection and radiation) are com­
pared with experimental data obtained from a 1.8 liter single-cylinder diesel en­
gine at five of the six sub-surfaces specified in Fig. 3.21 [23]. The respective en­
gine specifications and operating conditions are summarized in Table 3.3. It can 
be seen that both qualitative and quantitative agreement between predictions and 
experimental data are very good. Hence, the convective and radiative heat transfer 
model is not only suitable to describe the influence on in-cylinder processes but 
also to investigate thermal loads on engine components. 

Table 3.3. Engine specifications and operating conditions corresponding to Fig. 3.25 [23] 

Engine parameter Quantity Operating parameter Quantity 

Bore [mm] 128 Engine speed [rpm] 1000 
Stroke [mm] 142 imep [kPa] 800 
Compression ratio 16.25 Engine torque [Nm] 111 

Swirl ratio 2.15 Boost pressure [kPa] 0 
Piston bowl diameter [mm] 67 Coolant temperature [0C] 79 
Piston bowl depth [mrn] 27 Oil temperature [0C] 82 
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Fig. 3.25. Spatially resolved heat flux profiles for engine specified in Table 3.3 [23] 
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3.5 SI Engine Combustion 

3.5.1 Burning Rate Calculation 

In spark ignition engines with external mixture formation by fuel injection into the 
intake manifold it is a reasonable assumption that air and fuel vapor are homoge­
neously mixed by the time combustion is initiated. This is in strong contrast to the 
conditions in direct injection diesel engines, and consequently the driving mecha­
nisms and flame structure in SI engines differ significantly from the ones observed 
in CI engines. Therefore a different modeling approach becomes necessary. 

In SI engines the homogeneous mixture is inflamed by spark discharge at the 
spark plug location. From there apremixed flame front starts to spread out into 
the combustion chamber. On a microseale the thin flame front wherein almost all 
of the chemically bound energy is released is subject to turbulent wrinkling. 
However, on a macroseale it may be assumed that - in the absence of strong swirl 
or tumble - the leading edge of the flame is represented by a portion of the surface 
of a sphere. Thus, the flame propagation can be estimated based on geometrie 
considerations when the approximate design of a combustion chamber is known, 
Fig 3.26. An example of flame geometry calculations by Poulos and Heywood 
[56] is shown in Fig. 3.27. The effective flame area is plotted versus the flame ra­
dius, i.e. the distance from the spark plug, for two different combustion chamber 
shapes and two spark plug locations. It is obvious from the results that a compact 
chamber geometry with a central plug position is beneficial in order to achieve 
short burning durations that enable a greater thermal efficiency and reduce the 
knocking tendency of the engine. 

The mass burning rate can generally be written as 

(3.138) 

Y6~ 
FF unburned 

Fig. 3.26. Schematic illustration of premixed flame propagation in a homogeneously oper­
ated SI engine 
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where the unbumed mixture density Pu can be obtained from a thermodynamic 
two-zone analysis as described in Sect. 3.5.2. The flame area Aj depends on the 
combustion chamber geometry and the position of the spark plug. Thus, the bum­
ing rate calculation becomes a problem of determining the turbulent flame speed SI 

which is affected by the gas composition, temperature, pressure and turbulence 
level. 

The laminar buming velocity in the absence of turbulence has been investigated 
by Keck and co-workers [45,46, 59] for a number of hydrocarbon fuels. A gen­
eral temperature and pressure dependency of the form 

SI = SI.O (~ r (~ r (l-2.IIR ) (3.139) 

was found, where IR is the residual mass fraction and the reference temperature 
and pressure are To = 298 K and Po = 101.3 kPa, respectively. The exponents a 
and ß as weH as the buming velocity at atmospheric conditions St.o are fuel de­
pendent quantities. For propane, isooctane and methanol they are given as 

a=2.18-0.8(~-1), 

ß = -0.16 + 0.22(~ -1) , 

SI.O = Bm +B,/~-~m)2, 

(3.140) 

(3.141) 

(3.142) 

where ~m is the equivalence ratio at which St.o has its maximum of value Bm• The 
respective parameters are specified in Table 3.4. 
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Fig. 3.27. Calculated SI engine spherical flame surface areas [56] 
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Table 3.4. Parameters for Eq. 3.142 

Fuel r/Jrn Brn [emls] B~ [emls] Ref. 

Methanol 1.11 36.9 -140.5 [46] 

Propane 1.08 34.2 -138.7 [46] 

Isooetane 1.13 26.3 -84.7 [46] 

Gasoline 1.21 30.5 -54.9 [59] 

The influence of turbulence on the buming velocity, usually expressed as the 
turbulent to laminar flame speed ratio S!SI, is hard to evaluate in phenomenologi­
cal cylinder models. This is because the turbulent flow field is not explicitly 
solved as it is done in CFD-models. Instead a simplified analysis has to be made 
that approximates the turbulence level as a function of as few characteristic pa­
rameters as possible. 

Often a correlation of the form initially suggested by Damköhler [15], 

S, -1 Cu' -- + -, 
SI SI 

(3.143) 

has been applied, where u' is the turbulence intensity, i.e. the mean velocity fluc­
tuation of the turbulent gas flow, and C is a constant or involves a limited number 
of scaling parameters. For example, Groff [28] used the relation 

2 = 2.273 + 1.681~, (3.144) 

and Tabaczynski et al. [69, 70] derived the function 

[ 'J"3 ( J1/9 ( , )"3 2=c!!.... Pu u L , 
SI SI Pu,o V 

(3.145) 

where L is a length scale proportional to the chamber height. 
Keck [39] found that the turbulence intensity is approximately proportional to 

the square root of the unbumed mixture density at the spark timing, 

( )
"2 

u' = 0.08U; ~ , (3.146) 

where index i denotes the inlet conditions and ui is the mean inlet gas speed: 

Ap 

ui = 'lv-crn' 
Aiv 

(3.147) 

In Eq. 3.147 'lv is the volumetrie efficiency, Ap the piston area, Aiv the maximum 
open area of the intake valve and Cm the mean piston speed. 
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In a more sophisticated approach the turbulence intensity is modeled by an 
analysis of the specific turbulent kinetic energy k. For isotropic turbulence one 
can write 

k _ ~( ,2 , 2 , 2) _ ~ ,2 
- Ux+Uv+U z - U 2 . 2 

(3.148) 

where k can be derived by Eqs. 3.125-3.128. The only difference between the SI 
engine case here and the diesel application in Sect. 3.4.2 is that the last term on the 
right hand side of Eq. 3.127 representing the kinetic energy of the diesel jet now 
reduces to zero. 

Blizard and Keck [7] developed a mass buming rate formulation that is slightly 
different than the general formulation in Eq. 3.138. In their widely applied so­
called entrainment model they assume that the large eddies entrain fresh mixture 
into the turbulent flame brush whereas the small eddies bum in a laminar manner. 
The mass buming rate is written as 

dmb f.1 
-- = PuAfsf +-

dt Tb 

(3.149) 

where f.1 is a parametric mass that is interpreted as the mass entrained within the 
flame region that has yet to bum: 

(3.150) 

1r = pu Af u'(I-exp[-t /Tb ])- ~ . (3.151) 

The characteristic buming time Tb is the ratio of a length scale Land the laminar 
flame speed SI 

(3.152) 

where the length sc ale L is approximated in terms of the intake valve lift L iv : 

( )

3/4 

L=08L Pi 
• IV 

Pu 
(3.153) 

3.5.2 Gas Composition 

The cylinder contents are often modeled by defining two different zones within 
the combustion chamber, one containing unbumed mixture and the other contain­
ing bumed combustion products. Each zone is considered to be ideally mixed at 
any time and a spatially independent pressure is assumed over the entire cylinder. 
The first law of thermodynamics can be applied for both the unbumed and bumed 
zones, denoted by subscripts U and b, respectively. Neglecting flow into crevices 
and blowby we obtain 
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~(m u ) = dQw,u _ p dVu -h dmb 
dt u u dt dt u dt ' 

(3,154) 

~(m u ) = dQw,b + dmb LHV _ p dVb +h dmb , 
dt b b dt dt dt u dt 

(3,155) 

The two energy balances are coupled through equations of state, e,g, the ideal gas 
law, and continuity considerations: 

pv;, = muRuTu ' (3,156) 

pVb = mbRbTb, (3,157) 

Vu+Vb=v"yl' (3,158) 

mu + mb = mcyl ' (3,159) 

The above set of first-order ordinary differential equations can be solved when 
the mass buming rate dmJdt is specified, This can either be done by an empirical 
approach such as the Wiebe function discussed in Chap, 2, or on the basis of the 
flame speed analysis described in Sect. 3.5. 1. If the latter method is chosen addi­
tional geometric assumptions have to be made. Often a spherical flame surface 
with an origin at the spark plug as indicated in Fig, 3.26 is assumed in order to 
calculate the effective flame surface area that determines the integral mass buming 
rate by Eq. 3.138. It should be noted however, that a sphere represents the small­
est possible ratio of flame surface area to bumed volume. Therefore, the effective 
flame area and the mass buming rate may be significantly underpredicted as the 
real flame shape can be distorted due to turbulence effects and interactions with 
the chamber walls. 

Furthermore, it should be noted that the assumption of an ideally mixed bumed 
zone may cause errors in the results. While the unbumed zone is fairly weIl re­
produced by this uniform temperature concept, significant temperature gradients 
may exist in the bumed gases due to the differences between first buming and then 
compressing the bumed gas, as compared to first compressing and then buming 
the fresh mixture [57]. This problem could be diminished by considering multi­
ple, subsequently generated product zones as described in the diesel engine mod­
els in Sect. 3.3.2. 

3.5.3 Engine Knock 

Fundamentals 

Engine knock is an SI engine phenomenon where the compressed end gas, i.e. the 
unbumed portion of the air-fuel mixture within the cylinder, ignites before it is 
reached by the propagating flame front, Fig. 3.28. This ignition can be caused by 
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either surface ignition at hot spots on the combustion chamber walls or by sponta­
neous autoignition within the unburned mixture. Primary sources for surface igni­
tion are hot exhaust valves, spark plugs and metal asperities such as edges of head 
cavities or piston bowls [30]. They have to be avoided by the engine designer, 
e.g. by not placing these hot spots towards the end of the regular flame path. 
Autoignition may generally occur because of the pressure and temperature in­
crease in the unburned mixture that is caused by the expansion of the hot combus­
tion products within the burned region of the combustion chamber. 

In both cases the essentially instantaneous release of a significant quantity of 
energy causes a shock wave to propagate from the end gas through the combustion 
chamber. This shock wave, an accompanying expansion wave, and the reflections 
of these waves by the cylinder walls result in substantial pressure oscillations that 
are characteristic for engine knock. A typical pressure trace of an engine experi­
encing knock is displayed in Fig. 3.29. In case of knock the pressure is no longer 
uniform throughout the combustion chamber but steep spatial gradients exist. The 
significant amplitude of the pressure fluctuations is clearly audible and can cause 
severe damage to the engine structure. Thus, its occurrence must be excluded by 
designing compact combustion chambers with central spark plug locations and 
short flame paths or by retarding the spark timing. However, the latter option will 
reduce the thermal efficiency of the engine. 

early stages 01 combustion 

unburned + ~f1ame 
gases ~ --rI 

later stages 

knock 

Fig. 3.28. Schematic illustration of engine knock [57] 

OT crank angle 

Fig. 3.29. Pressure trace for an engine experiencing knock 
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The chemical kinetics goveming autoignition in hydrocarbon-air mixtures are 
very complex, e.g. [30, 73]. However, it is widely agreed that in iso-paraffinic fu­
eIs that exhibit two-stage ignition behavior (a cool flame followed by a hot flame) 
hydroperoxides are important intermediate species found in increasing concentra­
tions within the end gas of a combustion chamber. Hydrogen peroxide which is 
relatively stable at temperatures below SOO K is produced by the chain propaga­
tion reaction 

(3.160) 

where R denotes an organic radical. At higher temperatures H20 2 quickly decom­
poses into two hydroxyl radicals, representing the major chain branching step in 
autoignition: 

(3.161) 

Müller and co-workers [49, 50] have developed reduced reaction mechanisms 
for autoignition of n-heptane and mixtures of n-heptane and isooctane, respec­
tively. In ref. [49] a three-step mechanism was proposed that describes the reac­
tion path from fuel F via an intermediate species 1 to combustion products P: 

F+aOz ~ P 

F+20z ~ 1 (3.162) 

1 +(a-2)Oz ~ P 

The species are defined as 

ON (ON) F=--·CsH1S + 1-- ·C 7 H16 
100 100 

I=-·J + 1-- .J +H 0 ON (ON) 
100 s 100 7 Z 

(3.163) 

P=[S. ON +7.(1- ON)].CO +[9. ON +S.(I- ON)].H 0 
100 100 2 100 100 2 

where ON is the fuel octane number, ais the stoichiometric coefficient of oxygen 

a = 12.5 . ON + 11. (1- ON) 
100 100 ' 

(3.164) 

and hand 18 denote the peroxides OC7H1300H and OC8H1SOOH, respectively. 

Modeling 

The simplest, yet least predictive method to model knock in SI engines is to utilize 
the ignition or knock integral as it is used in phenomenological diesel combustion 
models (Eq. 3.79) and to apply it to the unbumed zone of end-gases, 
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t, 1 
Ik = f-dt = 1, 

o T 

(3.165) 

where t is the elapsed time from the start of the end-gas eompression proeess and 
tk is the time of autoignition. The induetion time T is modeled by an Arrhenius 
equation. Several suggestions have been proposed for the respeetive eonstants. 
Probably the most widely used relation is the one by Douaud and Eyzat [19], that 
relates the induetion time to the oetane number of the fuel: 

( )
3.4017 ( ) 

T = 18.69 ~~ p-17 exp 38~K . (3.166) 

It should be noted though that Eqs. 3.165 and 3.166 represent a signifieant abstrae­
tion of the real problem, and eonsequently it is often not possible to aecurately de­
seribe the onset of knocking over an entire engine map. A readjustment of the pa­
rameters in Eq. 3.166 may therefore be necessary in order to predict knock for 
varied operating eonditions or different engine types. 

In order to yield a formulation of greater applicability Franzke [25] proposed 
that the ignition or knocking integral expressed by Eq. 3.165 has to exceed unity 
prior to a speeific erank angle rtJk in order to result in knoeking engine perform­
ance. This crank angle rtJk is related to the eombustion duration by the relation 

K= (jJk-(jJl% , (3.167) 
(jJ95% -(jJl% 

where (jJl% and ~5% denote the crank angle positions of 1 % and 95% mass conver­
sion, respectively. The factor K needs to be determined for one referenee ease per 
engine and thereafter rtJk can be calculated by rearranging Eq. 3.167 for other oper­
ating conditions as weIl. 

Worret et al. [76, 77] investigated a database of 1700 operating eonditions of a 
Mereedes-Benz 6-cylinder inline gasoline engine, including 142 data points di­
rectly at the knock limit. The engine parameters varied in the study were engine 
speed, equivalenee ratio, residual mass fraction, inlet temperature and pressure as 
weil as compression ratio. They suggested to replaee Eq. 3.166 by 

2 37 -1.299 (4617 K) T =. . p ·exp , 
T 

(3.168) 

but realized that Eq. 3.167 was still not generally applicable since the variance in 
the K-faetor was found to be as large as ±30% for the 142 data points at the knock 
limit. To overcome these shortcomings they defined the K-faetor in terms of the 
75%-mass-conversion timing which is typieally characterized by a greater repeat­
ability than the 95%-timing. Furthermore, they found that both the critieal quan­
tity of the ignition integral hand the K-faetor need to be related to the air-fuel 
equivalence ratio A. and the 50%- and 75%-mass-conversion timings for varying 
operating conditions: 
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I k f{J75% + 6 [ )

-0.557 

I k ,re! = f{J75%,re! + 6 ' 
(3.169) 

K f{JsO% + 8 1.292 - 0.251· A 
[ )

-0,236 [ ) 

K re! = f{JSO%,re! + 8 . 1.292 - 0.251· Are! • 
(3.170) 

The subscript re! refers to one global reference case at the knock limit which is 
defined by n = 2000 rpm, A = 1, Tint = 298 K, Pint = 99.5 kPa and an ignition 
timing at -17.250 A TDC for the investigated engine. The induction time T was 
computed by Eq. 3.168 which results in a value of 1.0 for the reference knock in­
tegral h,rej. 
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4 Fundamentals of Multidimensional CFD-Codes 

4.1 Conservation Equations 

The abbreviation CFD stands for fomputational fluid gynamics which indicates 
the numerical solution of multidimensional flow problems that may be of unsteady 
and turbulent nature. In general, multidimensional flow problems are govemed by 
conservation principles for mass energy and momentum. The application of these 
principles results in a set of partial differential equations in terms of time and 
space that need to be integrated numerically as they are too complex to be solved 
analyticaIly. 

For the sake of simplicity and c1eamess the subsequent analysis is based on 
single-component, single-phase flows. However, it should be noted that in engine 
combustion chambers the gas phase usually consists of multiple components that 
are subject to chemical reactions. Furthermore, in direct injection engines two­
phase flows with evaporating fuel droplets are encountered. In order to take ac­
count of these effects, additional transport- or source-terms have to be added to the 
conservation equations as it is indicated in Sect. 4.5. 

Mass Conservation 

The continuity equation based on mass conservation can be derived for an infini­
tesimal volume element dV = dXt dX2 dx3 as indicated in Fig. 4.1. In a Eulerian 
approach, i.e. with a coordinate system fixed in space, the control volume is fixed 
in space as weIl. It can be passed by the flow without resistance and the mass 
within the control volume will increase if the inflow exceeds the outflow. In the 
opposite case it will decrease. Either case is associated with a density change in 
the control volume. The mass balance reads 

~(dxldx2dx3P)=dm, +dm, +dm , 8t ., ·2 X3 
(4.1) 

where 

and the second and third terms on the right hand side of Eq. 4.1 are treated accord­
ingly. Furthermore, the second term on the right hand side of Eq. 4.2 can be ex­
pressed by a Taylor series, 
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(4.3) 

and we obtain 

(4.4) 

The terms dmx and dm x are again treated accordingly. Since the size of the 
control volume 'is constantJ with time, the dx; in Eq. 4.1 can be taken out of the dif­
ferential operator. Combining Eqs. 4.1 and 4.4 then yields the general form of 
mass conservation: 

8p +~(PVi)=O. 
8t 8xi 

(4.5) 

In Eq. 4.5 and throughout this chapter the Einstein convention will be utilized. It 
states that whenever the same index appears twice in any term, summation over 
the range of that index is implied, i.e. 

8p +~(pv)= 8p + 8(pv j ) + 8(pv2 ) + 8(pv3 ) =0. (4.6) 
8t 8xi I 8t 8x j 8x2 8x3 

In many applications the fluid may be treated as incompressible. This is true 
not only for flows of liquids, whose compressibility may indeed be neglected, but 
also for gases if the Mach number is below approx. 0.3 [3]. Applying the chain 
rule, Eq. 4.5 can be written as 

8p 8p 8vi -+v.-+p-=O, 
8t '8xi 8x i 

(4.7) 

and for incompressible flows (p = const.) it reduces to 

div(v) == Bvi = O. 
8xi 

(4.8) 

,;(!, dX1 

(mX2)X2 

Fig. 4.1. Mass fluxes entering and exiting the contral volume 
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Momentum Conservation 

The Navier-Stokes equations for conservation of momentum can be derived in a 
similar manner as the mass conservation equation in the above section. This pro­
cedure is carried out in detail in many textbooks about fluid mechanics, e.g. [3, 
15], and therefore only a short summary and the resulting equations will be given 
at this point. 

As opposed to the mass conservation equation, Eq.4.5, there is not only one 
equation for conservation of momentum, but one for each of the three Cartesian 
dimensions x" X2 and X3. Based on the principle that the temporal change of the 
momentum equals the sum of all external forces acting on the infinitesimal control 
volume, the following equation is obtained for each of the three dimensions x/ 

8(pv) 8(pv) 8p 8Tij 
--+v--=--+-+pF, j=1,2,3 

8t '8x j 8x j 8x j J 
(4.9) 

The first term on the right hand side of Eq. 4.9 denotes the pressure gradient in di­
rection Xj' the second term includes the stress tensor 

'X1X2 r j 
'"" ~::, ' 
'X3X2 X3 X3 

(4.10) 

and the external forces Fj are typically zero in X,- and x2-direction and equal to the 
gravitational force in vertical xrdirection: 

(4.11) 

The viscous stress tensor Tij accounts for momentum transfer due to friction. 
For Newtonian fluids, i.e. if f.1 7= f ( T ), Stokes' postulation (1845) states that the 
shear stresses are proportional to the velocity gradients, with the molecular viscos­
ity as the proportionality factor: 

( 8v av j ) 2 av. 
T .. = 11 -' +- -6.-11-' 

'J raa 1J3ra' 'X j 'Xj 'Xj 

(4.12) 

~j is the Kronecker delta, and for incompressible flows (av j /8x j = 0) the second 

term on the right hand side of Eq. 4.12 cancels out, such that Eq. 4.9 becomes 

( 8v . 8v J 8p ( 82 
V . ) P _J+Vj_J =--+f.1 -+ +pFj , j=1,2,3. 

8t 8x j 8x j 8x j 

(4.13) 

Energy Conservation 

In addition to mass and momentum conservation, energy conservation, i.e. the first 
law of thermodynamics, has to be solved to describe velocity, pressure and tem­
perature distributions in non-isothermal flows. The general form of the energy 
equation for a control volume fixed in space reads 
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(4.14) 

That is, the rate of change in total energy E within the control volume is equal to 
the difference in energies transferred by entering and exiting mass flows, plus the 
work rates associated to gravitation, pressure and viscous forces, plus the net rate 
of heat transfer to the control volume. 

The derivation of the each terms in Eq. 4.14 is shown in detail e.g. in ref. [14]. 
Neglecting the potential energy and utilizing the relation h = u + p / p, the thermal 
energy equation can be written by the formulation 

( 8h 8h J . . . 
p dx j dX2 dx3 - + Vi - = Qin - Qout + Wdiss 

8t 8x i 

(4.15) 

after some re arrangements. Wdiss indicates the work added to the control volume 
by dissipation. In most technical applications this term can be neglected. How­
ever, in high Mach number flows a significant temperature rise can be caused by 
dissipation. An example is the reentry of spacecrafts into the earth atmosphere. 

Assuming that the heat transfer is solely caused by conduction, i.e. radiation is 
neglected, the exchange in xj-direction becomes 

.. 8Qx, 
Qx"in -Qx"oul = -dx2 dx3 -a dx j , 

xj 

(4.16) 

where Q indicates the heat flux in W/m2• This heat flux can be expressed by Fou­
rier' s law as 

. =-k 8T 
qi a' 

Xi 

(4.17) 

where k is the thermal conductivity which is often assumed to be approximately 
constant. Therefore, the thermal energy equation becomes 

p(8h +v 8hJ=k 82T 
8t 18xi 8x; , 

(4.18) 

and if it is further assumed that the fluid can be described by the caloric equation 
of state for an ideal gas we obtain 

pe (8T + v 8T J = k 82T . (4.19) 
p 8t ' 8xi 8x; 

4.2 Numerical Methodology 

Direct Numerical Simulation (DNS) 

The Navier-Stokes equations are generally valid for both laminar and turbulent 
flows, and therefore the obvious and most accurate approach would be to solve the 
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equations directly on a discretized grid that is fine enough to resolve the smallest 
length sc ales of the flow problem. This method is called direct numerical simula­
tion and represents the simplest approach from a conceptual point of view. The 
smallest length scales are defined by the size of the smallest eddies, that are im­
portant for dissipation of turbulent kinetic energy and are characterized by the vis­
cously determined Kolmogorov length scale. This length scale becomes smaller 
for increasing Reynolds numbers. An additional constraint for the grid spacing in 
two phase flows may be imposed by the size of the liquid drop lets contained in the 
gas phase. 

For typical conditions inside an engine cylinder the above criteria would re­
quire a grid point spacing of approx. 10 flm, resulting in a total of about 1012 grid 
points for a combustion chamber with a bore of 10 cm. However, a reasonable 
number of grid points that can be handled with today' s computer systems is in the 
range of 106• Even with the expected rapid progress in computer technologies an 
increase of another six orders of magnitude in computer power will not be possi­
ble in the foreseeable future. Therefore, direct numerical simulation is not suitable 
for solving engineering problems, but it is constrained to fundamental research 
applications with relatively low Reynolds number flows and geometrically simple 
domains [3]. Nevertheless, DNS is useful in that it can provide detailed informa­
tion about any variable of interest at a large number of grid points. These results 
may be regarded as equivalent of experimental data and can be used to produce 
statistical information or to create a numerical flow visualization. The wealth of 
information helps to get a better understanding of the complex flow phenomena 
and can be used to construct and validate other quantitative models, e.g. of LES or 
RANS type, that will allow other, similar flows to be computed. 

Typical examples of DNS applications are the ca1culation of relatively low 
Reynolds number flows with a small number of species in a simple geometric do­
main, e.g. the two-dimensional ca1culation of an opposed jet hydrogen-air flame 
[7]. 

Large Eddy Simulation (LES) 

Large eddy simulation is an approach in which only the large-scale eddies of the 
flow are resolved, in order to reduce the necessary number of grid points. Conse­
quently, the behavior of the smaller eddies needs to be described by appropriate 
semi-empirical submodels. This procedure seems reasonable since the large ed­
dies, that are of the order of the integrallength scale, contain the major fraction of 
energy and are much more important in the transport of the conserved quantities 
than the smaller eddies. Moreover, the smaller eddies typically show a more iso­
tropic behavior and are therefore easier to assess by modeling approaches than the 
large eddies directly resolved in LES. Figure 4.2 displays a qualitative compari­
son between direct numerical simulation and large eddy simulation. Whereas 
DNS resolves all spatial and temporal fluctuations of the flow, LES essentially 
represents a local average of the complete field. Obviously, DNS is the preferred 
method whenever it is feasible, because it is the more accurate method. LES is 
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preferred in applications where the geometry is more complex and where the Rey­
nolds number or the number of chemical species are too high for DNS. 

The classification into large and small eddies is made by filtering the flow field 
by a specific cutoff length scale, referred to as ,1, that is appropriate for the prob­
lem. Since the small eddies are not resolved, the Navier-Stokes equations are ex­
pressed in terms of averaged quantities similar to the form obtained in the RANS 
equations described in the following subseetion. Submodels are then needed to 
estimate the local mean fluctuations of the small-scale turbulence which is done 
by so-called subgrid-scale (SOS) Reynolds stress models. Several different types 
of such semi-empirical SOS models have been proposed in the past. An overview 
as weIl as references containing the details have been given in ref. [3]. 

It should be noted that a number of difficulties still exist in LES. To begin 
with, the selection of the cutoff length scale ,1 is not straightforward. In many 
problems the Reynolds number and thus the characteristic length scales are not 
constant over the entire geometrie domain. Moreover, the flow structure near 
walls is typically highly anisotropie. All this means that the appropriate ,1 and the 
resulting grid resolution have to be carefully adjusted to a particular flow problem. 
A more thorough discussion of this issue can be found in refs. [3] and [10]. An 
additional problem with both DNS and LES is that there are no 'standard-models' 
available that are suitable for any purpose. Because of the significant require­
ments with respect to computer power and memory the programs are typically de­
signed for a particular purpose, i.e. they are written for a specific geometry and 
contain special programming elements designed to obtain the highest performance 
on a particular machine. 

Vi DNS 

LES 

777777777777777777777777 

Fig. 4.2. Schematic representation of turbulent motion (Jeft) and the time dependence of a 
velocity component at a specific spatial position (right) [3] 

Vi 

Fig. 4.3. Reynolds-averaging for an unsteady flow 
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While LES methods are less costly than DNS, they are nevertheless still very 
expensive in terms of computer time. Therefore, their application is currently lim­
ited to more fundamental research tasks as opposed to studies of general engineer­
ing problems. However, LES models have been applied to investigate specific 
problems in engines as well, e.g. turbulent diffusion combustion in diesel engines 
[11], and this trend is likely to be extended with more powerful computer technol­
ogy becoming available in the future. 

Reynolds-A veraged Navier-Stokes Equations (RANS) 

Because of the problems encountered with DNS and LES when calculating com­
plex flows with high turbulence levels, a third method of solving the Navier­
Stokes equations is often applied in engineering problems. It is called the Rey­
nolds-averaged method because it is based on ideas proposed by Osborne Rey­
nolds over a century ago. In this approach the instantaneous values of the con­
served quantities of the turbulent flow are split into an averaged value denoted by 
an overbar n and a fluctuation about that value denoted by the superscript ('). A 
schematic illustration of this concept is shown in Fig. 4.3 for the velocity compo­
nent Vi: 

V/x, t) = V; (x,t) + v;(x, t) . (4.20) 

The procedure is similar to the one used in LES models, but in contrast to LES 
the RANS method represents an ensemble average over the entire range of turbu­
lent eddies rather than local averages that still allow aprediction of large scale 
fluctuations. Hence, with the RANS approach it is not possible to predict specific 
eddies but only the mean effect of the entire turbulence spectrum. An additional 
consequence is that the RANS approach cannot be utilized in order to estimate cy­
cle-by-cycle variations of the flow within a combustion chamber. 

When the Reynolds approach, Eq. 4.20, is substituted into the conservation 
equations for mass, momentum and energy specified in Sect. 4.1, the following re­
lations are obtained for the case of incompressible flow in the absence of external 
forces: 

( 4.21) 

j = 1,2,3 (4.22) 

(4.23) 

T;j and qi are calculated according to Eqs. 4.12 and 4.17, respectively, how­
ever in terms of the averaged quantities instead of absolute quantities. Equations 
4.21 to 4.23 have a similar form to the original set of conservation equations, 
Eqs. 4.8, 4.13 and 4.19, with the exception that two additional terms have been 
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added due to the averaging process. These are the turbulent shear, or Reynolds 
stress tensor, 

" --p vYj == Tij" ' (4,24) 

and the turbulent flux of a conserved scalar (in this case, the turbulent heat flux): 

(4.25) 

The terms can be interpreted in a way, that the presence of turbulent eddies en­
hances the viscous stresses as well as the diffusion of a conserved scalar, i.e. heat 
conduction in the case of the energy equation, compared to a laminar flow with 
absolute properties equal to the ensemble averaged properties of the turbulent 
flow. 

However, both the turbulent shear and the turbulent scalar flux cannot be 
evaluated based on first principles, which is commonly referred to as the closure 
problem, see e.g. ref [3]. Instead, some approximations are needed in order to 
model those quantities, usually in terms of mean quantities of the flow field. Most 
often the Boussinesq approximation (1877) is applied which is also referred to as 
eddy-viscosity model or, in case of a conserved scalar, eddy-diffusion model. It 
assumes that the Reynolds stress tensor T;j" may be modeled in analogy to the vis­
cous stress tensor 'rij in Eq. 4.12, 

T = -+- -6 - k _ [iN; Ovj ) 2 
ij,' f.1, 8xj 8xi ij 3 P , (4.26) 

where f.1t is referred to as the turbulent viscosity and k is the turbulent kinetic en­
ergy which is further discussed in Sect. 4.3. It should be noted that while f.1, has 
the same dimensions as the molecular viscosity f.1, it is not a fluid property but 
rather a property of the turbulence. 

Accordingly, the turbulent scalar flux is modeled in analogy to Fourier's law, 
Eq. 4.17, For the energy equation the turbulent heat flux becomes 

- 8T 
qi" = -k, -a ' 

Xi 
(4.27) 

where kt is the turbulent conductivity which is, like the turbulent viscosity, not a 
fluid property but a turbulence property. In analogy to laminar flows, the ratio of 
turbulent viscosity to turbulent thermal diffusivity is defined as the turbulent 
Prandtl number 

Pr, = ~ = f.1,Cp , (4.28) 
a, k, 

which is often assumed to be close to unity in undisturbed turbulent flows. Thus, 
it now becomes a task of approximating the turbulent viscosity of the flow field by 
so-called turbulence models. The turbulent conductivity can then be estimated 
based on Eq. 4.28. 
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4.3 Turbulence Models 

It should be noted, that with the RANS approach the entire unsteady behavior of 
the turbulent flow field is included in the turbulent Reynolds stress and in the tur­
bulent diffusivities that are determined as time-averaged quantities themselves. 
The complexity of turbulent flows makes it improbable, to say the least, that a sin­
gle turbulence model is capable of predicting the non-linear behavior of the Na­
vier-Stokes equations for all possible flow configurations and geometries. Hence, 
the turbulence models should be seen as approximations of the turbulent flow 
rather than generaliaws. 

As noted above, the turbulent viscosity f.1t has the same dimension as the mo­
lecular viscosity fl and can therefore be expressed by the general formulation 

fl, = C!1 . P ·1 . q , (4.29) 

where C 11 is a dimensionless constant and land q are characteristic length scales 
and velocities, respectively, that need to be modeled appropriately. Several differ­
ent modeling methods with different degrees of complexity have been suggested. 
Typically, they are distinguished by the number of partial differential equations 
that have to be solved. Algebraic models are referred to as zero-equation models, 
whereas one- and two-equation models require the solution of one and two partial 
differential equations for turbulent exchange properties, respectively. 

Mixing-Length Model 

One of the simplest and most ostensive turbulence models is the so-called mixing­
length model which has been suggested by Prandtl in 1920. It is based on the idea 
that a turbulent eddy travels a mixing length I until it has completely mixed with 
its surroundings and lost its identity. In a purely algebraic approach, the velocity 
is assumed to be q = I· ov/8y, and the turbulent viscosity becomes 

21
8V

1 fl, = pi 8y . 
(4.30) 

The mixing length I depends predominantly on the distance y from a wall, and 
several relations have been suggested for positions inside and outside the bound­
ary layer [14]. However, while satisfying results may be achieved for simple 
flows, accurate prescription of I is hardly possible for highly three-dimensional 
flows. Thus, more detailed one- and two-equation turbulence models have been 
developed that rely on solving partial differential conservation equations for turbu­
lence quantities in order to determine the turbulent viscosity. 

k-sModel 

A widely applied turbulence model is the two-equation k-Ii model that is based on 
partial differential equations for the turbulent kinetic energy k and its dissipation 
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rate t:. In this model the characteristic velocity q is taken as proportional to the 
square root of the turbulent kinetic energy k, and Eq. 4.29 becomes 

(4.31) 

k is defined as the kinetic energy of the turbulent fluctuations 

(4.32) 

and its conservation equation can be derived in analogy to the energy conservation 
equation in Sect. 4.1 [14]. After several mathematical re arrangements the form 

8k - 8k 8 (Vi 8k) OVj [OVj 8"V; J 
at+ Vi 8xi = 8xi Ck 8xi +V, 8xi 8xi + 8x j -t: 

(4.33) 

is obtained, where V, = flt/p. An additional equation is necessary to determine the 
length scale I of turbulence in Eq. 4.31. The choice is not obvious and a number 
of equations have been used for this purpose. The most popular one is based on 
the observation that the dissipation of turbulent kinetic energy is needed in the en­
ergy equation. In so-called equilibrium turbulent flows, that are characterized by 
near-balance production and dissipation rates of turbulent kinetic energy, the dis­
sipation rate t: may be related to k and I by 

e12 

t:=--. 
I 

(4.34) 

This is based on the concept that there is an energy cascade from the largest scales 
to the smallest ones, and that the energy transferred to the smallest scale is dissi­
pated. 

The derivation of the conservation equation for the dissipation of turbulent ki­
netic energy from the Navier-Stokes equations is not straightforward, however it is 
possible and it can be shown that the following form results: 

8t: - 8t: 8 (V, 8t: J t: ovj [OVj 8"V; J t:2 
-+Vi -=- -- +C1-v,- -+- -C2 -· 
8t 8xi 8xi Ce 8xi k 8xi 8xi 8x j k 

(4.35) 

Combining Eqs. 4.31 and 4.34 yields the relation for the turbulent viscosity: 

e 
f.1, =CI'P-' 

t: 
(4.36) 

The five empirical constants Ci in the above equations are not universal though, 
and have to be adjusted to a specific problem. However, most often the following 
values are recommended: 

Cp = 0.09, Cl = 1.44, C2 = 1.92, Ck = 1.0, 
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Outlook on Further Turbulence Models 

As pointed out earlier, the two-equation k-[; model is not generat in nature but 
needs to be adjusted to a speeifie flow problem. While this ean be done with rea­
sonable sueeess in two-dimensional flows, diffieulties typically oeeur in flows that 
are three-dimensional and of transient nature. In order to overeome these defi­
eieneies, a variety of other, more detailed turbulenee models has been suggested. 

Improvements of the linear k-[; model, based on the theory of renormalization 
groups (RNG), have been aehieved by Yakhot and eo-workers [16, 17] and have 
been sueeessfully introdueed to spray eombustion modeling by Han and Reitz [4]. 
One of the features of the new model is that all eonstants of the standard k-[; model 
ean be evaluated by the theory explieitly based on eertain assumptions and 
mathematieal development. Moreover, an additional term is included in the eon­
servation equation for the dissipation rate [; that changes dynamieally with the rate 
of strain of the turbulenee. This results in more ace urate predietions of flows with 
rapid distortion and anisotropie large sc ale eddies. An assessment of the model 
performance was made by simulating a direet injeetion diesel engine and it was 
found that eonsiderable improvements eompared to the standard k-[; model are ob­
tained in spray and eombustion ealeulations due to the higher strain rates assoei­
ated with spray-generated turbulenee [4]. For eompression/expansion ealculations 
and for high Reynolds number flows in general, the additional term in the [;­
equation of the RNG model does not make signifieant eontributions to the predie­
tions. 

Tanner et al. [13] included non-equilibrium turbulenee eonsiderations based on 
rapid distortion theory into the RNG k-[; model in order to better deseribe the tran­
sient behavior of turbulent flows in engine eombustion ehambers. The approach is 
motivated by the idea that the different turbulenee seales within the flow respond 
with different time seales to changes in the maeroseopie flow field and that the 
equilibrium assumption is not justified. The non-equilibrium turbulenee model 
was tested by simulating eompression and diffusion combustion in two direet in­
jeetion diesel engines and it was shown that pressure traees and heat release rates 
eould be calculated with less parameter adjustment than neeessary with the equi­
librium RNG k-[; model. 

A number of so-ealled Reynolds stress models have been proposed based on a 
work by Launder et al. [6] in order to improve the predietive quality in three­
dimensional flow problems. In anisotropie turbulent flows the eddy viscosity may 
no Ion ger be treated as a sealar but in fact beeomes a tensor quantity. Thus, eaeh 
eomponent of the Reynolds stress tensor r;j.t is modeled by aseparate algebraie 
or differential equation. This means that, beeause the tensor is symmetrie, an ad­
ditional six partial differential eonservation equations have to be solved in the lat­
ter ease. Consequently, the eomputational expenditure is inereasing signifieantly 
eompared to the k-[; model. It is obvious though, that the Reynolds stress models 
have a greater potential to prediet three-dimensional, anisotropie turbulent flows 
as they may oeeur espeeially near walls. However, this potential has not been 
fully utilized yet and further research is still in progress. Applieation of Reynolds 
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stress models to practical engine configurations, particularly to combustion model­
ing in engine flows, has been rare so far. 

It should be noted, that there is not a single turbulence model known, that is 
generally applicable to all possible flow configurations and produces equally satis­
fying results for all problems. Instead, the choice of an appropriate turbulence 
model still very much depends on the specific nature of the investigated flow 
problem. For a more detailed review of turbulence models the reader is referred to 
Libby [8] or the referenced literature. 

4.4 Boundary Layers and Convective Heat Transfer 

An important topic in the modeling of engine flows is the convective heat transfer 
between cylinder gases and combustion chamber walls, as it directly affects ther­
mal loads on essential engine components, engine efficiency as well as pollutant 
emissions. The convective heat transfer strongly depends on the flow velocity and 
turbulence level of the fluid phase and on the conditions within the velocity and 
thermal boundary layers that develop at the surface of a solid wall. 

However, in high Reynolds number flows as they are encountered in 
in-cylinder flows of combustion engines the boundary layers are typically ex­
tremely thin. Therefore, a direct numerical simulation (DNS) that would require 
multiple grid cells to resolve the boundary layer is not feasible. Instead, the veloc­
ity and thermal boundary layers are often approximated by so-called wall func­
tions [5]. They can be viewed as semi-empirical models that may be classified in 
between the DNS and the fully empirical models, that are based on Eq. 2.22, 
Fig.4.4. 

accuracy, complexity, comp. expenditure 

empirical models 
e.g. Woschni 

semi-empirical models 
e.g. wall functions 

modeling degree 

Fig. 4.4. Classification of wall heat transfer models 

yl----+/ 

, 

direct numerical 
simulation (DNS) 

Fig. 4.5. Velocity boundary layer for turbulent flow above a solid wall 
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Velocity Boundary Layer 

Assuming a two-dimensional steady turbulent flow of an incompressible fluid 
above a solid wall with a negligible pressure gradient parallel to the wall 
(8pI8x=0), the Reynolds-averaged mass and momentum equations within the 
boundary layer can be combined to 

8 (8ii -,,) 0 8y fl 8y - pu v = , (4.37) 

where u and v are the velocity components parallel and normal to the wall, respec­
tively, Fig. 4.5 [2]. Integration yields 

dU , , 
fl-- pu v = const = 'w' 

dy 
(4.38) 

where the integration constant becomes the wall shear stress 'W. This is because 
the Reynolds stress pu'v' becomes zero at the wall (y = 0) and the effective shear 
stress, i.e. the sum of viscous and turbulent (Reynolds) stresses, is constant within 
the boundary layer: 

'w 8ii -,-, 
-=v--uv. 
p 8y 

(4.39) 

By utilizing Eqs. 4.24 and 4.26 the above relation can also be written as 

'w ( ) 8ii -= v+v, -. 
P 8y 

(4.40) 

The left hand side of Eqs. 4.39 and 4.40 has the dimension of a velocity 
squared, and it is commonly referred to as the shear velocity Ur"-

u, = J,w I p . (4.41) 

This quantity is utilized in order to bring the velocity and the distance from the 
wall to a dimensionless form, 

Equation 4.40 now becomes 

8u+ 

+ u,y 
Y =-. 

v 

8y+ l+v,lv' 

(4.42) 

(4.43) 

and in order to integrate this relation the boundary layer is divided into two 
sublayers: a viscous sublayer directly at the wall and a fully turbulent layer on top 
of the viscous sublayer, Fig. 4.6. It is now assumed that within the viscous 
sublayer the molecular momentum transport is much greater than the turbulent 
one, i.e. (v» Vt), while in the fully turbulent sublayer the turbulent momentum 
transport is predominant, i.e. (v« Vt). Obviously, there must also be a transition 
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regime with (v"'" v,) between the two layers. However, this regime is usually ne­
gleeted sinee it turns out that the two-Iayer model represents a very good ap­
proximation already. 

For the viseous sublayer the right hand side of Eq. 4.43 reduees to unity and in­
tegration yields 

Viseous sublayer: (4.44) 

Le. the velocity inereases linearly with the distanee from the wall. In the fully tur­
bulent region the right hand side ofEq. 4.43 reduees to 14v, and utilizing PrandtI's 
rnixing length model, Eq. 4.30, it ean be shown that the logarithrnie wall funetion, 

Fully turbulent layer: 
I 

u+ =-lny+ +C, (4.45) 
K 

is obtained by integration [9]. Kis the so-ealled Karman eonstant (K= 0.4) and C 
is an empirie al eonstant related to the thiekness of the viseous sublayer. It is typi­
eally set to C = 5.5. Figure 4.7 displays the velocity profile versus the wall dis­
tanee on a logarithmie seale. It ean be seen that the viseous layer is very thin 
(y+::; 5) and that the fully turbulent region is reaehed for dimensionless wall dis­
tanees greater than about 20. Beyond a dimensionless wall distanee of about 200 
the logarithmic wall funetion eannot be applied either. 

y 

fully turbulent layer 
(vIv,« 1) region 

b~~~~ 
Fig. 4.6. Two-Iayer model for turbulent boundary layers 
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Fig. 4.7. Velocity profile in a turbulent boundary layer 
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With Eqs. 4.44 and 4.45 the dimensionless veloeity is uniquely eoupled to the 
dimensionless wall distanee. However, in order to salve Eq. 4.42 far the absolute 
flaw veloeity U, whieh is the unknawn of primary interest, the shear veloeity Ur 

needs to be modeled. For this purpose it is often assumed that the flow is in loeal 
equilibrium, meaning the produetion and dissipation of turbulent kinetie energy 
are approximately equal. It this ease it ean be shown that Ur depends on the turbu­
lent kinetie energy k [9]: 

(4.46) 

This formulation however, is not without eontroversy beeause it is based on the 
assumption of isotropie turbulenee whieh is obviously eritieal in the immediate vi­
einity of a solid wall. 

Thermal Boundary Layer 

In general the thermal boundary layer behaves very similar to the veloeity bound­
ary layer, and eonsequently the heat flux is eommonly expressed in analogy to 
Eq. 4.40 in terms of a moleeular and a turbulent term, 

qw ( ) 8f --= a+a -
pCp , 8y' 

(4.47) 

where a and a, are the moleeular and turbulent thermal diffusivities, respeetively. 
Again, the temperature ean be brought into a dimensionless form as 

and Eq. 4.47 beeomes 

r = (f -Tw)ur 

qw /(pcp ) , 

1 a, -+-
Pr v 

(4.48) 

(4.49) 

Applying the same boundary layer model with a viseous and a fully turbulent sub 
layer as displayed in Fig. 4.6, and negleeting the terms (a,/v) and (llPr) in the vis­
eous and fully turbulent sublayers, respeetively, integration yields 

Viseous sublayer: 

Fully turbulent layer: 

Here Prt is the turbulent Prandtl number as defined in Eq. 4.28, and C(Pr) is 

() + Pr, + 
C Pr = Pr Yvisc - -ln YVisc ' 

K 

(4.50) 

(4.51) 

(4.52) 
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where Y:iSC is the thickness of the thermal viscous sublayer which is approxi­
mately equal to 13.2. It should be noted that the thickness of the viscous sublayer 
may be different for the temperature profile than it is for the velocity profile be­
cause at may differ from v" i.e. Prt 7= 1. 

In CFD-codes Eq. 4.48 can now be solved for the unknown wall heat flux q w if 
both the absolute and dimensionless temperatures fand rare known at a certain 
distance from the wall. A requirement is however, that the gas temperature f is 
known at a distance from the wall that lies within the range of validity of the loga­
rithmic wall function, i.e. the dimensionless wall distance y + needs to be less than 
approx. 200 as indicated in Fig. 4.7. This is a common source for uncertainties 
and grid dependencies in CFD-computations of combustion engines, since typical 
grid dimensions are often much greater than the boundary layer thickness. There­
fore, the / value corresponding to the first grid cell from the wall already exceeds 
the range of applicability of the logarithmic wall function. 

4.5 Application to In-Cylinder Processes 

The conservation equations for mass, momentum and energy, Eqs.4.5, 4.9 and 
4.19 are valid for single-component, single-phase flows. However, in engine 
combustion chambers there are chemical reactions taking place between multiple 
species. Furthermore, in direct injection engines two-phase flows with evaporat­
ing fuel droplets are encountered. As a consequence additional so-called trans­
port- or source terms have to be included in the conservation equations that ac­
count for the energy release and change in species concentrations due to 
combustion as well as for the interactions between the liquid and gaseous phases. 
Moreover, it is no longer sufficient to solve only one equation for total mass con­
servation but separate conservation equations have to be applied to each species 
considered in the system. In general, any conserved scalar, e.g. a species concen­
tration in a multi-component system, can be treated by aseparate conservation 
equation in analogy to the energy equation in the foregoing sections. The turbu­
lent conductivity in the energy equation of the RANS approach is then exchanged 
by a turbulent diffusivity of the respective scalar. Detailed formulations of the 
complete conservation equations for reactive multi-component two-phase flows 
have been presented by a number of authors, e.g. in refs. [1] and [12]. 

Whereas single-component single-phase flows can be modeled reasonably well 
with available CFD-codes, one of the challenges in today's modeling of combus­
tion engines is to describe the influences of two-phase flow and combustion phe­
nomena as accurately as possible. Specifically, source terms have to be included 
in the conservation equations for the various species concentrations in order to ac­
count for concentration changes due to spray evaporation and chemical reactions. 
The energy equation needs to be extended by terms describing heat transfer be­
tween the liquid and gaseous phases as well as heat released by chemical reac-
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tions. Finally, there may be momentum transfer between the two phases that has 
to be inc1uded in the Navier-Stokes equations for momentum conservation. 

Taking all these phenomena into ac count, the set of conservation equations for 
the gas phase that needs to be solved in CFD-codes describing spray and combus­
tion processes in engine combustion chambers can be summarized as folIows. For 
every chemical species m in the system, mass conservation can be expressed by its 
species density Pm as 

aPm a(PmVi) a [Da(Pm/P)) 'S 'C --+ = - P + Pm + Pm . 
at aXi aXi aXi 

(4.53) 

The first term on the right hand side of Eq. 4.53 is due to mass diffusion, whereas 
the second and third terms are the source terms due to spray effects and combus­
tion, respectively. 

In the presence of a liquid spray there can be momentum transfer between the 
two phases, such that the three gas phase momentum conservation equations (one 
for each spatial dimension j) become 

a(pv j ) a(pv j ) ap aTij s 
--+v.--=--+-+pF+pg. j=I,2,3 (4.54) 

at J ax ax ax J J 
I J I 

Obviously, gravity acts only in the vertical direction such that (gi = gz = 0), and 
pFj' indicates the momentum gain of the gas phase due to the spray. 

Finally, the energy equation becomes 

pCp -+Vi - =k-2 +- pD"f.hm +PE+Qs+QC, (4.55) ( aT aT) a2T a ( a(Pm / p)) .. 
at aXi aXi aXi m aXi 

where the second term on the right hand side describes the enthalpy transfer asso­
ciated with mass diffusion of species m in a multi-component system. The third 
term accounts for dissipation of turbulent kinetic energy and the fourth and fifth 
terms are the source terms due to spray and combustion. 

A wide variety of models describing the transport processes caused by drop let­
gas interactions and by combustion has been proposed in the literature. The mod­
els are partly based on different visions on physical and chemical subprocesses as 
weIl as on different numerical implementations. Chapters 5 and 6 will concentrate 
on discussing such submodels that are needed in order to determine the respective 
source terms. 
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5 Multidimensional Models of Spray Processes 

5.1 General Considerations 

5.1.1 Spray Processes in Combustion Engines 

Spray processes play an important role in many technical systems and industrial 
applications. Examples are spray cooling, spray painting, crop spraying, humidi­
fication and spray combustion in furnaces, gas turbines, rockets, as weIl as diesel 
and gasoline engines, to name only a few. Typical drop sizes in sprays vary over 
several orders of magnitude for different applications. Figure 5.1 gives a qualita­
tive c1assification of broad spray c1asses. 

In internal combustion engines sprays are utilized in order to mix the liquid fuel 
with air and increase its surface area for rapid evaporation and combustion. For 
example, on a first order approximation the evaporation rate is proportional to the 
overall surface area of the liquid fuel, and thus, disintegrating a 2 mm drop into 
about eight million drop lets of 10 Jlm increases the evaporation rate by a factor of 
200. Moreover, in direct injection engines (both diesel and spark ignition), where 
the fuel is injected directly into the combustion chamber in order to form an ignit­
able mixture with air, the spray is one of the most effective measures to control the 
combustion process. The kinetic energy of the spray represents the main source 
for turbulence production within the combustion chamber, and therefore governs 
the microseale air-fue1 mixing by turbulent diffusion as weIl as the flame speed of 
apremixed flame front. The spray significantly affects the ignition behavior, heat 
release and pollutant formation rates and thus the noise level, fuel consumption 
and exhaust emissions of an engine. Therefore, a thorough understanding of spray 

fog, smoke 

wavelength 
of visible light 

diesel spray 

aerosols 

low pressure 
atomizer 

sprayers sprinklers 

Fig. 5.1. Typical drop sizes for various classes of sprays. A representative size distribution 
is depicted for diesel sprays [79] 
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processes is vital for the design of modem combustion engines that are character­
ized by more and more flexible injection rate shapes. 

However, at the same time spray phenomena are very complex because the liq­
uid fuel drop lets interact in multiple ways with the turbulent gas phase and with 
the flame itself. Moreover, engine combustion chambers wherein the sprays per­
form represent a ho stile environment that is hard to access with appropriate meas­
uring techniques without altering the geometrie and thermal boundary conditions 
experienced in the production engine. This makes it difficult to assess the quality 
of spray models. Nevertheless - or maybe for this specific reason - numerical 
simulations represent a powerful tool that can provide valuable insight into spray 
processes and the complex interacting subprocesses involved. They allow access 
to any process or state variable at any position at any given point in time. Thus, if 
validated for a certain range of boundary conditions, spray models can effectively 
be utilized to interpret available experimental data, and also to execute precalcula­
tions for altered operating conditions. 

The depth of analysis possible with spray models has increased significantly 
over the past decades, in part, due to dramatic advances in computer technology. 
This trend is likely to continue such that spray modeling with CFD codes will be 
routinely used in the development of new engines and combustion systems in the 
near future. 

5.1.2 Spray Regimes 

A typical two-phase flow originated from apressure atomizer can be divided into 
different regimes as depicted in Fig. 5.2 [78]. Directly at the nozzle orifice an in­
tact care of the liquid phase can be identified. It rapidly disintegrates into liga­
ments (churning flaw) and further into droplets, but it still occupies a considerable 
fraction of the volume. Due to its density, which is significantly greater than the 
density of the gas phase, the contribution of the liquid phase to the total mass is 
even greater. This spray region is generally referred to as thick or dense spray. 

very thin 

Fig. 5.2. Schematic illustration of different flow regimes 

www.TechnicalBooksPDF.com



5.1 General Considerations 121 

Fig. 5.3. Droplet arrangement with droplet spacing equal to droplet diameter (h = d) 

Because of the conical spray shape and because of drop let evaporation, the av­
erage spacing between drop lets expands further downstream of the nozzle, and the 
void fraction, i.e. the volume fraction occupied by the gas phase, increases and 
approaches unity. However, due to the liquid to gas density ratio, the mass frac­
tion of the liquid phase may still be noticeable. This intermediate region of the 
spray is called thin spray. The very thin or dilute spray regime is finally character­
ized by both volume and mass fractions of the liquid phase that are negligible 
compared to the ones of the gas phase. 

The behavior of various drop lets within different regimes of a spray is quite dif­
ferent. Obviously, droplet-droplet interactions such as collision and coalescence 
can be significant c10se to the nozzle orifice. Moreover, when the droplet spacing 
is small the boundary layer around a droplet may be affected by an adjacent drop­
let. Consequently, it can no longer be assumed that there is an undisturbed gas 
phase around the droplet in order to ca1culate the exchange processes between liq­
uid and gas. At the other extreme, in the dilute spray regime the drop let behavior 
can be ca1culated based on relations for an isolated droplet with good accuracy. 
There is still some mass, momentum and energy transfer between the drop lets and 
the gas phase, but the influence that the drop lets have on the gas phase is very 
smalI. Collisions between droplets are rare and typically neglected in the model­
ing. 

In the intermediate thin spray regime the liquid phase still ac counts for a no­
ticeable mass fraction as noted above. Thus, there is considerable momentum 
transfer from the drop lets to the gas phase, which in turn affects other drop lets 
again. An example are the reduced drag forces on those droplets located in the 
wake of the spray tip that are decelerated by the gas less rapidly and may therefore 
overtake the droplets at the former spray tip that have been injected at an earlier 
timing. 

While the qualitative difference in the behavior of the two-phase flow is dis­
tinct between the various spray regimes, the transitions between the regimes are 
continuous and their definitions are somewhat arbitrary. Typically, they are de­
fined in terms of the void fraction defined as 

(5.1) 
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wherefis the probable number of droplets per unit volume in the spray. As will 
be further discussed in Sect. 5.2 f depends on time t, drop let radius r, droplet tem­
perature Td , the droplet position x (three coordinates) as weH as the three droplet 
velocity components v . 

For a regular arrangement of spherical droplets with a spacing equal to their di­
ameter as it is displayed in Fig. 5.3, it can be shown that the void fraction becomes 
Br:::J 0.92 [60]. Consequently, it is often assumed that a spray behaves as a thick 
spray if the void fraction is less than about 0.9. O'Rourke [60] also considered an 
additional spray regime located between the intact core and the thick spray, 
termed churning flow, for void fractions less than 0.5. The reasoning is that for 
liquid volume fractions in excess of 50 percent, the liquid can no longer be as­
sumed to be fully dispersed within a continuous gas phase and a different set of 
equations becomes necessary to describe the problem. However, there are still 
considerable uncertainties in the goveming equations, such that this spray regime, 
which only applies to an extremely small volume close to the nozzle orifice, is of­
ten neglected in practical applications. 

Most available CFD-codes utilized in combustion engine simulations are based 
on thin or dilute spray assumptions. These assumptions are justified when the 
computation beg ins someway downstream of the injection nozzle where the spray 
has already been diluted by the gas phase. But even if the injector is located 
within the computational domain, a thin spray may still be assumed when the 
computational grid cell is large compared to the size of the nozzle hole. In typical 
combustion engine applications, a grid cell as a dimension of about 1 mm whereas 
a modem passenger car diesel injector has a hole diameter of only about 0.15 mm. 
Approximations of thick spray effects can later be added by superimposing sub­
models to the conservation and exchange equations, see e.g. Sect. 5.6. 

5.2 The Spray Equation 

5.2.1 Equations and Exchange Terms 

In typical diesel sprays the liquid fuel is atomized into a number of up to 108 drop­
lets with average diameters in the ten-micrometer range. These numbers make it 
prohibitive to resolve each single droplet in numerical simulations. Instead, some 
kind of statistical averaging technique becomes necessary with additional sub­
models in order to describe the subscale processes. 

Generally the problem can be defined by the so-called spray equation as formu­
lated by Williams [108]. In this approach the probable number of drops per unit 
volume at time t, that are located between position x and x + dX and character­
ized by a velocity between v and v + äv , a radius between rand r + dr and a 
temperature between Td and Td + dTd is described with the probability density 
functionj Since both the droplet position x and its velocity v have three spatial 
coordinates,jhas a total of nine independent variables: 
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probable number of droplets := f (- - T ) d- d dT 
. x,v,r'd,t v r d' 

umt volume 
(5.2) 

It should be noted, that the above formulation is based on the assumption that 
the droplets are ideally spherical and that their size or mass is thus explicitly de­
fined by their radius r. However, this assumption is valid only if the relative ve­
locity between gas and droplet is smalI, which is not generally the case in typical 
engine sprays. Especially, in the vicinity of the injection nozzle considerable rela­
tive velocities between liquid and gas phases are encountered, such that aerody­
namic forces cause drop let distortion and even drop let breakup. Therefore, in 
most CFD-codes applied for engine simulations with spray combustion, e.g. in the 
KIVA code [4,5,6], two additional independent variables are included in the dis­
tribution function: the droplet distortion parameter y and its temporal rate of 
change y. Thus, f becomes a function of eleven independent variables, and 
Eq. 5.2 now reads 

probable number of droplets _ f (- - T .) d- d dT d d' . - x,v,r, d,y,y,t v r d y y. 
umt volume 

(5.3) 

The temporal and spatial evolution of the distribution function is described by a 
conservation equation which can be derived phenomenologically in analogy to the 
conservation equations of the gas phase [108]. It is commonly referred to as the 
sprayequation and can be written as: 

8f := -~(fvi )-~(JF; )-~(jR)-~(Ji:t )-~(fY )-~(fY) 
8t 8xi 8vi 8r 8Td fJy Gy 

+ fall + i bu (5.4) 

Equation 5.4 follows the Einstein convention (see Chap.4). F denotes a force 
per unit mass, i.e. an acceleration. Thus the component F i is the acceleration 
along the spatial coordinate Xi (Fi = dv/dt). R, Td and ji are the time rates of 
change .of drople~ radius r, temperature Td and oscillation velocity j;. The source 
terms fcoll and fbu account for changes in the distribution function due to droplet 
collision and breakup, respectively. 

By solving the sprayequation, the so-called source or exchange terms can be 
obtained, that describe the interactions between the liquid and gas phases. In or­
der to assure conservation of mass, momentum and energy of the total (two-phase) 
system, these terms need to be included in the gas phase conservation equations 
summarized in Chap. 4. Following Reitz [78], the source term accounting for 
mass evaporation of the liquid drop lets becomes 

(5.5) 

The rate of momentum gain due to droplet drag, body forces and evaporation is 
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(5.6) 

the energy transfer between gas and drop lets by evaporation, heat transfer into the 
drop let and work due to turbulent fluctuations is 

Q' = - fj Pt {4;rr2 R[ Ud +~(v _U)2 ]+~;rr3 [CP,dtd + F'(v -u -u')]} 
. dii dr dTd dy dy , (5.7) 

and the destruction of turbulent kinetic energy due to drop let dispersion is ob­
tained by 

(5.8) 

In Eqs. 5.5 to 5.8 the superscript s indicates that the source terms are due to 
spray effects (as opposed to effects of chemical reactions that will be denoted by 
superscript c). F' is the difference between Fand the gravitational accelera­
tion g, (ii - ü) is the relative velocity between drop lets and gas phase, and ü' is 
the turbulent fluctuation of the gas velocity. Note, that in Eq. 5.7 Ud denotes the 
specific internal energy of the drop let and is not to be mi staken for the gas veloc­
ity ü. 

5.2.2 Numerical Implementation 

There are generally two possible ways of solving the sprayequation in addition to 
the gas phase conservation equations introduced in Chap. 4. The obvious method 
would be to directly solve the sprayequation, Eq. 5.4, with a Eulerian finite dif­
ference or finite volume scheme similar to the numerical solution of the gas phase. 
This method has been applied in ref. [36] and has been termed the continuum 
droplet model (CDM) in the literature [41]. However, the CDM requires to dis­
cretize the droplet probability functionjin all eleven independent dimensions, and 
thus imposes extremely high demands with respect to computer memory and 
power. For example, discretizing the problem on a coarse mesh with only ten grid 
points in each dimension results in a total of IOJI grid points. For this reason the 
CDM has been proven impractical for most technical applications. 

An alternative and more practical approach is the so-called discrete droplet 
model (DDM) proposed by Dukowicz [28] and used in the KIV A CFD-code [6] 
and, in similar forms in most other CFD-codes applied for engine spray and com­
bustion simulations, e.g. FIRE, FLUENT, STAR-CD, VECTIS, etc .. It features a 
Monte-Carlo based solution technique for the spray equation, that describes the 
spray droplets by stochastic particles which are usually referred to as parcels [19]. 
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These parcels can be viewed as representative c1asses of identical, non-interacting 
droplets, and they are tracked through physical space in a Lagrangian manneT. 
The collection of such parcels within the computational domain represents a dis­
cretized solution of the spray distribution function, and thus, as the number of 
spray parcels in the spray are increased the spray statistics are improved. It should 
be noted that while the spray parcels are usually viewed as groups of identical 
droplets, they are - in a strict mathematical sense - really statistical items describ­
ing the probability that the spray reacts in a certain way. The ostensive interpreta­
tion of drop let groups is probably due to the fact that due to available memory and 
CPU-power there are typically significantly fewer parcels considered than there 
are droplets in the spray (typically 103 to 104 parcels compared to about 108 drop­
lets). However, the number of parcels necessary in order to obtain statistical sig­
nificance is really independent of the number of droplets within the spray. 

Account must be taken of the coupling between the Lagrangian liquid and the 
Eulerian gaseous phases in the DDM. While the KIVA code utilizes the non­
iterative Dukowicz-method [28] where the drop motion equations (discussed in 
Sect. 5.3) are solved as functions of time, several other commercially available 
spray codes are based on the so-called partic1e-source-in-cell (PSI CeIl) technique 
proposed by Crowe et al. [23]. This technique begins by solving the gas flow field 
neglecting the presence of any spray particles in the flow. The obtained gas phase 
results are then used in order to calculate trajectories of the droplets as weIl as 
mass, momentum and energy exchanges between the two phases. Thereafter the 
gas phase is recalculated, now inc1uding the source terms caused by the spray par­
tic1es, and the whole procedure is repeated in an iterative manner until a certain 
convergence criterion is met. Consequently, the PSI cell method is particularly 
suited for calculating steady-state spray processes, but it is not so weIl suited for 
modeling droplet dispersion in turbulent flows since these processes are inherently 
unsteady [78]. 

Besides its many obvious advantages it must be mentioned that a significant 
difficulty in modeling sprays with the stochastic partic1e method exists, in that 
there is typically a strong influence of the numerical grid design on the simulation 
results. Therefore a wide experience is often necessary in order to design a nu­
merical mesh that is appropriate for a given spray problem. This important topic 
will be discussed in more detail in Sect. 5.8. 

FinaIly, it should be noted that with both approaches of solving the spray equa­
tion, i.e. with the continuum droplet model as weIl as with the discrete droplet 
model, the interface between a single drop let and the gas phase cannot be directly 
resolved because of computer limitations. Instead, an averaging of the flow proc­
ess over a scale that is greater than the typical droplet diameter becomes neces­
sary. Consequently, additional submodels are needed to describe the phase inter­
actions at the droplet-gas interface. These submodels will be discussed in 
subsequent sections. 
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5.3 Droplet Kinematics 

In the Lagrangian formulation of the discrete drop let model the position of a drop 
or actuaHy the position of a parcel containing a group of identical drops is charac­
terized by the vector x p. The movement of the drop during one computational 
time step dt is derived from 

d _ _ 
-xp = v, 
dt 

where the change in the drop velocity vector is determined from 

~v=F. 
dt 

(5.9) 

(5.10) 

The force F acting on the drop let is composed of body forces and the drag force 
caused by the relative velocity of the droplet to the surrounding gas phase. The 
latter force depends on the drop size and its drag coefficient (see Sect. 5.3.1) as 
weH as on the mean gas velocity and its turbulent fluctuations (see Sect. 5.3.2). 

The change in drop size over time is given by 

d . 
-rp =R, 
dt 

(5.11) 

where the quantity R depends on vaporization of the droplet (see Sect. 5.7) and 
on droplet breakup and coHisions (Sects. 5.5 and 5.6, respectively). The latter ef­
fects can lead to the change in the number of droplets in a specific size c1ass and 
even to the appearance or disappearance of droplet c1asses from the computation. 
Thus, the number of parcels considered within a computation may change over 
time which can be expressed as 

df· . 
dt = fco/l + fbu . (5.12) 

5.3.1 Drop Drag and Deformation 

The drag force acting upon a partic1e surrounded by gas of density Pg und velocity 
Ü can generaHy be expressed as 

P/VJD =.!.pgCDAp ·Iü-vl·(ü-v), 
2 

(5.13) 

where Ap is the frontal area of the partic1e, i.e. (Ap = Jr r/) for a spherical droplet. 
The drag coefficient CD is a mostly empiricaHy determined parameter that depends 
on the geometrical shape of the partic1e as weH as on the flow conditions and gas 
properties. For low relative velocities (Re:::; 1) around a spherical partic1e separa-
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tion effects of the gas flow around the partic1e are negligible and the drag force is 
mainly due to friction drag by viscous stress. For this regime the drag coefficient 
is formulated by Stoke's law as 

C = 24 (5.14) 
D Re 

where the Reynolds number is defined as 

2r p 'Iu - vi Re = p g • (5.15) 
f.lg 

For greater Reynolds numbers, and thus for greater relative velocities as they 
are typically encountered in engine sprays, the gas flow separates from the partic1e 
surface and form drag becomes increasingly more important than viscous drag. 
The drag coefficient of the sphere is amplified which is usually expressed by the 
following relations: 

C = 24 (l+.!..Re2!3) 
D Re 6 

Re ~ 1000 (5.16) 

CD = 0.424 Re> 1000 (5.17) 

In order to account for thick spray effects that may increase the effective drag 
coefficient at positions c10se to the nozzle orifice, O'Rourke and Bracco [62] sug­
gested to replace Eq. 5.16 by a similar relation that additionally inc1udes the local 
void fraction () 

C = 24 (B-2.65 +.!..Re2/ 3 B-178 ) 
D Re 6 

Re ~ 1000 (5.18) 

Equation 5.18 was obtained from experiments on fluidized beds and other sources 
[60]. 

The above correlations for the drag coefficient are valid for ideally spherical 
(solid) partic1es. However, in engine sprays the liquid droplets are typically dis­
torted from their ideal spherical shape prior to breakup. This will obviously have 
an effect on the drag coefficient which has been accounted for by Liu et al. [49], 
who applied the TAB model in order to determine the drop distortion parameter y. 
The TAB (Taylor-Analogy Breakup) model which will be discussed in more detail 
in Sect. 5.5 assurnes a one-dimensional oscillation of the drop let in analogy to a 
spring-mass system. In this analogy the liquid viscosity acts as a damping element 
and the surface tension has the effect of a restoring force. The distortion parame­
ter y is normalized by the droplet radius rand defined in accordance to Fig. 5.4. 

The drag coefficient of the distorted droplet is now given as 

CD = cD,sphere (1 + 2.632· y), (5.19) 

which is based on the consideration that for high Reynolds numbers the drag coef­
ficient of a disc is approx. 3.6 times greater than that of a sphere. 
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Fig. 5.4. Droplet distortion in the TAB model 

5.3.2 Turbulent Dispersion I Diffusion 

In turbulent sprays the liquid droplets are not only decelerated and deformed by 
the gas phase, but an additional dispersion or diffusion of the liquid phase can be 
observed that is caused by the turbulent eddies in the gas flow. On average, the 
random orientation of the turbulent velocity fluctuations leads to a quicker, more 
homogeneous dispersion of the liquid droplets than in a laminar gas flow. At the 
same time the momentum transfer between gas and liquid modulates the turbu­
lence level within the gas phase. 

This process has been reviewed in detail, e.g. by Faeth [31, 32]. The mecha­
ni sm can be explained following the schematic diagram in Fig. 5.5. It shows a 
vortex structure (solid line), i.e. the track of an arbitrary gas moleeule within a tur­
bulent gas flow, as weIl as three possible droplet trajectories (dashed lines) that 
start out at the same position as the gas molecule. TypieaIly, a particle is assumed 
to interact with an eddy for a time period taken as the smaller of either the eddy 
lifetime te or the transit time t, required for the particle to pass through the eddy: 

tin, = min(te,t,). (5.20 

The characteristic eddy size is assumed to be the dissipation (integral) length scale 

e12 
I =C3!4 __ 
I fl e (5.21 

where the eonstant Cfl is the same as in the k-e turbulenee model (Cfl = 0.09, see 
Chap.4). For isotropie turbulence the turbulent kinetic energy is related to the 
turbulenee intensity by 

k _.!.('2 ,2 ,2) _ ~ ,2 
- 2 Ux + uy + Uz - 2 U , (5.22 

and thus, the eddy life time is expressed as 

I C3!4 k 
t =_=_fl_._ 

e u' J2i3 e' 
(5.23 
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The transit time can be estimated by linearizing the drop let momentum equa­
tions and is given by the expression 

t( = -dn[ 1- 'lül-vl]. 
The particle relaxation time ,is defined by the particle acceleration, 

dv u-v 
----
dt , 

and can be derived from the particle's equation ofmotion, Eq. 5.13: 

V dv 1 C A (- _)2 
PI P dt = 2. Pg D p U - v . 

Thus, the relaxation time becomes 

8 Plrp ,= 
3 pgCDlü-VI' 

or, if Stoke's law is utilized for the drag coefficient, Eq. 5.14, we obtain 
2 

(5.24) 

(5.25) 

(5.26) 

(5.27) 

2 Plrp 
, = -- . (5.28) 

9 f.1g 

When I ~ ,I ü - v I, Eq. 5.24 has no solution. This can be interpreted as the eddy 
having captured a particle so that the interaction time becomes equal to the eddy 
life time te . 

Crowe et al. [24] have observed that small drops in a turbulent flow tend to fol­
low the gas flow, whereas the larger drops with their smaller drag/inertia ratios 
leave the large-scale vortex structures. A time-scaling ratio was proposed which, 
assuming Stokes drag for the particles, gives the Stokes number: 

St =!... . (5.29) 

--7-
SI» 1 

Fig. 5.5. Possible partic1e trajectories in a turbulent flow [78] 
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As depicted in Fig. 5.5, particles with Stokes numbers much less than unity, i.e. 
small particles, are trapped within the eddies and directly follow the vortex struc­
ture. Particles with very large Stokes numbers remain unaffected by the eddies, 
and for Stokes numbers in the order of unity a centrifuging effect may occur that 
leads to a particle dispersion which exceeds that of the gas phase. 

The numerical implementation of the above phenomena in CFD-codes can be 
established by calculating the change in drop let motion for the interaction time pe­
riod tint as a function of the total gas velocity ( u = li + u' ) present at the beginning 
of the interaction. In order to yield a more realistic distribution of the turbulent 
dispersion effects, the fluctuating velocity component u' is typically sampled from 
a Gaussian distribution with a variance equal to the turbulence intensity I u'l : 

(5.30) 

Experiments by Modarress and co-workers [54, 55, 56] on turbulent round jets 
revealed that the spread rates of two-phase jets are smaller than those of single­
phase jets. Moreover, it was shown that the turbulence level within two-phase jets 
depends on the liquid mass loading: it decreases for greater amounts of liquid 
mass dispersed in the turbulent jet. These results indicate that the drop let­
turbulence interactions have a modulating influence on the gas phase turbulence. 
This is usually accounted for by adding the additional source term Ws in the k­
and c-conservation equations of the k-c-turbulence model, Eqs. 4.33 and 4.35, re­
spectively. Ws has been specified in Eq. 5.8, and for incompressible turbulence 
in the absence of gradients the conservation equations become 

(5.31) 

(5.32) 

It can be shown that the turbulence length scale h given in Eq. 5.21 is unchanged 
by this turbulence modulation if the empirical constant in Eq. 5.32 is chosen as 
es = 3/2 [78]. 

5.4 Spray Atomization 

In engine fuel injection systems the fuel typically leaves the injector nozzle in a 
more or less continuous liquid phase that can obviously not be reproduced with 
the Lagrangian discrete droplet approach. Therefore, additional submodels are 
necessary in order to describe the breakup processes that lead to the formation of 
droplets, before the DDM can be applied. This procedure seems reasonable since 
in high pressure injection systems the disintegration of the continuous liquid phase 
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into small droplets starts very close to the nozzle orifice. Thus, the impact of the 
intact liquid core on the gas phase is extremely small compared to the influence 
that the dispersed liquid droplets have on the gas phase in the entire spray. 

Two different types of liquid breakup into ligaments and droplets are typically 
distinguished, e.g. [98]. The first kind of breakup occurs at or in direct vicinity of 
the injection nozzle orifice, i.e. in the region that has been scaled up in the bottom 
part of Fig. 5.2. It is referred to as spray atomization or primary breakup and will 
be discussed in the present section. The primary breakup describes the breakup of 
the intact liquid phase into first ligaments and droplets. Later on, the relatively 
large initial droplets can be further distorted and subsequently broken up into 
smaller secondary droplets. This kind of breakup is termed secondary breakup 
and will be discussed in Sect. 5.5. Typically, the secondary breakup takes place a 
little further downstream of the nozzle, i.e. within the thick, thin, and very thin 
spray regimes indicated in the schematic illustration of Fig. 5.2. 

5.4.1 Breakup Regimes 

The primary breakup of liquid jets at the nozzle exit can be caused by a combina­
tion of three mechanisms: turbulence within the liquid phase, implosion of cavita­
tion bubbles and aerodynamic forces acting on the liquid jet [8]. 

Due to the pressure drop across the injection nozzle the liquid fuel is acceler­
ated within the small nozzle holes. Thereby a high level of turbulence is gener­
ated within the liquid phase that has a destabilizing effect on the jet once it exits 
the nozzle hole. Additionally, at sharp edges along the flow path inside the noz­
zle, e.g. at the inlet of the nozzle hole, the streamlines are contracted such that the 
effective cross-section the flow is reduced and its velocity is accelerated even 
more. According to Bemoulli' s law this causes areduction in the static pressure, 
and locally the static pressure may be decreased to a value as low as the vapor 
pressure of the fuel. This phenomenon is schematically shown in Fig. 5.6, where 
the theoretical (linear) pressure distribution inside the nozzle hole is compared to a 
more realistic distribution along a streamline. The effect is that cavitation bubbles 
are generated inside the injection nozzle. This can be seen in Fig.5.7 which 
shows an exemplary photograph of a cavitating flow through an acrylic glass noz­
zle. The cavitation bubbles are swept out of the nozzle into the combustion cham­
ber where they implode and contribute to the disintegration of the spray. The third 
mechanism is that the relative velocity between the liquid jet and the gas results in 
aerodynamic forces that act on the liquid surface. Therefore, surface disturbances 
develop and start to grow that lead to breakup as weIl. 

Depending on injection parameters such as the relative velocity between liquid 
and gas, the liquid and gas densities and the liquid viscosity and surface tension, 
the relative contribution of each of the three above mechanisms to the spray 
breakup varies, and several different breakup modes can be identified. They are 
characterized mainly by different breakup lengths, i.e. the distance between the 
nozzle orifice and the breakup position, and by the sizes of the resulting droplets. 
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Fig. 5.6. Schernatic illustration of cavitation formation inside the nozzle hole 

Fig. 5.7. Cavitation inside an acrylic gl ass diesel injection nozzle. The liquid phase is 
transparent, the gas phase is opaque. Pin} = MPa, Pcyl = MPa, d noz = rnrn [15] 

A widely agreed classification of breakup regimes has been proposed by Reitz 
and Bracco [81] in terms of the above injection parameters and fluid properties. 
For general applicability those quantities are expressed through the dimensionless 
Reynolds, Weber and Ohnesorge numbers, defined as 

(5.33) 

PV~idnO' We= ' '., (5.34) 
CJ 

z = f.1 
~ pCJdnoz ' 

(5.35) 

respectively. 
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Fig. 5.8. Jet breakup regime boundaries by Miesse [53] and Ohnesorge [63] 

z = ~ I 

Fig. 5.9. Schematic chart of influence of gas density on breakup regime boundaries [75] 

Four different spray regimes are typically distinguished, the Rayleigh, first wind 
induced, second wind induced and the atomization regime. Ohne sorge [63] and 
Miesse [53] suggested adefinition by the liquid Reynolds and Ohnesorge num­
bers, i.e. the liquid phase properties are used in Eqs. 5.33 and 5.35. Figure 5.8 
displays the results in which the first and second wind induced regimes have been 
combined. However, the definition in terms of the liquid properties implies that 
the effect of the gas phase on breakup is not taken into account in the classifica-
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tion, which is in contrast to the observation that the atomization can be enhanced 
by increasing the gas density (pressure) [102]. Therefore, Ranz [74] proposed a 
breakup classification in terms of the gas phase Weber number, which is based on 
the density of the gas phase Pg and the surface tension of the liquid 0"[. This ap­
proach however is incomplete as weIl, since now the influence of the liquid vis­
cosity on breakup is neglected. In order to overcome these limitations Reitz [75] 
suggested to include the gaseous to liquid density ratio in the analysis, such that 
the two-dimensional plot in Fig. 5.8 now becomes a three-dimensional one as de­
picted in Fig. 5.9. 

Figure 5.10 shows a schematic illustration of jet breakup in the characteristic 
breakup regimes. For relatively low injection velocities the Rayleigh breakup (a) 
is primarily govemed by the inertia forces on the oscillating liquid and by its sur­
face tension. The breakup length is far (many nozzle diameters) downstream of 
the nozzle orifice and the diameter of the resulting drop lets is greater than the noz­
zle diameter. 

In the first wind induced breakup regime (b) the inertia of the gas phase be­
comes more and more important. Surface disturbances are caused by the gas­
liquid interactions that increase in amplitude and eventuaIly lead to breakup. The 
average drop size decreases and is now in the range of the nozzle diameter. The 
breakup length is still a multiple of the nozzle diameter. For further increased in­
jection velocities the second wind induced regime is reached. In Fig. 5.10 it has 
been combined with the first wind induced regime since the basic mechanisms 
leading to breakup are similar. The main difference is that as the relative velocity 
between liquid and gas increases the aerodynamic forces acting on the liquid sur­
face are intensified and the wavelength of the disturbances becomes shorter. 
Therefore, the average droplet diameter is reduced in the second wind induced re­
gime and the breakup length decreases compared to the first wind induced regime. 

a) 

o 
o 
o 

b) 

o 
o 
o 

Fig. 5.10. Schematic depiction of breakup modes. a) Rayleigh breakup b) Wind induced 
breakup c) Atomization 
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Finally, for increased gas densities and large injection velocities the gas phase 
Weber number increases further and the atomization regime is reached (c). In this 
regime two different breakup lengths can be identified: the surface breakup be­
gins directly at the nozzle orifice whereas an intact core may still be present sev­
eral nozzle diameters downstream of the orifice. Furthermore, a conical shape of 
the overall spray is now observed. The mean droplet diameters are much smaller 
than the nozzle diameter. 

The atomization regime is the most important for high pressure diesel injectors. 
However, a detailed experimental assessment of the primary spray breakup di­
rectly at the nozzle is extremely difficult because the spray is very dense and al­
most opaque at this position. Therefore, the detailed mechanisms that lead to pri­
mary spray breakup or atomization at the nozzle of modern diesel engine injection 
systems with injection pressures of up to 200 MPa are still not exactly understood. 
However, there is a general agreement that as the injection pressure increases, the 
effects of the inner nozzle flow such as the liquid phase turbulence and cavitation 
become more and more important. 

5.4.2 Wave-Breakup Model 

It has been discussed above that the development and aerodynamically driven 
growth of surface disturbances on the liquid phase is an important if not the domi­
nant mechanism for breakup of jets. Vital contributions to deriving the theory be­
hind this phenomenon and to establishing a coherent and continuous breakup 
model have been made by Reitz and co-workers, e.g. [75, 80, 81]. Since this so­
called wave-breakup model (also referred to as Kelvin-Helrnholtz breakup model) 
is widely applied in primary as weIl as in secondary breakup models it will be 
summarized here. 

The analysis starts out from a cylindrical liquid jet of radius a that penetrates 
through a circular orifice into a stationary incompressible gas environment, 
Fig. 5.11. The liquid surface is subject to a number of infinitesimal perturbations 
with an initial amplitude of 170 and a spectrum of wavelengths ,1" typically ex­
pressed through the wave number k = 2" / A,. The initial disturbances may be 
caused by effects of the inner nozzle flow, e.g. by turbulence within the liquid 
phase. Their amplitudes will be increased exponentially by the liquid-gas interac­
tions with a complex growth rate of m= m,. + i ~: 

17(t) = R( '70 exp[ikx + mt] ). (5.36) 

Assuming that the gas phase behaves as an inviscid fluid, i.e. there is free slip 
at the liquid-gas interface, and that the perturbations are much smaller than the jet 
radius (17« a) the so-called dispersion relation can be derived, that relates the 
growth rate m to the wave number k [80]: 
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Fig. 5.11. Schematic growth of surface perturbations in the Wave-breakup model [78] 

(5.37) 

In the above equation In and Kn are the nth order modified Bessel functions of the 
first and second kind, respectively. The prime indicates differentiation, V[ is the 
kinematic viscosity of the liquid phase, V the gas velocity at the liquid surface, 
and P = k? + O)/V[. 

Even though the perturbations of different wave lengths will superpose each 
other in the real jet, it is assumed that only the fastest growing perturbation, indi­
cated by growth rate n, that corresponds to the wave length A will ultimately lead 
to breakup. However, Eq. 5.37 is difficult to solve for a maximum value of 0) 

since I is still a function of 0). To simplify the problem, Reitz [76] generated 
curve-fits of numerical solutions to Eq. 5.37 and obtained the following expres­
sions for the maximum growth rate n and its corresponding wave length A: 

( 3 JO'5 n Pla 

(Y 

O.34+0.38We~5 

(1+Z)(1+1.4T0 6 ) , 

(5.38) 

(5.39) 

WeO.5 05 pV2a PgV 2a Va 
where Z= __ I_, T=ZWe We =_1 - We =--- Re l =-

Re I g , I (Y g (Y VI 

The above relations have the effect that the growth rate increases and the corre­
sponding wavelength decreases for increasing gas Weber numbers. This is in 
agreement with the experimental observation that for increasing injection veloci-
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ties breakup is enhanced while the average diameters of the resulting droplets be­
come smaller. The effect of liquid viscosity which appears in the Reynolds num­
ber Re and thus in the Ohnesorge number Z is that the wave growth rate is re­
duced. 

In order to estimate the sizes of droplets formed by breakup, it is often assumed 
that there is a linear dependency between the resulting droplet radius rd and the 
wave length A of the most unstable surface disturbance, e.g. [76,99], 

(5.40) 

where B is of order unity. The length of the "intact" liquid core of the spray may 
be approximated by considerations of the mass removed from the jet by the 
atomization process, 

L= ;;)~, (5.41) 

where T is defined as in Eqs. 5.38 and 5.39, and fiT) asymptotically approaches 
(3°·5/6) for (T> 100), which is typically satisfied in diesel sprays. The constant c 
ranges from about 15 to 30 and accounts for various effects of the inner nozzle 
flow that are not resolved in detail. 

The half-angle (a /2) of the cone shaped spray observed in the atomization re­
gime of high speed jets has been specified in ref. [81] based on the assumption 
that the droplet velocity component perpendicular to the spray direction v.L is 
proportional to the wave growth rate of the most unstable wave: 

(aJ v.L OA 4Ji JP:IP; ( tan - = - = - = - P / P f T). 
2 U AU A g I 

(5.42) 

The expressionj(T) is the same as in Eq. 5.41, and the constant A ac counts for the 
nozzle geometry. In ref. [78] it has been defined in terms of the length to diameter 
ratio of the nozzle hole as 

A = 3.0 + Znoz / dnoz . 
3.6 

(5.43) 

5.4.3 Blob-Injection Model 

Reitz [76] applied the above Wave-breakup model to high speed diesel jets by as­
suming that during the injection duration there are continuously added large drops 
(so-called blobs) with a diameter comparable to the size of the nozzle hole to the 
gas phase. The frequency of the addition of new blobs is related to the fuel injec­
ti on rate in a straightforward manner, assuming constant density of the liquid fuel 
and ideally spherical blobs. lmmediately after injection the Kelvin-Helmholtz in­
stabilities described by the wave-model start to grow on the blob surface, such that 
sm all secondary droplets are "sheared off' the blob surface as shown in Fig. 5.12. 
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Fig. 5.12. Schematic illustration of the blob-injection model [76] 

The calculation of the fastest growing wave length A and its corresponding 
growth rate n is executed in analogy to Eqs. 5.36 to 5.39. In ref. [76] the relation 

(5.44) 

was suggested to estimate the resulting droplet radii with a value of BQ = 0.61 in 
the stripping breakup regime. For higher injection velocities and catastrophic 
breakup in the atomization regime, which is typical for diesel type injectors, Liu et 
al. [50] proposed the formulation 

BQ =0.3+0.6P, (5.45) 

where P is a random number within the interval between zero and one. By this 
method a distribution of drop let sizes is obtained which is more realistic for 
breakup of high speed jets. In both cases abi-modal droplet size distribution is 
obtained for the complete spray, consisting of a number of larger droplets remain­
ing from the original jet and a number of small drop lets resulting from the above 
Kelvin-Helmholtz breakup. 

Equations 5.44 and 5.45 may be used only if the resulting droplet diameter is 
less than the radius of the remaining parent drop, i.e. if (BQ A ~ a). Otherwise, the 
resulting radius of the newly formed droplet is estimated by 

(BQ L > a, one time only), (5.46) 

which is based on the assumption that the jet disturbance has a frequency of 
QJ2ff, i.e. one drop is formed each wave period, or that the drop size is deter­
mined from the volume of liquid contained under one surface wave. 

Due to the breakup and generation of new small droplets, the size of the origi­
nal blob is reduced. The temporal change in radius of this parent drop is given by 

da _ a-rd 

dt T 
(5.47) 

where Tis the breakup time: 
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a 
r = 3.726B[-. (5.48) 

AQ 

The constant BI has been introduced in order to account for effects of the inner 
nozzle flow on the breakup time that cannot be resolved directly. In ref. [76] a 
value of BI = 20 has been suggested whereas other references reported better re­
sults with values ranging from 1.73 [61] up to 30 [68]. This suggests that the in­
ner nozzle flow has indeed an influence on primary spray breakup in addition to 
the liquid-gas interactions that is not yet included in the breakup analysis. 

In order to reproduce the spray co ne angle observed in diesel type sprays the 
child drop lets separated from the initial blobs are equipped with a velocity com­
ponent perpendicular to the main spray orientation. The maximum possible value 
of this component is obtained from the spray half angle specified in Eq. 5.42, and 
Reitz [76] suggests to choose an even distribution between zero and the maximum 
normal velocity for the various droplets in order to achieve a realistic drop let den­
sity within the spray. 

In many recent applications of the blob injection method the above Wave- or 
Kelvin-Helmholtz breakup model has been combined with the so-called Rayleigh­
Taylor breakup model in order to estimate the disintegration of the blobs into sec­
ondary droplets. The Rayleigh-Taylor model describes the instabilities that de­
velop on a liquid-gas interface subject to strong normal accelerations pointed to­
wards the gas phase. However, the disintegration of large drops into small 
drop lets is considered a secondary breakup mechanism and therefore the 
Rayleigh-Taylor breakup will be discussed in Sect. 5.5. 

It should be noted here, that the Kelvin-Helmholtz mechanism may be viewed 
as a secondary breakup mechanism as well, since it describes the breakup of large 
drops or blobs into smaller droplets. In fact, the model is used not only to estimate 
the disintegration of primary blobs but also to model the sub se quent breakup of 
secondary drop lets into even smaller droplets. 

5.4.4 Turbulence and Cavitation Based Primary Breakup Model 

In the above Wave-breakuP model the influence of the inner nozzle flow on at­
omization of high speed jets cannot be predicted. The entire breakup analysis is 
based on aerodynamic interactions between the liquid and gas phases, and modi­
fied initial conditions that may be caused by different nozzle designs can only be 
included by adjusting empirical constants to experimentally obtained data. How­
ever, comprehensive studies on this subject show that effects of the inner nozzle 
flow such as liquid phase turbulence and cavitation do have an increasing influ­
ence on primary spray breakup for modem high pressure diesel injectors [9, 15, 
29]. As an example, in Fig. 5.7 it can be observed that the spray angle on the up­
per side of the spray is greater than at the bottom side. This effect is likely to be 
caused by the cavitation inside the nozzle hole which is much more pronounced 
on the upper side of the hole because of the sharper edge at the nozzle hole inlet. 
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geometryA: 

• 
.-------J~ B x 

nOZZle hole. I spray. 

• z 

zone 2 

zone 1 

geometry B: 

Fig. 5.13. Two-zone structure of the nozzle hole flow [16] 
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A variety of breakup models have been proposed in the literature that account 
for various effects of the inner nozzle flow on primary spray disintegration, e.g. 
[33,43,59,97]. A detailed model that attempts to incorporate the most important 
findings of the above references has been presented by Baumgarten et al. [16]. 
This model will be summarized in the following. 

The primary breakup model starts out from the observation that during the 
quasi-steady injection phase with full needle lift there is an almost stationary dis­
tribution of cavitation and liquid regions. Thus, the flow at the nozzle orifice is 
divided into two zones as indicated in Fig. 5.13. Zone 1 contains the liquid core 
of the jet and is characterized by a high momentum, whereas in zone 2 there is a 
mixture of liquid ligaments and cavitation bubbles with a significantly lower mo­
mentum than the one in zone 1. Due to a possible non-axis-symmetric nozzle hole 
design as it is shown for geometry B in Fig. 5.13, the liquid zone 1 does not have 
to be positioned at the center of the spray but may be displaced towards the nozzle 
hole side with less cavitation. 

It should be noted that the described breakup model relies on the two zones as 
an initial condition. The inner nozzle flow that is the basis for the initialization of 
the zones at the nozzle orifice has to be either modeled with aseparate suitable 
simulation code or it has to be determined by optical measurements. The initial 
conditions required for the primary breakup model are: the mass averaged values 
for the injection velocity Vinj' the turbulent kinetic energy k and its dissipation rate 
E at the nozzle orifice, the exact position, shape and extension of zone 1 in the 
spray cross-section which does not have to be spherical (compare geometry B in 
Fig. 5.13), the mass flow rates of the two zones ml and m2 , and the void fraction 

Bwithin the cavitation zone 2. 
A schematic illustration of the model is depicted in Fig. 5.14. A primary liga­

ment containing both the intact liquid and the cavitation zone is injected into the 
combustion chamber. Due to the rise in static pressure the cavitation bubbles in 
zone 2 will implode such that energy is released and pressure waves are initiated 
that propagate both to the inner and outer surfaces of zone 2. It is now assumed 
that the fraction of energy that reaches the outer surface, i.e. the interface between 
zone 2 and cylinder gases, results in breakup of zone 2, whereas the remaining en­
ergy fraction reaching the interface between zones 1 and 2 increases the turbu­
lence level in the liquid zone land subsequently causes breakup of zone 1. The 
distribution of the total cavitation energy on the two zones is assumed to be pro­
portional to the areas of the inner and outer interfaces of zone 2. 
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Fig. 5.14. Schematic illustration of the two-zone primary breakup model [16] 
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Fig. 5.15. Cross section of the spray in the two-zone model. The probability P( rp) far a sec­
ondary parcel of zone 2 to be emitted at an angle rp depends on the radial thickness LeavC rp) 
of the cavitation zone [16] 

In both zones 1 and 2, the breakup of the primary ligament into seeondary drop­
lets oeeurs onee the collapse time of the cavitation bubbles has been exceeded. 
The breakup is due to the sum of turbulent kinetic energy and the energy induced 
by the collapse of the cavitation bubbles. The total amount of energy will be 
transferred into a combination of surface energy of secondary droplets and a ve­
locity component that is perpendicular to the spray axis. The amount of surface 
energy controls the resulting droplet radius, and the radial velocity component is 
responsible for the visible spray angle . The orientation of this radial velocity 
component within the xy-plane, i.e. within the spray cross-section, is determined 
by sampling from a probability distribution that is proportional to the angular 
"thickness" of zone 2, indicated as Leav in Fig. 5.15. Thus, the model is predictive 
in terms of the spray cone angle in a three-dimensional manner. This means that 
the spray does not have to be axis-symmetric, but that an increased spray angle at 
the nozzle hole side that is subject to stronger cavitation as it is shown in Fig. 5.7 
can be estimated by the model. 

At the breakup time the cavitation zone 2 disintegrates directly into a number of 
spherical secondary drop lets of equal size, and the liquid zone 1 is broken up into 
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a number of medium-sized spherical secondary droplets and one remaining cylin­
drical ligament that will be transformed into a sphere of greater diameter as weIl. 
All secondary droplets regardless of their origin (zone 1 or 2) will then be treated 
by secondary breakup models as they will be described in Sect. 5.5. 

The detailed mathematical formulation of the primary breakup model is as fol­
lows. The primary ligament injected from the nozzle is characterized by an axial 
velocity Vinj' a diameter D that is equal to the nozzle diameter dnoz and a length L 
which is assumed to be equal to the effective flow diameter inside the nozzle, 
Fig.5.14. Such an assumption is necessitated by the fact that in the Lagrangian 
parcel approach the primary ligaments have to be of finite dimensions, and here 
the length L = deff of the cylindrical ligament is chosen in analogy to the blob­
injection model where the initial blob diameter is also assumed to be equal to the 
effective nozzle diameter deff. ' 

The history of turbulent kinetic energy k within each zone is estimated by solv­
ing the simplified conservation equations for k and its dissipation rate E: 

dk 
-' =-&. 
dt I' 

dei =-C Ei2 

dt 2 k ' 
I 

i = 1,2 (zonal index) . (5.49) 

C2 is a constant from the standard k-& model and often chosen as C2 = l.92 (com­
pare Chap. 4). In order to determine the total energy per zone i that is responsible 
for breakup of that zone, the absolute turbulent kinetic energies are added to the 
energies released by the implosion of cavitation bubbles: 

Ei = Etrb,i + Ecav,i = miki + Ecav,i . (5.50) 

As mentioned above, the ratio of cavitation energy that is accounted for each zone 
is equal to the ratio of the outer surface areas of the respective zones: 

Ecav,l Al (5.51) 

The total cavitation energy Ecav resulting from the collapse of the cavitation 
bubbles as well as the collapse time are estimated by utilizing the differential 
equation, that describes the bubble dynamics during breakup in a compressible 
environment [71]: 

( 2R) .. 3 ( 4R). 2 1 ( 20" 4f.1' ) 1-~ RR+2 1-~ R = Pro pv-/?-/?R-pro . (5.52) 

R denotes the bubble radius and Rand R its first and second derivative, respec­
tively. a is the averaged speed of sound in zone 2, f.1 the liquid viscosity, and Pv 
and Poo are the fuel vapor pressure and the back pressure of the gas environment, 

respectively. The kinetic energy of the fluid surrounding one bubble is estimated 
as 

. 2 3 
Ekin,bubble = 27rproR R . (5.53) 

Its maximum value which occurs shortly before the collapse of the bubble has to 
be multiplied by the number of bubbles in order to obtain the total cavitation en­
ergy Ecav• 
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For simplicity it is assumed that within one primary ligament all cavitation 
bubbles have the same size. However, each of the subsequently injected ligaments 
is characterized by a different initial bubble size which is obtained randomly from 
a Gaussian distribution with a mean and a standard deviation of both lOJ.lm where 
the branches with values either less than 2J.lm or greater than Lcav,lIuJ2 (see 
Fig. 5.15) are truncated. 

The dis integration of the primary ligament into secondary drop lets is ca1culated 
independently for the two zones with slightly different approaches. For the cavita­
tion zone 2, it is assumed that its available energy E2 is completely transformed 
into surface energy of the new droplets and into kinetic energy of these secondary 
droplets: 

(5.54) 

Esurf ,2 / Ekin ,2 = K , (5.55) 

(5.56) 

(5.57) 

In the above equations N2 indicates the number of secondary (child) droplets re­
sulting from zone 2, and mchild,2 is the mass of one these identical droplets. Obvi­
ously the constant Kwhich specifies the fraction of energy that is transformed into 
surface energy is a very important model parameter. In ref. [16] it is suggested to 
use a value of K= 0.003 for a back pressure of Poo = 5MPa and tests revealed that 
this value remains fairly constant for typical gas back pressures present in diesel 
engine applications. 

The spray half angle becomes 

i = atan(vrad /vinj ), (5.58) 

and the angle rp of a secondary droplet parcel within the xy-plane is determined by 
sampling from a probability distribution that is proportional to the radial "thick­
ness" Lcav of zone 2, Fig. 5.15. 

The breakup of the cylindrically shaped liquid zone 1 occurs at the same time 
as the breakup of zone 2, and it is ca1culated by assuming that the available energy 
EI causes turbulent fluctuations which induce a deformation force on the surface 
of zone 1. For isotropic turbulence, the turbulence intensity can be estimated as 

u,=~~,~> (5.59) 

and following Knapp et al. [46], the deformation force is equal to the product of 
the dynamic pressure and the surface area, 
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F -.!. ,2 d L 
Irb,l - 2 PI U Jr zone! ' (5.60) 

where dzone1 is approx. equal to dejf (Fig. 5.14), and thus equal to L. Mass is split 
off zone 1 in form of secondary drop lets until the surface tension force of the re­
maining cylindrical parent ligament becomes equal to the above deformation 
force: 

F:u/f,l = 20" (dparenll + L) == F,rb,l • (5,61) 

Combining Eqs. 5.59 to 5.61 the diameter of the remaining cylindrical parent liga­
ment can be expressed as 

PI EIJrL2 

dparenll = - L . 
6ml 0" 

(5.62) 

After breakup the cylindrical parent drop is instantaneously transferred into a 
spherical drop of equal volume. From the remaining turbulent energy inside the 
drop the fraction necessary to form its surface is subtracted. The remaining part is 
converted into kinetic energy with a velocity component perpendicular to the 
spray axis. This is similar to the breakup of zone 2. However, in contrast to 
zone 2, that is much more dilute, not the total amount of kinetic energy is trans­
formed into a radial motion of the parent drop let remaining from zone l. Because 
the spray is typically very den se at the core where the primary breakup of zone 1 
occurs it is assumed that a certain fraction of the kinetic energy is dissipated, e.g. 
by collisions with neighboring drops. Thus, an efficiency '7parentl is introduced 
that specifies the fraction of available energy that is actually converted into a ra­
dial velocity component: 

'7 parentl = E kin,!,ael / E kin,! • (5.63) 

The value of '7parentl is sampled from a uniform probability distribution between 
zero and one, where a value of l.0 indicates the maximum possible spray angle 
and a value of 0.0 results in a droplet without a radial velocity component that 
stays directly on the spray axis. The orientation of the radial velocity component 
of the remaining parent droplet within the xy-plane is sampled from a uniform 
prob ability distribution between zero and 3600 , since zone 1 is assumed to be al­
most axis-symmetric. 

The mass of liquid fuel that is split off the parent ligament in order to form sec­
ondary droplets of zone 1 is treated in analogy to the breakup of zone 2, Eqs. 5.54 
to 5.58. That is, a certain fraction of the available energy (defined by K in 
Eq. 5.55) is again needed to come up for the surface energy and the remaining 
fraction is available for a radial momentum. However, because of the dense spray 
at the core of the spray an efficiency '7childl is again sampled from a uniform prob­
ability distribution between zero and one. '7childl is defined in analogy to '7parentl in 
Eq. 5.63. The orientation of the radial velocity component within the xy-plane is 
also sampled from a uniform distribution between zero and 3600 as it is done for 
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the remaining parent droplet of zone 1. Thus, in contrast to the breakup of zone 2 
that results in a three-dimensional droplet distribution, the breakup of zone 1 
causes an axis-symmetric arrangement of droplets. 

In ref. [16] the turbulence and cavitation based primary breakup model has 
been combined with the Kelvin-Helmholtz model for secondary breakup (compare 
Sect. 5.5) and applied to study a non-evaporating spray for the nozzle geometry B 
in Fig. 5.13. An injection pressure of 65 MPa was chosen, the air back pressure 
and temperature were set to 5 MPa and 298 K, respectively. In Fig. 5.16 a) the 
time averaged size distribution of droplets resulting from primary breakup is 
shown. It is clearly visible that the breakup model results in abimodal distribu­
tion with small droplets stemming from breakup of the cavitation zone 2 and sig­
nificantly larger droplets that are formed from the initially intact liquid zone 1. 
The peak at approx. 95 J..lm is caused by the remaining parent droplets of zone 1 
whereas the even distribution between 55 and 95 J..lm results from the child drop­
lets of zone 1 that are stripped of the parent droplet. 

Figure 5.16 b) displays liquid mass eoneentrations along the x-axis indieated in 
Fig. 5.15 at several positions downstream of the nozzle orifiee at a timing 3 ms af­
ter the start of injeetion. As expeeted the radial mass distribution is fairly sym­
metrie at a position close to the nozzle. However, further downstream the peak in 
the mass distribution is shifted towards the upper side of the spray (rp = 0°) that is 
charaeterized by stronger eavitation within the nozzle. Thus, the model is eapable 
of predieting non-axis symmetrie spray angle and mass distributions that are in 
agreement with the optieal results shown in Fig. 5.7. FinaIly, Fig. 5.17 displays 
the eorresponding simulation results of the complete spray, as weIl as the xz-eut 
plane through the spray axis where the droplets resulting from zones 1 and 2 have 
been separated. Again, it ean be seen that the drop lets of the outer zone 2 are de­
fleeted in x-direetion because of the non-symmetrie cavitation effects. 
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Fig. 5.16. Simulation resuIts for Pinj = 65 MPa, Pair = 5 MPa, T air = 298 K. a) time averaged 
drop let size distribution resulting from primary breakup b) Radial liquid mass distribution 
at various distances from the nozzle [16] 
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Fig. 5.17. Droplet distribution 3 ms after injection. Black drop lets are formed from zone 1, 
gray droplets from zone 2 [16] 

5.4.5 Sheet-Atomization Model for Hollow-Cone Sprays 

In direct injection spark ignition (DIS I) engines pressure swirl atomizers are often 
utilized in order to establish hollow cone sprays. These sprays are typically char­
acterized by high atomization efficiencies, i.e. by small droplet diameters and ef­
fective fuel-air mixing that can be realized with only moderate injection pressures 
in the range of 5 to 10 MPa. A schematic illustration of such an injector is shown 
in Fig. 5.18. Due to tangentially arranged inflow ports the fuel is set into a rota­
tional motion within the injector. The resulting centrifugal forces lead to the for­
mation of a liquid film near the injector walls, sUITounding an air core at the center 
of the injector. Outside the injector nozzle the tangential velocity component of 
the fuel is transformed into a mostly radial component such that a cone shaped 
sheet results. Due to mass conservation this sheet thins as it departs further from 
the nozzle and moreover, it is subject to aerodynamic instabilities that cause 
breakup into ligaments, Fig. 5.19. The ligaments then quickly breakup further into 
droplets. This process is driven by aerodynamically induced instabilities on the 
ligament surfaces as well, such that there is a general similarity to the diesel type 
breakup described by the wave-model above. 

Meyer and Weihs [52] conducted a study on the effect of the inner to outer ra­
dius ratio of annular sheets, i.e. the relative sheet thickness compared to the curva­
ture of the annulus, on the goveming breakup mechanisms of such annular liquid 
sheets. They concluded that there is a critical sheet thickness, defined in terms of 
the surface tension, the gas density and the injection velocity as fcrir = Ci /(pgU2). 

For a thickness greater than fcrir the jet behaves like asolid cone diesel type jet, for 
a smaller thickness the annular jet may be treated as a thin planar (two­
dimensional) sheet. The latter case typically applies to injectors utilized in DISI 



5.4 Spray Atomization 147 

engines such that breakup can be treated in analogy to the findings of Squire [91], 
who showed that instability and breakup of planar sheets are caused by the growth 
of sinuous waves, as depicted in Fig. 5.20. 

In many numerical studies on gasoline direct injection engines utilizing pres­
sure swirl atomizers, e.g. [22, 25, 92], the primary spray breakup is modeled with 
the so-called USA (linearized instability sheet atomization) model, that follows 
the above considerations and was presented in detail by Senecal et al. [89]. 

A - A 

Fig. 5.18. Schematic illustration of apressure swirl injector 

Fig. 5.19. Schematic sheet and spray formation with apressure swirl injector [92] 

Fig. 5.20. Breakup mechanism of planar liquid sheets [78] 
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The mathematical fonnulation of the primary breakup, i.e. the disintegration of 
the liquid sheet into ligaments and the first generation of droplets, can be summa­
rized as folIows. 

The total velocity of the fuel exiting the injector is related to the pressure drop 
across the injector exit by 

_ ~2L1Pini 
U -CD ' 

PI 
(5.64) 

and the axial velocity component can be determined by the cone half-angle () of 
the spray, which is assumed to be known for a given injector: 

u = U cos( ()). (5.65) 

Based on similarity considerations between the swirl ports and nozzles, the dis­
charge coefficient CD is assumed to be 0.7. However, the expression 

(5.66) 

has to be obeyed, in order to make sure that the experimentally determined mass 
flow rate mini through the injector does not violate the continuity equation. In the 
general case, where the term on the right hand side of Eq. 5.66 is less than 0.7, it is 
assumed that an air-core exists in the center of the rotating flow as indicated in 
Fig. 5.19. The continuity equation relates the thickness tf of the liquid film inside 
the injector to the measured mass flow rate: 

mini = llut f ( d noz - t f ) . (5.67) 

It is now assumed that at the nozzle orifice a two-dimensional, viscous, incom­
pressible liquid sheet of thickness 2h moves with velocity U through a quiescent, 
inviscid, incompressible gas medium. A spectrum of infinitesimal disturbances is 
imposed on the sheet surface and the liquid-gas interaction causes the amplitudes 
of these disturbances to grow, 

'let) = R( 'lo exp[ikx + OJt]), (5.68) 

which is in direct analogy to the wave-breakup model for diesel sprays, Eg. 5.36. 
'lo is the initial wave amplitude, k = 21l / A is the wave number, and OJ = w,.+i co, is 
the complex growth rate of the surface disturbances. The most unstable distur­
bance has the largest value of co,. , denoted by n, and is assumed to be responsible 
for sheet breakup. Thus, it is desired to obtain a dispersion relation co,. = OJr (k) 
from which the most unstable disturbance can be deduced. 

In refs. [91] and [40] it has been shown that two solutions, or modes, exist 
which satisfy the liquid goveming eguations subject to the boundary conditions at 
the upper and lower interfaces of the sheet. For the first solution, called the sinu-
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ous mode, the waves at both surfaces are exactly in phase. On the other hand, for 
the varicose mode the waves are 7r radians out of phase. It has been suggested by 
Senecal et al. [89], that concentrating on the sinuous mode is sufficient for typical 
engine type applications. Moreover, it was concluded that a simplified form of the 
dispersion relation, 

2 k 2 4V2k4 + Pg U2k2 _ a-k3 

ror =- VI + I (5.69) 
PI PI 

can be used if three main assumptions are made: first of all, an order of magni­
tude analysis using typical values from the inviscid solutions shows that the terms 
of second order in viscosity can be neglected in comparison to all other terms. In 
addition, if a critical gas Weber number of Weg=27/16 (based on the relative ve­
locity, the gas density and the sheet half-thickness) is exceeded, short waves will 
grow on the sheet surface, with a growth rate independent of the sheet thickness. 
Lastly, the gas to liquid density ratio has to be sufficiently small (Pg / Pt« 1). All 
of the above conditions are typically met by modern pressure-swirl atomizers in 
DISI engine type applications. 

Once the disturbances on the sheet surface have reached a critical amplitude, 
ligaments are assumed to be formed. The breakup time 'b for this process can be 
formulated based on an analogy with the breakup length of cylindricalliquid jets, 
e.g. [80], 

, =~ln(17b) 
b r. ' 

~~ 170 
(5.70) 

where 17b is the critical amplitude at breakup, 170 is the amplitude of the initial dis­
turbance and n is the maximum growth rate, that is obtained by numerically 
maximizing Eq.5.69 as a function of the wave number k. The corresponding 
breakup length L can then be estimated by assuming a constant velocity for the 
liquid sheet: 

L=U'b = U ln(17b). 
n 170 

(5.71) 

The quantity ln(17J17o) is usually given a value of 12 as suggested in ref. [26]. 
The diameter of the ligaments formed at the point of breakup is obtained from a 
mass balance, assuming that that the ligaments are formed from tears in the sheet 
once per wavelength. The resulting diameter is given by 

d =~~A.2h=l6h 
L S K ' 

7r s 

(5.72) 

where Ks is the wave number Ks = 27r/As corresponding to the maximum growth 
rate n, that will lead to breakup of the sheet. Hence, the ligament diameter is a 
function of the sheet half-thickness h at the breakup position, which is related to 
its initial value ho at the nozzle orifice by 
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and 
t 

ho ~ ..Lcos( B) . 
2 

(5.73) 

(5.74) 

Tbe further breakup of ligaments into droplets is calculated based on an anal­
ogy to Weber's result for growing waves on cylindrical, viscous liquid columns. 
The wave number KL for the fastest growing wave on the ligament is [87]: 

K d _ [! 3 PI ]-112 
L L - +-;:::::::=== 

2 2~PICFdL 
(5.75) 

If it is assumed that breakup occurs when the amplitude of the most unstable wave 
is equal to the radius of the ligament, one drop will be formed per wavelength. A 
mass balance then yields 

( 
2 ]"3 d = 3;rdL 

drop K 
L 

(5.76) 

for the drop let diameter ddrop' 

In ref. [92] the USA sheet atornization model was combined with the TAB­
model for secondary droplet breakup (compare Sect. 5.5) and applied to simulate a 
non-evaporating spray development in apressure bomb. Tbe injection parameters 
are summarized in Table 5.1, and in Figs. 5.21 and 5.22 the computational results 
are compared to spray photographs for three different timings after injection start 
and for two different back pressures. 

Table 5.1. Injeetion parameters for sprays shown in Figs. 5.21 and 5.22 

Injeetion parameter Quantity 

Spray half-eone angle 9 [0] 54 

Dispersion angle ~9 [0] 10 

Fuel mass [mg] 44 

Fuel temperature [K] 300 

Air temperature [K] 300 

Nozzle diameter [mm] 0.458 

Injeetion pressure [MPa] 4.93 

Injeetion duration [ms] 6.1 

Liquid density [g/em3] 0.76 
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t = 0.444 ms t = 1.111 ms t = 1.777 ms 

" 

.. :i~' 
Fig. 5.21. Spray images. Pair = 101 kPa [92] 

t = 0.444ms t = 1.111 ms t = 1.777 ms 

Fig. 5.22. Spray images. Pair = 366 kPa [92] 

Both series of pictures suggest that the USA spray model can predict the char­
acteristic behavior of the spray very weIl. Just after the start of injection at 
t = 0.444 ms the spray has an almost perfect cone shape with the cone angle as 
specified in Table 5,1. During the progress of injection (t = 1.111 ms and 
t = 1.777 ms), the spray shape deviates from its initial perfect cone shape. The 
cone angle becomes narrower towards the spray front and a re-circulating vortex 
starts to form at the spray edges. This vortex is very well developed and is c1early 
visible at t = 1.777 ms, The influence of the increased backpressure on the spray 
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is predicted very well, too. Comparing Figs. 5.21 and 5.22, it can be seen that the 
spray tip penetration decreases for the higher air pressure. Moreover, the cone an­
gle becomes significantly narrower and the vortex at the spray edge is much more 
distinct for this case. 

The latter effect, that the initially conicalliquid sheet closes in on itself, may be 
even more distinct under certain boundary conditions, such that a so-called water 
bell can be formed, Fig. 5.23. The recombined liquid jet breaks up into a full-cone 
spray of large drops downstream of the bell, which is obviously not desirable in 
engine applications. Criteria for predicting the boundary between the two regimes 
can be formulated by using the results of studies on water bells generated by injec­
tion through poppet valves. The bell reattachment length y and the width x are 
given by 

y x pp25tf 
(5.77) --

F(f) G(f) 20-

where 

F(f) = 21n( secf) + ,Jsec2 f) -1 ), (5.78) 

G( f) = 1 - cos f) , (5.79) 

and 5 and tl are the radius of the poppet valve (Fig. 5.23) and the sheet thickness at 
the nozzle, respectively. 

The ratio of the reattachment length y to the breakup length L of the liquid 
sheet, that may be calculated by Eq. 5.71, serves as a predictor of the breakup re­
gime. Reitz [78] suggests that a ratio of y/L = 1 is a reasonable criterion for esti­
mating the location of the regime boundary. Thus, for good atomization in the 
sheet breakup regime small y/L-ratios are required. This is typically achieved with 
low surface tension, high injection pressure, and a large nozzle cone angle. 

Fig. 5.23. Schematic illustration of sheet breakup and water bell from poppet nozzles [78] 
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5.5 Secondary Droplet Breakup 

5.5.1 Drop Breakup Regimes 

The secondary breakup of liquid fuel drops into even smaller drop lets is primarily 
driven by aerodynamic forces employed on the drops by the surrounding gas 
phase. These forces cause a distortion of the initially spherical droplet that will 
eventually lead to breakup if the surface tension that counteracts the deformation 
is exceeded. Consequently, the dimensionless droplet Weber number, which re­
lates the dynamic pressure to the surface tension and is defined as 

2 Pgrd Vrel 
We=--­

(J" 

(5.80) 

is a characteristic measure of the breakup behavior of liquid droplets. Depending 
on the relative velocity between droplet and gas phase, and thus depending on the 
Weber number, several different breakup mechanisms have been observed in ex­
perimental studies. Often the five different breakup regimes schematically shown 
in Fig. 5.24 are distinguished. 

For very low Weber numbers near the critical value of about six the droplet 
executes an oscillation and may breakup into two new droplets of approximately 
equal size. If the Weber number is slightly increased the original drop will be de­
formed into a bag shape. After breakup abimodal droplet size distribution will re­
sult with larger drop lets originating from the rim and smaller ones originating 
from the trailing edge. For Weber numbers between approx. 10 and 25 an addi­
tional streamer-shaped interior may develop within the bag, leading to a class of 
drop lets with a similar size to the ones resulting from the rim of the bag. Stripping 
breakup occurs for Weber numbers between 25 and 50. It is characterized by very 
small secondary droplets that are stripped or sheared off the surface of the bigger 
parent droplet. Finally, for large Weber numbers above about 50 the so-called 
catastrophic breakup takes place. It is dominated by surface instabilities that de­
velop on a liquid-gas interface subject to strong accelerations in a direction normal 
to the interface. It should be noted though that there is some uncertainty about the 
limiting Weber numbers, especially towards the high-end of Weber numbers be­
tween the stripping and catastrophic regimes. For example, Arcoumanis et al. [8] 
distinguish two different kinds of stripping breakup, namely the sheet stripping 
and the wave crest stripping regimes, and extend their applicability to significantly 
greater Weber numbers such that catastrophic breakup does not occur until a value 
of We '" 500 is exceeded. 

In high pressure diesel or gasoline sprays all of the above mechanisms may be 
present. Starting close to the injector orifice the relative velocity between droplets 
and gas and thus the Weber number is very large, such that catastrophic breakup is 
the dominant mechanism. However, further downstream of the nozzle droplets 
with significantly smaller Weber numbers may be present because of both lower 
relative velocities and smaller diameters resulting from previous breakup and 
evaporation. 
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Fig. 5.24. Drop breakup regimes [107] 
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A variety of mathematical models for drop breakup have been proposed in the 
literature. Most of these models have been established in order to describe one 
particular of the above breakup mechanisms. Nevertheless, in engine spray simu­
lations they are - for the sake of simplicity - often applied to the entire spectrum 
of breakup regimes. This is not entirely true though. In recent years it has be­
come more and more standard to determine the goveming breakup mechanism for 
a droplet class and then apply the more appropriate of at least two breakup mod­
els, e.g. a combination of the Kelvin-Helrnholtz and the Rayleigh-Taylor model. 

In the subsequent sections the secondary breakup models that are applied most 
often in engine spray simulations will be discussed. 

5.5.2 The Reitz-Diwakar Model 

In a first attempt to include secondary drop let breakup in CFD spray calculations 
Reitz and Diwakar [82] utilized the findings of Nicholls [58], who experimentally 
determined the criteria for bag and stripping breakup as: 

Bag breakup We>6 (5.81) 

We 
----uz > 0.5 
Re 

Stripping breakup (5.82) 

The Weber number is defined as specified in Eq. 5.80, and the Reynolds number 
is 

Re = 2rd vrel • 

vg 

The corresponding lifetimes for unstable droplets are given as 

(5.83) 
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(5.84) 

(5.85) 

where the constants Cl and C2 are of order unity. 
Whenever one of the breakup criteria is satisfied for a drop let dass for longer 

than the respective breakup time, it is assumed that the original droplet is disinte­
grated into a number of smaller drop lets. All child droplets are of equal size. It is 
determined fram equating the respective breakup criterion (Eq. 5.81 or Eq. 5.82) 
to its critical value and by solving it for the droplet diameter. Thus, it is assumed 
that the new child droplets are initially in astate that is just stable. The number of 
child droplets Nd.child resulting from breakup of one dass of parent droplets is de­
termined by mass conservation principles: 

N d.child . r}.Child = N d,parent . r},parent . (5.86) 

5.5.3 The Taylor-Analogy Breakup Model 

Based on the Taylor analogy [101], that assurnes that the droplet distortion can be 
described as a one-dimensional, forced, damped, harmonic oscillation similar to 
the one of a spring-mass system (see Fig. 5.24 a), O'Rourke and Amsden [61] 
proposed the so-called TAB (Taylor Analogy Breakup) model and implemented it 
into the KIVA-code. In this model the momentary droplet distortion is character­
ized by the dimensionless parameter y = 2x/r, where x describes the deviation of 
the droplet equator from its equilibrium position, see Fig. 5.4. Assuming that the 
liquid viscosity acts as a damping element and the surface tension as arestoring 
force, the equation of motion can be written as 

.. 5 f.1t. 80" 2 P g V;et 
Y+--2 Y+--3 Y=--2-' 

ptr Pt r 3Ptr 
(5.87) 

If it is further assumed that the relative velocity between drop let and gas re­
mains constant, integration of Eq. 5.87 leads to the formulation of the time­
dependent distortion amplitude, 

We III [( we) (Ya Ya - We/12). 1 y(t) = -+e- d. Ya -- cOSaJt+ -+ SlllaJt , 
12 12 aJ aJ td 

(5.88) 

h 2p/r2 2 80" 1 d d . h' .. I w ere t d = -5--' aJ = --3 - 2"' an Ya an Ya are t e lllltIa values of the 
f.1/ Pt r td 

distortion and its temporal change rate, respectively. Typically, Ya and .Va are 

both taken as zero. 



156 5 Multidimensional Models of Spray Processes 

Breakup occurs if and only if the distortion parameter y exceeds unity, i.e. the 
equator deviation x becomes greater than half the droplet radius (Fig. 5.4). For an 
inviscid liquid it can be shown that this is the case when the Weber number ex­
ceeds a critical value of six, which is in agreement to the experimental findings 
described above. After implementing the breakup criterion y> 1 into Eq. 5.88, 
one can solve for the corresponding breakup time. 

Two limiting cases can now be investigated: bag breakup for very low Weber 
numbers (We :::; 6) and stripping breakup for very large Weber numbers. In the 
first case it is assumed that breakup occurs when m tbu = Ir, and the breakup time 
becomes 

tbu = Ir~Plr3 . 
80" 

(5.89) 

For high Weber numbers in the stripping breakup regime It lS assumed that 
breakup (y > 1) occurs much earlier in the oscillation period, i.e. m tbu «Ir. In 
this case the breakup time can be reduced to 

t bu = J3 ~ fli. (5.90) 
vrel V Pg 

These results are identical to the findings of Nicholls [58], Eqs. 5.84 and 5.85, if 
the constants Cl and C2 are chosen as m(8)1/2 and (3)112, respectively. Thus, even 
though the assumption of a one-dimensional droplet oscillation may not be exactly 
valid for an entire engine type spray, the TAB model predicts the same breakup 
durations for the limiting cases of low and high Weber numbers as the Reitz­
Diwakar model. 

The TAB model has also been used in order to determine the normal velocity 
component of child drop lets after breakup and thus, the spray angle. At the time 
of drop let breakup the equator of the parent droplet moves with a velocity of 
x = y r / 2 in a direction normal to the drop let path. This velocity is taken to be 
the normal velocity component of the child droplets, and the spray half angle can 
be estimated as 

a x 
tan-=-. 

2 vrel 

(5.91) 

The quantity of y at the time of breakup can be derived from Eq. 5.88, and for 
large Weber numbers that are typically encountered near the injector it reduces to 

. We 2 
y:::;-mtbu ' 

12 

such that the spray angle finally becomes 

tan a =C .J3. ~ 
2 v 3 VP:' 

where C is a constant of order unity. 

(5.92) 

(5.93) 
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The radius of the child drop lets after breakup is ca1culated based on the concept 
that the sum of the surface energy and the energy bound in the distortion and 
oscillation of the parent drop is equal to the sum of surface energy and kinetic en­
ergy due to the normal velocity component of the child droplets, i.e. 

2 "5·2 2 2 2 r "5 ·2 
4"r O'+K-P1r (y +lü Y )=4"r O'-+-r P1Y . 

5 r32 6 
(5.94) 

K is a correction factor that accounts for the superposition of multiple oscillations 
in the real droplet and is suggested to be K = 10/3. Equation 5.94 implies that 
immediately after breakup the child drops are spherical and their distortion rate is 
zero. After several mathematical manipulations the above energy balance leads to 
the expression 

r 7 P1r 3 • 2 -=-+--Y 
r32 3 80' 

(5.95) 

that relates the parent drop let radius r to the Sauter mean radius of the child drop­
lets r32. It is theoretically possible to assurne that all child drop lets have the same 
size, similar to the treatment in the Reitz-Diwakar model. However, more often a 
continuous size distribution is applied to the child drop lets around the mean radius 
of r32 in order to obtain a more realistic spray of various drop sizes. Typically a 
chi-square or a Rosin-Rammler distribution is chosen for this purpose [61, 37]. 

In ref. [96] Tanner has modified the TAB model in order to obtain more realis­
tic results for global spray parameters such as penetration, radial expansion and 
cross-sectional drop size distributions. In this so-called ETAB (enhanced TAB) 
model the major variation compared to the original TAB model is in the ca1cula­
tion of the size and number of child drop lets after breakup. Here it is assumed that 
the rate of child droplet generation is proportional to the number of child droplets 
Nd,child: 

dNd,child(t) = 3K N (t) 
dt bu d,child . (5.96) 

The proportionality constant (3 Kbu) depends on the breakup regime (the factor 
3 has been introduced to simplify later expressions), and is specified as 

if We::;We t 

if We > We t ' 

(5.97) 

where a transition Weber number of We/ = 80 is suggested in order to distinguish 
between bag and stripping breakup. The values of k1 and k2 have been adjusted as 
k1=k2=2/9 in order to match experimentally determined drop sizes. The number of 
child droplets can be written as 

m N - d,parent 
d,child - (5.98) 

md,child 

and differentiation yields 
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Fig. 5.25. Ratio of child to parent droplet radii predicted by TAB and ET AB models [96] 

dNd.child 

dt 
md.parent • dmd.Child 

2 dt 
md.child 

Implementing Eqs. 5.98 and 5.99 in Eq. 5.96 the expression 

(5.99) 

(5.100) 

is obtained, and assuming a uniform distribution of child droplet sizes integration 
of Eq. 5.100 leads to the ratio of child to parent drop let radii: 

rd.child - (-K t ) - exp bu bu • 

rd,parent 

(5.101) 

The breakup time tbu is obtained from the original TAB model, Eqs. 5.89 and 5.90. 
The global effect of the ET AB model is that it generally predicts greater child 

droplet diameters than the original TAB model, Fig.5.25. As a result, a more 
realistic droplet size distribution, especially in the thick spray regime c10se to the 
injection nozzle, is obtained. 

5.5.4 The Kelvin-Helmholtz Breakup Model 

Reitz [76] has shown that the wave-breakup theory describing the development of 
Kelvin-Helmholtz (KH) instabilities on a jet surface can be also be applied to 
model the secondary breakup of droplets, see Sects. 5.4.2 and 5.4.3. The complete 
formulation has already been given above, but it should be noted that for a specific 
adjustment of the breakup time constant B h the same results can be recovered than 
from the TAB model. The breakup time was given in Eq. 5.48 as 

r 
r = 3.726Bj - , An 

(5.102) 
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where the parent droplet radius r is equivalent to the jet radius a. Substituting 
Eqs. 5.38 and 5.39 for the wave length A and the wave growth rate n of the most 
unstable surface waves, respectively, into the above equation, the formulation 

[p? 
T = 0.82 BI v-;;- (5.103) 

is found for an inviscid liquid at the low Weber number limit (We = 6). This 
agrees to the result of the TAB model, Eq. 5.89, if the time constant is chosen as 
BI = 1.35. 

For the other limiting case of very large Weber numbers, i.e. in the stripping 
breakup regime, Eq. 5.102 becomes 

T = BI ~ f!l, (5.104) 
vrel ~ Pg 

which is the same result as in Eq.5.90 if BI = .J3 . Moreover, the Kelvin­
Helmholtz breakup model also predicts anormal velocity component of the sec­
ondary droplets after breakup that is determined from Eq. 5.42 and corresponds to 
Eq. 5.93 if the constants are chosen appropriately. However, as noted above there 
is considerable uncertainty about the value of BI' In the literature values ranging 
from 1.73 up to 30 have been used, and in ref. [78] it was pointed out that BI may 
need to be adjusted to different initial disturbance levels of the droplet. 

It should be noted though, that there is one significant difference in the numeri­
cal implementation of the TAB and KH breakup models. While in the TAB 
model one parcel of parent droplet is replaced by one parcel of identically sized 
child drop lets after breakup, the KH breakup model results in abimodal droplet 
size distribution with small droplets that are sheared off the surface of the parent 
drop lets and larger droplets remaining from the original parent drop let. This ef­
fect is implemented into the numerical scheme of the CFD code by generating ad­
ditional droplet parcels after breakup. 

5.5.5 The Rayleigh-Taylor Breakup Model 

The Rayleigh-Taylor (RT) breakup model is based on theoretical considerations of 
Taylor [100], who investigated the stability of liquid-gas interfaces when acceler­
ated in anormal direction to the plane. Generally, it can be observed that the in­
terface is stable when acceleration and density gradient point to the same direc­
tion, whereas Rayleigh-Taylor instabilities can develop if the fluid acceleration 
has an opposite direction to the density gradient. For a liquid droplet decelerated 
by drag forces in a gas phase this means, that instabilities may grow unstable at 
the trailing edge of the droplet, Fig. 5.26. 

The acceleration (or deceleration) of a droplet is due to drag forces and follows 
from Eq. 5.13, 
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2 Ifrl =iCD pgvrel , 

8 PI r 
(5.105) 

where Vrel is the relative velocity between droplet and gas, and r is the droplet ra­
dius. Based on the assumption of linearized disturbance growth rates and negligi­
ble viscosity the frequency and wavelength of the fastest growing waves are 

(5.106) 

and 

3a 
A = 2" 10--.-------Ifrl(PI -Pg ) , 

(5.107) 

respectively [17]. In many applications of the RT-breakup model the gas density 
is neglected in the above equations because it is significantly smaller than that of 
the liquid. It is apparent from Eq. 5.106 that the acceleration is the prime factor 
causing a rapid growth of Rayleigh-Taylor instabilities, whereas the surface ten­
sion counteracts the breakup mechanism. 

The breakup time is found as the reciprocal of the frequency of the fastest 
growing wave: 

(5.108) 

Furthermore, the size of the new child drop lets is calculated in dependence of the 
RT-wavelength A, and breakup is only allowed when A is less than the diameter 
of the parent droplet [68]. In ref. [94] the number of new droplets is determined as 
the ratio of the maximum diameter of the deformed parent drop let to A, and the 
corresponding diameter of the child drop lets is obtained from mass conservation 
principles. 

Typically, the Rayleigh-Taylor breakup model is not applied as the only 
method to describe secondary drop let breakup, but it is rather used in combination 
with an additional breakup model, most often with the Kelvin-Helmholtz model 
describing stripping breakup. In that case the RT- and KH-models are imple­
mented in a competing manner, i.e. the droplet breaks up by the mechanism that 
predicts a shorter breakup time. Close to the injector nozzle where the droplet ve­
locities are highest, the RT -breakup is usually the goveming mechanism, whereas 
the KH-breakup becomes more dominant further downstream. 

Fig. 5.26. Schematic illustration of Rayleigh-Taylor instabilities on a liquid droplet 
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However, one more constraint exists in most applications. In order to be able 
to reproduce experimentally obtained intact core or breakup lengths, e.g. given by 
the relation 

Lbu = C· fEZ.. d lloz ' 

V Pg 

(5.109) 

the RT-breakup model that would predict extremely rapid breakup directly at the 
nozzle exit is switched off within this breakup length [20]. 

Since the RT-breakup model predicts the disintegration of a parent droplet into 
a number of equally sized child droplets, the combination of the RT- and KH­
breakup models counteracts the formation of sprays with a distinct bi modal drop­
let size distribution as they will be predicted if the KH-model is applied as the 
only mechanism of secondary droplet breakup. 

5.6 DropletiDroplet and SpraylWall Interactions 

5.6.1 Droplet Collision and Coalescence 

Droplet collisions may occur in almost all spray applications, but especially in 
high press ure sprays as utilized in combustion engines. These collisions have a 
strong influence on the mean drop let size and its spatial distribution and can there­
fore affect subprocesses of spray combustion such as mass, momentum and energy 
transfer between gas and droplets. The probability that two drop lets collide obvi­
ously depends on their velocities and directions as weIl as on the local void frac­
tion within the spray. Thus, the frequency of droplet collisions is greatest in the 
dense spray regions c10se to the nozzle and near the spray axis. It is also notice­
able in the vicinity of combustion chamber walls where incoming and outgoing 
droplets may interact, or for drop lets of significantly different velocity, e.g. be­
cause small droplets are decelerated more quickly by drag forces than larger ones. 

Collision Regimes 

The mechanisms behind droplet collisions are complex and many studies have 
been conducted on this topic. In general, it can be conc1uded that several types of 
droplet-droplet interaction are possible in collisions, e.g. [34, 72]: (i) the droplets 
may bounce apart almost elastically because of a dynamic pressure rise in the gas 
layer separating the droplets, (ii) they may coalesce permanently, (iii) they may 
coalesce but separate again shortly afterwards, or (iv) shattering may occur in 
which tiny drop lets are expelled radially from the periphery of the interacting 
droplets. The third regime, temporary coalescence and subsequent separation, can 
be further subdivided into reflexive separation and stretching separation, depend­
ing on whether there is a "head-on" collision or an off-axis "grazing" collision, 
Fig.5.27. 
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a) head-on collision (reflexive separation) 

CD 
CD 
b) off-axis collision (stretching separation) 
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~ 

Fig. 5.27. Schematic diagrams and photographs of (a) head-on and (b) off-axis collision 
with separation of drop lets [10] 

The above collision regimes can be classified based on a collision Weber num­
ber and an impact parameter as qualitatively shown in Fig. 5.28. The collision 
Weber number is defined as 

(5.110) 

where the relative velocity Vrel between the droplets is determined as 

(5.111) 

The subscripts 1 and 2 refer to the larger and smaller of the two colliding droplets, 
respectively. According to Fig. 5.29 ais the angle between the paths of the drop­
lets prior to breakup. The impact parameter x is defined as the dimensionless dis­
tance between the droplet centers measured perpendicular to the relative velocity 
vector: 

b 
x=--. (5.112) 

1j + r2 

Thus, x = 0 indicates a head-on collision, and x = 1 a "glancing" collision where 
the droplets just touch each other. 
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Fig. S.28. Droplet eollision regimes 

Fig. 5.29. Geometrie collision parameters 

Collision Modefing 

While fairly detailed theories have been proposed to describe the various collision 
mechanisms included in Fig. 5.28, e.g. [11, 34, 70], up to now their application in 
numerical simulations has been mostly limited to fundamental studies. In most 
engine spray simulations the collision model by O'Rourke [60, 62] has been used 
as the standard collision model, probably because of two reasons. Firstly, the im­
plementation of detailed collision models into CFD codes may be quite complex, 
and secondly, there is a general difficulty in even assessing the quality of a colli­
si on model by comparison to experimental spray data. The latter typically repre­
sents an integral result of both drop let breakup and droplet collision processes. 
And as noted above, there are still uncertainties encountered in the breakup 
modeling as weIl. 

The O'Rourke collision model distinguishes only two spray regimes, coales­
cence and stretching separation. The physical criterion for separation is that the 
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rotational energy of the temporarily coalesced drop pair has to exceed the surface 
energy required to re-form the original drops from the coalesced pair. The respec­
tive regime boundary has been indicated has Xcrit in Fig. 5.28. It can be derived 
by equating the extra surface energy necessary for separation of the drop lets to the 
rotational kinetic energy of the combined drop 

( 2 2 2) 1 L2 . 
.1. k surf = 4JrO" 1j + r2 - '-ff == krat = 21 ' (5.113) 

where reff is the effective radius of the combined drop, L is the angular momentum 
about the center of mass, and J is the moment of inertia: 

( 3 3)113 
reff = 1j +r2 ' 

J=3:..(m j +m2)re~· 
5 

(5.114) 

(5.115) 

(5.116) 

Substituting Eqs. 5.114 to 5.116 into Eq. 5.113 yields, after some mathematical 
rearrangements, the result for the critical impact parameter, 

12f(y) 

5Wecol ' 
(5.117) 

where (y= r2lrl) is the ratio of the droplet radii (0< y:::;' 1), andf(J1 stands for the 
rather complex expression 

(y3 + 1 f [ 2/3 ] 
f(y) = 2· y2+1_(y3+1). (5.118) 

y6(Y+l) 

Thus, Xcrit is a function of the collision Weber number and of the droplet size ratio. 
In fact, Eq. 5.117 has the effect that for a constant Weber number the critical im­
pact parameter increases as the radius ratio yapproaches zero. This can be ex­
plained ostensively by taking into account that for a constant Weber number (de­
fined as a function of the smaller droplet) a decrease in ymeans that the size of the 
larger drop increases. And the larger the size of large drop, the more easily it can 
absorb the energy of the small drop. 

In case the two droplets permanently coalesce, i.e. if x is less than Xcrit, the ve­
locity v' of the combined droplet after collision is calculated as 

and the new temperature becomes 

T' = mjI; +m2T2 . 
mj +m2 

(5.119) 

(5.120) 
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In the case of stretching separation, O'Rourke [60] derived the equations 

_, mivi +m2 v2 +m2 (VI - vJ b-bcri, 
VI = . 

m l + m2 Ti + r2 - bCril 

(5.121) 

and 

b-bcrit 

rl +r2 -bcrit 

(5.122) 

for the velocities of droplets 1 and 2 after collision and subsequent separation, 
wh ich implies some simplifying assumptions. Furthermore, the temperature of the 
initial drop lets is assumed to be not affected by the collision. 

Implementation of Collision Models in CFD Codes 

In spray simulations with a large number of drop lets it is not feasible to check for 
every drop whether its path crosses the path of any other drop during a time step 
such that collision occurs. Therefore, a statistical technique that yields a collision 
probability is necessary. Typically, this is achieved by assuming that the probable 
number of collisions k between NI droplets of parcel 1 and Nz droplets of parcel 2, 
where parcels 1 and 2 are both located within the same computational grid cell, 
follows a Poisson distribution, 

(VI2 ·llt)k ( ) 
P(k) = exp -VI2 ·llt , (5.123) 

k! 

where II t is the time increment of the computation and VIZ is the time averaged 

collision frequency given as 

(5.124) 

Again, subscript 2 indicates the smaller of the two droplets, and Vcel! is the volume 
of the computational grid cello 

The numerical procedure is to sampIe the integrated distribution function of 
P(k) from a uniform distribution between zero and one, and to solve it for the 
number of collisions k within the particular time step. In order to determine the 
impact parameter, the off-center distance b is determined from the relation 

b2 =q'(Ti +rS, (5.125) 

where q is again sampled from a uniform distribution between zero and one. 

5.6.2 Spray-Wall Impingement 

Especially in modem passenger car diesel engines with compact combustion 
chambers and high pressure injection systems spray wall impingement is an inher­
ent subprocess of mixture formation. However, its influence on combustion is in-
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explicit. On the one hand, it may intensify spray heating and vaporization because 
the drop let shauering at impact causes an increase in the overall spray surface 
area. On the other hand, a liquid wall film caused by fuel deposition is often sub­
ject to insufficient mixture preparation and thus contributes to an increase in un­
bumed hydrocarbon and soot emissions. As a consequence, a detailed understand­
ing of the subprocesses involved in spray wall impingeI}1ent is necessary in order 
to asses the overall effects on combustion and engine performance. 

Impingement Regimes 

Depending on the impact conditions the outcome of droplet-wall interactions can 
be classified into several different regimes that are schematically shown in 
Fig.5.30. The droplet may (i) stick to the wall in nearly spherical form, it may 
(ii) rebound because of either gas that is trapped between the drop and a liquid 
wall film or because of a fuel vapor layer that forms on a hot, dry wall, it may (iii) 
spread out to form a liquid wall film, it may breakup into a number of smaller 
droplets which can be either boiling induced (iv) or caused by the kinetic energy 
of the incoming droplet (v), or the drop may (vi) splash, in which a crown is 
formed, jets develop on the periphery of the crown and the jets become unstable 
and breakup into many fragments. 

The impingement parameters goveming the existence of the above regimes in­
clude fuel properties like density, surface tension and viscosity, the droplet size, 
incident angle and velocity, the wall temperature and roughness or, if present, the 
liquid walllayer thickness, as weIl as the characteristics of the gas boundary layer 
at the wall. Some of the above parameters can be combined to yield the following 
dimensionless parameters that are essential to the modeling of the impingement 
process. 

The droplet Weber number is defined in terms of the incident droplet diameter 
and its velocity component normal to the wall. It represents a measure of the 
droplet kinetic energy to its surface energy: 
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Fig. 5.30. Schematic illustration of different impact mechanisms [13] 

(5.126) 



5.6 DropletIDroplet and Spray/Wall Interactions 167 

8 , 
I 
I 

7 ~stiCk rebound 

0 
6 

5 0 

Weout 

4 

slide 
3 

2 o exp. data [104] 

- eq. 5.128 [35] 

o +-~.---.----.---.---.---.---,.---~--.-~ 
o 10 20 30 40 50 60 70 80 90 100 

Wein 

Fig. 5.31. Outgoing VS. approach Weber number 

The droplet Laplace number relates the surface tension to the liquid viscosity: 

L - pfadin a----2- • 

f1 
(5.127) 

Often this measure is also expressed by the Ohne sorge number which is related to 
the Laplace number by (Z = La'II2). 

Wachters and Westerling [104] conducted an early experimental study about 
water droplets impinging on a heated wall and found out that the Weber number of 
the outgoing drop is strongly dependent on the Weber number of the incoming 
drop. Gonzalez et al. [35] utilized these experimental results and presented a 
curve fit for the outgoing Weber number, 

We OU, = 0.678 Wein exp(-0.044 Wein)' 5< Wein< 80 (5.128) 

which is plotted in Fig. 5.31 in addition to the respective experimental data. It was 
proposed that for very low impact energies with (Wein S 5) the drop sticks on the 
wall. Within the range (5< Wein< 80) there is droplet rebound. However, for in­
cident Weber numbers greater than about 30 the outgoing Weber number is re­
duced again. This phenomenon is attributed to breakup of the incident drop let 
during impact which is associated with an increase in surface energy, and conse­
quently a decrease in kinetic energy. For incident Weber numbers in excess of 80 
it is assumed that the drops slide along the wall in the manner of a liquid jet. 

Bai and Gosman [13] suggested a more detailed map of impingement regimes 
that includes the wall temperature in addition to the incident Weber number in or­
der to determine the impact outcome. Furthermore, as indicated in Fig. 5.32 the 
additional regimes of spread, breakup and splash have been considered such that 
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all impact mechanisms shown in Fig. 5.30 are accounted for. The characteristic 
wall temperatures Tb, TN and T1eid that are indicated on the horizontal axis are the 
liquid boiling temperature, the Nakayama temperature at which a droplet reaches 
its maximum evaporation rate and the Leidenfrost temperature, respectively. The 
latter is characterized by a minimum evaporation rate because of an insulating sta­
ble vapor cushion that develops between the wall and the liquid. 

Especially the splash regime that is observed for very high impact energies may 
be important to applications with a short distance between injector and wall, be­
cause these mechanisms contribute to a reduction in the mean droplet size and 
thus to an enhanced evaporation rate. On the other hand, in typical engine appli­
cations - especially in diesel engines where wall impingement is of greater impor­
tance because of the high injection pressures - the wall temperatures of the co m­
bustion chamber are often not significantly above the boiling temperature of the 
fuel. Thus, the two breakup regimes are often neglected in impingement models 
applied to engine sprays. 

Impingement Modeling 

Naber and Reitz [57] developed a model that is oriented on the three breakup re­
gimes stick, reflect and slide as indicated in Fig. 5.31. As noted above, a drop is 
assumed to stick at the wall for very low incident Weber numbers. After impact it 
stays at the impingement location and continues to evaporate. In the so-called re­
flect regime applicable for intermediate incident Weber numbers the tangential ve­
locity component of the outgoing drop let remains unchanged whereas the normal 
velocity component keeps its initial absolute value but changes its sign after im­
pact. Note that this causes specular reflection and is in contrast to the experimen­
tal results in Fig. 5.31, where the outgoing Weber number is generally smaller 
than the incident Weber number. Consequently, there is no droplet breakup con­
sidered in this model. However, in a later study Eq. 5.128 was included in the re­
flect regime in order to account for energy dissipation during impingement instead 
of assuming specular reflection [35]. 

For the slide regime an empirie al approach was chosen in analogy to a liquid jet 
impinging on an inclined wall (Fig. 5.33). The jet angle rp at which the impinging 
drop leaves the impact position in the plane of the wall was derived from mass and 
momentum conservation as 

Wein, n splash 

-------:-~~~;k;~:-breäk~p--
spread ~---------i-------­

: boiling : 
--------l induced : rebound 

stick : breakup : 
L-----~------_r-----r-.Tw 

Fig. 5.32. Overview of impingement regimes for a dry wall[13] 
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plan view 

Fig. 5.33. Wall impingement in the slide regime [57] 

qJ = - (;)- In [ 1- P ( 1 - exp ( - ß))] , (5.129) 

where ß is determined from 

. exp(ß)+ 1 1 
Slna= .----

exp(ß) -1 1 + (71 / ß)2 
(5.130) 

and P is sampled from a uniform distribution between zero and one. The drop in­
cident angle ais measured relative to the normal vector of the wall as indicated in 
Fig.5.33. Again, breakup resulting from impingement is not considered in the 
model. 

Bai et al. [13, 14] proposed a more detailed impingement model that distin­
guishes between dry and wetted walls. In the dry case the stick, spread and splash 
regimes are considered, where the former two have been combined to a so-called 
adhesion regime in which a liquid wall film is formed. This can be justified by the 
reasoning that in engine sprays there is seldom a single droplet impinging on a 
wall but rather a large number of droplets that will quickly form a wall film even 
if impact is in the stick regime. The transition criterion between adhesion and 
splash is given in terms of the Laplace number as 

Adhesion ~ Splash Wec = A· La-o.i8 , (5.131) 

where the parameter A depends on the surface roughness of the dry wall. For 
standard cases a value of A = 2630 has been suggested in ref. [14]. 

For a wall that has already been wetted by prior impingement fOUf different re­
gimes are distinguished: stick, rebound, spread and splash. The transition Weber 
numbers between these regimes are given as: 

Stick ~ Rebound Wec =2 (5.132) 

Rebound ~ Spread (5.133) 

Spread ~ Splash Wec = 1320· La-o.i8 (5.134) 

In the stick and spread regimes the drop let mass is added to the already existing 
wall film. In the rebound regime the tangential and normal velocity components 
of the outgoing drop are calculated following the relations developed for solid par­
tides bouncing on a solid wall [51]: 
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5 
vout,! =""7 Vin,t ' (5.135) 

Vout,n = -e· vin,1! • (5.136) 

The quantity e is the restitution coefficient which is assumed to follow the relation 

e = 0.993 -1.760 + 1.56lP - 0.4903 , (5.137) 

where Ois the incident angle with the wall, measured in radians (0 = 1C / 2 - a ). 
As noted above, splashing will occur both on dry and on wetted walls if the im­

pact energy is very high. In this case secondary droplets are formed that are 
smaller in size than the original model and do not need to be of uniform size them­
selves. In fact, it was suggested that the generation of two new droplet classes 
(parcels) for each original drop impinging on the wall is a reasonable compromise 
between accuracy and expenditure. Both groups of secondary droplets are of 
equal mass, i.e. 

(5.138) 

where the ratio of total mass splashed to incident drop let mass is determined from 
the empirical relation 

msp {0.2 + 0.6 p, for dry wall 
-- (5.139) 
mill - 0.2 + 0.9p, for wetted wall , 

in that pis sampled from a uniform distribution within the interval (0,1). Hence, 
for a wetted wall the mass ratio can exceed unity, since splashing droplets may en­
train liquid from the wall film. 

Following observations from Stow and Stainer [93], the total number of drop­
lets after impingement is assumed to be approx. equal to 

N sp = NSP,1 + N'P,2 "" 5( :~ -1 J, (5.140) 

where Wec is obtained from either Eq. 5.131 or Eq. 5.134 for dry or wetted walls, 
respectively. The droplet number of one class of droplets is then randomly chosen 
such that (1 ::; Nsp•1 ::; Nsp), and the droplet number of the other class is obtained 
from solving the left part of Eq. 5.140 for Nsp•2• Once the droplet numbers of the 
two secondary droplet classes are known, the respective droplet sizes can be esti­
mated from mass conservation requirements: 

N d3 msp d3 
sp,l sp,l = -2- in' 

min 

N d 3 = msp d 3 
sp.2 sp.2 2 in • m in 

(5.141) 

(5.142) 

Energy conservation is applied in order to determine the velocity components 
of the secondary droplets. It requires that the sum of kinetic and surface energies 
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of secondary droplets are equal to the splashing energy, which is assumed to be 
the difference between the kinetic energy of the incident drop and the critical ki­
netic energy below which no splashing occurs: 

-m. v + v +lm N d +N d- = E = E -E . 1 (1_ 12 1- 12) (2 7 ) 4 ~p sp,l sp,2 ~p,1 5p,1 5p,2 ·w,2 k,sp k,m k,c (5.143) 

The laUer can be evaluated from the critical Weber number as 

(5.144) 

From experimental data on the size-velocity correlation of secondary drop lets 
after splashing the relation 

(5.145) 

is deduced. It implies that the larger the size of the secondary drop lets, the smaller 
the magnitude of their velocity. 

Finally, application of the tangential momentum conservation law produces 

(5.146) 

Here cf is the wall friction coefficient which is assumed to be in the range of 0.6 to 
0.8. The quantities ()sp.l and ()sp,2 are the ejection angles of the two secondary 
droplet c1asses, and ~n is the respective angle of the incident droplet. ()sp.l is ran­
domly chosen within the assumed ejection co ne (approx. 10°::::; ()sp,l ::::; 160°) and 
()sp,2 is determined from Eq, 5.146. Obeying the fact that 

j =1,2 (5.147) 

the above set of equations can be solved for the normal and tangential velocity 
components of the two secondary drop let c1asses. 

5.7 Fuel Evaporation 

Fuel evaporation is a process of great importance especially in direct injection en­
gines. It has a direct effect on the combustion rate since only vaporized fuel that 
has been mixed with air in a combustible ratio can chemically react with the oxy­
gen contained in the fresh intake air. Thus, an engine' s thermodynamic efficiency 
is affected by the evaporation rate. And moreover, the fuel evaporation can have a 
significant infIuence on the emission formation as weIl. Poor evaporation will 
typically cause increased soot and unbumed hydrocarbon emissions, while very 
rapid evaporation, especially during the ignition delay in diesel engines, will cause 
an increase in nitrogen oxides because of rapid premixed combustion associated 
with high temperatures. Consequently, a thorough understanding of the dominat-
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ing processes in fuel vaporization is aprerequisite in order to assess the overall 
quality of mixture formation and spray combustion. 

In direct injection engines the major fraction of the fuel mass evaporates after 
the spray has broken up into small droplets. This is because the liquid fuel is typi­
cally below its boiling temperature when it exits the injection nozzle and its spe­
cific surface area is very small prior to atomization. Therefore, drop let evapora­
tion is the most important part in evaporation modeling. However, under certain 
boundary conditions additional evaporation mechanisms such as wall film evapo­
ration, e.g. after spray wall impingement, or flash boiling, e.g. for volatile fuels, 
may become important, too. 

5.7.1 Droplet Evaporation 

Droplet evaporation is govemed by conductive, convective and radiative heat 
transfer from the hot gas to the colder droplet and by simultaneous diffusive and 
convective mass transfer of fuel vapor from the boundary layer at the drop surface 
into the gas environment. However, it is not feasible to directly resolve the flow 
field in and around the many drop lets of a complete spray due to constraints with 
respect to computer power and memory. Therefore, in engine applications it is 
most often assumed that the droplets are ideally spherical and averaged flow con­
ditions and transfer coefficients around the droplets are determined. Moreover, 
the radiative heat transfer between gas and drops is typically neglected as it is 
small compared to convection. Thus, the same set of equations that is utilized in 
phenomenological models and has been described above (see Eqs. 3.72 to 3.77) is 
also applied in standard CFD-calculations. 

Nevertheless, several additional effects on droplet vaporization have been in­
vestigated in detail by various researchers. In ref. [83] it was shown that vaporiza­
tion reduces both the heat transfer rate to the drop let and its drag coefficient. 
However, as reported in ref. [78] numerical studies performed with the CFD-code 
KIV A suggested that this effect is relatively small for diesel-type sprays. 

Taking into account that the fuel drops are significantly distorted during the 
majority of their lifetime in diesel sprays, Gavaises and co-workers [8, 33] inves­
tigated the effect of non-spherical drop lets on the fuel evaporation rate. They 
evaluated not only the drag coefficient as a function of this phenomenon but also 
accounted for a modification in the exchange area between drop and gas by as­
suming that the distorted drop becomes a spheroid that can be characterized by the 
maximum and minimum diameters calculated from the breakup model. Accord­
ingly, the dimensionless Nusselt and Sherwood numbers were not estimated from 
Eqs. 3.76 and 3.77 but from more detailed correlations derived from heat transfer 
studies on spheroids. The reported results indicate that the consideration of drop­
let deformation effects yields an increased overall evaporation rate for complete 
sprays. Thus, there is an influence on the spatial equivalence ratio distribution, 
and ignition timings and locations are likely to be affected as weIl. 
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Fig. 5.34. Modeling approaches for the droplet interior 
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The above drop let evaporation models are all based on the lumped capacitance 
method, i.e. the temperature within the drop let is assumed to be spatially uniform 
and depends on time only. A measure whether this assumption is valid is given by 
the Biot number which relates the resistance to heat conduction within the droplet 
to the resistance to heat convection from the gas to the droplet, see e.g. [44]: 

Bi = Rcond = hrd • 

Reonv k[ 
(5.148) 

For Biot numbers much less than unity the assumption of a uniform tempera­
ture within the drop let is justified. However, this may not always be the case in 
engine sprays as has been shown by several authors who investigated the evapora­
tion process including the spatial and temporal evolutions of the drop let interior 
under diesellike conditions, e.g. [21, 30, 39]. A detailed review on this subject 
has been presented by Sirignano [90]. However, these sophisticated evaporation 
models that account for two- or even three-dimensional flows within the drop let 
interior are limited to studies of isolated droplets or simple arrays of droplets and 
cannot be used in complete spray simulations because of computer limitations. 
For this purpose three different degrees of simplification have been proposed and 
examined in the literature, Fig. 5.34. 

Besides the simplest infinite-diffusion model (Eqs. 3.72-3.77), that is based on 
the lumped capacitance method and assumes a well-mixed droplet interior without 
spatial gradients at any time, the so-called diffusion-limit model has been pro­
posed. It assumes a one-dimensional temperature and, in the case of a multi­
component fuel, mass distribution as a function of the drop let radius. The heat 
and mass exchange processes inside the droplet are governed by conduction and 
diffusion, respectively, and are solved on a one-dimensional numerical grid of 
concentric shells. The most comprehensive of the simplified models is the vortex 
model. It considers an inviscid liquid flow region inside the droplet that is as­
sumed to be given by Hill's vortex. 

Aggarwal [3] compared the three above droplet models for varying boundary 
conditions and observed that the infinite-diffusion model yields results that are 
markedly different from the two more complex models. This is especially the case 
for multi-component fuel mixtures where the species concentrations of the more 
and less volatile compounds in the vapor phase are significantly overpredicted and 
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underpredicted, respectively. The diffusion-limit and the vortex models were 
found to produce remarkably similar results under most conditions and thus, the 
use of the diffusion-limit model is recommended as it is easier to handle and com­
putationally more efficient. 

It should be noted though, that the simple drop let evaporation model described 
in Chap. 3, that assumes a spherical, well-mixed drop let and is based on a single­
component fuel, can still be viewed as the standard in today's engine spray simu­
lations. This is mainly due to its simplicity and because of computing time re­
quirements. Nevertheless, the number of numerical studies induding more com­
prehensive evaporation models is steadily increasing. The focus has especially 
shifted towards a more realistic description of real diesel and gasoline fuels that 
can hardly be characterized by a single-component model fuel since they are a 
mixture of several hundred different hydrocarbon components. These efforts will 
be discussed in the following section. 

5.7.2 Multi-Component Fuels 

Most early studies on multi-component fuel evaporation have concentrated on bi­
nary model fuels in that two representative hydrocarbon components are mixed in 
a discrete manner. For example, Jin and Borman [45] modeled a 50-50% pentane­
octane mixture, and in ref. [3] a 50-50% mixture of n-hexane and n-decane was 
studied. In an attempt to describe conventional diesel fuel that also contains aro­
matic compounds more accurately, a two-component model fuel consisting of 
70% n-decane and 30% a-methyl-naphthalene was investigated in ref. [42]. 

These discrete two-component models are based on phase equilibrium relations 
at the drop surface and, assuming ideal behavior of both the vapor and liquid 
phases, Raoult's law may be applied in order to specify the concentration of each 
fuel component in the vapor phase. Results obtained with such two-component 
fuel models indicate that there may indeed be a significant effect on the overall 
mixture formation and combustion process as the more volatile component gener­
ally evaporates more rapidly. Consequently, there is an inhomogeneous distribu­
tion of the components in the vapor phase such that the ignition delay and ignition 
location may be affected. As has been shown by Ayoub and Reitz [12], who in­
vestigated a 50-50% molar mixture of dodecane and hexadecane, this becomes es­
pecially important under cold-starting conditions. Figure 5.35 compares the frac­
tion of the more volatile dodecane in the vapor phase for two different ambient 
temperatures as a function of time after start of injection. It can be seen that for 
the lower ambient temperature of 500 K the total vaporized fuel mass is comprised 
of about 90% dodecane during the time increment important for autoignition. 

In the recent past it has become more and more popular to model more realistic 
fuels by means of continuous thermodynamics [109]. In this approach, that has 
been followed for both diesel and gasoline, e.g. [48,67,95, 110], the composition 
of the model fuel is described by a continuous distribution function that specifies 
the mole fraction in terms of the molecular weight. 
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Fig. 5.36. Continuous and discrete representations of an alkane-mixture [67] 

In Fig. 5.36 a typical distribution function, that has been chosen to model diesel 
fuels, is compared to an equivalent mixture of a discrete number of n-alkanes with 
corresponding molecular weights. In contrast to modeling and numerically solv­
ing the many differential equations required by a mixture of 15 or more discrete 
components, the continuous thermodynamics approach represents an elegant and 
more efficient method to describe a multi-component fuel. Here only three pa­
rameters are necessary in order to explicitly define the fuel state. These are the 
overall fuel mass, the mean molecular weight of the distribution function, and its 
second moment, i.e. a measure of its variance. 

It should be noted, that the use of the continuous thermodynamics is only pos­
sible if the important fuel properties such as boiling and critical temperatures, den­
sity, surface tension, viscosity etc. can be explicitly expressed in terms of the mo­
lecular weight. This conditions is typically satisfied for a particular family of 
hydrocarbons, e.g. for n-alkanes, but not for components belonging to different 
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categories. Therefore, it would not be possible to model a mixture of both alkanes 
and aromatic compounds with a single distribution function. 

In order to approximate real fuels the following distribution of n-alkanes is 
chosen that specifies the relative mole fraction or frequency 1 within the liquid 
phase in terms of the molecular weight I: 

1(1) = (1 - r r-1 exp[_(I -r)]. 
ßar(a) ß (5.149) 

f(l) is normalized such that its integral becomes unity, and the r-function is de­
fined as 

00 

r(a)= fe-'ta-1dt. (5.150) 

a and ß are shape parameters, that govem the mean e and the variance er of the 
distribution, whereas r specifies its origin. In Table 5.2 the shape parameters as 
weIl as the resulting quantities of e and er are summarized for diesel fuel and gaso­
line. With an extremely narrow distribution it is also possible to describe a quasi­
single-component fuel with the continuous thermodynamics method. The respec­
tive parameters of such a function for n-octane are included in Table 5.2 as well. 

The change in the vapor phase composition can be determined by aseparate 
conservation equation for each of the three conserved scalars, i.e. for the overall 
fuel mass fraction YJ, for its mean molecular weight e, and for its second moment 
'P. Following Eq. 4.53, the respective relations can be written as 

(5.151) 

(5.152) 

(5.153) 

Table 5.2. Distribution parameters for various fuels [48] 

n-Octane Diesel Gasoline 

a 100 18.5 5.7 

ß 0.1 10 15 

r 104.2 0 0 
e 114.2 185 85.5 
(j" 43 35.8 
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In the above equations as throughout this text the Einstein notation has been 
utilized. The seeond and third terms on the right hand sides of Eqs. 5.151 through 
5.153 are the souree terms due to spray evaporation an~eoEIbusti?n, respeetively, 
and u is the velocity of the gas phase. The quantities D,D and D are the binary 
diffusion eoeffieients for the respeetive eonserved scalars. 

In order to determine the souree terms originating from the spray, the evapora­
tion of the liquid multi-eomponent droplets has to be ealculated. Most often this is 
done by assuming a weIl-mixed droplet interior. The molar flux over the droplet 
surfaee is defined as 

iz= __ l .!!..-(cV) 
A dt 'd , 

d 

(5.154) 

where Vd and Ad are the volume and surfaee area of the spherieal droplet, respee­
tively, and Cl indieates the liquid molar density in mol/em3. The change of droplet 
radius due to evaporation then beeomes 

dr r ( d{), dPI ) iz -=-- c-----
dt 3cA [dt dt c[ , 

(5.155) 

and the change of the mean and the second moment of the drop let composition are 

-=- {}-Y {} +-Y {} -Y {} d{}[ 3iz [( ) 1 ( )] 
dt c[r [ I.s s B I.ro ro I.s s ' 

(5.156) 

-=- 'P -Y 'P +- Y 'P -Y 'P d'P, 3iz [( ) I ( )] 
dt c[r ' I.s s B I,ro ro I,s s ' 

(5.157) 

respectively. The fuel mole fraction is denoted by Yj , and subscripts sand 00 indi­
cate the gas phase properties at the droplet surfaee and in the undisturbed sur­
roundings, respectively, The Spalding transfer number B in the above equations is 

y.-y 
B = f.s f,ro (5.158) 

1- Yf,s 

The change in droplet temperature is govemed by eonvective heat transfer and 
latent heat of evaporation. It ean be estimated as 

(5.159) 

where hlg is the molar heat of evaporation and Cv is the molar specific heat of the 
liquid. The molar flux (Eq. 5,154) may be approximated by 

cD 
iz = ~r In(1+B)(2.0+0.6Re1l2 Se1l3 ), (5.160) 

and the eonveetive heat flux by 

. _ k(Tro -7;) In(I+B)( 112 113) 
qconv - . 2.0 + 0.6 Re Sc . 

2r B 
(5.161) 
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In order to determine the gas phase properties at the drop surface (index s), 
phase equilibrium is assumed. Applying Raoult's law the fuel mole fraction in the 
vapor phase becomes 

YJ = 1t; (1) Pi (1) dI , 
o P 

(5.162) 

where Pie/) indicates the partial pressure of the virtual species i characterized by 
molecular weight I. Its value at the droplet surface is estimated by the Clausius­
Clapeyron equation, 

[ SJg ( Tb J] Pi = Pref exp R 1- I; , (5.163) 

where Pref= 101.325 kPa, Sfg is the entropy of evaporation, and Tb is the boiling 
temperature of the virtual component i. By assuming a linear variation of this 
boiling temperature as a function of the molecular weight I, 

Tb(l) = ab +bbI , 

Eq. 5.162 can be simplified to the form 

Y = PreJ exp[A(l-rB)] 
J,s P (l+ABßlt . 

Here, A and Bare defined as 

and 

respectively. 

(5.164) 

(5.165) 

(5.166) 

(5.167) 

Typical results, that have been obtained with a continuous thermodynamics 
model by Pagel et al. [67], are shown below. In Fig. 5.37 the temporal evolution 
of the distribution function within an evaporating liquid droplet is plotted. It can 
be seen that during the course of evaporation the distribution becomes narrower 
and its mean molecular weight shifts towards greater values. This is due to the 
fact that the lighter components that are more volatile evaporate more quickly and 
only the heavier molecules remain in the liquid phase. The increase in the maxi­
mum of the distribution is simply caused by the fact that the area beneath the func­
tion has been normalized to unity. 

In Fig. 5.38 the evaporation of a complete spray under diesellike conditions is 
compared for a single-component fuel (n-C14H30) and for the continuous thermo­
dynamics approach. The plots show the overall fuel mass fraction in the vapor 
phase, and it becomes obvious that even though the mean properties of the multi­
component fuel are very similar to the C14H30-properties, the overall mixture for­
mation process is predicted quite differently. Specifically, with the multi-
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component fuel the spray tip penetration is distinctively shorter whereas elose to 
the nozzle the fuel vapor distribution is broader and the gradients are not as steep 
as in the single-component case. These findings can be explained by the fact that 
a certain fraction of the multi-component fuel is more volatile than pure tetradec­
ane. Thus, the initial evaporation rate in the vicinity of the injector is enhanced 
such that the average droplet diameter is decreased. Consequently, the specific 
aerodynamic forces are increased and the penetration length is reduced. 
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Fig. 5.37. Temporal change of the liquid composition of an evaporating droplet in nitrogen. 
dd,O = lOOmm, Td,o = 300, Tamb = 973 K, P amb = 0.1 MPa, Vrel = 0 mls [67] 
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Fig. 5.38. Vapor phase fuel mass fractions for evaporating n-C 14H30 (left) and continuous 
multi-component fuel (right) sprays in nitrogen after 3.5 ms. mfuel = 26.5mg, Tamb = 800 K, 
Pamb = 5 MPa, Pinj = 40 MPa [67] 
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It should be noted that up to now most evaporation models that are based on the 
continuous thermodynamics approach have utilized the infinite-diffusion (or well­
mixed) model far the droplet interior. However, most recently a combination of 
the continuous thermodynarnics with the diffusion-limit model is investigated as 
well, e.g. [66]. This will cause a significant increase in the computational effort, 
but as noted above, it has been shown that this more detailed treatment of the 
droplet interior has a considerable influence on the evaporation process of two­
component fuels. Hence, it is likely that multi-component fuels will be described 
more realistically with the diffusion-limit model, too. 

5.7.3 Flash Boiling 

Flash boiling is a phenomenon that occurs when the fuel vapor pressure exceeds 
the ambient gas pressure at the time the fuel exits the injector nozzle. In this case 
the fuel evaporates almost instantaneously at the nozzle orifice. This will cause a 
tremendous increase in specific volume, and as a result the entire spray pattern and 
mixture formation process will change dramatically. 

Flash boiling may have a significant influence in SI engines because the boiling 
curve of gasoline is relatively low, i.e. the vapor pressure is high, and because the 
ambient gas pressure is low. This is true both for conventional SI engines with 
fuel injection into the intake manifold and far homogeneously operated DIS I en­
gines with early fuel injection during the intake stroke while the cylinder pressure 
is still very low. In diesel engines, where the fuel boiling curve is much higher 
and the injection occurs shortly befare TDC into compressed air, the occurrence of 
flash boiling is less likely. 

As an example Fig.5.39 shows four cases of gasoline injection into atmos­
pheric air with fuel temperatures varying from 20°C to 120°C. It is obvious that 
the spray pattern changes dramatically for fuel temperatures greater than 100°C 
because of flash boiling. At this temperature the fuel vapor pressure is about 
250 kPa which is in excess of the ambient gas pressure. The instantaneous evapo­
ration causes a reduction in spray penetration and a much faster air-fuel mixing. 
The single jets originating from different nozzle holes that are observed for fuel 
temperatures below 80°C can no Ion ger be distinguished, and for the 120°C case 
there is even the onset of a spray collapse visible, compare Fig.5.23. 

Pinj = 20 bar 
Tfuel = 200 e 

Pinj = 20 bar 
T fuel = sooe 

Pinj = 20 bar 
T fuel = 1000 e 

Fig. 5.39. Effect of flash boiling on spray formation [64] 

Pinj = 20 bar 
T fuel = 1200 e 
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While the fuel atomization and mixture formation process can generally be en­
hanced by flash boiling when the fuel is in a slightly superheated regime, a too 
high degree of superheat has to be avoided. This is because a so-called vapor-Iock 
may decrease the nozzle mass flow rate when flash-boiling effects already start 
within the nozzle hole [77]. Several studies have been presented on the effect of 
flash boiling to engine applications, e.g. [7,88], but the degree of superheat that is 
crucial for optimum engine performance is still extremely difficult to control. 
Hence, flash boiling is not yet utilized systematically in series production engines. 

The modeling of flash boiling processes is very challenging for several reasons. 
Non-equilibrium effects play an important role since there is typically a time lag 
between the occurrence of the saturation vapor pressure and the onset of vaporiza­
tion. Moreover, the number of inception points such as gas confinements in the 
liquid is difficult to determine, and a high spatial resolution is necessary in order 
to calculate the important mechanism of heat conduction within the liquid phase. 
Last but not least the multi-component nature of engine fuels complicates the 
problem because these fuels are not characterized by a distinct boiling temperature 
but rather by a continuous boiling curve. 

For the above reasons most of the flash boiling models proposed in the litera­
ture have not concentrated on engine sprays but on different applications with 
simpler boundary conditions, e.g. [27, 84]. One example are water operated cool­
ing systems that are important in nuc1ear reactor safety. Up to now no compre­
hensive flash boiling models specifically suited for engine spray applications have 
been inc1uded in commercially available CFD-codes. Studies on this subject have 
instead utilized conventional spray models and inc1uded the effects of flash boi 1-
ing by altering the initial or boundary conditions of the spray computation. For 
example, VanDerWege et al. [103] obtained satisfying results by reducing the 
mean droplet diameter after primary breakup, by increasing the initial spray-cone 
angle and by fictitiously adding vapor to the spray core in an attempt to reproduce 
early vapor production in flash boiling conditions. 

Nevertheless, it should be noted that flash boiling is a very important effect es­
pecially for future spray guided DISI engines with stratified charge operation. 
Thus, it will certainly be beneficial to develop comprehensive submodels for this 
process and inc1ude them in engine spray calculations. 

5.8 Grid Dependencies 

5.8.1 Problem Description 

The term grid dependency describes the phenomenon that calculations executed 
under identical physical conditions often yield considerably different results when 
performed on different numerical grids. It is inherently linked with Eulerian­
Lagrangian spray simulations, and probably everyone who has worked in this field 
has already experienced according problems. As an example, Fig. 5.40 shows a 
diesel type injection executed with the same code on both a coarse and a fine nu-
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merical grid under otherwise identical conditions. Almost all characteristic spray 
parameters such has spray tip penetration, mean droplet sizes, vapor phase con­
centrations, gas phase velocities etc. are influenced by the numerical grid. To 
make things worse the results obtained with the high resolution grid are not neces­
sarily better than the ones obtained with the coarse grid, i.e. the results will not 
converge for successively refined grids. Moreover, grid dependent results are not 
only observed for different grid sizes but also for varying grid arrangements, e.g. 
for a change between polar and Cartesian grid cell arrangements, or even if the 
main spray axis is tilted relative to the grid structure. 

Two main reasons can be identified for grid dependent simulation results: the 
lack of spatial resolution in typical engine simulations and the lack of statistical 
convergence in the Lagrangian treatment of the liquid phase. The first issue has 
been investigated among others by Abraham [1]. In addition to spray simulations 
he investigated transient gas jets in order to eliminate the statistical problems en­
countered with the stochastic particle technique of the liquid phase. An additional 
advantage is that for a single phase gas flow the grid resolution can simply by re­
fined to any desired level without causing numerical instabilities that will typically 
arise in two-phase systems if the void fraction approaches zero. 

Abraham's study shows that in regimes where the jet diffusivity is significantly 
greater than the turbulent diffusivity of the ambient gas, i.e. if the jet itself is the 
driving force for mixture formation, the orifice diameter is the relevant length 
scale that needs to be resolved by at least two grid cells in order to yield adequate 
results. If a coarser resolution is chosen with grid cells that are about five times as 
large as the nozzle orifice, which is imperative in typically spray simulations, the 
simulation results show an unphysical dependency on the ambient diffusivity that 
cannot be observed in experiments. In the other regime, where the ambient diffu­
sivity is equal or greater than the jet diffusivity, it was shown that computed mix­
ing rates are significantly underpredicted if a too coarse mesh resolution is chosen. 
And even with very fine grid resolutions it was found that the jet structure depends 
not only on the ambient diffusivity as one would expect, but also on the absolute 
values of the ambient turbulence length and time scales. These findings have yet 
to be assessed by experiments. 

The issue of statistical convergence in the stochastic particle technique, that is 
utilized in literally all commercial CFD-codes for two-phase flows, has been dis­
cussed by Otto et al. [65]. In order to achieve such statistical convergence it is not 
even sufficient to increase the number of grid cells resolving the nozzle orifice, 
but in addition the ratio of stochastic particles (i.e. spray parcels) to grid cells 
needs to increase dramatically as weIl. This implicates an enormous number of 
particles and in typical engine spray simulations one is far from meeting such 
conditions. Furthermore, to have at least a chance of coming close to statistical 
convergence the various submodels included in the spray calculations need to be 
formulated in a numerically favorable manner. As an example, submodels that are 
based on interactions of two different particles, e.g. droplet collision models, are 
generally critical for statistical convergence, even if they are formulated in a 
physically correct way [85]. 
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Fig. 5.40. Grid dependency in a high-pressure diesel spray simulation. a) high resolution 
(grid spacing '" 0.8 rnm) b) coarse grid (grid spacing '" 1.5 rnrn) 

5.8.2 Reduction of Grid Dependencies 

General Measures 

Because of the grid dependencies described above it is a common practice to tune 
model parameters in order to adjust a calculation to the specific numerical grid on 
which it is performed. However, often this adjustment to experimentally obtained 
data results in setting the parameters of submodels such as breakup or collision to 
values that are physically not meaningful. In other words, the submodels are 
trimmed to an unphysical behavior in order to overcome the deficiencies caused 
by inadequate grids. This procedure is obviously not acceptable, and instead more 
justifiable measures ought to be taken in order to achieve convergent spray simu­
lations. 

In ref. [65] a number of measures is suggested for this purpose. Those are , in 
an arbitrary order: 

• Length sc ale limiter: 
The turbulence length scale needs to be limited to the jet diameter within the 
jet region. This is because in high pressure diesel-type jets the jet itself is the 
driving force for mixture formation and thus govems the relevant length 
scale. 

• Spray adapted grid: 
As noted above, in spray simulations it is not feasible to directly resolve the 
nozzle orifice by several grid cells because of computer power and numerical 
stability concems. However, the grid arrangement should be at least adjusted 
to the spray orientation, such that the spray penetrates more or less perpen­
dicular into the cells, Fig. 5.41. 



184 5 Multidimensional Models of Spray Processes 

Fig. 5.41. Spray adapted grid for bowl-in-piston combustion chamber of a DI diesel engine 

• Modified turbulence model: 
Due to insufficiencies of the standard k-&-turbulence model, the spray angle is 
often overpredicted. This may be avoided by modifying the turbulence 
model, e.g. with the Pope-correction [69]. 

• A voidance of too detailed subprocesses: 
As mentioned previously, submodels ineluding two-partiele correlations are 
generally critical for attaining statistical convergence. A typical example is 
the droplet collision model that has been shown to be an important source for 
grid dependencies. 

The issue of the collision model' s influence on numerical accuracy has been 
studied more elosely by Schmidt and Senecal [86] . They utilize the No Time 
Counter (NTC) collision algorithm, which is otherwise popular in ca1culating in­
termolecular collisions in gas dynamics and has been extended to spray simula­
tions in ref. [85]. In addition aseparate, very fine collision mesh, which is auto­
matically created and updated each time step, is superimposed on the regular 
numerical grid. It is cylindrical in shape and oriented along the spray axis and 
therefore better suited in order to describe the collision frequencies than the regu­
lar grid. The combination of the NTC algorithm and the collision mesh practically 
eliminates the grid dependency as a consequence of the collision algorithm. 

However, the study still showed a grid dependency that is attributed to the cou­
pling of the gas and liquid phases. This source of grid dependency could finally 
be reduced by replacing the mean gas velocity within the cell by a distance 
weighted average of the gas velocities at the eight vortices of the computational 
cell in order to estimate interphase exchange terms. Moreover, best results are ob­
tained if the Cartesian components of the vortex gas velocities are transformed 
into polar components prior to the averaging process. 

The ICAS-Concept 

In addition to the above measures Wan and Peters [105, 106] proposed the so­
called ICAS-model (Interactive Cross-sectional A veraged Spray model) for high 
pressure diesel injectors in an attempt to further reduce grid dependencies of nu­
merical simulations. The model is based on the reasoning that the numerical un­
certainties are generally most crucial in the dense spray regime elose to the injec-
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tor nozzle because partide interactions such as droplet collisions are most likely 
and because the statistical convergence is typically not given in this region. The 
latter reason is due to the fact that because of the high injection velocities the par­
tide density in the first cells downstream of the injector is not sufficient. 

To overcome these difficulties, in the ICAS approach the near field of the injec­
tor is not ca1culated with the conventional EulerianILagrangian method (i.e. the 
discrete droplet model), but with a Eulerian description for both the gas and the 
liquid phases. As shown in Fig. 5.42, for this purpose a secondary numerical grid 
is superimposed on the regular grid for the first about 20-30 mm downstream of 
the nozzle orifice. On this secondary grid the liquid and gas phase conservation 
equations are now solved in a cross-sectionally integrated and averaged manner. 
Thus, the spray model becomes essentially one-dimensional within this domain, 
and numerically very efficient. This advantage along with the Eulerian formula­
tion allows for a sufficiently high grid resolution while still maintaining accept­
able ca1culation times. Numerical instabilities are avoided and statistical conver­
gence is per definition not an issue in this Eulerian approach. 

Transport equations are solved for the cross-sectionally averaged quantities of 
mass, momentum and energy for both the gas and liquid phases as weil as for the 
liquid mean drop let diameter. As an example, the continuity equations for the gas 
and liquid phases read 

8(p(1-Y/)b2 ) 8(pug (l-y/)b2 ) A A 2 
--'-----'-+ = PgßbUg + (f)vapb , 

8t 8x 
(5.168) 

8(pY/b2 ) 8(pu/y/b2 ) A 2 
--'---'-+ = -(f)vapb , 

8t 8x 
(5.169) 

respectively. The superscript (") denotes the cross-sectional average, ug and U, 
are the gas and liquid velocities, p the mixture density, y, the liquid fue1 mass 
fraction, mevap the evaporation rate, and b is the spray radius. The so-called 
spreading coefficient ß is aglobai quantity that models the turbulent exchange be­
tween the spray and the surroundings gas. It is related to the spray half angle aJ2, 
and in a stagnant environment it is equal to tan(aJ2) [106]. The axial spray coor­
dinate, i.e. the distance from the nozzle orifice, is denoted by x. 

In order to model the spatially resoll/ed exchange terms between the gas and 
liquid phases within the spray region and in order to re-transform the results to the 
regular three-dimensional CFD-grid, the so-far one-dimensionally described spray 
needs to be expanded to three-dimensional form again. For this purpose a con­
stant and predefined spray angle is assumed and furthermore, within the jet there 
are axis symmetric velocity and concentration distributions assumed. These dis­
tributions are typically expressed by a ß-function in terms of the axial spray coor­
dinate x and the dimensionless jet radius r/b, where b = b(x): 

(5.169) 
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Fig. 5.42. Schematic illustration of the ICAS method 

The one-dimensional description of the spray region has a disadvantage, in that 
the effect of multi-dimensional flow patterns such as swirl or tumble on the mix­
ture formation can hardly be accounted for. Therefore, the ICAS method is ap­
plied only in the direct vicinity of the injector, where the jet itself is the dominant 
force for mixture formation rather than the ambient gas field. About 20 to 30 mm 
downstream of the injector the ICAS model is switched off and the ca1culation is 
continued with the conventional EulerianILagrangian discrete droplet model, 
Fig.5.42. 

The ICAS model has been utilized in a number of studies on diesel sprays, e.g. 
[18, 38, 47]. In general very satisfying results have been reported that show a re­
duced grid dependency compared to the c1assic discrete drop let model. However, 
it should be noted that in order to utilize the fuB potential of the ICAS approach a 
spray adapted grid as shown in Fig. 5.41 is crucial. Otherwise, numerical diffu­
sion within the coarse primary CFD-grid becomes an issue again and the overall 
results may not be better in terms of grid dependency than the ones obtained with 
a standard spray model. Designing a spray adapted grid obviously implies that an 
approximate spray structure has to be known apriori. 
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6 Multidimensional Combustion Models 

6.1 Combustion Fundamentals 

6.1.1 Chemical Equilibrium 

A chemical reaction between the reactant species Am Ab, etc., that forms the prod­
uct species An Ad , etc., is often written as 

(6.1) 

where the Vi are termed the stoichiometric coefficients of the reaction. Since 
every chemical reaction can generally proceed in both directions, the arrow in 
Eq. 6.1 may be replaced by an equal sign. The general form of the reaction equa­
tion now becomes 

(6.2) 

where, by convention, the stoichiometric coefficients Vi are positive for the prod­
uct species and negative for the reactant species. 

Each reaction approaches its chemical equilibrium, that will be reached if there 
is sufficient time available. It can be interpreted as a situation in which both the 
forward and reverse reactions proceed with the same rate, such that the integral re­
action rate becomes zero and the species concentrations remain constant. The 
equilibrium composition of a reacting mixture can be derived from the first and 
second laws of thermodynamics as follows. 

For a closed compressible system with constant temperature and pressure as it 
is shown in Fig. 6.1 the first law of thermodynamics reads 

dU = dQ + dW = dQ - pdV , 

and the second law becomes 

dQ 
dS=-+dSr , T Ir 

(6.3) 

(6.4) 

where dSirr is the entropy production due to irreversibilities which 1S always 
greater than or equal to zero. Combination of Eqs. 6.3 and 6.4 yields 

TdS-dU - pdV? o. (6.5) 

Introducing the Gibbs free energy, 
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G=H-TS= U+pV-TS, (6.6) 

differentiation and re arrangement leads to 

dG-Vdp+SdT ~O. (6.7) 

Thus, for a closed control volume with constant temperature and press ure, the de­
rivative of the Gibbs free energy is less or equal to zero, i.e. any change in compo­
sition by chemical reactions will reduce G. For chemical equilibrium the condi­
tion 

dGI =0 
T,p 

(6.8) 

has to be satisfied. 
For multi-component single phase systems such as chemically reacting gases, 

the Gibbs free energy is a function of temperature, pressure and composition, i.e. 

(6.9) 

where the ni indicate the number of moles of species i. The chemical potential f.1i 
of a particular component i is defined as the partial derivative of the Gibbs free 
energy with respect to the number of moles of that species: 

aGI f-li =-a n. 
1 T,p,ll j 

(6.10) 

For an ideal gas mixture - which is a reasonable assumption for most combustion 
gases - it can be shown that the chemical potential is equal to the molar Gibbs 
function [36] 

(6.11) 

where the superscript 0 indicates conditions at the reference pressure of 1 atm. 
The first term on the right hand side of Eq. 6.11 stands for 

(6.12) 

and thus, it can be obtained from tabulated property data. Note that the molar en­
thalpy in the above equation consists of the enthalpy of formation of species i at 
reference conditions and a temperature dependent component: 

(6.13) 

m, p, T = const. 

Fig. 6.1. Closed reactor 
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With the above introduction of the chemical potential f.li the equilibrium condi­
tion, Eq. 6.8, can be written as 

(6.14) 

For a general chemical reaction of the form given in Eq. 6.2, the changes in the 
number of moles of the various species i are proportional to their respective 
stoichiometric coefficients. This can be expressed with the proportionality con­
stant deas 

dn i = Vi ·de. (6.15) 

Thus, the equilibrium condition can be simplified to the form 

(6.16) 

which contains all the information needed in order to solve for the equilibrium 
composition of agas mixture. However, a solution to Eq. 6.16 is cumbersome as 
it can only be obtained by iteration. 

To overcome this difficulty the concept of the equilibrium constant is adopted. 
By substituting Eq. 6.11 into Eq. 6.16 the relation 

LVig;+RTlnrr(p~)Vi =0 (6.17) 
i i P 

is obtained, in that the logarithmic term is referred to as the equilibrium constant, 

(6.18) 

that contains the information about the mixture composition in terms of the partial 
pressures Pi. As the first term on the left hand side of Eq. 6.17 depends on 
temperature only, it becomes obvious that the equilibrium constant solely depends 
on temperature as weIl. It can easily be calculated by thermodynamic property 
data and tabulated for any reaction of interest: 

In K p = ---'R-=---T- (6.19) 

In Eq. 6.19 the numerator is commonly referred to as the free molar reaction en­
thalpy. 

For a system subject to a single chemical reaction, e.g. (CO + 0.5 O2 = CO2), 

the equilibrium composition for a specific temperature and pressure, i.e. the con­
centrations or partial pressures of the species CO, O2 and COz, can be solved by 
Eq.6.18. However, since there are three unknowns and so far only one equation 
in this example, two additional conditions have to be specified. These are the 
atom balances stating that the number of atoms of each element does not change in 
a chemical reaction, and the obvious requirement that the sum of all partial pres­
sures has to equal the total system pressure. 
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In a more eomplex system eonsisting of multiple speeies undergoing multiple 
chemical reactions a situation is referred to as partial equilibrium, when several 
(but not necessarily all) reaetions proceed so quickly, that the involved species can 
be assumed to be in chemical equilibrium with each other at any point in time. In 
this case the respective eoncentrations of the species in partial equilibrium can be 
evaluated in analogy to the procedure for a single reactipn. However, since there 
are more unknowns, i.e. more species concentrations that need to be determined, 
one needs a greater number of equations as weil. These equations ean be obtained 
from additional ehemical reactions between species that are in partial equilibrium 
with eaeh other. For each additional reaction a new equilibrium constant ean be 
determined from Eq. 6.19 and related to the partial pressures by Eq. 6.18. 

Generally, the number of linearly independent reaction equations that are nec­
essary in order to uniquely define a problem of partial equilibrium is given by 

where R: 
S: 
K: 

R=S-K, (6.20) 

number of linearly independent ehemical reactions, 
number of chemical species in partial equilibrium, 
number of indivisible elements (atoms) within the system. 

As an example, the reactions between the chemical species CO, CO2, H, Hb 

H20, 0, O2 and OH are often assumed to be in partial equilibrium within the high 
temperature combustion products of hydrocarbon fuels. Since there are S := 8 spe­
cies involved and the number of indivisible elements is K = 3 (the carbon" hydro­
gen and oxygen atoms), a total of R = 5 linearly independent reaction equations is 
necessary in order to describe the partial equilibrium. These are, for example 

(i) 2H +M H2 +M, 
(ii) 20 +M O2 +M, 

(iii) V2 H2 +OH H2O, 
(iv) V2 O2 +H2 = H2O, 
(v) V2 O2 +CO = CO2, 

where M is an arbitrary gas molecule that is not affeeted by the respeetive ehemi­
cal reaetions. 

It should be noted that the above five reactions are not the only ones taking 
place on an elementary level in areal combustion system, but that additional reac­
tions may take place as weil. Nevertheless, the above set is sufficient to uniquely 
define the partial equilibrium eomposition. It would however be possible to re­
place one or several of the above reaetions by different elementary reactions be­
tween the involved species as long the reaction system remains linearly independ­
ent. 

6.1.2 Reaction Kinetics 

On a microscopic scale, a chemie al reaction such as given in Eq. 6.1 will generally 
proceed in both the forward and reverse directions, and the macroscopically visi-
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ble direction of the reaction depends on their relative rates to each other. Thus, 
the chemical equilibrium discussed in the previous section is only a particular 
case, in that the forward and reverse reactions proceed at the same rate. The mac­
roscopic reaction rate becomes zero, but on the microscopic scale there are still re­
actions taking place. While the macroscopic rate of any chemical reaction is al­
ways directed towards its chemical equilibrium, the equilibrium analysis itself 
does not provide any information about the reaction rates, i.e. about how long it 
will take to re ach the equilibrium composition. These information can only be ob­
tained from reaction kinetics. 

For the chemical reaction given in Eq. 6.1 the temporal change of a species 
concentration, e.g. for [Ac], can be specified by the empirical formulation 

d[Acl = (k [A ]v" [A ]Vh -k [A ]Ve [A ]Vd] 
d Vc f a b r cd' 

t '------y------- '----v----' 
forward reverse 

(6.21) 

where the first term on the right hand side indicates the rate of the forward reac­
tion and the second term the rate of the reverse reaction. kf and kr are the rate co­
efficients for the forward and reverse reactions, respectively. They have to be ob­
tained from experiments for each particular chemical reaction. These experiments 
are typically executed in shock tubes under well-defined boundary conditions. 
The reaction coefficients of most reactions are strongly temperature dependent, 
which is expressed by an Arrhenius-type equation of the form 

b [EA ] k = A- T . exp - RT . (6.22) 

The constants A and b as well as the activation Energy EA have been tabulated for 
many chemical reactions, especially for those taking place in the hydrocarbon oxi­
dation, e.g. [65]. 

It is generally sufficient to specify only one rate coefficient, either the forward 
or the reverse reaction coefficient, by Eq. 6.22. The other coefficient can be de­
rived from the knowledge of the corresponding equilibrium constant. This be­
comes clear if we consider that in the case of chemical equilibrium the rate of 
change of a species concentration reduces to zero because both the forward and 
the reverse reactions proceed at the same rate. Substituting this condition into 
Eq. 6.21, the relation 

kf [Ac)"' [Adr 
-= =K 
kr [Aar [Abt c 

(6.23) 

is obtained, where Kc is the equilibrium constant defined in terms of species con­
centrations. It is explicitly related to the equilibrium constant Kp defined in terms 
of partial pressures as introduced in Eqs. 6.18 and 6.19: 

(6.24) 
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Because both the reaction rate coefficients as weIl as the equilibrium constants 
depend on temperature only, but not on the actual species concentrations [AJ in 
the mixture, the equation 

(6.25) 

is not only valid for the equilibrium state but rather universally applicable. Hence, 
if one of either kj or kr is known the other rate constant can be calculated from 
Eq. 6.25 in a straightforward manner. 

6.1.3 Reaction Mechanisms for Hydrocarbon Flames 

The combustion of even simple hydrocarbons such as methane (CH4) is subject to 
very complex reaction mechanisms that involve numerous different spec:ies and 
even more elementary reactions between those species. For example Frenklach et 
al. [12] proposed a methane combustion scheme that includes 149 elementary re­
actions between 33 chemical species. For longer hydrocarbon molecules as they 
are typical for internal combustion engine fuels, the respective reaction mecha­
nisms become even more complicated. For n-heptane, which is often used as a 
single-component substitute for diesel fuel because of its similar ignition qualities, 
detailed reaction mechanisms include several hundred or even a thousand elemen­
tary reactions between more than a hundred different species, e.g. [3,8]. 

While modern computing power is sufficient to solve such complex reaction 
mechanisms in spatially homogeneous reactors and there are even commercial 
codes available to pursue this task, e.g. [35], application of these complex mecha­
nisms to three-dimensional turbulent flows is not yet a standard because 01' exces­
sive CPU times. Consequently, it is desirable to come up with reduced mecha­
nisms with much smaller numbers of species and reactions that are still able to 
reflect the most important combustion characteristics to a desired level of detail. 
In the simplest case aglobai single-step mechanism of the form 
(Fuel + Oxidizer ~ Products) can be specified. For simple hydrocarbons the gen­
eral form reads 

CxHv + (x + 2'. ) O2 ~ X CO2 + 2::. H20. 
. 4 2 

(6.26) 

As an example, for octane it becomes 

(6.27) 

Westbrook and Dryer [69] approximated the global reaction rates of a variety 
of hydrocarbons by the Arrhenius equation 

d[ C ß y J ( E A) [ Jm [ ]" ---='---==-A·exp -- . C H ·0 
dt RT x Y 2' 

(6.28) 
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Table 6.1. Single-step reaction rate parameters for use with Eq. 6.28 [69] 

A Activation tempo 
Fuel (mol, cm, s) EA/R (K) m (-) n (-) 

CH4 8.3.105 15,098 -0.3 1.3 
C2H6 1.1.1012 15,098 0.1 1.65 
C3Hs 8.6·10" 15,098 0.1 1.65 
C4HlQ 7.4·10" 15,098 0.15 1.6 
C5H 12 6.4·10" 15,098 0.25 1.5 
C6H I4 5.7·10" 15,098 0.25 1.5 

C7H I6 5.1·10" 15,098 0.25 1.5 
CsH1s 4.6·10" 15,098 0.25 1.5 
C9H20 4.2·10" 15,098 0.25 1.5 
CIQH22 3.8·10" 15,098 0.25 1.5 
C2H4 2.0.10 12 15,098 0.1 1.65 
C3H6 4.2·10" 15,098 -0.1 1.85 

C2H2 6.5.1012 15,098 0.5 1.25 
CH30H 3.2.1012 15,098 0.25 1.5 
C2HsOH 1.5.1012 15,098 0.15 1.6 
C6H6 2.0·10" 15,098 -0.1 1.85 
C7Hs 1.6·10" 15,098 -0.1 1.85 

where the parameters A, m and n as weIl as the activation temperature EA/R that 
are summarized in Table 6.1 have been chosen to provide best agreement between 
experimental and predicted flame speeds and flammability limits. 

These global single-step mechanisms allow rough estimations about integral re­
action and heat release rates, but they cannot provide more detailed insight into the 
formation and oxidation of any intermediate species which can become important 
for the formation of exhaust emissions. For such information, quasi-global multi­
step mechanisms are necessary that describe the oxidation of hydrocarbon fuels by 
a set of at least two or more global and sometimes also elementary reactions. 
These multi-step mechanisms have to include the rate controlling reaction steps as 
weIl as the characteristic intermediate species that become important for pollutant 
formation reactions. 

The procedure of systematically identifying the rate controlling steps of a com­
plex elementary reaction mechanism and reducing it to a simpler and computa­
tionally more efficient quasi-global multi-step mechanism has been described in 
detail in the respective literature [43, 65]. It is based on the observation that the 
various elementary reactions contained in complex mechanisms are proceeding 
with partly very different reaction rates. They can differ by as much as several or­
ders of magnitude. As a result the sensitivity of the overall reaction rate, i.e. the 
complete oxidation of a hydrocarbon fuel into carbon dioxide and water, to the 
rates of the involved elementary reactions is greatly different. This allows to ne­
glect the less important elementary reactions and concentrate on the ones with 
greater sensitivities, that are rate controlling for the global reaction. Moreover, an 
analysis of the main reaction paths can be executed by determining how much of a 
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certain species is formed by a specific reaction. As an example Figs. 6.2 and 6.3 
show the main reactions paths for a methane combustion under stoichiometric and 
rich boundary conditions, respectively. It is clearly visible that the main reaction 
path can depend strongly on boundary conditions such as the equivalence ratio. It 
should be noted that this is a common limitation to reduced reaction schemes. 
They are often not generally valid but limited to certain flame types (premixed or 
diffusion), equivalence ratios or temperature and pressure conditions. 

The oxidation ofhigher paraffins can coarsely by divided into three consecutive 
steps. First the fuel molecule is attacked by ° and H atoms and forms primarily 
olefins and hydrogen. The hydrogen oxidizes to water, subject to available oxy­
gen. In the second step the unsaturated olefins further oxidize to CO and H2• Es­
sentially all of the Hz is converted to water. Finally, the carbon monoxide bums 
out to COz. It is only in this step that the major fraction of heat associated with 
the entire combustion is released. 

Once the main reaction paths and the rate controlling steps are identified, fur­
ther simplification can be obtained by assuming that several species are in partial 
equilibrium with each other because reactions between these species are extremely 
fast. This allows to directly solve for their concentrations as explained in 
Sect. 6.1.1, without the need of numerical integration of the differential equations 
describing the chemical kinetics. Additionally, other species may be assumed to 
be quasi-steady [65]. This status describes the fact that the concentration of a cer­
tain species is alm ost constant over time when its formation reaction is very slow 
compared to its decomposition reactions. Thus, all species that is newly formed 
will immediately be decomposed by subsequent reactions such that the overall 
concentration change is close to zero. A prominent example for quasi-steadiness 
is the nitrogen atom in the formation of thermal nitrogen oxides, see Chap. 7. 

A wide variety of reduced reaction mechanisms has been proposed in the litera­
ture for various hydrocarbon fuels. As noted above, n-heptane is of great interest 
for internal combustion engine applications as it shows similar ignition behavior 
to actual diesel fuel. And even for this model fuel the variety of suggested re­
duced mechanisms is wide, ranging from relatively simple two-step mechanisms, 
that describe the oxidation of C7H16 to COz and HzO via CO, to mechanisms that 
still have a great level of detail and include 10 or more intermediate species and 
tens or even hundreds of both quasi-global and elementary reactions. 

As an example Bollig et al. [5] proposed a reduced reaction mechanism for 
non-premixed n-heptane combustion including seven quasi-global reaction steps 
between the intermediate species C3H6, CZH4, CzHz and CO, which become impor­
tant for subsequent pollutant formation reactions: 

(i) C7H16 = C3H6 + 2 C2H4 + Hz 
(ii) 2 C3H6 = 3 CZH4 

(iii) CZH4 = CzHz + Hz 
(iv) CzHz +2 HzO+ 2 H = 4 Hz + 2 CO 
(v) CO + HzO = COz + Hz 

(vi) 2 H + M Hz + M 
(vii) Oz + 3 H2 2 H + 2 H20 
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Fig. 6.2. Main reaction paths in premixed stoichiometric methane-air flames at p = 100 kPa, 
T= 298 K. [64] 

Fig. 6.3. Main reaction paths in premixed rich methane-air flames at p = 100 kPa, 
T = 298 K. [64] 
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However, it is not straightforward to specify the reaction rates of the above 
seven quasi-global reactions from known kinetic data of elementary reactions. 
This would be aprerequisite for integrating the time dependent concentrations of 
the involved intermediate species. To achieve this task, steady-state assumptions 
have to be introduced for further 22 species, namely for 0, OH, HOz, CH, CHO, 
CHzOH, 3-CHz, l-CHz, CH3, CH4, CHzO, C2H6, CH30, CH30H, HCCO, C2H3, 

C2Hs, C3H4, C3Hs, n-C3H7, p-C4H9 and 2-C7H 1S • These steady-state assumptions 
lead to a rather complex system of non-linear equations, which needs to be solved 
numericaIly. However, as reported in [5], additional simplifying assumptions are 
necessary in order to sec ure numerical convergence. As a consequence, the solu­
tion of such multi-step reaction mechanisms is still relatively costly and not yet 
standard in engine modeling. Even in CFD-calculations of internal combustion 
engines one- and two-step schemes are still widely applied to model the combus­
tion process. Nevertheless, a number of numerical studies on turbulent combus­
tion in IC engines have been executed based on detailed chemistry, e.g. [46], and 
often improved results compared to simpler reaction mechanisms have been re­
ported. 

6.1.4 Combustion Regimes and Flame Types 

Several different flame regimes can be identified depending on the mixture state 
and the interactions between chemistry, turbulence and molecular diffusion. In 
the most general sense one can distinguish between premixed and non-premixed 
flames, depending on whether fuel and oxidizer are already mixed homogeneously 
prior to combustion or whether mixing and combustion take place simultaneously. 
The latter case is also referred to as diffusion combustion, wh ich is however 
somewhat misleading as diffusion plays an important role in premixed combustion 
as weIl. Depending on the flow conditions, both flame types can further be di­
vided into laminar and turbulent flames. Some prominent examples for the above 
flame types are: 

laminar premixed flame: 
turbulent premixed flame: 
laminar non-premixed flame: 
turbulent non-premixed flame: 

Bunsen flame 
SI engine 
candle 
aircraft turbine 

In engine combustion chambers there is generally a high level of turbulence 
such that the effect of this turbulence on the flame has to be considered. The de­
parture of the flame front from a laminar plane to an increasingly three­
dimensional structure can be displayed in a Borghi diagram, Fig. 6.4 [6, 70]. Dif­
ferent regimes can be identified in this diagram, based on the dimensionless turbu­
lent Reynolds, Karlovitz and Damköhler numbers. 

The turbulent Reynolds number, 

(6.29) 
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relates the inertia to viscous forces, and is thus a measure of how much the larger 
eddies of integrallength sc ale (h = Cj.1e12ls) are damped by molecular viscosity. 

The Karlovitz number, 

Ka =!L, (6.30) 
t K 

is the ratio of the time scale of the laminar flame tF to the Kolmogorov time scale 
tK. These time scales are defined as 

(6.31) 

(6.32) 

where b/ is the laminar flame thickness, SI the laminar flame speed, vthe kinematic 
viscosity and s the dissipation rate of turbulent energy. On the Kolmogorov scale, 
the time for an eddy of size IK= (JIS)1I4 to rotate is equal to the time to diffuse 
across that eddy. Thus, the Kolmogorov length sc ale describes the smallest eddies 
in turbulent flows, and for dimensions smaller than IK, the flow is considered 
laminar [41]. 

The Damköhler number describes the ratio of the macroscopic turbulent time 
scale to the flame time, 

Da=~, (6.33) 
t F 

where 

to = lj 1 u' . (6.34) 

106 
Da< 1 

~ 
SI Da = 1 

104 Da> 1 

Ka> 1 

102 ® 
Ret= 1 8) 

CI) ---------~--------------------
Ret< 1 ® 

Fig. 6.4. Borghi diagram showing different regimes in turbulent premixed combustion 
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Regime 1 
Ret< 1 
plane laminar 
flame front 

Regime 2 
Ret > 1, Ka < 1, 
Da > 1, U'!SI < 1 
wrinkled laminar 
flame front 

Regime 3 
Ret > 1, Ka < 1, 
Da> 1 
corrugated flame 
"island" formation 

Regime 4 
Ret > 1, Ka > 1, 
Da> 1, 
distributed 
reaction zones 

Regime 5 
Ret > 1, Ka > 1, 
Da< 1 
well-stirred 
reacter 

Fig. 6.5. Schematic illustration of different flame types in turbulent premixed combustion 

gas furnace 

turbo diffusion 
flame 

turbo premixed 
flame 

SI engine 

HCCI engine 

homogeneous 
combustion 

Fig. 6.6. Flame types in combustion engines [37] 

The different flame types that correspond to the combustion regimes in the 
Borghi diagram are schematically shown in Fig. 6.5. In regime 1 (Re, < 1) a plane 
laminar flame front can be observed. In regime 2, where the turbulent Reynolds 
number is greater than unity but where the turbulence intensity is less than the 
laminar flame speed, the flame is still laminar, but its surface becomes more and 
more wrinkled by large scale eddies. In regime 3, u' exceeds SI such that "islands" 
can be ripped out of the flame front and a corrugated flame results. However, in 
contrast to regime 4 the Karlovitz number is stilliess than unity. This means, that 
the flame stretch is sufficiently weak such that the flame front is not yet tom into 
pieces. The latter phenomenon will result in the formation of multiple distributed 
reaction zones (regime 4). Finally, regime 5 is characterized by Damköhler num­
bers less than unity. Thus, chemistry is slow compared to the turbulent flow proc­
esses and the system can be treated as a weil stirred reactor. The presence of a 
distinct flame front can no longer be identified in this regime. 

In engine combustion chambers the gas flow is generally turbulent. Three out 
of the above flame categories and combinations between those categories are of 
special interest. These are turbulent premixed flames, turbulent non-premixed or 
diffusion flames as weil as homogeneous combustion. Figure 6.6 indicates engine 
related applications where the respective combustion types can be observed. As it 
will be discussed further below, the different flame types of various engine con­
cepts may require different modeling approaches to appropriately describe the re­
spective combustion phenomena. 
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6.2 Ignition Processes 

6.2.1 Ignition Fundamentals 

Ignition processes may be classified into two categories: (i) thermal explosions 
and (ii) chemical or chain explosions. 

A thermal explosion can be explained following Semenov's analysis [55]: the 
temperature change within a system is described by the difference between he at 
production by chemical reactions (index P) and heat loss to the surroundings (in­
dex L): 

(6.35) 

For simplicity, the heat production term is expressed by an Arrhenius equation for 
a single-step reaction from fuel to products, 

. []VF ( EA ) Qp - fuel . A-exp - RT ' (6.36) 

and the heat loss is estimated based on Newton's law for convective heat ex­
change, 

(6.37) 

where h is the convective heat transfer coefficient and Aw denotes the wall area. 
Hence, the heat production term increases exponentially with temperature 

whereas the heat loss term is a linear function of the system temperature. This is 
sche~atically shown in Fig. 6.7, where two different heat productior~ curves QpI 
and Qp2 have been compared to the linear energy loss function QL' For the 
lower production function QPI' there are two stationary intersection points, SI and 
S2, with the heat loss function. System temperatures below TS1 will lead to an in­
crease in temperature since the production term exceeds the loss term. Contrarily, 
for temperatures TS1 < T< TS2, the heat production is less than the heat loss such 
that the system temperature will decrease towards TS1 • Therefore, TSI referred to 
as a stable, stationary point. 

Fig. 6.7. Temperature dependencies of heat production Qp and heat losses QL 
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At temperature TS2 , there is a second stationary point with heat production and 
losses of equal size. However, in contrast to Sj, this point is unstable as for only 
slightly increased temperatures the system will be heated further and further. The 
surplus heat production will increase the more the temperature rises, and a thermal 
explosion results. 

Figure 6.7 also indicates that there may exist curves such as QP2' that do not 
intersect with the heat loss function at all. In this case there are no stationary 
points, and heat production always exceeds cooling. Therefore, the system will 
explode for any initial temperature. An example is an adiabatic system in that the 
heat loss is zero. Consequently, any exothermic reaction will lead to explosion. 

In contrast to a thermal explosion, a chemical or chain explosion is not directly 
a function of the system temperature but rather of the reaction path. This is be­
cause areaction mechanism and the associated heat release can be accelerated 
when the number of radicals in the system is increased by chain branching reac­
tions. As an example, the most important steps with respect to ignition in the hy­
drogen-oxygen-system can be written as: 

(i) H2 + O2 = 20H 

(ii) OH + H2 = H20+ H 

(iii) H + O2 = OH +0 

(iv) 0 + H2 = OH +H 
(v) H V2H2 

(vi) H + O2 +M = H02 +M 

The reaction (i) is termed the chain initiation because radicals are formed from 
stable molecules. Reaction (ii) is a chain propagation where the number of radi­
cals is conserved, and reactions (iii) and (iv) are the chain branching steps that in­
crease the number of reactive species in the system and cause the chain explosion. 
Finally, chain tennination may occur either at a wall (v), or within the gas phase 
by reaction (vi). 

The ignition of hydrocarbon fuels can be viewed as a chain branching process 
in analogy to the HrOrsystem described above. However, the reaction mecha­
nisms for ignition of hydrocarbons are much more complicated in that signifi­
cantly greater numbers of species and reactions are involved. Nevertheless, the 
same characteristic behavior is observed. As for other chain explosions, ignition 
only takes place after a certain induction time (ignition delay) has been passed. 
This is in contrast to thermal explosions that start instantaneously. During the in­
duc ti on time of a chemical explosion the chain initiation proceeds relatively 
slowly, because the involved reactants are stable molecules. Thus, the system 
temperature rises only marginally. Only after a certain threshold in the radical 
concentration is surpassed, additional radicals can be formed by chain propagation 
and chain branching, leading to explosion. The induction time for chain reactions 
is strongly temperature dependent and can thus be significantly reduced by exter­
nal addition of energy. A prominent example is the spark energy in SI engines, 
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that rises the local temperature and greatly increases the radical concentration 
within the volume between the spark plug electrodes. 

The flammability or explosion limits indicate the mixing (equivalence) ratios, 
for which a fuel-air mixture is inflammable, i.e. for which either autoignition is 
possible or for wh ich a self sustained flame can proceed after extemally induced 
ignition. The explosion limits are a function of both temperature and pressure and 
can be displayed in a p-T explosion diagram, Fig. 6.8. For a given temperature 
and a very low pressure (below the first explosion limit) the mixture is not ignit­
able since all radicals that are formed are quickly diffused to the system walls 
where they recombine to stable molecules. Diffusion is inversely proportional to 
the system pressure and therefore very fast in this regime. As the pressure is in­
creased (T is kept constant), diffusion rates are reduced such that the formation of 
new radicals exceeds their recombination at the first explosion limit. Chain 
branching reactions can proceed and chain explosion is observed. 

By further increasing the system pressure, the second explosion limit may be 
passed and the mixture becomes stable again. This is because chain terminating 
steps in the gas phase (e.g. reaction (vi) in the above H2-02-system) become 
dominant compared to the chain branching reactions (reaction (iii». The third ex­
plosion limit indicates the thermal explosion limit. It is govemed by the competi­
ti on of heat production by chemical reactions and heat losses to the system walls, 
and has been discussed above, see Fig. 6.7. The heat production per unit volume 
increases with increasing pressure, such that at high pressures a transition to ex­
plosion is observed. 

multistage : ,I ignition 
,I, 
\ \\\ 
\ \\\ 
11I 
I I 
I 
I 

explosion 

slow reaction 

explosion 

temperature 

Fig. 6.8. Explosion diagram for a hydrocarbon-air mixture[65] 
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For hydrocarbon fuels additional and more complex ignition regions can be ob­
served, especially under low temperature and high pressure conditions. In the 
mu[tistage ignition regime ignition takes place only after the emission of short 
light pulses [65]. In the cool flame regime, that is typically observed for gas tem­
peratures between 600 and 800 K, combustion proceeds slowly with only a small 
temperature rise of about 100 K. In this regime the production of hydroperoxides 
plays an important role via the reactions 

(i) 

(ii) 

where RH represents the fuel and R is a hydrocarbon radical. The hydroperox­
ides react rapidly and produce additional radicals: 

(iii) R02H ~ RO + OH. 

However, for increasing temperatures above about 600 K the reverse reaction 
of (i) becomes faster. As a result the hydrocarbon radical now reacts preferen­
tially to olefins and hydrogenperoxide: 

(iv) 
(v) 

R + O2 ~ olefin + H02 , 

H02 + RH ~ H20 2 + R . 
The hydrogenperoxide can further be decomposed into two hydroxyl radicals 
which is referred to as adegenerated chain branching reaction: 

(vi) 

However, this re action proceeds at considerable rates only for temperatures above 
800 K. Therefore, a so-called negative temperature coefficient can be observed in 
hydrocarbon ignition, that is characterized by an increased ignition delay for in­
creased temperatures in the cool flame regime, Fig. 6.9. 

600 800 temperature [K] 

Fig. 6.9. Negative temperature coefficient for hydrocarbon ignition 
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6.2.2 Autoignition Modeling 

In combustion engines the autoignition process takes place on a time scale that is 
relatively long compared to the relevant fluid dynamical time scales. Therefore, 
the effects of convective and diffusive species transport during the ignition delay 
cannot be neglected in the modeling. This is typically taken into ac count by solv­
ing mass conservation equations for certain radical indicator species. These con­
servation equations include convection, molecular and turbulent diffusion as weIl 
as source terms representing the chemical reactions. The latter are commonly ex­
pressed by Arrhenius type reaction rates. In order to determine the ignition tim­
ing, it is assumed that a certain threshold value for the radical indicator species 
concentration has to be reached. In diesel engines, the ignition model is then typi­
cally switched off and the calculation is continued with a combustion model that 
concentrates on turbulent mixture formation rather than on detailed re action kinet­
ics. Such models will be described in more detail in Sect. 6.4. 

Single-Step Mechanism 

The simplest method to describe the chemical production of a virtual radical spe­
cies is to ass urne a single-step reaction expressed by an Arrhenius equation. This 
procedure is identical to the one utilized in most phenomenological combustion 
models (see Sect. 3.2.3). Within the framework of CFD-codes the production rate 
of the radical species becomes the reciprocal value of the formal ignition delay. 
The latter is again expressed as 

1 
Tid =Cid --;:--2exp(Eid lT), (6.38) 

Y'.p 
where the constant Eid can be viewed as an activation temperature. For standard 
calculations of DI diesel engines with ignition mainly taking place in the high 
temperature regime, this simple approach can yield satisfactory results as has been 
pointed out in [38]. However, it should be noted, that the model constants Cid and 
Eid are not of fundamental nature and have to be adjusted when the temperature, 
pressure or equivalence ratio ranges are changed, within that ignition occurs. Spe­
cifically, the "negative temperature coefficient" of the ignition delay of hydrocar­
bon fuels, i.e. the increase of the ignition delay for an increasing temperature, that 
is observed in the cool flame region because of degenerated chain branching reac­
tions, cannot be predicted with a simple single-step model. 

The Shell-Model 

Probably the most widely used autoignition model in CFD calculations is the so­
called Shell-model. It was originally developed by Halstead et al. [14] in order to 
predict knock in spark ignition engines, and was later adjusted and applied to 
model diesel ignition as weIl, e.g. [21, 54]. The name Shell-model does not de­
scribe the nature of the model but simply sterns from the affiliation of the authors 
of the original study. 



210 6 Multidimensional Combustion Models 

The Shell ignition model inc1udes eight reaction steps between five species. 
However, it cannot be viewed as a formally reduced reaction mechanism with 
global reactions between actual species as discussed in Sect. 6.1.3. It rather repre­
sents a virtual mechanism between generic species, that attempts to reflect the ac­
tual ignition behavior of hydrocarbon air mixtures inc1uding multistage ignition 
and cool flames. 

The eight reaction steps are specified as: 

(i) RH + O2 
kq 

) 2R* 

(ii) R* kp 
) R* + P + Heat 

(iii) R* IIp ) R* + B 

(iv) R* 14kp ) R* + Q 
(v) R* + Q 

I,kr 
) R* + B 

(vi) B ~ 2 R* 

(vii) R* I,kp 
) termination 

(viii) 2 R* k, 
) termination 

where RH indicates the fuel, R* is the generalized radical, Q is an unstable inter­
mediate agent, B is the branching agent, and P denotes oxidized products such as 
CO, CO2 and H20. Thus, re action (i) represents the chain initiation, (ii) to (v) are 
chain propagation reactions, (vi) is the chain branching step, and (vii) and (viii) 
represent linear and quadratic terminations, respectively. 

The involved species concentrations can be solved by numerically integrating 
differential equations for their respective change rates. Following Eq. 6.21, the 
change rates of the intermediate species become 

d[R*] =2kq[RH][Oz]+2kb[B]- f3 kp[R*]-k,[R*]2, (6.39) 
dt 

d~~] = .t;kp[R*] + fzkp[R*][Q]-kb[B], 

d[Q] =/,k [R*]- fk [R*][Q] dt 4 p Z p • 

The change rates of oxygen and the fuel can be written as 

d[02] = _ k [R*] 
dt Pp' 

d[RH] [02]-[0z1(t~o) [RH] 
-----'---'-+ (t~O)' 

dt p·m 

(6.40) 

(6.41) 

(6.42) 

(6.43) 

where m is related to the number of hydrogen atoms in the original fuel moleeule 
CnH2m, and p is obtained from 

n(2-y)+m 
p= . 

2m 
(6.44) 
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y is the CO/C02 ratio, whieh is often assumed to be approximately equal to 0.67. 
The rate eoeffieients in the above meehanism are again of Arrhenius type, 

f2 = Aj2 exp(-EpfRT) , 

f3 = Aß exp(-Eß/RT) [02y3 [RHy3 , 

f4 = Af4 exp(-EfJRT) [02y4 [RHy4 , 

ki = Ai exp( -E/RT) , 

where index i stands for (i = 1, 2, 3, q, b, t), and 

[ 
1 1 1 ]-1 

kp = k1[Oz] +1S+ k3 [RH] 

(6.45) 

(6.46) 

(6.47) 

(6.48) 

(6.49) 

(6.50) 

There are a total of 26 parameters in the above equations that need to be adjusted 
in order to represent the ignition behavior of a eertain fuel. In Table 6.2 these pa­
rameters are summarized for three hydroearbon fuels of different oetane ratings. 

Uj' 

100 ,------,-------,------,-------, 
• RON 100 

... RON90 

50 1-------+------+------1. RON 70 

oS 20 I-------+-f----+----i'---t-------j 
-c 
o 

"ä5 
Cl. 
c 
o U 1 0 I---------+H------F~-f __ +_------l 
:::> 
-c 
.S 

5 1------~r=~--+7Wr--'---t-------j 

21.LO----~1L.2------1~.4------1~.6------~1.8 

1/temperature [103/K] 

Fig. 6.10. Comparison of experimental and predicted ignition delays [14] 
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Table 6.2. Parameters of the Shell autoignition model [14,21] 

Parameter 70RON 90RON 100RON 

An 1.6 10-6 7.3 10-4 7.3 10-4 

Af2 1.8 102 1.8 102 1.8 102 

Aß 0.75 1.47 2.205 
Af4 1.21 106 1.88 104 1.7 104 

AI 1.0 1012 1.0 1012 1.01012 

A2 1.0 1011 1.0 10 II 1.0 1011 

A3 1.0 1013 1.0 1013 1.0 1013 

Aq 6.96 1011 1.2 1012 3.961013 

Ab 3.35 1018 4.4 1017 6.5121015 

At 2.5 1012 3.01012 3.51 1012 

En -1.5 104 -1.5 104 -1.5 104 

Ef2 -7.0 103 -7.0103 -7.0103 

Eß 1.0 104 1.0 104 1.0 104 

Ef4 3.0104 3.0104 3.0104 

EI 0.0 0.0 0.0 
E2 1.5 104 1.5 104 1.5 104 

E3 8.5102 8.5 102 8.5 102 

Eq 3.5104 3.5104 4.0104 

Eb 4.7104 4.5104 4.0104 

Et 0.0 0.0 0.0 

xl 1.0 1.0 1.0 
x3 0.0 0.0 0.0 
x4 -1.3 -1.0 -1.0 
y1 -0.5 0.0 0.0 
y3 0.0 0.0 0.0 
y4 1.0 0.35 0.35 

Pre-exponential faetors in [ern, mol, s]; aetivation energies in [eal/mol] 

Various studies that incorporated the Shell model have shown that under engine 
like conditions it is capable of predicting the negative temperature coefficient 
commonly observed in autoignition phenomena. Moreover, the dependence of the 
ignition delay on pressure, temperature and mixture stoichiometry is described 
with reasonable accuracy. An overview over such studies has been given in [50]. 
As an example, Fig. 6.10 compares experimentally determined and computed igni­
tion delays for three different reference fuels as a function of temperature [14]. 
Note, that in contrast to Fig. 6.9 the x-axis displays the reciprocal temperature. 
Thus, the graph appears to be side-inverted. 

While the Shell model can be viewed as the standard for modeling diesel en­
gine autoignition and SI engine knock phenomena, it is typically not suitable in 
order to precisely describe autoignition in modem homogeneous charge compres­
si on ignition (HCCI) engine concepts, where the induction period spans over a 
very long time interval because of low temperatures during the intake and much of 
the compression stroke. In order to reasonably predict ignition timings and heat 
release rates in the cool flame regime under such challenging boundary conditions, 
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it is crucial to model the hydrocarbon chemistry as detailed as possible. Hence, 
more complex reaction mechanisms than the one utilized in the Shell model be­
come necessary. Just a few examples for an increasing number of numerical stud­
ies on HCCI engines that are based on detailed chemistry are refs. [24,26,30, 72]. 
It should be noted though, that practically all such studies are based on single­
component model fuels like n-heptane. For realistic fuels, that are mixtures of 
many different hydrocarbon components, an adequate description of the HCCI 
combustion is even more difficult. 

6.2.3 Spark-Ignition Modeling 

Phenomenology 

In spark ignition engines combustion is initiated by energy addition through an 
electrical spark into apremixed, essentially stoichiometric air-fuel mixture. The 
purpose of the spark is twofold: it has to heat the mixture at the spark plug above 
the third explosion limit (see Fig. 6.8) in order to initiate a thermal explosion and 
moreover, it has to supply a high concentration of radicals to the re action zone and 
thus promote a chain explosion. Both measures contribute to establishing a self­
sustained flame, which can produce sufficient thermal energy in order to propa­
gate from the spark location into the combustion chamber without quenching. 

The many subprocesses involved in spark ignition are extremely complicated as 
has been discussed in detail in [17]. The most characteristic phenomena are that 
during the breakdown phase a slim, highly ionized plasma channel is formed be­
tween the spark plug electrodes with temperatures of about 60,000 K [28]. This 
takes place on a nanosecond time scale, and energy transfer efficiencies to the gas 
are close to 100 %. Thereafter the discharge continues in the are phase, where the 
plasma expands largely due to heat conduction and diffusion such that the shape 
of the ignition kernel becomes spherical. Moreover, chemical energy is released 
more or less instantaneously within the ignition kernel because of the high tem­
peratures encountered. This process takes place on a micro- to millisecond time 
scale. The energy transfer efficiency to the gas is significantly reduced to about 
50 %, primarily because of heat losses to the spark plug electrodes. Due to these 
heat losses and also because of expansion, the temperature inside the ignition ker­
nel decreases rapidly to a range of approx. 4000 to 10000 K. Thermal dissociation 
of the gas molecules is now dominant over ionization. Finally, a glow diseharge 
phase may follow, during that, depending on the details of the ignition system, the 
energy storage device, e.g. the ignition coil, will dump its energy into the dis­
charge circuit. The heat losses to the electrodes are most significant in this phase, 
and the energy transfer efficiency is only about 30 %. The temperature within the 
ignition kernel is reduced to approx. 3000 K. The flame front that starts to de­
velop from the ignition kernel will initially propagate with about laminar flame 
speed. Only as it becomes larger in size, its surface is more and more affected by 
turbulence such that the flame speed ihcreases. This will be discussed in more de­
tail below. 
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While the above spark ignition process has been numerically investigated by 
several authors in great detail, e.g. [29, 61, 62], those studies have been mostly 
limited to fundamental investigations. In the modeling of an entire engine com­
bustion process, it is hardly feasible to resolve the necessary length and time 
sc ales for all the involved subprocesses. Instead, it is typically sufficient to de­
scribe the initial growth of the ignition kernel by a phenomenological approach. 
Once this kernel has reached a critical size, that is related to the turbulence level in 
the spark plug region, the simulation can be continued with aseparate combustion 
model for fully developed turbulent flames, see Sect. 6.3. 

Thermodynamic Ignition Kernel Analysis 

The probably least comprehensive approach to model spark ignition is to simply 
add energy to the computational grid cell where the spark gap is located. This has 
to be continued until the gas temperature is sufficiently high, i.e. until the third 
explosion limit is exceeded, such that a flame front can develop that produces 
enough heat by chemical reactions to sustain itself. However, since this approach 
does not inc1ude any details that can nevertheless be of importance for the ignition 
process, e.g. thermal expansion of the ignition kernei, flame/turbulence interac­
tions, heat losses to the electrodes, etc., unrealistic inputs for the total spark energy 
as well as for its temporal history may be required in order to describe the induc­
tion period with reasonable accuracy. 

Herweg and Maly [16] performed a more detailed analysis on the early flame 
kernel development based on an energy balance of an assumed sphericaI kerne!. 
Treating the kernel as an open system, its enthalpy change is given by the change 
in internal energy and the expansion work, 

dHk = m dhk + hk dmk = dUk + P dVk + Vk dp , (6.51) 
dt k dt dt dt dt dt 

where subscript k indicates mass-averaged kernel properties. 
Since the time increment of flame kernel formation is typically smalI, and since 

there is only a small amount of heat released by combustion in this process, it is 
reasonable to assume that the pressure increase due to combustion may be ne­
glected during this period. Hence, the increase in the mean kernel temperature is 
related to the enthalpy increase by the equation 

dhk dTk 

dt = C p,k dt (6.52) 

The mass burning rate and thus the increase in the flame kernel mass becomes the 
product of the unburned mixture density Pu, the flame kernel surface are Al. and an 
effective kernel growth speed seff. The latter is the sum of the turbulent flame 
speed Sr and a so-called plasma velocity Spl, which results from the addition of the 
spark energy. A derivation of these two components will be given further below. 

(6.53) 
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The change in the kerne} interna} energy is given by the first law (Fig. 6.11) as 

dUk dWsp dQch dQL dVk -=--+----P-, (6.54) 
dt dt dt dt dt 

where Wsp is the electrical energy transferred to the spark, QL is the heat loss to the 
electrodes, and Qch is the heat of reaction, which is expressed as the product of the 
mass burning rate and the enthalpy of combustion products hb: 

dQch _ dmk • h (6.55) 
dt - dt b' 

By combining Eqs. 6.51 to 6.55 and performing several mathematical rear-
rangements, the equation 

dTk =_l_[dW,p+(h -h )pAs _dQL+V: dP ] (6.56) 
d d b k u k eff k d 

t mkcp.k t dt t 

is obtained. Further using (mk = A Vk), the mass burning rate can be written as 

dmk = P dVk + v: d Pk = pAs . 
dt k dt k dt u k eff (6.57) 

Solving this relation for the change in kernel vo1ume and utilizing the ideal gas 
1aw, 

(6.58) 

the following equation is obtained: 

dVk = Pu Akse + Vk [~ Tk _~ dP] . 
dt Pk ff Tk dt P dt 

(6.59) 

Finally, the change in kernel radius results from norma1izing Eq. 6.59 by the ker­
nel surface area Ak: 

(6.60) 

pdV 

Fig. 6.11. Therrnodynamic system of an ignition kemel 
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The set of differential Eqs. 6.56, 6.59 and 6.60 can now be integrated numeri­
cally for the kernel properties Tb Vk and rk. The only unknowns remaining are the 
spark energy Wsp, which is typically supplied as a time dependent input from ex­
perimental data, and the heat loss to the spark plug electrodes QL. This quantity is 
obtained from 

dQL ( ) dt = h Asp ~ - T,p , (6.61) 

where Tsp is the temperature of the electrodes, Ak the contact area between the ker­
nel and the electrodes, and h is an overall transfer coefficient that is often assumed 
to be approx. 2000 W/m2K. 

Pischinger and Heywood [45] utilized a very similar approach to describe the 
thermodynamics of the ignition kernel. However, instead of assuming a spherical 
kerne!, they allowed for a rotationally symmetric ellipsoid. The reasoning for this 
measure sterns from Schlieren photographs showing that the ignition kernel can 
stay attached to the spark gap even though the developing flame is quickly con­
vected away from its origin by the turbulent gas flow. One principal axis of the 
ellipsoid is determined from the distance of the flame center to its origin, which is 
given as an input from the respective experimental data. The other two axes are 
determined from the kernel volume which is calculated in analogy to Eq. 6.59. 
The benefit of this approach is that the contact area between the flame kernel and 
the spark electrodes can be ca1culated more accurately than for an assumed spheri­
cal kernel. 

The model was applied in order to simulate ignition and early flame develop­
ment for various engine cycles that were subject to significant cyclic-by-cycle 
variations. Provided that the shape and orientation of the ellipsoid flame kernel as 
weIl as the amount of discharge energy were given as inputs, the predicted flame 
development was generally in good agreement with experimental data. These re­
sults suggest that the cycle-by-cycle variations observed in spark ignition engines 
are indeed caused to a significant extent by varying heat losses to the spark plug. 
They can differ in each engine cycle because the turbulent flow is inherently ir­
regular, and the flame kernel is not deflected into the same directions in every cy­
cle. 

Ignition Kernel Growth and Flame Speed 

While the effective growth speed set! of the ignition kernel in Eq. 6.53 was as­
sumed to be equal to the laminar flame speed in [45], a more comprehensive ap­
proach was followed in ref. [16]. It describes the effective kernel growth rate as 
the sum of the turbulent flame speed and a spark energy enhanced expansion rate: 

(6.62) 

The turbulent flame speed Sr depends on the laminar flame speed Si and on the 
turbulence level within the combustion chamber. As schematically shown in 
Fig. 6.12, the flame front is wrinkled by turbulent eddies, such that its effective 
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surface AI is increased. Locally, the flame front still propagates with laminar 
flame speed SI, however, due to the area increase by wrinkling the volume swept 
by the flame front per unit time and thus the mass burning rate is increased. The 
effect is that the apparent flame speed, termed the turbulent flame speed s" is en­
hanced as weIl. The turbulent wrinkling typically occurs on a length sc ale that 
cannot be resolved by numerical grids utilized in engine CFD simulations. In­
stead, for modeling purposes the smaller area of a plane flame front, termed turbu­
lent flame area At, is utilized and multiplied with the turbulent flame speed that 
exceeds the laminar flame speed by the same factor by that the wrinkled (laminar) 
flame surface area AI exceeds the plane flame front area At. Hence, the volumetrie 
burning rate remains unaffected: 

(6.63 

The laminar flame speed SI is commonly ca1culated based on the relations of 
Keck and co-workers [33, 34, 52] that have already been discussed in Chap. 3 
(Eqs. 3.139 to 3.142, Table 3.4). The increase in flame speed due to turbulence 
can in principle be described in the same way as it is done in the phenomenologi­
cal models, i.e. with either Eq. 3.143 or Eq. 3.145. However, it is also possible to 
choose a more detailed formulation for the turbulent to laminar flame speed ratio, 
because more details of the turbulent flow field are available in the framework of a 
CFD-code. In fact, Herweg and Maly [16] proposed the relation 

[ -2 '2] 1I2 1I2 
SI 1I2 U + U rk [ ]

1I2 

- = I + I . . 1-exp ---
" ~ [u' + u" J'" +', ( (I, ) J 

v 
ii: effective turbulence factor 

v 
iii: size dependent integral 

length scale 

(I-exp[ ["'+U?" H't)r ~ 
v: fully developed 

iv: time dependent integral time scale turbulent flame 

Fig. 6.12. Flame speed enhancement due to turbulent wrinkling of the flame front 

(6.64) 
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It describes a continuous transition from a very smaIl flame kernel to a fuIly 
developed turbulent flame. InitiaIly, the flame may propagate with a velocity that 
is even slower than laminar flame speed because of strain effects evoked by flame 
curvature, that enter the equation through term (i). The second term accounts for 
turbulent wrinkling of the reaction sheet, where u denotes the mean (Reynolds­
averaged) flow velocity and ur is the turbulence intensity. The terms (iii) and (iv) 
are taking into account that the effects of the turbulent length and time scales on 
the burning velocity become more pronounced only, if the respective scales of the 
flame kernel are at least of similar magnitude. For example, a flame kernel that is 
smaller in size than the turbulence integral length scale will not be wrinkled by a 
turbulent eddy but rather convected as a whole. Only as the flame kernel grows to 
a size larger than the eddies, its surface area can be increased by wrinkling such 
that the flame speed is enhanced. A similar behavior can be observed for the time 
scales of the turbulence and the flame kernel as weIl, which is accounted for by 
term (iv). Term (v) finaIly describes the behavior of a fully developed, freely ex­
panding turbulent flame. 

The strain rate 10 can be approximated as 

(6.65) 

where b/ is the laminar flame thickness, h the turbulence integrallength scale, and 
rk the radius of the developing flame kernel. Typical values for these and other 
important flame related parameters in stoichiometrically operated SI engines have 
been coIlected by Heywood [18] from various sources in the literature. They are 
summarized in Table 6.3. 

The influence of the spark energy on the kernel growth rate, which is expressed 
through the plasma velocity Spl in Eq. 6.62, can be evaluated in a straightforward 
manner, if the simplifying assumption is made that the temperature inside the igni­
tion kernel is spatiaIly uniform and equal to the adiabatic flame temperature of the 
air-fuel mixture. This assumption is justifiable, because the breakdown phase, that 
is characterized by significantly higher temperatures within the plasma channel, 
lasts only for a few nanoseconds. Thus, the majority of the spark energy is trans­
ferred in the arc and glow discharge modes that span over a much longer time pe­
riod (millisecond range) and are characterized by temperatures that do not differ 
too much from the adiabatic flame temperature. Since typical time increments in 
engine CFD simulations are on the order of one microsecond, it is impossible to 
temporally resolve the breakdown phase. It is thus reasonable to assurne an iso­
thermal ignition kernel of adiabatic flame temperature at the end of the first nu­
merical time step. 

The initial radius rk,O of the ignition kernel after the first time step can be de­
rived from an energy balance [59]. Assuming that the energy necessary to heat 
the gas within the kernel from unburned to adiabatic flame temperature is supplied 
by the sum of the electrical energy Wsp of the spark discharge and the chemical 
energy released within the kernei, 
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(6.66) 

the radius at time Mo after spark onset becomes 

(6.67) 

where LHV mix represents the lower heating value of the air-fuel mixture per gram 
mixture. 

In the subsequent time steps the kernel growth is still primarily governed by the 
electrical energy supply to the spark gap and by heat conduction within the gas. 
As in Eq. 6.66, it is again assumed that the chemical energy stored within the igni­
tion kernel is immediately released once it is heated to approximately adiabatic 
flame temperature. Hence, an energy balance in analogy to Eq. 6.66 can be estab­
lished for the growing ignition kernel. However, in this case the volume change 
of the kernel is the product of the kernel surface area and the change in kernel ra­
dius drk. Additionally, an energy transfer efficiency from the spark plug to the gas 
7Jsp has to be introduced, that is significantly less than unity in the arc and glow 
discharge modes. As noted above, it ranges between approx. 50% and 30%: 

2 drk ( ) • 2 drk 4;rrk -Pucp Tod-Tu = 7JspW,p+4;rrk -PuLHVmix' 
dt dt 

(6.68) 

The change in the kernel radius drk/dt is commonly referred to as the plasma ve­
locity Spl' Rearranging the above equation for this quantity yields 

drk 7Js)Vsp 
Spl = dt = 4;rrk

2 Pu (cp(Tad - ~,) - LHVmix ) • 

Table 6.3. Typical parameters in SI engine f1ames. rp= 1.0, n = 1500 rpm [18] 

Combustion Parameter 

Turbulence intensity, u' 

Turbulent Reynolds No., Re, 

Damkähler No., Da 

Karlovitz No., Ka 

Integrallength scale, h 
Kolmogorov Scale, lK 

Laminar flame thickness, ~ 

Laminar flame speed, SI 

Ratio u' / SI 

Ratio s, / SI 

Mean flame radius of curvature, rk 

Quantity 

2 mls 

300 

20 

0.2 

2mm 

0.03mm 

0.02mm 

0.5 mls 

4 

4 

2mm 

(6.69) 
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The plasma velocity is inversely proportional to rk
2 and thus, decreases rapidly 

as the ignition kernel is growing. As a consequence, the effective flame velocity, 
i.e. the sum of the plasma and turbulent flame velocities, has a characteristic his­
tory that is schematically displayed in Fig. 6.13. At the spark initiation it starts out 
from a very large value because of the plasma effect. Its influence decreases rap­
idly as the kernel becomes larger, and the effective flame velocity reaches a mini­
mum, that is approximately equal to the laminar flame speed. For typical SI en­
gine flow conditions and ignition systems, this minimum is observed about 0.2 ms 
after spark on set. Thereafter, the enhancement of the flame speed by turbulent 
wrinkling becomes more and more important and the effective burning velocity 
increases until it reaches the value of a fully developed turbulent flame. 

turbulence 
effect 

~ -----------------------------

0,2 ms 

Fig. 6.13. Characteristic course of effective flame speed after ignition 
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Fig. 6.14. Ca1culated and experimental flame kemel growth in a quiescent propane-air mix­
ture, rp= 0.7, To = 300 K, Po = 101.3 kPa [59] 
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Stiesch et aI. [59] implemented the above ignition model into the CFD-code 
KIVA-3V and validated it against experimental data presented by Anderson and 
Lim [2]. The results are displayed in Fig. 6.14, which shows the ignition kernel 
growth vs. time in a quiescent propane-air mixture of equivalence ratio 0.7 for 
three different spark energies and durations. The solid lines represent the simula­
tion results that have been obtained with an energy transfer efficiency of 
1Jsp = 0.46 in Eq. 6.69, while the symbols represent the experimental data. The er­
ror bars indicate the standard deviation of the measurements. 

Spark Plug Protrusion 

The electrodes and parts of the spark plug body represent a flow obstacle that may 
have a significant effect on the gas motion in the combustion chamber. This is es­
pecially the case in stratified charge DIS I engines, where spark plugs have to 
reach further into the cylinder, because the mixture is often too lean close to the 
combustion chamber walls, and thus not suited for ignition. However, it is hardly 
possible to take account of these flow obstacles during the pre-processing (grid 
generation) of an engine simulation. This is because the computational grid is 
typically too coarse in order to accurately reproduce the shape of a spark plug. 

The problem can be evaded by representing the spark plug by solid particles 
that are distributed according to the shape of the plug and independently of the 
computational grid arrangement [11, 58]. The particles are fixed in space and 
characterized by an extremely high drag coefficient of CD = 1000. Thus, the dis­
placement of the gas at the position of the solid spark plug can still not be repro­
duced correctly, but the effect on the gas flow is effectively accounted for. This is 
shown in Fig. 6.15, which shows the mean flow velocities and directions within a 
dome shaped combustion chamber of a two-stroke DISI engine shortly after the 
end of the scavenging process. The clockwise tumble motion is obstructed and 
redirected by the spark plug within the cylinder dome. 

velocity [em/s] 
above 

2400 

1800 

1200 

600 
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Fig. 6.15. Velocity fjeld in a two-stroke DISI engine after scavenging 
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6.3 Premixed Combustion 

6.3.1 The Flamelet Assumption 

Combustion models for premixed combustion in homogeneously operated spark 
ignition engines are most often based on the so-called flamelet assumption [41]. 
That is, the flame front, that is wrinkled due to interaction with eddies in a turbu­
lent flow, is nevertheless assumed to behave as a laminar flame on a local scale. 
There is a general agreement that the flamelet concept is applicable in the region 
of large Damkähler numbers with turbulent scales larger than the flame thickness. 
This region is represented by the lower right part of the Borghi diagram (Fig. 6.4), 
specifically by regimes 2 and 3. For turbulent Reynolds numbers less than unity, 
i.e. in regime 1 of the Borghi diagram, the flamelet approach correctly evolves to a 
laminar premixed flame. 

The validity of the flame let assumption can be explained by the fact, that for 
turbulent eddies larger than the flame thickness (Ka< 1) the flame front is not yet 
tom into distributed reaction zones, but that a coherent flame front can still be 
identified. In fact, Dinkelacker and co-workers showed, that the flamelet assump­
tion is valid even for Karlovitz numbers somewhat greater than unity, because the 
thin reaction zone is led by a broader preheat zone [9, 56]. Within this preheat 
zone the smallest eddies tend to be dissipated due to an increase in the temperature 
dependent kinematic viscosity. Furthermore, for large Damkähler numbers the 
chemie al time scales are short compared to the turbulent time scales. Thus, the 
combustion rate is most significantly govemed by turbulence properties rather 
than by reaction chemistry, and the central problem in the flamelet regime is quan­
tifying the effective flame speed. Table 6.3 suggests that the conditions for the 
flamelet assumption are typically satisfied in homogeneous charge SI engines. 

6.3.2 Eddy-Breakup Models 

Probably the simplest combustion model based on the flamelet assumption is the 
semi-empirical eddy-breakup model. The intrinsie idea behind this model type is 
that the combustion rate is determined by the rate, at which parcels of unbumed 
mixture within the turbulent flame brush are broken down into smaller ones, such 
that there is sufficient interfacial area between the unbumed mixture and hot gases 
to permit reaction. 

Bilzard and Keck [4] described the combustion process as occurring in two 
subsequent stages. First, unbumed mixture has to be entrained into the turbulent 
flame brush. This process is related to the turbulent flame speed by 

me = PuA,s" (6.70) 

where At and St are the turbulent flame front area and speed as defined in Fig. 6.12. 
The turbulent flame speed may be calculated either by Eq. 6.64, or with one of the 
simpler relations presented in Chap. 3 (Eqs. 3.143 or 3.145). 
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In the second step, bum up within the flame brush occurs at a rate govemed by 
the amount of unbumed mass within the flame divided by a characteristic buming 
time: 

. me -mb 
mb = + PuA,sI' (6.71) 

Tb 

The buming time is taken to be the ratio of the characteristic size of the entrained 
turbulent eddies to the laminar flame speed, where the constant C is of order unity: 

Tb = C-~ (6.72) 
SI 

Note, that the same model is also used in phenomenological combustion mod­
els where, because of a lack of knowledge of more detailed turbulence properties, 
the length scale is commonly related to the lift of the intake valve, Eq. 3.153. 
However, when used within the framework of CFD-codes, the length sc ale le is 
more often taken to be the local value of the Taylor microscale lT at the position of 
the flame front [18]: 

le =IT "" ~ 15 ·1/. 
Re, 

(6.73) 

Both with phenomenological and with CFD simulations, the eddy-breakup model 
requires a geometric model for the flame front. Often, a simple spherical assump­
tion for the flame envelope surface is made. 

The Magnussen combustion model [27] is very similar to the above formulation 
as the combustion rate is primarily govemed by a turbulence related time scale, 
too. Specifically, the fuel consumption rate is expressed on the base of a single-
step reaction as 

. (Y02 Yp ) A·mm Yf,-,B--
. ais, 1 + als, 

wf = (6.74) 
T, 

where the Yi denote the local mean mass fractions of fuel, oxygen and products, 
and A and B are empirical constants. The stoichiometric air-fuel ratio enters the 
equation through als" and the turbulent time scale is modeled as the ratio of the 
turbulent kinetic energy k and its dissipation rate &: 

T, = k/ &. (6.75) 

Eddy-breakup models have been and are still widely used in engine calcula­
tions, primarily due to their simplicity and because more comprehensive combus­
tion models are not without problems themselves. It should be noted though, that 
one major deficiency exists in the above formulations, in that the turbulence re­
lated time scales, Eqs. 6.72 or 6.75, reduce to zero as a combustion chamber wall 
is approached. This leads to the unphysical prediction that the buming velocity 
tends to increase towards the wall [68]. 

In order to overcome this shortcoming, Abraham et al. [1] proposed several 
variations to the Magnussen model. The mass buming rate, expressed in terms of 
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the change in species density Pi, is determined by dividing the deviation of the 
momentary species density from its equilibrium value by a characteristic time 
scale necessary to reach the equilibrium state: 

dPi Pi - Pieq 

dt 
(6.76) 

This allows to include multi-step reaction mechanisms in the analysis, which is of 
special importance in rich mixtures, where carbon monoxide und unbumed hydro­
carbons are present. Additionally, and most importantly, the characteristic time 
scale is now composed of both a turbulent and a laminar time scale, 

(6.77) 

where I is a delay coefficient that is initially zero and approaches unity later in the 
combustion process: 

I = 1-exp [ - (t - t,p ) / T d ] • (6.78) 

Here tsp is the spark timing, and Td = Cml h / Si. The constant Cml is of order unity. 
The turbulent time sc ale is again related to the turbulence properties, 

(6.79) 

and thus reduces to zero as a wall is approached. The constant is typically chosen 
to be Cm2 ~ 0.05. However, in the vicinity of walls the laminar time scale becomes 
important because of the reduced temperatures and prohibits an unphysical accel­
eration of the flame speed. For iso-octane, the laminar time scale is defined as 

3.09.10-12 ( p )° 0

75 [E(1+0.08·1~-1.15I)l 
Tl = 2 • T· -0 . exp , 

[ 1.27 (1- 2.1· IR ) ] p T 
(6.80) 

where IR is the residual mass fraction, pO the standard pressure of 10 1.3 kPa, and E 
the activation temperature of approx. 15,100 K. 

While it has been shown that this model is capable of reasonably predicting 
global heat release rates and cylinder pressure traces [23], it cannot be used in or­
der to make assessments of the local flame structure. Specifically, because of the 
diffusive term in the species conservation equations, the flame width (or flame 
thickness) tends to increase during the course of combustion [67]. Such a behav­
ior is obviously unphysical and cannot be observed in experiments of premixed, 
homogeneous combustion. 

6.3.3 Flame Area Evolution Models 

The Weller / G-Equation Model 

A more comprehensive combustion model than the eddy-break up model is the 
flame area evolution model presented by Weller et al. [67,68], also referred to as 
the G-equation model [42]. It describes the combustion progress by a so-called 
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regress variable b, which may be viewed as a non-dimensional species concentra­
tion of the combustion reactants. Thus, b has limits of unity and zero, in the un­
burned and fully burned states, respectively. Its temporal and spatial evolution 
can be described by the transport equation 

(6.81) 

where the overbar (-) denotes ensemble- or time-averaged quantities, and the tilde 
overbar (-) denotes Favre- or density-weighted averages. For example, 

_ pu 
u=--=-. 

p 
(6.82) 

The differential operator V in the last term of Eq. 6.81 describes the gradient 
of the regress variable. The local flame wrinkle factor, i.e. the wrinkled flame sur­
face area per unit projected area, is denoted by~. It is equal to the turbulent to 
laminar flame speed ratio and related to the wrinkled flame area per unit volume L 
by 

(6.83) 

There are two possibilities how to determine this flame wrinkle factor. It can 
either be derived from its own transport equation, including both a term for gen­
eration of wrinkles by turbulence and a term for destruction of wrinkles due to 
flame propagation [67]. Or, the simpler and more widely applied method is to as­
sume that local equilibrium between wrinkle generation and removal prevails, i.e. 
~= ~eq. In this case the right hand side ofEq. 6.81, which represents the mean re­
action rate reduces to 

(6.84) 

The quantity of the equilibrium flame wrinkle factor ~eq, i.e. the turbulent to 
laminar flame speed ratio, can be estimated based on the relations discussed in 
previous sections. Often the relation by Herweg and Maly [16], Eq. 6.64, is util­
ized for this purpose. 

It is noteworthy about Eq. 6.84, that the re action rate, i.e. the term on the right 
hand side, is not simply related to the turbulence scales such as in the eddy­
breakup models, but that it is rather a function of both the turbulence properties 
and the combustion regress variable, for that a separate transport equation is 
solved. Thus, non-local effects can be accounted for that may become important 
in actual combustion engines. However, due to the diffusive term of the regress 
variable, there is still an unphysical increase in the flame front thickness predicted, 
albeit not as dramatically as in the eddy breakup models. 
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The Coherent Flame Model 

The coherent flame model is in principle very similar to the above G-equation 
model, in that it characterizes the flame structure by a local effective wrinkling 
factor. Moreover, the evolution of a combustion progress variable is modeled by a 
transport equation that contains the local mean reaction rate as a source term. This 
is in analogy to Eq. 6.84. Consequently, both model types are referred to as flame 
area evolution models. 

In the case of the coherent flame model, the flame surface area per unit volume, 
defined as 

L=~ 
V' 

is utilized in order to determine the mean turbulent reaction rate, 

where Wt is the consumption rate of fuel per unit of laminar flame area: 

!VI = PuYfsl· 

(6.85) 

(6.86) 

(6.87) 

Note, that Eqs. 6.86 and 6.87 are equivalent to the term on the right hand side of 
Eq. 6.84. The only difference is, that the present analysis is based on the fuel 
mass, expressed through the fuel mass fraction YJ in the unburned mixture, 
whereas the reaction rate in Eq. 6.84 is based on the total mass of unbumed mix­
ture. 

The local flame surface density L is now estimated from its own evolution 
equation [7]: 

8L + 8(U i L) _~(~ 8L) = aK,L- ß !VI ( l+aJk / SI) L2 . (6.88) 
8t 8xi 8xi G''f. 8x i pYf 

In this equation the parameters a, a, ß and G''f. are fixed at a = 0.1, a= 2.1, ß= 1, 
G''f. = 1. The turbulent diffusivity Vt may be modeled as discussed in Chap. 4, and 
p and }TJ are the local means of the density and the fuel mass fraction, respec­
tively. 

The first term on the right hand side of Eq. 6.88 denotes the production of 
flame surface density due to turbulence, and the second term represents the de­
struction due to mutual annihilation of adjacent flamelets. As has been pointed 
out by Boudier et al. [7], several methods of modeling the turbulent stretch rate Kr. 
which is defined as the relative change rate of the flame surface density 
(Kt = IIL dIJdt), have been proposed in the literature. Typically, it is specified as 
a function of the most important turbulence and flame parameters. For example, 
the formulation 

K, = J[;/v (6.89) 

may be applied, where [; represents the dissipation rate of turbulent kinetic energy, 
and vis the molecular viscosity. However, this equation represents only a coarse 
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approximation of the stretch rate, and a more accurate correlation has been derived 
based on detailed results of both direct numerical simulations and experiments by 
Meneveau and Poinsot [32]. They suggested a rather complex equation in terms 
of the turbulence parameters B, k, u', I, and the laminar flame parameters SI and 8t. 
H will only be summarized briefly here. The ratio of the net stretch rate to the re­
ciprocal turbulent time scale be comes 

~=r _~(!:L)(~)-lln[_1 J 
B / k K 2 bl SI 1- Pq , 

(6.90) 

where r K and Pq are determined as folIows: 

log r = - 1 e -(s+0.4) + (1- e -(s+O.4) ) (a (u' / S ) S - 0.11) 
10 K (s+O.4) I I ' 

(6.91) 

Pq = ~[1 + tanh (sgn(x)x 2 ) ] ' (6.92) 

where 

( , / ) _ 2 (1 1 (u' I s;in ) aus -- --e , 
I I 3 2 (6.93) 

(6.94) 

10gIO (u' / SI) - g (LI/bi) 
X = ---'---;--'-----:-'----'-

a(z,/bl ) , 
(6.95) 

g(z, / bl ) = (0.7 + 11 S )e-S +(I-e-s )(1 + 0.36s), (6.96) 

(6.97) 

Note, that Eqs. 6.91 to 6.97 are curvefits to numerical solutions of more funda­
mental representations of r K and Pq [32]. 

Because of their resemblance, both the coherent flame and the G-equation 
model can be expected to show similar behavior under various possible boundary 
conditions. In general, they both allow satisfactory simulations of homogeneous 
charge combustion applications, and they provide more detailed insight into flame 
structures than the computationally more efficient eddy breakup models. 

6.3.4 The Fractal Model 

In the fractal model the degree of flame front wrinkling that accelerates the flame 
speed is not obtained by soIving a transport equation but rather by assuming a self 
similarity between scales of different size [18]. This results in a power-Iaw scal­
ing between the wrinkled flame area and the inner and outer cutoff length scales, 
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that are typically assumed to be the integral and Kolmogorov length scales, re­
spectively: 

:: = ~: = (~~ J-D (6.98) 

To use this model an equation for the fractal dimension P is required. Santavicca 
et al. [53] proposed the relation 

S, u' 
D=2.0-,-+2.35-,-, (6.99) 

u +S, u +S, 

based on experimental data that showed that D increases from 2.0 for a laminar 
flame (i.e. S/Sl = 1) to about D = 2.35 for highly turbulent flames. 

6.4 Diffusion Combustion 

The term diffusion combustion is commonly used to describe non-premixed 
flames as they occur, for example, in direct injection diesel engines. It sterns from 
the fact that in these kind of flames the mixing time sc ales are dominant for the 
overall combustion process, and that both molecular and turbulent diffusion are of 
utmost importance for the mixing rate. Nevertheless, the phrase diffusion com­
bustion can be somewhat misleading in that diffusion plays an important role in 
the propagation of premixed flame fronts as described in the foregoing section as 
weIl. The name non-premixed combustion would be more precise for the proc­
esses taking place in diesel engines, but as mentioned above, it is still common 
practice to refer to it as diffusion combustion. 

In general, the mixing between fuel and oxidizer is the governing process for 
this combustion type, and reaction chemistry is much faster. Thus, the assumption 
mixed = bumed is often made. However, there are some important exceptions to 
this rule, especially for extreme lean or rich mixing ratios close to the inflamma­
bility limits and for low temperatures late in the expansion stroke. These effects 
become particularly important in the formation of pollutants, see Chap. 7. 

6.4.1 The Characteristic Time Scale Model 

The laminar and turbulent characteristic time scale model discussed in Sect. 6.3.2 
has been adopted to model non-premixed combustion in diesel engines by Patter­
son et al. [39]. In principle, the same set of equations that has been used for pre­
mixed combustion, Eqs. 6.76 to 6.80, is used for non-premixed combustion, albeit 
with some modifications. Tbe change in species density is again expressed in 
terms of the actual and equilibrium mixture compositions as weIl as the character­
istic time scale: 

(6.100) 
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However, the delay factor fis now defined as a function of the loeal eomposi­
tion, 

(6.101) 

where r is the ratio of the amount of products to that of total reactive species (ex­
eept N2), i.e. 

Yco, + YH 0 + Yco + YH, 
r= - 2 -

l-YN2 

(6.102) 

Thus, the parameter r indieates the loeal eompleteness of eombustion. Its value 
varies from zero to unity for unburned and eompletely burned mixture, respee­
tively. As a eonsequenee, the delay faetor f also ehanges from zero to unity de­
pending on the loeal conditions. The interpretation of this behavior is, that the 
turbulence driven mieroscale mixing beeomes more and more important eompared 
to chemistry effeets, the further eombustion has proeeeded. 

For diesel fuel whieh is approximated as tetradecane, the laminar (ehemistry) 
time seale is given as 

(6.103) 

where the pre-exponential eonstant and the aetivation energy are A = 7.68.108, and 
EA = 77.3 kllmol, respeetively. The turbulent (mixing) time seale has been speei­
fied as 

',=0.142·kl& . (6.104) 

Onee the change rates of the various speeies densities are known, the amount of 
heat release ean readily be estimated based on the respeetive enthalpies of forma­
tion of the involved species i: 

dQch _ "dPi 1 hO (6.105) dt - -~ ---;u MW; J,i' 

In most studies a two step reaction meehanism has been considered that de­
seribes the oxidation of fuel via CO to CO2, and ineludes the following seven spe­
eies: CnH2n+2, O2, CO, CO2, Hb H20, N2• Thus, the model is eapable of prediet­
ing the redueed amount of energy that is released in fuel rieh regions, where the 
equilibrium is shifted towards CO instead of CO2. This phenomenon may be ex­
plained by the fact, that in the partial oxidation to CO 50% of the oxygen is eon­
sumed compared to eomplete oxidation to CO2, but only about 30% of the total 
thermal energy is released. As a result, the heat release rate is delayed eompared 
to the fuel eonsumption rate in the early stages after autoignition, when the level 
of mixture stratifieation is still very high [66]. 

In the original studies, the identieal eharacteristie time scale was utilized for all 
speeies. However, in a later work this simplifieation was dropped in order to ae­
count for different kinetie reaetion rates of the involved reaetions and speeies [71]. 
Specifieally, different eharaeteristic time seales were introdueed for the speeies 
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fue!, CO and H2• While the time scale for fuel remained unchanged, more realistic 
results were obtained by setting the CO and H2 time scales to the fractional value: 

(6.106) 

The characteristic time scale combustion model has been applied in numerous 
computational studies on diesel engine combustion, and considering the relative 
simplicity of the model, very reasonable results have been obtained in general. In 
fact, the time scale combustion model seems better suited to describe non­
premixed combustion without a distinct flame front in diesel engines, than to de­
scribe premixed combustion in SI engines. This suggests, that the turbulent mix­
ing of reactants that is important in diesel combustion is indeed primarily gov­
emed by the dissipation of the large scale eddies, whereas additional effects may 
become important in the propagation of apremixed, wrinkled flame sheet. 

6.4.2 Flamelet Models 

Model Concept 

The intrinsic idea behind flamelet models is that even in non-premixed turbulent 
diffusion flames, a substantial fraction of the chemical reactions takes place in thin 
layers that may locally be treated as laminar reaction sheets [40,41]. This concept 
is displayed in Fig. 6.16, and it can be justified by the fact that chemical time 
scales are typically short compared to diffusion and convection time scales. The 
overall turbulent flame brush is consequently viewed as an ensemble or superposi­
tion of numeroUS laminar flamelets, that is subject to a statistical probability dis­
tribution in analogy to the turbulent fluctuations of the flow field. 

turbulent 
flame brush 

instantaneous 
flame fronts 

fuel 

lst 

diffusion 
flamelet 

Fig. 6.16. Schematic illustration of the laminar flamelet concept 

air 
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Within the thin laminar flamelets, combustion can be treated as a one­
dimensional process that depends only on the locally one-dimensional mixing ra­
tio between fuel and oxidizer. This mixing ratio is uniquely defined in terms of 
the mixture fraction Z, which represents the ratio of the fuel mass flow rate to the 
total mass flow rate: 

Z mjitel 
=----'---

riz Juef + m oxidizer 

(6.107) 

Thus, the mixture fraction has limiting values of unity in the pure fuel stream and 
zero in the pure oxidizer (air) stream. It should be noted, that Z is proportional to 
the mass fractions of the elements. Therefore, it is not affected by combustion but 
only by mixing. 

Because of the one-dimensional nature of the flamelet, the combustion chemis­
try can be separated from the three-dimensional turbulent flow field in the mathe­
matical description. This is desirable as it results in a significant reduction in the 
computational expenditure. Specifically, the following procedure is pursued: The 
changes in species densities due to chemical reactions are solved in a one­
dimensional form as a function of the mixture fraction only. This calculation can 
be performed as a pre-processing for many different mixture fractions and other 
important flamelet parameters such as temperature, pressure and the scalar dissi­
pation rate, that will be discussed in more detail below. The results of these calcu­
lations can then be stored in look-up tables (so-called flamelet libraries) and are 
readily available when the actual CFD calculation is performed. As the chemistry 
has to be solved only once for each set of flamelet boundary conditions, the con­
sideration of more detailed reaction mechanisms becomes possible without the 
drawback of excessive CPU times. 

The important effects of the turbulent fluctuations on combustion are accounted 
for only within the 3D-CFD calculations. This is done by weighting the one­
dimensional flamelet results with the probability that the respective flamelet is 
present within a computational cel!. An integration of these weighted flamelet so­
lutions is then executed over all possible flamelets in order to obtain the overall 
solution for the new composition within each CFD grid cell: 

1 

Y; = fp(Z)'Y;(Z).dZ. (6.108) 

In the above equation, Y; indicates the Favre-averaged mass fraction of species i 
within a CFD grid cello 

Hence, two major steps are necessary in employing a flamelet model for turbu­
lent non-premixed combustion: (i) adescription of the one-dimensional laminar 
flamelet structure in order to determine Y/Z), and (ii) a modeling of the probabil­
ity density function P(Z), that describes the probability of the presence of a spe­
cific flamelet within the turbulent flow field. These steps will be discussed in 
more detail in the following sections. 
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3D Mixture Fraction Distribution 

The turbulent mixing state at each position and point in time can be characterized 
by the mean and the variance of the mixture fraction Z. This is illustrated in 
Fig. 6.17, which compares three different mixing states and the according prob­
ability density functions (pdfs). All the three states have the same value for the 
mean mixture fraction (Z = 0.5), but a different variance. It becomes obvious 
that the variance (or more specifically, the second moment) is a measure of the 
turbulence level. A large variance represents a highly turbulent, inhomogeneous 
mixture, whereas a small variance indicates a more homogeneous state, where tur­
bulent dissipation has already led to a more homogenous mixture. 

In order to solve for the position- and time-dependent probability distribution 
within the combustion chamber, transport equations can be established for the 
mean and the second moment of the mixture fraction [46]: 

8(pZ) + 8(pujZ) =~(L 8Z)+ps, 
8t 8xj 8xj SCz 8xj 

(6.109) 

8(pZ"2) 8(puj Z·2) 8 ( Ji 8Z"2] 2Ji _ 2 __ 

----'-----'-+ =- ---- +-(Vz) -PX, 
8t 8xj 8xj SC Z.2 8xj SC Z.2 

(6.110) 

where V is the gradient operator, and i is the mean scalar dissipation rate that 
can be modeled following Jones and Whitelaw [19]: 

(6.111) 

As will be discussed below, i proves to be a parameter of paramount importance 
in flamelet modeling. The two Schmidt numbers for the mean and the second 
moment of the mixture fraction are assumed to be both equal to 0.9, and ci is 
about 2.0 [46]. 

However, in order to be able to integrate Eq. 6.108, it is not sufficient to know 
just the mean and the second moment of the mixture fraction distribution. In fact, 
the entire pdf needs to be known, and most often a beta-function is assumed for 
this purpose. It is defined as 

p(Z)= r(a+ß) za-l(1- zl-1 

Z r(a)+r(ß) , 
(6.112) 

where the gamma-function of a generic term a is 
00 

r(a)= fta-1e-'dt, (6.113) 
o 

and the pdf-parameters a and ß can be determined from the knowledge of Z and 
Z"2 : 

- a Z=-_· 
a+ß' 

Z.2 = aß 
(a+ß)2(a+ß+1) . 

(6.114) 
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Z 
fuel 1,0 P(Z) 

0,8 

0,6 

0,4 

0,2 

air 0 

21 = 22 = 23 = 0.5 
x 0 0,2 0,4 0,6 0,8 1,0 Z 
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Fig. 6.17. Description of the spatial diffusion profile with a pdf in mixture ffaction space 

1 D Flamelet Structure 

Considering a locally defined coordinate system, where the coordinates X2 and X3 

are within the surface of stoichiometric mixture and the coordinate Xl is normal to 
it, Xl can be replaced by the mixture fraction Z, if Z is considered a conserved sca­
lar, i.e. if its transport equation does not contain any source terms. This assump­
tion is obviously not exactly valid during the evaporation of a diesel spray, when 
there is definitely a source in the transport equation of the mixture fraction, arising 
from the phase change. Nevertheless, the concept is still utilized, and transport 
equations for mass and energy can be established in terms of the newly defined 
coordinates Z, X2 and X3' Because property gradients in Z direction, i.e. perpen­
dicular to the stoichiometric mixture fraction iso-surface, are significantly greater 
than within the iso-surface, the derivatives with respect to X2 and X3 can be ne­
glected. The transport equations reduce to a one-dimensional form in Z-direction, 
i.e. normal to the surface of stoichiometric mixture.. The mass and energy equa­
tions become 

(6.115) 

8T X 8zT 1 8p n hi • 

P-=P--z +---L-wi , 

8t 2 dZ c p 8t i~l c p 

(6.116) 

In the above equations the production rates of the species i are determined from 

Wi = MW;LvikH\, (6.117) 
k 

where index k specifies the various chemical reactions, and the molar reaction rate 
wk of a single reaction is obtained from an Arrhenius formulation as described by 
Eqs. 6.21 and 6.22. The instantaneous scalar dissipation rate is defined as: 
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(6.118) 

It can be interpreted as the inverse of a characteristic diffusion time. In general, it 
increases due to turbulent straining and decreases due to diffusion. 

Two aspects should be noted about the above formulation. Firstly, there are no 
convective terms in the mass and energy transport equations, Eqs.6.115 and 
6.116. This can be explained by the fact that all scalar quantities are subject to the 
same convective transport and thus, there is no convection relative to Z. The sec­
ond aspect is that the instantaneous scalar dissipation rate X represents the only di­
rect coupling between the turbulent flow field and the chemistry. It accounts for 
strain effects and is a crucial parameter in flamelet modeling. 

Scalar Dissipation Rate 

Since the calculation of the three-dimensional turbulent flow field only provides 
the mean of the scalar dissipation rate (Eq. 6.111) but not its instantaneous value, 
an additional modeling becomes necessary. In general, X is a function 01' both the 
mixture fraction Z and the turbulent fluctuations. The Z-dependence has been ana­
lytically shown to be 

X = ~ exp ( -2 [eifc-1 (2Z)J), (6.119) 

where eifc-I indicates the inverse (not the reciprocal!) complimentary eITor func­
tion [40]. The parameter as is the stagnation point velocity gradient in a laminar 
diffusion flame, and may be viewed as a characteristic strain rate of the reacting 
flow. It is the only parameter in the above equation and may therefore be deter­
mined from the knowledge of only one X-Z combination, e.g. the one at 
stoichiometric mixture fraction, i.e. Xst = X (Zst). This is demonstrated below. 

Equation. 6.119 applies to any Z within the mixture fraction space between zero 
and one, and can thus be reananged to the form 

I(Z) 
X=X" I(Zst)" (6.120) 

The expression.f{Z) indicates the exponential term in Eq. 6.119 and does not con­
tain any unknowns variables. Thus, the definition of the statistical mean of the 
scalar dissipation rate can be written as 

I I I(Z) 
j= fx(Z)·pz (Z).dZ =Xst f-(-)·Pz(Z).dZ. 

o 01 z" 
(6.121) 

Substitution of Eq. 6111 yields the relation 
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C ~Z"2 
X k 

(6.122) 

wh ich is utilized in order to quantify 1'st. Since the stoichiometric mixture fraction 
Zst is a known quantity for any specific fuel, Eq. 6.119 can now be solved for aso 

Venkatesh et al [63] systematically investigated the influence of different strain 
rates on the heat release rate in a diesel-type combustion within a constant volume 
chamber. Instead of applying Eq. 6.111 in order to obtain the mean scalar dissipa­
tion rate, they fixed 1'st to a constant value for the entire simulation. Three arbi­
trary values for 1'st were investigated, and it tumed out that areduction from 
1'st = 1.0 S-l to X,t = 0.1 S-l had only a minor effect. Conversely, the heat release 
rate was significantly reduced by increasing 1'st to a value of 10.0. This may be in­
terpreted as a local quenching due to excessive strain rates, that have the effect 
that the heat conduction to both the lean and the rich sides of the reaction zone 
cannot be balance by heat production within the reaction zone. 

Finally, the effect of the turbulent fluctuations on the instantaneous scalar dis­
sipation rate is commonly accounted for by an additional pdf in analogy to the 
modeling of the mixture fraction distribution. Note, that in a strict mathematical 
sense a joint pdf for both the mixture fraction Z and the scalar dissipation rate X 
would have to be established. For simplicity however, statistical independence is 
often assumed between Z and X, and the joint pdf may be decomposed into two 
independent pdf's: 

Pzx (Z, X) ~ Pz (Z). Px (X) (6.123) 

In contrast to the beta-function used for the mixture fraction pdf, Eq. 6.112, the 
1'-pdf is typically assumed to follow a log-normal distribution: 

1 [ (In X - ,Li )2] 
px(1')= .j2;;exp 2· 

1'0- 27< 20-
(6.124) 

The variance parameter of this pdf has been found experimentally to be approxi­
mately equal to 0- 2 = 2.0 for several different flow configurations. The parameter 
,Li may be obtained from equating the mean of the log-normal distribution to the 
respective value determined from Eq. 6.111: 

_ ( 1 2) i-----,;z 
X = exp ,Li + 2. 0- =- Cx k Z . (6.125) 

Re-Transformation 

With the above formulations, laminar flamelet solutions can be estimated for vari­
ous boundary conditions such as temperature, pressure and scalar dissipation rate. 
These solutions contain the information about the one-dimensional structure of the 
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flamelet in mixture fraction space. The re-transformation into three-dimensional 
physical space is then executed by integrating the flamelet solutions for the spe­
eies concentrations and the temperature over the entire ranges of both the mixture 
fraction and the scalar dissipation rate. Assuming statistical independence be­
tween the mixture fraction and the scalar dissipation rate, the complete form of 
Eg. 6.108 reads 

100 

Y; = ffpz (Z)·px (X)·~ (Z,X,p,T).dX·dZ. (6.126) 
00 

The new cell temperature can be ca1culated in an analogous way, based on the so­
lution of Eg. 6.116 for the one-dimensional profile T(Z). 

It should be noted, that the above formulation, Eg. 6.122, assumes infinitely 
fast chemistry, i.e. the assumption mixed = bumed is utilized. While this is a rea­
sonable measure for the major species during diffusion combustion, it falls short 
of describing the chemically slow processes of autoignition and pollutant forma­
tion. A possible solution to this problem is to store not the steady-state species 
mass fractions Yi but only their source terms, i.e. the reaction rates, within a flame­
let library. The concentrations Ci of the species in guestion can then be estimated 
based on the transport eguation: 

8(pcj) 8(pujcj) 8(_ 8Cj J "'( ) --+ - pD- =Q Z,X 
8t 8xj 8xj 8x j I 

1 00 

= f fpz (Z)·px (X)·Qj (p,T,Z,X)·dX·dZ. (6.127) 
00 

Discussion 

Venkatesh et al. [63] carried out an extensive study that compared the perform­
ance of a flamelet model with the performance of a time scale combustion model 
such as discussed in Sect. 6.4.1. The results for a diesel-type combustion in a con­
stant volume chamber showed, that the integral heat release rates predicted by the 
two models are very similar. This suggests, that combustion is indeed primarily 
limited by mixing processes and chemical kinetics play only a minor role after the 
autoignition period. This interpretation is further supported by the finding, that 
the heat release rates are not significantly different when different fuels (of com­
parable heating value) are used with the flamelet model. However, in the same 
study noticeable differences were found between the flamelet model and the time 
scale model with respect to the rate of nitrogen oxides formation. As this is 
known to be a process where the kinetics are slow compared to the mixing and 
turbulence time scales, see Chap. 7, the consideration of more detailed kinetics as 
weIl as the influence of strain rates are likely to be important for the formation and 
decomposition of pollutants as weIl as for autoignition. These information can 
only be provided by flamelet models. 

However, it should be noted that the scalar dissipation rate, which is a parame­
ter of paramount importance in flamelet models, needs to modeled by the semi-
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empirical approach of Eq. 6.111. Thus, the turbulent time scale k!&, which is also 
the most crucial parameter in the time sc ale combustion models, is of great impor­
tance in flamelet models as weil. Consequently, uncertainties that may arise in the 
turbulence modeling do affect the flamelet combustion model, albeit not as di­
rectly as they affect the time sc ale combustion models. 

Representative Interactive Flamelets (RIF) 

Mauss et al.[31] have found that the inner flame structure is not able to follow fast 
changes in the scalar dissipation rate, as they are observed in the highly unsteady 
development of the mixing fjeld in DI diesel engines. Although the chemistry can 
be considered to follow the flow field changes instantaneously, diffusive fluxes 
and the formation of a new diffusion-production-balance are not infinitely fast. 
Therefore, the history of the scalar dissipation rate is important for the transient 
flamelet evolution, and the use of steady flamelet libraries as they have been dis­
cussed above can be expected to be a source of inaccuracies. 

The RIF concept attempts to eliminate these problems by interactively solving 
the one-dimensional flamelet chemistry with the three-dimensional CFD code 
[46]. The parameters and boundary conditions that govern the unsteady evolution 
of these flamelets are extracted from the CFD code by statistical averaging over a 
representative domain of interest. Figure 6.18 shows a schematic diagram of the 
interaction between the CFD-code and the flamelet-code. 

There are two aspects that are noteworthy about the RIF concept shown in 
Fig.6.18. Firstly, the energy equation in the CFD-code is formulated in terms of 
the total enthalpy Hf, that inherently combines the information about the tempera­
ture and composition by means of the enthalpies of formation. This has the ad­
vantage, that there are no chemical source terms in the CFD-equations. The new 
cell temperature is rather determined in an iterative manner by comparing the total 
enthalpy obtained from the CFD code with the composition obtained from the 
flamelet code. The second aspect is that the numerical separation of the two codes 
allows for aresolution of the chemical time scales in the flamelet code by subcy­
ding a time step of the CFD code. This is important since the respective time­
scales may deviate by about three orders of magnitude. 

Xst, p, Tox' Ttue' 
or 

X(Z), p, H(Z) 

Fig. 6.18. Code structure of the representative interactive flamelet concept [46] 
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The RIF concept represents a promising way to describe the possible interac­
tions between chemistry and turbulence in the non-premixed combustion of DI 
diesel engines. However, there appear to be some unresolved issues that need to 
be further investigated. Because the computational expenditure increases signifi­
cantly when interactive flamelets are solved instead of using steady flamelet li­
braries, the number of representative flame lets that can be considered is limited to 
a small number. Therefore, one needs to determine whether the simulation results 
converge for an increasing number of representative flamelets, and how many 
flamelets are needed in order to yield such convergence. Furthermore, there is 
some uncertainty left in the question about which criterion should be applied to 
distinguish the various representative flamelets, even though it seems reasonable 
to relate this criterion to the scalar dissipation rate. 

6.4.3 pdf-Models 

Motivation 

In Chap. 4 the closure problem has been discussed, that arises with the use of the 
Reynolds-Averaged Navier-Stokes equations (RANS). It has the effect that addi­
tional terms, including the velocity fluctuations, appear in the momentum and en­
ergy transport equations. As noted above, these terms have to be modeled because 
they cannot be derived from first principles. Similar closure problems can be ob­
served for almost all field-variables in turbulent combustion as weIl. They are es­
pecially important for chemical reaction rates, as the rate coefficients typically 
have a nonlinear temperature dependency, e.g. [22]. Estimating the reaction rates 
based on a time-averaged temperature instead of taking into account the entire 
spectrum of fluctuations would therefore result in a significant underprediction of 
the actual mean reaction rate. 

Generally speaking, the closure problem states that new unknown terms includ­
ing higher moments appear in the transport equations of lower moments of a vari­
able. A typical solution to such closure problems is the semi-empirical modeling 
of higher moments in terms of the transported lower moments, e.g. the description 
of the velocity fluctuations (second moments) in the RANS equations as a func­
tion of time averaged quantities (first moments). With respect to the estimation of 
reaction rates in turbulent flows, such semi-empirical modeling assumptions are 
made as weIl. For example, in the eddy-breakup models, the problem of describ­
ing the turbulence effects on the kinetic reaction rates is bypassed entirely by di­
rectly modeling the mass buming rate in terms of the turbulent dissipation, which 
itself depends on time-averaged quantities as well as on several empirical con­
stants, see Chap. 4. And even the more comprehensive flamelet model described 
in the foregoing section relies on a semi-empirical modeling of the mean scalar 
dissipation rate and, in most applications, assumes infinitely fast chemistry. While 
those semi-empirical closure assumptions are useful for many engineering com­
bustion applications, they may fall short under some boundary conditions, and 
more accurate ways of describing turbulent reactive flows become desirable. 
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A method for avoiding the closure problem is the statistieal treatment of the 
fluetuating quantities by probability density funetions, e.g. [25, 48]. This method 
is eommonly referred to as the direet pdf-closure. For example, at a spatial loea­
tion .x, the mean produetion rate of a speeies i ean be written as 

1 1 1 00 00 

w; = f. .. f f f fw; p(p,T'~'Y2'···'Yn;.x)dpdT d~ dY2 ... dYn ' (6.128) 
o 0 000 

where P is a multi variable joint pdf, that eontains the entire information about the 
nature of the turbulent fluetuations. In partieular, it deseribes the statistical prob­
ability that a speeifie fluid state, eharaeterized by density p, temperature T and 
mass fraetions Y l to Ym is found at loeation .x. So far there are no assumptions or 
empirieal eorrelations involved in the formulation of Eq. 6.128. 

However, a major problem exists in that the exaet form of the probability den­
sity funetion needs to be known in order to be integrated. This matter is further 
eomplieated by the fact that an a-priori parameterized pdf, similar to the beta-pdf 
for the mixture fraction in the flamelet model, cannot be formulated for other vari­
ables. This is related to the fact that most variables are, in contrast to the mixture 
fraction, not conserved scalars. They are rather subject to source terms originating 
from combustion. Nevertheless, primarily two possibilities have been followed in 
order to determine the multivariable pdfs. These are, namely, the transported and 
the presumed pdf methods. They will be described in the following. 

Transported pdf 

In principle, the temporal evolution of a joint scalar pdf is govemed by fluid mix­
ing and reaction chemistry. Thus, a transport equation for the pdf can be derived 
based on the Navier-Stokes equations along with conservation principles for 
chemical species [65]. Let the most general joint prob ability density function 

(6.129) 

indicate the probability, that at time t and at the singular spatial position x, y and z, 
the fluid has velocity eomponents in the range between U; and U; + du; and values 
of the scalar quantities in the range between If/a and If/a + dlf/a, where the If/a de­
note the density, enthalpy and mass fractions. Then the transport equation for the 
evolution of the pdf reads [48, 49]: 

p(lj/) 8P + p(lj/)t(Uj 8P)+ t([p(lj/)gj - iJjJ 1 8P 1 
8t j=\ 8t j=\ 8xj 8uj 

+ ~(8:)p(Ij/)Sa (Ij/)p ] J 

~ t[ a~, [(~;; -t. ~~: 1"·+ lJ+ ~(a~J t.( ~;l~ Hl (6.130) 
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In the foregoing equation, the Xi denote the X, y and z coordinates, and the Ui and 
gi denote the velocity components and gravitational forces in these directions, re­
spectively. The N-dimensional vector ij/ denotes the N different scalars If/a, and 
the Sa denote the source terms for the respective scalars (e.g. the chemical source 
terms). The T;j are the components of the stress tensor, and the Jia are the compo­
nents of the molecular flux (i.e. diffusion or heat conduction) of scalar a in direc­
tion i. FinaIly, the term (al ü, ij/) indicates the conditioned average of a function a 
for fixed values of ü and ij/. In physical terms, the conditional averages describe 
the mean molar fluxes for given values of the velocity and the scalars. 

However, it is not possible to integrate the pdf-transport equation, Eq. 6.130, by 
conventional numerical integrating techniques. This sterns from the high dimen­
sionality of the joint pdf, which depends not only on position and time, but also on 
the velocity components as weIl as on the scalars If/a. It is obvious, that the prob­
lem becomes worse, when detailed chemical reaction mechanisms are employed, 
and the number of different species mass fractions that enter the pdf is increased. 

The problem of integrating Eq. 6.130 is very similar to the problem encoun­
tered when solving the so-called spray equation, Eq. 5.4, in two-phase flows that 
has been discussed above. Consequently, the same solution technique, i.e. the 
Monte-Carlo method, is applied in pdf-combustion models as weIl as in spray cal­
culations. In this computational approach, the pdf is represented by a large num­
ber of stochastic partic1es. These particles evolve in time according to convection, 
chemical reaction, molecular transport, and body forces, and thus mimic the evo­
lution of the pdf. However, in the context of combustion models, the same kind of 
problems arise with the use of the Monte-Carlo method, that have already been 
discussed in Chap. 5. In order to assure statistical convergence, an extremely 
large number of particles is necessary, even for two-dimensional systems with 
strongly reduced reaction mechanisms. Thus, computational expenditure is pro­
hibitive for 3D engine applications, and the transported pdf approach is limited to 
fundamental studies with simpler geometries and boundary conditions than typi­
cally encountered in diesel engine combustion chambers. Nevertheless, applica­
tions of the transported pdf method to simpler boundary conditions have yielded 
very good results, and thus contribute to a better understanding of fundamental 
combustion phenomena, that are of importance for internal combustion engines as 
weIl. 

Presumed pdf 

An alternative and computationally much more efficient way to determine the 
multi variable joint pdf is to assurne statistical independence between the involved 
scalars. Under this premise the joint pdf can be decomposed into several single­
variable pdf's of presumed structure [13]. This is in analogy to the treatment of 
the Z-X-pdf in the flamelet model, Eq. 6.123: 

P(1f/1'1f/2,···,If/N) ~ Po, (lf/l)·P2 (1f/2)·····PN (lf/N)· (6.131) 

Note, that each P in Eq. 6.131 identifies a different probability function. 
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Each of the new single-variable pdf's P,j If/a) is now empirically constructed as 
a parameterized analytical function of presumed shape. An example is the beta­
function that has been used for the mixture fraction distribution in the flamelet 
model. Any presumed pdf can be uniquely identified if its moments are known. 
In fact, the number of moments that need to be determined in order to identify a 
presumed pdf is equal to the number of shape parameters contained in that func­
tion. For example, the two parameter beta-function described above (Eq. 6.112) 
requires the knowledge of the first and the second moment. These moments can 
be estimated by solving their own transport equations that can be derived from the 
Navier-Stokes equations, compare Eqs. 6.109 and 6.110. 

Much progress has been made with the use of presumed analytical pdf's in 
combustion modeling, e.g. [25]. Nevertheless, some significant problems remain 
that are inherently coupled with this approach. First of all, statistical independ­
ence between the scalars involved in the original joint pdf is not always a reason­
able assumption in engine combustion processes. Moreover, it is hardly practical 
to solve transport equations for more than the first two moments. However,often 
the actual pdf's have features that are poorly represented by two-parameter func­
tions. Last but not least, the shape and thus the general function describing the pdf 
may change due to source terms arising from combustion processes. In this re­
spect the mixture fraction Z, that has been utilized in the flame let model, is the 
only variable that can be treated as a conserved scalar. Its transport equation has 
no source terms, since the mixture fraction is not affected by combustion. 

6.5 Partially Premixed Combustion in DISI Engines 

6.5.1 Flame Structure 

When direct injection spark ignition (DISI) engines are operated in the stratified 
charge mode, combustion is likely to proceed in partially premixed flames. As 
schematically shown in Fig. 6.19, combustion is initiated at the periphery of the 
fuel cIoud. Ideally, the equivalence ratio at the spark plug position is cIose to 
stoichiometric at the thermodynamically best spark timing in order to assure a 
quick and stable ignition. 

Fig. 6.19. Schematic illustration of a DISI engine in stratified charge mode 
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Fig. 6.20. Schematic illustration of a tripJe flame structure [20] 

Onee the spark-indueed ignition kerne I has reaehed a eritieal size, the heat pro­
duction within the flame exeeeds the heat losses, and apremixed self-sustained 
flame front starts to propagate from the spark plug position into the eombustion 
ehamber. This is very similar to the proeess observed in homogeneously operated 
SI engines with extern al mixture formation. However, there is one major differ­
enee in that the flame front may reaeh both lean and rieh mixture zones in the 
stratified charge ease. The speed and the amount of energy released by this flame 
front is influeneed by turbulenee and temperature, and most signifieantly by the 
loeal equivalenee ratio of the mixture. Thus, the flame front will propagate fastest 
along a line of approximately stoiehiometrie air-fuel ratio and slower into both 
rieher and leaner mixture. This behavior results in the nose-shaped strueture 
shown in Fig. 6.20. The premixed flame front will eventually queneh if the mix­
ture beeomes too lean at the periphery of the fuel cloud. 

Behind the premixed flame front a seeondary diffusion flame, similar to the 
flame type observed in non-premixed diesel eombustion, may develop beeause of 
turbulent mixing of relatively hot residuals from the rieh and lean flame branehes. 
As a result, three different flame types are present at the leading edge of the flame: 
a rieh and a lean premixed flame front as weil as a diffusion flame. Therefore, the 
leading edge is eommonly referred to as the tripie point, and the entire flame 
strueture is often denoted as a tripie flame. 

6.5.2 A Formulation based on Lagrangian Flame Front Tracking 

A number of numerieal studies on stratified charge DIS I engines have utilized 
eombustion models of the eddy-breakup (or eharaeteristie time sc ale) kind, partly 
with remarkable sueeess, e.g. [10,47, 58, 60]. However, as has been pointed out 
before, these models are generally better suited to deseribe non-premixed diffu­
sion eombustion phenomena than to refleet the propagation of apremixed flame 
front. This assessment applies, even though the eddy breakup model was initially 
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invented in order to describe the latter combustion type. Consequently, it appears 
that eddy breakup models represent a practical approximation for describing par­
tially premixed flames, but that it would nevertheless be desirable to utilize more 
detailed models in order to more closely reproduce the tripIe flame structure dis­
cussed in the foregoing section. 

Based on a work of Fan et al. [11], that describes the initial growth of a spark 
enhanced flame kernel by mass-Iess Lagrangian marker particles, Stiesch et al. 
[57,59] proposed a mathematical formulation for partially premixed tripIe flames. 
It utilizes two separate sub models for the premixed flame fronts and for the sec­
ondary diffusion combustion taking place in the partly burned gas regions, respec­
tively. The spark ignition process as weIl as the propagation of the premixed 
flame fronts is modeled with the help of discrete marker particles tracking the cur­
rent position of the flame front. On the other hand, the secondary diffusion com­
bustion is modeled by the characteristic time scale combustion model as described 
in Sect. 6.4.1. 

The concept of the flame front tracking by marker particles is illustrated in 
Fig.6.21. Directly after spark-onset, a large number of discrete particles is uni­
formly distributed about the two main steradians such that a spherical ignition 
kernel is described. About 5,000 to 10,000 particles are necessary for typical 
combustion chambers and grid resolutions. The initial radius of the ignition ker­
nel is estimated foIlowing the energy balance derived in Sect. 6.2.3: 

[ 
. ]1/3 3Wsp Mo 

r, - (6.132) 
k.O - 41l'Pk ( C p (Tad - Tu) - LHVmix ) 

Thereafter, the ignition kernel expands and its surface is continuously trans­
formed into a self-sustained premixed flame front which is tracked by the marker 
particles. The movement of the particles is due to spark-enhanced ignition, self­
sustained flame front propagation and convection by the turbulent gas motion. 
Because the latter two mechanisms depend on the local properties of the flow 
field, the flame kernel looses its spherical shape and follows the propagation of the 
premixed flame front in a three-dimensional manner. 

The effective burning velocity of the flame front, which proceeds relative to the 
convective motion of the gas flow, is calculated as the maximum of the spark­
induced plasma velocity and the turbulent flame velocity: 

(6.133) 

Fig. 6.21. Flame front tracking by Lagrangian marker particles [59] 
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The plasma velocity is obtained from the energy balance of the flame kerne!, 
compare Eq. 6.69: 

drk l]sp Wsp 
Spl = dt = 4/Trk2 Pu (c/Tad - TJ - LHVmix ) • 

(6.134) 

The turbulent flame velocity may be estimated based on the formulation of Her­
weg and Maly [16], Eq. 6.64, that implicitly describes the transition from a lami­
nar flame to a fully developed turbulent flame by inc1uding strain rates and other 
effects. Note, that in Eq. 6.133 the greater value of either Spl or St is chosen instead 
of adding the two quantities. This is necessary because chemistry effects are al­
ready accounted for in the energy balance that leads to the plasma velocity in 
Eq.6.l34. 

The visible propagation speed of the flame front is accelerated because of 
thermal expansion of the burned gases. Thus, Eq. 6.133 needs to be multiplied by 
an expansion coefficient for the purpose of flame front tracking: 

(6.135) 

Following Heywood [17], the expansion coefficient can be specified as 

f. Pu (1) Pu / Pb 
exp= Pb -Yb +Yb=[(Pu/Pb)-I]xb+l' 

(6.136) 

where Yb denotes the burned volume fraction (Yb = VJVcy1), and Xb denotes the 
burned mass fraction (Xb = mJmcyl). 

For simplicity, a single-step reaction mechanism from fuel and O2 towards CO2 

and H20 is assumed within the premixed flame front. The mass burning rate per 
computational cell becomes the product of fuel density Pf,u within the unburned 
gas mixture, the flame speed sejf' and the flame surface area within that cell AFF,cell' 

The latter is estimated by assuming that all marker particles within the cell are po­
sitioned on a sphere with its origin at the spark gap, see Fig. 6.22: 

(6.137) 

In case of rich equivalence ratios, the oxygen density becomes the limiting factor 
in the mass burning rate as opposed to the fuel vapor density. Thus, the minimum 
of these two species densities needs to be considered in Eq. 6.137, where Xf,02 is 
the stoichiometric fuel-oxygen mass ratio. Once the change in composition has 
been determined, the heat release and the new cell temperatures can be estimated 
by balancing the total enthalpy inc1uding the specific enthalpies of formation. 

The secondary diffusion flame taking place in the partly burned region behind 
the premixed flame front is modeled by the characteristic time scale combustion 
model. As noted above, this model is best suited for describing mixing controlled 
flames, and therefore seems an appropriate choice for the present purpose. A two-
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step chemical mechanism, including carbon monoxide, is considered in the diffu­
sion combustion, and the change rates of the various species densities are obtained 
by dividing the deviation from the equilibrium composition by a characteristic 
time scale composed of a laminar (chemical) and a turbulent (mixing) time: 

dpi 

dt 
(6.138) 

The magnitude of the two time sc ales are given in Eqs. 6.79 and 6.80. How­
ever, it should be noted that the delay coefficient f in Eq. 6.78 is assumed to be 
always equal to unity in the present context. This ac counts for the fact that the 
non-premixed part of combustion has already been treated by the separate flame 
front model. Furthermore, the time scale combustion model is only activated in 
computational grid cells that have either been swept by the premixed flame front, 
or in cells that where an onset-temperature has been reached that is greater than 
the one typically chosen for diesel combustion. A value of 1300 K has been cho­
sen in ref. [57]. 

computational grid 

Fig. 6.22. Modeling of the turbulent flame surface within a computational grid cell [59] 
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Fig. 6.23. Pressure traces for an ignition timing variation of a DISI engine [57] 
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Fig. 6.24. NOx-emissions for an ignition timing variation of a DISI engine [57] 

In the same referenee, the model has been implemented into the CFD-eode 
KIVA-3V and applied to simulate an ignition timing variation in a small DISI 
two-stroke engine operated at part load eonditions. The simulation results for 
pressure traees and nitrogen oxides emissions are eompared against experimental 
data in Figs. 6.23 and 6.24, respeetively. While there remain some deviations be­
tween ealculations and measurements, especially with respeet to the NOx-

emissions, the model seems generally eapable of refleeting the goveming eombus­
tion meehanisms in partially premixed flames weIl. 

6_5.3 A Formulation based on the G-Equation 

Keeh et al. [20, 51] presented a eombustion model for partially premixed flames 
that is based on the prineipal eoneept of the G-equation model for fully premixed 
flames, eompare Seet. 6.3.3. Consequently, the reaetion state is deseribed by the 
favre-averaged regress variable b. It is transported aeeording to 

(6.139) 

where the souree term on the right hand side represents the mean reaetion rate ~ . 
However, eompared to the original G-equation model [42, 68], several varia­

tions need to be introdueed in order to aeeount for the fact that the mixture in DIS I 
engines is only partially premixed (or still partially non-premixed, for that matter). 
Henee, it is not suffieient to speeify agas state just by the instantaneous loeal 
value of the eombustion regress variable, but additional information must be pro­
vided that eharaeterizes the mixing state between fuel and oxidizer. For this pur­
pose transport equations are solved for the speeies mass fraetions of fuel, O2, N2, 

CO2, H20 and CO2.reso as one eomponent of the residual gas: 
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8py; 8 (puiY; ) ~(_ - 8Y;) _ "'c 
+ pDy -Y. 8t 8xi 8xi ' 8xi ' 

(6.140) 

The source term on the right hand side is due to combustion and is related to the 
reaction rate of an assumed single-step mechanism from fuel to CO2 and H20. 
For example, for fuel vapor it becomes 

Y;;'el =-Pus,IVbIYfoel,U' (6.141) 

and the other species are treated accordingly. With the knowledge of both the to­
tal CO2 mass fraction YC02 and the one resulting from the residuals YC02,res> the 
mixing state as weIl as the combustion state are uniquely identified. In fact, the 
regress variable can now be reconstructed from the species mass fractions as 

b = Y;el 
Y;el + X r,C02 (YC02 - Yc02,res) , 

(6.142) 

where 

Y;Uel = min [Yfoep x j,02Y02 ] ' (6.143) 

and Xj,C02 and X/.02 denote the stoichiometric fuel-C02 and fuel-02 mass ratios, re­
spectively. 

The turbulent flame speed SI, that is required in order to solve for the mean re­
action rate in Eq. 6.141, is again based on the turbulent to laminar flame speed ra­
tio proposed by Herweg and Maly [16], Eq.6.64. The laminar flame speed is 
modeled following Keck and co-workers [33, 34, 52], 

(6.144) 

where the parameters S/.o, a and ß have been specified in Eqs. 3.140 to 3.142 and 
Table 3.4. However, a new difficulty arises in that the above relation for the lami­
nar flame velocity applies only for homogeneously premixed fuel-air mixtures 
which may not be present in stratified charge DISI engines. Therefore, an ap­
proach is followed that is very similar to the flamelet modeling of non-premixed 
diffusion flames that has been discussed in Sect. 6.4.2 [44]. 

In order to ac count for the effect of the turbulent fluctuations of the partially 
premixed gases on the mean burning velocity, a probability density function is 
utilized for the mixture fraction Z and its variance: 

1 

S;(z)= fSI(Z) .Pz (z,Z"2).dZ. (6.145) 
o 

The mixture fraction is defined as in Eq. 6.107, and the joint pdf Pz (Z,Z"2) is 
assumed to be the same beta-function that has been utilized in the flamelet model, 
Eqs. 6.112 to 6.114. Again, the transport equations for the mean and the second 
moment of the mixture fraction, Eqs. 6.109 and 6.110, have to be solved in order 
to determine the shape parameters of the beta-function that identify the pdf. 
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The above set of equations represents a closed formulation that can be solved in 
order to describe both the mixing and the combustion progress in partially pre­
mixed tripie flames. However, the numerical integration of Eq. 6.145 can be tedi­
ous. To overcome this problem and shorten CPU times, Kech et al. [20] suggested 
the following curve-fit: 

S;(z)=s/(Z"){pz,, (z,Z'2)T 3 
,Cz,, ' (6.146) 

Here, Zst denotes the stoichiometric mixture fraction, and P Zst is the discrete prob­
ability of locating this stoichiometric mixture fraction in an ensemble of fluctua­
tions, if the mean and the second moment of the mixture fraction are given by 
Z and Z"2 ,respectively. A comparison between the curve-fit in Eq. 6.146 and 
the respective solution that results from numerical integration of Eq.6.145 is 
shown in Fig. 6.25 for a model constant of C Zst = 0.9. 

Figure 6.26 shows an application of the combustion model to a conceptual 
study where the flame propagation has been ca1culated in a stratified mixture field 
within a closed vessel. The mixture fraction distribution varies from the lean to 
the rich flammability limits in vertical direction as shown in the right part of the 
figure. The ignition location is at Z = Zst. Iso-lines of constant reaction rates are 
included in Fig. 6.26 in order to illustrate the flame structure. Both lean and rich 
flame fronts can be observed, that propagate into the unbumed zones at the top 
and the bottom of the vessel. The high iso-line densities indicate that the thick­
ness of the flame fronts is fairly thin. The curvature of the premixed flame fronts 
is an artifact that is due to thermal expansion of the bumed gases within the closed 
vessel. The secondary diffusion flame is observed in the middle of the combus­
tion vessel at approximately stoichiometric mixture, where the iso-lines indicate 
an increased reaction rate in the bumed region behind the actual premixed flame 
fronts . These results suggest that the model is capable of predicting the tripie 
flame structure in partially premixed flames that has been discussed above. 

- z.--o,O EquoIlon6.144 

=~~f~::~ 1 Equation6,145 

· z-' · O.OO3 
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Fig. 6.25. Mean laminar flame speed, p = 8 bar, T = 700 K, iso-octane [20] 
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Fig. 6.26. Computed tripie flame structure [20] 

References 

[1] Abraham I, Bracco FV, Reitz RD (1985) Comparisons of Computed and Measured 
Premixed Charge Engine Combustion. Combustion and Flame, vol 60, pp 09-322 

[2] Anderson RW, Lim MT (1985) Experimental Study of a Developing Spark Kerne!. 
8th Int Conf on Gas Discharges and their Applications, pp 511-514 Leeds University 
Press, UK 

[3] BauIch DL, Cobos CJ, Cox RA, Frank P, Hayman G, lust T, Kerr IA, Murrells T, 
Pilling MI, Troe I, Walker RW, Warnatz I (1992) Evaluated Kinetic Data for Com­
bustion Modeling. I Phys Chem Ref Data, vol 21 , pp 411-429 

[4] Blizard NC, Keck JC (1974) Experimental and Theoretical Investigation of Turbulent 
Burning Model for Internal Combustion Engines. SAE Paper 740191 

[5] Bollig M, Pitsch H, Hewson JC, Seshadri K (1996) Reduced n-Heptane Mechanism 
for Non-Premixed Combustion with Emphasis on Pollutant-Relevant Intermediate 
Species. 26th Symp (Int) Combust, pp 729-737, The Combustion Institute, Pitts­
burgh, PA 

[6] Borghi R (1984) On the Structure of Turbulent Premixed Flames. in: Bruno C, Casci 
C (eds) Recent Advances in Aeronautical Science. Pergamon 

[7] Boudier P, Henriot S, Poinsot T, Baritaud T (1992) A Model for Turbulent Flame Ig­
nition and Propagation in Spark Ignition Engines. 24th Symp (Int) Combust, pp 503-
510, The Combustion Institute, Pittsburgh, PA 

[8] Chevalier C, Loussard P, Müller UC, Warnatz I (1990) A Detailed Low-Temperature 
Reaction Mechanism of n-Heptane Auto-Ignition. 2nd Int Symp COMODIA 90, 
Kyoto, p 93 

[9] Dinkelacker F (2001) Struktur turbulenter Vormischflammen. Habilitationsschrift, 
University Erlangen-Nuremberg, Germany 

[10] Fan L, Reitz RD (2001) Multi-Dimensional Modeling of Mixing and Combustion of 
a Two-Stroke Direct-Injection Spark-Ignition Engine. SAE Paper 2001-01-1228 



250 6 Multidimensional Combustion Models 

[11] Fan L, Li F, Han Z, Reitz RD (1999) Modeling Fuel Preparation and Stratified Com­
bustion in a Gasoline Direct Injection Engine. SAE Paper 1999-01-0175 

[12] Frenklach M, Wang H, Rabinowitz MJ (1992) Optimization and Analyses of Large 
Chemical Kinetic Mechanisms Using the Solution Mapping Method - Combustion of 
Methane. Prog Energy Combust Sei, vo118, pp 47-73 

[13] Gutheil E, Bockhorn H (1987) The Effect ofMulti-Dimensional PDF's in Turbulent 
Reactive Flows at Moderate Damköhler Number. Physicochemical Hydrodynamics, 
vol9, p 525 

[14] Halstead M, Kirsch L, Quinn C (1977) The Autoignition of Hydrocarbon Fuels at 
High Temperatures and Pressures - Fitting of a Mathematical Model. Combust 
Flame, vol 30, pp 45-60 

[15] Haworth CD, Poinsot TJ (1992) Numerical Simulations of Lewis Number Effects in 
Turbulent Premixed Flames. J Fluid Mech, vol 244, pp 405-436 

[16] Herweg R, Maly RR (1992) A Fundamental Model for Flame Kernel Formation in SI 
Engines. SAE Paper 922243 

[17] Heywood JB (1988) Internal Combustion Engine Fundamentals. McGraw-Hill, New 
York, NY 

[18] Heywood JB (1994) Combustion and its Modeling in Spark-Ignition Engines. 3rd Int 
Symp COMODIA 94, pp 1-15 

[19] Jones WP, Whitelaw JH (1982) Ca1culation Methods for Reacting Turbulent Flows: 
A Review. Combust Flame, vol 48, p 1 

[20] Kech JM, Reissing J, Gindei J, Spicher U (1998) Analyses of the Combustion Proc­
ess in a Direct Injection Gasoline Engine. 4th Int Symp COMODIA 98, pp 287-292 

[21] Kong SC, Han Z, Reitz RD (1995) The Development and Application of a Diesel Ig­
nition and Combustion Model for Multidimensional Engine Simulations. SAE Paper 
950278 

[22] Kuo KK (1986) Principles ofCombustion. Wiley, New York, NY 
[23] Kuo TW, Reitz RD (1992) Three-Dimensional Computations of Combustion in Pre­

mixed-Charge and Direct-Injected Two-Stroke Engines. SAE Paper 920425 
[24] Kusaka J, Yamamoto T, Daisho Y (2000) Simulating the Homogeneous Charge 

Compression Ignition Process using a Detailed Kinetic Model for N-Heptane Mix­
tures. Int J Engine Research, voll, no 3, pp 281-289 

[25] Libby PA, Williams FA (1994) Turbulent reacting flows. Academic Press, New York, 
NY 

[26] Lovas T, Mauss F, Hasse C, Peters N (2002) Modeling of HCCI Combustion Using 
Adaptive Chemical Kinetics. SAE Paper 2002-01-0426 

[27] Magnussen BF, Hjertager BH (1976) On Mathematical Modeling of Turbulent Com­
bustion with Special Emphasis on Soot Formation and Combustion. 16th Symp (Int) 
Combust, pp 719-729, The Combustion Institute, Pittsburgh, PA 

[28] Maly R, Vogel M (1978) Initiation and Propagation of Flame Fronts in Lean CHrAir 
Mixtures by the Three Modes of the Ignition Spark. 17th Symp (Int) Combust, 
pp 821-831, The Combustion Institute, Pittsburgh, PA 

[29] Mantel T (1992) Three Dimensional Study of Flame Kernel Formation Around a 
Spark Plug. SAE Paper 920587 

[30] Mauss F, Johansson B (2001) Homogeneous Charge Compression Ignition Engines: 
A Review on Experiments and Numerical Investigations. 5th Congress on Engine 
Combustion Processes, pp 5-19, Haus der Technik, Essen, Germany 



References 251 

[31] Mauss F, Keller D, Peters N (1990) A Lagrangian Simulation of the Flamelet Extinc­
tion and Re-Ignition in Turbulent Jet Diffusion Flames. 23rd Symp (Int) Combust, 
pp 693--698, The Combustion Institute, Pittsburgh, PA 

[32] Meneveau C, Poinsot T (1991) Stretching and Quenching of Flamelets in Premixed 
Turbulent Combustion. Combust Flame, vol 86, pp 311-332 

[33] Metghalchi M, Keck JC (1980) Laminar Burning Velocity of Propane-Air Mixtures 
at Hight Temperature and Pressure. Combust Flame, vo138, pp 143-154 

[34] Metghalchi M, Keck JC (1982) Burning Velocities of Mixtures of Air with Methanol, 
Iso-octane, and Indolene at High Pressure and Temperature. Combust Flame, vol 48, 
pp 191-210 

[35] Miller RJ, Rupley FR (1989) CHEMKIN-II: A Fortran Chemical Kinetics Package 
for the Analysis of Gas-Phase Chemical Kinetics. Report SAND 89-8009 

[36] Moran MJ, Shapiro HN (1992) Fundamentals of Engineering Thermodynamics. 2nd 
edn, Wiley, New York, NY 

[37] Otto F (2001) Fluid Mechanical Simulation of Combustion Engine Processes. Class 
Notes, University of Hanover, Germany 

[38] Otto F, Dittrich P, Wirbeleit F (1998) Status of 3D-Simulation of Diesel Combustion. 
3rd Int Indicating Symp, pp 289-308, Mainz, Germany 

[39] Patterson MA, Kong SC, Hampson GI, Reitz RD (1994) Modeling the Effects of 
Fuel Injection Characteristics on Diesel Engine Soot and NOx Emissions. SAE Paper 
940523 

[40] Peters N (1984) Laminar Diffusion Flamelet Models in Non-Premixed Turbulent 
Combustion. Prog Energy Combust Sci, vollO, pp 319-339 

[41] Peters N (1986) Laminar Flamelet Concepts in Turbulent Combustion. 21st Symp 
(Int) Combust, pp 1231-1250, The Combustion Institute, Pittsburgh, PA 

[42] Peters N (1992) Fifteen Lectures on Laminar and Turbulent Combustion. Ercoftac 
Summer School, RWTH Aachen, Germany 

[43] Peters N (1993) Flame Calculation with Reduced Mechanisms - An Oudine. in Pe­
ters N, Rogg B (eds): Reduced Kinetic Mechanisms for Applications in Combustion 
Systems. Lecture Notes in Physics, Springer, Berlin, Germany 

[44] Peters N (1997) Four Lectures on Turbulent Combustion. Ercoftac Summer School, 
RWTH Aachen, Germany 

[45] Pischinger S, Heywood JB (1990) A Model for Flame Kernel Development in a 
Spark-Ignition Engine. 23rd Symp (Int) Combust, pp 1033-1040, The Combustion 
Institute, Pittsburgh, PA 

[46] Pitsch H, Barths H, Peters N (1996) Three-Dimensional Modeling of NOx and Soot 
Formation in DI-Diesel Engines Using Detailed Chemistry Based on the Interactive 
Flamelet Approach. SAE Paper 962057 

[47] Pontoppidan M, Gaviani G, BeJla G, de Maio A, Rocco V (1999) Experimental and 
Numerical Approach to Injection and Ignition Optimization of Lean GDI-Combustion 
Behavior. SAE Paper 1999-01-0173 

[48] Pope SB (1985) PDF Methods for Turbulent Reactive Flows. Prog Energy Combust 
sci, volll, pp 119-192 

[49] Pope SB (1990) Computations of Turbulent Combustion: Progress and Challenges. 
23rd Symp (Int) Combust, pp 591-612, The Combustion Institute, Pittsburgh, PA 

[50] Ramos 11 (1989) Internal Combustion Engine Modeling. Hemisphere, New York, 
NY 



252 6 Multidimensional Combustion Models 

[51] Reissing J, Peters H, Kech JM, Spicher U (2000) Experimental and Numerical 
Analyses of the combustion Process in a Direct Injection Gasoline Engine. Int J En­
gi ne Research, voll, no 2, pp 147-161 

[52] Rhodes DB, Keck JC (1985) Laminar Burning Speed Measurements of Indolene-Air­
Diluent Mixtures at High Pressures and Temperature. SAE Paper 850047 

[53] Santavicca DA, Liou D, North GL (1990) A Fractal Model of Turbulent Flame Ker­
nel Growth. SAE Paper 900024 

[54] Sazhina EM, Sazhin SS, Heikal MR, Babushok VI, Johns R(2000) A Detailed Mod­
elling of the Spray Ignition Process in Diesel Engines. Combust Sei and Tech, 
vo1160, pp 317-344 

[55] Semenov NN (1935) Chemical kinetics and Chain Reactions. Oxford University 
Press, London, UK 

[56] Soika A, Dinkelacker F, Leipertz A (1998) Measurement of the Resolved Flame 
Structure of Turbulent Premixed Flames with Constant Reynolds Number and Varied 
Stoichiometry. Proc Combust Inst, vo127, pp 785-792 

[57] Stiesch G, Merker GP (2002) A Simplified Model for Description ofTriple Flames in 
Stratified Charge Gasoline Engines. Proc 12th Int Multidirn Engine Modeling Users 
Group Meeting, Detroit, MI 

[58] Stiesch G, Tan Z, Merker GP, Reitz RD (2001) Modeling the Effect of Split Injec­
tions on DISI Engine Performance. SAE Paper 2001-01-0965 

[59] Stiesch G, Pagel S, Merker GP (2002) Modeling Spark Ignition and Partially Pre­
mixed Flame Propagation in DISI Engines. 12th Int Heat Transfer Conf, pp 881-886, 
Grenob1e, France 

[60] Subramaniam MN, Stiesch G, Reitz RD (2001) Simulation of a 2-Stroke GDI Engine 
in KIVA-3V. Proc 14th ILASS Americas Conf, Dearborn, MI 

[61] Tekawa K, Aoki 0, Nomura H, Ujiie Y, Tsue M, Kono M (1998) Numerical Analy­
sis of the Effect of Spark Components on Ignition Process in a Quiescent Methane­
Air Mixture. 4th Int Symp COMODIA 98, pp 191-196 

[62] Thiele M, Warnatz J, Maas U (1999) 2D-Simulation ofIgnition Induced by Electrical 
Discharges. SAE Paper 1999-01-1178 

[63] Venkatesh G, Abraham J, Magi V (2002) A Comparison of Mixing-Controlled and 
Flamelet Models for Diesel Combustion. SAE Paper 2002-01-1116 

[64] Warn atz J (1984) Critical Survey of Elementary Reaction Rate Coefficients in the 
CIH/O System. in: Gardiner WC (ed) Combustion Chemistry, Springer, New York, 
NY 

[65] Warnatz J, Maas U, Dibble RW (2001) Combustion: Physical and Chemical Funda­
mentals, Modeling and Simulation, Experiments, Pollutant Formation.. 3rd edn, 
Springer, Berlin, Germany 

[66] Weisser GA (2001) Modelling of Combustion and Nitric Oxide Formation for Me­
dium-Speed DI Diesel Engines. Ph.D. Thesis, ETH Zurich, Switzerland 

[67] Weller HG (1993) The Development of a New Flame Area Combustion Model Using 
Conditional Averaging. Thermo-Fluids Section Report TF/9307, Imperial College, 
London, UK 

[68] Weller HG, Uslu S, Gosman AD, Maly RR, Herweg R, Heel B (1994) Prediction of 
Combustion in Homogeneous-Charge Spark-Ignition Engines. 3rd Int Symp 
COMODIA 94, pp 163-169 



References 253 

[69] Westbrook CK, Dryer FL (1981) Simplified Reaction Mechanisms for the Oxidation 
of Hydrocarbon Fuels in Flames. Combust Sei Tech, vol 27, pp 31-43 

[70] Williams FA (1985) Combustion Theory, 2nd edn, Benjamin/Cummings, Menlo 
Park, CA 

[71] Xin J, Montgomery D, Han Z, Reitz RD (1997) Multidimensional Modeling of Com­
bustion for a Six-Mode Emissions Test Cycle on a DI Diesel Engine. J of Engineer­
ing for Gas Turbines and Power, vol 117, pp 683-691 

[72] Zheng J, Yang W, Miller DL, Cemansky NP (2002) A Skeletal Chemical Kinetic 
Model for the HCCI Combustion Process. SAE Paper 2002-01-0423 



7 Pollutant Formation 

7.1 Exhaust Gas Composition 

In the ideal case of complete combustion of a hydrocarbon fuel with stoichiomet­
ric air, the exhaust gas would be composed of the chemical species carbon dioxide 
(C02), water (H20) and molecular nitrogen (N2) only. For lean equivalence ratios, 
molecular oxygen (02) could be observed among the products as weIl. However, 
in real combustion systems there are two reasons that inhibit complete combus­
tion: (i) Elementary chemical reactions never proceed completely into one direc­
tion, but they always approach an equilibrium state between products and reac­
tants. Thus, at least a small amount of reactants will remain. (ii) Local boundary 
conditions such as mixture distribution, temperature and turbulence level are often 
non-ideal. Therefore, flame extinction, accompanied with unburned or partially 
burned species, or the formation of entirely new products, e.g. soot or nitrogen ox­
ides, may occur. Consequently, additional components are present in the exhaust 
gases of combustion engines. These components are carbon monoxide (CO), un­
burned hydrocarbons (HC), nitrogen oxides (NOJ and particulate matter which is 
often approximated as soot. Depending on the quality of the fuel there mayaIso 
be traces of sulfur oxides (SOx) within the exhaust gas. 

In Fig. 7.1 typical engine-out exhaust compositions (without exhaust gas after­
treatment) of both gasoline and diesel engines are illustrated. It becomes obvious, 
that the pollutants that are caused by imperfect combustion, amount for only a 
very small fraction of the entire exhaust stream. In SI engines their volume frac­
tion ranges around 1%, and in diesel engines it is even less. Consequently, the 
formation of pollutants is irrelevant from a thermodynamic point of view, i.e. it 
does not have a noticeable effect on the total amount of heat released from com­
bustion. The strong focus on the reduction of pollutant emissions in today's de­
velopment of internal combustion engines is thus not caused by an attempt to fur­
ther improve fuel economy. The driving force is rather given by the fact that both 
humans and nature react extremely sensitive to some of the hazardous pollutants. 
Therefore, even small concentrations in the ppm-range can be of great importance. 

Having said the above, there is nevertheless often a strong dependency between 
the indicated engine efficiency and engine parameters, that also affect the quantity 
of emissions. One example for such a parameter is the injection timing in diesel 
engines, that affects both fuel economy and exhaust emissions. However, the de­
pendency of the efficiency on such parameters is not caused by the total amount of 
heat released from the chemical reactions, but rather by the timing and the rate at 
which the energy is released in relation to the engine cycle. 
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Figure 7.1 also breaks down the pollutants into the various chemical species. 
For SI engines, CO accounts for the greatest fraction, and HC and NOx are also 
observed in noticeable quantities. All these quantities can however be effectively 
removed from the exhaust gas by a three-way catalytic converter. In the diesel 
exhaust, NOx and soot represent the major challenges, especially because an effec­
tive exhaust gas aftertreatment represents a much greater difficulty for a combus­
tion concept subject to excess air [7]. 

With respect to the mathematical modeling of pollutant formation in engine 
simulations, nitrogen oxides and soot are basically the solitary points of focus. 
This is certainly due to the fact these components represent the toughest chal­
lenges in meeting today's and future emission legislations, especially for diesel 
and direct injection SI engines. An additional, more trivial reason however, is that 
the goveming mechanisms leading to the formation of NOx and soot are relatively 
weIl understood. The remaining two exhaust gas components of importance, 
namely CO and HC, are more difficult to quantify in numerical simulations as 
they both result from similar mechanisms, i.e. from incomplete combustion. With 
the simulation tools available today, it is hardly possible to predict at which stage 
of the multi-step oxidation process areaction will abort, when boundary condi­
tions become unfavorable for complete combustion. Thus, it is not feasible to 
quantify the fractions of carbon monoxide and unbumed hydrocarbons in numeri­
cal simulations, or to even break down the HC into the different partially oxidized 
components, e.g. into aldehydes and ketones. 

N2: 72,1 % 
O2 and inert gases: 0,7 % 

H20: 13,8 % 
......... -.-..... CO2: 12',~':9- .· 

rticulate matter: 0,0008 % 
·0,13 % 

:0,09% 

:0,90 % 

/ '> 'U?v.v 1 % 
j __ rs()oI-O,002% 

pollutants: 
0,2% 

b) 

HC: 0,008 % 

CO: 0,008 % 

Fig. 7.1. Engine-out exhaust gas composition (volume fractions). a) Spark ignition engine 
b) Diesel engine [24] 
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7.2 Nitrogen Oxides 

7.2.1 Reaction Paths 

Nitrogen Oxides are abbreviated by the symbol NOx and comprise both nitric ox­
ide (NO) and nitrogen dioxide (N02). Whereas the N02INO ratio is typically neg­
ligibly small in SI engines, it can range between 10 and 30% in diesel engines 
[15]. However, even if the NOz-fraction within the total oxides of nitrogen is 
close to the upper limit of this range, it is almost exclusively formed via the NO 
molecule, e.g. by the reaction: 

NO + H02 ~ N02 + OH. (7.1) 

For this reason, the modeling of the total nitrogen oxides formation in combustion 
engines is most often reduced to the formation of NO. 

Four different mechanisms lead to the formation of nitric oxide in combustion 
systems. The thermal NO is formed at high temperatures under slightly lean con­
ditions within the burned products. The involved nitrogen and oxygen stern from 
the combustion air. The prompt NO path describes the reaction of N2 from com­
bustion air with hydrocarbon radicals in fuel-rich regions. Because of the need of 
hydrocarbon radicals, this path is followed directly within the reaction zone. The 
third mechanisms is the fuel NO, which refers to the formation of NO from fuel­
bound nitrogen as it may be contained in coal and heavy distillates of petroleum. 
Finally, there is areaction path characterized by the N20-intermediate. This route 
is activated at lower temperatures than the thermal NO in a fuel-Iean and high 
pressure environment. It can become important in gas turbine combustion, but 
typically, it has only a minor effect in diesel engine combustion [30]. 

It is widely accepted that both within diesel and SI engines, the major fraction 
of NO is formed via the thermal path. The precise percentage of its contribution 
to the total NO formation is still subject to disputes in the literature, but in aII stud­
ies known to the author it is attributed to account for a fraction of at least 80 to 
95%. For this reason many numerical studies are solely based on the thermal NO 
formation and neglect the remaining mechanisms. 

The second NO formation path that may have a noticeable effect is the prompt 
mechanism within the flame region. It is though to contribute between 5 and 20% 
to the total NOx concentration in internal combustion engines. This mechanisms 
has also been utilized in a number of numerical studies. However, its considera­
tion is only feasible when the entire combustion process is described by a fairly 
detailed chemical mechanism as weil. A strongly reduced reaction mechanism, 
that incorporates only one or two global reaction steps for the oxidation of the fuel 
molecules to CO2 and H20, cannot provide enough information about intermediate 
species, that are necessary for the prompt NO mechanism to yield useful results. 

Both the fuel NO and the N20 mechanisms are hardly accounted for in combus­
ti on engine modeling, because they only contribute to negligible amounts of nitro­
gen oxides anyway. The following discussion will therefore concentrate on the 
thermal and prompt mechanisms. 
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7.2.2 Thermal NO 

The thermal formation of nitric oxide is described by the so-called extended Zel­
dovich mechanism. It describes the breakup of a nitrogen moleeule by an oxygen 
atom, and the subsequent oxidation of the N atoms: 

(i) N2 + 0 = NO + N, ki,f = 7.6.1013 exp[-38,000111 cm3/(mol s) (7.2) 

(ii) N + O2 = NO + 0, kii,f = 6.4.109 exp[-3,150/11 cm3/(mol s) (7.3) 

(iii) N + OH = NO + H, kiii,f = 4.1.10 13 cm3/(mol s) (7.4) 

The name of the mechanism sterns from Y.B. Zeldovich [32], who was the first to 
postulate the importance ofreactions (i) and (ii) in 1946. Due to underestimations 
of NO levels, the third NO-creating elementary reaction involving OH radicals 
was later added to the mechanism by Lavoie et al. [20]. Thus, the name extended 
Zeldovich mechanism. The rate coefficients of the forward reactions specified in 
Eqs. 7.2 to 7.4 have been taken from Bowman [6]. It should be noted however, 
that the pre-exponential factors, especially that of reaction (i), are subject to uncer­
tainties by as much as a factor of two. 

The reaction path is referred to as thermal NO formation, because the first reac­
tion, which initiates the overall mechanism by production of nitrogen atoms, pro­
ceeds only at high temperatures. This becomes obvious from the high activation 
energy (38,000 K), that is caused by the stable triple-bond of the Nrmolecule. 
Consequently, considerable amounts of thermal NO are produced only in the hot 
products regions, where gas temperatures are weIl above 2000 K. But even in 
these regions, chemistry is still relatively slow, such that the chemical equilibrium 
is not reached. This effect is illustrated in Fig. 7.2, where an ideal NO history 
based on the equilibrium assumption is compared to a realistic course of NO con­
centrations vs. crank angle in an engine combustion chamber. After the start of 
combustion, the increase in the actual NO concentration falls behind the ideal 
equilibrium case (!lI), because the slow chemistry cannot follow the fast increase 
in gas temperature due to combustion. Later in the engine cycle the equilibrium 
NO concentration decreases almost to zero because gas temperatures are reduced 
again during the expansion stroke. However, the realistic NO concentration does 
not follow its equilibrium value. It rather "freezes" at a concentratcion much 
greater than the equilibrium value corresponding to exhaust conditions (!l2). This 
freezing of the reverse reactions of the mechanism specified in Eqs. 7.2 to 7.4 is 
partly caused by the temperature dependence of the respective rate coefficients, 
and partly, because the concentrations of the N-, 0-, and H-atoms, that are neces­
sary for the reverse reactions to proceed, are drastically reduced when the tem­
perature decreases during expansion. 

As a consequence, the thermal NO formation in combustion engines needs to 
be estimated as a rate controlled process in order to enable the prediction of realis­
tic emission levels. According to Sect. 6.1.2, the formation rate of NO can be 
written as 
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d[NO] -:it = ki,f [N2][0]+kii,f [N][02]+kiii ,f [N][OH] 

-ki.r [NO][N]-kii,r [NO][O]-kiii,r [NO][H], (7.5) 

and d[N]/dt becomes 

d[N] dt = ki,f [N2 ][ 0] - kii,f [N][ O2 ] - kiii,f [N][ OH] 

-ki,r [NO ][N] + kii,r [NO][ 0] + kiii,r [NO ][H]. (7.6) 

Because reactions (ii) and (iii) proceed very rapidly compared to reaction (i), 
quasi-steadiness of the nitrogen atom can be assumed: 

d[N]""O. 
dt 

Thus, summation of Eqs. 7.5 and 7.6 yields 

d[NO] -:it = 2ki,f [N2][0]-2ki,r [NO][N], 

(7.7) 

(7.8) 

and the unknown concentration of the nitrogen atoms is obtained from rearranging 
Eq. 7.6 under the constraint of Eq. 7.7: 

[N] = ki,f [N2 ][ 0] + kii,r [NO][ 0] + kiii,r [NO ][H] 
k [NO]+ k f [02 ]+ k f [OH] . 

l,r 11, IlI, 

(7.9) 

With this simplification, the differential equation 7.8 contains only known vari­
ables and can be integrated numerically: [NO] is the integrated quantity itself, the 
nitrogen concentration [N2] is easily obtained from the equivalence ratio, and the 
remaining species concentrations may be obtained from the assumption of partial 
equilibrium of the OHC-system, compare Chap. 6. The rate coefficients of the re­
verse reactions are determined from the respective equilibrium constants, Eq. 6.25. 
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Fig. 7.2. In-cylinder NO concentrations assuming chemical equilibrium and under realistic 
slow chemistry conditions 
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As the influence of the reverse reaction in Eq. 7.8 is typically smalI, it is en­
tirely neglected in many studies. In this case the NO change rate reduces to 

d[NO] 
~= 2ki ,f [N2 ][0], (7.10) 

where the concentration of the oxygen atom is again obtained from partial equilib­
rium assumptions. It should be noted however, that with the above relation a de­
composition of NO during the late phase of the engine cycle can generally not be 
reproduced. The right hand side of Eq. 7.10 remains always greater than zero. 

The thermal NO formation represents the mechanism that can be predicted with 
the best accuracy of all pollutant formation mechanisms in combustion engines. 
However, since the kinetic reaction rate shows the extreme temperature depend­
ence discussed above, the quality of the NO prediction is closely coupled to the 
prediction quality of the heat release profile, that govems the pressure trace as 
well as the temperature distribution. Generally speaking, an agreement to about 
±20% can be expected between NO predictions and measurements, provided that 
the actual pressure trace is reproduced reasonably weil, too. A typical example for 
estimated and measured NO emissions is displayed in Fig. 6.24 for a spark timing 
variation of a DISI engine. The corresponding pressure traces are shown in 
Fig.6.23. 

7.2.3 Prompt NO 

The mechanism leading to prompt NO formation was postulated by C.P. Fenimore 
[8], and is hence commonly referred to as the Fenimore mechanism. It was later 
refined by Miller and Bowman [25]. As noted above, prompt NO is formed di­
rectly within the reaction zone. The re action mechanism is more complicated than 
the one for thermal NO, because the prompt NO results from the radical CH, 
which was previously thought to be an unimportant intermediate species. The 
rate-limiting step in the mechanism is the reaction of the CH radical with molecu­
lar nitrogen to hydrocyanic acid and a nitrogen atom: 

CH + Nz ---+ HCN + N, (7.11) 

The nitrogen can thereafter be converted to NO by reactions (ii) and (iii) of the 
extended Zeldovich mechanism, Eqs. 7.3 and 7.4. The HCN undergoes further re­
actions that lead to the formation of NO via the intermediate NCO, e.g.: 

HCN +OH = CN +HzO, (7.12) 

CN +Oz ---+ NCO+ 0, (7.13) 

HCN+O ---+ NCO+ H, (7.14) 

NCO+O ---+ NO +CO, (7.15) 

NCO + OH ---+ NO +CHO. (7.16) 
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The reactions summarized in Eqs. 7.12 to 7.16 represent only an example of the 
reaction path. The actual mechanism is more complex in that more reactions and 
additional intermediate species are involved. 

Several aspects are noteworthy about the prompt NO mechanism. Since the 
rate-limiting reaction step, Eq. 7.11, involves the CH radical, the prompt NO path 
becomes important only under fuel-rich conditions where noticeable CH concen­
trations can be detected, compare Figs. 6.2 and 6.3. Moreover, the activation en­
ergy in Eq. 7.11 is significantly less than the one in the rate-limiting step of the 
thermal NO mechanism (11,060 K compared to 38,000 K). Therefore, the tem­
perature dependency of the prompt NO is not as pronounced as the one of the 
thermal NO, and the relative contribution of the prompt path to the overall NO 
formation becomes more important for reduced combustion temperatures. How­
ever, the uncertainty in the rate coefficient of Eq. 7.11 is greater than the respec­
tive uncertainties in the thermal NO formation. Thus, the predictions of prompt 
NO utilizing the Fenimore mechanism are usually less accurate [31]. Finally, it 
should be noted that the estimation of fairly accurate CH concentrations within the 
flame zone represents a major challenge in applying the Fenimore mechanism. 
This task requires the use of detailed reaction mechanisms for the entire combus­
ti on process, which are very expensive in CPU time. This and the fact, that 
prompt NO has only a limited contribution to the total NO formation in combus­
tion engines, are the main reasons, why the Fenimore mechanism has so far been 
accounted for in relatively few studies. Nevertheless, eIosed formulations of such 
complete mechanisms are available in the literature, e.g. [4,5, 13, 14, 18]. 

7.3 Soot 

7.3.1 Phenomenology 

It is widely accepted that the formation of soot partieIes is preceded by the pres­
ence of polycyeIic aromatic hydrocarbons (PAH) [3]. This mechanism is sche­
matically shown in Fig. 7.3. The first step is the growth of the PAH by conglom­
eration of molecules. Typically, they are referred to as PAH as long as the 
molecules are arranged in a two-dimensional structure. Once they extend into 
three-dimensional space, they are referred to as partieIes (particle inception or nu­
cleation). The partieIes are then subject to surface growth by addition of mainly 
acetylene (C2H2), and they further increase in size by coagulation. During the en­
tire process hydrogen is continuously abstracted, such that the resulting soot parti­
eIes are finally characterized by a very high carbon fraction. The partieIes vary in 
size, and typically distributions between 10 and 1000 nm for the diameter are ob­
served, with a maximum number density at about 100 nm. The average density of 
soot partieIes is thought to be about 2000 kg/m3• Due to their porous nature, the 
soot partieIes are characterized by a high surface area to mass ratio. Thus, they 
are susceptible for adsorption and condensation of additional hydrocarbon mole­
cules, even after the end of combustion. 
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Fig. 7.3. Schematic reaction path leading soot formation in premixed flames [3] 

Soot formation rates in combustion systems depend strongly on temperature 
and on the carbon to oxygen ratio, i.e. the fuel-air ratio. This aspect is illustrated 
in Fig. 7.4, which shows that the relative soot yield strongly increases for air-fuel 
equivalence ratios richer than A, '" 0.5 (ljJ '" 2.0). For air-fuel ratios that are less 
rich, the hydrocarbon moleeules are primarily converted to carbon monoxide in­
stead of soot. Soot formation is further limited to a temperature range between 
about 1200 and 2000 K. This can be explained by the fact, that soot formation is 
needing radical precursors such as C3H3, that are not present at lower tempera­
tures. Conversely, these precursors are pyrolized and oxidized at elevated tem­
peratures [31]. There is also apressure dependence of the soot formation rate, 
which is however not as distinct as the T- and ljJ-dependencies. Generally, a mod­
erate increase in the soot yield is observed for an increasing pressure. 

With respect to internal combustion engines, soot emissions are most signifi­
cant in diesel engines and mayaIso become important in stratified charge opera­
tion of DISI engines. In gasoline engines with external mixture formation soot is 
hardly an issue because the equivalence ratio is homogeneously distributed and 
dose to stoichiometric under most operating conditions, compare Fig. 7.1. How­
ever, in the stratified mixture of diesel and DISI engines large amounts of soot are 
formed under locally rich conditions early after ignition. Only later in the com­
bustion process sufficient oxygen is mixed into to previously rich zones such that 
a substantial fraction of the formed soot is oxidized again. This is possible be­
cause the global equivalence ratio in both diesel and DISI engines is lean. 
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Fig. 7.4. Relative soot yield vs. air-fue! equiva!ence ratio and temperature [27] 
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Fig. 7.5. Schematic history of the soot mass fraction within a diese! engine 

It should be noted though, that not the complete amount of soot formed can be 
oxidized again and a certain fraction is emitted into the exhaust. This is indicated 
in Fig. 7.5, which shows a schematic history of the soot mass fraction within a 
diesel engine combustion chamber. At some point during the expansion stroke, 
the oxidation of previously formed soot comes to a stop because the concentration 
of O-atoms and OH-radicals that are important in the oxidation process becomes 
too small to attack the soot partic1es. This "freezing" of the oxidation occurs ap­
proximately between 1300 and 1400 K. 

Typically, at least 90% and often up to 99% of the formed soot is oxidized 
again such that the soot concentration in the exhaust gas is only a small fraction of 
the maximum in-cylinder concentration during combustion. This represents a 
principal mathematical problem in the modeling of engine-out soot emissions. 
Since the soot mass in the exhaust is only a very small difference between two 
large quantities, i.e. between the formation and oxidation, a significant relative er­
ror will result if there is only a slight deviation in either the production or oxida­
tion rate. Consequently, soot models can today only be utilized in order make 
qualitative assessments, but relative errors can easily sum up to 100% and more. 
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7.3.2 Sem i-Global Mechanisms 

Semi-global soot models describe the formation and oxidation of soot particles by 
two or several global reaction steps. Probably the earliest and simplest approach 
is the two-step model proposed by Hiroyasu et al. [16]. It describes the change in 
the soot mass by the Equation 

dm, 

dt 

dm dm 
~-~ 

dt dt 
(7.17) 

where the first term and the second term on the right hand side denote the rates of 
soot formation and oxidation, respectively: 

dmsJ = A m pO.5 exp[- ~SJ], (7.18) dt J J,v RT 

dms,ox _ A P02 1.8 [_ Es,ox] - oxms P exp - . 
& P RT 

(7.19) 

Thus, the rate of soot production is proportional to the mass of vaporized fuel mf,v, 

and the oxidation rate depends on the soot mass ms itself as weH as on the partial 
pressure of molecular oxygen POl. The activation energies have been set to 
EsJ = 52,335 kJ/kmol and Es,ox = 58,615 kJ/kmol, respectively, and the pre­
exponential constants AI and A ox need to be adjusted in order to reproduce experi­
mentally determined soot emissions of a particular engine. A review of the pa­
rameter settings used in various studies has been presented by Kleemann [19]. 

In many recent engine studies that include the estimation of soot emissions, the 
soot balance equation, Eq. 7.17, as weH as the formation rate of soot, Eq. 7.18, are 
recovered, but the oxidation rate of Eq. 7.19 is replaced by an approach suggested 
by Nagle and Strickland-Constable [26]. This model relates carbon oxidation to 
the surface chemistry involving more reactive sites A and less reactive sites B. 
Three types of reactions are assumed: the oxidation of both A and B sites as well 
as their thermal rearrangement/annealing: 

(i) A + O2 ~ A + 2 CO, (7.20) 

(ii) B + O2 ~ A + 2 CO, (7.21) 

(iii) (7.22) 

The fraction of A sites on the carbon surface is denoted by x. Assuming quasi­
steadiness for x, i.e. lVii = lViii' it becomes: 

X=(l+~)-1 
kB P02 

(7.23) 

The various reaction rates are in units (g-atom!cm2-s), and the respective rate con­
stants are specified as follows: 



7.3 Soot 265 

kA =20.0exp[-15,100KIT], (7.23) 

kB =4.46.1O-3 exp[-7,650KIT], (7.24) 

kr = 1.51.105 exp[-48,800KIT], (7.25) 

kz = 21.3exp[+2,060KIT]. (7.26) 

The soot mass oxidation rate replacing Eq. 7.19 now becomes 

dm,.ox 6MWc 2 
~ = PsDs m,Rtot , (7. 7) 

where MWc is the carbon molecular weight, Ps is the soot density, Ds is a charac­
teristic soot partic1e diameter, and Rlol denotes the total soot oxidation rate, i.e. the 
sum of Eqs. 7.20 and 7.21: 

Rtot =( kA P02 ]X+kBP02 U-X). 
1 + kZ P02 

(7.28) 

Several different values for the soot partic1e properties have been suggested in the 
literature. Typically, the soot density and the characteristic partic1e diameter are 
assumed to be approximately equal to 2000 kg/m3 and 2.5.10-8 m, respectively. 

Schubiger et al. [28] also utilized a two-step semi-global chemical mechanism 
to model the soot formation and oxidation in analogy to Eq. 7.17. While the soot 
formation rate in this model is similar to Eq. 7.18 in that an empirical Arrhenius 
equation is applied, the soot oxidation rate is now described in terms of a charac­
teristic turbulent mixing time in order to account for the turbulence effects on the 
soot oxidation: 

dms•ox _ A 1 [P02 J1.3 [15,000K] --- -m -- exp - . 
dt ox ',rb s P02.re! T 

(7.29) 

Within the framework of phenomenological combustion models, the turbulent 
time scale can be established in analogy to the procedure discussed in Sect. 3.4.2, 
that was proposed by the same group of authors. If the soot model is to be used 
within CFD codes, the turbulent time scale may be directly related to the turbu­
lence properties, e.g. by Eq. 6.104. The pre-exponential factor Aox needs to be ad­
justed to experimental soot emissions again. 

Fusco et al. [11] presented a more detailed but still quasi-global mechanism that 
is composed of eight reaction steps. As illustrated in Fig. 7.6, vaporized fuel can 
be converted by pyrolysis into either a generic precursor radical species (1) or into 
a surface growth species (2), which is assumed to by C2H2• Both intermediate 
species can either be oxidized directly (3, 4), or they can contribute to the forma­
tion of soot. Inception of soot particles occurs from the precursor radicals (5), and 
the growth species leads to an increase in the size of individual particles (6). Fi­
nally, the existing soot partic1e are either oxidized into inert products again (7), or 
they are subject to coagulation such that the partic1e size is increased whereas the 
partic1e number is reduced. 
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Fig. 7.6. Schematic illustration of the 8-step soot mechanism by Fusco et al. [11] 

The kinetic rates of the eight reaction steps are summarized in Table 7.1. The 
quantity Sp denotes the accumulated surface area of all particles within the control 
volume of interest, and Dp is the particle diameter, which is determined from the 
soot volume fraction and the particle number under the assumption that the parti­
cles are ideally spherical. Note, that the particle oxidation (7) is identical to the 
soot oxidation rate by Nagle and Strickland-Constable, Eqs. 7.19 to 7.28. 

Balancing the four quantities of interest, 

• [Np] particle number density in 1/cm3, 

• [PR] precursor radical concentration in mol/cm3, 

• [CzHz] growth species concentration in mol/cm3, 

• Iv soot volume fraction in cm3/cm3, 

leads to the following differential equations, that can be integrated numerically: 

d[Np ] 
---=NA r5 -rS ' 

dt 
(7.30) 

d[PR] 
---=r1 -r3 -r5 , 

dt 
(7.31) 

d[C 2H 2 ] 
--=---=- = r2 - r4 - r6 ' 

dt 
(7.32) 

dlv = ~ (rsMWPR + r6 MWc - r7 MWc ) . 
dt Ps 

(7.33) 

In the above equations MWPR and MWc denote the molecular weights of the pre­
cursor radicals and the carbon atom, respectively. The soot density is assumed to 
be Ps = 1800 kg/m3, and NA represents the Avogadro-constant (6.023.1023 mOrl). 
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Table 7.1. Reaction rates ofthe 8-step soot mechanism by Fusco et al. [11] 

Process (i) 
Chem. 

Reaction Rate ri 
Ai EA,i 

Reaction [mol, cm, s] [limol] 

(I) 
CmHn m (-EA1J radicaI 'i '" - Al exp -_-' . [fueI ] 0.7.10 12 502,400 

formation 
~m12 PR 2 RT g 

(2) 
CmHn m (-EA2 J C2H2 r2 '" - A2 exp -_-'- . [fueI ] 2.0. los 205,200 

formation ~m12C2H2 2 RT g 

(3) 
PR+02 ( -EA 3 J radicaI r, ",A,exp -_-' ·[PR]·[O,] 1.0.1012 167,500 

oxidation ~ products .. RT " 

(4) 
C2H2 + O2 (-EA4 J C2H2 r4 ",A4 exp RT ·[C2H2]·[02] 6.0.1013 209,000 

oxidation 
~ produets 

(5) 
( -EA,5 J particIe PR~P rs '" As exp RT . [PR] 1.0.1010 209,000 

(6) 
P + C2H2 r6 "'A6 exp( -:~6l[C2H2]'S~'5 

surfaee 
~P 

4.2.104 50,200 
growth 

where Sp"'7rD;Np 

(7) 
P+02 r7 ",sp[x kAP02 +(I-X)kBP02 ] 

particIe 
~ produets 1 + kZ P02 

oxidation ( r k 
where x'" 1+ __ T _ 

kBP02 

k '" A exp( -:A,A J 
A A RT 2.0.101 125,600 

(g atom em'2 atm'l) 

(-EAB J kB ",ABexp RT 4.46·10'3 63,640 

(g atom em,2 atm'l) 

(-EAT J k] '" ATexp RT 1.51.105 406,100 

(g atom em'2) 

kz '" Az exp( -:~z J ' (atm'l) 2.13.101 -17,200 

(8) x·p~p rs = kk' J'l.5 fv 1I6-Np I 116, where 
eoaguIation kk = 1.05·10'7, (ern mix S'I K'I/2) 
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Fig. 7.7. Qualitative behavior of eight-step (1) two-step (2) soot mechanisms 

The above semi-global soot mechanisms have been and are still widely used in 
both phenomenological and CFD combustion studies. Provided that the set of 
empirical parameters contained in the mathematical formulations is properly ad­
justed to a specific investigated engine, their performance is typically such, that 
the qualitative effects of various engine parameters on the soot emission can be es­
timated. That is, it is possible to predict whether a specific change in an operating 
parameter will increase or decrease the soot concentration in the exhaust. How­
ever, because of a lack in chemical reaction details and, more importantly, because 
of the principal mathematical problem that the final engine-out soot emission is 
only a small difference between two large quantities, it is not possible to make any 
quantitative predictions about absolute soot concentrations in the exhaust gas. In 
fact, relative errors in the predicted engine-out soot emissions of up to 100% are 
not unusual. 

It should further be noted, that there seems to be an inherent difference between 
the performances of the two-step mechanisms and the eight-step mechanism, 
respectively. This behavior is schematically illustrated in Fig.7.7. While the 
eight-step mechanism tends to predict high rates of oxidation that result in a soot 
emission of only about 1 % of the maximum in-cylinder concentration during 
combustion, the various two-step mechanisms tend to predict significantly reduced 
oxidation rates that result in final soot emissions still averaging as much as 10 to 
20% of the maximum in-cylinder concentration [29]. This principal behavior can 
hardly be altered even if the empirical parameters of the two-step mechanism are 
changed in order to adjust the absolute value of the final concentration in the 
exhaust. In this respect, recent crank angle resolved experimental data of in­
cylinder soot concentrations suggest, that the soot concentration profiles predicted 
by the eight-step mechanism are more realistic for modem DI diesel engines 
equipped with high pressure injection systems, e.g. [12, 23, 28]. 

A reasonable prediction of the entire temporal soot concentration profile be­
comes especially important, when advanced heat transfer models are utilized, that 
consider the influence of radiative heat transfer in addition to convective heat 
transfer. In this case both the maximum as weIl as the exhausted soot concentra­
tions are of interest and the more detailed eight-step mechanism seems to be more 
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appropriate. On the other hand, the adjustment of the eight-step mechanism is 
much more difficult than it is for the two-step mechanism, since the former con­
tains as many as 21 empirical parameters. Proper adjustment is thus only possible 
with a very large number of experimental data points. As a consequence, the two­
step model is still most often used in engine ca1culations. It is commonly adjusted 
to produce reasonable exhaust emissions, and the possibility of unrealistically low 
soot concentrations during combustion is tolerated. 

7.3.3 Detailed Chemistry Mechanisms 

A number of comprehensive reaction mechanisms have been proposed that de­
scribe the principal procedure of soot formation and oxidation in much greater de­
tail than the semi-global mechanisms discussed in the forgoing section, e.g. [10, 
22]. These comprehensive models, which are in general computationally expen­
sive, include both gas-phase kinetics in order to describe the chemical reactions on 
a molecular scale, as weil as particle dynamics in order to describe processes such 
as particle inception, surface growth, coagulation and oxidation on the particle 
scale, compare Fig. 7.3. 

The formation of the first aromatic ring (benzene) from linear hydrocarbon 
molecules is subject to controversy in the literature. Basically two possible 
mechanisms have been suggested. The first one is started by C3H4 decomposition 
or by re action of CH or CH1 with C2H2 to C3H3 [31]. Two C3Hr radicais may then 
perform a self-reaction and, after rearrangement of hydrogen atoms, lead to the 
first aromatic ring (C6H6), see Fig. 7.8. The alternative mechanism has been de­
scribed by Franklach and Wang [10]. As illustrated in Fig. 7.9, it is driven by the 
combination of acetylene as weil as by addition of Hand abstraction of H2• Typi­
cally, a high and a low temperature route are distinguished. 

H H 
/ 

H2C = C = c: 
+ -

H2C = C = C 
" H 

Fig. 7.8. Formation of the first aromatic ring by C3H3 self-reaction [31] 

Fig. 7.9. Pathways to the first aromatic ring by addition of C1H2 [10] 
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Fig_ 7.10. PAH growth by the HACA sequence and by aromatic combination [10] 

After the initial formation of single aromatic rings, larger polycyeIic aromatic 
hydrocarbons (PAH) are created by the so-called HACA sequence (H-abstraction, 
C2HT addition), see Fig. 7.10 a). Additionally, single aromatic rings can directly 
combine to form more complex aromatic structures as shown in part b) of 
Fig.7.1O. PAH growth beyond four aromatic rings is subject to a literally infinite 
number of polymerization steps, resulting in soot particles of different structure 
and size. Instead of explicitly modeling all these steps, Frenklach's linear lumping 
technique is utilized in order to reduce the computational effort [9]. With this 
mathematically rigorous method, a statistical description of the P AH size distribu­
tion is chosen, such that only a small number of transport equations needs to be 
solved in order to determine the moments of the distribution function. This 
method is in general similar to the characterization of the mixture fraction pdf in 
the flamelet combustion model that has been discussed in detail in Chap. 6. The 
same approach is also used to identify the size distribution of the actual soot parti­
eIes. In this case the source terms that are ineIuded in the transport equations of 
the statistical moments of the distribution function account for partieIedynamics 
like nueIeation, condensation, coagulation, surface growth and oxidation. The lat­
ter process accounts for the attack of soot particles by both O2 molecules and OH 
radicals. 

A very similar detailed soot mechanism was adapted for use within a steady 
flame let framework by Balthasar, Mauss and co-workers [1, 2, 17]. They success­
fully applied the model to laminar and turbulent diffusion flames as weIl as to die­
sel engine combustion. The reported agreement to experiments is of remarkable 
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quality, while the computational cost could be restricted due to the numerical de­
coupling between chemistry and turbulent flow field enabled by the flamelet ap­
proach. As discussed in Chap. 6, this procedure allows to execute the chemistry 
calculations in one-dimensional space as a pre-processing and to store the results 
in so-called flamelet libraries for later interpolation by the 3D-CFD code. 

To summarize the above, the various comprehensive soot models available to­
day allow for a significantly better description of the chemical details in soot for­
mation and oxidation compared to semi-global mechanisms. However, their com­
putational expenditure is still enormous, and they cannot resolve the principal 
mathematical problem encountered in diesel engines, that soot formation and oxi­
dation are of comparable size, whereas the remaining engine-out soot emission is 
only a small difference between those quantities. Consequently, a comprehensive 
soot model is stilllikely to result in considerable relative uncertainties with respect 
to engine-out soot emissions, even if it has proven to yield very good results in 
steady flame applications. For the above two reasons, detailed chemistry soot 
models are most useful in fundamental studies with simpler boundary conditions, 
but they are not yet a standard in three-dimensional diesel engine modeling [21]. 
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8 Conclusions 

In the above text the state of the art in modeling in-cylinder processes of internal 
combustion engines has been presented and discussed. The development and ap­
plication of such mathematical formulations is of great importance in today's re­
search and development of combustion engines for several reasons. Firstly, simu­
lation models, that have been properly adjusted to a specific range of boundary 
conditions, can be utilized to execute extensive parametric studies. In this context, 
simulation models are much more time and cost efficient than the alternative exe­
cution of experiments. Secondly, and maybe most importantly, numerical simula­
tion tools can provide detailed information about any process variable at any point 
in time and space, that would be impossible to obtain with the sole execution of 
experiments. Consequently, a much better basis for the interpretation of complex 
results will be available, if both numerical and experimental studies are conducted 
in parallel. This aspect is of special importance, as combustion engines become 
more and more sophisticated and the task of further improving their performance 
becomes more and more complex. Last but not least, numerical simulations allow 
to perform conceptual studies with extreme boundary conditions, that could not be 
realized in experiments because of either too large or too small length and time 
scales, or because a dangerous outcome prohibits the execution of the respective 
experiment. 

Three categories of combustion models can be distinguished. The thermody­
namic (or zero-dimensional) models treat the combustion chamber as a homoge­
neously mixed control volume at any point in time. The phenomenological (or 
quasi-dimensional) models divide the combustion chamber into several zones of 
different composition and temperature, and they comprise more detailed submod­
els for several important spray and combustion subprocesses. Thus, they allow a 
prediction of characteristic quantities such as heat release and pressure histories, 
as weIl as an estimation of the pollutant formation, that cannot be obtained with 
the simpler thermodynamic models. Finally, the CFD-codes contain the most de­
tailed submodels and solve for the multi-dimensional, turbulent flow field on the 
basis of the conservation equations of mass, energy and momentum. 

Each of the model categories has its own field of application, and all of them 
are necessary to provide assistance in today's engineering tasks. Obviously, the 
thermodynamic models are utilized when computational expenditure is crucial, 
e.g. in extensive parametric studies. And as computer power is likely to further 
increase, they may become attractive even for real-time applications as part of 
control systems. Multi-dimensional CFD-codes on the other hand are necessary in 
order to obtain more detailed information about the physical and chemical sub-
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processes taking place during the combustion process. Moreover, since they rep­
resent the only model category that resolves the turbulent flow field, they are most 
useful in investigating the influence of geometric changes in the intake manifold 
or combustion chamber designs. However, whenever the major interest is put on 
the prediction of global quantities such as the integral heat release rate or the en­
gi ne-out NOx emission, phenomenological models may' be capable of producing 
results of comparable accuracy with only a fraction of the computational expendi­
ture. It should be noted however, that as computer power increases, the focus 
shifts more and more towards the more comprehensive models. 

Much research activity is presently conducted in an attempt to further improve 
the quality and capabilities of spray and combustion models, with a strong empha­
sis on multi-dimensional CFD-codes. This concentration seems obvious, since 
this most comprehensive model category offers the greatest potential for further 
improvements. Based on the critical analysis of such models given in this text, the 
following aspects represent the most crucial limitations in the present state of 
combustion modeling, and consequently, further research should be directed into 
these directions. 

• A major challenge is still given by the fact, that spray ca1culations utilizing 
the Lagrangian formulation to describe the evolution of the liquid phase are 
subject to strong dependencies on the numerical grid resolution. The results 
do not converge for continuously refined grids because of statistical conver­
gence issues, and often the model parameters have to be set to unphysical 
values in order to account for these difficulties. 

• A similar problem of strong grid dependencies is observed in modeling the 
convective heat transfer between gas and cylinder walls. Most often the loga­
rithmic wall functions are utilized for this purpose, which are however limited 
to a certain range within the thermal and velocity boundary layers. Since the 
thickness of each of the boundary layers varies dramatically due to spray and 
combustion effects, an adaptive grid would be necessary in order to stay 
within the range of applicability. A more desirable possibility would be a 
modeling approach, that is entirely unaffected by the grid resolution. 

• A further improvement in turbulence modeling seems necessary, because the 
turbulence properties greatly affect both the spray and mixture field evolution 
as weIl as the combustion process. The available turbulence models are 
mostly semi-empirical in nature, and consequently rely on substantial parame­
ter tuning for each specific flow configuration. 

• The primary breakup of sprays, taking place in the direct vicinity of the noz­
zle orifice, is still subject to significant uncertainties. This is partly due to the 
fact, that the spray is optically very dense at this location, and thus hardly ac­
cessible by optical measuring techniques. As a result, a comprehensive un­
derstanding of the absolute contributions of cavitation, liquid-phase turbu­
lence and aerodynamic effects on the spray disintegration has not been 
achieved to date. 
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• Particle-particle interactions such as droplet collisions are often subject to 
problems with respect to statistical convergence within the Eulerian­
Lagrangian framework of spray simulations. A solution to this problem 
would require a dramatic increase in both the grid resolution and in the num­
ber of stochastic partieles representing the spray, that seems hardly feasible in 
the near future. 

• As mentioned above, combustion predictions are greatly affected by the tur­
bulence model. Relatively simple approaches like the eddy-breakup models 
can provide useful results, but they tend to predict unphysical effects in some 
details of the flame, e.g. an excessive flame thickness or a flame acceleration 
towards a wall. The more detailed models based on the laminar flamelet as­
sumption represent an attractive approach to combine detailed chemistry with 
complex, turbulent flows. However, they are again strongly influenced by the 
(uncertain) turbulence predictions via the scalar dissipation rate. Finally, the 
most detailed pdf-combustion-models have shown to yield remarkable results 
in relatively simple, two-dimensional flow configurations, but they do not 
seem to be applicable to complex, three-dimensional, turbulent engine com­
bustion studies in the near future. 

• The quantitative prediction of soot emissions seems impossible at the present 
time. This is partly due to a lack in detailed chemistry models. But maybe of 
even greater importance is the fact, that the engine-out soot concentration is 
only a small difference between two large quantities, namely the formation 
and sub se quent oxidation of soot. Thus, a significant error relative to the 
sm all concentration in the exhaust gas has to be expected, even if a detailed 
soot chemistry model has proven to yield good results in steady flame con­
figurations. 

• Having in mind that a long-term trend in future engine development is di­
rected towards the "design" and utilization of synthetic fuels and towards new 
combustion systems such as homogeneous charge compression ignition 
(HCCI), multi-component fuel models become more and more desirable, that 
are capable of realistically describing the evaporation process of such fuels. 
Moreover, since the HCCI concept relies on the control of relatively long ig­
nition delays, detailed ignition chemistry models that can predict the multi­
stage ignition of realistic fuels with good accuracy become necessary as weIl. 

To summarize all the above, the predictive quality of the present spray and 
combustion models has already reached a level, that makes their use extremely 
helpful and a necessity in the various engineering tasks related to combustion en­
gi ne development. Nevertheless, further improvements are still desirable and also 
necessary in the fields mentioned above. 
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hollow-cone spray 146 

ICAS-model 184 
ideal gas 6, 23, 25 
ignition 205 

autoignition 94, 209 
delay 21,62,70,72,208,209 
induction time 206 
integral 23, 62 
spark ignition 213 

ignition kernel 214, 243 
incompressible fluid 102 
injection 

rate profile 11 
velocity 58, 148 

integrallength scale (see turbulent 
scales) 

internal energy 23 

Karlovitz number 203 
Kelvin-Helmholtz model 135, 158, 160 
knock 88,92,212 

induction time 95 
integral 94 

Kolmogorov scales 
(see turbulent scales) 203 

Kronecker delta 52 
k -& model 109 

Laplace number 167 
large eddy simulation 105 
length scale limiter 183 

marker particles 243 
mass burning rate 67,70,88,91,215, 

223,244 (see also heat release rate) 
mass conservation 5,7,101,117 
mass diffusion 61 
mixing stoichiometry 73 
mixing-length model 109 
mixture fraction 231 
model categories 2, 41 



momentum conservation 53, 59, 103, 
117 

Monte-Carlo technique 124,240 
multidimensional models 2, 119, 193, 

275 

Navier-Stokes equations 103 
negative temperature coefficient 208 
Newtonian fluid 103 
non-equilibrium turbulence model 111 
non-premixed combustion (see 

diffusion combustion) 
NOx formation 32, 76, 236, 257 

mechanisms 257 
prompt NO 260 
thermal NO 34, 258 

Nusselt number 14,61 
N-zone models 75 

Ohnesorge number 132 

packet model 57, 76 
partial equilibrium 196,200 
partially premixed combustion 241 
particulate matter (see soot) 
pdf-models 238 

presumed pdf 240 
transported pdf 239 

phenomenological models 2, 41, 276 
pilot-injection (see pre-injection) 
plasma velocity 219,244 
pol!utant formation 41,72,76, 199,255 
polycyclic aromatic hydrocarbons 261, 

270 
polygon-hyperbola combustion profile 

19 
pre-injection 65, 69 

timing 72 
premixed combustion 57,63,65,67, 

222 
pressure swirl atomizer 146 
probability density function 122,231, 

239 
joint pdf 239, 240 

quasi-dimensional models (see 
phenomenological models) 

quasi-steadiness 200, 259 

Rayleigh-Taylor model 159 

reaction 
kinetics 196 
mechanisms 198 
rate 197,198 
rate coefficient 197 

real gas effects 26 
regress variable 225 
restitution coefficient 170 
Reynolds averaging 107 

Index 281 

Reynolds number 14,48, 127, 132, 154, 
202 

Reynolds stress models 111 
Reynolds stress tensor 108 
RNG k-c: model 111 

Sauter mean diameter 60 
scalar dissipation rate 232, 234, 236, 

237 
scavenging efficiency 11,29 
SheIJ-model 209 
Sherwood number 61 
single-zone model 6 
soot 

comprehensive models 269 
eight-step model 266 
formation 77,261,277 
oxidation 264 
particle properties 261 
T-/composition dependency 262 
temporal concentration profile 263 
two-step model 264 

soot layer insulation 80 
soot radiation 77, 84 
source terms 116, 123 
spark discharge 88,213 
spark ignition 213, 243 
spark plug protrusion 221 
spatial resolution 182 
spray 119 

angle 48,54,60,137,141,143,156 
packets 58 
penetration 47,54,65,67 
regimes 120 
velocity 54, 58 

spray breakup 
breakup 1ength 134, 137, 149, 161 
breakup time 58 
primary- 131, 139,276 

(see also atomization) 
regimes 131 
secondary- (see drop let breakup) 



282 Index 

sprayequation 122 
squish flow 82 
statistica1 convergence 182, 184, 185, 

240,277 
stochastic partic1e technique 124, 182 
stoichiometric coefficient 193 
Stokes' postulation 103 
stratified charge 241 
stress tensor 103 
surface perturbations 136, 148 
swirl 48,53,82 
systems analysis 35 

Taylor series 101 
Taylor-analogy breakup model 127,155 
thermal efficiency 88, 93, 255 
thermal explosion 205 
thermodynamic models 2, 5, 275 
time scale models 67,224,228,236, 

243 
transient system simulation 36 
trapping efficiency 29 
tripIe flame 242, 248 
turbulence 

combustion induced 15 
dissipation 83, 11 0 
intensity 70, 90, 128, 143 
models 109, 184, 276 
production 68, 119 
scales (see turbulent scales) 

turbulent 
conductivity 108 
dispersion 128 
fluctuations 106, 110,235,238,247 

kinetic energy 45,83,91, 109, 128, 
142 

mixing 74, 76 
strain rate 218,235 
viscosity 108, 109, 110 

turbulent scales 
dissipation length scale (see integral 

length sc ale) 
integrallength scale 105, 128, 203 
Kolmogorov length scale 105,203 
Kolmogorov time scale 203 
Taylor microscale 223 
turbulent time scale 67, 223, 229 

two-phase flow 116 
two-zone model 32, 35, 72 

void fraction 121, 182 

wall 
friction 82 
heat transfer (see heat transfer) 
impingement 60, 165 
impingement regimes 167 

wall functions 112, 114,276 
water bell 152 
wave-breakup model 135 
Weber number 132, 153, 162, 167 
weil stirred reactor 204 
Wiebe function 17 

zero-dimensional models (see 
thermodynamic models) 




