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Preface

The increasing requirements for automotive drives with internal combustion engines

on reduced fuel consumption, low emissions and good driveability need continuous

improvement of combustion and exhaust treatment processes and their control. This

can be reached by a higher variability with an increase of actuators and sensors in

addition to thermodynamic, mechanical and structural improvements. Modern en-

gines have therefore an increasing number of manipulation variables and sensors

and a complex electronic management. The design of the many control function re-

quires good physical understanding and model-based methods taking into account

mechatronic engineering principles.

The book treats as well physical-based as experimental gained engine models for

gasoline (spark ignition) and diesel (compression ignition) engines and uses them for

the design of the different control systems. The procedure and the workflow from the-

oretical and experimental modeling over simulations to calibration with test benches

is systematically described and demonstrated by many examples. Not only the sta-

tionary but also the dynamic nonlinear behavior of engines is taken into account. The

combustion engine models include the intake system, fuel supply and injection, com-

bustion cycles, mechanical system, turbochargers, exhaust and cooling system and

are mainly generated for real-time computation. Engine control structures and engine

control development with different digital feedforward and feedback control meth-

ods, calibration, optimization and simulation tools are considered in detail. Various

control systems are developed for gasoline and diesel engines with both, conven-

tional and alternative combustion processes, based on nonlinear static and dynamic

multivariable engine models and demonstrated by experiments on test benches.

The book is an introduction into the electronic engine management with many

examples for engine control and it is oriented to advanced students working in con-

trol, electrical, mechanical and mechatronic engineering and will also be useful for

practicing engineers in the field of engine and automotive engineering.

The author is grateful to his research associates, who have performed many

theoretical and experimental research projects on the subject of this book since

1986, among them K.U. Voigt, Chr. Schmidt, St. Leonhardt, K. Pfeiffer, O. Nelles,

Chr. Ludwig, St. Sinsel, M. Schüler, M. Willimowski, M. Hafner, O. Jost, J. Schaffnit,
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M. Schmidt, N. Müller, S. Töpfer, J.A. Kessel, F. Kimmich, A. Schwarte, M. Vogt,

A. Engber, E. Hartmanshenn, M. Weber, R. Zimmerschied, M. Kohlhase, K. v. Pfeil,

M. Leykauf, S. Clever, S. Zahn, A. Schreiber, M. Mrosek, D. Böhme, H. Sequenz,

Chr. Eck, A. Sidorow, M. Kowalczyk, F. Kunkel and S. Zydek.

Without their continuous work on new methods and building up and maintaining

the combustion-engine test bench, measurement and computer equipment the results

of this book would not have been possible. Great appreciation goes also to our pre-

cision mechanics workshop guided by A. Stark.

We also would like to thank the research organizations Forschungsgemeinschaft

Verbrennungskraftmaschinen (FVV), Arbeitsgemeinschaft industrieller Forschungs-

vereinigungen (AiF), Deutsche Forschungsgemeinschaft (DFG), Faudi-Stiftung who

supported many projects. Several results were obtained in cooperation projects with

industrial companies. Among them are AVL List GmbH, Robert Bosch GmbH,

Daimler AG, Adam Opel AG, Dr.-Ing. h.c. F. Porsche AG, GM Europe, and Volk-

swagen AG. We appreciate these cooperations strongly as they contributed positively

to our own research.

I am also grateful for proofreading of some chapters by S. Clever, H. Konrad, M.

Kowalczyk, F. Kunkel, H. Sequenz, H. Stuhler, S. Zahn and S. Zydek.

Finally, I would like to thank Kerstin Keller, Moritz Neeb, Lisa Hesse and es-

pecially Brigitte Hoppe for the laborious and precise text setting, Sandra Schütz for

drawing many figures and Springer Verlag for the excellent cooperation.
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List of Symbols

Only frequently used symbols and abbreviations are given:

1. General letter symbols

a parameters of differential or difference equations

b parameters of differential or difference equations

c spring constant, constant, concentration, stiffness

d damping coefficient

e equation error, control deviation e = w − y, number e = 2.71828 . . .
f fault, frequency (f = 1/Tp, Tp period), function f(. . . )
g gravitational acceleration, function g(. . . ), impulse response

i integer, gear ratio, index,
√−1 (imaginary unit)

j integer, index

k discrete number, discrete time k = t/T0 = 0, 1, 2, . . . (T0: sampling

time)

l index, length

m mass, order number

n rotational speed, order number, disturbance signal

p pressure, index, controller parameter, probability density function, pro-

cess parameter

q controller parameter

r index, radius, reference variable, residual

s Laplace variable s = δ + iω, symptom, actuator position

t continuous time

u input signal change ΔU
v specific volume, disturbance signal

w speed, reference value, setpoint

x space coordinate, state variable, concentration

y output signal change ΔY , space coordinate, control variable change

ΔY , signal
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z space coordinate, disturbance variable change ΔZ, z-transform

variable z = expT0s
x̂ estimated or observed variable

x̃ estimation error

x̄ average, steady-state value

x0 amplitude

x00 value in steady state (identification methods)

xd desired value

A area

B magnetic flux density

C capacitance

D damping ratio, diameter

E module of elasticity, energy, potential, bulk modulus

F filter transfer function, force

G weight, transfer function

H magnetic field strength, height

I electrical current, mechanical momentum, torsion, second moment
of area

J moment of inertia, loss function

K constant, gain

L inductance

M torque

N discrete number, windings number

P power, probability

Q generalized force, heat

R electrical resistance, covariance or correlation function

S spectral density, sum, performance criterion

T absolute temperature, time constant

T0 sampling time

U input variable, manipulated variable (control input), voltage

V volume

X space coordinate

Y output variable, space coordinate, control variable

Z space coordinate, disturbance variable

a vector

A matrix

AT transposed matrix

I identity matrix

θ parameter vector

P covariance matrix

ψ data vector

α coefficient, angle
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β coefficient, angle

γ specific weight, correcting factor

δ decay factor, impulse function

φ correlation function, validity function

η efficiency

ϑ temperature

λ thermal conductivity, forgetting factor, failure rate

μ friction coefficient, permeability, membership function

ν kinematic viscosity, index

π number π = 3.14159 . . .
ρ density

σ standard deviation, σ2 variance

τ time

ϕ angle

ω angular frequency, ω = 2π/Tp: Tp period

Δ change, deviation

θ parameter

Π product

Σ sum

2. General mathematical abbreviations

exp(x) = ex

E{. . .} expectation of a statistical variable

dim dimension

adj adjoint

det determinant

Re real part

Im imaginary part

Ẏ dY/dt (first derivative)

var[] variance

cov[] covariance

F Fourier transform

L Laplace transform

rms (...) root of mean squared of...

3. Letter symbols for internal combustion engines

3.1 Geometry and time (DIN 1304, ISO 31)

A area m2

a acceleration m/s2

b breadth, width m

c absolute velocity m/s

d diameter m
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D characteristic diameter m

f frequency Hz

g acceleration of free fall, gravitational acceleration m/s2

h height m

l length m

n rotational speed 1/s, rpm

r radius m

s actuator position m

u peripheral velocity m/s

V volume m3

v specific volume m3/kg

w relative velocity m/s

ω angular velocity rad/s

3.2 Mechanics (DIN 1304, ISO 31)

a specific work J/kg

m mass kg

ṁ mass flow rate kg/s

p pressure Pa

Cd orifice discharge coefficient 1

E energy J

F force N

J moment of inertia kg m2

L angular momentum kg m2/s

M torque Nm

P power W

W work J

ν, ν = η/ρ kinematic viscosity m2/s

η dynamic viscosity Pa s

η efficiency 1

ρ mass density kg/m3

Π pressure ratio 1

3.3 Thermodynamics and heat transfer (DIN 1304, ISO 31)

cp specific heat capacity at constant pressure J/(kg K)

cv specific heat capacity at constant volume J/(kg K)

Gr Grashof number 1

H enthalpy J/kg

h specific enthalpy J/kg

L characteristic length m

n polytropic exponent 1

Nu Nusselt number 1

Pr Prandtl number 1
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Q heat J

Q̇ heat flow rate W

q specific heat J/kg

R specific gas constant J/(kg K)

Re Reynolds number 1

S entropy J/K

s specific entropy J/(kg K)

T thermodynamic temperature K

U internal energy J

u specific internal energy J/kg

x mass fraction 1

α coefficient of heat transfer W/(m2 K)

κ isentropic exponent 1

λth thermal conductivity W/(m K)

ϑ temperature K

3.4 Engine specific symbols

αped accelerator pedal position %

bf fuel consumption kg/h

bsfc effective specific fuel consumption g/kWh

cNOx nitrogen oxide concentration g/m3

cop opacity %

cpa soot concentration g/m3

Δtpi timing of pilot injection ms

Δϕpi crank angle of pilot injection (difference angle to main ◦CS
injection)

ε compression ratio 1

h valve lift m

Hl lower fuel heating value J/kg

ϕ crank angle ◦CS
ϕmi crank angle of main injection ◦CS
ϕign ignition angle ◦CS
λ air-fuel ratio (excess air factor) 1

λa air expenditure 1

λP connecting rod ratio 1

lr relative filling 1

Lst stoichiometric air requirement kg/kg

mf injection mass mg/cyc

ṁf injection mass flow kg/h

mmi main injection mass mg/cyc

mpi pilot injection mass mg/cyc

ṁeng,in gas flow into the engine kg/h

ṁeng,out gas flow out of the engine kg/h

mair air mass per cycle mg/cyc
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Maux auxiliaries torque Nm

Mcyl torque of one cylinder Nm

Meng crankshaft mean torque at flywheel Nm

Mf friction torque Nm

Mg gas force torque Nm

Mi indicated torque Nm

Ml load torque Nm

Mm dynamic masses torque Nm

Mdrg drag torque, motoring torque Nm

Mv valve train torque Nm

ṁair air mass flow kg/h

qf injection quantity mm3/cyc

qmi main injection quantity mm3/cyc

qpi pilot injection quantity mm3/cyc

regr exhaust gas recirculation ratio 1

Vc clearance volume per cylinder m3

Vd displaced volume per cylinder m3

VD total displacement (all cylinders) m3

z number of cylinders 1

3.5 Combustion pressure analysis

dpcyl/dϕ pressure gradient Pa/◦CS

dQf/dϕ heat release rate J/◦CS

ϕQ5 location of mass fraction burned 5% ◦CS

ϕQ50 location of mass fraction burned 50% ◦CS

ϕQ95 location of mass fraction burned 95% ◦CS

pmi mean indicated pressure Pa

pm motored cylinder pressure (no injection) Pa

pmep brake mean effective pressure Pa

Qf heat release J

3.6 Subscripts for internal combustion engines

1 state variables in front of the compressor

3 state variables in front of the turbine (in the exhaust manifold)

4 state variables after the turbine

5 state variables after the DPF

2c state variables after the compressor

2i state variables in the intake manifold

2ic state variables after the intercooler

a ambient

afi air filter

afl air flaps

air air
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b burned

c compressor

cam camshaft

cas crankshaft

cd combustion duration

cg combustion gas

cl cooling medium, coolant

cool cooling

cr common rail

cyl cylinder

dpf diesel particulate filter

ds delivery start

ec, EC exhaust closes

eff effective

eg exhaust gas

egr exhaust gas recirculation

egrc EGR cooler

egrv EGR valve

eng engine

eo, EO exhaust opens

es exhaust system

eth exhaust throttle valve

ev exhaust valve

f fuel, friction

geo geometrical

H2O coolant water

hpegr high pressure exhaust gas recirculation

hpp high pressure pump

ic intake closes

id injection duration

igd ignition delay

in streaming in

int intake

inj injectors

io intake opens

iv intake valve

lpegr low pressure exhaust gas recirculation

mc main combustion

meas measured

mi main injection

mv metering valve

oil oil

osc oscillating

out streaming out

p piston
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pc pilot combustion

pcv pressure control valve

pi pilot injection

r rod

rail rail system

red reduced

rot rotating

sim simulated

soc start of combustion

soi start of injection

sw swirl flap

t turbine

tc turbocharger

th throttle

u unburned

vac vacuum system

vgt variable geometry turbocharger

w wall

wg waste gate turbocharger

3.7 Abbreviations for internal combustion engines

AFR air-to-fuel ratio

ASAM Association for Standardization of Automation and Measuring Systems

BDC bottom dead center

CI compression ignition engine

CR common rail

DOC diesel oxidation catalyst

DPF diesel particulate filter

EGR exhaust gas recirculation

HFM hot film measurement

NSC NOx storage catalyst

OSEK Offene Systeme und deren Schnittstellen für die Elektronik im

Kraftfahrzeug

(open systems and their interfaces for the electronics in vehicles)

PF particulate filter

PM particulate matter

SCR selective catalytic reduction

SI spark ignition engine

TDC top dead center

VGT variable geometry turbocharger

VVT variable valve train
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4. Abbreviations for identification and signal-analysis methods

ACF Auto Correlation Function

APRBS Amplitude-modulated PRBS

ARMA Auto Regressive Moving Average process

CCF Cross Correlation Function

DFT Discrete Fourier Transform

DSFC Square root filtering in covariance form

DSFI Square root filtering in information form

ELS Extended least squares

ETA Event Tree Analysis

FDD Fault Detection and Diagnosis

FDI Fault Detection and Isolation

FMEA Failure Mode and Effects Analysis

FFT Fast Fourier Transform

FTA Fault Tree Analysis

HA Hazard Analysis

HCCI Homogeneous Charge Compression Ignition

LS Least Squares

MIMO Multiple Input Single Output

MISO Multiple Input Multiple Output

MLP Multilayer Perceptron

MTBF Mean Time Between Failures

MTTF Mean Time To Failure = 1/λ
MTTR Mean Time To Repair

NN Neural Net

PCA Principal Component Analysis

PRBS Pseudo Random Binary Signal

RBF Radial Basis Function

RLS Recursive Least Squares

SISO Single Input Single Output
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1

Introduction

The increasing electronification and electrification is a dominant feature of mod-

ern automotive developments. This is demonstrated by an increasing part of elec-

trics/electronics (E/E) of the manufacturing costs from about 20 % in 1995 to 35 %

in 2012. The electrics comprise primarily the electrical energy flows to the con-

sumers through the energy board net. Frequently, former mechanical, pneumatic or

hydraulic actuated components of chassis and powertrain are replaced by electrical

ones. The chassis-oriented electronics serve mainly the driving behavior, safety and

comfort. Powertrain electronics are used for control functions to reach good drive-

ability, low-fuel consumption and emissions.

These developments are possible through the increasing number of mechatronic
components in the powertrain and the chassis. Figure 1.0.1 gives some examples for

engines, drive trains, suspensions, brakes and steering systems. Mechatronic systems
are characterized by an integration of mechanics and electronics, where the inte-

gration is between the components (hardware) and the information-driven functions

(software). This development has a considerable influence on the design and opera-

tion of the powertrain consisting of the combustion engine and the drive train. In the

case of hybrid drives this includes also the electrical motor and the battery.

1.1 Historical developments

The development of sensors, actuators and electronic control for automobiles is de-

picted in Fig. 1.1.1. The first mechatronic products in vehicles have been anti-lock

braking (ABS, 1979), electric throttle (1986), automatic traction control (TCS, 1986)

and semi-active shockabsorbers (1988), followed by the electronic stability control

(ESC, 1995), electric power steering (EPS, 1996), active body control (ABC, 1999)

and active front steering (AFS, 2003). These large improvements served mainly for

increasing safety and comfort and required many new sensors with electrical outputs,

actuators with electrical inputs and micro-controller-based electronic control units.

Some further steps were driver-assistance systems to support the driver in perform-

ing driving maneuvers. They require sensors for the surroundings and are passive

� Springer-Verlag Berlin Heidelberg 2014 1
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Mechatronic
vehicle components

Mechatronic
combustion

engines

Mechatronic
steering

Mechatronic
brakes

Mechatronic
suspensions

Mechatronic
drive
trains

- parameter-
controlled
power-assisted
steering

- electro-
mechanical
power-
assisted
steering (EPS)

- active front
steering (AFS)

- hydraulic anti-
lock braking
(ABS)

- electronic
stability control
(ESC)

- electro-hydraulic
brake (EHB)

- electro-
mechanical brake
(EMB)

- electrical
parking brake

- semi-active
shock-absorbers

- active hydraulic
suspension
(ABC)

- active pneumatic
suspension

- active anti-roll
bars
(dynamic drive
control (DDC)
or roll-control)

- automatic
hydrodynamic
transmission

- automatic
mechanic
shift transm.

- continuously
variable trans-
mission (CVT)

- automatic traction
control  (ATC)

- automatic speed
and distance
control (ACC)

- electric throttle
- mechatronic
fuel injection

- mechatronic
valve trains

- variable geo-
metry turbo-
charger (VGT)

- emission control
- evaporative
emission control

- electrical pumps
and fans

Fig. 1.0.1. Mechatronic components and systems for automobiles and engines.

by giving warnings or are active by intervening in the vehicle dynamics. Examples

are parking-assistance systems which measure within the parking space and adap-

tive cruise control (ACC, 1999) which measures the distance and relative velocity to

vehicles in front and such improve mainly the comfort and convenience of driving.

Driver-assistance systems for lane-departure warning and anti-collision avoidance

operate with LIDAR or RADAR and video cameras and improve primarily the safety

of driving.

A common feature of these developments is the increase of electrical sensors, ac-

tuators and electronic control units, the coupling through cables and bus systems and

a beginning interconnection of the decentralized control units. Some of the vehicle

control systems give commands to the engine control system, as, for example, TCS,

ESC and ACC.

Parallel to the increase of electronic control functions for the chassis the engines
and drive trains have shown a similar development. This has to be seen together with

the improvements of the combustion, fuel consumption and emission reductions and

will be discussed in the following sections.

1.1.1 Gasoline engines (SI)

The historical development of gasoline engines during the last 50 years with view

on their control is depicted in Fig. 1.1.2. Until about 1965 the engines were me-

chanically controlled with transistor-triggered electromechanical coil ignition. Fuel

2 1   Introduction
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Driver-assistance systems and
mechatronic components

Sensors

wheel speed

pedal position

yaw rate

lateral and longitudinal

Actuators

electro-hydraulic brake
(EHB, 2001)

electrical power steering
(EPS, 1996)

lane keeping control
(LKC, 2008)

parking assistance
(2003)

anti-collision avoidance  (20xx)

active front steering
(AFS, 2003)

continuous damping control
(CDC, 2002)

active body control
(ABC, 1999)

adaptive cruise control
(ACC, 1999)

electronic air suspension
control (EAS, 1998)

electronic stability
control (ESC, 1995)

brake assist
(BA, 1996)

traction control
(TCS, 1986)

antilock brakes
(ABS, 1979)

electro-mechanic torque actuator

electro-hydraulic stabiliser

electro-motoric actuator
for steering

semi-active shock
absorbers

magnetic proportional
valves

electro-pneumatic
brake booster

electronic throttle valves

magnet switching valves

hydraulic pump

acceleration

steering angle

susp. deflection

distance (radar)

brake pressure

tire pressure

steering torque

objects (camera)

Fig. 1.1.1. Development of sensors, actuators and electronic control systems for automobiles.

injection systems for the intake manifold with electronic analog control began to

replace the carburetors in 1967. Since about 1970 increasingly more functions are

controlled electronically, first with transistor technology. This development required

more sensors (knock sensors, air flow and air pressure sensors) with electrical out-

puts and actuators with electrical inputs (fuel injectors). A large influence on the

developments had the state regulations and emission laws, for the United States the

Clean Air Act (CARB) in California (1983) and since 1993 for US states in different

tiers the laws for low emission vehicles (LEV), ultra low emission vehicles (ULEV)

and super ultra low emission vehicles (SULEV). The corresponding European reg-

ulations are EURO 1 (1992), EURO 2 (1996), EURO 3 (2000), EURO 4 (2005),

EURO 5 (2009), and EURO 6 (2014). These regulations were supplemented by the

requirements for an on-board diagnosis in the United States OBD I (1988), OBD II

(1994) etc. and EOBD (2000) for Europe.

Gasoline engines received catalytic converters with λ-control (1976) and micro-

processor control in 1979. The electrical throttle was introduced in 1986, the direct

injection about 1999 and since 2000 gasoline engines are supplied with variable valve

trains for valve timing and lift control. Present gasoline engines are characterized by

electromagnetic or piezoelectric injectors, high-pressure injection pumps (120 bar),

homogeneous and stratified combustion, mechanical or turbo charging and increased

specific power (downsizing). Figure 1.1.3 depicts the development of sensors and

actuators for gasoline engines. Today’s SI engines have about 15–25 sensors and

6–8 main manipulated variables and are controlled with a powerful microcomputer

control unit (ECU) with 80–120 look-up tables and many control algorithms.

1.1.2 Diesel engines (CI)

The historical development of diesel engines with regard to their control is shown in

Fig. 1.1.4. Around 1960 diesel engines had a swirl chamber, mechanically controlled

1.1   Historical Developments 3

www.TechnicalBooksPDF.com



< 1960

1965

transistorized (breakerless)
ignition
electric fuel pumps
electronic-controlled carburetor

electronic (analog) control of
fuel injection
single point fuel injection
(mechanical)
knock sensor & control
multipoint fuel injection
air flow measurement

Classical SI engine with
- carburetor
- mechanical contact breaker

Fuel intake injection SI engine
with mechanical control

1963

1973
Fuel injection SI engine with
electronic control

1967

1967
1969
1973
1973

Clean Air Act (USA)
first oil crisis

1968
1973

� sensor & control
catalytic converter
combined ignition and fuel
injection control

1976

1979

1979
Fuel injection SI engine with
microprocessor control
- 2 5 manipulated variables–

camshaft control
CAN-BUS system
electric throttle
direct injection

1986

1999
1986

onboard diagnosis
(OBD I, USA)
EURO 1
OBD II

1988

1994
1992

1999

Direct injection SI engine
- with microprocessor control
- OBD diagnosis functions
- > 10 manipulated variables

valve timing and lift control
electromagnetic injectors
supercharger
turbocharger
piezo injectors

2001EURO 3 (EOBD)
EURO 4

2000
2005

Direct injection SI engine
- with microprocessor control
- stratified & homogenous

combustion
- variable valvetrain
- downsizing

EURO 5 2009
EURO 6 2014

Fig. 1.1.2. Historical development of gasoline engines.

piston injection pumps and fly-weight overspeed control. Microprocessor control

with direct injection and distributor pump (900 bar) and wastegate turbochargers

appeared about 1989. Further steps were exhaust gas recirculation (EGR), oxida-

tion catalyst and turbochargers with variable geometry (1992). First common-rail

injection systems with direct injection (1500 bar) with VGT turbochargers reduced

further fuel consumption and emissions and resulted in good dynamic torque gener-

ation. Today’s diesel engines are characterized by high pressure (2000 bar), multiple

common-rail injection, piezo-injectors, twin turbochargers or VGT chargers, high

EGR rates, DeNOx-catalyst, particulate filters with regeneration, and selective cat-

alytic reduction (SCR).
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engine speed (1967),
camshaft phase

motor temperature (1967)

manifold pressure, manifold
temperature (1967)

knock sensor (1969)

air-mass flap (1973)

oxygen (lambda) (1976)

airmass hot-film (1981)

ambient pressure

throttle and pedal position
(1986, E-Gas)

tank pressure

ion current

combustion pressure

electronic fuel injection
(1967, D-Jetronic)

microelectronic-controlled
ignition and injection

(1979, Motronic)

electronic throttle (1986)

exhaust gas valve

secondary air valve (1994)

variable camshaft timing

direct injectors (1999)

variable geometry manifold

variable valve lift
(2011)

turbocharging (2006)

Sensors and actuators for gasoline enginesSensors Actuators

15  25 measurements–
6     manipulation variables–8
80  120 look-up tables–

source: Volkswagen AG

Fig. 1.1.3. Sensors and actuators for gasoline engines (SI).

The development of sensors and actuators for diesel engines is summarized in

Fig. 1.1.5. Present diesel engines need about 15–20 sensors, 5–9 main manipulated

variables and an ECU with more than 100 look-up tables and many control algo-

rithms.

1.2 Current engine developments

1.2.1 Gasoline engines

Current developments for the further improvement of gasoline engines are, for ex-

ample, variable valve trains, downsizing and modified combustion processes.

Variable valve trains (VVT: variable valve timing) permit the improvement of

the gas exchange. The conventional phase shifting of the inlet valves primarily in-

creases the torque through early or late opening in dependence on torque and speed.

In order to reduce the gas flow losses through the throttle the valves require variable

timing as well as variable lift. Then the fresh air mass can be controlled by the inlet

valves. In addition the residual gases can be influenced by changing the overlapping

of inlet and outlet valves to improve the emissions through internal exhaust gas recir-

culation. Manipulation of the valve lift in two steps or continuously gives more free-

dom for controlling the load without throttling, see, e.g. van Basshuysen and Schäfer

(2004), Braess and Seiffert (2005), Köhler and Flierl (2012). A comparison of dif-

ferent designs of VVT, Schulz and Kulzer (2006) shows that the fuel consumption
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1960

1989

turbocharger with waste-
gate
electronic control

exhaust gas recirculation
oxidation catalyst
turbocharger with
variable geometry
four valves per cylinder
pump-nozzle injection

Classical diesel engine with
- swirl chamber
- piston injection pump
- fly weight speed control

Diesel engine with
- direct injection (900 bar)
- turbocharger, waste-gate
- microprocessor control

1978

1991
1992

1996
1998

EURO 1
EURO 2

1992
1996

1991

1997

electromagnetic injectors
pilot injection
particulate filter

DeNO catalystx
selective catalytic reduction
twin turbocharger

Diesel engine with
- common rail and unit pump
- direct injection (1500 bar)
- variable geometry turbocharger
- microprocessor control

2000EURO 3
EOBD
EURO 4

2003
2005

2000

2005

Diesel engine with
- common rail
- direct injection (2000 bar)
- twin turbocharger
- exhaust gas treatment

EURO 5 2009
EURO 6 2014

piezo injectors
combustion pressure sensors

Fig. 1.1.4. Historical development of diesel engines.

can be improved with phase actuation by 3–4 %, lift switching by 8–10 %, contin-

uously variable lift by 8–10 %, and with full variable hydraulic or electrical VVT

by 14–16 %. However, the complexity is relatively high for the full variable VVT.

Therefore, the first mentioned three mechanical VVT‘s are a good compromise.

The reduction of the displacement, i.e. downsizing for a given well powered ve-

hicle leads to a smaller specific fuel consumption (less throttling) in part load, as

the consumption in the torque-speed diagram shows. However, in order to increase

the torque for small speeds and to reach a certain power at higher loads and speeds

exhaust turbocharging or supercharging with a mechanical compressor is required.

This means, for example, to reduce the displacement from 2 l to 1.3 l and an increase

of the mean effective pressure from 6 to 9 bar. A comparison of different gasoline en-

gines shows that the downsizing factor should be at least 1.3 and should be combined

with a change of the operation point to higher torques by increasing the transmission

ratio in the drive train (downspeeding) to result in a fuel reduction of about 11 %,

Königstein et al (2008).
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Sensors and actuators for diesel enginesSensors Actuators

15  20 sensors–
5      main manipulation–9
variables
50  150 look-up tables–
adaptive corrections

source: BM
W

group

injection:
electronic controlled injection (1986) -

direct injection with 900 bar (1989) -
common-rail injection with

1500 bar (1997), 2000 bar (2008) -
pilot injection (1991) -

injectors:
pressure-controlled -

electromagnetic -
piezoelelectric (2003) -

EGR valve (high pressure)

swirl flap actuator

turbocharger actuator
wastegate (1978) -

VGT (1992) -
twin turbocharger (2006) -

low pressure EGR valve -
(2008)

angular speed
(crankshaft)

phase sensor
(camshaft)

temperatures (coolant,
air, fuel, oil, exhaust)

air mass flow sensor

pedal position

charging pressure

rack-travel sensor
(injection pump)

needle-motion sensor

rail pressure sensor

lambda sensor

NO sensorx

combustion pressure (2008)

Fig. 1.1.5. Sensors and actuators for diesel engines (CI).

The optimization of the combustion process has of course a large influence. Com-

pared to the conventional intake manifold injection and stoichiometric combustion

with λ = 1 and three-way catalyst the direct injection into the cylinders allows con-

siderable saving of fuel consumption for SI engines. Together with a VVT a reduc-

tion of 10 % is possible. High-pressure injectors (120 bar) with piezoelectric actua-

tion gives a better spraying and makes a stratified, lean combustion with λ > 1 in part

load possible, resulting in about 15 % fuel saving, Weingärtner et al (2007), Berns

(2007). A homogeneous charge compression ignition (HCCI) with an increase of the

gas temperature by increased residual gases can be obtained, for example, through

early closing of the outlet valve and early injection. The combination of early closing

the outlet valve and late opening of the inlet valve enables a recompression and a first

injection, which can be applied for part load up to 40 %, Alt et al (2008), Backhaus

(2008). However, this requires a combustion pressure measurement and control and

full variable VVT. A reduction of fuel consumption of about 13–19 % is expected

and a NOx-catalyst becomes unnecessary.

1.2.2 Diesel engines

Of current interest for the further development of diesel engines are a reduction

of fuel consumption, NOx and particulates. This can be reached by further im-

provements of the common-rail direct injection, combustion processes, charging and

exhaust-gas treatment.
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Some steps for the common-rail direct injection are higher pressures (2200 bar)

and multiple injections in order to improve the combustion, emissions and noise.

Solenoid and fast piezoelectric injectors allow different combinations of pre-, main-

and post-injection pulses. An increase of the exhaust-gas recirculation rate with

strong cooling results in low NOx emissions. However, a too strong increase of the

EGR reduces the turbocharger power. Therefore a low-pressure EGR after the par-

ticulate filter through a cooler to the compressor inlet can be added. Then high EGR

rates with a good mixture of fresh air and exhaust-gas and low temperature through

an intercooler may lead to a good cylinder filling, Berns et al (2004), Hadler et al

(2008). This requires several catalysts and regeneration phases and more sensors in

the exhaust path, Bauer et al (2007).

A modification of the combustion process is the homogeneous compression igni-

tion (HCCI), which can, e.g. be realized by an early injection with a high EGR rate

in the part-load area. This leads to a strong reduction of NOx and particulates. How-

ever, it needs a combustion feedback control with combustion pressure measurement

because of the narrow possible operation limits and concentration differences in the

individual cylinders, see e.g. Alt et al (2008), Backhaus (2008).

The use of two turbochargers with a small and large diameter enables an opera-

tion with better efficiencies, a high medium charging pressure over a larger speed

range and results in improved acceleration at low speeds. The turbochargers are

switched with pneumatic flaps, Steinparzer et al (2007). Also diesel engines allow a

certain downsizing by increasing the specific power.

Especially large efforts go into the exhaust treatment, for example, through ox-

idation catalyst converters and particulate filters for minimization of CO, HC, NOx

and particulates. An alternative is the selective catalytic reduction (SCR) with the

injection of dissolved urea, especially for heavy duty vehicles. The combination of

oxidation catalyst, particulate filter, NOx-storage catalyst and H2S-catalyst results in

a reduction of NOx by 90 % without additives, however requires model based control

and several additional sensors, and three different regeneration cycles, Hadler et al

(2008).

Summarizing, gasoline and diesel engines show several development lines, to

improve the torque generation and to decrease fuel consumption, emissions and

noise. Their present development can be characterized by:

• reduction of fuel consumption and CO2 emissions

• reduction of specific emissions (HC, CO, NOx, particulates, dust)

• powerful exhaust gas after-treatment systems

• good driving behavior

• increased specific power (downsizing, charging)

• reduction of friction

• auxiliaries: minimization of energy consumption

• reduction of oscillations and noise.

With regard to the increasing variabilities and control functions the engines are sup-

plied with mechatronic components. Figure 1.2.1 depicts some of these components.

8 1   Introduction

www.TechnicalBooksPDF.com



M
ec

h
a
tr

o
n

ic

en
g
in

e

co
m

p
o
n

en
ts

in
je

ct
io

n

co
m

p
o

n
en

ts

ex
h

au
st

co
m

p
o

n
en

ts
co

m
b

u
st

io
n

co
m

p
o

n
en

ts

co
o

li
n

g,

lu
b

ri
ca

ti
o

n
au

x
il

ia
ri

es

•
el

ec
tr

ic
al

th
ro

tt
le

•
in

ta
k

e 
fl

ap
s

(s
w

ir
l,

tu
m

b
le

)

•
ch

ar
g

in
g

co
m

p
re

ss
o

r

•
fu

el
 p

u
m

p

•
co

m
m

o
n

 r
ai

l
in

je
ct

io
n

p
u

m
p

•
so

le
n

o
id

/

p
ie

zo
el

ec
tr

ic

in
je

ct
o

rs

•
v

ar
ia

b
le

ca
m

sh
af

t

•
v

ar
ia

b
le

v
al

v
e

tr
ai

n
s

•
ig

n
it

io
n

sy
st

em
(G

S
)

•
v

ar
ia

b
le

tu
rb

in
e

(w
as

te
g

at
e 

/
V

G
T

tu
rb

o
-

ch
ar

g
er

)

•
E

G
R

 v
al

v
e

•
p

ar
ti

cu
la

te
fi

lt
er

 w
it

h
re

g
en

er
at

io
n

•
S

C
R

 s
y

st
em

•
el

ec
tr

ic
al

th
er

m
o

st
at

ic
v

al
v

e
•

el
ec

tr
ic

al
co

o
la

n
t

p
u

m
p

•
v

ar
ia

b
le

o
il

p
u

m
p

•
el

ec
tr

ic
al

g
en

er
at

o
r

•
st

ar
te

r
•

el
ec

tr
ic

al
co

o
li

n
g

 f
an

•
v

ar
ia

b
le

ai
r 

co
n

d
it

io
n

co
m

p
re

ss
o

r

in
ta

k
e

co
m

p
o

n
en

ts

Fi
g.

1.
2.

1.
M

ec
h

at
ro

n
ic

co
m

p
o

n
en

ts
o

f
in

te
rn

al
co

m
b
u

st
io

n
en

g
in

es
.

1.2   Current Engine Developments 9

www.TechnicalBooksPDF.com



Examples are the electrical throttle in the intake system, the high-pressure

common-rail injection system with solenoid or piezoelectric injectors, variable cam-

shaft, variable valve trains and variable geometry turbochargers. The mechatronic

components can be subdivided in actuators with electrical, pneumatic or hydraulic

auxiliary energy, switching injection valves and solenoid valves and electrical drives,
pumps and fans. Some of them are decentralized mechatronic components with local

integration of sensors and electronics and some are centrally controlled by the engine

control unit (ECU), see Chap. 5.

1.2.3 Alternative drives

A further step of the electrification of vehicles is the development of hybrid drives.

One reason for this combination of combustion engines and electrical drives is a

further saving of fuel consumption and emissions through the operation of the com-

bustion engines in the ranges of better specific fuel consumption, regenerative brak-

ing and electrical driving. Micro hybrids have typically a starter/generator with one

clutch and start-stop control. Mild and full hybrids in parallel configuration are char-

acterized through a stronger starter/generator or a generator/motor with two clutches.

Serial configurations operate with a combustion engine driving a generator and a sep-

arated electric drive. Full hybrids with power split systems have a separated generator

and electrical motors coupled via a planetary gear. Depending on the hybridization

degree the hybrid drives require a high-voltage traction board net, a DC/DC con-

verter for the supply of the chassis board net, power electronics and a very capable

battery as energy storage.

All these developments mean a strong increase of electronics and electrics and

many control functions and imply a mechatronic overall design. A major influence on

the efficiency has the further improvement of specific capacity, lifetime, reliability,

safety and cost of the batteries, for example, in the form as NiMH or lithium-ion

types. The increase of components also underlines the significance of fault diagnosis

functions.

1.3 Engine control and diagnosis

The electronic engine control unit (ECU) has the task to control, optimize and su-

pervise all relevant functions of an internal combustion engine (ICE). At first glance

this comprises:

• torque generation according to the drivers accelerator pedal

• low fuel consumption

• low exhaust emissions and low noise (compliance with legislation)

• good driving behavior.

With regard to the general assembly of internal combustion engines the control func-

tions can be dedicated to following engine subsystems or engine parts:
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1. Intake system (air system)

2. Injection system

3. Fuel supply

4. Combustion and crankshaft drive

5. Lubrication

6. Exhaust gas system

7. Cooling system.

A part of the subsystems is basically controlled mechanically, as for example, the

inlet and outlet valve timing and lift through the camshaft for four-stroke engines,

the fuel pressure and oil pressure with overpressure relief valves and the coolant

temperature with thermostatic expansion valves. Many other important variables are

controlled electronically like the air flow, fuel flow, combustion, torque, speed and

exhaust gas treatment. However, also the camshaft can be controlled electronically in

the case of variable valve trains (VVT) and the fuel pressure for common rail direct

injection systems, as well as the oil pressure. Therefore electrically commanded ac-

tuators are required which operate with electrical, pneumatic or hydraulic auxiliary

energy, and sensors at the engine with electrical outputs.

The optimization of the thermodynamic, fluid dynamic and mechanical design

and construction of internal combustion engines has led to an increasing number of

actuators and sensors and to a strong increase of electronic control functions. Fig-

ures 1.1.3 and 1.1.5 depict the increased numbers of sensors and actuators. The elec-

tronic control unit (ECU) controls the start, idle, warm-up and normal operation. The

increase of control functions is demonstrated by the size of programs and data of the

digital microcomputer based system. Within the last 15 years the clock frequency of

the microprocessors has increased from 12 to 150 MHz, the databus width from 8 bit

to 32 bit, program storage from 32 Kbyte to 5 Mbyte, the computing time from about

10 to 300 millions instructions per second (MIPS), and the calibration labels from

about 2500 to 30000 (approximate numbers, see Sect. 5.1. Within this time window

of 15 years these characteristics have increased by following factors: memory: 1:100,

computer power (MIPS): 1:30 and calibration parameters 1:10, compare Fig. 1.3.1.

This development was mainly influenced by the increase of variabilities to op-

timize the combustion and the exhaust-gas treatment. For gasoline engines this re-

flected first, for example, in the optimization of valve timing and lift in combination

with the injections, depending on load, homogeneous or stratified operation, and

λ-control. In the case of diesel engines this resulted in optimizing multiple injec-

tions, valve timing, turbo charging, exhaust-gas recirculation and particulate filters

and their regeneration cycles.

Figure 1.3.2 shows a simplified signal flow diagram for gasoline engines. The en-

gine control system has to be designed for 6–8 main manipulated variables and 5–8

measured output variables, leading to a complex nonlinear multiple-input multiple-

output system. Because several output variables cannot be measured in mass pro-

duction vehicles, like the torque and some emissions, as they are too costly or may

not be robust enough, some output variables of the engine are controlled by feed-
forward structures, also called open-loop structures. This requires that the driver‘s
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pedal position, several influencing variables like the engine speed, air mass flow, air

temperature and pressure, oil and coolant temperature have to measured and feed-

forward control actions on the main manipulated variables have to be specified. In

the case of gasoline engines feedback control or closed-loop control is used for λ-

control and knock control. Diesel engines use charging pressure, air mass flow rate

and overspeed feedback control, see Fig. 1.3.3. Both engine types have idling speed

and coolant fluid temperature feedback control. The feedforward structures have the

advantage that they do not have stability problems, but they need relatively precise

engine models and sensors for the main influencing variables. The closed loop struc-

tures compensate also not measured disturbances, but their controllers must be pre-

cisely and robustly adapted to the engines nonlinear dynamic behavior. All the con-

trol functions depend strongly on the load and speed and on the operating state such

as starting phase, warm-up, normal state, idling, overrun and shut-down.

The next sections give, as a first overview, some details of basic control functions

for gasoline and diesel engines.
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Fig. 1.3.1. Development of ECU characteristics for engine control, ETAS (2010).

1.3.1 On the control of gasoline engines

Figure 1.3.4 illustrates the main components of a direct injection gasoline engine

with its actuators and sensors. To generate a certain torque at the crankshaft the

gasoline engines require a very specific air-fuel mixture. For an optimal combustion

they need a close to stoichiometric mixture of air and fuel in the range 0.8 < λ < 1.4
and because of the mostly applied three-way catalyst the air/fuel ratio must be pre-

cisely in the range of 0.98 < λ < 1.02. Therefore the air is usually throttled for

part-load by a throttle valve so that the cylinders suck the air from the manifold with

sub-atmospheric pressure. The air mass (air charge) taken in by the cylinders de-

termines together with the fuel the resulting torque. It is measured by an air-mass
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Fig. 1.3.3. Simplified control structure of a diesel engine with turbocharger. 6–8 manipulated

variables, 5–8 measured outputs.

sensor or determined indirectly by a manifold pressure sensor. However, the conven-

tional load control of the engine by an upstream throttle generates charging losses,

in contrast to diesel engines. The control unit (ECU) commands the electrical actu-

ated throttle valve depending on the drivers accelerator pedal position and adjusts

the injected fuel quantity with the fuel injection system by feedforward control. The

fuel is injected either in the intake manifold upstream the inlet valves (port injection)

using a low-pressure pump (4–6 bar) or directly into the combustion chamber with

controlled high-pressure fuel pumps (120–200 bar).

The injection into the intake manifold during the induction stroke of the cylin-

ders may consist of several injection pulses (multi-point injection) and is applied for

a conventional homogeneous combustion. The ECU converts the accelerator pedal

position into a desired calculated torque value. By using various correction functions

the air charge and the corresponding fuel injection mass per cylinder and an optimal
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Fig. 1.3.4. Schematic of a direct injection gasoline engine with actuators, sensors and ECU for

homogeneous combustion. (Bosch DI Motronic, λ = 1, by courtesy of Robert Bosch GmbH).

ignition angle relative to the top dead center of the crankshaft are calculated and the

manipulated variables throttle valve angle, fuel injection angle and duration and the

ignition coil activation are set by feedforward control look-up tables. The injected

fuel mass is corrected by a (cascaded) lambda feedback controller with measure-

ments of λ in the exhaust system before and after the catalyst in order to reach a

stoichiometric combustion for an optimal conversion of CO, HC and NOx in the

three-way catalyst.

The direct injection in the cylinders has as additional manipulation the high pres-

sure in the fuel rail and allows different types of combustion. At lower engine speed

and torque a stratified cylinder charge can be reached, where in one zone a com-

bustible air/fuel mixture cloud is generated and transferred to the spark plug. The

other zone contains excess air and residual exhaust gases. The zones are controlled

by a turbulence flap in the manifold. Thus, the throttle valve can be opened, avoid-

ing throttling and charging losses, resulting in better efficiency. The fuel is injected

during compression. However, the lean combustion generates larger NOx concentra-

tions and because of the excess air a three way catalyst cannot be used. Therefore

NOx is reduced by exhaust gas recirculation (EGR), manipulated by an EGR-valve

and a NOx accumulator-type catalytic converter is applied. At high speed and torque

the engine has to run in homogeneous mode, because the generation of stratified

conditions cannot be realized. Hence, this two-mode (also three-mode) combustion

requires precise control functions for several variables and operates by using univer-

sal (broadband) lambda sensors with variable setpoints for the air/fuel ratio. A NOx

sensor may also be used. In addition knock feedback control corrects the ignition an-
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gle by using one or two knock sensors at the crankcase in order to prevent knocking

combustion, which can lead to engine damages.

Based on these main control tasks Fig. 1.3.5 shows a control-oriented block struc-

ture for a gasoline engine. The overall functions of the engine control system are fre-

quently summarized by the term electronic engine management. The individual feed-

forward and feedback control functions show a hierarchical structure which consists

of higher level and lower level control functions. The higher level control functions

can be grouped in control subsystems or modules for torque control, injection and

air/fuel control, ignition control, knock control, air charge, and EGR control. Sub-

level control functions are, for example, the position control of actuators or low fuel

pressure control. Figure 1.3.5 shows seven main actuators which manipulate the air

flow, the injection mass and angle, rail pressure, ignition time, camshaft phase, and

recirculated exhaust gas flow. Some control functions change for different operat-

ing conditions like cold start, warming-up phase and normal operation, idling, and

shut-off.

The control of automatic transmissions with torque converters and planetary

gears or double-clutch transmissions with spur gears is mostly realized in a spe-

cial electronic control unit attached to the transmission housing. The speed of the

engine results together with the power consuming load, here the transmission and

the vehicle.

1.3.2 On the control of diesel engines

The main components of a diesel engine with turbocharger are shown in Fig. 1.3.6.

The air for diesel engines is sucked into the cylinders with slightly lower than atmo-

spheric pressure, if no turbochargers are used and the torque is manipulated by the

injected fuel mass. However, most of the modern diesel engines have turbochargers

to increase the torque and the power. The air charge then depends on the charg-

ing (boost) pressure, which is controlled by the charging pressure controller, e.g. by

changing the wastegate position or the position of a variable geometry turbocharger

(VGT). At low load, the diesel engine operates with large excess air, i.e. with large

air/fuel ratio expressed by the excess-air factor λ. Only at high loads, λ comes closer

to 1. If it gets too small, the diesel engine starts smoking. The relative high com-

pression ratio in the cylinders together with the low charging losses because of an

inactive throttle valve in the intake and therefore good air supply lead to a higher

efficiency compared to gasoline engines, especially at part load. However, the higher

the combustion temperature and therefore the higher the thermodynamic efficiency

the more NOx gases are produced because of the oxidation of nitrogen gas contained

in the air. In order to lower the combustion temperature and the NOx concentration,

the exhaust gases can be recirculated to the intake on cost of the fuel efficiency.

Modern diesel engines have either a common rail or a unit pump injection sys-
tem with pressures until 2200 bar. The ECU commands the injected fuel mass into

the cylinders according to the drivers accelerator pedal position. In order to influ-

ence the burning process with regard to optimized fuel consumption, NOx and soot

formation and the generated noise multiple injections are applied, with pre-, main-
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Fig. 1.3.6. Schematic of a direct injection diesel engine with VGT turbocharger, actuators,

sensors and ECU. (Bosch EDC 16, by courtesy of Robert Bosch GmbH).

and after-injection pulses. The air mass flow rate in the intake system is indirectly

controlled by the EGR valve (passenger car diesels mainly). Because the fresh gas

mixture taken in by the cylinders is about constant for a certain operating point, an

increasing EGR flow rate ṁegr results in a reduction of the air flow rate ṁair. This

means that the ratio ṁegr/ṁair is changed. The control variable of the closed air
mass control loop is the measured mass flow rate and its reference value is calcu-

lated from the desired reference excess air factor λref . A further feedback control is

the charging pressure control loop, which manipulates either a wastegate for fixed

geometry turbochargers or the guide vanes of turbochargers with variable geometry

(VGT). Both closed control loops are strongly coupled.

Diesel engines require a speed controller for the maximum speed in order to

limit the speed by reducing the fuel mass. Otherwise the engine could be damaged

by overspeeding. This is because a load control by intake throttling is missing. Speed

control is also applied for idling, but not during the normal operating range for diesel

engines in vehicles.

The exhaust after-treatment has the task of reducing HC, CO, NOx and particu-

lates. In most passenger car diesel engines HC, CO and some soot are removed by an

oxidation catalyst. This may be followed by an NOx storage catalyst (NSC), where

in the loading phase NO2 is stored within 30 to 300 s in a lean exhaust gas (λ > 1).

Regeneration and removal of NO2 take place in a rich exhaust gas (λ < 1) within

2 to 10 s. This removal or reduction of NO2 is performed with CO and H2 in a rich

exhaust gas by retarding the injection angle and throttling the intake air. The control

of the storage catalyst requires a temperature sensor and NOx-sensor or λ-sensor.

An alternative is a selective catalytic reduction (SCR), where NOx is removed by

ammonia NH3, which stems from a liquid urea. This process operates continuously
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by injecting an urea/water solution (“add blue”) from an extra tank, and is feedback

controlled by using NOx- and NH3-sensors.

Emitted soot particulates can be removed by diesel particulate filters (DPF). They

consist of porous ceramics or sintered metal and must be generated by soot burning

with the oxygen in the exhaust gas and an increased temperature of minimum 600◦C,

resulting in CO2. The regeneration is started when a criterion based on a combination

of difference pressure increase and calculated soot storage from a storage model is

exceeded. Then the exhaust temperature is increased by a retarded main or extra late

injection and intake-air throttling, depending on the operating state of the engine.

This regeneration takes about 10 to 20 minutes and the engine is controlled such, that

the torque is not remarkably reduced. The control of the DPF requires a difference

pressure and a temperature sensor.

Figure 1.3.7 depicts a block-oriented structure of an electronic diesel manage-
ment system. It is, as the control system for gasoline engines, organized in a hierar-

chical structure which is subdivided in higher level and lower level control functions.

The higher level control functions can be grouped into subsystems or modules for

torque control, injection and fuel control, air charge and EGR control, and emission

control. Lower level control functions are, for example, the position control of actua-

tors and the control of swirl and tumble flaps. Figure 1.3.7 shows seven actuators for

the air flow, injection mass and angle, rail pressure, EGR flow, camshaft phase and

turbocharger. Closed-loop control is usually realized for the air flow, common rail

pressure, charging pressure and in some cases for exhaust gas after-treatment. This

is added by many feedforward control functions.

Beside the main control functions several sublevel controls are required, like po-

sition control for throttle, injection pumps, camshaft, swirl and tumble flaps, pres-

sure control for fuel and lubrication oil. For special operating conditions or states

supplemental control functions are implemented, like smoke limitation control (CI),

idling-speed control, cold start-up control, and warming-up control.

Most feedforward control functions are implemented as grid-based three-dimen-

sional look-up tables (3D-maps) or as two-dimensional characteristics. This is be-

cause of the strongly nonlinear static behavior of the IC-engines, the good interpre-

tation and the direct programming in microprocessors with fixed point arithmetics.

Some of the functions are based on physical models with correction factors, but many

of the look-up tables and control algorithms are calibrated after measurements on en-

gine test benches and with vehicles. However, as the complexity and the variants of

the engines increase, engine-model-based identification and control-design methods
are of growing importance, see Chaps. 3, 5 and 6. The control of an automatic trans-
mission is, as for gasoline engines, mostly implemented in a special transmission

control unit.

This concludes a first rough sketch of basic control functions for combustion

engines. The individual control systems are treated in more detail throughout the

book and especially in Chaps. 5, 6, 7 and 8.
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1.3.3 On engine diagnosis

The strong increase of sensors, actuators, mechatronic components and electronic

control units in modern vehicles have led to a large degree of complexity of both, the

engine and the chassis. Therefore these developments were paralleled by implement-

ing on-board diagnostics in the vehicle. Especially the requirements of the CARB

(Californian Air Resources Board) for an on-board diagnosis (OBD I) of emission

relevant components like sensors, actuators and ECU for the engines since 1988 and

of the European Union (EOBD) since 1998 enlarged the development of diagnosis

functions strongly. The used methods are, for example, limit checking of measured

values, plausibility checks and testing of electric circuits. In the meantime these OBD

functions take about 50 % of the ECU capacity. Off-board diagnosis in service sta-

tions allows to enhance fault diagnosis after cable connection with a workshop test

equipment.

In order to improve the performance of fault detection and diagnosis signal-

model and process-based methods are developed, Isermann (2013), Isermann (2015).

1.3.4 Development steps for engine control

Because of the increasing and multi-variable functions of internal combustion en-

gines the development of the electronic management has become a rather involved

task. Figure 1.3.8 gives a first impression of some development steps. The basic

thermodynamic and mechanical design includes, e.g. the charging cycles, fuel in-

jection, ignition, super charging, valve train, auxiliary drives, cooling, lubrication

and exhaust gas after treatment. A prototype engine can then be equipped with se-

lected actuators, sensors and a basis ECU, so that experiments on a test bench can

be performed. A first basis control calibration with a basic control software then en-

ables making systematic measurements on a test bench. Then the optimization of the

many control functions can be started with the goal of minimizing fuel consump-

tion and raw emissions. Advanced procedures use model-based methods, supported

by different kinds of simulations and computer-aided design of, e.g. look-up tables

for feedforward control and digital control algorithms for feedback control. An ad-

ditional effort is designing and calibrating onboard diagnosis functions to satisfy

legal requirements and to support service functions. A next step is the fine-tuning

of control functions with vehicles and road tests. Then also the design of the shifted

or automatic transmissions have to be taken into account. Automatic transmissions

have their own ECU attached to or integrated into the transmission housing and also

show an increasing extent of control and supervision functions, e.g. Wieczorek et al

(2010). The certification with regard to emissions is usually performed on roller test

benches with simulated longitudinal driving behavior of the vehicle. A more de-

tailed workflow for the design and implementation of the control functions is given

in Chap. 6.
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1.4 Control-oriented subdivision of combustion engines

The development of control and diagnosis functions for internal combustion engines

requires a subdivision into signal-flow-oriented parts with physical input and output

variables. Table 1.4.1 therefore distinguishes four engine groups:

A Basic engine hardware

B Electrical hardware

C Control hardware and software

D Auxiliary components.

and subdivides corresponding engine parts and shows the dominating physical do-

mains. The engine parts are further detailed in Table 1.4.2 for gasoline engines and

in Table 1.4.3 for diesel engines and list the main components, actuators, manipu-

lated variables, sensor variables and auxiliary components for standard engine con-

figurations. The components for the cooling system, electrical system and electronic

control system, which are similar for both types of engines are given in Table 1.4.4.

Table 1.4.1. Engine groups and parts

Engine group Engine parts Physical domains

A basic engine A1 intake system fluid dynamics, thermodynamics

hardware A2 injection system fluid dynamics, mechatronics

A3 fuel supply fluid dynamics

A4 combustion and mechanics chemistry, thermodynamics,

mechanics, materials

A5 lubrication system fluid dynamics, heat transfer

A6 exhaust gas system, fluid dynamics, thermodynamics,

emission after-treatment chemistry

A7 cooling system fluid dynamics, heat transfer

B electrical hardware B1 electrical system low voltage electricity

B2 ignition system low & high voltage electricity

C control hardware C1 actuators mechatronics

and software C2 sensors physics, mechatronics

C3 electronic control unit computer technology, control

software, algorithms

D auxiliary components D1 filters fluid dynamics

D2 tank ventilation

1.5 Contents of this book

The book is divided in three parts. After this introduction chapter, Part I treats basic

methods for theoretical (physical) and experimental modeling (identification). Es-

pecially the identification methods for obtaining mathematical models of the multi-

variable and nonlinear behavior of combustion engines on test benches is considered
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Table 1.4.2. Main components of gasoline engines

Engine part Components Actuators Manipulated Sensors Auxiliary

variables components

A1 intake - intake pipe - el. throttle - throttle pos. - air mass flow - air filter

system manifold - intake flaps - flap pos. - manifold

- blow-by pipe temperature

- manifold

pressure

A2 injection - high pressure - metering unit - valve pos. - fuel or rail

system pump (direct - pressure - injection pressure

injection control valve duration

- injection - injection - injection

valves valve coils or time

piezo actuat.

A3 fuel - low pressure - canister - valve pos. - fuel level - tank

supply fuel pump purge valve - fuel ventilation

(intake and pressure - tank

direct inj.) - tank diagnosis

- fuel filter pressure pump

A4 combustion - combustion - hydraulic - camshaft - engine speed

and chamber actuators position - camshaft

mechanics - pistons - swirl flaps - flap pos. phase

- connecting - tumble flaps - exhaust gas - knocking

rods - exhaust gas valve pos. accelerometer

- crankshaft recirculation - inlet/outlet

- camshaft valve valve pos. - pressures

- variable - wastegate - wastegate - temperatures

valve train actuator position

- bearings

- turbocharger

- exhaust gas

recirculation

A5 lubrication - oil pump - oil pump - oil flow - oil pressure - oil filter

- oil channels actuator - oil temp.

- mechanics - oil level

- seals

A6 exhaust - exhaust pipes - exhaust gas - exhaust gas

system - secondary air temperature temperature

system - Lambda

- catalytic conv. - NOx

- muffler

B2 ignition - ignition timer - ignition - ignition - knock

system - ignition coils driver stage time/ sensor

- spark plugs advance

- ignition lock angle
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Table 1.4.3. Main components of diesel engines

Engine part Components Actuators Manipulated Sensors Auxiliary

variables components

A1 intake - intake - throttle - throttle - air mass - air filter

systems manifold plate plate flow

- blow-by position - air temp.

pipe - boost

- intercooler pressure

A2 injection - high pressure - metering - valve - fuel

system pump unit positions pressure

- glow plugs - pressure - injection

control duration

valve - injection

- injectors time

A3 fuel - low pressure - fuel level - tank

supply fuel pump - fuel ventilation

- fuel filter temperature

A4 combustion - combustion - hydraulic - exhaust - engine

and chamber actuators gas flow speed

mechanics - pistons - wastegate - valve - camshaft

- connecting - turbine position phase

rods vanes - flap - camshaft

- crankshaft - exhaust position position

- variable recirculation - boost

valve train valve pressure

- bearings - swirl flaps

- turbocharger

- exhaust gas

recirculation

cooler

A5 lubrication - oil pump - oil pump - oil flow - oil pressure - oil filter

- oil channels actuator - oil

- mechanics temperature

- seals - oil level

A6 exhaust - exhaust pipes - exhaust gas - gas temp.

system - catalytic oxygen temperature - lambda

converter for - NOx

- particulate filter regeneration - difference

- muffler pressure
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Table 1.4.4. Components of cooling, electrical and electronic systems for combustion engines

(gasoline and diesel engines)

Engine part Components Actuators Manipulated Sensors

variables

A7 cooling - coolant radiator - thermostatic - valve position - coolant

system - coolant pump expansion valve - fan speed temperature

- coolant passages - air fan - speed of - coolant level

- flexible tubes - air inlet flaps electrical pump

B1 electrical - electrical generator - power transistors - voltages - voltages

system - electrical starter - overvoltage - currents - currents

- battery protection - switches

- harness

- fuses

- CAN bus system

C3 electronic - ECU - electrical - electrical

control unit outputs inputs

in detail, for the stationary as well as for the dynamic behavior. Part II is then devoted

to describing general mathematical models of processes and components of gasoline
and diesel engines. If possible, physically-based models are derived or semi-physical

models from the intake system, through combustion, turbo charging, cooling to ex-

haust systems. The various methods of engine control are considered in Part III. The

first chapter summarizes engine control hardware and software structures, used actu-

ator and sensor types and mechatronic components and discusses their properties and

technical data. A special chapter gives an overview of engine control development

and calibration, basic methods of feedforward and feedback control including non-

linear and digital control. Then conventional and model-based calibration, numerical

optimization methods and test-bench control are treated. This is followed by control-

function development, also by applying rapid control prototyping and hardware-in-

the loop simulation. A special section is devoted to control software development.

A next chapter then considers the control of gasoline engines, from air/fuel to idle

speed control. An extensive treatment follows for the control of diesel engines, from

combustion modeling and control to emission control. These chapters include con-

trol functions and algorithms for gasoline engines and diesel engines, from torque to

emission control, including combustion-pressure-based control.

This book takes many publications on internal combustion engine control into

account and uses the results of own research and industrial cooperations at the

Institute of Automatic Control of the Technische Universität Darmstadt. As an

introduction into the basics of internal combustion engines the following books

or lecture notes are recommended: Heywood (1988), Urlaub (1995), Cook et al

(1996), Jurgen (1999), Stone (1999), Ferguson and Kirkpatrick (2001), Stotsky

(2009), van Basshuysen (2009), Pischinger et al (2009), Mollenhauer and Tschöke

(2010), Robert Bosch GmbH (2012), Köhler and Flierl (2012), Merker et al (2012),

Pucher and Zinner (2012), Spicher (2012), Bargende (2013), Pischinger (2013),

Beidl (2014), Wachtmeister (2014).
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Internal combustion engine control is treated in the following books: Kiencke

and Nielsen (2000), Isermann (2003), Johansson and Rantzer (2003), Guzzella and

Onder (2010), Isermann (2010), Robert Bosch GmbH (2012).
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2

On theoretical modeling of multiple-domain processes

The temporal behavior of multiple-domain systems, such as internal combustion en-

gines, drivetrains and auxiliary units, can be described with the help of system theory

according to uniform methods. For this, however, mathematical models have to exist

for the static and dynamic behavior of the system components or the processes.

The derivation of mathematical models can take place in a theoretical (physical)

or experimental way. Therefore, it is called theoretical modeling or experimental

modeling or identification.

For combustion engines, mathematical models for different physical areas have

to be set up and combined, e.g. for mechanics, combustion, thermodynamics, and

electricity. The procedure during theoretical modeling is in principle known for the

individual areas, and there also exist analogies for models between different areas.

However, a basic, generally applicable methodology for theoretical modeling with

an interdisciplinary view has several advantages, especially for applying computer-

aided modeling. Therefore, a unified representation for modeling in different physi-

cal domains is briefly summarized in this chapter.

2.1 Theoretical and experimental modeling

The derivation of mathematical models of processes can be performed in a theoret-

ical or experimental way. For engines and also vehicles mathematical models for

different physical domains have to be set up and combined. This holds especially for

mechatronic components and engines in the drivetrain. Therefore, this chapter gives

an introduction into a systematic way to model multi-domain systems, also as a basis

for computer-aided modeling.

The principles of theoretical modeling can follow a basic methodology, see

Karnopp et al (1990), Gawthrop and Smith (1996), Isermann (2005). Fundamental

equations are:

1. Balance equations for stored masses, energies, and momentum

2. Constitutive equations of special elements
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3. Phenomenological equations, if irreversible processes take place

4. Entropy balance equations, if several irreversible processes are involved

5. Connection equations.

In stating these equations one has to distinguish between processes with distributed

and lumped parameters. For distributed parameters the dependency on space and

time has to be considered. This usually leads to partial differential equations. If the

space dependency is negligible, the process can be considered with lumped parame-
ters which leads to ordinary differential equations as a function of time. For combus-

tion engines or drivetrains both types appear. However, one can frequently operate

with lumped parameters.

By summarizing the basic equations of all process elements, one receives a the-
oretical or physical process model with a certain structure and certain parameters

if it can be solved explicitly. Frequently, this model is extensive and complicated,

so it must be simplified for further applications. The simplifications are made by

linearization, reduction of the model order or approximation of systems with dis-

tributed parameters by lumped parameters when limiting on fixed locations. But also

if the set of equations cannot be solved explicitly, the individual equations supply

important hints for the model structure. So, e.g. balance equations are always lin-

ear and some phenomenological equations are linear in wide areas. The constitutive

equations often introduce nonlinear relations.

During experimental modeling, which is also called process identification, one

obtains the mathematical model of a process from measurements. Here, one always

proceeds from a priori knowledge, which was gained, e.g. from the theoretical anal-

ysis or from preceding measurements. Then, input and output signals are measured

and evaluated by means of identification methods in such a way that the relation be-

tween the input and output signal is expressed in a mathematical model. The result

of the identification then is an experimental model, see Chap. 3.

Theoretical and experimental modeling mutually complete themselves. The the-

oretical model contains the functional description between the physical data of the

process and its parameters. Therefore, one will use this model, e.g. if the process

is to be favorably designed with regard to the dynamical behavior or if the process

behavior has to be simulated before construction. The experimental model, on the

other hand, contains parameters as numerical values whose functional relation with

the physical basic data of the process remains unknown. In many cases, the real dy-

namic behavior can be described more exactly or it can be determined at smaller

expenditure by experimentally obtained models which, e.g. is better suited for con-

trol design, the prediction of signals or for fault detection.

The following methodology for theoretical (physical) modeling is a strongly

shorted version of Chap. 2 in Isermann (2005), which can be applied generally for

technical systems and thus holds also for engines and vehicles. This is treated first

because then the modeling of parts of the engines can be based on these general laws

of modeling.
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2.2 Process elements from different domains

In the following, the terms energy, matter, and information are called quantity. If one

considers processes with lumped parameters, then the elements of technical pro-

cesses can be classified according to the following idealized types, see Karnopp

et al (1990), MacFarlane (1967), MacFarlane (1970), Isermann (2005), compare

Fig. 2.2.1:

• sources: deliver an output quantity from a large supply, without or with losses

• storages: take up a quantity and deliver it in the same form

• transformers: take up a quantity and deliver it in the same form, without storing

it

• converters: take up a quantity in certain form and deliver it after conversion into

another form, without storing it

• sinks: take up an input quantity and consume it in the same or another form. Since

mainly losses occur they are dissipative processes.

The first four elements are ideal if no losses are generated. However, real elements

have losses. In the case of real sinks the input quantity is not always completely

consumed.

The connecting lines in Fig. 2.2.1 represent the flows between the elements in

the form of [quantity/time]. The arrows indicate the direction of the flows.

A further distinction of the process elements can be made with regard to their

controllability with an additional auxiliary energy.

• passive elements: the transferred quantity is not controllable by an additional

auxiliary energy. Examples are passive storages, e.g. capacitances, passive trans-

formers as, e.g. fixed gear transmissions, or passive converters, e.g. fans with

constant speed

• active elements: a quantity is controlled by an actuator. Thereby, an electrical

or mechanical auxiliary energy usually has to supply the actuator. Examples

are controllable sources as, e.g. controllable transformers as, e.g. tank with fuel

pump, automatic transmissions, combustion chamber with variable valve train

and EGR valves.

Active process elements are represented in Fig. 2.2.2. The storages basically show a

dynamic, usually an integral, behavior. Sources, transformers, converters, and sinks

can have both a mainly static transfer behavior as well as a distinct dynamic transfer

behavior.

For processes with distributed parameters, process elements such as storages,

transformers, converters, and sinks are distributed over space. By partitioning into

infinitesimally small elements, one can determine process elements with lumped pa-

rameters, whose state variables are location-dependent from element to element.

Figure 2.2.3 depicts a simplified representation of a combustion engine using the

introduced process elements and symbols. The inputs are a fuel mass flow and an air

mass flow. A first converter generates by combustion a net heat release flow, which
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generates displacement power by a thermodynamic operation cycle. A second con-

verter converts it to mechanical rotational power. A part of the combustion heat flow

is delivered through the cylinder walls to the cooling system and by heat exchange

to the environment. The exhaust gas components generated during the combustion

pass the exhaust after treatment (catalysts, filter) and then vanish to the environment.

Main storages with regard to control are the intake system, the turbocharger (not

included in Fig. 2.2.3), the crank shaft rotational mass, and the cooling circuit.

b)a)

d) e)

V

c)

Fig. 2.2.1. Symbols of passive process elements. a source. b storage. c transformer. d con-

verter. e sink (V: losses):

→ energy, matter or information flow.

U

AE AEAE

U U

b)a) c)

Fig. 2.2.2. Symbols of active process elements (the process element is controlled by an actua-

tor, which is supplied by an auxiliary energy. AE: auxiliary energy; U: manipulated variable).

a source with auxiliary energy. b transformer with auxiliary energy. c converter with auxiliary

energy.
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2.3 Basic equations

After the definition of suitable cuts, the process is divided into elements such as

sources, storages, transformers, converters, and sinks for energies and matters in or-

der to set up the basic equations. These basic equations are for lumped parameter

processes:

• balance equations (general storages, junction points)

• constitutive equations or physical state equations (sources, transformers, con-

verters, special storages)

• phenomenological equations (sinks, dissipative elements).

This grouping of basic equations then applies both to processes with energy flows

and matter flows.

2.3.1 Balance equations

Since the laws for conservation of mass, energy, and momentum are fundamental,

they are regarded as the first type of equations. The balance equations, which are

derived from these conservation laws, basically apply independently of the construc-

tion of the processes. They describe the global behavior. The mass balance applies

to processes with moved matter, the energy balance to processes with all types of

energy and the momentum balance to processes with moved masses.

If Qν describes a mass mν or energy Eν , the principle of the conservation of

mass or energy applied to a bounded area, where no mass or energy leaves, leads to

n∑
ν=1

Qν = const. (2.3.1)

compare Fig. 2.3.1a). If a mass or energy ΔQi(t) enters through the boundaries of an

arbitrary control area and a mass or energy ΔQo(t) escapes through the boundaries

in a time Δt, it holds with the conservation laws

ΔQi(t)−ΔQo(t) = ΔQs(t) (2.3.2)

where ΔQs(t) is the stored quantity. If (2.3.2) is divided by Δt

lim
Δt→0

ΔQ/Δt = dQ/dt

a generalized balance equation for flows follows

Q̇i(t) − Q̇o = d
dtQs(t)

inflow outflow stored flow
(2.3.3)

see also Fig. 2.3.1b). Its signal flow is depicted in Fig. 2.3.2.

Balance equations for mass and energy stores thus lead to a linear integrating

transfer element and cause a dynamically delayed behavior. Balance equations have

to be set up for each storage. They are always linear.

The balance equations also describe the flows at the interconnection points of

process elements if the storage capacity is set to zero. Balance equations are also

called continuity equations.
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Q = const.

n

n=1

Q
Q
. .

n

a) b)

i o

s

Q

Fig. 2.3.1. General balance for a storage of energy and mass. a bounded area. b storage.

..

.

QQ

Q

-

Q

ò

i s s

o

Fig. 2.3.2. Block diagram of an energy or mass storage (balance equation).

2.3.2 Constitutive equations

The coherence between input and output variables of the process elements in the

form of sources, transformers, converters, sinks and also storage elements can be

expressed by special physical laws in analytical form or by characteristic curves from

experiments. The equations mentioned are called constitutive equations or physical
state equations.

Many different physical laws that apply to the individual process elements exist.

However, regarding the input/output behavior, several similarities exist.

a) Processes with energy flows

For technical processes which primarily transfer energy at their interconnections, it

follows from the energy balance equation (2.3.3) without storage that the transferred

energy per time interval or the power

P (t) =
dE(t)

dt
(2.3.4)

is always equal at the interconnections between the process elements. Therefore, it

is appropriate to determine the state variables in such a way that at the interfaces

between process elements or subprocesses they describe a power. If one determines

the interfaces in analogy to electrical transfer elements as a terminal pair, then the

different process elements can be described as one-port systems (two-pole systems),

two-port systems (four-pole systems) or generally multi-port systems (multi-pole

systems), see Fig. 2.3.3. One can always distinguish two variables for a terminal

pair at the transfer elements, Karnopp and Rosenberg (1975), Karnopp et al (1990),

Takahashi et al (1972):

1. potential difference e(t): variables such as electrical voltage, force, pressure dif-

ference appear as a difference between two terminals. They are called “effort”
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2. flow f(t): variables such as electrical current, velocity, volume flow enter in one

of the terminals. They are called “flow”.

The product of both terms is the transferred power

P (t) = f(t) e(t).
power flow potential

difference

(2.3.5)

Here, f(t) and e(t) are assigned covariables, which are also called generalized power
variables. These variables are discussed for important technical systems with energy

flows in Isermann (2005). The formulation of constitutive equations with potentials

and flows is especially advantageous for mechanical and hydraulic components in

connection with electrical ones, i.e. for mechatronic systems.

flow f

e

e

a)

c)

b)

d)

f

f

f

f

e

e

f

f

e

e

potential
difference

e

e

f f

e

1

1 2

2

1

1

1

1

2

2

2

2

Fig. 2.3.3. Representation of one-port and two-port systems for process elements with power

variables. a one-port system in terminal representation. b two-port system in terminal repre-

sentation. c one-port system with input and output signals. d two-port system with input and

output signals (2 of 4 possibilities).

b) Processes with different flows

The previous reflections were limited to processes that transfer exclusively energy

flows. For matter flows (solids, liquids, steams, gases), it is practical to use the mass

flow as flow f(t), since the mass balance equation is a substantial basic equation. If

one uses the usual variables for the potential difference e(t), the product e(t)f(t) is

not always power P (t) according to (2.3.5).

At the interconnection points between process elements, power P (t) (energy

flows), as well as the mass flows

ṁ(t) =
dm(t)

dt
(2.3.6)
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have to be equal between the process elements at any time. Therefore, one uses the

mass flow as a further state variable at the interfaces. For incompressible matter one

can also take the volume flow rate

V̇ (t) =
1

ρ
ṁ(t) (2.3.7)

since the density ρ is constant.

For heat flows which are transferred by convection and therefore are coupled to a

mass with heat capacity, the product according to Table 2.3.1 is power (in the case of

convection by fluids it has to be multiplied by the specific heat). This does not apply

to thermal conduction in matter if one selects the heat flow as flow f , since the heat

flow itself represents power, see Table 2.3.1, last row.

For powers, it has to be determined if it is the power needed for the transportation

of a mass flow, e.g. hydraulic power or the power that is transported by the mass flow,

e.g. thermal energy flow.

Table 2.3.1. Variables for flow and potential difference for matter flows and heat flows

System Flow f Potential difference e ef Power

hydraulic mass flow ṁ kg
s

pressure difference p ṁp 1
ρ
ṁp

thermal

- convection through mass flow ṁ kg
s

temperature difference T K ṁT ṁcpT
liquids

- convection through mass flow ṁ kg
s

enthalpy difference h J
kg

ṁh ṁh

gas, steam

chemical mass flow ṁi
kg
s

concentration ci
mol
kg

ṁici −−
thermal

- heat conduction heat flow q̇ W temperature difference T K q̇T q̇

These constitutive equations are required for modeling many parts of combustion
engines because of the energy flows for chemical energy through combustion, ther-

modynamic energy, mechanical energy and thermal energy. Additionally, liquid and

gas flows have to be modeled which transport air, fuel or oil or transport combustion

and thermodynamic energy.

2.3.3 Phenomenological equations

In the case of sinks and losses in some transformers and converters, the internal pro-

cess runs only in one direction and is not reversible (without additional energy sup-

ply). Examples are thermal conduction, diffusion or chemical reaction. The appropri-

ate processes are characterized by irreversible equalization processes with increasing

entropy. The reasons for the entropy increase are the dissipation of mechanical and

electrical power, the exchange of mass and heat and chemical reactions, Ahrendts

(1989). Thus, dissipative systems can be represented as sinks. The irreversible tran-

sients are described by phenomenological equations. One example is:
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a) Fourier’s law of heat conduction

q̇z = −λ
∂T

∂z
= −λ gradzT (2.3.8)

(q̇z heat flow density, λ thermal conductivity, T temperature, z space coordinate).

Other examples are Fick’s law of diffusion and Ohm’s law of electrical current.

These laws can be represented in a general form

flow density = − 1

specific resistance
potential gradient (2.3.9)

and are linear in a wide range.

Another type of phenomenological equation is the

b) Chemical reaction law

A first-order reaction Ai → Bi with cAi and cBi for the concentrations yields

rz = −kcAi

[
kmol

m3s

]
(2.3.10)

k = k∞e−
E
RT Arrhenius law (2.3.11)

(rz reaction rate, k reaction rate coefficient, cAi concentration of component Ai, E
activation energy, k∞ frequency factor).

c) General sinks, dissipative converters

Phenomenological equations show partially linear behavior, e.g. in the case of vis-

cous friction or Ohm’s resistances, and partially strong nonlinear behavior as in the

case of throttles or friction. In the linear case, when using the one-port representation,

e.g. the resistance equation applies

f1 =
1

R
e1 (2.3.12)

where R is the resistance coefficient (The negative sign in (2.3.9) is necessary be-

cause the gradient is used with regard to the location).

Dry friction has a direction-dependent discontinuous characteristic curve

F = FG0 ż > 0
F = −FG0 ż < 0.

(2.3.13)

This leads to force-displacement characteristics in the form of rectangular hysteresis

characteristics, whose range depends on the amplitude z0, Isermann (2005).

In the case of combustion engines, the considered examples of phenomenolog-

ical equations are required for modeling, for example, heat transfer to the cooling
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system, combustion, mass flows through the intake and exhaust system and all kind

of frictions in the mechanical parts.

This section described the basic balance equations and constitutive equations in a

general form and some phenomenological equations. The balance equations resulted

from the conservation laws of physics and have, in principle, the form of (2.3.3).

However, the statement of the energy balance equations for mechanical and thermo-

dynamic processes require the consideration of some special features as treated in

related textbooks and also in Karnopp et al (1990) and Isermann (2005).

2.3.4 Summary

By following the approach indicated briefly in this chapter a consistent procedure for

the modeling of processes with energy and mass flows from different physical do-

mains results. Using all particular equations, an equation system for the considered

process or process part follows. From this, a signal flow diagram may be systemati-

cally composed and the state space equations as well as the differential equations for

the input and output variables may be derived. If desired, a linearization around the

operating point may be carried out.

The treated systematic approach and unified procedure allows not only the recog-

nition of many similarities but is also a prerequisite for computer-aided modeling

with modern software tools. It can also be applied to modeling of processes with

distributed parameters with finite elements.

2.4 Time-dependent and rotation-angle-dependent models

The behavior of internal combustion engines is dominated by the reciprocating work-

ing cycle and therefore dependent on the rotation angles of the crankshaft and the

camshaft. As the camshaft rotates usually with half of the speed of the crankshaft,

if suffices to consider the crankshaft speed only, assuming four-stroke engines. The

models considered in this book are oriented to the design of control functions in

the ECU and should therefore, if possible, be applicable for real-time computations.

Therefore, one has to make simplifying assumptions and only the dominant dynamic

effects can be taken into account with regard to important variables of the engine, for

example, the manifold pressure, torque, exhaust gas pressure and temperature, fuel

consumption and emissions. Engine part processes which directly influence the sin-

gle combustion like combustion pressure and temperature, air charge, fuel injection,

ignition, valve phasing have usually to be described by crank-angle-dependent mod-
els f(ϕ) (also called discrete-event models, Guzzella and Onder (2010)), Fig. 2.4.1.

On the other side some engine part processes outside of the cylinders can be de-

scribed by time-dependent models f(t). The crank-angle-dependent behavior can be

neglected frequently as the reciprocating behavior of the cylinder is damped because

of gas or thermal storages, especially for multi-cylinder engines. Examples are the air

flow, manifold pressure, turbo charger torque and speed, and emissions. If the work-

ing stroke induced fluctuations are neglected, the resulting models are mean-value
models.
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Fig. 2.4.1. Scaling of the crank angle for four-stroke engines. a absolute scaling: 0◦CS after

expansion. b relative scaling: 0◦CS at top dead center (TDC).

The crank angle and the time are related by the engine speed

ϕ(t) = ωeng(t)t (2.4.1)

and for infinitesimal small elements by

dϕ = ωengdt+ tdωeng. (2.4.2)

For constant engine speed this simplifies to

ϕ(t) = ωengt (2.4.3)

dϕ = ωengdt.

As the mean value of the crankshaft speed during one cycle does not vary signif-

icantly, one can assume a constant engine speed for some crank-angle-dependent

models.

a) Continuous models

As known from system and control theory the treatment of dynamic systems with

Laplace transformation has many advantages. The Laplace transform of a continuous-

time function x(t) is

x(s) =

∫ ∞

0

x(t)e−stdt (2.4.4)

with the Laplace variable

s = δ + iω [1/s]. (2.4.5)

The functions or signals x(t) have to fulfill certain conditions as x(t) = 0 for t < 0
and must lead to a convergence of x(s) (integrability). A continuous-time Laplace

transformation for the input signal u(t) and output signal y(t) leads to a transfer-

function

42 2   On Theoretical Modeling of Multiple-domain Processes

www.TechnicalBooksPDF.com



G(s) =
y(s)

u(s)
(2.4.6)

and the frequency response for s = iω

G(iω) = lim
s→iω

G(s). (2.4.7)

Correspondingly, a continuous angle function x(ϕ) can be Laplace-transformed,

Schmitt (1995)

x(σ) =

∫ ∞

0

x(ϕ)e−σϕdϕ (2.4.8)

with the Laplace variable

σ = Δ+ iΩ [1/deg]. (2.4.9)

Hence, an angle-dependent damping Δ[1/deg] with the angle frequency Ω[1/deg]
can be defined. The function x(ϕ) also has to fulfill certain convergence conditions,

like x(ϕ) = 0 for ϕ < 0 and integrability.

Example 2.1 (Continuous models).
A continuous-time first-order process with dead time Tt follows the differential equa-

tion in time
dy(t)

dt
+ ay(t) = bu(t− Tt)

and the s-transfer function becomes

G(s) =
y(s)

u(s)
=

b

s+ a
e−Tts =

K

1 + Ts
e−Tts

with K = b/a, T = 1/a. A continuous angle first-order process with dead angle ϕt

is described by a differential equation in angle

dy(ϕ)

dϕ
+ a′y(ϕ) = b′u(ϕ− ϕt)

and the σ-transfer function is

G(σ) =
y(σ)

u(σ)
=

b′

σ + a′
e−ϕtσ.

If the dead time Tt results from a certain dead angle ϕt, then it follows for a rotation

with constant speed ωeng

ϕt = ωengTt

Tt =
1

ωeng
ϕt.

Under the assumption of a constant dead angle ϕt the dead time changes inversely

proportional to the speed and the transfer function G(s) has to consider this variable

dead time Tt(ωeng). This is not the case for G(σ), as the dead angle is independent

of the speed.

�
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b) Discrete models

As the ECU samples the continuous-time sensor signal with a sampling time T0 the

theory of sampled-data systems can be used leading to discrete-time models see, for

example Isermann (1989).

An expansion of the Laplace transform by approximation of the sampled (trape-

zoidal) pulses by δ-impulses results in the z-transfer function of the sampled function

x(kT0) with the discrete time k = t/T0 = 0, 1, 2, ...

x(z) =
∞∑
k=0

x(kT0)z
−k (2.4.10)

z = eT0s. (2.4.11)

A discrete-time transfer function is then

G(z) =
y(z)

u(z)
. (2.4.12)

If the crank-angle-dependent function x(ϕ) is sampled with the sampling angle ϕ0

resulting in the discrete angle κ = ϕ/ϕ0 = 0, 1, 2, ..., this leads, corresponding to

(2.4.10), to the ζ-transform.

x(ζ) =
∞∑
k=0

x(κϕ0) ζ
−k (2.4.13)

ζ = eϕ0σ. (2.4.14)

A discrete-angle transfer function follows

G(ζ) =
y(ζ)

u(ζ)
. (2.4.15)

For this ζ-transformation the same rules can be applied as for the z-transformation.

For example, to avoid side band effects in sampling a continuous-time function with

angular frequency ωmax the sampling frequency ω0 or sampling time T0 has to be

chosen according to Shannon’s sampling theorem

ω0 =
2π

T0
> 2ωmax or T0 < π/ωmax. (2.4.16)

This corresponds to a continuous angle function with angle frequency Ωmax to

Ωmax =
2π

ϕ0
> 2ωmax or ϕ0 < π/Ωmax. (2.4.17)
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Example 2.2 (Discrete models).
The continuous-time first-order process with dead time of Example 2.1 leads with a

zero-order hold to the z-transfer function

HG(z) =
y(z)

u(z)
=

b1z
−1

1− a1z−1
z−d

a1 = e−aT0

b1 =
1

a
(1− a1)

d = Tt/T0 = 0, 1, 2, . . .

and with the shifting theorem to the difference equation

y(k)− a1y(k − 1) = b1u(k − 1− d).

Corresponding to this procedure one obtains for the discrete-angle first-order process

with dead angle and a zero-order hold

HG(ζ) =
y(ζ)

u(ζ)
=

b′1 ζ−1

1− a′1 ζ−1
ζ−d

a′1 = e−a′ϕ0

b′1 =
1

a′
(1− a′1)

d′ = ϕt/ϕ0 = 0, 1, 2, . . .

and the difference equation for angles follows

y(κ)− a′1y(κ− 1) = b′1u(κ− 1− d′).

It describes the crank-angle-dependent variable y(κ) for a crank-angle-dependent

input variable u(κ). Also here for a constant dead angle ϕt and different speeds ωeng

the angle shift d′ does not change, contrast to the discrete dead time d.

�

The application of this crank-angle-dependent modeling was developed and ap-

plied in Schmidt (1995) to the torque models of a 4-cylinder diesel engine. Sampling

angle was selected such that the second harmonic of the ignition angle frequency

could be taken into account, resulting in ϕ0 = 30 deg. Then, e.g. the development

of the combustion pressure and the resulting torque can be described for each sam-

pled crank angle ϕ(κϕ0). For constant speed this corresponds to the discrete times

tκ = ϕ(κϕ0)/ωeng.

Figure 2.4.1 depicts the scaling of the crank angle as mostly used in this book.
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2.5 Semi-physical models

In general theoretical end experimental modeling complement each other. The theo-

retical model contains the functional description between the physical/chemical vari-

ables and includes their parameters. A considerable advantage is that the dependency

of the parameters on construction data is usually explicitly known. Therefore this

model is preferred for simulation before construction.

The experimental model on the other hand contains parameters as numerical

values where functional relationships with physical basic process data remains un-

known. However, the real stationary and dynamic behavior may be described more

exactly or it can be determined at smaller expenditure by identification methods,

which is, e.g. better suited for the calibration of control systems or fault detection

methods.

Theoretical models are also called “white-box models” and experimental models

“black-box models”. In many practical applications one has to use a suitable combi-

nation of both ways, compare Fig. 2.5.1.

theoretical
modeling

- physical laws
known

- parameters
known

white-box
models

linear/nonlinear
differential equations

- physical
laws
known

- para-
meters
unknown

light-grey-box
models

differential equations
w. parameter estimation

- physical
rules
known

- model
structure
unknown

- parameters
unkown

dark-grey-box
models

fuzzy models with
parameter estimation

experimental
modeling

- input/output
signals measurable

- assumption of a
model structure

black-box
models

- impulse response
- neuronal networks

- signals
measur-
able

- signals
measur-
able

Fig. 2.5.1. Different kinds of mathematical process models.

If the physical laws are known, but the parameters not at all or not precisely

enough, the parameters have to be determined experimentally, e.g. by parameter es-

timation methods. The resulting models can be called “light-gray models”. If only

physical oriented if-then-rules are known, the model structure and the parameters

have to be determined by experiments, leading to “dark-gray models”, for example

by fuzzy if-then-rules and parameter adjustment. Both gray models can also be called

semi-physical models.
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These type of combined theoretical and experimental models are frequently the

result in modeling combustion engines. For example the cylinder pressure is approx-

imated by a special function, the Vibe function, and the parameters are estimated

based on pressure measurements. In the case of exhaust gas emission formation only

some rules are known and purely experimental approximations are mainly used.
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3

Experimental modeling of engines

Several parts of engines cannot be modeled in a theoretical way only, because the

mathematical formulation of parts of the processes is not precisely known or the

computational expense is too large with regard to control and diagnosis applications.

This holds for example for the flame propagation, pressure and temperature devel-

opment of gasoline engines and for the spray development and combustion of diesel

engines, both under the influence of valve-induced turbulent flow, swirl and tumble

motion. Also precise and computational simple theoretical models for the emissions

depending on several manipulated variables are not available.

In some cases theoretical/physical modeling is possible, however some parame-

ters are not precisely known. Then the estimation of physically defined parameters

for a given model structure can be used. Examples are the intake manifold, the in-

ternal heat transfer to the coolant or in external heat exchangers and the mechanical

parts of the crankshaft drive, the turbocharger, and pumps. This means that theoreti-

cal modeling yields the basic structure of the models, but complete and precise mod-

els can, at least until now, only be obtained by experiments, mainly on test benches.

The various types of these mathematical models can be described as gray-box mod-
els as depicted in Fig. 2.5.1. If no structure of the models is known, a priori one has

to use identification methods based only on input and output measurements, leading

to black-box models.

This chapter gives in Sects. 3.1 and 3.2 an introduction to the different methods

for the experimental modeling or identification of the steady-state (stationary) and

dynamic (non-stationary, transient) behavior of engines. Because these methods are

based on established process identification methods of linear, nonlinear and time-

varying processes known from system and control sciences, they are described first in

a compact form, a shorted and adapted version of Chap. 9 in Isermann and Münchhof

(2011). These basic methods are then used to describe various procedures for the

identification of engines on test benches in Sects. 3.4, 3.5 and 3.7.

� Springer-Verlag Berlin Heidelberg 2014
R. Isermann, Engine Modeling and Control,
DOI: 10.1007/978-3-642-39934-3_3
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3.1 Identification methods for the stationary behavior of
nonlinear processes

3.1.1 Grid-based look-up tables (maps)

The most direct way to determine the stationary behavior of a nonlinear process with

one input u and one output y
y = f(u) (3.1.1)

is to take samples in steady state for y(k) and different u(k) for k = 0, 1, . . . , N − 1
and to represent them in a graph. However, without a regression procedure the out-

puts y(k) may be scattered because of disturbances. In the case of several inputs

uT = [u1, u2, . . . , up] (3.1.2)

y = f(u) (3.1.3)

the output y can be represented in a multidimensional look-up table or map. The mea-

surements are taken for all combinations of the inputs. Grid-based look-up tables are

the most common type of nonlinear static models used in practice for one or two in-

puts. Especially in the field of nonlinear control, look-up tables are widely accepted

as they provide a transparent and flexible representation of nonlinear relationships.

Electronic control units of modern automobiles, for example, contain about 100 such

grid-based look-up tables, in particular for engine and emission control. In automo-

tive applications, due to cost reasons computational power and storage capacity are

strongly restricted. Furthermore, constraints of real-time operation have to be met.

Under these conditions, grid-based look-up tables represent a suitable means for the

storage of nonlinear static mappings, compare the discussion in Sect. 6.5.

The models consist of a set of data points or nodes positioned on, e.g. a two-

dimensional grid. Then, each node comprises two inputs u1 and u2. The scalar data

points heights are estimates of the approximated nonlinear function at their corre-

sponding data point position. All nodes located on grid lines, as shown in Fig. 3.1.1

are stored, e.g. in the ROM of the control unit. For model generation, usually all data

point positions are fixed a priori. The most widely applied method of obtaining the

data point heights is to position measurement data points directly on the grid.

If the output y has to be calculated for any input values u1 and u2 of a two-

dimensional look-up table, an interpolation has to be made, Hoschek and Lasser

(1993). In a first step the indices of the enclosing four data points have to be se-

lected. Then, a bilinear area interpolation is performed, Schmitt (1995). For this, four

areas have to be calculated. A detailed treatment of look-up tables, its identification,

interpolation and extensions is considered in Sect. 6.5.

Grid-based look-up tables belong to the class of non-parametric models. The

model structure described has the advantage that a subsequent adaptation of single

data point heights due to changing environmental conditions is easy to realize. The

main disadvantage of look-up tables is the exponential growth of the number of data

points with an increasing number of inputs. Therefore, grid-based look-up tables are
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mostly restricted in practical applications to one- and two-dimensional input spaces.

However, different ways do exist to extend them to multi-inputs and to use them for

control as is described in Sect. 6.5.

An alternative are parametric model representations, like polynomial models,

neural networks, or fuzzy models, which clearly require less model parameters to

approximate a given input output relationship, see next sections. Therefore, the stor-

age demand of these models is much lower. However, in contrast to area interpola-

tion, the complexity of the computation of the output is much higher, since complex

nonlinear functions for, e.g. each neuron have to be computed. On the other hand,

grid-based look-up tables are not directly suitable for the identification and modeling

of dynamic process behavior. Therefore, other identification methods for nonlinear

dynamic processes based on parameter estimation are treated in Sect. 3.2.
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Fig. 3.1.1. Grid-based look-up table of a six-cylinder SI engine.

3.1.2 Parameter estimation for nonlinear static processes

The direct measurements of look-up tables does not include a suppression of noisy

outputs. This becomes possible by assuming a parametric equation as an approxima-

tion for example in the form of a polynomial. It is required that output measurements

y(k) are taken for different inputs u(k) spanning the range of interest, where

k = 0, 1, . . . , N − 1

is the running number of N samples. For one input and one output at sample k this

yields for the usable output

yu(k) = K0 + u(k)K1 + u2(k)K2 + · · ·+ uq(k)Kq (3.1.4)
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compare Fig. 3.1.2. The measured output may be contaminated by a disturbance n(k)

y(k) = yu(k) + n(k). (3.1.5)

Defining the vectors

u(k) = [1 u(k) u2(k) . . . uq(k)]

KT = [K0 K1 K2 . . .Kq]

}
(3.1.6)

leads with k = 0, . . . , N − 1 to a regression model

Y = UK+ n (3.1.7)

where U is a q×N matrix and Y a vector of dimension N . Introducing the equation

error

e = Y −UK (3.1.8)

where U and Y contain the measurements, resulting in an equation where the equa-
tion error is linear in the parameters. If the sum of squared errors is taken as a loss

function

V = eTe =

N−1∑
k=0

e2(k), (3.1.9)

the minimization with
dV

dK
= 0 (3.1.10)

yields the least squares estimate, see Isermann and Münchhof (2011)

K̂ =
[
UTU

]−1

UTY. (3.1.11)

Existence of this estimate requires

det = [UTU] �= 0 (3.1.12)

which means, the input signal u(k) must change during the measurements. If

E{n(k)} = 0, the parameter estimates are consistent in mean square, Isermann and

Münchhof (2011). For several inputs the vectors are expanded

u(k) = [1 u1(k) u
2
1(k) . . . u

q
1(k)

u2(k) u
2
2(k) . . . u

q
2(k) . . . up(k) u

2
p(k) . . . u

q
p(k)]

(3.1.13)

KT = [K10 K11 K12 . . .K1q K21 . . .K2q . . .Kp1 . . .Kpq] .

Applying the method of least squares for estimation of the parameters yields again

(3.1.11).
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K0

Fig. 3.1.2. Parameter estimation (regression) for a nonlinear characteristic.

3.1.3 Artificial neural networks for identification

For a general identification approach, methods of interest are those that do not require

specific knowledge of the process structure and hence are widely applicable. Artifi-

cial neural networks fulfill these requirements. They are composed of mathematically

formulated neurons. At first, these neurons were used to describe the behavior of bi-

ological neurons, McCulloch and Pitts (1943). The interconnection of neurons in

networks allowed the description of relationships between input and output signals,

Rosenblatt (1958), Widrow and Hoff (1960). In the sequel, artificial neural networks

(ANNs) are considered to map input signals u to output signals y, Fig. 3.1.3. Usu-

ally, the adaptable parameters of neural networks are unknown. As a result, they

have to be adapted or “trained” or “learned” by processing measured signals u and

y, Hecht-Nielson (1990), Haykin (1994). This is a typical system identification prob-

lem. If inputs and outputs are gathered into groups or clusters, a classification task in

connection with, e.g. pattern recognition is given, Bishop (1995). In the following,

the problem of nonlinear system identification is considered (supervised learning).

Thereby, the capability of ANNs to approximate nonlinear relationships to any de-

sired degree of accuracy is utilized. Firstly, ANNs for describing the static transfer
behavior, Hafner et al (1992), Preuß and Tresp (1994), will be investigated, which

will then be extended to dynamic behavior, Ayoubi (1996), Nelles et al (1991), Iser-

mann et al (1997).

Neural networks are universal approximators for static nonlinearities and are con-

sequently an alternative to polynomial approaches. Their advantages are the need for

only little a priori knowledge about the process structure and the uniform treatment

of single-input and multi-input processes. In the following, it is assumed that a non-

linear system with P inputs and M outputs has to be approximated, see Fig. 3.1.3.

u1

u2

uP

..
.

y1

y2

yR

..
.?

Fig. 3.1.3. System with P inputs and M outputs which has to be approximated by an artificial

neural network.
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a) Neuron model

Figure 3.1.4 shows the block diagram of a neuron. In the input operator (synaptic

function), a similarity measure between the input vector u and the (stored) weight

vector w is formed, e.g. by the scalar product

x = wT u =
P∑
i=1

wi ui =
∣∣wT

∣∣ |u| cos φ (3.1.14)

or the Euclidean distance

x = ||u−w||2 =
P∑
i=1

(ui − wi)
2
. (3.1.15)

If w and u are similar, the resulting scalar quantity x will be large in the first case

and small in the second case. The quantity x, also called the activation of the neuron,

affects the activation function and consequently the output value

y = γ(x− c). (3.1.16)

Figure 3.1.5 shows several examples of nonlinear activation functions. The threshold

c is a constant causing a parallel shift in the x-direction.

supervised/unsupervised
reinforcement
coincidence learning:

Hebb rule
competitive learning
Kohonen rule
Grossberg rule

performance learning:
Widrow-Hoff (delta rule)
generalized delta rule (EBP)

simulated annealing
Kosko/Klopf

scalar product
(weighted sum)
Euclidean Measure
feedback model
Sigma-Pi units
thermodynamical model

neuron transfer function

linear
saturation
discriminator
sigmoidal
tan h
radial basis

activity
function

( )� x

input
operator

( , )f u w

learning
rule x y

w

u

data type:
binary
discrete
continuous

Fig. 3.1.4. General neuron model.
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Fig. 3.1.5. Examples of activation functions.

b) Network structure

The single neurons are interconnected to a network structure, Fig. 3.1.6. Hence, one

has to distinguish between different layers with parallel arranged neurons: the input

layer, the first, second, . . . hidden layer and the output layer. Generally, the input

layer is used to scale the input signals and is not often counted as a separate layer.

Then, the real network structure begins with the first hidden layer. Figure 3.1.6 shows

the most important types of internal links between neurons: feedforward, backward,

lateral and recurrent. With respect to their range of values, the input signals can be

either binary, discrete or continuous. Binary and discrete signals are used especially

for classification, while continuous signals are used for identification tasks.

c) Multi-layer perceptron (MLP) network

The neurons of a MLP network are called perceptrons, Fig. 3.1.7, and follow directly

from the general neuron model, shown in Fig. 3.1.4. Typically, the input operator is

realized as a scalar product, while the activation functions are realized by sigmoidal

or hyperbolic tangent functions. The latter ones are a multiple of differentiable func-

tions yielding a neuron output with y = 0 in a wide range. Therefore, they have a

global effect with extrapolation capability. The weights wi are assigned to the input

operator and lie in the signal flow before the activation function.
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Fig. 3.1.6. Network structure: layers and links in a neural network.

The perceptrons are connected in parallel and are arranged in consecutive layers

to a feedforward MLP network, Fig. 3.1.8. Each of the P inputs affects each per-

ceptron in such a way that in a hidden layer with K perceptrons there exist (K · P )
weights wkp. The output neuron is most often a perceptron with a linear activation

function, Fig. 3.1.9.

The adaptation of the weights wi based on measured input and output signals is

usually realized by the minimization of the quadratic loss function.

J(w) =
1

2

N−1∑
n=1

e2(n) (3.1.17)

e(n) = y(n)− ŷ(n)

where e is the model error, y is the measured output signal and ŷ is the network

output.

As in the case of parameter estimation with the least squares method,

dJ(w)

dw
= 0 (3.1.18)

is generated. Due to the nonlinear dependency, a direct solution is not possible.

Therefore, e.g. gradient methods for numerical optimization are applied. Because

of the necessary back-propagation of errors through all hidden layers, the method

is called “error back-propagation” or also “delta-rule”. The so-called learning rate

η has to be chosen (tested) suitably. In principle, gradient methods allow only slow

convergence in the case of a large number of unknown parameters.
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d) Radial basis function (RBF) network

The neurons of RBF networks, Fig. 3.1.10, compute the Euclidean distance in the

input operator

x = ||u− c||2 (3.1.19)

and feed it to the activation function

Gm = γm

(
||u− c ||2

)
. (3.1.20)

The activation function is given by radial basis functions usually in the form of

Gaussian functions with

γm = exp

[−1

2

(
(u1 − cm1)

2

σ2
m1

+
(u2 − cm2)

2

σ2
m2

+ . . .+
(uP − umP )

2

σ2
mP

)]
.

(3.1.21)

The centers cj and the standard deviations σj are determined a priori so that the

Gaussian functions are spread, e.g. uniformly in the input space. The activation func-

tion determines the distances of each input signal to the center of the corresponding

basis function. However, radial basis functions contribute to the model output only

locally, namely in the vicinity of their centers. They possess less extrapolation capa-

bility, since their output values go to zero with a growing distance to their centers.

Usually, radial basis function networks consist of two layers, Fig. 3.1.11. The

outputs γi are weighted and added up in a neuron of the perceptron type, Fig. 3.1.9,

so that

y =
M∑

m=1

wm γm

(
|| u− c||2

)
. (3.1.22)

Since the output layer weights are located behind the nonlinear activation functions

in the signal flow, the error signal is linear in these parameters and, consequently,

the least squares method in its explicit form can be applied. In comparison to MLP

networks with gradient methods, a significantly faster convergence can be obtained.

However, if the centers and standard deviations have to be optimized too, nonlinear

numerical optimization methods are also required.

u
p

u2

u1

c11 11, s c1 1p p
, s

g1

Fig. 3.1.10. Neuron with radial basis function.
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Fig. 3.1.11. Feedforward radial basis function (RBF) network.

e) Local linear model networks

The local linear model tree (LOLIMOT) is an extended radial basis function network,

Nelles and Isermann (1995), Babuska and Verbruggen (1996), Isermann et al (1997),

Murray-Smith and Johansen (1997), Nelles (1997), Nelles (2001), Fink (2006). It is

extended by replacing the output layer weights with a linear function of the network

inputs (3.1.25). Furthermore, the RBF network is normalized, so that the sum of

all basis functions is one. Thus, each neuron represents a local linear model with its

corresponding validity function, see Fig. 3.1.12. The validity functions determine the

regions of the input space where each neuron is active. The general architecture of

local model networks is extensively discussed in Murray-Smith and Johansen (1997).

Different local models result from the way of partitioning of the input space u,

e.g. grid structure, axis-orthogonal cuts, axis-oblique cuts, etc., the local model struc-

ture and the transition between submodels. Due to their transparent structure, local

models offer the possibility of adjusting the model structure easier to the process

structure in terms of physical-law-based relationships leading to semi-physical mod-
els. Such an incorporation of physical insight improves the training and the gener-

alization behavior considerably and reduces the required model complexity in many

cases.

The kind of local model network discussed here utilizes normalized Gaussian

validity functions (3.1.21) and an axis-orthogonal partitioning of the input space.

Therefore, the validity functions can be composed of one-dimensional membership

functions and the network can be interpreted as a Takagi-Sugeno fuzzy model.

The output of the local linear model is calculated by

ŷ =
M∑
i=1

Φi(u) ŷi(u) (3.1.23)

where the local linear (stationary) models are
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ŷi(u) = wi,0 + wi,1 u1 + . . .+ wi,P uP (3.1.24)

such that

ŷ =
M∑
i=1

Φi(u) (wi,0 + wi,1 u1 + . . .+ wi,P uP ) (3.1.25)

with the normalized Gaussian validity functions

Φi(u) =
μi(u)∑M

j=1 μj(u)
(3.1.26)

and

μi(u) =

p∏
j=1

exp

(
−1

2

(
(uj − ci,j)

2

σ2
ij

))
. (3.1.27)

The centers c and standard deviations σ act nonlinearly on the output, while the local

model parameters wi act linearly. The local linear model tree (LOLIMOT) algorithm

is applied for the training. It consists of an outer loop, in which the input space is

decomposed by determining the parameters of the validity functions, and a nested

inner loop in which the parameters of the local linear models are optimized by local-

weighted least squares estimation.

The input space is decomposed in an axis-orthogonal manner, yielding hyper-

rectangles in whose centers the Gaussian validity functions μi(u) are placed. The

standard deviations of these Gaussians are chosen proportionally to the extension of

hyper-rectangles to account for the varying granularity. Thus, the nonlinear parame-

ters ci,j and σi,j are determined by a heuristic-avoiding explicit nonlinear optimiza-

tion. LOLIMOT starts with a single linear model that is valid for the whole input

space. In each iteration, it splits one local linear model into two new sub-models.
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Only the (locally) worst performing local model is considered for further refinement.

Splits along all input axes are compared and the best performing alternative is carried

out, see Fig. 3.1.13.
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Fig. 3.1.13. Tree construction of the LOLIMOT method.

The main advantages of this local model approach are the inherent structure

identification and the very fast and robust training algorithm. The model structure

is adapted to the complexity of the process and an explicit application of time-

consuming nonlinear optimization algorithms as for general NN is avoided.

Another local linear model architecture, the so-called hinging hyperplane tree
(HHT), is presented in Ernst (1998), Töpfer (2002). These models can be interpreted

as an extension of the LOLIMOT networks with respect to the partitioning scheme.

While the LOLIMOT algorithm is restricted to axis-orthogonal splits, the hinging

hyperplane trees allow an axis-oblique decomposition of the input space. These more

complex partitioning strategies lead to an increased effort in model construction.
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However, this feature can be advantageous in the case of strong nonlinear behavior

and higher-dimensional input spaces, where axis orthogonal splits lead to many local

models.

Summarizing, the three representatives of artificial neural networks are very well

suited to the approximation of measured input/output data of static processes, com-

pare also Hafner et al (1992), Preuß and Tresp (1994). For this, the training data has

to be chosen in such a way that the considered input space is covered as evenly as

possible with data. After the training procedure, a parametric mathematical model

of the static process behavior is available. Consequently, direct computation of the

output values ŷ for arbitrary input combinations u is possible.

An advantage of the automatic training procedure is the possibility of using ar-

bitrarily distributed data in the training data set. There is no necessity to know data

at exactly defined positions, as in the case of grid-based look-up table models acc-

ording to Sect. 3.1.1. This clearly decreases the required effort for measurements in

practical applications.

Example 3.1 (Artificial neural network for the static behavior of a combustion en-
gine).
As an example, the engine characteristics of a six-cylinder SI (spark-ignition) engine

is used. Here, the engine torque has to be identified and is dependent on the throttle

angle and the engine speed. Figure 3.1.14 shows the 433 available data points that

were measured on an engine test stand.

For the approximation, an MLP network is applied. After the training, an app-

roximation for the measurement data is shown in Fig. 3.1.15. For that purpose, 31

parameters are required. Obviously, the neural network possesses good interpolation

and extrapolation capabilities. This also means that in areas with only few training

data, the process behavior can be approximated quite well, Holzmann et al (1997).
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Fig. 3.1.14. Measured SI engine data (2.5 l, V6 cyl.): unevenly distributed, 433 measurement

data points.
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parameters.

�

f) Local nonlinear model network

An enhancement to the presented LOLIMOT structure is a local polynomial model

tree (LOPOMOT), Sequenz et al (2009), Sequenz (2013). It is composed of local

polynomial models. Like for the LOLIMOT structure an axis orthogonal splitting

algorithm is employed, Fig. 3.1.16a). In contrast to LOLIMOT the regressors of

the local polynomial models are selected by a local formulation of Mallows’ Cp-

statistic, Mallows (1973). This selection enables an adaption of the local models to

the nonlinearities of the process and reduces the model error. A similar approach to

LOPOMOT is presented in Bänfer and Nelles (2009). There the determination of the

local polynomial degree is incorporated into the splitting algorithm. The improve-

ment of increasing the local polynomial degree is compared to a model split and the

superior is performed where the employed selection criteria are based on heuristic

choices of tuning parameters.

Similar to (3.1.25) the local model structure for LOPOMOT can be written as,

Sequenz (2013),

ŷLOPOMOT =
M∑
j=1

Φj (u) ŷj(u), (3.1.28)

see Fig. 3.1.16b).

The weighting function Φj (u) can be a Gaussian as for the LOLIMOT model,

(3.1.26), or any other function that decays to 0. For example, using a pyramidal

weighting function shows a compact support and is equivalent to a linear interpola-

tion for the applied grid pattern structure. This eases the model simulation especially

for an implementation on an ECU, see Sequenz (2013).
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The approximation ŷj(u) can be motivated by the Taylor series of the true func-

tion y(u). The Taylor series in the neighborhood of u0 is given by

y (u0 +Δu) = y (u0) +

o∑
i=1

1

i!

(
∂

∂u1
Δu1 + · · ·+ ∂

∂up
Δup

)i

y(u)|u0
+Ro

(3.1.29)

where Δu = u−u0, o is the order of the approximation and Ro is the remainder. The

higher the order o the smaller the remainder R0 and hence the more precise the app-

roximation. However, the number of terms increases exponentially with an increase

of the order. From (3.1.29) the general local polynomial approximation results

ŷj(u) = w0,j + w1,ju1 + w2,ju2 + . . .+ wp,jup + wp+1,ju
2
1 + wp+2,ju1u2 + . . . .

(3.1.30)

The evaluated derivatives at u0, ∂iy
∂ui·

|u0 in (3.1.29, form the unknown parameters w·,j
and Δu·i in (3.1.29) and give the regressors u·i. Given a dataset with N data points

the quadratic error can be defined as

J =

N∑
i=1

(y(ui)− ŷ(ui))
2
. (3.1.31)

The objective of a model identification is the minimization of (3.1.31). Since the

true value y(ui) is in general unknown, a measured value yi at ui is employed. As

measurements do suffer from disturbances a variance error for the identified model

results. This variance error increases with the number of parameters, in contrast to the

bias error introduced by the limited flexibility of the approximation which decreases

with the number of parameters, Nelles (2001). This opposite behavior is known as

bias-variance dilemma.
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Fig. 3.1.16. Local nonlinear model network (LOPOMOT). a axis orthogonal splitting algo-
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To find the best trade-off between bias and variance error a selection strategy is

applied. The selected regressors must be able to approximate the unknown function,

while avoiding redundant regressors. (3.1.30) can therefore be written as

ŷj(u) = w1,jx1 + w2,jx2 + . . .+ wn,jxn (3.1.32)

with xi ∈ A =
{
1, u1, u2, u1u2, u

2
1, u

2
1u2, u

2
2 . . .

}
. (3.1.33)

A is the set of potential regressors and has the size |A| = k. Since the parameters

w·,j are linear in (3.1.32), a weighted least squares algorithm is used to determine

the parameters.

The applied criterion of fit to select the n significant regressors xi ∈ A is Mall-

ows’ Cp-statistic. It is an estimate of the scaled sum of squared errors J/σ2 and a

general formulation is given by Mallows (1973)

Cp =

∑N
i=1 (yi − ŷi)

2

σ̂2
−N + 2(n+ 1). (3.1.34)

where yi is the measured output at ui, ŷi the modeled output at ui, N the size of the

dataset and σ̂2 the estimated variance. An estimation of the variance is given by the

sum of squared errors with the modeled output yk,i using all k regressors divided by

the degrees of freedom

σ̂2 =

∑N
i=1 (yi − ŷk,i)

2

N − k
. (3.1.35)

If the order o is chosen sufficiently high, the bias error of ŷk,i can be neglected.

Then, the sum of squared errors composes only the variance error wherefore under

the assumption of Gaussian error distribution it gives an unbiased estimation of the

variance. Since a degree of freedom is required for this variance estimation, a 1 is

added in (3.1.34) to the number of model parameters n.

The general formula presented in (3.1.34) holds for global models. However,

a multi-model with several local polynomial models is applied here. Therefore, a

local formulation of (3.1.34) is derived and a selection algorithm for local regressor

selection is presented in Sequenz (2013). Based on the local formulation of Mall-

ows’ Cp-statistic a criterion for the selection of the best model partition can then

be presented. The local regression selection, the global model partitioning and the

extension to dynamic processes is described, Sequenz (2013).

A comparison of LOLIMOT, LOPOMOT and look-up tables with regard to acc-

uracy and computational effort is presented in Sect. 6.5.3

3.2 Process identification methods for dynamic processes

This section gives a brief introduction of some important identification methods for

dynamic linear and nonlinear processes with single-input single-output signals which

are relevant for engines and vehicles. Table 3.2.1 shows a survey of the most impor-

tant identification methods.
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In Fig. 3.2.1 those methods are extracted which can be applied for a wide range

of dynamic processes with excitation signals at the input. Especially for dynamic

processes the input signals have to change periodically, stochastically or in the form

of special test signals. These signals may be the normal operating signals (like in

servo systems, actuators or driving vehicles) or may be artificially introduced for

testing, e.g. on test benches. A considerable advantage of identification methods is

that with only one input and one output signal several parameters (up to about six)

can be estimated, which give a detailed picture on internal process quantities.

The identification methods are described for discrete-time linear processes, both

in open loop and in closed loop and then for nonlinear processes.

non-linear
processes

- deconvolution
- non-recursive
- recursive

- non-recursive
- recursive
- square root

filtering (DSFI,
DSFC)

- UD-factorization
- stochastic

approximation

least squares least squares
unbiased

correlation
methods

parameter
estimation

linear
processes

identification of dynamic processes

parameter
estimation

- extended
least squares

- instrumental
variables

- maximum
likelihood

- Hammerstein-
model

- Wiener
model

- Volterra
series

special model
structure

general model
structures

(neural networks)

- multilayer
perceptrons

- radial basis
functions

- local linear
models

Fig. 3.2.1. Survey of some basic identification methods.

3.2.1 Correlation functions

If stationary stochastic or periodic signals act on a linear process in open loop, then

the impulse response g(ν) can be determined if the autocorrelation function of the in-

put signal and the cross-correlation function of the input and output signal are known.

These correlation techniques are basic methods for the identification of linear dy-

namic processes and are elements of other identification methods, such as parameter

estimations.

The autocorrelation function (ACF) is defined by

Φuu(τ) = E {u(k)u(k + τ)} = lim
N→∞

1

N

N−1∑
k=0

u(k)u(k + τ) (3.2.1)
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where k = t/T0 is the discrete time with T0, the sampling time. For finite samples

of measured signals an estimate is given by

Φ̂uu(τ) =
1

N

N−1∑
k=0

u(k)u(k + τ). (3.2.2)

For the cross-correlation function (CCF)

Φuy(τ) = E {u(k)y(k + τ)} = lim
N→∞

1

N

N−1∑
k=0

u(k)y(k + τ) (3.2.3)

the estimate is

Φ̂uy(τ) =
1

N

N−1∑
k=0

u(k)y(k + τ). (3.2.4)

Writing the CCF up to time points N and N − 1 and subtracting both equations, one

obtains the recursive form

Φ̂uy(τ,N) = Φ̂uy(τ,N − 1) + 1
N+1 [u(k − τ)y(k) − Φ̂uy(τ,N − 1)].

new = old + correction new − old

estimate estimate factor product estimate
(3.2.5)

For finite N the correlation function estimates contain a bias. However, this bias

vanishes as N → ∞. Hence, the estimates yield consistent estimates. Because also

the variance converges to zero, the estimates are consistent in mean square, see for

example, Isermann (1992), Isermann and Münchhof (2011).

If E {u(k)} = 0 and E {y(k)} = 0, the correlation functions for the input and

output signals of a linear process are related by the convolution sum

Φuy(τ) =
∞∑
ν=0

g(ν)Φuu(τ − ν) (3.2.6)

If l + 1 values of g(ν) have to be determined and the convolution sum is truncated

for ν > l, then

Φuy(τ) ≈ ΦT
uug (3.2.7)

where
ΦT

uu = [Φuu(τ)Φuu(τ − 1) . . . Φuu(τ − l)]
gT = [g(0) g(1) . . . g(l)] .

Now l + 1 equations are required to get a unique solution. Therefore τ is varied

within

−P < τ < −P + 2l

and the equation system becomes

Φuy ≈ Φ̂uu · ĝ. (3.2.8)
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As Φ̂uu is a (l + 1) × (l + 1) square matrix the impulse response estimates result

from the deconvolution equation

ĝ ≈ Φ̂
−1

uu Φuy (3.2.9)

where, of course, Φ̂uu can be inverted only if

det Φ̂uu �= 0 (3.2.10)

which is an identifiability condition. In other words, the process must be persistently

excited (of order l + 1).

If the input signal u(k) is white noise with ACF

Φuu(τ) = σ2
u δ (τ) = Φuu(0)δ(τ)

if follows from (3.2.6) that

ĝ(τ) =
1

Φ̂uu(0)
Φ̂uu(τ)

The impulse response is then proportional to the CCF. The impulse response is a

non-parametric model. A considerable advantage of the correlation method is that

no model structure has to be assumed. But convergence is usually slow.

If stochastic, stationary noise n(k) acts on the process output, the necessary con-

ditions for the consistent estimation of ĝ(τ) in mean square are the following:

• n(k) and y(k) are stationary

• E {u(k)} = 0
• u(k) is persistently exciting

• n(k) is not correlated with u(k).

For more details see Eykhoff (1974), Isermann and Münchhof (2011). Correlation

functions are also implicitly included in least squares parameter estimation with para-

metric models, Isermann (1992).

3.2.2 Parameter estimation for linear dynamic processes (method of least
squares)

It is assumed that the process can be described by the linear difference equation

yu(k) + a1yu(k − 1) + . . . + am yu(k −m)

= b1 u(k − d− 1) + . . . + bmu (k − d−m).
(3.2.11)

Here,
u(k) = U(k)− U00

yu(k) = Yu(k)− Y00
(3.2.12)

are the deviations of the absolute signals U(k) and Yu(k) from the operating point

described by U00 and Y00, k is the discrete time k = t/T0 = 0, 1, 2, . . . , T0 is the
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sampling time and d = Tt/T0 = 0, 1, 2, . . . is the discrete dead-time of the process.

The corresponding transfer function in the z-domain is

Gp(z) =
yu(z)

u(z)
=

B(z−1)

A(z−1)
z−d

=
b1 z−1 + . . .+ bmz−m

1 + a1 z−1 + . . .+ amz−m
z−d. (3.2.13)

The measured signal contains a stationary, stochastic disturbance

y(k) = yu (k) + n (k) with E {n(k)} = 0. (3.2.14)

The task is to determine the unknown parameters ai and bi from N measured input

and output signal data points, see Fig. 3.2.2.
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Fig. 3.2.2. Model structures for parameter estimation. a equation error. b output error.

a) Equation error methods

Let the model parameters obtained from the data up to the sample (k−1) be denoted

by âi and b̂i. Then, (3.2.11) becomes in the presence of a disturbed output signal

y(k) + â1 y(k − 1) . . .+ âm y(k −m)

−b̂1 u(k − d− 1)− . . .− b̂mu(k − d−m) = e(k)
(3.2.15)

where the equation error (residual) e(k) is introduced instead of “0” and corresponds

to a generalized error, see Fig. 3.2.2. This can be seen by rewriting (3.2.15), compare

Fig. 3.2.2a).

Â (z−1)y(z)− B̂(z−1) z−d u(z) = e (z). (3.2.16)

e is linearly dependent on the parameters to be estimated (linear in the parameters).

From (3.2.15), ŷ(k|k − 1) can be interpreted as the one-step-ahead prediction,

based on the measurements up to sample (k − 1)
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ŷ(k|k − 1) = ψT(k)θ̂θθ (3.2.17)

with the data vector

ψT(k) = [−y (k − 1) . . .− y (k −m)| u(k − d− 1) . . .
u(k − d−m)]

(3.2.18)

and the parameter vector

θ̂θθ = [â1 . . . âm | b̂1 . . . b̂m]T. (3.2.19)

Consequently, (3.2.15) can be written as

y(k) = ψT(k)θ̂θθ + e(k). (3.2.20)

The measured signals for k = m+ d, . . . ,m+ d+N are written in vectors, e.g.

yT(m+ d+N) = [y(m+ d) . . . y(m+ d+N)] (3.2.21)

Then,

y(m+ d+ n) = Ψ(m+ d+N)θ̂ + e(m+ d+N) (3.2.22)

where Ψ is a ((N + 1)× 2m)-data matrix. Minimizing the sum of errors squared

V =

m+d+N∑
k=m+d

e2 (k) = eT(m+ d+N) e (m+ d+N) (3.2.23)

yields
dV

dθθθ

∣∣∣∣
θθθ=θ̂θθ

= −2ΨT[y −Ψθ̂θθ] = 0 (3.2.24)

for the unknown parameters. From this, the (non-recursive) estimation equation of

the least squares (LS) method follows

θ̂θθ = [ΨTΨ]−1ΨTy. (3.2.25)

The matrix

P = [ΨT Ψ]−1 (3.2.26)

has the dimension (2m, 2m). The inverse exists if and only if

det [ΨT Ψ] = det P−1 �= 0. (3.2.27)

Also
∂2 V

∂ θθθ ∂ θθθT
= ΨT Ψ (3.2.28)

has to be positive-definite such that the loss function V has a minimum. Both re-

quirements are satisfied if and only if
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det [ΨT Ψ] = det P−1 > 0. (3.2.29)

This condition also includes that the input signal is persistently exciting the process

and that the process is stable.

From parameter-estimation methods, it is usually required that the estimate is not

biased for a finite number of data samples N

E {θθθ (N)} = θθθ0. (3.2.30)

(θθθ0 denotes the true parameters) and is consistent in the quadratic mean

lim
N→∞

E{θ̂θθ (N)} = θθθ0 (3.2.31)

lim
N→∞

E [θ̂θθ (N)− θθθ0] [θθθ (N)− θθθ0]
T = 0. (3.2.32)

For the least squares method (3.2.31) becomes by substituting (3.2.22) into (3.2.25)

E
{
θ̂θθ (N)

}
= θθθ0 + E

{
[ΨT Ψ]−1ΨTe

}
= θθθ0 + b. (3.2.33)

In order to have a vanishing bias (systematic estimation error) b,ΨT and e must

be uncorrelated. Consequently, e(k) must not be correlated and E {e(k)} = 0. The

estimation is unbiased if the disturbance signal n(k) is generated by the disturbance

filter

Gv(z) =
n(z)

v(z)
=

1

A(z−1)
(3.2.34)

where v(k) is discrete white noise, see Fig. 3.2.3. Since this filter does not exist in

practice, the least squares estimation, in general, yields biased estimates. These sys-

tematic estimation errors are the larger the greater the variance σ2
n of the disturbance

signal is compared to the output signal σ2
yu.

For the covariance matrix, the following is true if θ̂θθ = θθθ0 (which means e = 0)

cov [Δ θθθ] = E

{[
θ̂θθ − θθθ0

] [
θ̂θθ − θθθ0

]T}
σ2
e E {P}

= σ2
e E

{[
1

N + 1
ΨT Ψ

]−1
}

1

N + 1

= σ2
e

{
Φ−1(N + 1)

} 1

N + 1
. (3.2.35)

σ2
e is the variance of e(k). Ψ is a matrix whose elements are correlation functions.

For N → ∞, (3.2.32) is satisfied. E {P} is proportional to the covariance matrix of

the parameter estimation errors.

Because of the biased estimates for the least squares algorithm, this method can

only be used for processes with no or only small disturbance signals. A big advan-

tage of the least squares algorithm, however, is that the parameter vector θ̂θθ can be

determined in one batch calculation and no iterative methods are necessary. This is

possible since the error measure employed is linear in the parameters.
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b) Output error methods

Instead of the equation error the output error

e′(k) = y(k)− yM

(
θ̂θθ, k

)
(3.2.36)

can be used, where

yM

(
θ̂θθ, z

)
=

B̂(z−1)

Â(z−1)
u(z) (3.2.37)

is the model equation output, see Fig. 3.2.2b). But then no direct calculation of the

parameter estimates θ̂ is possible because e′(k) is nonlinear in the parameters. There-

fore the loss function (3.2.23) is minimized by a numerical optimization method, e.g.

downhill-simplex. The computational effort is then larger, and online real-time appli-

cation, in general, not possible. However, relative precise parameter estimates may

be obtained, Drewelow (1990), Pfeufer (1999), Nelles (2001).

c) Recursive least squares (RLS) methods

Writing the nonrecursive estimation equations for θ̂(k+1) and θ̂(k) and subtracting

one from the other, results in the recursive parameter estimation algorithm

θ̂(k + 1) = θ̂(k) + γ(k) [y(k + 1) − ψT(k + 1)θ̂(k)].
new old correction new − one - step - ahead

estimate estimate vector measurement prediction of the new

measurement
(3.2.38)

The correcting vector is given by
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γ(k) = P(k + 1) ψ(k + 1)

=
1

ψT(k + 1) P(k) ψ(k + 1) + 1
P(k) ψ(k + 1) (3.2.39)

and

P(k + 1) = [I− γ(k) ψT(k + 1)] P(k). (3.2.40)

To start the recursive algorithm one sets

θ̂(0) = 0
P(0) = αI

(3.2.41)

with α large (α = 100, . . . , 1000). The expectation of the matrix P is proportional

to the covariance matrix of the parameter estimates

E {P(k + 1)} =
1

σ2
e

cov [Δθθθ(k)] (3.2.42)

with

σ2
e = E

{
eTe

}
(3.2.43)

and the parameter error

Δθθθ(k) = θ̂(k)− θθθ0. (3.2.44)

Hence, the recursive algorithm contains the variances of the parameter estimates

(diagonal elements of covariance matrix). (3.2.38) can also be written as

θ̂(k + 1) = θ̂(k) + γ(k) e(k + 1). (3.2.45)

To improve the numerical properties of the basic RLS algorithms, modified versions

are recommended, see Isermann and Münchhof (2011).

d) DC value estimation

As for process parameter estimation the variations of u(k) and y(k) of the measured

signals U(k) and Y (k) have to be used, the DC (direct current or steady-state) values

U00 and Y00 either have also to be estimated or have to be removed. Corresponding

methods like differencing, averaging or estimation are described in Isermann (1992),

Isermann and Münchhof (2011).

e) Extended and modified LS methods

In order to obtain unbiased parameter estimates extended least squares methods
(ELS) exist which include parameter estimates of the disturbance model. Further the

numerical properties can be improved considerably by factorization methods of the

covariance matrix P or P−1, leading to, e.g square root filtering in covariance form

(DSFC) or in information form (DSFI). For time-varying processes the RLS method

can be modified by a time-depending weighting of the squared errors. The selection
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of a forgetting factor then determines the adaption speed to new parameters on the

cost of their variance. The LS method can also be developed for continuous-time
models. The application of the LS methods in closed loop requires either an external

perturbation signal or special feedback controllers. For a description of these meth-

ods see, e.g. Isermann and Münchhof (2011).

3.2.3 Parameter estimation for nonlinear dynamic processes

Many processes and also engines have a nonlinear static and dynamic behavior, es-

pecially if wide range of operations are considered. One possibility is to use classical

nonlinear models in combination with parameter estimation. Another method is to

extend neural networks to nonlinear dynamic processes. Both ways are described

shortly, assuming that the nonlinearities are continuously differentiable.

a) Parameter estimation with classical nonlinear dynamic models

Some classical nonlinear models result from expanding a linear difference equation

yu(k) + a1yu(k − 1) + . . .+ amyu(k −m)

= b0u(k) + b1u(k − 1) + . . .+ bmu(k −m)
(3.2.46)

which can be brought to an abbreviated notation with the shift operator q−i, where

q−iy(k) = y(k − i).
A
(
q−1

)
y(k) = B

(
q−1

)
u(k). (3.2.47)

If A
(
q−1

)
as well as B

(
q−1

)
is expanded with nonlinear terms like u2(k), y2(k),

u(k)u(k − 1), etc., then Kolmogorov-Gabor polynomial models result which are,

however, too complicated to apply. Volterra-series models follow without output

feedback, i.e. A
(
q−1

)
= 1. A simpler model is the parametric Volterra model

yu(k) + a1yu(k − 1) + . . . = b10u(k) + b12u(k − 1) + . . .

+ b20u
2(k) + b21u

2(k − 1) + . . .

+ b201u(k)u(k − 1) + b202u(k)u(k − 2) + . . .

(3.2.48)

It has a linear feedback but ends up with many parameters and combinatorial com-

plexity. Through specialization to a nonlinear static polynomial

x(k) = r0 + r1u+ r2u
2 + . . .

followed by a dynamic linear model

y(k) = −a1y(k − 1) + b′0x(k) + b′1x(k − 1) + . . .

a Hammerstein model results

yu(k) + a1yu(k − 1) + . . . =

b00 + b10u(k) + b11u(k − 1) + b20u
2(k) + b21u

2(k − 1) + . . .
(3.2.49)
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which can be seen as a simplified parametric Volterra model. If a linear model is fol-

lowed by a nonlinear static polynomial, a Wiener model is obtained which becomes,

however, nonlinear in the parameters.

The Hammerstein model is suitable for nonlinear valve characteristics, the Wiener

model for nonlinear sensor characteristics if the process can be assumed to be linear.

For more details see Nelles (2001).

In the case of an equation error parameter estimation, the parametric Volterra

model and the Hammerstein model have the advantage of being linear in the param-

eters. Therefore linear parameter estimation methods like LS, RLS and RELS can be

applied.

b) Artificial neural networks for nonlinear dynamic processes

The memoryless static networks can be extended with dynamic elements to dynamic

neural networks. One can distinguish between neural networks with external and

internal dynamics, Nelles et al (1991), Isermann et al (1997), Fink (2006). ANNs

with external dynamics are based on static networks, e.g. MLP or RBF networks.

The discrete time input signals u(k) are passed to the network through additional

filters Fi(q− 1). In the same way, either the measured output signals y(k) or the NN

outputs ŷ(k) are passed to the network through filters Gi(q − 1). The operator q−1

denotes a time shift

y(k) · q−1 = y(k − 1). (3.2.50)

In the simplest case, the filters are pure time delays, Fig. 3.2.4a)

ŷ(k) = fNN [u(k), u(k − 1), . . . , ŷ(k − 1), ŷ(k − 2), . . .] (3.2.51)

where the time-shifted sampled values are the network input signals. The structure

in Fig. 3.2.4a) shows a parallel model (equivalent to the output error model for pa-

rameter estimation of linear models). In Fig. 3.2.4b), the measured output signal is

passed to the network input. Then, the series-parallel model is obtained (equivalent

to the equation error model for parameter estimation of linear models). One advan-

tage of the external dynamic approach is the possibility of using the same adaptation

methods as in the case of static networks. However, the drawbacks are the increased

dimensionality of the input space, possible stability problems and an iterative way of

computing the static model behavior, namely through simulation of the model. Then,

for example, a step function is used as the input signal and one has to wait until the

steady state of the model is reached.

ANNs with internal dynamics realize dynamic elements inside the model struc-

ture. According to the kind of included dynamic elements, one can distinguish be-

tween recurrent networks, partially recurrent networks and locally recurrent glob-

ally feedforward networks (LRGF), Nelles et al (1991), Nelles (2001). The LRGF

networks maintain the structure of static networks except that dynamic neurons are

utilized, see Fig. 3.2.5. The following can be distinguished: local synapse feedback,

local activation feedback and local output feedback. The simplest case is the local ac-

tivation feedback, Ayoubi (1996). Here, each neuron is extended by a linear transfer

function, most often of first or second order.
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feedback. b local activation feedback. c local output feedback.

Usually, MLP networks are used in LRGF structures. However, RBF networks

with dynamic elements in the output layer can be applied as well, if a Hammerstein-

structure of the process can be assumed, Ayoubi (1996). Usually, the adaptation of

these dynamic NNs is based on extended gradient methods, Nelles et al (1991),

Nelles (2001).

Based on the basic structure of ANNs, special structures with particular prop-

erties can be built. If, for example, the local linear model network (LOLIMOT) is

combined with the external dynamic approach, a model structure with locally valid

linear input/output models result, see Fig. 3.2.6. This method turned out to be es-
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pecially suitable for combustion engines, Müller et al (2000), Hafner et al (2000b).
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c) Operating-point-dependent local models

Frequently, the static or dynamic behavior of processes and especially of combus-

tion engines depends on the operating point, described by the variables z. Then all

the inputs have to be separated into manipulated variables u and operating point

variables z. By this separation local linear models can be identified with varying

parameters depending on the operating point, also called linear parameter variable
models (LPVM), Ballé (1998).

A nonlinear discrete-time dynamic model with p inputs ui and one output y can

be described by

y(k) = f(x(k)) (3.2.52)

with

xT(k) = [u1(k − 1), · · · , u1(k − nu1), · · · , up(k − 1), · · · ,
up(k − nup), y(k − 1), · · · , y(k − ny)] .

(3.2.53)

For many types of nonlinearities this nonlinear (global) overall model can be repre-

sented as a combination of locally active submodels

ŷ =
M∑
i=1

Φi(u) ŷi(u), (3.2.54)

see the LOLIMOT approach (3.1.23).
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The validity of each submodel ŷi is given by its corresponding weighting func-

tion Φi (also called activation or membership function). These weighting functions

describe the partitioning of the input space and determine the transition between

neighboring submodels as described in Sect. 3.1.3e).

According to (3.2.54) identical input spaces for the local submodels ŷi(u) and

the membership functions Φi(u) have been assumed. However, local models allow

the realization of distinct input spaces, Fig. 3.2.7, with

y =
M∑
i=1

Φi(z) yi(x) (3.2.55)

if, e.g. z describes the operation point. The input vector z of the weighting functions

comprises merely those inputs of the vector u having significant nonlinear dependen-

cies which cannot be explained by the local submodels, e.g. for engines the torque

Meng and speed ωeng. Especially those inputs require a subdivision into different

parts. The decisive advantage of this procedure is the considerable reduction of the

number of inputs in z. Thus, the difficult task of structure identification can be sim-

plified.

The use of separate input spaces for the local models (vector x) and the member-

ship functions (vector z) for the operation point becomes more precise by consider-

ing another representation of the structure in (3.2.55). As normally local submodel

approaches are assumed to being linear with reference to their parameters according

to

yi(x) = wi,0 + wi,1 x1 + · · ·+ winxxnx (3.2.56)

compare (3.1.25).(3.2.55) can be arranged to

yi(x) = wi,0(z) + wi,1(z)x1 + · · ·+ wi,nx(z) xnx

with wj(z) =
M∑
i=1

wij Φi(z).
(3.2.57)

resulting in

y = w0 +

nx∑
j=1

wj(z)xj . (3.2.58)

Thus, the specified local model approaches can be interpreted as linear-in-the-

parameter relationships with operating-point-dependent parameters wj(z), where-

upon these parameters depend on the input values in vector z. Consequently, the

process coefficients wj(z) have a physical meaning. Therefore, these models are a

sort of semi-physical models, Töpfer et al (2002). This model structure as shown in

Fig. 3.2.7 can favorably be applied for the identification of nonlinear processes with

local linear models as LOLIMOT, where the nonlinear behavior is mainly determined

by the operation point z, which is for example the case in combustion engines

zT =
[
Meng ωeng Toil

]
. (3.2.59)
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The choice of approximate submodel structures always requires a compromise be-

tween submodel complexity and the number of submodels. The most often app-

lied linear submodels have the advantage of being a direct extension of the well

known linear models. However, under certain conditions more complex submod-
els may be reasonable. If the main nonlinear influence of input variables can be

described qualitatively by a nonlinear transformation of the input variables (e.g.

f1(x) = (x2
1, x1x2, . . .)) based on physical knowledge, then the incorporation of

that knowledge into the submodels leads to a considerable reduction of the required

number of submodels, see the LOPOMOT method in Sect. 3.1.3. Generally, this app-

roach can be realized by a pre-processing of the input variables x to the nonlinearly

transformed variables, Fig. 3.2.8

x∗ = F (x) = [f1(x) f2(x) · · · fp(x)]T . (3.2.60)

Besides those heuristically determined model structures, local model approaches also

enable the incorporation of fully physically determined models. Furthermore, local

models allow the employment of inhomogeneous models. Consequently, different

local submodel structures may be valid within the different operating regimes.
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se
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ct
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z

x

y

membership

functions �

Fig. 3.2.7. Structure of local submodels with distinct inputs spaces x for local submodels and

z for corresponding membership functions describing significant nonlinear effects. z may be

the operation point.

3.3 Local and global engine models

The stationary engine behavior for a constant operation point

zT = [mf,g, neng,h] (3.3.1)

or

zT = [Meng,g, neng,h] (3.3.2)

is according to (3.1.3) and Fig. 3.1.3 for one output yr and several inputs uT =
[u1, . . . , up] represented by
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Fig. 3.2.8. Pre-processing of input variables x for incorporation of prior knowledge for non-

linear submodels.

yr = floc(u) r = 1, . . . , R. (3.3.3)

The manipulated variables u then span all allowable values within the possible

ranges of the actuators and the multi-input single-output model yields the corre-

sponding output variables yr. With regard to combustion engines this model can be

linear or nonlinear and, e.g. be represented by a look-up table. Because this model is

valid for a specific operating point it is called a local stationary model.
If for a fixed operation point z the input signals u are excited dynamically by test

signals according to Fig. 3.5.1, local dynamic models

yr(t) = floc(u(t)) (3.3.4)

are obtained which can be linear as (3.2.11) or nonlinear as expressed by (3.2.46) to

(3.2.49).

The inclusion of different operation points in the model requires z as input. Then

an expansion of (3.3.3) results in a global stationary model

yr = fglob(u, z). (3.3.5)

Instead of several local stationary models one comprehensive overall model is ob-

tained. The implementation of such a global engine model can be based on a compo-

sition of local models. Leaning on the representation of grid-based models, Sequenz

(2013) proposes a global-local model structure for the stationary behavior

yr = fglob−loc(u, z) =
M∑
j=1

φj(mf , neng)floc(u). (3.3.6)

As shown in Fig. 3.3.1 the local models are composed by means of a bilinear in-

terpolation to a global model output. If the model is evaluated at a grid point of the

operating space, only one local model is active. If the output has to be evaluated

between the grid points, the four surrounding models become part of the weighted

interpolation sum, compare Sect. 6.5.1 and Fig. 3.3.1. This global stationary model
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can for example be applied for slowly changing operation points, describing then a

quasi-stationary behavior.

Another case arises if the operating points z change fast with time, as required

for real dynamic vehicle driving, where the injection mass mf and the engine speed

neng are functions of time. The variables describing the operating point then also

become dynamic inputs, leading to a global dynamic model

yr = fglob(u(t), z(t)). (3.3.7)

Then, usually the inputs u also change with time.

Hence, local models are valid for selected operating points and global models

include several interesting operating points. Both model types can be stationary or

dynamic.
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Fig. 3.3.1. Global-local stationary engine model structure. The local models are valid for fixed

operating points. The global model output is determined by a bilinear area interpolation of the

local models, Sequenz (2013).

3.4 Stationary identification procedures on test benches

3.4.1 Measurement procedures

A basic experimental modeling of engines requires an appropriate test bench and

a computer-based development environment. Figure 3.4.1 presents a signal-flow

scheme for an engine test bench with torque or speed control, via an electrical asyn-

chronous motor (see Sect. 6.10), an electronic control unit (ECU) for the engine, a

process computer for data treatment and storage and for providing reference inputs

for the ECU and a bypass development system to replace or add new control func-

tions. The used ECU may be programmed-based on a priori knowledge with similar

engines.
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A general procedure for the experimental modeling (identification) of engines on

test benches is given in Fig. 3.4.2. It begins with the planning of the measurements.

Depending on the possibilities of the test bench, the measurement devices and the a

priori knowledge of the engine, the operating points of the engine, the kind of control

of the test bench (e.g. speed or torque control of the dynamometer) and stationary

or dynamic measurements have to be specified. Then the determination of the op-
eration boundaries has to be performed, in order to avoid damages and to include

the relevant operation points. The design of the test signals for the stationary or dy-

namic inputs of the engine is a next step. The measurements for identification can

then be started, taking into account the allowable operation space, many test bench

specific requirements, the control of air and cooling water conditioning, and the app-

lied method of identification. Many input and output signals are then obtained and

stored. The data should then be analyzed before they are used for experimental mod-

eling. For example, graphical tools are used to check for consistency of the data and

to remove outliers or drift. The selected identification method can then be applied,

resulting in static and dynamic engine models. This is followed by a model analysis
with the goal of evaluating the resulting models. By applying different performance

criteria the model structure can be selected and by using different plots and intersec-

tion presentations a first impression of the quality of the measured signals and the

obtained models can be obtained. The influence of sensor dynamics on the models or

their compensation may also be of interest. Model validation checks if the obtained

models describe the real behavior of the engine, using e.g. performance criteria for

the already measured or additional validation data. In the latter case, the input sig-

nals which were not used for the identification may be applied to a simulation with

the identified models (generalization). If no extra generalization measurements are

made, special resampling of data may be used. Finally, the determined engine models

are used for applications, such as for the design of the engine, the design of control

functions or diagnosis procedures.

Figure 3.4.3 presents a survey on measurement and identification methods for

combustion engines on test benches. They can be divided in stationary, quasi-

stationary and dynamic (transient) measurement. Different manipulation principles,

model types and identification methods can then be selected resulting in the required

mathematical engine models.

In the following, the steps for experimental modeling are described for the sta-
tionary behavior according to Fig. 3.4.2, taking into account the identification meth-

ods of Sect. 3.1. Sect. 3.5 then treats the experimental modeling for the dynamic
behavior.

3.4.2 Measurement of the operation boundaries

Before systematic measurements are performed, the boundaries of the operation

space (design space) for the manipulated variables have to be determined to avoid

damage to the engine. The boundaries of several engine variables like peak press-

ure, emission concentrations, minimal and maximal speed etc. are usually known in
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advance, see Fig. 3.4.4. For the measurements, however, the boundaries of the cor-

responding manipulated variables like injection mass, ignition angle, EGR rate, etc.

as indicated in Fig. 3.4.4, have to be determined by experimental search. One pos-

sibility is to start in the center of the operation space and to determine the various

boundaries by changing the inputs stepwise in a star-like pattern, see Fig. 3.4.5a),

Gschweitl et al (2001). However, with increasing manipulated variables this takes a

long time. Another possibility is to use adaptive step sizes by predicting the bound-

aries with a polynomial of second order, Renninger (2004). After measurements in

some few directions, the edges of the convex hull are connected and for the iterative

measurements with adaptive step size they are made orthogonal to these connecting

lines, see Figs. 3.4.5b) and 3.4.6. Thus, measurement time is saved.

After the determination of the operating boundaries the admissible input values

and their combinations have to be determined for experimental modeling. The re-

sulting candidate set should include as many input combinations as possible. A first

possibility is a grid-wise selection within the boundaries, see Fig. 3.4.7a). However,

depending on the form and dimension of the variation space only a few points may

lie within the boundaries. This can be improved by a finer screening. But this leads

to a strong increase of measurement points. An alternative is a spherical screen-

ing with n-dimensional polar coordinates, Amann and Escher (2008). Using vary-

ing radii an adaptive spherical screening can be realized, Schreiber and Isermann

(2007), Schreiber and Isermann (2009). With the aid of discrete radii, candidate sets

according to Fig. 3.4.7b) result, leading to a better coverage of the operation space.

The adaptation to the boundaries may be based on the calculated volume, which

decreases if points lie outside of the boundary.

diesel
engine

pa Ta neng,d

neng,min

neng,max

pcyl,max

cNOx,max

cCO,max

T3,max

minj

�inj

p rail

uegr

u t

Tc

Fig. 3.4.4. Determination of the operation boundaries: limited output variables and corre-

sponding manipulated variables (inputs) to be determined by search procedures.
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3.4.3 Design of experiments with polynomial models

The classical way to determine the stationary behavior of engines is to apply grid

measurement procedures. This means that one manipulated variable is changed step-

wise with discrete values whereas the other variables are kept constant. Figure 3.4.8a)

shows this for two variables to obtain a look-up table for one output. If n is the num-

ber of measurement points per variable and j the number of manipulated variables,

then the resulting number of measurements becomes

N = nj . (3.4.1)

This means with n = 4 and j = 3 variables N = 64 measurements and for j = 8
variables N = 65536 measurements have to be made. Assuming a settling time of

2min for passenger car engines this requires a measurement time of about 2 hours,

which is acceptable, and 2184 hours or 91 days, which is no longer acceptable, see

also Fig. 3.4.8b).
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Fig. 3.4.8. Grid measurement for stationary behavior. a look-up table (map) y = f (u1, u2).
b number of measurements in dependence on discrete measurement points for each variable

n and number of variables j.

To shorten the measurement time for stationary procedures the number of mea-

surements should be as small as possible without losing too much information com-

pared to grid measurement. This can be reached by selecting those measurements out

of a candidate set which contribute most to the precision of an overall model, tak-

ing into account measurement disturbances. Statistical approaches of the so-called

“Design of Experiments” (DoE) try to solve this task. In general, polynomials of

type

y = c0 + c1u1 + c2u2 + c11u
2
1 + c22u

2
2 + c12u1u2 + . . . (3.4.2)

are assumed. The goal is to determine the parameters c0, c1, c2, . . . with as few mea-

surement points as possible, Kleppmann (2003), Montgomery (2005). Classical de-
signs place the measurement points in the input space according to fixed schemes,

where the input space is often a hyper-cuboid. Figure 3.4.9 depicts some examples.
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Full factorial designs place the measurements at the edges of a cube, central com-

posite design add star points and a central point to the full factorial design.

cube star

cube + star 2 x cube + star

2 x cube + star = 3j

Fig. 3.4.9. Central composite design.

Optimal designs use optimization methods to determine the measurement points.

Here the design space as well as the number of points is free. The least squares

parameter estimation (LS) is now applied to (3.4.2), compare (3.1.11). Using a pa-

rameter vector

θθθT =
[
c0 c1 c2 c11 c22 c12

]
(3.4.3)

the input data matrix

U =

⎡⎢⎢⎢⎣
1 u1(1) u2(1) u2

1(1) u2
2(1) u1(1)u2(1)

1 u1(2) u2(2) u2
1(2) u2

2(2) u1(2)u2(2)
...

...
...

1 u1(N) u2(N) u2
1(N) u2

2(N) u1(N)u2(N)

⎤⎥⎥⎥⎦ (3.4.4)

and the output vector

yT =
[
y(1) y(2) . . . y(N)

]
(3.4.5)

for N measurements of the inputs and outputs lead to the model

y = Uθθθ (3.4.6)

and the LS-solution

θ̂θθ =
[
UTU

]−1

UTy. (3.4.7)

The covariance matrix of the parameter estimates is

cov(θθθ) = σ2
[
UTU

]−1

(3.4.8)
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where σ2 is the variance of measurement noise of the output y. The covariances

therefore depend on the noise which usually can be determined and the selection

of the regressors in U. A D-optimal design now minimizes the determinant of the

covariance matrix

det
[
UTU

]−1

→ min

or maximizes

det
[
UTU

]
→ max (3.4.9)

by selection of the measurement points, Mitchell (2000), Montgomery (2005). The

maximization of the determinant is performed by a trial and error procedure, see e.g.

Poland (2002) and Kötter (2007).

Figure 3.4.10 presents the results of optimal designs determined with the DET-

MAX algorithm from Mitchell (2000). It shows that the selection of the points de-

pends on the assumed model and that the points are located in the outer regions of

the design space. The selection of the regressors can be made by successively adding

new regressors from a basic small set, and using a performance criterion, see e.g.

Myers (1990), Kötter (2007).

The DoE method is a well-proven method for engine modeling and gives good

results as long as the polynomials are able to approximate the behavior well. How-

ever, problems arise if the corresponding static maps are uneven and for large input

spaces. The extrapolation behavior is also not good.

3.4.4 Reduced grid measurement

To obtain more measurements in the inner parts of the input space, methods of space-
filling designs can be used. They try to cover the measurement space more equally.

One method is the latin hyper-cube sampling, where the distances for a given number

of measurement points are maximized, Santner et al (2003). However, because of the

resulting random distribution this method is not recommended.

It is much simpler to generate reduced grid points, for example, five equally

distributed points in a direction of stronger nonlinear behavior and four points in

the direction of less nonlinear behavior. However, depending on the boundaries for

grids with large grid intervals not considered areas may result. Therefore, a spherical

screening, as shown in Fig. 3.4.7b), is a better alternative, Schreiber et al (2007).

A selection with regard to the operation point determined by torque and speed is

frequently made based on the considered driving cycle as, e.g. FTP75 and NEDC for

cars and light commercial vehicles. For trucks the measurement points for load and

speed are already prescribed, see Fig. 3.4.11. Then the free manipulated variables

have to be designed by other corresponding designs.

For the static measurement, the stationary behavior has to be always reached,

e.g. by waiting for a steady-state which takes about two to three minutes. Usually a

sequence follows in the direction of one grid line. However, to reach faster steady-

states it is recommended to hold the load point (Mi, nj) as long as possible and to

change all manipulated variables first which may have a smaller thermal settling time

as load changes.
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3.4.5 Neural net models for the static behavior

The neural networks (NN) described in Sect. 3.1.3 can be applied for modeling the

stationary engine behavior, as for example multilayer perceptrons networks or radial

basis function networks, see e.g. Kruse et al (2010), Kruse et al (2012). They also

need an appropriate selection of the measurement points.

As local linear networks (LOLIMOT) are more transparent and easier to apply,

e.g. for designing local linear control algorithms, this type of net models is consid-

ered in more detail. The distribution of the measurement points on the input space al-

ways needs some a priori information, which can be based on previous measurements

or on a similar engine. Based on these data the structure of the net model is gener-

ated. In the case of LOLIMOT one then obtains the local linear areas automatically,

as shown in Fig. 3.4.12. The regions with strong nonlinear behavior then are approx-

imated with a larger number of local models. In order to obtain enough measurement

points for each local area, a central composite design can then be used in each local
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model and the resulting measurement points are combined to one global design, see

Fig. 3.4.12, Weber et al (2005), Zimmerschied et al (2005). Some of the points may

be beyond the operation boundaries and have to be moved inside the allowable op-

eration area. Compared to classical grid-based measurement, a considerable saving

of measurement points can be reached, e.g. a reduction of the measurement time to

8 %, Martini et al (2003).

The design of the measurement points is made for each single output, if multi-

input single-output (MISO) models are considered. For an overall experiment design

then several measurements are put together and points with narrow distance can then

be integrated to unique points, Hafner et al (2000a).
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Fig. 3.4.12. Partitioning of the input space with LOLIMOT and central composite design. a
LOLIMOT partitioning. b composite-designed measurement points.

3.4.6 Quasi-stationary ramp measurement (sweep mapping)

The classical way to measure the stationary or steady-state behavior of engines is

to change the input variables stepwise one after another and to take some measure-

ments of the outputs for averaging if a new steady-state is reached as described in

Sect. 3.4.1. This needs about 2-3 min for passenger car engines and 4-6 minutes

for truck engines for each stationary state. During the transient behavior, usually no

measurements are taken, see Fig. 3.4.13a). The lagged behavior stems from the me-

chanical, fluidic and thermal dynamics of the engine and from the dynamics of the

measurement equipment, compare Fig. 3.4.13b).

In order to save measurement time, the input variable can be changed slowly

and continuously according to a ramp function so that the outputs follow with a little

delay, Fehl (1992), Ward et al (2002), Schwarte et al (2004). For a first order dynamic

system with differential equation

T1ẏ(t) + y(t) = Ku(t) (3.4.10)

and a ramp input with time behavior
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u(t) = βt (3.4.11)

the output becomes

y(t) = Kβt−KβT1

(
1− e−

t
T1

)
(3.4.12)

compare Fig. 3.4.14, and the delay of the output caused by the time constant T1

yields, compared to a proportional acting process with T1 = 0

Δy(t) = y(t)−Kβt = −Kβ T1

(
1− e−

t
T1

)
and

Δy(∞) = lim
t→∞Δy(t) = −Kβ T1. (3.4.13)

Hence, the resulting offset of the output is for t → ∞ proportional to the ramp speed

β = du/dt, the gain K (slope of characteristic) and the time constant T1. If the ramp

speed β is sufficiently small, the offset can be neglected. However, measurement time

is saved if β is larger. If the offset then cannot be neglected, it can be compensated

by a reverse measurement or by dynamic correction.

a) Offset compensation by reverse measurement

The offset due to the dynamic delay can be compensated approximately with an iden-

tical but reversed (decreasing) ramp which is symmetric to the first, increasing ramp,

see Fig. 3.4.15a), Schwarte et al (2004). The nonlinear stationary behavior is then

obtained by taking the mean value of the ascending and the mirrored descending

slope, Fig. 3.4.15b). With two input variables, one input may be changed rampwise

and the other remains constant, and then vice versa. As depicted in Fig. 3.4.16a) the

inputs result in meandering sequential changes through the operation space. After

reaching the starting point again, the meandering pattern is followed in the reverse

direction compare Fig. 3.4.16b) and mean values of the forward and backward mea-

surements are taken and then processed by e.g. a neural net, Schwarte et al (2004).
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Fig. 3.4.14. Resulting offset of the output for measurement with an input ramp function and

first order dynamics with time constant T1.

This quasi-stationary measurement was applied for modeling the fuel consumption,

NOx and opacity for the inputs begin of injection and air mass. Measurements for

20 operating points (Mi, nj) showed that 27 min were required for each operating

point. A grid measurement would have allowed only 12 measurement points (e.g.

4× 3) in the same time, with certainly less information content.

An alternative procedure is to simultaneously change several inputs rampwise, as

shown in Fig. 3.4.17. Different ramp slopes are applied to scan the operation space

in form of a zig-zag. If, for example, the measurement consists of a ramp time for u1

with 10 s, for u2 with 120 s and for u3 with 360 s, the complete three-dimensional

operation space is at least roughly covered. The back measurement then runs from

360 s to 720 s in the reverse direction.

However, for more than three inputs one ramp function becomes very slow, such

that compared to grid measurements no measurement time is saved. This means that

this quasi-stationary measurement-procedure with simultaneous ramp changes of in-

puts can be applied for one, two or three inputs.

b) Offset compensation by dynamic correction

If the time constant T for an assumed first order process can be identified, the output

lag may be compensated by filtering the output with an approximation of the inverse

of (3.4.10)

GF (s) =
ycorr(s)

y(s)
=

1 + T1s

1 + T2s
(3.4.14)

where T2 is a small time constant to cope with the realizability. An alternative is to

shift the output

ycorr(t) = y(t+Δt) (3.4.15)

with

Δt = T1,

see Fig. 3.4.14. However, frequently y (u1, u2, . . . ) are nonlinear functions with

operation-point-dependent K and T . Then, the offset compensation by reverse mea-

surement may be simpler to apply.
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c) Slow dynamic ramps with neglect of an offset

If the gradient of the ramp is relatively small compared to the process dynamics, an

offset of the output variable becomes small and can be neglected, especially if the

offset is in the range of process and measurement disturbances. This was applied

by Böhme (2013), Böhme et al (2009), to two 6 cyl, 3.8 l, gasoline engines for the

cylinder air charge determination by changing the throttle with a ramp time of 98 s,
compare Fig. 3.4.18. Measurements for the full range of operating points took 3.5 h
instead of 18 h with conventional grid measurement, thus saving about 80% of test

bench occupation.
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The slow dynamic ramp method was then applied for torque optimization by

ignition angle variations (so-called sweeps). The determination of the torque model

is of special importance for controlling the torque with the ECU, e.g. by fast changing

the ignition angle, see Sect. 7.1. Therefore the so-called ignition angle efficiency

curve has to be calibrated, which can be approximated by a 6th order polynomial

ηign = f (ϕign,opt − ϕign), Böhme (2013).

The limitation for the speed of the ignition angle changes was in this case given

by the speed control for the test bench dynamometer. For example, an ignition angle

speed of 4◦/s the brake torque lags the engine torque, leading to offsets. However,

with 1◦/s good results could be obtained.

An automated measurement procedure including monitoring of knocking to de-

tect limits for early ignition, of exhaust gas temperature and HC emissions for late

ignition was realized to apply the quasi-stationary measurement towards late igni-

tion. Without loss in the quality of the results the test bench time for the full range of

required operating ranges took 48 h instead of 240 h for the conventional stationary

grid measurement. Here too, a saving of 80 % of test bed occupation was reached.

Leithgöb et al (2005) applied the determination of the air charge with slow ramp

functions to a gasoline engine with variable valve train, saving about 50 % of test

bench time. Büchel and Thomas (2009) report of about 85 % time saving for the

determination of the torque model.

3.5 Dynamic identification procedures on test benches

In addition to the classical way of measuring and modeling the stationary behavior

of engines, modeling of the dynamic behavior is of increasing interest. The reasons

are, for example, to optimize the driveability for load changes and to reduce emis-

sions with regard to driving cycles. About 50 % of the emissions in the NEDC or

FTP75 driving cycles result from acceleration states. The influences from the non-

stationary operation states on fuel consumption and emissions are mainly caused by

mass, energy and momentum storage in the engine which lead to certain dynamic

effects. The delays of the air system, the turbocharger, the heat transfer and emission

aftertreatment are well known. These delays may lead to undershoots or overshoots

in connection with dynamic control compared to the stationary variables.

Dynamic measurement procedures can be divided into local and global meth-

ods. In the case of local measurements the operating point of the engine, defined by

the torque Mi and speed nj , is kept constant and other control inputs like ignition

time, injection time, common rail pressure, turbocharger control position, camshaft

position, etc. are varied with special exciting test signals. This means that differ-

ent dynamic models are generated for each operating point. When applying global
measurements the operating point variables torque Mi and speed nj are also manip-

ulated with test signals by changing the injected fuel mass and the setpoint of the

dynamometer speed controller, see Sect. 3.3 and Sect. 8.9 for an application. These

global models are, for example, required for the optimization of control functions

with regard to dynamic drive cycles and the real driving behavior of vehicles.
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In the following, the experimental modeling is described taking into account the

basic identification methods summarized in Sect. 3.2. It is based on Schreiber and

Isermann (2009), Schreiber (2010) and Kowalczyk (2013). Some requirements on

the resulting dynamic identification procedure are that they are compatible with sta-

tionary measurements, that the resulting models are suitable for the design of feed-

forward and feedback control, that they rely on proven algorithms and tools and are

suitable for usually applied workflows.

3.5.1 Test signals and nonlinear dynamic models

a) Test signals for test benches

Some frequently used test signals for the dynamic excitation of processes are shown

in Table 3.2.1. Non-periodic signals are for example step functions and pulses and

periodic signals are sinusoidal functions with different frequencies to determine fre-

quency responses. Stochastic binary signals are better replaced by pseudo random bi-

nary signals (PRBS), which are then deterministic and periodic, because of their pre-

cisely known signal parameters (e.g. ACF). Nonlinear processes require test signals

with varying amplitudes. This leads to multiple step signals or amplitude modulated

(APRBS). A detailed treatment of test signals is given in Isermann and Münchhof

(2011).

For combustion engines on test benches mainly step or ramp functions, PRBS
or APRBS are suited, see Fig. 3.5.1. However, as a Fourier analysis shows, step and

ramp functions excite mainly the lower frequencies of process dynamics. However,

PRBS may excite a wider frequency spectrum. PRBS are originally generated by

shift registers with two feedbacks and are therefore periodic, see Fig. 3.5.2. If the

(programmed) shift register has four stages, the period is TN = 15λ with λ the

clocktime or smallest pulse width, see Isermann (1992) and Isermann and Münchhof

(2011). Several PRBS can be applied simultaneously to all inputs and parameter

estimation methods and allow then the identification of all paths of a MISO process.

Sinusoidal signals may also be used. However, together with the evaluation of

frequency responses they basically require the assumption of linear processes and

allow the estimation of only two parameters per frequency. However, using discrete

frequencies one after another requires too long a measurement time. Therefore, the

frequency can be changed continuously, leading to a sweep sine test signal or chirp

signal, see e.g. Isermann and Münchhof (2011).

In order to excite the stationary as well as the dynamic engine behavior in a short

time Fig. 3.5.1d) depicts a special deterministic short time binary signal (DSBS)
which consists of some few rectangular pulses. It begins at a stationary point k = 0
and ends at a next stationary point k = 9. The length of the first rectangular pulse is

λmin = μT0 (with μ = 1, 2, 3) according to the rules of selecting the clock-time λ of

a PRBS. The second pulse length of 3λmin, followed by a third pulse length λmax. If

for example,

λmax = 4λmin =
4

3
T95 (3.5.1)
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is chosen and T95 is the 95 % settling time of a step response, a next stationary point

is reached approximately. The total length of a DSBS then becomes

TDSBS = (1 + 3 + 4)λmin = 8λmin. (3.5.2)

Therefore, it can also be called a 1-3-4 test signal. By sequencing this test signal

from one stationary point to another, the selected stationary operating points are mea-

sured and the medium and lower frequencies are excited in between, see Kowalczyk

(2014).

The measurement of the combustion engine dynamics includes the sensor dy-

namics. Therefore fast sensors are required which usually holds in the case of flow,

pressure, λ and NOx sensors. However, for temperatures or some emissions as out-

puts the sensor dynamics have to be extracted from the identified models, if the

real engine outputs are of interest, see Sects. 3.5.3 and 8.8.1. Gas analytic emission

measurement devices with large dead times and large time constants are usually not

suitable for dynamic identification.
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b) Type of models for engine identification

In the case of local models, a first choice for the identification of the dynamic behav-

ior of combustion engines is to use linear models, represented by linear differential

equations or with sampled data as linear difference equations

y(k) + a1y(k − 1) + . . .+ amy(k −m)

= b0u(k − d) + b1u(k − 1− d) + . . .+ bmu(k −m− d)
(3.5.3)

where k = t/T0 is the discrete time, T0 the sampling time and d = Tt/T0 the discrete

dead time. This type of parametric dynamic model is especially suited for parame-

ter estimation methods. However, in many cases the engine behavior is nonlinear. As

shown in Sect. 3.2.3 a first class of special nonlinear models follows from a direct ex-

tension of linear difference equations to Volterra series. With finite order they can be

considered as parametric models, see (3.2.48). Through specialization simpler types

follow, as the Hammerstein model (3.2.49), a series connection of a static polynomial

nonlinearity and a linear difference equation or the Wiener model where the linear

difference equation is followed by a static nonlinearity. One of the problems of the

Volterra models is the selection of the order, the number of time shifts, resulting in

combinational complexity and lacking physical interpretation. Hammerstein models

may be applicable for special cases, see Sect. 3.5.4.

The second class of nonlinear models for identification are general model struc-

tures in form of neural networks. They are described in Sects. 3.1.3 and 3.2.3. Espe-

cially the multilayer perceptions (MLP) and the radial basis functions (RBS) allow

a good approximation of nonlinear behavior. However, their structures can get com-

plex with many adjustable parameters. In general, they do not allow a transparent

interpretation of the parameters and are not close to the structure of theoretical or

physical-based models.

An alternative is the identification with local linear models, which vary their

parameters with the operating point or with the amplitudes of input signals, see

Sect. 3.1.3 and 3.2.3. One representative is LOLIMOT, see Sect. 3.1.3e). For the

resulting local linear models well-proven parameter estimation methods can be ap-

plied. They also allow a direct physical interpretation and the design of local linear

controllers. Hence, this model type is based on a normal control engineering know-

how and thus eases handling. Therefore, it is especially suitable for the identification
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of combustion engines. An extension with local nonlinear polynomials is LOPO-

MOT, see Sect. 3.1.3f).

3.5.2 Dynamic test plans

The design of dynamic test plans is much more involved than for static test plans,

described in Sect. 3.4. It requires:

• selection of candidate sets

• selection of amplitudes

• sequence of measurements

• generation of dynamic test signals

• combined dynamic measurement plans.

The selection of the candidate sets within the given measurement boundaries can

also be made for dynamic measurements as described in Sect. 3.4.4. Here too, a

spherical screening allows the selection of more candidates if a reduced number of

measurement points is envisaged.
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Fig. 3.5.3. Determination of the sequence of measurement points (point-to-point jumps) within

the determined D-optimal measurements. a average point-to-point distance sorting. b small

temperature change sorting.

Based on the selected candidate points the dynamic test signal amplitudes have

to be determined. If step functions or PRBS are used as test signals, the amplitudes

result by jumping from one measurement point to another. In order to reduce the

number of jumps, a D-optimal design selection within the boundaries can be made

as described in Sect. 3.4.3 for stationary measurement. This means that by maxi-

mization of the determinant of the covariance matrix for the parameter estimation of

a stationary polynomial model a certain number of measurement points are obtained.
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Then the sequence for the manipulation of the engine input variables has to be

determined. This implies that a sorting order has to be found. Criteria for this sorting

are e.g.:

• minimal or maximal point-to-point distance

• average point-to-point distance

• small temperature changes first.

Experiments have shown that for local modeling the average point-to-point distance

should be preferred, Fig. 3.5.3a), based on the distance calculation of two candidate

points I and II

ΔuI,II =
√

(u1,II − u1,I)2 + (u2,II − u2,I)2. (3.5.4)

For global modeling a sorting with regard to small temperature changes first are rec-

ommended, because of the smaller settling times and therefore time saving, Schreiber

and Isermann (2009), see Fig. 3.5.3b). Having determined the jumping order, se-

quences of step functions or PRBS can be generated, thus forming the exciting test

signals as shown in Fig. 3.5.1. For nonlinear processes the amplitudes of a PRBS

must have not only two but several values. This results in amplitude modulated

APRBS. By using step functions as inputs one obtains transient functions for each

output. If enough settling time is provided, the stationary behavior follows from the

steady state and the dynamic behavior from the transient course. However, step func-

tions excite only the low frequencies. PRBS have a broader frequency spectrum and

also excite medium and higher frequencies more strongly.

A final dynamic test plan (or static test plan) now follows from combining the

selected operating points, the identification model and static or dynamic test signals.

Table 3.5.1 shows symbols for describing the kind of combinations and Table 3.5.2

shows some suitable combinations.

Table 3.5.1. Abbreviation symbols for combining engine identification methods (examples)

Measurement point selection Identification model Test signal for dynamic excitation

G Reduced Grid P Polynomial S Step

D Design of experiments V Volterra series R Ramp

E ECU controller outputs H Hammerstein model P PRBS

L LOLIMOT structure N Net model (general) A APRBS

S Space filling L LOLIMOT

P LOPOMOT

Examples: GPS: Grid measurement, polynomial models and stepwise input variations

LLA: LOLIMOT structure, LOLIMOT model and APRBS

If several input signals are changed simultaneously to obtain a MISO model

y = f (u1, u2, . . . ), the goal is to obtain models for each signal path y = f (u1),
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Table 3.5.2. Selection of suitable combinations for dynamic engine identification (examples)

Testsignal Design of experiments ECU controller outputs LOLIMOT structure

D E L

Steps: S DNS / DHS — LLS

Ramps: R DNR / DHR — LLR

APRBS: A DLA ELA LLA

y = f (u2), . . . . However, each input signal is a disturbing signal for the identifica-

tion of the neighbored channels. This means for example that u2 disturbs the iden-

tification of y = f (u1) and u1 the identification of y = f (u2). These disturbing

effects can be eliminated if input signals are used which are uncorrelated. Therefore,

special test signals on the basis of a PRBS were designed for the identification of

multivariable processes as described in Isermann (1992), Isermann and Münchhof

(2011) and Blessing (1979). The test signals result by using a Hadamard matrix and

then become multi-valued signals, except the basic PRBS.

Now some examples of test-signal generation for dynamic identification are con-

sidered.

D-optimal amplitudes and step functions (DS)
For the case of a D-optimal selection of measurement points within the measurement

boundaries and two kind of sorting orders, Fig. 3.5.3 shows how test signals with step

functions are generated.

LOLIMOT structure and step functions (LLS)
Figure 3.5.4 shows the stationary characteristic of a turbocharger and the resulting

local linear areas of a LOLIMOT structure. The measurement points within the local

linear areas correspond to a value of 90 % of the validity functions, (3.1.26). Within

each local area four step function jumps are generated from one point to another, re-

sulting in a step function sequence as depicted in Fig. 3.5.5. Here, only one variable

after another is changed so that corresponding transient functions can be observed

and evaluated, Weber et al (2005).

LOLIMOT structure and APRBS (LLA)
The LOLIMOT structure is used to define maximal amplitudes within each local lin-

ear area and is used to generate a PRBS. This is then amplitude-modulated to an

APRBS, see Fig. 3.5.6. The two APRBS have one PRBS sequence as a basis, ac-

cording to Fig. 3.5.2.

APRBS superposition on ECU controller outputs (ELA)
If a stationary calibrated ECU already exists, a dynamic test signal can be superim-

posed on the manipulated variables to obtain dynamic models. Figure 3.5.7 shows

an example for the superposition of an APRBS for a diesel engine, Hafner (2002).
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Fig. 3.5.4. a Stationary characteristic of the charging pressure of a turbocharger. b LOLIMOT

structure with local linear areas.

3.5.3 Influence of sensor dynamics

The identified models of combustion engines on test benches include the dynamic

behavior of the used sensors or measurement equipment. Their dynamic behavior is

included in the identified model. If the sensor dynamics are fast, for example, as for

λ-, NOx, airflow- and pressure sensors with time constants in the range of some few

to about 100ms, the resulting delay can mostly be neglected or has to be included

for control applications. However, temperature sensors may dominate the overall

dynamic behavior. The time constant of a rigid temperature sensor is, see Sect. 4.6.5,

TTS =
dSρScS
4αfw

(3.5.5)
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Fig. 3.5.5. Generated step function sequences for speed and injection quantity based on a

LOLIMOT structure with charging pressure p2 as output (method LLS).

where dS is the diameter, ρS the density and cS the specific heat. It is inversely

proportional to the heat flow coefficient αfw, which depends on the fluid speed as

αfw ∼ wm m = 0.6 . . . 0.8. (3.5.6)

Therefore, the time constant becomes larger for low fluid velocities. It ranges within

0.5 < TTS < 10 s. The influence of temperature sensor dynamics can be approx-

imately compensated by filtering the signals with a lead-lag element like G(s) =
(1 + TTSs)/(1 + T1s) or with two sensors and applying a Kalman filter, Zimmer-

schied and Isermann (2009).

The largest influences on the the dynamic models have the gas-analytic measure-

ment devices for the emissions HC, CO, NOx. They usually have delay times of more

than 500ms and the flexible tube connections lead to dead times up to about 10 s, see

Sect. 8.9.1d). As the engine dynamics then cannot be determined anymore, the iden-

tification of dynamic models for emissions need sensors with fast dynamics which

are mounted close to the engine, as is the case for λ, NOx and opacity measurement.

3.5.4 Extract of stationary from dynamic models

In order to save the settling time of 2 . . . 5min after input variable changes, the en-

gine can be measured with dynamic test signals and the stationary behavior can be

extracted as a special case, e.g. by simulation of the dynamic models for k → ∞.

Another possibility is the measurement with fast-following step functions without

waiting for larger settling periods. An example is shown in Fig. 3.5.8. The step func-

tions were applied in intervals of 5−−10 s for each one input. The stationary behav-

ior followed from LOLIMOT models of first and second order for large time k → ∞.

A comparison with direct stationary grid measurement gave deviations of 1 to 5 %.
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Fig. 3.5.6. Generation of APRBS test signals based on a LOLIMOT structure.

A further possibility is the use of Hammerstein models, consisting of the nonlin-

ear polynomial

x = r0 + r1u+ r1u
2 (3.5.7)

and a dynamic model

y(k) = −a1y(k − 1) + b′0 + b′1x(k − 1) (3.5.8)

resulting in a nonlinear dynamic model

y(k) = −a1y(k − 1) + b0 + b11u(k − 1) + b12u
2(k − 1). (3.5.9)

After parameter estimation, the parameters ri of the static model can be determined

directly. The applied method was DHS with a holding time of 6 s for the step func-

tions. Slow emission sensors were used and 85 stationary DoE measurement points
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Fig. 3.5.7. Superimposed APRBS on the control outputs (“standard”) of the engine ECU.

for one speed were taken, see Fig. 3.5.3. Dynamic as well as static models have

shown good validation results. In comparison to stationary DoE measurements, the

required measurement time was reduced from 260min to 67min, i.e. to 26 %.

3.6 Combined online identification procedures on test benches

The steps for conventional engine measurements and modeling are shown in Fig. 3.4.2.

The procedure is performed in individual steps and with an alternation between

preparations and analysis at the office and measurement at the test bench. This usu-

ally results in repetitions and includes returns, e.g. the return to the design of ex-

periments after model analysis if too few design points in the relevant range have

been measured or the repetition of the measurement after the raw data analysis if

the settling time until steady-state was chosen too short. All these repetitions require

additional test bench time.

A significant improvement regarding the resulting measurement time, analysis

effort and quality of the models can be achieved with an online measurement and

modeling procedure, Kowalczyk (2013). Thereby the engine and the modeling com-

puter are coupled online. The online procedure operates such that the results of the

preceding step are used for the design of the next step. For example, model attributes,

such as the coefficient of determination R2 or parameter variances, are used to gen-

erate new designs with excitation signal amplitudes in relevant areas. This can be

achieved if all necessary inputs (e.g. a priori knowledge, identification method, anal-

ysis method) are defined before the actual measurement starts. The online procedure

is characterized by the use of an automatic iterative approach, reduced user interven-

tions during the measurement and modeling process, a fast and automatic variation
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Fig. 3.5.8. Sequential step-function variations and measurement of transient functions to ob-

tain the steady-state behavior (Identification method: GLS). Diesel engine (81 kW, EGR,

VGT, VP37), T0 = 100ms, torque controlled operation, Meng = 90Nm, neng = 3000 rpm,

Schüler (2001).
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space determination as well as direct data processing, model identification and vali-

dation at the test bench.

3.6.1 Online iterative measurement and modeling procedure

The high degree of test-bench automation requires a safe communication of all sys-

tems involved and a monitoring of the operational limits. An example for a test bench

setup which is suitable for online real-time methods is shown in Fig. 3.6.1.

The online approach requires a real-time computer for online data processing and

test signal generation, i.e. an online closed loop coupled process computer. Design

of Experiments tools are used for the online processing (generation of designs, data

evaluation) and test bed automation tools handle the measurement process.

The combination of DoE and test bed automation tools into one methodology

enables an automatic actuation, data sampling and analysis during the process oper-

ation without user interventions, see Fig. 3.6.2. During the evaluation and processing

of one measurement interval, a further measurement interval is already performed.

Furthermore the measurement with real-time hardware enables the system to inter-

rupt (e.g. to stop if a limit violation occurs), and adapt (e.g. a controlled limit app-

roach, Kowalczyk (2013)) the ongoing measurement, without stopping the whole

measurement procedure and without user inputs. Through the combination of the

two systems a parallelization of the measurement process and the modeling can be

achieved as shown in Fig. 3.6.2 beginning with the 2nd iteration.

With the help of the parallelization, the conversion and analysis of the data of

the previous measurement interval as well as model identification and analysis can

be performed during the actual running measurement. This makes an evaluation af-

terwards in the office (as in the classical approach) unnecessary, saving the time

needed for it. A further advantage of the resulting batch processing is the ability to

use not only one, but several of the already developed offline analysis and identifica-

tion methods.

3.6.2 Target-oriented design adaptation based on model quality

The number of required measurement points depends mainly on the kind of mod-

eling (local or global) and the degree of nonlinearity, for the identification method

(e.g. neural net or polynomial), and measurements repetitions. First, the online iden-

tification of stationary models is considered. The method for target-oriented design

adaptation aims at reducing the number of needed measurement points for the over-

all modeling process, which means fewer measurements. It is based on the structure

adaptation algorithm of local-linear model trees, see Sect. 3.1.3. After splitting the

space of measured data in all dimensions, local range models are identified with the

corresponding measured data and a model quality measure (e.g. coefficient of deter-

mination R2) in each resulting orthogonal subspace. An example is Fig. 3.6.3 for the

two input variables u1 = segr and u2 = svgt. Within the actuator manipulation range

for the local model of lowest quality Jadapt,min, new measurement points are added

(see Fig. 3.6.3 right). This may be repeated iteratively.
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Fig. 3.6.1. Test-bench setup and signal flow as required for online real-time methods.

This procedure results in a systematic improvement of the model quality in the

areas where most can be gained. The advantage in comparison to classic design gen-

eration methods is that ongoing measurement results are used online for the design

point placement. Therefore, a target-oriented design adaptation is possible and new

measurement points are applied only as necessary for achieving a desired model

quality, reducing the amount of measured data and measurement time. The online

method can be applied for the identification of stationary or dynamic models.

3.7 Model analysis and validation

After the determination or calculation of a mathematical model based on measured

data with an identification method it has to be checked whether the model complies

with the recorded input and output data of the real process. The first step consists of a

model analysis which is frequently part of the identification and estimation method.

For the parameter estimation methods, performance measures such as the sum of

least squares of equation errors or output errors are directly used as part of the iden-

tification process and they are also used to select the model order and dead time. A
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Fig. 3.6.3. Design adaptation based on the model quality. New measurement points (crosses)

are placed in the range of the local model with the smallest quality criterion R2.

next step is then the model validation, which can be understood as an overall quality

assurance procedure of establishing evidence that the obtained model describes the

measured behavior of the real process, see also Ljung (1999). This usually involves

the fulfillment of a fitness measure or performance criterion for curve fitting and may

include tests which show the model quality with regard to accuracy, repeatability and

linearity. The validation procedure can be based on the available recorded data (sin-

gle sample analysis) or additional recorded data (extra sample analysis), also called

generalization data.

A similar procedure is called verification. This is understood as a quality control

procedure to evaluate if the result complies with specifications imposed at the be-

ginning of a development phase. Hence, it is more oriented to products. For general

definitions and literature see, e.g. Verification and validation (2012).

3.7.1 Analysis of steady-state measurement and models

The analysis of steady-state data and models consists of four steps: (a) analysis of

raw data using graphical tools, (b) application of analytical performance criteria, also

for model selection, (c) graphical inspection, (d) generalization, see Kötter (2007),

Kötter (2008).

a) Raw data analysis

Raw data analysis is applied before the model identification to check the signals

obtained graphically by inspection for conformity. Thus, e.g. outliers can be detected

and removed and drift phenomena can be recognized.

b) Analytical performance criteria

To determine the model’s quality a first criterion is the sum of squared errors between

measured and predicted values, Montgomery (2005)
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SSE =

N∑
i=1

(yi − ŷi)
2
. (3.7.1)

Two more criteria are obtained if the deviation from the mean value of the measured

values ȳ is considered.

SSR =
N∑
i=1

(ŷi − ȳ)
2

(3.7.2)

SST =
N∑
i=1

(yi − ȳ)
2
= SSR+ SSE. (3.7.3)

SSR is the sum of squares of the regression, i.e. the squared difference between the

predicted values and the mean value of the measured values, which describes the

variability explained by the model. SST is the total variability or the sum of squares
total, i.e. the squared sum of the difference between the measured values and the

mean value.

c) Diagrams for model analysis

After the identification an interactive review of the resulting models is carried out.

The models are examined and possibly enhanced by iteratively changing the param-

eters of the identification method or the model and executing the identification again.

Besides performance criteria plots should be used for analyzing the models.

The measured vs. predicted plot (MPP), see Fig. 3.7.1, shows for each of the ob-

servations one point, with the observed value on the abscissa and the value predicted

by the model on the ordinate.

If a model explains the observed values completely and no measurement dis-

turbances occurred during measuring, the plotted points should be located on the

bisecting line. This line is usually plotted into the diagram. The distances of the

plotted points from the bisecting line are an indicator for the model’s quality. Points

located far away from the diagonal might be outliers. Especially a group of points

located away from the bisecting line indicates that the chosen model structure might

not be correct. The effect of disturbances can be examined by studying the deviation

from the repetition points in the measured vs. predicted plot.

d) Intersection plots for detailed analysis

The intersection plot (Fig. 3.7.2) is a possibility for the visualization of the depen-

dence between the input variables and one of the outputs. Therefore a certain point

(intersection point) in the input space has to be chosen.

Through this point and parallel to the axis of each input variable an intersection

plane is drawn. These intersection planes are displayed next to each other. Addi-

tional information – like prediction intervals – are often included in this diagram. In

Fig. 3.7.2 a two-dimensional example is shown. As only a part of the complete model
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Fig. 3.7.1. Measured vs. predicted plot (MPP) for steady-state model

can be visualized at a time, an interactive possibility to select a new intersection point

should be provided.

Crosshairs (coordinate axis) could be used to change the value of one variable

for instance. Afterwards the plot is refreshed for the selected intersection point with

the changed value. If there are only a few input variables (about 5-8) a transparent

visualization is still feasible. However, for higher dimensional manipulated variables

of combustion engines a complete visualization of the input space is not practicable,

as the amount of required intersection points grows exponentially with the number

of input variables (curse of dimensionality). Then analytical methods have to be app-

lied.

e) Criteria for overall model quality

Besides diagrams different analytical methods for the determination of the model’s

quality should be considered. It is useful to consult normalized performance criteria.

The coefficient of determination R2 is very suitable and widely used, Montgomery

(2005), Myers (1990).

R2 =
N∑
i=1

(ŷi − ȳ)
2
/

N∑
i=1

(yi − ȳ)
2
= SSR/SST

= 1−
N∑
i=1

(ŷi − yi)
2
/

N∑
i=1

(yi − ȳ)
2

(3.7.4)

y are the measured output values, ŷ the predicted values and ȳ is the average (mean)

of the measured outputs. A value of R2 = 1 indicates a very good agreement, i.e. a

good model. A value of zero concludes that there is no description of the real system

by the model at all. Consequently, the application of this criterion is straightforward.
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Fig. 3.7.2. Intersection plot for steady-state models

3.7.2 Analysis of dynamic measurements and models

The analysis for the identification of the dynamic behavior follows: raw data analy-
sis, model identification with model selection, and model analysis. However, in con-

trast to steady-state models much more data has to be processed, the dynamic model

order and dead time has to be selected and the dynamics of sensors and measurement

equipment has to be considered. Additionally, also the steady-state models extracted

from the dynamic measurements have to be validated. The following discussion ass-

umes as example linear dynamic models in form of difference equations like

y(k) = b1u1(k− 1)+ b2u1(k− 2) + . . .− a1y(k− 1)− a2y(k− 2)− . . . (3.7.5)
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where the model output y(k) at time k depends on the input and output signals at

time k − 1 and time k − 2 for instance.

The corresponding steady-state model is

y = K1u1 (3.7.6)

with

K1 =

m∑
i=1

bi

1 +

m∑
i=1

ai

. (3.7.7)

The structure of the dynamic models assumed is the so-called ARX structure (auto-

regressive with exogenous inputs).

Besides the identification of dynamic models the analysis of the models with the

continuous recordings of measurement data require new methods, as large data sets

need to be processed. This begins with the raw data analysis. Only some remarks are

given here. For details see e.g. Kötter (2008).

For raw data analysis the XT plot is usually applied, where the measured data

are graphically plotted over time. Then drift can be observed and outliers can be

detected.

The analysis of the identified model can be based on the output error

e(k) = y(k)− ŷ(k)− ŷ
(
Θ̂, k

)
(3.7.8)

where the measured outputs y(k), the model outputs ŷ
(
Θ̂, k

)
and its error e(k) are

shown in an XT plot.

Again, the coefficients of determination

R2 =

∑N
k=1 (ŷ(k)− y)

2∑N
k=1 (y(k)− y)

2
(3.7.9)

is a suitable criterion for an overall model quality.

If the dynamic measurements are presented in measured versus predicted plot

(MPP), the plotted points carry a time stamp. For perfect measurement and model

matching the points are on the bisection line. Model deviations according to (3.7.8)

show up as horizontal errors, and the effect of disturbances in vertical differences.

The points for steady-state measurements should be especially signed, e.g. by a∗ to

indicate the precision of the static behavior.

For more details and examples, see Kötter (2008).

3.8 Examples for engine identification

The application of some of the described methods are now demonstrated with mea-

surements on a dynamic test bench. The engine used is a common rail diesel engine

Opel Z19 DTH, 1.9 l, 4-cyl., 4 valves, 110 kW, 315 Nm, ε = 17.5.

3.7   Model Analysis and Validation 117



a) LOLIMOT structure and identification, step functions (LLS)

The a priori knowledge for the experiment shown in Fig. 3.8.1a) was obtained

through a static reduced grid measurement. Then, a static LOLIMOT was identified

and step functions for the five manipulated variables were applied over a measure-

ment time of 2.5 hrs.

The generalization in Fig. 3.8.1b) for NOx as example shows a relatively good

agreement with maximal differences of about 10 %.
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Fig. 3.8.1. Identification of a stationary NOx-model with five inputs. Structure: LOLIMOT,

Identification: LOLIMOT, Test signals: steps (LLS). a measured signals. b generalization re-

sult. Black: measured data, gray: simulated data, Schreiber (2010)
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b) LOLIMOT structure and identification, APRBS (LLA)

Measurements for the identification of a NOx model with simultaneous APRBS test

signals for five inputs are depicted in Fig. 3.8.2. The selection of the amplitude was

based on a basis PRBS.

The generalization results for the identification over about 45 min measurement

time shows maximal differences of about 10 % which is satisfactory for dynamic

exhaust gas components.

c) Local stationary torque model: Online (iterative) D-optimal operation
points, polynomial model, step signal excitation (online DPD)

A torque model is identified iteratively according to Sect. 3.6, with 16 D-optimal

design points per iteration. The manipulated variables are the position of the EGR

valve (0.6mm < segr < 6.3mm), the position of the VTG actuator (3.7mm <
svtg < 4.8mm) and the angle of main injection (−2 ◦CS < ϕmi < 8 ◦CS), all

within their allowed variation space.

The torque model is a stationary polynomial of third order, identified with the

model inputs air mass flow rate ṁair, boost pressure p2, inlet temperature T2, angle

of main injection ϕmi and rail pressure prail. Figure 3.8.3 depicts the stationary input

variables and the output variable, as well as the resulting model and the absolute error

of the torque model. The total measurement time was 24 min for nine iterations with

a total of 136 measured data points. The polynomial torque model obtained with an

automatic regressor selection is

M̂eng = w7p
3
2 + w9T

2
2 + w12ϕ

2
mi + w13ϕ

3
mi + w14prail + w18ṁairT2 + w24ϕmiT2

(3.8.1)

with the model parameters

w7 = 0.7013
Nm

bar3
, w9 = −6.6648

Nm

K2
, w12 = −0.8017

Nm
◦CS2

,

w13 = −0.349
Nm
◦CS3

, w14 = 4.1721
Nm

bar
, w18 = 4.7938

Nms

kgK

w24 = 0.3486
Nm

K◦CS
.

(3.8.2)

The resulting model quality of the stationary torque model after the iterative online

measurement procedure is R2 = 0.9699, Kowalczyk (2014).

d) Global dynamic boost pressure model: Online (iterative) D-optimal
operation points, LOLIMOT identification, APRBS excitation (online DLA)

A global charging pressure model is identified in two iterations with D-optimal de-

sign points. The manipulated variables are the position of the EGR valve (0.6mm <
segr < 6.3mm), the position of the VGT actuator (3.7mm < svtg < 4.8mm) and
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the operation point variables main injection quantity (10 mm3

cyc < qmi < 30 mm3

cyc ) and

engine speed (1500 rpm < neng < 3000 rpm). The iterative excitation is performed

with an APRBS with 2 s cycle time and eight stages, resulting in impulse lengths

from 2 s to 16 s and a total signal length of 510 s. The dynamic input variables and

the output variable are shown in Fig.3.8.4, as well as the resulting model and the

absolute error. The total measurement time was 17 min with two iterations.

The dynamic LOLIMOT model of the boost pressure p̂2 consists of 17 local

linear models, where the output of each dynamic local linear model is calculated by

p̂2,i =wi,0+

wi,1segr(k) + ...+ wi,4segr(k − 3)+

wi,5svtg(k) + ...+ wi,8svtg(k − 3)+

wi,9qmi(k) + ...+ wi,12qmi(k − 3)+

wi,13neng(k) + ...+ wi,16neng(k − 3).

(3.8.3)

The resulting model quality of the boost pressure model p̂2 after the iterative online

measurement is R2 = 0.9861, Kowalczyk (2014).

e) Local dynamic boost pressure model: Online (iterative) LHS operation
points, polynomial model, DSBS excitation (online LPD)

The next example shows the result for an iterative online identification for model-

ing the local dynamic behavior of the charging pressure. The two input variables

are selected by a space-filling method and are the pulse-width of the EGR valve

voltage (0% < uegr < 100%) and the pulse-width of the VGT actuator voltage

(0% < uegr < 100%). They are excited with a deterministic short time binary sig-

nal DSBS. All other actuators are kept at constant values during the measurement

at the operation point with 20 mm3

cyc main injection and 2000 rpm engine speed. The

last 250 samples of the dynamic input variables and the output variable are shown

in Fig.3.8.5. The absolute error of the boost pressure output is depicted for all mea-

sured samples. The total measurement time was a total of 395 s with ten iterations.

The polynomial boost pressure model obtained with an automatic regressor selection

is

p̂2(k) =w1 + w4u
2
egr(k) + w6uegr(k)uvgt(k)+

w9u
2
egr(k − 1) + w19u

2
egr(k − 3) + w20u

2
vgt(k − 3)+

w22p2(k − 1) + w26p2(k − 3) + w27p
2
2(k − 3)

(3.8.4)

with the finally identified model parameters

w1 = 0.0132bar, w4 = 0.0364
bar

mm2
, w6 = −0.0344

bar

mm2
,

w9 = 0.0071
bar

mm2
, w19 = −0.0184

bar

mm2
, w20 = 0.0059

bar

mm2
,

w22 = 0.9673, w26 = −0.0502 and w27 = 0.0468
1

bar
.

(3.8.5)
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Fig. 3.8.4. Input variables for modeling and quality comparison for the global dynamic boost

pressure model with an iterative identification procedure, Kowalczyk and Isermann (2014).

3.8   Examples for Engine Identification 123



The resulting model quality of the dynamic boost pressure model after the iterative

online measurement is R2 = 0.967 for only about 6.6 min measurement time. Fig-

ure 3.8.6 shows a step response of this dynamic nonlinear model, compared to direct

measurements. The stationary behavior as well as the dynamic behavior show a good

agreement.
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polynomial boost pressure model applying an iterative online identification procedure and
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Operating point: qf = 20mm3/cyc, neng = 2000 rpm.
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FVV Heft 831. FVV, Frankfurt

Kötter H (2008) Innovative Motorvermessung. Schnelle Motorvermessung mit opti-

mierten Testsignalen. FVV Heft 853. FVV, Frankfurt

126 3   Experimental Modeling of Engines



Kowalczyk M (2013) Online-Methoden – Optimierte schnelle Motorvermessung mit

Online-Methoden zur Bestimmung von statischen und dynamischen Modellen.

FVV Heft 987. FVV, Frankfurt

Kowalczyk M (2014) Online-Methoden II – Erweiterung der Online-Vermessung um

aktiv lernende Optimierungsmethoden zur Emissions- und Verbrauchsreduktion.

Heft 1043-2014. FVV, Frankfurt

Kowalczyk M, Isermann R (2014) Online and active learning measurement of en-

gines. FVV conference. Report R566-2014. Madgeburg

Kowalczyk M, Isermann R, Lindner S (2014) Online-Methoden II – Erweiterung

der Online-Vermessung um aktiv lernende Optimierungsmethoden zur Emissions-

und Verbrauchsreduktion (Extended online-identification with active learning

methods). FVV Report 1043-2014. FVV, Frankfurt

Kruse T, Kurz S, Lang T (2010) Modern statistical modeling and evolutionary opti-

mization methods for the use in ECU calibration. In: IFAC Symposium Advances

in Automotive Control, Munich, Germany

Kruse T, Kreuzinger T, Ulmer H, Lang T (2012) Use of new data-based methods for

the ecu calibration on a HiL system. In: 5th Conference on Simulation and Testing

for Automotive Electronics, Berlin, Germany
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Pfeufer T (1999) Modellgestützte Fehlererkennung und Diagnose am Beispiel eines

Fahrzeugaktors. Fortschr.-Ber. VDI Reihe 8, 749. VDI Verlag, Düsseldorf
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Töpfer S (2003) Statistische Versuchsplanung. In: Isermann R (ed) Modellgestützte
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4

General combustion engine models

As a systematic development of sophisticated control and diagnosis functions for

internal combustion engines requires precise stationary and dynamic mathematical

models, this chapter is devoted to treating physical-oriented models of engine com-

ponents. According to Table 1.4.1 the models for the most important engine parts

are considered, taking their different physical domains into account. The modeling

approaches begin with the intake systems and continue with the fuel supply and in-

jection system, and a description of the combustion cycles with combustion pressure

and heat release analysis. Then the mean value and dynamic torque generation with

the piston/crankshaft system, turbochargers with wastegate and variable geometry

manipulation, the exhaust system with catalysts and filters and the cooling system

with different kinds of heat exchangers are considered. These mathematical models

lay the background for the design of the control structures in Chap. 5, the design of

control functions of gasoline engines, Chap. 7 and of diesel engines, Chap. 8. For

several components the basic mathematical models for gasoline and diesel engines

are the same or at least similar. Where necessary, the component models were sepa-

rately derived for both engine types in Chaps. 7 and 8 as, e.g. for the injection system,

operating cycles, and the exhaust system.

In general, the physical/chemical-law-based models are simplified as much as

possible in order to enable fast simulations (e.g. hardware-in-the-loop (HiL)) or real-

time control and diagnosis functions. As most models contain parameters which are

difficult to determine from construction data only, they have to be identified experi-

mentally. The basic physical-oriented structure of the mostly nonlinear models then

allow a relatively precise modeling by combining theoretical and experimental mod-

eling approaches, resulting in so called semi-physical or gray-box models, as dis-

cussed in Chaps. 2 and 3.
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4.1 Intake systems

4.1.1 Intake system for gasoline engines

For gasoline engines (or spark-ignition engines, SI) with homogeneous combustion

the combustion and the torque is mainly determined by the air charge in the cylin-

ders. This holds especially for external and internal mixture formation because of

the required near stoichiometric air/fuel (A/F) ratio for homogeneous mixture. By

contrast, for engines with internal mixture formation and excess air the torque is

determined by varying the injected fuel as for stratified combustion.

The SI engine requires in all cases a specific air/fuel ratio to operate smoothly

and efficiently. Ideally a theoretical complete combustion is possible for a mass ratio

of 14.7 kg of air for 1 kg of gasoline. The excess-air factor λ is a measure to express

deviations from the theoretical ratio 14.7 : 1.

λ =
supplied air mass

stoichiometric air mass
=

mair

mair,sto
. (4.1.1)

If λ = 1, the supplied air mass corresponds to the theoretically necessary stoichio-

metric air mass. For λ < 1 results an air deficiency or a rich A/F ratio, leading to a

maximum power for λ = 0.85 . . . 0.95. Excess air or a lean A/F ratio is obtained for

λ > 1. This means a reduced power, but minimum specific fuel consumption around

λ = 1.2 . . . 1.5. If there is too much excess air and homogeneous combustion, the

A/F mixture does not ignite, resulting in misfires. Only direct injection and charge

stratification SI engines can operate with high excess-air factors up to λ ≈ 4 in the

part-load range.

The catalytic exhaust gas treatment with a three-way catalytic converter, how-

ever, requires exactly λ = 1. Therefore, the air mass has to be precisely deter-

mined and the fuel exactly metered before the combustion. A λ-sensor measures

the oxygen-content in the exhaust gas and corrects the A/F ratio via the λ-controller.

The next sections describe the calculation of the charge air mass in the cylinders

based on measurements of the air-mass flow, the manifold pressure or the throttle

position. Because of the retarding effect of the volume of the intake manifold the

dynamics of the air flow and air pressure play an important role.

a) Dynamics of the intake manifold

An arrangement of the components of the intake manifold with sensors and actuators

is depicted in Fig. 4.1.1. Considering the engine as a pump the sucked air mass for

one cylinder is theoretically, without exhaust gas recirculation (EGR),

ṁair,cyl,th = ρ2V̇air,cyl,th =
p2
RT2

V̇air,cyl,th (4.1.2)

with the (continuously assumed) volume flow in one cylinder of a 4-stroke engine

V̇air,cyl,th =
1

2
Vd n (4.1.3)
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where Vd is the displacement of one cylinder and n = neng the speed. The real air

mass in the cylinder is smaller because of several effects like throttling at the valves,

acceleration of the air mass, valve timing, resonances etc. This is taken in account by

defining a volumetric efficiency, Heywood (1988), Pischinger et al (2009),

ηv =
ṁair,cyl

ṁair,cyl,th
=

ṁair,cyl
1
2 nVd

p2

RT2

(4.1.4)

which is determined experimentally as a look-up table in dependence on n and throt-

tle position αth or n and ρ2, see Fig. 4.1.2.

exhaust gas

Tcool

Toil

yknock

Tapa

air

mair

uegr

�th

�ig

+

�

T2p2

neng

Fig. 4.1.1. Intake manifold and exhaust recirculation with actuators and sensors.

Hence, the sucked air-mass flow in the cylinder becomes without EGR (exhaust

gas recirculation)

ṁair,cyl = ηv
p2 Vd n

2RT2
= ṁgas,cyl. (4.1.5)

For engines with EGR, fuel injection, tank ventilation and crankcase ventilation

blow-by gas into the manifold influences the pressure p2 according to the partial

pressures of the gas components (Dalton’s law), Müller (2003),

p2 = p2,air + p2,egr + p2,fuel + p2,tank = p2,air + p2,add. (4.1.6)

The partial pressure of the EGR for example follows from the EGR rate,

regr(uegr) =
p2,egr(uegr)

p2,air
100 [%] (4.1.7)

which has to be determined experimentally in dependence on the position uegr of the

EGR valve, pressure difference between exhaust pressure and manifold pressure and

engine speed. Neglecting p2,fuel and p2,tank the gas mass flow with EGR yields then
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Fig. 4.1.2. Volumetric efficiency in dependence on engine speed and throttle position for a 1 l

SI engine, 40 kW, Müller (2003).

ṁgas,cyl = ηv(n, ρ2)
p2 (regr)Vd n

2RT2
. (4.1.8)

The gas constant R = Rair = 287.4 J/kg K can be assumed the same for air and

exhaust gas, Pischinger et al (2009).

Another characteristic quantity for the air mass in the cylinder is the “relative air
charge” which follows from reference to normal condition

lr =
mair,cyl

mair,norm
(4.1.9)

with mair,norm = p0 Vd/RL T0, p0 = 1013 bar, T0 = 273K and

mair,cyl = ṁair,cyl
2

n
. (4.1.10)

lr is independent on the displacement and serves for the comparison of different

engines. The basis for determining the dynamics of the intake manifold is the mass

balance

dmgas,int

dt
= ṁgas,in(t)− ṁgas,out(t) = ṁgas,in(t)− ṁ2,gas(t) (4.1.11)

with

ṁgas,in = ṁair,in + ṁadd = ṁ1 + ṁadd (4.1.12)

ṁadd = ṁegr + ṁfuel + ṁcrankcase + ṁtank

ṁgas,out = ṁ2,gas = icṁgas,cyl (4.1.13)

where ic is the number of cylinders. ṁgas,in is the sum of all entering gas flows

between the throttle and the intake valves and consists of the air-mass flow through

the throttle ṁair,in and all additional recirculated gas flow effects ṁadd. The state

equation of the gas in the intake manifold is
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mgas,int RT2 = p2 Vint (4.1.14)

and its first derivative becomes

dmgas,int

dt
=

Vint

RT2

dp2(t)

dt
. (4.1.15)

Introduction into (4.1.11) yields with (4.1.13) and (4.1.8)

2Vint

icηvVdn

dp2(t)

dt
+ p2(t) =

2RT2

icηvVdn
(ṁair,in(t) + ṁadd(t)) (4.1.16)

which is a nonlinear differential equation of first order because ηv, ṁair,in(t),
ṁadd(t) and T2 depend on the manifold pressure p2. Assuming constant parame-

ters for a fixed operating point the intake time constant becomes

Tint =
2Vint

ηv VD n
(4.1.17)

with VD = ic · Vd the engine displacement. Hence, the time constant is the smaller,

the smaller the ratio Vint/VD and the engine speed n. The gas mass flow ṁgas,in

depends according to (4.1.12) on several flows. The air flow rate ṁair is determined

by the throttle position and its difference pressure.

Figure 4.1.3 shows a scheme of the throttle plate. The plate has an elliptical form

and closes with angle α0. The cross-sectional open area A(αth) for the air flow can

according to Moskwa (1988) be calculated by

A (αth) =− dD

2

√
1−

(
d

D

)2

+
dD

2

√
1−

(
d

D

cos (α0)

cos (α0 + αth)

)2

+
D2

2
sin−1

⎛⎝√1−
(

d

D

)2
⎞⎠− D2

2

cos (α0 + αth)

α0

· sin−1

⎛⎝√1−
(

d

D

cos (α0)

cos (α0 + αth)

)2
⎞⎠ . (4.1.18)

Assuming a one-dimensional and adiabatic flow it holds for the air flow, Heywood

(1988), Isermann (2005),

ṁair,th = ṁ1,th = cthA (αth) pa

√
2

RTa
Ψ

(
p2
pa

)
(4.1.19)

where pa and Ta are the ambient pressure and temperature and Ψ is an outflow func-

tion through a contraction

Ψ =

(
p2
pa

) 1
κ

√√√√ κ

κ− 1

(
1−

(
p2
pa

)κ−1
κ

)
(4.1.20)
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Fig. 4.1.3. Geometry of the throttle plate.

which becomes for dry air with κ = 1.4

Ψ =

(
p2
pa

)0.714

√√√√3.5

(
1−

(
p2
pa

)0.285
)
. (4.1.21)

This outflow function has a maximum for a critical pressure ratio(
p2
pa

)
crit

=

(
2

κ+ 1

) κ
κ−1

= 0.528 (4.1.22)

for air. This leads to Ψmax = 0.484. Then, the sound velocity is reached. Hence,

(4.1.20) is valid for subcritical pressure ratio p2/pa ≥ 0.528 and for overcritical

pressure ratio p2/pa < 0.528 the outflow function in (4.1.19) can be set to Ψ =
0.484 and the flow rate depends only on pa, Ta, cth and A which holds about for

p2 < 0.5 bar. The factor cth in (4.1.19) is a loss factor and models the difference to

a throttle without losses, due to e.g. contraction of the flow. It has to be determined

experimentally, for example, depending on the throttle angle and the engine speed,

as shown in Fig. 4.1.4.

The throttling in the the throttle valve leads to a pressure drop to the intake man-

ifold pressure p2 and therefore also to a temperature decrease to T2. Assuming an

adiabatic change of the gas state it holds

p2v
κ
2 = pav

κ
a (4.1.23)

and after introducing the gas state equation pv = RT it follows

T ′
2 = Ta

(
p2
pa

)κ−1
κ

≈ Ta

(
p2
pa

)0.285

. (4.1.24)

Hence, the manifold temperature can be calculated under the conditions that no heat

is transferred from the environment to the air in the manifold and additional gas
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flows are zero, ṁadd = 0. However, as these assumptions do not hold in general,

T2 is usually measured. Based on the equations for the dynamic behavior of the

manifold pressure p2 and the air flow through the throttle a signal-flow diagram can

be constructed, as depicted in Fig. 4.1.5.
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Fig. 4.1.4. Example for the loss factor cth depending on throttle angle and engine speed,

Müller (2003).

It shows that the air flow ṁ through the throttle is a nonlinear function and de-

pends on several operating point dependent factors. The air flow rate depends further

on the manifold pressure for (p2/pa) ≤ 0.528, i.e. in the higher load range. Hence,

the manifold pressure p2 determines the gas flow rate into the cylinders due to (4.1.8).

The sucked gas mass ṁ2,gas into the cylinders is then delayed because of the first or-

der low pass behavior of the intake manifold pressure with a time constant Tint, see

(4.1.17), which depends on the engine speed n and the volumetric efficiency ηv,

where the latter is a measure for the suction losses of the cylinders. An additional

influence on the air charge is especially the mass flow rate ṁegr of the exhaust gas

recirculation, which depends on the EGR-valve position, the exhaust gas pressure

and the manifold pressure, see Sect. 4.1.2. Summarizing, the signal-flow diagram

in Fig. 4.1.5 represents the physical based relations and shows the many nonlinear

and operating point dependent parameters. Most of the parameters depend on several

other variables, which can only be determined experimentally. Hence, look-up tables

have to be calibrated, e.g. for cth(αth, n), ηv (αth, n or ρ2).

b) Air charge determination

As the air charge into the cylinders mair cannot be measured directly it has to be

reconstructed based on the measurements of other variables, like air flow rate ṁ1

before the throttle, manifold pressure p2 or throttle position αth, see also Müller

(2003), Guzzella and Onder (2010).
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Air flow measurement
The most direct method is to measure the air flow rate ṁ1 before the throttle and

after the air filter, e.g. by a hot-film sensor HFM. In contrast to other flow meters,

the HFM sensor directly measures the mass flow rate, possesses a wide measurement

range of 1:50 and has a small time constant. In stationary condition it holds for the

air flow rate into the cylinders

ṁ2,air(t) = ṁHFM(t) = ṁ1(t) (4.1.25)

if no gases enter the manifold, i.e. for ṁadd = 0. In dynamic operation, however,

ṁ2,air into the cylinders is delayed by the intake manifold pressure dynamics. This

can be taken into account by using (4.1.11), (4.1.12) and inserting (4.1.15) (with

ṁadd = 0)
1 ˜̇m2,air(t) = ṁ1(t)− Vint

RT2

dp2(t)

dt
. (4.1.26)

Correcting the measured air flow rate by the first derivative of the manipulated pres-

sure allows the determination of the air charge in dynamic operation. Because of the

included noise and periodicity in p2(t) this signal has to be lowpass filtered before

the derivation, see Schwarte et al (2002). Further required measurements are p2, T2.

If additional gases ṁadd enter the manifold intake, (4.1.12) is valid and the manifold

pressure p2 does not only depend on ṁair,in but also on ṁadd, see (4.1.16). Then

p2(t) and dp2/dt change. However, the dynamic correction of (4.1.26) is approxi-

mately applicable if e.g. ṁegr is not very large compared to ṁ1(t).

Manifold pressure measurement
In order to save the air flow sensor, the charge-air can be determined by the manifold

pressure p2. Basically, (4.1.5) is used to determine the gas flow rate ṁgas,cyl into the

cylinders. Taking the additional gases with flow rate ṁadd into account it follows

2 ˜̇m2,air(t) =
ηv (n, ρ2) Vd n

2RT2
p2(t)− ṁadd(t). (4.1.27)

As the sucked gas directly depends on the dynamically measured p2(t) the dynamics

of the intake manifold are already included. This air charge determination needs the

measurement of p2 and T2, the calibrated volumetric efficiency ηv(n, ρ2) and those

for determining ṁadd.

Measurement of throttle position
Another possibility to circumvent an air flow sensor is to base the air charge determi-

nation on the known throttle angle αth. Then, (4.1.19) can be used and with (4.1.26)

follows

3 ˜̇m2,air(t) = cth (αth, n)A (αth) pa

√
2

RTa
Ψ

(
p2(t)

pa

)
− Vint

RT2

dp2(t)

dt
. (4.1.28)

This method requires measurement of αth, pa, Ta, p2, T2 and calibration of cth (αth, n).
The final air charge mass for one cylinder follows according to (4.1.10)
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mair,cyl = ˜̇m2,air
2

icn
. (4.1.29)

Table 4.1.1 shows a comparison for the required sensors of the three methods. In

all cases p2, T2 are required. Using the manifold pressure p2 is dynamically fast

but requires precise calibration of the volumetric efficiency and determination of

additional gas flows ṁadd. The application of the throttle angle needs also ambient

pressure pa and temperature Ta and precise calibration of the throttle loss factor cth.

The required measurements for stationary operating conditions are summarized in

Table 4.1.2. Because the dynamic compensation is not needed, p2 or T2 must not be

measured for some cases.

Table 4.1.1. Methods for the determination of the air flow-rate into the cylinders with different

sensors and dynamic compensation of intake manifold delay

Basic sensor Additional sensors Calibration

pa Ta p2 T2 n ṁadd of

air-mass flow ṁ1 - - � � - � Vint

manifold pressure p2 - - - � � � ηv
throttle angle

p2/pa ≥ 0.528
αth � � � � � - cth,Vint

throttle angle

p2/pa < 0.528
αth � � - � � - cth,Vint

Table 4.1.2. Methods for determination of the air flow-rate into the cylinders for stationary

operation

Basic sensor Additional sensors Calibration

pa Ta p2 T2 n ṁadd of

air-mass flow ṁ1 - - - - - � -

manifold pressure p2 - - - � � � ηv
throttle angle

p2/pa ≥ 0.528
αth � � � - � - cth

throttle angle

p2/pa < 0.528
αth � � - - � - cth

A comparison of the three ways of air flow determination was made by Müller

(2003). Most suited is the direct air flow measurement with dynamic compensation.

The accuracy of the other methods depends much on a precise calibration of the

correction factors. Average deviations of about 2.5% could be reached.

4.1.2 Intake system for diesel engines

A typical configuration of the intake and exhaust system of a passenger car diesel

engine is given in Fig. 4.1.6.
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Fig. 4.1.6. Scheme of the air and exhaust path of a diesel engine with turbocharger and exhaust

gas recirculation, Zahn and Isermann (2008).

The engine is equipped with an exhaust turbocharger, a charge-air cooler and an

exhaust gas recirculation system. The subscript of the variables depicted in Fig. 4.1.6

indicates their point of location or measurement. The subscripts “1” and “2” specify

state variables in front of and after the compressor. The subscripts “3” and “4” refer

to state variables in front of and after the turbine. If a second subscript exists, it is

used to detail the location of the variable.

Several approaches for the modeling of the gas path are presented in the liter-

ature. They mainly differ in their level of detail and computing time. A brief com-

parison is given in Table 4.1.3, Heywood (1988), Merker et al (2006), Rakopou-

los and Giakoumis (2006). As distributed parameter models are computationally too

time-consuming for control applications zero-dimensional or lumped parameter ap-

proaches like the “filling and emptying method” are most commonly utilized, Merker

et al (2006), Pischinger et al (2009), Guzzella and Onder (2010). Within this ap-

proach the manifolds and air ducts are modeled as mass storages and valves, filters

and coolers are treated as flow restrictions (orifices).

Within the air path and also exhaust path of a turbo-charged combustion engine

two kind of gas storages can be distinguished:

a) Gas storages, which are characterized by a mixture of one or several gas flows,

see Fig. 4.1.7. Examples are the intake manifold and the exhaust manifold.
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Table 4.1.3. Comparison of air path model approaches

Zero-dimensional One-dimensional 3D

modeling

method

quasi-steady flow models, filling

and emptying method

method of characteristics,

method of differences

CFD methods

flow (quasi-)steady unsteady unsteady

model

complexity

low high very high

computing

time

short medium large

real-time

capability

yes no no

applica-

tions

parameter studies, control system

design

engine design engine design

b) Gas pipes, which are characterized by a large ratio ζ = l/d of length l to diameter

d and therefore have a gas transportation dead time Td = l/v (v: gas velocity), see

Fig. 4.1.8. Examples are: air ducts in front of the compressor, between compressor

and charge-air cooler, between charge-air cooler and throttle or intake manifold,

exhaust recirculation path and exhaust pipes.

Additionally, flow resistances in the filters, valves and coolers have to be taken into

account. In the following simplified models for intake systems of diesel engines are

considered.

m Tst st,

m Tst,in1 st,in1

m Tst,in2 st,in2

m Tst,out st,out

Qst,w,in

Qst,w,out

Fig. 4.1.7. Gas storage with mixture of two gas flows and one outflow.

144 4   *HnHrDO &oPEuVtion (nJinH 0odHOV



m Tst,out st,outm Tst,in st,in
d

l

Fig. 4.1.8. Gas pipe of length l.

a) Gas storage with ideal mixture

A gas storage can be treated as a lumped parameter component, yielding a mass

balance equation as (4.1.11).

dmgas,st

dt
=

p∑
i=1

ṁgas,in,i(t)−
q∑

j=1

ṁgas,out,j(t) (4.1.30)

or with other subscripts, compare Fig. 4.1.7

dmst

dt
=

p∑
i=1

ṁst,in,i(t)−
q∑

j=1

ṁst,out,j(t). (4.1.31)

Correspondingly, an energy balance can be formulated

dUst

dt
=

p∑
i=1

hst,in,i(t) ṁst,in,i(t)−
q∑

j=1

hst,out,j(t) ṁst,out,j(t)− dQst,w,in(t)

dt

(4.1.32)

with Ust the stored internal energy, h the specific enthalpy, and Qst,w,in the heat

transfer to the wall of the storage. For the internal energy holds

dUst

dt
=

d

dt

(
mst(t)ust(t)

)
=

dmst(t)

dt
ust +mst

dust(t)

dt
(4.1.33)

where ust is the specific internal energy.

The internal energy of a gas mixture depends on the temperature Tst and the

air-to-fuel ratio λst

ust = ust(Tst, λst) (4.1.34)

and can be determined according to Justi (1938) for large temperature ranges or by

using the specific heat capacity and neglect of the air-to-fuel ratio

ust = cv(Tst)Tst. (4.1.35)

For the enthalpy in (4.1.32) holds

h = cp(T )T. (4.1.36)

The state equation of the gas in the storage is
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pst(t)Vst = mst(t)RTst(t). (4.1.37)

The heat flow to the walls of the storage is described by

Q̇st,w,in(t) = Awαgw (Tst(t)− Tw(t)) (4.1.38)

with Aw the wall surface, αgw the heat transfer coefficient, and Tw the wall temper-

ature. The dynamics of the wall temperature can be approximated by

mwcw
dTw

dt
= Q̇st,w,in(t)− Q̇st,w,out(t) (4.1.39)

where mw and cw are the mass and specific heat of the wall, assuming lumped pa-

rameters. The heat flow to the environment is

Q̇st,w,out = Awαwa(Tw(t)− Ta(t)) (4.1.40)

with αwa the heat flow coefficient to the environment and Ta the air temperature

outside the air duct.

It is now assumed that the transported heat through the storage is much larger

than the heat flow to the walls, such that Q̇st,w = 0 holds. To simplify the deriva-

tions and notations only one inflow ṁst,in = ṁin with temperature Tin and one

outflow with ṁst,out = ṁout and temperature Tout are considered. Assuming an

ideal mixture in the storage, Tout = Tst can be set.

The mass balance equation then is

dmst(t)

dt
= ṁin(t)− ṁout(t) (4.1.41)

and with

mst(t) =
Vst

R

pst(t)

Tst(t)
(4.1.42)

one obtains for slow temperature changes dTst/dt ≈ 0

dpst(t)

dt
=

RTst(t)

Vst
(ṁin(t)− ṁout(t)) . (4.1.43)

The energy balance from (4.1.32) yields

dUst(t)

dt
= hin(t) ṁin(t)− hout(t) ṁout(t) (4.1.44)

or by inserting (4.1.35)

cv
d

dt
(mst(t)Tst(t)) = cp (ṁin(t)Tin(t)− ṁout(t)Tst(t)) . (4.1.45)

The left term of (4.1.44) becomes

d

dt

(
mst(t)Tst(t)

)
= mst(t)

dTst(t)

dt
+ Tst(t)

dmst(t)

dt
(4.1.46)
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and by replacing mst(t) by (4.1.42) and inserting the mass balance (4.1.41) it follows

from the energy balance (4.1.44) with κ = cp/cv

dTst(t)

dt
=

1

mst(t)
(((1− κ)ṁout(t)− ṁin(t))Tst(t) + κṁin(t)Tin(t)) . (4.1.47)

Hence, (4.1.43) and (4.1.47) describe the dynamic behavior of the pressure pst and

Tst in the storage. Both equations are mutually coupled.

To simplify (4.1.47) it is now assumed that the term |(1−κ)ṁout| � |ṁin| such

that
dTst(t)

dt
≈ ṁin

mst
(κTin(t)− Tst(t)) . (4.1.48)

Writing the simplified equations for two input flows and one output flow and using

the symbols as in (4.1.31) and (4.1.32) results in

dpst(t)

dt
=

RTst,out

Vst
[ṁst,in(t)− ṁst,out(t)] (4.1.49)

dTst,out(t)

dt
≈ ṁst,in,1

mst
κTst,in1(t) +

ṁst,in,2

mst
κTst,in2 − ṁst,in

mst
Tst,out(t).

(4.1.50)

with

ṁst,in = ṁst,in,1 + ṁst,in,2 =
ρstVst

ṁst,in
. (4.1.51)

Based on (4.1.49) and (4.1.50) a signal-flow chart can be established as shown in

Fig. 4.1.9. Hence, an integral behavior results for the pressure pst and a first order

delay for the temperature Tst,out with regard to the mass flow inputs and temperature

inputs, together with crosscouplings. The time constant for the temperature is

TT1 =
mst

ṁst,in
=

ρstVst

ṁst,in
. (4.1.52)

b) Gas pipe

For a gas pipe like an air duct of length l it is assumed that the gas behaves like a

plug flow leading to a transport delay for temperature changes from the input to the

output in form of a dead time

Td =
l

w
=

mst

ṁst,in
(4.1.53)

where w is the gas velocity. It is further assumed that the heat capacity of the pipe

wall is small such that its influence can be neglected. (The precise dynamic behavior

of heated or cooled pipes is treated in Sect. 4.6.2.) Hence, the energy balance of

(4.1.44) becomes
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mst,in1

mst,in2

Tst,in1

Tst,in2

mst,out

R
Vst

Tst,out

pst,out

mst,in

dt

dt

dTst

Tst

dmst

mst

1mst,in1


mst,in2


mst

Fig. 4.1.9. Signal-flow chart for a gas storage according to Fig. 4.1.7.

ṁst,out(t)Tst,out(t) = ṁst,in(t)Tst,in(t−Td) (4.1.54)

If mass flow changes between pipe input and output are much faster compared to

temperature changes, it can be assumed that ṁst,out(t) = ṁst,in(t), thus leading to

a pure dead-time behavior

Tst,out(t) = Tst,in(t−Td). (4.1.55)

The dynamic behavior of the compressible gas in the pipe follows from the simplified

mass balance (4.1.43)

dpst(t)

dt
=

R

Vst
Tst,out(t) [ṁst,in(t)− ṁst,out(t)] (4.1.56)

assuming lumped parameters and Tst(t) = Tst,out(t).
Finally, the signal-flow chart of Fig. 4.1.10 results. In the case of intake or ex-

haust manifolds partially mixtures of gases and transport dead times hold, leading

to a series connection of model types of subsections a) and b). However, the corre-

sponding characteristic time parameters are usually negligibly small.

c) Flow resistances

To model the flow resistances of the filters, valves and coolers quasi steady-state gas

flows are assumed. Its inputs are the up-stream and down-stream pressure pres,in and

148 4   *HnHrDO &oPEuVtion (nJinH 0odHOV



mst,out

R
Vst

Tst,out

pst,outmst,in

Tst,out

Td

Tst,in

dpst

dt

Fig. 4.1.10. Signal-flow chart for a gas pipe according to Fig. 4.1.8.

pres,out and the up-stream temperature Tin. The mass flow rate then follows for an

adiabatic process according to (4.1.19)

ṁres,in = cdAref

√
2

RTres,in
ψ
(

pres,out

pres,in

)
pres,in. (4.1.57)

The outflow function through a contraction is for incompressible fluids

ψ
(

pres,out

pres,in

)
=

√
1− pres,out

pres,in
(4.1.58)

and for compressible fluids, see (4.1.20),

ψ
(

pres,out

pres,in

)
=
(

pres,out

pres,in

) 1
κ

√
κ

κ− 1

(
1−

(
pres,out

pres,in

)κ−1
κ

)
. (4.1.59)

Aref is a reference flow area and cd a discharge coefficient accounting for friction

losses and contraction effects. The determining variable for the mass flow rate is the

gas velocity in the contraction. For flow resistances with a small pressure drop and

low velocities like in the air filter or in coolers (4.1.58) is used, which leads to

ṁres,in = cdAref

√
2 pres,in
RTres,in

√
pres,in − pres,out. (4.1.60)

Flow resistances like a throttle or the EGR valve result for nearly closed positions in

large gas velocities and large pressure differences with either subcritical or overcrit-

ical pressure ratio pres,out/pres,in as discussed in Sect. 4.1.1 for throttles.

Assuming an adiabatic change of the gas state, i.e. no heat transfer to the envi-

ronment, it holds for the temperatures, see (4.1.24),
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Tres,out = Tres,in

(
pres,out
pres,in

)κ−1
κ

(4.1.61)

For small pressure differences, however, Tres,in = Tres,out can be assumed.

The mass flow and the temperature model for a flow resistance are summarized

in the signal-flow chart, Fig. 4.1.11.

cd refA �
mres,in

Tres,outTres,in

pres,in

uv

pres,out

Tres,in




�
 1
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�
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outres,

p

p

inres,

2

RT

�
�




�

�
�

�

�

inres,

outres,

p

p

Fig. 4.1.11. Signal-flow chart for a flow resistance (compressible fluid). ṁres: mass flow rate

through resistance.

d) Coupled flow resistance and gas storage

Frequently, flow resistances and gas storages are coupled in series connections,

where the flow resistances are the gas duct itself or a throttle. Then, a schematic as

in Fig. 4.1.12 can be used as a lumped parameter approach. Two port representations

for the pressures and mass flow rates and for temperatures and mass flow rates are

also shown. The applied variables for the mechanical power of the flow restriction

is usually the acting pressure pres,in and the dependent variable the mass flow rate

ṁres,in, compare (4.1.57). For the thermal energy the applied variable is the temper-

ature Tres,in and ṁres,in follows from the mechanical power. At the interconnection

it holds

ṁres,in = ṁst,in

pres,out = pst,in = pst
(4.1.62)

and at the exit of the gas storage
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pst,out = pst

Tst,out = Tst

(4.1.63)

because of the assumption of an ideal mixture in the storage.

Based on these equalities and the equations of Subsect. a) and c) the signal-flow

chart of Fig. 4.1.13 can be developed. It contains two integrators with feedback for

the mass and heat storage, several nonlinearities and interconnections between these

two types of storages. This signal flow can be considered as a basic throttle-storage

element which appears at several locations in the intake and exhaust system.

pres,in

res,inT

p pres,out st=

res,outT

pst

Tst p pst,out st=

st,out stT T=

pres,in pst,in pst,out

Tres,in Tst,in Tst,out

resistance storage

mres,in mres,outm mres,in st,in=

mres,in mst,in mst,out

mst,outmst,inmres,in

Fig. 4.1.12. a Schematic of a coupled flow resistance and gas storage. b Two-port representa-

tion for mechanical power. c Two-port representation for thermal power.

e) Intake system

The intake system of a turbo-charged diesel engine with air-charge cooler and throttle

is represented (for the fluid dynamic behavior) in Fig. 4.1.14 with two-port elements,

according to Sects. 2.2 and 2.3. Thus the compressor and the cylinder are converters,

the air ducts and the intake manifold are storages and the air filter, the charge-air

cooler are sinks. The driving forces of the intake system are generated from the

compressor and the intake strokes of the cylinders. Thus the compressor pressure

p2c and the mass flow ṁ2 in the combustion chambers which depends according to

(4.1.5) on the engine speed neng, can be considered as applied variables.
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The sucked gas flow in the cylinder follows from (4.1.5) or (4.1.8). Thus, the

manifold pressure p2i together with the volumetric efficiency ηv from (4.1.4) deter-

mine the gas flow. The compressor pressure p2c follows from the steady-state maps

p2c(Mc, ntc, ṁ2c).
Based on Figs. 4.1.9, 4.1.10 and (4.1.60) the signal-flow chart of Fig. 4.1.15 for

the intake system follows. It consists of two gas storages and is therefore of the

second dynamic order.

If the effect of the charge-air cooler resistance is neglected and only one gas

storage is considered, a first order system results, Fig. 4.1.16.

The largest volumes of the intake system are usually the air ducts before and

after the charge-air cooler. They determine, together with the mechanical inertia of

the turbocharger rotor the dynamically delayed behavior of the charging pressure p2i
at the intake valves. A rough measure for a dominating time constant of the intake

air path is

Tit =
ṁair

mst,air
=

V̇air

Vst,air
. (4.1.64)

As an example for a passenger car diesel engine the different volumes, mass flows

and resulting time constants are stated in Table 4.1.4, Zahn (2012). Thus, the volume

of the intake system adds up to 9.2 liters, whereas the exhaust system has about

1.4 liters. The individual time constants range between 10 and 500 ms, and the sum

of time constants for the air path between compressor and intake valves, which is

a measure for the overall delay, is in a range of 160 ms to 970 ms. The large time

constants result for the smallest air mass flow and the small for the largest air-mass

flow. These time constants have to be seen in connection with the turbocharger inertia

delay, which is about 1 to 3 s, see Sect. 4.4.

A flow chart for the temperature behavior of the intake system can be devel-

oped from Figs. 4.1.9 and 4.1.10 and is depicted in Fig. 4.1.17. With the simpli-

fications made it is determined by the dynamics of the charge-air cooler, the dead

times through the air ducts and a proportional acting mixture element in the intake

manifold.

Table 4.1.4. Time constants of air and exhaust path storages for an 1.9 l diesel engine, 77 kW,

Zahn (2012)

Component Pipe volume Mass flow Time constant

V [cm3] ṁ[kg/h] T [ms]

air duct after air filter 2100 25 . . . 300 300 . . . 25

air duct after compressor 1700 25 . . . 300 250 . . . 35

air duct after air charge cooler 3400 25 . . . 300 490 . . . 80

intake manifold 2000 25 . . . 300 230 . . . 45

exhaust manifold 600 25 . . . 300 110 . . . 7

EGR duct 300 0 . . . 100 ≥ 10

exhaust after turbine 500 25 . . . 300 70 . . . 4
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Fig. 4.1.16. Signal-flow chart for the fluid dynamic behavior of the intake system as Fig. 4.1.15

but neglect of the charge-air cooler resistance.

4.2 Combustion

The thermodynamic part of combustion engines comprise the gas exchange, fuel in-

jection, combustion with spark ignition (gasoline) or compression ignition (diesel)

and resulting work at the pistons. The following sections are an extract of the many

possibilities to treat these complicated processes with regard to modeling the impor-

tant parts for engine control and diagnosis of four-stroke engines.

4.2.1 Operating cycles

The four-stroke cycle consists of four phases over 720◦ crank angle: the intake stroke,

where air (and vaporized fuel for indirect intake injection) is drawn into the cylin-

der, the compression stroke (and direct injected fuel), where the air/fuel mixture is

compressed and ignited, either by spark plug for gasoline engines or by compression

for diesel engines, and the exhaust stroke where the exhaust gases are pushed out.

The gas flows of these basic strokes are controlled by the intake and exhaust valves,

which are driven by the camshaft rotating with half the speed of the crankshaft. A

large impact on the operating cycle has the timing of the intake and exhaust valves.

Earlier or later opening or closing influences the charging process with fresh air,

the internal exhaust gas recirculation and residual gas compression, to optimize fuel

efficiency and exhaust emissions.

Figure 4.2.1 depicts an example for the representation of the four-stroke cycle

and the pressure volume (p − V ) diagram with measured (indicated) combustion

pressure.
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pcyl, in

pcyl, max

VVc
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Wi2
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Wi1

Fig. 4.2.1. p − V diagram of the four-stroke cycle. IO: intake opens; IC: intake closes; EO:

exhaust opens; EC: exhaust closes. pcyl,in: charging air pressure, pcyl,out: exhaust stroke pres-

sure, pcyl,max: maximum pressure; p means average value.

a) Ideal operating cycles

For comparisons and basic thermodynamic considerations idealized cycle processes

are defined. These ideal processes assume following simplifications:

• ideal gases

• gas with constant specific heat

• unthrottled air charge

• no flow losses during gas exchange

• combustion is replaced by heat flow supply

• isentropic (adiabatic) compression and expansion, no heat losses

• no friction, no gas losses.

Three idealized cycle processes can then be distinguished, see Fig. 4.2.2.

The constant volume combustion cycle, see Fig. 4.2.2a): isentropic adiabatic

compression (1-2), isochoric heat supply with infinite speed (2-3), isentropic expan-

sion (3-4), isochoric heat removal with infinite speed (4-1). This process is frequently

used to characterize the idealized Otto process for gasoline engines.

The constant pressure combustion cycle, see Fig. 4.2.2b): isentropic compression

(1-2), isobaric heat supply with finite combustion speed as volume increases (2-3),

isentropic expansion (3-4), isochoric heat removal with infinite speed (4-1).
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The mixed constant-volume/constant pressure combustion cycle, see Fig. 4.2.2c):

isentropic compression (1-2), isochoric heat supply (2-2’), isobaric heat supply (2’-

3), isentropic expansion (3-4), isochoric heat removal (4-1). This process is called the

Seiliger process and is closer to real cycle processes as the other two. It is frequently

applied for an idealized diesel process.

VV Vc d+Vc
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42
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p

1

4

2 3

p

1

4

3

p

2�

2

VV Vc d+Vc

VV Vc d+Vc

a) b)

c)

Fig. 4.2.2. Idealized p−V diagrams for a constant volume cycle. b constant pressure cycle. c
mixed constant volume, constant pressure cycle (Seiliger process).

If the supplied heat by the combustion is qin and the removed heat qex during gas

exchange, then the thermal efficiency can be described by

ηth =
qin − qex

qin
= 1− qex

qin
. (4.2.1)

The heat values of the constant-volume combustion are:

qin = cv(T3 − T2) ; qex = cv(T4 − T1). (4.2.2)

For an isentropic change of state holds

Tκp1−κ = const.
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and after introducing the gas equation follows

pV = RT ·m
TV κ−1 = const.

and therefore

T1

T2
=

(
V2

V1

)κ−1

and
T4

T3
=

(
V3

V4

)κ−1

. (4.2.3)

As V2 = V3 and V3 = V4 this yields

T1

T2
=

T4

T3
(4.2.4)

and (4.2.1) becomes

ηth = 1− cv(T4 − T1)

cv(T3 − T2)
= 1− T1

T2
= 1−

(
V2

V1

)κ−1

. (4.2.5)

Using the compression ratio

ε =
Vd + Vc

Vc
=

V1

V2
(4.2.6)

the thermal efficiency becomes

ηthv = 1− 1

εκ−1
. (4.2.7)

Hence, this ideal constant-volume combustion process requires for high efficiency:

large compression ratio and combustion around top dead center.

Similarly, one obtains for the constant-pressure combustion process with the vol-

ume ratio for the combustion and isobaric change of state

ϕ =
V3

V2
=

T3

T2
. (4.2.8)

Applying (4.2.3), (4.2.6) and

qin = cp(T3 − T2) (4.2.9)

leads with κ = cv
cp

to

ηthp = 1− 1

εκ−1

(ϕκ − 1)

κ(ϕ− 1)
. (4.2.10)

The thermal efficiency of the constant-pressure combustion process is better for large

compression ratio and gets smaller with increasing volume ratio ϕ.

For the third ideal cycle process, the mixed Seiliger process holds
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qin = cv(T
′
2 − T2) + cp(T3 − T ′

2) (4.2.11)

and with pressure ratio

ψ =
p′2
p2

(4.2.12)

follows for the thermal efficiency, Grothe and Feldhusen (2007)

ηths = 1− 1

εk−1

ϕkψ − 1

ψ − 1 + κψ(ϕ− 1)
. (4.2.13)

Hence,

ηthv > ηths > ηthp. (4.2.14)

Limitations in the realization of the cycle processes are given, e.g. by the maxi-

mal allowable pressures after compression. These are for natural aspirating engines

about 50-60 bar, and with charging 70-80 bar and for diesel engines 70-80 bar or 110-

200 bar with ϕ = 1.4...1.6. A further limit is knocking for gasoline engines if the

compression ratio is too large.

b) Real operating cycles

The ideal operating cycles are theoretical reference cycles with many simplifying

assumptions. As can be seen from Fig. 4.2.1 the real p − V diagram shows several

differences, because of the real combustion, the real gas exchange, real gases, and

several losses.

All losses of a combustion engine can be taken into account by defining different

efficiencies. A first efficiency is due to the real fuel conversion, because complete

combustion cannot be realized. If Wf is the equivalent work of the supplied fuel

and Wfe the work of the effectively burnt fuel, then the fuel conversion efficiency
becomes

ηf =
Wfe

Wf
=

Wfe

mfHl
(4.2.15)

where mf is the injected fuel mass per stroke end Hl the lower heat value.

The internal (indicated) work of the real cycle can be determined with the mea-

sured (indicated) pressure pcyl for one cylinder

Wi =

∫ 720◦

ϕ=0

pcyl(ϕ) dV (ϕ) = Wi1 +Wi2. (4.2.16)

It consists of the area part Wi1 of the compression and expansion stroke and the

area part Wi2 for the gas exchange as depicted in Fig. 4.2.1. Wi2 is negative for

natural aspirating engines and positive for charged engines. If pcyl is measured in

dependence on time, Ap and sp are the area and stroke (travel way) of the piston it

follows with the angular speed ω = dϕ
dt .

Wi = Apω

∫ 4π
ω

0

pcyl(t)
dsp(t)

dϕ
dt. (4.2.17)
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This leads to the cycle efficiency

ηg =
Wi

Wth
(4.2.18)

where Wth is the work generated with the ideal combustion cycle. A further effi-

ciency is due to mechanical losses because of friction of the pistons, crank drive,

valve train and drive losses in the auxiliary drives as oil, water and fuel pump and

alternator. These losses are expressed by the mechanical efficiency

ηm =
Weng

Wi
(4.2.19)

with Weng as the effective work at the flywheel.

Finally, the effective efficiency results comprising all efficiencies from the in-

jected fuel to the work at the flywheel

ηeff =
Weng

Wf
=

Weng

mfHl
= ηf ηth ηg ηm. (4.2.20)

For passenger car engines these efficiencies are in following ranges: ηg = 0.8− 0.9;

ηm = 0.8− 0.9 and ηeff = 0.26− 0.37 for gasoline engines and ηeff = 0.32− 0.43
for diesel engines (direct injection).

Another frequently used quantity is the mean indicated pressure

pmi =
Wi

Vd
=

1

Vd

∫ 720◦

ϕ=0

pcyl(ϕ) dV (ϕ) (4.2.21)

where the volume V (ϕ) follows (4.2.20). The mean indicated torque is then for a

four stroke engine with the work Wi = pmiVd = 4πMmi

Mmi =
Vd

4π
pmi. (4.2.22)

4.2.2 Combustion cycle models

A further detailed analysis of the combustion in the cylinder and the generated work

at the pistons is required as well for the design as for controlling the engine, as

also the Seilinger cycle is only a rough approximation for the real behavior. In the

following first the high pressure cycle and then the low pressure cycle is considered.

It is assumed that the cylinder can be considered as a lumped parameter process,

such that the gas states are not space dependent, and that the laws for ideal gases can

be applied. This is also called a zero-dimensional or one-zone-modeling.

a) High pressure combustion cycle

The energy balance for a closed control volume is according to the first law of ther-

modynamics
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dU = dQ− pdV (4.2.23)

with dU the stored internal energy, dQ the supplied heat and dL = pdV the per-

formed mechanical work. In the following some notations are simplified: Vcyl = V ,

pcyl = p. To obtain models in dependence on the crank angle ϕ the energy balance

equation for a cylinder becomes for incremental changes dϕ and closed valves

dU(ϕ)

dϕ
=

dQf(ϕ)

dϕ
− p(ϕ)

dV (ϕ)

dϕ
− dQw(ϕ)

dϕ
+

dmf(ϕ)

dϕ
hf (4.2.24)

with

Qf : combustion energy of fuel

mf : injected fuel mass per stroke

hf : fuel enthalpy (direct injection)

Hl: lower heating value of the fluid

Qw: heat transfer losses to cylinder walls.

Now, two kinds of thermal energies can be distinguished, Heywood (1988), Pischinger

et al (2009),

• gross heat release: dQf

dϕ

• net heat release: dQh

dϕ = dQf

dϕ − dQw

dϕ .

The gross heat release describes the heat released by the combustion of the fuel and

the net heat release equals the work performed at the piston because it takes the heat

transfer to the cylinder walls into account. This means that from measurement of the

cylinder pressure only the net heat release can be determined. For the internal energy

of the gas holds
dU(ϕ)

dϕ
= mg cv

dTg(ϕ)

dϕ
(4.2.25)

with the gas mass

mg = mair +mres +mf (4.2.26)

where mres is the mass of residual gases. The specific heat cv (as well as cp) increases

with the temperature.

As a constitutive equation for the gas states the general gas equation can be used

pV = mg RTg. (4.2.27)

Assuming that the gas constant R does not change and neglecting mf leads to

mg R
dTg(ϕ)

dt
=

dp(ϕ)

dϕ
V (ϕ) + p(ϕ)

dV (ϕ)

dϕ
. (4.2.28)

Inserting in (4.2.25) yields

dU(ϕ)

dϕ
=

cv
R

(
dp(ϕ)

dϕ
V (ϕ) + p(ϕ)

dV (ϕ)

dϕ

)
(4.2.29)
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and the net heat release becomes with (4.2.24) and (4.2.29)

dQh(ϕ)

dϕ
=
(
1 +

cv
R

)
p(ϕ)

dV (ϕ)

dϕ
+

cv
R
V (ϕ)

dp(ϕ)

dϕ
− dmf(ϕ)

dϕ
hf . (4.2.30)

The small contribution of the fuel enthalpy will be neglected. This allows to calculate

the pressure in the cylinder

dp(ϕ)

dϕ
=

R

cvV (ϕ)

(
dQf(ϕ)

dϕ
− dQw(ϕ)

dϕ
−
(
1 +

cv
R

)
p(ϕ)

dV (ϕ)

dϕ

)
. (4.2.31)

For the average wall temperature holds according to Müller and Bertling (1971)

Tw = 360 + 9λ0.4
air

√
nengDpist [K] (4.2.32)

with λair air excess factor, Dpist [m] piston diameter, and neng [rpm].

The gas temperature follows from the gas equation

Tcyl(ϕ) = pcyl(ϕ)Vcyl(ϕ)
Tcyl,0

pcyl,0Vcyl,0
(4.2.33)

with Tcyl,0, pcyl,0 and Vcyl,0 at the beginning of the compression.

For the heat transfer to the walls exist several phenomenological equations, Moll-

enhauer and Tschöke (2010). For stationary temperature and flow the basic law is

Q̇w =
dQw

dt
= αA(T g − Tw) (4.2.34)

and therefore
dQw

dϕ
=

1

ωeng
αA(T g − Tw) (4.2.35)

with α the heat transfer coefficient and A the related area. Because the gas veloci-

ties as well as the temperature in the cylinder change very non-stationary, the heat

transfer is extremely time variant and different for the phases of a combustion cycle.

According to Hohenberg (1980) the heat transfer coefficient can be approximated

by

α = 130V −0.06
d p−0.8 T

−0.4

g (vp + 1.4)
0.8

(4.2.36)

where vp is the average piston speed, and according to Bargende (2001)

α = 235.5V −0.073
d p0.78 T−0.477

cw ω0.78
eng ξ (4.2.37)

with Tcw =
Tg+Tw

2 , and ξ a combustion term. A recent summary of these equations

for the heat transfer to the walls is given in Lejsek et al (2010) and it is shown how

the equation for the heat coefficients can be expanded for cycle individual dynamic

situations, e.g. during start of the engine. The specific heat for constant volume cv
follows by using R = cp − cv and κ = cp/cv to
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cv =
R

(κ− 1)
(4.2.38)

For real exhaust gases, however, cv depends on the temperature Tg and λ, Urlaub

(1995). It can be approximated by

cv(Tg) = 0.7 + 0.255 · 10−3 Tg

[K]

[
kJ

kg K

]
(4.2.39)

for gasoline engines, Manz (1982). This dependence can be considered in (4.2.30)

where Tg follows from (4.2.33).

The gross heat release can be approximated by an empirical function, the Vibe
function, Vibe (1970)

Qf(ϕ) = Qf,tot

[
1− e−aϕ

(m+1)
rel

]
(4.2.40)

for ϕ > ϕsoc

ϕrel =
ϕ− ϕsoc

Δϕcd
(4.2.41)

and

Qf,tot : total released fuel heat

Δϕcd = ϕeoc − ϕsoc combustion angle

ϕsoc, ϕeoc: start and end of combustion

m: formfactor

a: Vibe factor (a = 6.908).

Differentiation yields

dQf(ϕ)

dϕ
= a(m+ 1)

ΔQf,tot

Δϕcd
ϕm
rel e

−aϕm+1
rel . (4.2.42)

The use of the Vibe function requires that the parameters ϕsoc, Δϕcd and m have to

be adapted for the engine and its operation points, Sinsel (2000), Schaffnit (2002).

For direct injection diesel engines a good approximation could be obtained by the

superposition of two Vibe functions, Oberg (1976), Sinsel (2000) has shown how

the Vibe parameters can be estimated with parameter estimation methods based on

measured cylinder pressures.

After discretization of (4.2.30), (4.2.31), (4.2.35) and (4.2.42) with discrete an-

gles Δϕ (e.g. 1 to 6◦CS) the cylinder pressure increments Δp(ϕ) can be calculated

incrementally and summation leads to the cylinder pressure of the high pressure

combustion process

php(ϕ) =

ϕE0∑
ϕ=ϕIC

Δp(ϕ) (4.2.43)

where IC stands for intake closes and E0 for exhaust opens. Correspondingly, the

other variables are calculated. Figure 4.2.3 shows a comparison of simulated and

measured variables for a truck diesel engine.
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Based on the calculated cylinder pressure the corresponding torque generated

during the high pressure cycle becomes due to (4.2.22)

Mg,hp(ϕ) =
Vd

4π
php(ϕ). (4.2.44)
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Fig. 4.2.3. Comparison of calculated and measured variables for the HP-cycle of a truck diesel

engine OM 442LA, neng = 1260 rpm, mf = 176mg, ϕsoi = 356, 5◦CS, applying parame-

ter estimation for parameters of the heat release and wall heat transfer, Sinsel (2000).
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b) Low pressure combustion cycle

The low pressure combustion cycle comprises the gas exchange, that means pushing

out the exhaust gases with pressure pcyl,out and mass flow ṁ3 and drawing in the

fresh gases with pressure pcyl,in and mass flow ṁ2 and temperature Tcyl,in. A sim-

plified modeling of the gas exchange process will be based on semi-physical models

according to Urlaub (1995), Sinsel (2000) and Schaffnit (2002).

The theoretical gas mass flow into the cylinder follows by assuming a piston

pump

ṁg,th =
1

2
nengVdρ2 =

1

2
nengVd

p2
RT2

. (4.2.45)

Because of various flow phenomena like valve throttling and charge heating the real

mass flow is smaller, which is expressed by the volumetric efficiency coefficient,
Heywood (1988)

ηv =
ṁg

ṁg,th
=

ṁg

0.5nengVd
p2

RT2

(4.2.46)

or

ηv =
mg

mg,th
=

mgRT2

p2Vd
. (4.2.47)

It depends on the engine speed, load (air-mass flow, injected fuel mass) and valve

timing and can be determined experimentally on test benches or by empirical equa-

tions, e.g. Urlaub (1995). The fresh gas is then heated up in the cylinder and can be

described according to Zapf (1970) by

Tcyl,0 =
5

6
T2 + 85 [K]. (4.2.48)

Neglecting residual gases the cylinder pressure at the begin of the compression is

pcyl,0 =
mcyl,0 R Tcyl,0

Vc + Vd
(4.2.49)

with fresh gas mass

mg,0 = ηvmg,th = ηv
p2Vd

RT2
. (4.2.50)

The gas mass flow into one cylinder is

ṁ2 = mcyl,0
neng

2 · 60 (4.2.51)

and the gas mass flow out of the cylinder becomes

ṁ3 = ṁ2 + ṁf =
1

2
(mcyl,0 +mf)

neng

60
. (4.2.52)

The calculation of the work and torque for the low pressure combustion cycle re-

quires average values for the pressures pcyl,in and pcyl,out during the induction and

expansion stroke. Based on the average gas velocities through the valves it holds
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plp =

{
pcyl,in = p2

(
1− kinv

2
in

)
(induction)

pcyl,out = p3
(
1 + koutv

2
out

)
(expansion)

(4.2.53)

with averaged gas velocities

vin,out =
Ap

Ain,out
vp =

(
Ap

Ain,out

)
4rCSneng, (4.2.54)

see Urlaub (1995), and

Ap: piston area

vp: average piston speed

Ain,out: valve cross-section for opened valves

rCS: radius of crankshaft

kin, kout: average pressure drop coefficients at the valves.

The constants have to be determined experimentally, Schaffnit (2002). Finally, the

required work for the low pressure combustion cycle of one cylinder becomes with

averaged values for the pressures

Wi2 = (pcyl,in − pcyl,out)Vd (4.2.55)

and the average gas exchange torque gets

Mg,lp =
Plp

ωeng
=

(pcyl,in − pcyl,out)Vd
1
2
ωeng

2π

ωeng
=

(pcyl,in − pcyl,out)Vd

4π
. (4.2.56)

4.2.3 Combustion model analysis

For designing cylinder individual combustion control and diagnosis systems char-

acteristic quantities or features have to extracted from dynamic cylinder pressure

measurements.

The measurement of the pressure in the cylinders yields direct information of the

strokes. Therefore it is usually applied for the development and controller calibration

at engine test stands. Pressure sensors are beginning to be used for series production

engines, see Sect. 7.5.1. In-cylinder pressure measurement may be required by new

burning processes like the homogeneous charge compression ignition (HCCI) or for

lean combustion. Therefore, the generation of special features will be considered,

which can be used for control as well as for diagnosis.

a) Difference pressure features

Figure 4.2.4 depicts the measured pressure curve with fuel injection and firing and

the pressure curve without fuel injection, called “motored” pressure or “towed pres-

sure”. The information on the combustion lies in the difference pressure
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Δpcyl(ϕ) = pcyl(ϕ)− pcyl,m(ϕ). (4.2.57)

As in normal operation pcyl,m is only measurable before fuel injection it is assumed

that it is symmetrical to the top dead center (TDC) and is reconstructed by

pcyl,m(ϕ) = pcyl,m(−ϕ) (4.2.58)

for −180◦CS < ϕ < ϕsoi where ϕsoi is the angle for start of the (main) injection.

The missing curve segment for |ϕ| < |ϕsoi| towards the maximum is approximated

with

pcyl,m(ϕ) = a |ϕ|1.5 + b.

The parameters a and b are estimated on-line by the method of least squares. This

leads to a good reconstruction with maximal errors of 5%, Leonhardt et al (1997)

and removes sensor offsets.

For the purpose of control and diagnosis special numeric quantities of the differ-

ence pressure are required. Some examples are, compare Fig. 4.2.5

• Center of gravity

ϕc =

∫ +180

−180
ϕ Δpcyl(ϕ) dϕ∫ +180

−180
Δpcyl(ϕ) dϕ

; πc =
1

2

∫ +180

−180
Δp2cyl(ϕ) dϕ∫ +180

−180
Δpcyl(ϕ) dϕ

(4.2.59)

• Peak difference pressure, Δppeak, πpeak

• Secant length
ϕi = ϕmax,i − ϕmin,i (4.2.60)

for e.g. i = 4,10,16 bar.

These features depend on the injected fuel mass mf , begin of injection ϕsoi and speed

neng, compare Fig. 4.2.6 for the center of gravity coordinates. As also the other fea-

tures show unique nonlinear functions, the corresponding maps can be approximated,

e.g. by polynomials or a neural net. They serve then as features for the normal be-

havior in form of look-up tables and allow also the reconstruction of the injected fuel

mass and injection angle even for dynamic operation. Comparison with the normal

behavior then results in symptoms for fault detection in the corresponding cylinder,

Leonhardt (1996), Leonhardt et al (1997), Leonhardt et al (1999), Isermann (2015).

b) Heat release analysis

In Sect. 4.2.2 it was shown that from the pressure measurement in the cylinder only

the net heat release rate dQh

dϕ can be determined, see (4.2.30)

dQh(ϕ)

dϕ
=

cv(Tcyl)Vcyl(ϕ)

R

dpcyl(ϕ)

dϕ
+

(
1 +

cv(Tcyl)

R

)
pcyl(ϕ)

dVcyl(ϕ)

dϕ
.

(4.2.61)

The small effect of the fuel hf
dmf

dϕ is neglected. Discretizing this equation for angle

increments Δϕ = ϕi − ϕi−1 gives the incremental net heat release
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Fig. 4.2.4. Cylinder pressure curves for a diesel engine with swirl chamber, mf = 10mg;

ϕsoi = 16◦CS; neng = 2400 rpm, 1.2 l, 40 kW.
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ΔQh(ϕi) =
cv(Tcyl(ϕi))

R
Vcyl(ϕi)Δpcyl(ϕi)

+

(
1 +

cv(Tcyl(ϕi))

R

)
pcyl(ϕi)ΔVcyl(ϕi) (4.2.62)

with the differences

Δpcyl(ϕi) = pcyl(ϕi)− pcyl(ϕi − 1)

ΔVcyl(ϕi) = Vcyl(ϕi)− Vcyl(ϕi − 1).

The integrated net heat release (sum heat release) is obtained by

QhΣ =

ϕN∑
ϕ=ϕ0

ΔQh(ϕi)Δϕ (4.2.63)

with ϕ0 = ϕign and ϕN = ϕE0 for gasoline engines and ϕ0 = ϕsoi and ϕN = ϕE0

for diesel engines (ϕE0 : exhaust valve opens).

Now certain thermodynamic features can be calculated, for example, the crank

angles

ϕQ5, ϕQ50, ϕQ95

where the heat release values

Qh5, Qh50, Qh95

reach 5%, 50% and 95% of the total released heat. The specific heat release values

are calculated by

Qh(ϕQx) = Qx =
x

100
(maxQh −minQh) + minQh. (4.2.64)

Figure 4.2.7a) and b) show examples for these values. ϕQ5 characterizes the begin of

burning, ϕQ95 the end of burning and Δϕbd = ϕQ95 − ϕQ5 is the burning duration,

see also Figs. 7.4.1, 7.5.3, 8.2.5 and 8.7.3.

The burn rate or mass fraction burned (MFB) is

xB(ϕ) =
Qf(ϕ)

QfΣ
[0...1] (4.2.65)

where QfΣ is the total gross heat release. This feature can approximately be de-

termined from the net heat release if not absolute values but relative values are of

interest. Hence

xB(ϕ) ≈ Qh(ϕ)

QhΣ
[0...1] (4.2.66)

is a good estimate for the mass fraction burned, Bargende (1995), Müller (2003).
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c) Simplified equations for heat release analysis

To ease computations simplified calculations for the heat release were proposed.

Hohenberg (1982) assumes between an adiabatic and an isochoric change of state

two successive pressure measurements p and p+Δp and obtains for a net heat release

increment

ΔQh(ϕ) =
cv
R
Vcyl(ϕ)

[
pcyl(ϕ)− (pcyl(ϕ) +Δpcyl(ϕ))

(
1 +

ΔVcyl(ϕ)

Vcyl(ϕ)

)]
(4.2.67)

with κ=1.33.

Another approximation can be derived for assuming a constant volume com-

bustion cycle, an approximation for an idealized Otto combustion process, see

Fig. 4.2.2a).

With the assumption of a polytropic (adiabatic) behavior it holds for the com-

pression stroke (1 → 2)

p(ϕ)V κ(ϕ) = C1 (4.2.68)

and for the expansion stroke (3 → 4)

p(ϕ)V κ(ϕ) = C2 (4.2.69)

where the adiabatic coefficient is κ = 1+ R
cv(λ,T ) . Therefore the amount of energy Qf

released between ignition (ign) and end of combustion (eoc) (2 → 3) is proportional

to (C2 − C1)

Qf ∼ C2 − C1 = peocV
κ
eoc − pignV

κ
ign. (4.2.70)

During the combustion the released energy is proportional to p(ϕ)V κ(ϕ). Hence,

for the mass fraction burned and network release follows, McCuiston et al (1977) ,

Heywood (1988).

xB(ϕ) =
p(ϕ)V κ(ϕ)− pignV

κ
ign

peocV κ
eoc − pignV κ

ign

(4.2.71)

Qh(ϕ) ≈ xB(ϕ)QhΣ.

This gives a relatively good approximation compared to detailed thermodynamic cal-

culations, Vogt et al (2004). An optimal value for 50 % MFB is ϕ ≈ 8◦CS, Bargende

(1995).

The mass fraction burned can be determined for several ϕi = ϕ1, ϕ2, ϕ3, . . .
based on measured cylinder pressures p(ϕi) = pcyl(ϕi) for the calculation of

(4.2.71). Deviations

ΔxB(ϕ) = xB(ϕi)− xB,ref(ϕi) (4.2.72)

indicate differences to normal reference values. This can be used for optimizing the

ignition angle and for fault detection like to late or advanced burning, delayed igni-

tion and injection faults, see Sects. 7.5 and 8.6.

Throughout this chapter the state of gas in the form

pv = RT (4.2.73)

1�2 4   *HnHrDO &oPEuVtion (nJinH 0odHOV



-50 0 50

0

5

10

15

ϕ [°CS]

Δ
Q

h
 [

J/
°C

S
]

-50 0 50

50

100

150

200

250

300

350

ϕ [°CS]

Q
h
 [

J]

a) b)

Q
5
=Q

h
(ϕ

Q5
)

Q
50

=Q
h
(ϕ

Q50
)

Q
95

=Q
h
(ϕ

Q95
)

Δϕ
bd

Δϕ
bd

Fig. 4.2.7. a Difference heat release determined from cylinder pressure of a gasoline engine. b
sum heat release Qh and heat release angle ϕQX for Qh = 5, 50 and 95%, Kohlhase (2011).

was applied. This equation holds for pressures p < 5 bar, VDI heat atlas (2010),

Da11. However, based on the work of van der Waal in 1873 various versions with

correlation terms for higher pressure and also higher temperature were found, among

them from Soave-Redlich-Kwong,

p =
RT

v − p

a(T )

v2 + bv
. (4.2.74)

Simulations show that the difference to the cylinder pressure around 60–80 bar is

about maximal 2–4 %.

4.3 Mechanical system

4.3.1 Mean value torque models

The crankshaft drive transfers the combustion pressure induced forces on the pistons

into a torque. For the work of the piston and the crankshaft drive follows for a four-

stroke engine

4πMeng = pbmepVd (4.3.1)

where Vd is the displacement of one cylinder, and therefore for the brake mean eff-
ective pressure

pbmep =
4πMeng

Vd
. (4.3.2)

This is a fictive average pressure acting on the piston to generate the torque Meng at

the clutch over one expansion stroke with volume Vd and is about 7–11 bar for gaso-

line engines and 8–22 bar for diesel engines. The work in the cylinder is generated

by the mass of fuel mf burnt per stroke with lower heat value Hl. This allows the

calculation of the effective efficiency of the engine
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ηeff =
4πMeng

mfHl
=

pbmepVd

mfHl
. (4.3.3)

This efficiency includes all other efficiencies like fuel conversion factor ηf , thermal

efficiency ηth, efficiency of the working cycle ηg and mechanical efficiency ηm

ηeff = ηf ηth ηg ηm (4.3.4)

compare (4.2.20). For given brake mean effective pressure pbmep or given efficiency

ηeff the mean torque at the clutch can therefore be calculated by

Meng =
pbmepVd

4π
=

mfHlηeff
4π

. (4.3.5)

pbmep or ηeff can be obtained from diagrams in dependence on speed with parameters

like fuel injection based on measurements, see Fig. 4.3.1. (4.3.5) leads to a relation

between brake mean effective pressure and fuel mass

pbmep =
Hlηeff
Vd

mf

or

mf =
Vd

Hlηeff
pbmep (4.3.6)

pbmep is proportional to mf . However ηeff changes much with the operating point

(pbmep, neng). For many internal combustion engines a linear relation between the

fuel consumption per time unit bf [kg/h] and the effective Power Peff [kW] can be

observed at least for part load, compare Fig. 4.3.2,

bf = c0Peff + Ploss (4.3.7)

where Ploss expresses the sum of friction and gas exchange losses. Introducing mf =
2ṁf/neng = 2bf/neng yields

mf = 4π (c0Meng,eff +Meng,loss)

= 4πc0Meng,eff +mf,loss

= Vd (c0pbmep + pm,loss) .

(4.3.8)

These linear relationships are called Willans-characteristics, Greene et al (1969).

The two terms distinguish in a relatively simple way between the usable effective

power or torque and the various losses. pm,loss can be interpreted as mean effective

pressure of friction and gas exchange losses.

4.3.2 Dynamic torque models

In order to model the dynamic torque generation at the clutch or flywheel the dy-

namic forces on the pistons and their transformation to a crankshaft torque has to be

considered, see Fig. 4.3.3.
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Assuming that the crankshaft is stiff and the moving pistons, connecting rods,

crankshaft, flywheel and the primary part of the clutch can be lumped in one moment

of inertia Jeng the torque balance of the crankshaft yields

Jeng
dωeng(ϕ)

dt
= Mg(ϕ)−Mm(ϕ)−Mv(ϕ)−Mf(ϕ)−Maux1(ϕ)−Ml(ϕ) (4.3.9)

with

Mg gas force torque

Mm dynamic masses torque

Mv valve train torque

Mf friction torque

Maux1 auxiliary drive torque (engine integrated)

Ml load torque.
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Fig. 4.3.3. Cylinder, piston, connecting rod (conrod) and crankshaft.

The required torque Maux1 for the auxiliary drives include the engine integrated

auxiliaries (accessories) like oil pump and water pump. The torque for the auxiliary

drives which can vary depending on the vehicle, like alternator, servo steering pump,

air conditioning compressor, etc. are described by Maux2 and treated as external load.

Figure 4.3.4 shows the corresponding signal-flow diagram. Hence, the engine torque

at the clutch is described by

Meng(ϕ) = Mg(ϕ)−Mm(ϕ)−Mv(ϕ)−Mf(ϕ)−Maux1(ϕ)− Jeng
dωeng(ϕ)

dt
.

(4.3.10)

Some torques can now be split into a constant and a periodic part

M(ϕ) = M + M̃(ϕ) (4.3.11)

where the periodic part has zero mean. From (4.3.9) follows for averaged values over

one operation cycle

Jeng ω̇eng(ϕ) = Mg −Mv −M f −Maux1 −M l = 0 (4.3.12)

and for the periodic acting torques

Jeng ˜̇ωeng(ϕ) = M̃g(ϕ)− M̃m(ϕ)− M̃v(ϕ)− M̃l(ϕ). (4.3.13)

It is assumed that the friction and the auxiliary drives have no periodic parts. For

stationary operating it holds ω̇eng = 0 in (4.3.12).

By averaging specific torques in (4.3.12) over 720◦CS it follows for four-stroke

engines
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Meng,ind = Mg,720 =
1

4π

∫ ϕ0+4π

ϕ0

Mg(ϕ) dϕ mean indicated torque (4.3.14)

Meng,eff = M l,720 =
1

4π

∫ ϕ0+4π

ϕ0

Ml(ϕ) dϕ

=
1

4π

∫ ϕ0+4π

ϕ0

Meng(ϕ) dϕ mean effective torque (4.3.15)

Hence, for the mean torques hold

Meng,eff = Meng,ind −M f −Mv −Maux1. (4.3.16)

Now the single torques are considered.

MvMm

Mg

Mf MlMaux1

MengMcyl

d�eng

1

Jeng

dt ωeng

Fig. 4.3.4. Acting torques on the crankshaft.

a) Kinematics of the crankshaft drive

The travel way of a piston in dependence on the crank angle ϕ can be described by

Fig. 4.3.3,

spist(ϕ) = rcs

[
1 +

1

λcr
− cosϕ− 1

λcr

√
1− λ2

cr sin
2 ϕ

]
(4.3.17)

with the stroke/connecting rod ratio

λcr = rcs/lcr (4.3.18)

compare Heywood (1988), Robert Bosch GmbH (2011). For small λcr this can be

simplified after a series expansion of the the square root to

spist(ϕ) = rcs

[
1− cosϕ+

λcr

4
(1− cos 2ϕ)

]
. (4.3.19)

(For λcr = 0.25 the amplitude of the last term is 0.063, i.e. relatively small.)

For the cylinder volume follows

Vcyl(ϕ) = Vc +Apist spist(ϕ) (4.3.20)
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where Vc is the clearance volume at TDC and Apist the piston area with the displace-

ment Vd = 2Apistrcs.
The calculation of the combustion pressure pcyl follows the pressure and heat-

release analysis (4.2.31) with Vcyl(ϕ) according to (4.3.20). dVcyl(ϕ)/ dϕ follows

from (4.3.20) to (4.3.17) to

dVcyl

dϕ
=

Vd

2

(
sin(ϕ) +

λcr sin(2ϕ)

2
√
1− (λcr sin(ϕ))2

)
. (4.3.21)

The pressure of the high pressure cycle pcyl results from (4.2.43) and of the low

pressure cycle from (4.2.53). The piston force Fpist is the result of the gas force Fg

and the mass force Fm of the accelerated piston and conrod, see Fig. 4.3.5

Fpist(ϕ) = Fg(ϕ)− Fm(ϕ)

= (pcyl(ϕ)− pa)Apist − (mpist +mcr) s̈pist(ϕ).
(4.3.22)

mpist is the piston mass, mcr the oscillating part of the conrod and pa the ambient

pressure. The piston acceleration follows from (4.3.19)

s̈pist(ϕ) = rcs ω
2
eng (cosϕ+ λcr cos 2ϕ) . (4.3.23)

For constant speed holds ϕ = ωengt. Hence, the piston acceleration and therefore

the vertical mass forces are proportional to ω2
eng with angular frequencies ωeng and

2ωeng, Merker et al (2006). It is assumed that the engine speed is constant during one

stroke and therefore no mass forces result from speed changes ω̇. The force from the

piston to the crankshaft is, Urlaub (1995),

Ft(ϕ) = Fpist(ϕ) sinϕ

⎛⎝1 +
λcr cosϕ√

1− λ2
cr sin

2 ϕ

⎞⎠ . (4.3.24)

Finally, the torque at the crankshaft through the gas forces and piston acceleration

forces for one cylinder i is

Mcyl,i(ϕ) = Ft(ϕ) rcs = (Fg,i(ϕ)− Fm,i(ϕ)) rcs = Mg,i(ϕ)−Mm,i(ϕ) (4.3.25)

see Fig. 4.3.5 and can be divided in a torque Mg,i from the gas forces and Mm,i from

the mass forces, which have zero mean.

For engines with ic cylinders holds for each cylinder

Mcyl,i(ϕ) = Ft (ϕ+ (ic − 1)ϕ0) rcs (4.3.26)

where ϕ0 is the firing distance angle to cylinder 1. For a four-cylinder engine it is,

e.g. ϕ0 = π. Their sum yields the cylinder torque

Mcyl(ϕ) =

ic∑
i=1

Mcyl,i(ϕ) =

ic∑
i=1

(Mg,i(ϕ)−Mm,i(ϕ)). (4.3.27)

The effective torque to the crankshaft then follows from (4.3.10)

Meng(ϕ) = Mcyl(ϕ)−Mv(ϕ)−Mf −Maux1(ϕ). (4.3.28)

In the following, the gas, mass, and friction torques are further analyzed.
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b) Gas torque

The gas torque is the result of the high-pressure and low-pressure cycle in the cylin-

ders and is the only one contributing positive work. According to (4.3.22), (4.3.24),

(4.3.25) and (4.3.26) it results

Mg(ϕ) = Fg(ϕ) rcs = Apist rcs

ic∑
i=1

(pcyl,i(ϕ)− pa)

· sin (ϕ+ (i− 1)ϕ0)

⎛⎝1 +
λcr cos (ϕ+ (i− 1)ϕ0)√

1− λ2
cr sin

2 (ϕ+ (i− 1)ϕ0)

⎞⎠ . (4.3.29)

Hence, the gas moment contains periodic components with angular frequencies ωeng

and 2ωeng (sin2 ϕ = (1 − cos 2ϕ)/2). Figure 4.3.6 shows the calculated gas torque

for firing and motoring operation. The cylinder pressure pcyl(ϕ) follows from equa-

tions for the combustion cycle. A first possibility is to apply (4.2.43) for php(ϕ) for

the high-pressure cycle and plp from (4.2.53) for the low-pressure cycle. Another

possibility is to replace the gross heat release dQf(ϕ)/dϕ by a Vibe function accord-

ing to (4.2.42).

A more detailed model to determine pcyl(ϕ) by taking into account forward and

backward flow through the valves is presented by Zahn (2012).

c) Mass torque

The mass torque from the oscillating piston and conrod masses can be calculated

from (4.3.22), (4.3.23), (4.3.24), (4.3.26), (4.3.27)
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Mm,i(ϕ) = (mpist +mcr)r
2
csω

2
eng [cos (ϕ+ (i− 1)ϕ0)

+ λcr cos (2ϕ+ (i− 1)ϕ0)] sin (ϕ+ (i− 1)ϕ0)

·
⎡⎣1 + λcr cos (ϕ+ (i− 1)ϕ0)√

1− λ2
cr sin

2 (ϕ+ (i− 1)ϕ0)

⎤⎦ . (4.3.30)

This can be simplified for a four-cylinder engine, as the mass torques of cylinders 1

and 3 as well as 2 and 4 are identical. With ϕ0 = π one obtains, Kimmich (2004)

Mm(ϕ) =

4∑
i=1

Mm,i(ϕ) = 2 (mpist +mcr) r
2
cs ω

2
eng·

·
⎡⎣sin(2ϕ) + λ2

cr

4

sin(4ϕ)√
1− λ2

cr sin
2 ϕ

⎤⎦ . (4.3.31)

Figure 4.3.7 depicts the mass torque for different speeds. The oscillating mass torque

has zero mean and its amplitudes increase strongly with the speed because of the

quadratic dependence. The resulting torque harmonics have angular frequencies

2ωeng (dominant magnitude) and 4ωeng (smaller magnitude). The influence of the

mass torque compared to the gas torque can be seen from Fig. 4.3.8. The influence

is negligible for n = 1000 rpm. With increasing speed it increases and shows a

damping of the torque amplitudes for this four cylinder engine.

d) Friction torque

The friction torque is usually determined on test benches during motoring with dif-

ferent speed, Fischer (2000). According to Schwarzmeier (1992) holds for an app-

roximation of the mean friction pressure
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pfmep = p∗fmep + k1
(
p1.35bmep − (p∗bmep)

1.35
)
+ k2

[
n2
eng − (n∗

eng)
2
]

(4.3.32)

where p∗fmep, p∗bmep and n∗
eng are measured for a reference operating point, and k1

and k2 are determined from additional measurements, see Schaffnit (2002). The fric-

tion torque results from

Mfric(mf , neng) =
pfmep(mf , neng)Vd

4π
. (4.3.33)

The investigations from Fischer (2000) have shown that friction torque in depen-

dence on the speed is proportional for the crankshaft bearings and quadratic for the

pistons. The oil- and water-temperature have a significant influence. The friction

losses in the valve train and auxiliary drives are approximately proportional to the

speed. The superposition of all frictions does not show a dominating oscillating be-

havior.

e) Simulation of dynamic torque with split models for stationary and dynamic
torque

The calculations for the combustion cycle with pcyl(ϕ) as output are relatively exten-

sive. With regard to real-time computations (e.g. for HiL simulation), Sinsel (2000)

developed a dynamic torque model where the stationary and dynamic contributions

are separated. As shown in Fig. 4.3.9 the indicated cylinder torque Meng,ind and the

torque at the clutch Meng are determined by

Meng,ind(ϕ) = Mbasic(ϕ) +Mg,comb(ϕ)

Meng(ϕ) = Meng,ind(ϕ)−Mf −Mv −Maux1

(4.3.34)

in dependence on the operating point (mf , neng) and relevant manipulated variables,

e.g. in form of look-up-tables or a neural net.
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The basic torque Mbasic describes the mass and gas forces without combustion.

The gas forces are determined with a simplified combustion chambers model, ass-

uming a polytropic change of state

pcyl,basic = pcyl,0 ϕ ∈ [0◦, 180◦], [540◦, 720◦]

pcyl,basic(ϕ) =

(
Vcyl,0

Vcyl(ϕ)

)n

pcyl,0 ϕ ∈ [180◦, 540◦] (4.3.35)
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where pcyl,0 and Vcyl,0 hold at the beginning of compression and n is the polytropic

coefficient, see Fig. 4.3.10. The basic torque Mbasic follows from

Mbasic(ϕ) = Mg,0(ϕ)−Mm(ϕ) (4.3.36)

according to (4.3.25). Mg,0(ϕ) is the torque of the gas forces without combustion

due to (4.3.29) and (4.3.35) and Mm(ϕ) is the dynamic mass torque obtained from

(4.3.30) to (4.3.31).
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Fig. 4.3.9. Block diagram for the dynamic torque based on stationary models for the indicated

torque and separated dynamic models for the combustion, gas and mass torque, Sinsel (2000),

Schaffnit (2002).

Based on these torque components it follows for the motoring torque or drag

torque, i.e. the torque without combustion

Mdrag(ϕ) = Mg,0(ϕ)−Mm(ϕ) +Mv(ϕ) +Mf(ϕ) +Maux1. (4.3.37)

The dynamic gas torque through the combustion is

Mg,comb(ϕ) = Meng,ind(ϕ)−Mbasic(ϕ) (4.3.38)

and results from the combustion mainly during the expansion. Meng,ind(ϕ) is cal-

culated based on a measured indicated cylinder pressure pcyl,ind(ϕ), resulting in the

force on the piston

Fpist,ind = Apist pcyl,ind(ϕ) (4.3.39)

and follows by using (4.3.24) and (4.3.25). Figures 4.3.10 and 4.3.11 show an exam-

ple.
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To reduce the calculations the dynamic torque through combustion is, corre-

sponding to a Vibe function (4.2.40), approximated by

M̂g,comb(ϕ) = aϕ′2 e(−bϕ′) ϕ ∈ [360◦, 540◦]
ϕ′ = ϕ− 360◦. (4.3.40)

The parameters a and b have to satisfy the following two conditions:

1

720◦

∫ 720◦

0

M̂g,comb(ϕ) dϕ = Mg,ind (4.3.41)

as Mbasic = 0, and
d

dϕ′ M̂g,comb(ϕ)

∣∣∣∣
ϕ′=ϕmax

= 0 (4.3.42)

as the position of the maximum of M̂g,comb(ϕ) at crank angle ϕ′ = ϕ′
max is assumed

to be constant and does not change with load and speed, Sinsel (2000). This leads to

a =
4 · 720◦ ·Mg,ind

(ϕ′
max)

3
; b =

2

ϕ′
max

. (4.3.43)

Figure 4.3.12 depicts the good approximation quality of (4.3.40), and Fig. 4.3.13

a comparison of the indicated torque based on measurements and calculated with

(4.3.38), now including the basic torque. Figure 4.3.14 shows the resulting dynamic

engine torque Meng(ϕ) for different speed and torque.

These models were used for the hardware-in-the-loop simulation of truck diesel

engines, Sinsel (2000). Similar results were obtained by Schaffnit (2002) where the

stationary torque through the high pressure combustion cycle was approximated with

a LOLIMOT neural network and the inputs mair, mf , ϕsoi and neng, also with emiss-

ion models.
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4.3.3 Reconstruction of torque oscillations through speed measurements

The gas forces through the combustion result in an acceleration of the crankshaft be-

tween TDC and BDC. For the applied energy to the crankshaft holds for one cylinder

dE(ϕ) = Mg(ϕ) dϕ (4.3.44)

and for the torque through acceleration

Mg(ϕ) = Jengω̇eng(ϕ). (4.3.45)

(4.3.29) shows that the gas forces are mainly proportional to sinϕ. Therefore, it can

be assumed that ω̇ = Mg(ϕ)/Jeng is also proportional to sinϕ. The applied energy

is
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ΔE = Jeng

∫ ϕ(ωmax)

ϕ(ωmin)

ω̇eng(ϕ) dϕ (4.3.46)

with

ϕ(ωmin) crank angle with lowest ωeng

ϕ(ωmax) crank angle with largest ωeng

compare Fig. 4.3.15. Using

ω̇eng =
dωeng

dt
=

dωeng

dϕ

dϕ

dt
=

dωeng

dϕ
ωeng (4.3.47)

leads to

ΔE = Jeng

∫ ωmax

ωmin

ω̇eng(ϕ) dωeng =
1

2
Jengω

2
eng

∣∣∣∣ωmax

ωmin

=
1

2
Jeng

(
ω2
eng,max − ω2

eng,min

)
.

(4.3.48)

The torque increase through the applied energy is with (4.3.44)

ΔMeng = ΔE/Δϕ (4.3.49)

Δϕ = ϕ(ωeng,max)− ϕ(ωeng,min)

If the average angular speed is

ωeng =
1

2
(ωeng,max + ωeng,min) (4.3.50)

and the amplitude of the resulting speed oscillation is noted by

Δωeng =
1

2
(ωeng,max − ωeng,min) ,

then one obtains for the torque increase with (4.3.48), (4.3.49)

ωeng,max = ωeng +Δωeng

ωeng,min = ωeng −Δωeng

for one cylinder

ΔMeng =
2

Δϕ
Jeng ωengΔωeng. (4.3.51)

This means that the torque oscillation amplitudes generated through combustion gas

forces are proportional to the average angular speed and the amplitude of the speed

oscillation, Führer et al (1993). Therefore, ΔMeng can be called “speed oscillation

torque”. If ΔMeng is determined in dependence on the mean effective engine torque

M eng by measurements with a corresponding drive train, e.g. a model in form of a

look-up table ΔMeng = ϕ(M eng, Δωeng) can be established. Then M eng can be

determined by measurement of Δωeng, Kimmich (2004). This allows to reconstruct

the engine torque at the clutch if the number of cylinders is not too large (ic ≤ 6).
One application is misfire detection, see concluding remarks for diesel engines.
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4.4 Turbochargers

4.4.1 Introduction

The charged air mass in the cylinders can be increased by compressing the air flow

of the intake. Because of the increased oxygen content more fuel can be injected,

resulting in an increase of torque for a given displacement and engine speed. As the

air heats up during compression, usually a charge-air cooler (intercooler) follows

down-stream the compressor, in order to increase the air density and therefore air

mass in the cylinder. One can distinguish these types of compressors:

• Mechanical driven superchargers

• Exhaust gas turbochargers

• Pressure-wave superchargers.

Mechanical superchargers are driven by the crankshaft. There exist mechanical, cen-

trifugal and positive-displacement superchargers. As the centrifugal types require

very high rotational speed, positive-displacement superchargers are used more often,

e.g. for small- and medium-displacement gasoline engines which need a wide spread

volumetric flow range of about 1:75. Piston-, screw-type and rotary-piston have an

internal compression. The roots-type just transports the air, without internal compres-

sion. All of them have a strong dependence of the pressure on the volume flow rate

and the volumetric flow is about proportional to the speed. Therefore, high pressure

ratios can be generated at low flow rates, see e.g. Robert Bosch GmbH (2011).

Pressure-wave turbochargers (comprex-chargers) use pressure waves of the ex-

haust gas to convey energy to the intake air via a cell rotor which is mechanically

driven from the crankshaft. This way the exhaust gas pulses are directly used to com-

press the air entrapped in the cells, without requiring mechanical power from the en-

gine, except low bearing friction losses. This charging concept allows to be effective

also for low engine speeds. However, the synchronization of the turbocharger drive

from the crankshaft and the intake strokes needs a precise control.

Exhaust gas turbochargers are traditionally applied for diesel engines, in earlier

time for trucks and since about 1975 also for passenger cars. They are also used for
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small and medium sized gasoline engines. A turbine uses the energy of the exhaust

gas and drives the compressor. In contrast to mechanical superchargers the speed of

the turbocharger does not directly depend on the engine speed. It is the result of a

balance between turbine and compressor power.

Figure 4.4.1 depicts a typical design. The turbine is usually designed as a cen-

tripetal inward-flow or radial-flow wheel, see also Fig. 4.4.3. The exhaust gases are

diverted from the outside of the spiral turbine housing to the center. A connecting

shaft drives the radial compressor, where the intake air is drawn in at the center and

is driven outwards by the blades of the impeller into the spiral compressor housing.

Because the turbine converts the thermal energy of the exhaust gas into air compress-

ion energy, the increase of air pressure is higher than the rise of exhaust gas pressure

up-stream the turbine, such delivering a positive scavenging drop over the cylinder.

The compressor and its housing are made of cast aluminum alloy, the turbine wheel

of steel-nickel alloys, and the turbine housing, e.g. of spheroidal cast iron.

oil inlet

bearing

compressor
t eurbin

main shaft

pneumatic
actuator

adjustable vanes

turbine wheel

compressor
impeller

Fig. 4.4.1. Scheme of an exhaust turbocharger with variable geometry, Shaaban (2004).

The bearing housing contains the bearings and sealing elements. Radial as well

as axial (thrust) bearings are designed as plain or oil bearings. They are connected to

the engine’s oil circuit, providing the bearings with lubrication and cooling. Piston

rings at the casing openings seal the oil chamber to the exterior. For exhaust gas tem-

peratures of up to 800◦C no additional cooling is necessary. However, if the exhaust

gases reach temperatures of 1000◦C as is the case for gasoline engines, water-cooled

bearing houses are required.

4.4   Turbochargers 189



Fig. 4.4.2. Scheme of a radial flow turbo compressor, Zahn (2012). a inlet channel. b rotor.

c ring slot. d diffusor. e spiral casing C0...C5 flow sections.

Because of the large speed spread of passenger-car engines, the boost pressure

has to be controlled, usually by manipulation of the the turbine power. In the case of

wastegate or bypass control, part of the exhaust gas flow is diverted past the turbine,

thus reducing the gas flow through the turbine. This also lowers the exhaust gas

back pressure and the speed of the turbocharger at high loads. At low engine load

and speed, the wastegate is closed. The wastegate is manipulated by a pneumatic or

electrical actuator.

A variable turbine geometry directs the entire exhaust gas flow through the tur-

bine by changing the cross-section and the flow velocity to the turbine and thus

the exhaust gas back pressure. This is reached either by adjustable vanes (VTG), as

shown in Fig. 4.4.3, or by an adjustable sleeve (VST). Most common are the VTG

turbochargers because they have a wide control range with high efficiencies. The

turnable vanes are attached via control levers to an adjustable ring, which is conn-

ected to a pneumatic or electrical actuator, Fig. 4.4.3. The adjustable vanes change

the gap size and flow direction to the turbine. At low engine speeds or loads a small

gap forces the exhaust gas pressure and the flow velocity to increase, thus increasing

the pressure difference over the turbine and the turbine speed. Therefore the turbine

power increases and forces the compressor to generate a higher boost pressure. For

higher engine speeds or load the gap is widened, resulting in a reduced exhaust gas

back pressure and therefore smaller pressure difference over the turbine. In neutral

position, the VTG turbocharger is fully opened by a spring. This can be considered

a fail-safe position. A VTG turbocharger allows, compared to a fixed geometry tur-

bocharger, a much wider operation area, resulting especially in higher turbine torques
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and speeds at lower loads. This way, a considerable turbo lag at low loads and speeds

can be avoided.

Fig. 4.4.3. Scheme of a variable-turbine geometry turbocharger (VTG), Zahn (2012). a spiral

casing. b adjustable guide vanes. c bladeless ring space. d rotor with blades. e exit channel.

T0...T5 flow sections.

A multi-port scheme for the energy flows of the turbocharger system is repre-

sented in Fig. 4.4.4. It consists of the compressor, the turbine and the cylinder as

converters, the air-charge cooler as transformer, a throttle in the intake and an EGR

valve as sinks, and air and exhaust ducts as storages. According to multi-port repre-

sentations for energy flows the state variables at the interfaces between the process

elements are determined in such a way that they describe a power, consisting of a

potential as effort and a flow, Isermann (2005), Karnopp et al (2000). Therefore, the

enthalpies are taken as effort and the mass flows as flow variables. The compressor

and the intake stroke of the cylinder then generate enthalpies h(p, T ) which cause

the corresponding mass flows of the intake system. Analogously the exhaust stroke

and the turbine determine with the enthalpy of the exhaust gases the exhaust mass

flow. A signal flow of all important variables is shown later.

The design of turbochargers is conventionally accompanied by the use of charac-

teristic maps for the turbine and the compressor, which are measured on special test

benches, mostly separated from each other.

To make the characteristics independent of the changing environmental condi-

tions, the variables are given as referenced or corrected quantities by using fluid

mechanical laws. The reference conditions are e.g. for the compressor at the inlet

T1ref = 293K, p1ref = 0.981 bar and for the turbine T3ref = 873K, also at the

inlet.

As a first relative quantity the peripheral velocity of the rotor
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u = π dntc = ωtcr (4.4.1)

is related to the speed of sound

a =
√
κRT (4.4.2)

(κ = 1.4, R = 287 J/kgK)

which results in the Mach number

Ma =
u

a
=

ωtcr√
κRT

=
r√
κR

ωtc√
T
. (4.4.3)

This means that the Mach number is proportional to ωtc/
√
T and leads to a corrected

rotational speed

ωtc,cor = ωtc

√
Tref√
T

. (4.4.4)

The measured speed ωtc with inlet temperature Tin is therefore transformed to a

corrected speed ωtc,cor for the reference temperature Tin,ref .

For the mass flow through a contraction (nozzle) holds

ṁ = Apin

√
2

RTin
ψ (4.4.5)

with the flow function

ψ =

√√√√ κ

κ− 1

[(
pout
pin

) 2
κ

−
(
pout
pin

)κ+1
κ

]
(4.4.6)

where pin is the pressure at the inlet and the pressure at the outlet, compare (4.1.19),

(4.1.20) and (4.1.57), (4.1.59). The mass flow is therefore proportional to pin/
√
Tin

and ψ
(

pout

pin

)
. From (4.4.5) it follows

ṁ

√
Tin

pin
= A

√
2

R
ψ. (4.4.7)

This term only depends on the flow function ψ which is a function of the pressure

ratio pout/pin. To obtain a corrected mass flow ṁcor for the standard conditions

pin,ref and Tin,ref it follows

ṁ

√
Tin

pin
= ṁcor

√
Tin,ref

pin,ref

ṁcor = ṁ

√
Tin/Tin,ref

pin/pin,ref
= A

pin,ref√
Tin,ref

√
2

R
ψ. (4.4.8)

This corrected mass flow can also be applied for turbo engines.

In the following sections, stationary and dynamic models of turbochargers are

treated. They can be derived by thermodynamic changes of state or by fluid dynamic

approaches using Euler’s equation for turbomachinery.
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4.4.2 Thermodynamic models of turbochargers

The overall behavior of turbomachines is usually first described by basic thermo-

dynamic changes of state in form of idealized adiabatic compression and expansion

processes, i.e. changes of state without heat transfer to and from the environment,

such that an isentropic change of state Δs = 0 results.

a) Compressor

Figure 4.4.5a) shows an h − s diagram for a compressor. The idealized isentropic

enthalpy change is

Δhc,is = cpc(T2,is − T ∗
1 ) (4.4.9)

where the temperature T2,is for given pressures follows for an isentropic change of

state (
T2,is

T ∗
1

)
=

(
p2
p1

)κc−1
κc

. (4.4.10)

The last two equations yield

Δhc,is = cpcT
∗
1

((
p2
p1

)κc−1
κc − 1

)
. (4.4.11)

As the compression is not isentropic in reality, because of flow friction losses which

produce heat, a polytropic change of state arises with T ∗
2 > T2,is, see Fig. 4.4.5a),

such that the required compressor enthalpy difference is

Δhc,adi = cpc(T
∗
2 − T ∗

1 ). (4.4.12)

This leads to the isentropic compressor efficiency

ηc,is =
Δhc,is

Δhc,adi
=

(T2,is − T ∗
1 )

T ∗
2 − T ∗

1

=

(
p2

p1

)κc−1
κc − 1

T∗
2

T∗
1
− 1

. (4.4.13)

Rearranging (4.4.13) allows to determine the temperature ratio at the compressor

T ∗
2

T ∗
1

= 1 +
1

ηc,is

((
p2
p1

)κc−1
κc − 1

)
(4.4.14)

and the required compressor power becomes

Pc = ṁcΔhc,adi = ṁc cpc(T
∗
2 − T ∗

1 ) = ṁc
cpc T

∗
1

ηc,is

((
p2
p1

)κc−1
κc − 1

)
. (4.4.15)

The stationary behavior of a turbocompressor is usually represented in a compressor

map

1�4 4   *HnHrDO &oPEuVtion (nJinH 0odHOV



(
p2
p1

)
= f (ṁc,cor, ntc,cor) (4.4.16)

as depicted in Fig. 4.4.6a) with corrected mass flow rate according to (4.4.8). The

real mass flow then follows from

ṁc = ṁc,cor
p1/p1,ref√
T1/T1,ref

. (4.4.17)

The compressor map shows for small mass flow rates a surge line as an operation

limit. This surge line divides the map in a stable operation for larger flow rates and

an unstable region for too small flow rates. Surging is characterized by a pulsating

pressure and flow, resulting from local flow reversal which excite turbocharger vi-

brations and may lead to damage. For large mass flow rates the operating regime is

limited by chocking because the flow becomes sonic. The pressure ratio shows char-

acteristic curves for constant speed which decrease approximately quadratic with the

flow rate. The curves for constant efficiencies run about parallel to the surge line.

The resulting operating point of the compressor follows in connection with the corr-

esponding operating map of the turbine. The compression process is illustrated in

Fig. 4.4.5a) using an h − s diagram with lines of constant pressure p1 and p2 and

measured temperatures T1 and T2. For power calculation in (4.4.15) an isentropic

efficiency map is used which depends on the corrected mass flow rate and speed

ηc,is = f(ntc,cor, ṁc,cor) (4.4.18)

and can be parameterized from temperature measurements, as described in detail in

Sect. 4.4.5 and is shown in Fig. 4.4.7, for an example.

T2,is
T2

*

T1

*

p1

p
�

h

s

T4,is

T4

*

T3

*

p
�

p
�

h

s
a) b)

Fig. 4.4.5. Adiabatic and polytropic change of gas state. a compressor. b turbine.

Another possibility to model the compressor pressure ratio is to approximate it

with quadratic polynomials, Zahn (2012),

p2
p1

(ṁc,cor, ωtc,cor) =

(
p2
p1

)
vert

−Kc(ωtc,cor) [ṁc,cor − ṁc,cor,vert(ωtc,cor)]
2

(4.4.19)
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model, Sidorow et al (2011).

where (p2/p1)vert is the vertex. The vertex point represents approximately the surge

line of the compressor. Hence, (4.4.19) is only valid for ṁc,cor ≥ ṁc,cor,vert. In

addition following approximations hold

ṁc,cor,vert(ωtc,cor) = k1ωtc,cor + k2ω
2
tc,cor(

p2
p1

)
vert

(ṁc,cor,vert) = 1 + k3ṁc,cor,vert + k4ṁ
2
c,cor,vert + k5ṁ

3
c,cor,vert

Kc (ωtc,cor) = k6 + k7ωtc,cor + k8ω
2
tc,cor.

(4.4.20)
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Fig. 4.4.8 shows a comparison of measurements with these approximations.
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Fig. 4.4.8. Pressure ratio p2/p1 of a compressor. Measured values and approximation by poly-

nomials (Zahn (2012)).

b) Turbine

Considering the h − s diagram in Fig. 4.4.5b) for a turbine, the idealized enthalpy

difference is

Δht,is = cpt (T
∗
3 − T4,is) (4.4.21)

with isentropic change of state

T4,is

T ∗
3

=

(
p4
p3

)κt−1
κt

. (4.4.22)

Analogously to the compressor, it follows for an isentropic change of state

Δht,is = cptT
∗
3

(
1−

(
p4
p3

)κt−1
κt

)
. (4.4.23)

If the real enthalpy change is described by a polytropic change of state, with T ∗
4 >

T4,is it holds:

Δht,adi = cpt (T
∗
3 − T ∗

4 ) (4.4.24)

and the isentropic turbine efficiency becomes
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ηt,is =
Δht,adi

Δht,is
=

(T ∗
3 − T ∗

4 )

(T ∗
3 − T4,is)

=

T∗
4

T∗
3
− 1(

p4

p3

)κt−1
κt − 1

. (4.4.25)

Rearranging (4.4.25) one obtains

T ∗
4

T ∗
3

= 1− ηt,is

(
1−

(
p4
p3

)κt−1
κt

)
(4.4.26)

and the generated turbine power yields

Pt,adi = ṁt Δht,adi = ṁt cpt (T
∗
3 − T ∗

4 )

= ṁt cpt T
∗
3 ηt,is

(
1−

(
p4
p3

)κt−1
κt

)
.

(4.4.27)

ηt,is is measured, and approximated as shown in Fig. 4.4.18. In the ideal case of an

isentropic change of state the turbine power is

Pt,is = ṁt cpt T
∗
3

(
1−

(
p4
p3

)κt−1
κt

)
. (4.4.28)

This corresponds to a kinetic energy of the exhaust gas which would be achieved in

an isentropic expansion through a contraction

Ėt = ṁt

c2u,max

2
(4.4.29)

where cu,max is called isentropic velocity, Whitfield and Baines (1990), Hiereth and

Prenninger (2003). Hence, the ideal peripheral velocity of the exhaust gas becomes

cu,max =

√√√√2 cpt T ∗
3

(
1−

(
p4
p3

)κt−1
κt

)
. (4.4.30)

The real turbine blade speed is now related to this maximum velocity

uref =
u

cu,max
=

2πr3ωtc√√√√2 cpt T ∗
3

(
1−

(
p4

p3

)κt−1
κt

) (4.4.31)

and is called isentropic velocity ratio. As the isentropic efficiency is mainly influ-

enced by flow losses it depends on the angle of attack of the rotor blade and can

therefore be approximated by a quadratic function for constant position of guide

vanes st, see Guzzella and Onder (2010). A parametric isentropic efficiency
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ηt,is,par = ηt,is,max

(
2
uref

uopt
−
(
uref

uopt

)2
)

(4.4.32)

is introduced where the maximal efficiency is obtained for uopt. The optimal values

are obtained from, see Sidorow et al (2011),

ηt,is,par = a1u+ a2u
2 (4.4.33)

with u = uref

uopt
and dηt,is/du = 0. This yields

ηt,is,max = 4a21/a2 ; uopt = 2a1/a2. (4.4.34)

Typical values are ηt,is,max ≈ 0.65 . . . 0.75 and uopt ≈ 0.55 . . . 0.65, Guzzella and

Onder (2010). For different positions of st, ηt,is,max and uopt are calculated by poly-

nomial functions

ηt,is,max(st) = cη,t,is,max,0 + cη,t,is,max,1st + cη,t,is,max,2s
2
t (4.4.35)

uopt(st) = cu,opt,0 + cu,opt,1st + cu,opt,2s
2
t . (4.4.36)

An example for the turbine isentropic efficiency ηt,is = f (uref , st) of a turbocharger

with variable geometry is shown in Fig. 4.4.9.

1

0.4

0.6

0.8

0.5

0 0.4

0.6

0.8

1

st [-]

	
t,

is

uref [-]

Fig. 4.4.9. Isentropic efficiency map of a VTG turbine approximated with a LOLIMOT net

model, Sidorow et al (2011).

Using the parametric isentropic efficiency (4.4.32) the turbine power is calculated

as follows

Pt,par = ṁt cpt T
∗
3 ηt,is,par

(
1−

(
p4
p3

)κt−1
κt

)
. (4.4.37)
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Figure 4.4.6b) depicts the characteristic curves for a radial turbine with radially in-

ward flow. It shows relatively limited operating regimes for constant speed. For vari-

able speed the average characteristic corrected mass flow rate ṁt,cor asymptotically

approaches a limit indicating chocking in stator nozzle blades or the rotor. The real

mass flow rate follows based on measured turbine maps, Fig. 4.4.6b), according to

(4.4.8) to

ṁt = mt,cor
p3/p3,ref√
T3/T3,ref

. (4.4.38)

Alternatively, the exhaust mass flow rate through the turbine follows that of a con-

traction, see (4.4.5) and (4.4.6)

ṁt = At,eff p3

√
2

RT ∗
3

ψ (4.4.39)

ψ =

√√√√ κt

κt − 1

[(
p4
p3

) 2
κt −

(
p4
p3

)κt+1
κt

]
=

(
p4
p3

) 1
κt

√√√√cpt
R

[
1−

(
p4
p3

)κt−1
κt

]
(4.4.40)

with At,eff an effective cross-section of the turbine where At,eff (α3,th(uvgt)), see

(4.4.84)), (4.4.85).

The common shaft bearings of the turbine and the compressor generate mechan-

ical friction losses which can be taken into account by reducing the turbine power by

a mechanical efficiency ηm,tc

Pt,m = ηm,tc Pt,par. (4.4.41)

c) Turbocharger with thermodynamic models

In steady state the turbine power equals the compressor power Pt,m = Pc and with

(4.4.15), (4.4.37) and (4.4.41) it holds for the compressor pressure ratio

πc =
p2
p1

=

[
1 +

ṁt

ṁc

cpt
cpc

T ∗
3

T ∗
1

ηtc

(
1−

(
p4
p3

)κt−1
κt

)] κc
κc−1

(4.4.42)

with the turbocharger overall efficiency

ηtc = ηt,is ηc,is ηm,tc = ηis ηm,tc. (4.4.43)

If one assumes ṁt/ṁc = 1.05, the charging pressure p2 is increased by increasing

T ∗
3 and p3 in front of the turbine.

The dynamic behavior of the turbocharger results from the balance equation for

the angular momentum

Jtc
dωtc

dt
= Mt −Mc −Mf = ηm,tcMt −Mc (4.4.44)
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with the torques for the turbine, compressor and friction. If the friction is dominated

by viscous friction, it holds

Mf = cf ωtc. (4.4.45)

It can also be taken into account by the mechanical efficiency term (4.4.38) in reduc-

ing the turbine torque. Using the relation for power P = Mω yields

Jtc ωtc(t)
dωtc(t)

dt
= Pt,par(t)− Pc(t)− Pf(t) (4.4.46)

Pf(t) = cf ω
2
tc(t). (4.4.47)

As the heat flow from the turbine to the compressor has a considerable effect on the

thermodynamic variables of the turbocharger, its influence is now taken into account.

The enthalpy difference Δq, see Fig. 4.4.10 caused by the heat transfer Q̇ with

Δq =
Q̇

ṁ
= cp ·ΔT (4.4.48)

is described in following for the compressor and turbine. Figure 4.4.10a) depicts for

the compressor that the transferred heat Δqc,b before the compression increases the

air temperature from T1 to T ∗
1 and the transferred heat Δqc,a after the compression

increases the temperature from T ∗
2 to T2. The resulting enthalpy for the compressor

with regard to the air temperatures including the heat transfer then is

Δhc,dia = cpc(T2 − T1) = Δqc,b +Δhc,adi +Δqc,a

= cpc [(T
∗
1 − T1) + (T ∗

2 − T ∗
1 ) + (T2 − T ∗

2 )] .
(4.4.49)

T2

T1

*

p1

p
�

h

s

T1

T2

T4

T4

*

T3

p
�

p
�

h

s

T3

a) b)

�qc,a

�hc,adi

�qc,b

�qt,b

�ht,adi

�qt,a

*
*

Fig. 4.4.10. Polytropic gas changes of state with heat transfer from the turbine to the compres-

sor. a compressor. b turbine.

The corresponding influence of the heat losses on the states of the turbine are

shown in Fig. 4.4.10b). Before expansion the loss of heat is Δqt,b with a reduction of

temperature from T3 to T ∗
3 and after expansion the heat Δqt,a is lost with temperature
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change from T ∗
4 to T4. Hence the effective turbine enthalpy with regard to the exhaust

gas temperatures is

Δht,dia = cpt(T3 − T4) = Δqt,b +Δht,adi +Δqt,a

= cpt [(T3 − T ∗
3 ) + (T ∗

3 − T ∗
4 ) + (T ∗

4 − T4)] .
(4.4.50)

The heat transfer from the turbine to the charger housing and environment is rela-

tively complicated. One has to distinguish convective heat transfer and radiation, heat

conductance through the housing and shaft to the lubrication oil and the compressor

and heat transfer to the environment, see e.g. Shaaban (2004), Mrosek et al (2009)

and Zahn (2012). Therefore, only a part of the heat flow reaches the compressed air

at the entrance and exit

Q̇c,b = kc,b Ac,b (T3 − T1) = ṁcΔqc,b = ṁc cpc (T
∗
1 − T1) (4.4.51)

Q̇c,a = kc,a Ac,a(T3 − T2) = ṁcΔqc,a = ṁc cpc (T2 − T ∗
2 ) (4.4.52)

with kc,b and kc,a the overall heat transfer coefficients and Ac,b and Ac,a correspond-

ing areas. For the turbine holds correspondingly

Q̇t,b = kt,b At,b (T3 − T1) = ṁtΔqt,b = ṁtcpt(T3 − T ∗
3 ) (4.4.53)

Q̇t,a = kt,a At,a(T4 − T1) = ṁtΔqt,a = ṁtcpt(T
∗
4 − T4). (4.4.54)

The coefficients kj and Aj have to be estimated experimentally. Usually, the influence

of the heat transfer has to be taken into account for small mass flows but can be

neglected for large mass flows, Zahn (2012).

The parameterization of isentropic efficiencies ηc,is and ηt,is,par, see (4.4.18) and

(4.4.32) using measured temperatures is applied together with the heat transfer mod-

els and is described elaborately in Sect. 4.4.5. Thereby the non-measured tempera-

tures T ∗
1 , T ∗

2 , T ∗
3 and T ∗

4 are estimated which can be interpreted as a shift of the line

describing adiabatic compression and adiabatic expansion in Fig. 4.4.10, Sidorow

(2014). Estimated heat transfer models (4.4.51) to (4.4.54) can be used to obtain

effective powers

Pc,eff = ṁccpc (T2 − T1)− Q̇c,b − Q̇c,a (4.4.55)

Pt,eff = ṁtcpt (T3 − T4)− Q̇t,b − Q̇t,a (4.4.56)

which depend only on measured temperatures. These powers are now used for

parameterization of the isentropic efficiencies ηc,is and ηt,is,par, see (4.4.18) and

(4.4.32). Then, using powers Pc (4.4.15) and Pt,par (4.4.37) the dynamic tur-

bocharger speed is calculated with (4.4.46), (4.4.47).

Typical values for the specific heat for constant pressure are cpc = 1080 J/kgK
(air) and cpt = 1050 J/kgK (exhaust gas), for the adiabatic exponent κc = 1.399
(air) and κt = 1.361 (exhaust gas) and for the gas constants Rc = 287.1 J/kgK (air)

and Rt = 286.6 J/kgK (exhaust gas). Hence, they differ only by 3 % or less and can

therefore be assumed to be equal
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cpc = cpt = cp ; κc = κt = κ ; Rc = Rt = R. (4.4.57)

Figure 4.4.11 presents a signal-flow chart for the dynamic behavior of a turbocharger

by taking the thermodyamic equations of this chapter into account.

Note that for engines with charge-air cooler p2 = p2c and T2 = T2c has to be

taken, see Chap. 8.

4.4.3 Fluid-dynamic models of turbochargers

The derivation of turbocharger models with fluid dynamic approaches is based on

Euler’s equation for turbo-machinery, considering the change of the angular momen-

tum of the gas flows and energy balances.

a) Euler’s equation for turbomachinery

The considered turbo-machinery is now a turbo-compressor. The work transfer to the

gas occurs in the impeller. It can be described by the change in the angular momen-

tum with regard to the velocity components at the impeller (rotor) entry and exit, as

depicted in Fig. 4.4.12. The angular momentum for a mass element dm rotating with

angular speed ω is defined in the scalar case

dL(t) = dJ(t)ω(t) (4.4.58)

with dJ the axial moment of inertia of the mass element dm rotating with radius r

dJ = r2 dm. (4.4.59)

Therefore, the angular moments of a mass element at the entry and exit of the im-

peller are

dL1 = r21 ω dm

dL2 = r22 ω dm.
(4.4.60)

The torque through the work in the impeller follows from Newton’s second law of

momentum for rotation

M(t) =
d

dt
L(t). (4.4.61)

The torque contributions at the entry and exit are

M1(t) =
dL1(t)

dt
= r21 ω

dm

dt
= r21 ω ṁ

M2(t) =
dL2(t)

dt
= r22 ω

dm

dt
= r22 ω ṁ.

(4.4.62)

Instead of the angular velocities the absolute gas velocities are introduced

ωr1 = c1u ωr2 = c2u. (4.4.63)
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The required torque of the impeller then results in the stationary case

Mimp = M2 −M1 = ṁ(r2c2u − r1c1u) = ṁΔ(riciu). (4.4.64)

Hence the torque is proportional to the change of the angular momentum from i = 1
to i = 2. For the required power follows

Pimp = Mimp ω = ṁω(r2c2u − r1c1u) (4.4.65)

where ω is the angular speed of the impeller. Using the tangential blade velocities

u1 = r1 ω and u2 = r2 ω leads to

Pimp = ṁ (u2c2u − u1c1u) (4.4.66)

which is called Euler equation.

�tc

r2

r1

uc1

cc1

wc1

wc2

uc2

cc2

wc2,th

cc2,th

cc2,u

cc2,m

�c2

Fig. 4.4.12. Velocity diagrams of the inlet and exit for a centrifugal compressor impeller.

b) Compressor

Applying compressor specific symbols (4.4.66) yields

Pc = ṁc(uc2cc2,u − uc1cc1,u). (4.4.67)
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For compressors the inlet flow is frequently cc1u = 0. Hence it holds for the mechan-

ical power

Pc = ṁc uc2 cc2,u. (4.4.68)

If it is assumed that this power is equal to the thermodynamic work and an adiabatic

change of state with enthalpy Δhc,adi

Pc = ṁcΔhc,adi, (4.4.69)

it holds

Δhc,adi = uc2 cc2,u = r2 ωtc cc2,u. (4.4.70)

Theoretically, the flow leaves the impeller blades with the geometrical blade exit

angle βc2, see Fig. 4.4.12, resulting in the theoretical peripheral component of the

absolute flow velocity

cc2,u,th = uc2 + wc2,u,th = uc2 + cc2,m cotβc2 (4.4.71)

where the last term becomes negative for backward-oriented blades.

The meridian component of the flow velocity follows from the mass flow rate,

neglecting slit losses,

cc2,m =
ṁc

2π ρ∗2c r2bc2
(4.4.72)

where bc2 is the blade width at exit and for the air density holds with the ideal gas

state equation

ρ∗2c =
p2c
RT ∗

2c

. (4.4.73)

Because of the finite number of blades, the real flow does not follow the geometrical

blade angle βc2 at the exit. Therefore, the peripheral flow velocity is smaller by a slip

factor

cc2,u = μc cc2,u,th (4.4.74)

with μc = 0.6 . . . 0.85, Siglich (2008), which depends on the operation point. Hence,

the real peripheral velocity is smaller by

cc2,u = cc2,u,th −Δcc2,slip. (4.4.75)

The slip velocity depends linearly on the peripheral flow velocity, Stodola (1945),

Zahn (2012),

Δcc2,slip = kslip uc2 (4.4.76)

and therefore

μc = 1− kslip uc2

uc2 + cc2,m cotβc2
. (4.4.77)

The adiabatic enthalpy difference follows from (4.4.69) and use of (4.4.68), (4.4.71)

to (4.4.74) to

Δhc,adi = μ

[
(r2 ωtc)

2 +
ṁc ωtc

2πρ∗2c b2c
cotβc2

]
(4.4.78)

and allows the calculation of the required compressor power according with (4.4.69),

now combining the mechanical fluid dynamic and thermodynamic work.
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c) VGT turbine

Introducing turbine specific symbols one obtains from the basic Euler equation

(4.4.66) for the turbine power

Pt = ṁt(ut3ct3,u − ut4ct4,u). (4.4.79)

Assuming ct4u = 0 at the rotor exit yields

Pt = ṁt ut3 ct3,u. (4.4.80)

ut3 is the circumferential blade velocity of the rotor. If this flow power is equal to

the thermodynamic power

Pt = ṁt Δht,adi, (4.4.81)

it follows

Δht,adi = ut3 ct3,u = r3 ωtc ct3,u. (4.4.82)

The meridian component of the gas flow velocity is obtained from the exhaust gas

flow rate

ct3,m =
ṁt

2π ρ∗3 r3 bt3
. (4.4.83)

In the case of a variable geometry turbine the adjustable guide vanes cause the gas

flow to enter in the rotor with an angle αt3,th, which is changed by the actuator

position according to

αt3,th = f(uvgt) (4.4.84)

compare Figs. 4.4.13 and 4.4.14.

This relation depends on the kinematics of the vane guide and may be described

by

αt3,th = k1,vgt + k2,vgt uvgt. (4.4.85)

Hence, it holds for the absolute gas velocity

ct3,u,th = ct3,m cotαt3,th. (4.4.86)

The gas density follows from the ideal gas state equation

ρ∗3 =
p3
RT ∗

3

(4.4.87)

where p3 and T ∗
3 are the pressure and temperature at the entrance of the guide vanes.

Because of the finite number of guide vanes the real gas flow angle at the vane

exit, Figs. 4.4.13 and 4.4.14, deviates from the geometrical angle αt3 by

αt3 = αt3,th −Δαt3. (4.4.88)

This leads to a change of the peripheral component of the absolute flow velocity

ct3,u = μt ct3,u,th = ct3,u,th −Δct3,u. (4.4.89)
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The velocity loss can be approximated by

Δct3u = (k1 + k2 cotαt3,th) + (k3 + k4 cotαt3,th)ut3 (4.4.90)

which is determined by experiments, Zahn (2012).

The real gas flow angle to the turbine rotor follows from

cotαt3 =
ct3,u
ct3,m

= μt
ct3,u,th
ct3,m

= μt cotαt3,th (4.4.91)

�t3

P3

rt3

ct3

�vtg

P3
**

rt1

Fig. 4.4.13. Schematic of the adjustable vanes of a variable geometry radial turbine, Zahn

(2012).

a)

wt3ct3

ut3

ct3,m

ct3,u

�t3
�t3

b)

ct4,u

ut4

�t4

ct4

wt4

ct4,m

�t4

with exit swirl

without exit swirl

Fig. 4.4.14. Turbine velocity triangles. a inlet. b exit. ut3: tangential blade velocity at rotor

entrance; ct3: absolute velocity at rotor entrance; αt3: absolute flow angle at rotor entrance.
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d) Guide vane losses

The guide vanes generate flow losses which can be approximated by an enthalpy loss

Δhvtg,loss = 0.5 ξt,bl c
2
t3 (4.4.92)

ct3 =
√

c2t3,u + c2t3,m. (4.4.93)

For the flow loss coefficient holds

ξt3 = f(Re, αt3) (4.4.94)

with Re the Reynolds number, see Japiske and Baines (1997), Watson and Janota

(1982), Whitfield and Baines (1990), Baines (2005), Zahn (2012). These flow losses

lead to a pressure drop. Assuming an isentropic change of state it holds

p∗∗3
p3

=

(
T ∗∗
3

T3

) κt
κt−1

(4.4.95)

with p∗∗3 and T ∗∗
3 the pressure and temperature after the guide vanes at the entrance

of the rotor wheel.

The exhaust gas temperature at the rotor entrance follows from

h∗∗
t,adi = ht,adi −Δhvtg,loss = cpT

∗∗
3 . (4.4.96)

The adiabatic enthalpy difference for the turbine rotor yields after inserting (4.4.85)

to (4.4.95) in (4.4.82)

Δh∗∗
t,adi =

ṁt ωtc RT ∗∗
3

2πp∗∗3 bt3
cotαt3. (4.4.97)

The flow power of the turbine rotor finally follows with (4.4.73) and (4.4.86)

Pt,rot = ṁtΔh∗∗
t,adi =

ṁ2
t ωtc RT ∗∗

3

2πp∗∗3 bt3
cotαt3. (4.4.98)

The turbine mass flow rate ṁt can be determined by using the contraction law

(4.4.39) with variable cross-section At,eff(αt3,th).
Another possibility is to use an experimental approximation

ṁt,cor = Ka

(
1− e

−Kb

(
p3
p4

−1
))

(4.4.99)

where Ka = f(αt3,th, ωtc), Kb = f(αt3,th, ωtc) are nonlinear functions. This app-

roximation led to a good agreement with measured flow rates, Zahn (2012).
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e) Turbocharger

The dynamic behavior of the turbocharger angular speed results from (4.4.46) after

introducing (4.4.47), (4.4.69), (4.4.78) and (4.4.97)

Jtc ωtc
dωtc

dt
= Pt,rot(t)− Pc(t)− Pf(t)

= ṁt Δh∗∗
t,adi,rot − ṁc Δhc,adi − cf ω

2
tc.

(4.4.100)

The exhaust gas flow rate ṁt follows from (4.4.39) or (4.4.99). The air mass flow rate

ṁc is according to blow-by losses in the cylinder ṁc > ṁt and can be approximated

by ṁc/ṁt = 1.05 (assuming stationary behavior).

Finally, a signal-flow chart can be drawn, summarizing the relations for the tur-

bine, the compressor and the rotor, see Fig. 4.4.15.

4.4.4 Wastegate turbocharger

If the turbine has a fixed spiral housing without adjustable vanes, the basic equation

of the thermodynamic model for the turbine (4.4.27) can be used directly.

Figure 4.4.16 depicts a turbine where the turbine power is manipulated by a by-

pass valve, which is called wastegate. For the mass flow rate of the parallel configu-

ration the flow law for a contraction (4.4.39) can be applied, leading to the flow rate

through the turbine and the wastegate

ṁt = At,eff p3

√
2

RT ∗
3

ψ
(

p4

p3

)
(4.4.101)

ṁwg = Awg,eff p3

√
2

RT ∗
3

ψ
(

p4

p3

)
. (4.4.102)

With

ṁexh = ṁt + ṁwg (4.4.103)

and

νwg =
Awg,eff

At,eff
(4.4.104)

the turbine mass flow rate becomes

ṁt =
1

1 + νwg
ṁexh. (4.4.105)

Hence, the cross-section ratio νwg[0, νwgmax] changes the turbine mass flow rate

nonlinearly and should be compensated by an inverted relations within the control

structure for the charging pressure.

Applying the thermodynamic model of the turbine the power Pt,adi follows from

(4.4.27) with the wastegate-manipulated turbine mass flow according to (4.4.105).

The stationary as well as the dynamic behavior of the turbocharger is then obtained

via the balance equation for the angular momentum in (4.4.46). The inclusion of the

heat transfer between turbine and compressor then requires an iterative procedure

according to Sect. 4.4.5.
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Fig. 4.4.16. Scheme of a turbine with parallel wastegate valve.

4.4.5 Identification of a nonlinear thermodynamic turbocharger model

In the following it is shown how the unknown parameters of a VTG turbocharger can

be determined experimentally by parameter identification methods.

The unknown parameters of compressor and turbine models have to be estimated

iteratively by minimizing the model error which is described by a mathematical norm

between the calculated model outputs and stationary output measurements. There-

fore, a set of stationary measurement data from the engine test bench using changes

of the VTG actuator position st, the injection volume qinj and the engine speed neng

have to be obtained. The heat transfer parameter vectors θheat, turbine and com-

pressor parameter vectors θη,t,is, as well as θη,c,is and a friction parameter θf to be

estimated are summarized in Table 4.4.1 for the thermodynamic turbocharger model

derived in Sect. 4.4.2.

Table 4.4.1. Thermodynamic turbocharger model parameters

Parameter vector Parameters

θheat kc,bAc,b, kc,aAc,a, kt,bAt,b, kt,aAt,a

θη,t,is cη,t,is,max,i, cu,opt,i with i ∈ 0, 1, 2
θη,c,is ηc,is (ntc,cor, ṁc,cor)
θf cf

A scheme for the parameter estimation procedure is shown in Fig. 4.4.17. First

the heat transfer parameters of the compressor and turbine have to be assumed with

appropriate starting values. This allows to calculate the unknown temperatures T ∗
1 ,

T ∗
2c, T ∗

3 , T ∗
4 using (4.4.51) to (4.4.54). Then the compressor parameters θη,c,is and

the parameters of the turbine efficiency θη,t,is are estimated separately. The com-

pressor efficiency model (4.4.18) can be directly calculated from the measurement

data by using (4.4.13) and trained as static LOLIMOT model with inputs ntc,cor and

ṁc,cor. The turbine efficiency (4.4.25) is calculated for each stationary point. Then

measurement data for different constant positions of the variable turbine actuator st
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are used. For each st position a pair of parameters ηt,is,max and uopt is estimated

with (4.4.33) and (4.4.34) by minimization of the least squared error. This approach

is illustrated in Fig. 4.4.18a).

p rarameter estimation for comp essor and

turbine efficiency models

c parametersalculation of heat transfer

calculation of model outputs P c , Pt , Pf , T2 , T4

J = min ?

calculation of quality criteria J

parameters of heat transfer, efficiency models

and friction

Fig. 4.4.17. Scheme for the iterative parameter estimation.
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Fig. 4.4.18. Approximation of efficiency curves for constant guide vane positions. a approx-

imation of parametric isentropic efficiency for constant st positions according to (4.4.32). b
approximations of functions ηt,is,max(st) and uopt(st) according to (4.4.35), (4.4.36).

Finally, the parameters of the polynomial functions ηt,is,max(st) and uopt(st) of

turbine isentropic efficiency can be estimated by use of (4.4.33), (4.4.34) and the least

squares method. The results are shown in Fig. 4.4.18b). With these parameters finally

the isentropic efficiency map of the turbine ηt,is = f(uref , st) can be parameterized.
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Knowing compressor and turbine efficiencies, the temperatures after the com-

pressor T ∗
2 and after the turbine T ∗

4 (including heat transfer) are calculated with

(4.4.14) and (4.4.26). Thus, the powers of the compressor, turbine and friction foll-

ow from (4.4.15), (4.4.37) and (4.4.47). Then an optimization criterion

Jsum = w1 · JTCF + w2 · Jη,c + w3 · Jη,t + w4 · JT,2c + w5 · JT,4 (4.4.106)

is used with weights w1 to w5 for the performance criteria:

JTCF =

√√√√ 1

N

N∑
k=1

[Pt,par(k) + Pc(k) + Pf(k)]
2

(4.4.107)

Jη,c =

√√√√ 1

N

N∑
k=1

[ηc,is(k) · fpen,c(ηc,is(k))]2 (4.4.108)

Jη,t =

√√√√ 1

N

N∑
k=1

[ηt,is,par(k) · fpen,t(ηt,is,par(k))]2 (4.4.109)

JT,2c =

√√√√ 1

N

N∑
k=1

[
T ∗
2 (k) +

Q̇c,a(k)

cp,cṁc(k)
− T2(k)

]2
(4.4.110)

JT,4 =

√√√√ 1

N

N∑
k=1

[
T ∗
4 (k)−

Q̇t,a(k)

cp,tṁt(k)
− T4(k)

]2
(4.4.111)

(N is the number of data samples). Criterion (4.4.107) follows from the balance

equation (4.4.40) with the assumption Pt + Pc + Pf = 0 for the steady state. Crite-

ria (4.4.110) and (4.4.111) result from the comparison of the temperatures after the

compressor T ∗
2 and after the turbine T ∗

4 , calculated with (4.4.14) and (4.4.26) and

with the corresponding measured temperatures taking the heat transfer into account.

The assumed penalty functions fpen in criteria (4.4.108) and (4.4.109) have the form

fpen(x) = x+ γ · [max (0, x− 0.5)]
ν − γ · [min (0, x− 0.5)]

ν
(4.4.112)

with x ∈ (ηc,is, ηt,is,par) and free parameters γ, ν. They are needed to penalize the

efficiency values outside of the plausible range [0, 1].
The parameter estimation can be formulated as a nonlinear global optimization

problem with constraints in the parameters. The optimization algorithm minimizes

the quality criterion (4.4.106) by variation of the parameters summarized in Ta-

ble 4.4.1. The choice of weights in (4.4.106) influences the optimization result. In

Sidorow (2014) the weights are chosen as w1 = 2, w2 = 1, w3 = 3, w4 = 1,

w5 = 1. Estimation is based on 75 stationary measurement points from a 1.9 liter

CR-diesel engine with 110 kW power and GT1749MV turbocharger with variable

geometry turbine. The estimated compressor or turbine power and the heat transfer

flow are depicted in Fig. 4.4.19a) and b).
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Fig. 4.4.19. Stationary compressor and turbine power and heat transfer flows obtained by

nonlinear iterative parameter estimation. a compressor. b turbine.

Estimated heat transfer coefficients are summarized in Table 4.4.2. The results

show that the stationary thermodynamic parameteric model for the compressor Pc,par

and the turbine Pt,par according to (4.4.15), (4.4.37) matches well with the powers

Pc,eff and Pt,eff determined by the measured temperatures and corrected with the

heat flow losses in (4.4.55), (4.4.56). The identification results show that the heat

transfer flow after the compression Q̇c,a and after the expansion in the turbine Q̇t,a

can be neglected, but that the Q̇c,b before the compressor and Q̇t,b before the turbine

have to be taken into account.

Table 4.4.2. Estimated turbocharger thermodynamic model parameters

Parameters Value Unit

kc,bAc,b 0.2105 W/K

kc,aAc,a 0 W/K

kt,bAt,b 0.7864 W/K

kt,aAt,a 0 W/K

cη,t,is,max,0−2 [-0.29 0.34 0.62] [-,m−1,m−2]

cu,opt,0−2 [-0.11 0.21 0.61] [-,m−1,m−2]

The isentropic efficiencies of compressor and turbine are shown in Fig. 4.4.20.

The model for the dynamics contains the unknown parameter Jtc for the moment of

inertia due to (4.4.46), which can be estimated from dynamic measurement data by

minimization of the root-mean-square errors (RMSE) of the rotation speed. Finally,

the results of the dynamic turbocharger model are shown in Fig. 4.4.21. The tur-

bocharger speed ntc = ωtc

2π matches relatively well the measured speed with RMSE

of 44.8 1/s or less than 1.5% from maximum measured speed ntc = 3000 1/s.
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Figure 4.4.22 shows the simulated and measured step responses of the tur-

bocharger speed after a step in the accelerator pedal. The injection mass changes

with a time constant of about 550 ms and the speed behaves like a second order

system with a time delay of 350 ms and slope time of 2 s which includes the fuel

injection delay.

The step response of the thermodynamic turbocharger model to an excitation

with the turbine vane position is depicted in Fig. 4.4.23. The time constant of the

electrical actuator is about 350 ms and the resulting time delay of the speed is 250 ms

and the slope time 1 s of this higher engine speed, including the actuator delay. In

both cases the agreement of modeled and the measured dynamic behavior is rather

good.
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Fig. 4.4.20. Estimated efficiencies. a compressor. b turbine.

4.5 Exhaust system

The exhaust system discharges the exhaust gas at an appropriate part of the vehicle

and supports the reduction of exhaust gas noise by mufflers (silencers). In addition

the emissions from the internal combustion engine are reduced by catalytic convert-

ers and particulate filters. Hence, the exhaust system consists of the exhaust mani-

fold, components for exhaust gas treatment, components for sound absorption and

connecting pipes.

Mufflers are usually located in the middle and rear section of the exhaust pipe.

They smooth the exhaust gas pulsations and reduce the noise as much as possible.

The location is usually optimized in order to avoid resonances of the oscillating gas

system. Reflection mufflers have chambers of different lengths and are connected by

pipes. Thus resonators consisting of chambers and pipes and the diversion of exhaust

gases dampen the noise especially at low frequencies.
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Fig. 4.4.21. Modeled and simulated turbocharger speed with the thermodynamic model (svgt
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Absorption mufflers usually have one chamber and a perforated tube in the center.

The sound is damped by the absorption material, e.g. long-fiber mineral wool, in a

relatively broad frequency band at higher frequencies. Combinations of reflection

and absorption mufflers also exist.

Catalytic converters consist of a ceramic or metallic substrate or monolith, and

steel housing with an inflow and outflow funnel. The substrate is made with a large

number of fine, parallel channels which are covered with a catalytic coating. Cat-

alytic converters reduce the main pollutants CO, HC, and NOx and convert them

into CO2 and H2O. For high requirements a primary catalytic converter and a main

catalytic converter are used, see e.g. Sect. 7.2

Particulate filters keep the solid particulates (soot) of the exhaust gases back,

especially for diesel engines. Mostly ceramic filters are used with a large number of

parallel channels. Because the channels are open and closed alternatively, the exhaust

gases have to flow through the porous walls of a honeycomb structure. More details

are given in Sect. 8.9.

Figure 4.5.1 shows examples for the exhaust system of gasoline and diesel en-

gines and possible placement of sensors. Primary catalytic converters are installed

close to the engine in order to quickly reach the operating temperature (light off)
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after start. Particulate filters are also mounted close to the engine, to allow high tem-

perature regeneration.

As the emission reduction and control is treated in the chapters for the control of

gasoline and diesel engines, this section considers the flow and temperature behavior

of the exhaust system.

�
�

�
�1

2 3 4 5

p3 pa

�
1

2 3 4 5

a)

b) T TNOx �p

6

p3 p4 pa

Fig. 4.5.1. Exhaust systems (examples). a Gasoline engine: 1 manifold, 2 primary catalytic

converter, 3 main catalytic converter, 4 first muffler, 5 second muffler; b Diesel engine: 1

manifold, 2 oxidation catalytic converter, 3 NOx storage catalyst, 4 particulate filter, 5 first

muffler, 6 second muffler.

4.5.1 Flow behavior of exhaust pipes

The flow characteristic of the exhaust system influences the back exhaust gas press-

ure at the outlet valve of the engine. The exhaust gas flow is periodic according to the

period of the outflow valves and consists of pulses. However, with regard to the flow

resistance it can be treated as a quasi-steady flow, Jakisch (1996). The flow resistance

stems mainly from the components like mufflers, catalytic converter and particulate

filters, and also the connecting pipes.

The type of flow can assumed to be turbulent because the flow velocities for car

engines with displacement 1 to 2 l, speed from 1000 to 6000 rpm and temperatures

between 150 and 900◦C are in the range of 5 ≤ vexh ≤ 180m/s, Jakisch (1996).

This results in Reynold numbers 8000 ≤ Re ≤ 65000 where

Re =
d vexh
ν

(4.5.1)

with d the tube diameter and ν the kinematic viscosity. Usually turbulent flow in

tubes can be assumed for Re > 4000.

The pressure drop of a fluid in a tube then follows from
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Δp = pin − pout =
λf

d

ρexh v
2
exh

2
l (4.5.2)

with λf the friction coefficient, ρexh the exhaust gas density and l the tube (section)

length.

The exhaust gas velocity follows at a specific point i of the exhaust pipe from

ṁexh = Aexh ρexh vexh (4.5.3)

with

ṁexh = ṁair + ṁf (4.5.4)

and the gas-state equation

ρexh =
pexh

Rexh Texh
(4.5.5)

to

vexh =
Rexh Texh

Aexh pexh
ṁexh. (4.5.6)

Therefore, the velocity changes along the tube with regard to the inlet velocity

vexh
vin

=
Texh pin
Tin pexh

Ain

Aexh
. (4.5.7)

Usually the velocity decreases down-stream. For a longer pipe section with linear

temperature decrease it holds, Kalide (1980), Willimowski (2003)

Δpexh =
λ

dexh

ρexh v
2
in

2

T

Tin

pin
pexh

l (4.5.8)

where T is an average temperature.

However, if pressure and temperature changes are not too large (4.5.2) can be

used, such that for a tube section i it holds

Δpi =
λi

di

ρi v
2
i

2
li (4.5.9)

with ρi and vi according to (4.5.5) and (4.5.6).

The pressure drops of additional components with unsteady flows like mufflers,

tube bents or filters are modeled by

Δpj = ζj ρj
v2j
2

(4.5.10)

where ζj = λj lj/dj is a resistance coefficient for the specific component. Typical

values for the chambers of reflection and absorption mufflers are 0.2 ≤ ζ ≤ 2,

Jakisch (1996).

Applying the mass flow ṁexh = Ajρjvj with Aj the cross-section area and the

gas state equation ρj = pj/RTj one obtains
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Δpj = ζj
ṁ2

exh

2A2
j ρj

= ζj
ṁ2

exh RTj

2A2
j pj

. (4.5.11)

If the components are connected in series, it holds for the pressure drop of the exhaust

system with pout = pa, pa the atmospheric pressure,

Δpexh = pin − pout =
∑
i

λi

di

ρi v
2
i

2
li +

∑
j

ζj ρj
v2j
2

= ṁ2
exh

⎡⎣∑
i

λi

2di

RTi

A2
i pi

li +
∑
j

ζj
2

RTj

A2
j pj

⎤⎦ (4.5.12)

which can be approximated by

Δpexh = cRexh ṁ
2
exh. (4.5.13)

(4.5.12) or (4.5.13) allows to calculate the exhaust gas pressure pin at the beginning

of the exhaust pipes. It depends quadratically on the mass flow and is inverse pro-

portional to the square of the cross-section areas. Without turbocharger it is pin = p3
i.e. the back pressure after the outlet valves. In the case of turbochargers pin = p4
is valid, i.e. the pressure after the turbine. Measured and calculated back pressures

with the models given before for a 12 cylinder gasoline engine without turbocharger

in the whole operating area n = 650 . . . 5500 rpm and Meff = 0 . . . 450Nm in

Willimowski (2003) show a good agreement. At low speed and torque the back

pressure in this case is close to 1 bar and increases up to 1.65 bar for high speed

and torque.

4.5.2 Thermal behavior of exhaust pipes

To simplify the considerations it is assumed that an exhaust pipe of length l is con-

sidered in which exhaust gas with temperature Tin = T3 flows in and leaves it with

Tout. The exhaust pipe can be considered as a cooled pipe, such that the mathemati-

cal models for heat exchangers and especially that of the “heated tube”, see Sect. 4.6,

can be applied. The heat transfer from the exhaust pipe to the environment is by con-

vection and by radiation. Depending on the local air flow around the pipe the heat

transfer by convection is a mixture of parallel flow and cross flow with a specific

outer heat flow, see (4.6.2),

q̇2w,c =
Q̇2w,c

A2w
= α2(ϑw2 − ϑF2) (4.5.14)

where the heat transfer coefficient depends on the air velocity. For the heat transfer

through radiation it holds

q̇2w,r =
Q̇2w,r

A2w
= σ2(T

4
w2 − T 4

F2) (4.5.15)
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with σ2 the radiation coefficient, TF2 = 273◦+ϑF2 the temperature of the surround-

ing air and Tw2 = 273◦ + ϑw2 the wall temperature.

The radiation coefficient for black radiators is the Stefan–Boltzmann constant

σ = 5.6704 · 10−8 W/m2 K4. (4.5.16)

For non-black radiators an emission degree ε(T ) provides a correction

σ2 = ε(T )σ. (4.5.17)

The emission degree for the so called gray radiators is 0.012 ≤ ε ≤ 0.98.

According to the VDI heat atlas (2010) the heat radiation density of a black

radiator is for Tw2 = 373, 523, 723, 923, 1173K qw2 = 314, 1097, 4242, 15493,
41151, 107343W/m2. Hence, a significant part of heat radiation can be expected

for temperatures Tw2 > 723 . . . 923K or Tw2 > 450 . . . 650◦C.

This means that the specific heat flow through radiation is larger after the exhaust

manifold and then decreases proportionally to T 4
w2 with the wall temperature. Hence,

in a first section of length lI of the exhaust pipe the heat transfer is through radiation

and convection. For the second section of length lII it can be assumed that the heat

transfer is mainly by convection, see Fig. 4.5.2. The ratio of the specific heat flow

q̇2w,r/q̇2w,c depends on the coefficients α2 and σ2 and the wall temperature Tw2.

lIIlI

q2w,r q2w,c q2w,c

Fig. 4.5.2. Exhaust pipe, divided in two sections. Section I: heat transfer by radiation and

convection. Section II: heat transfer mainly by convection.

To determine the steady-state temperature profile in longitudinal direction of the

tube segments heat exchanger models for parallel flow can be used, e.g. (4.6.9) or

(4.6.11). A detailed simulation of the temperature behavior of an exhaust pipe with a

catalytic converter by numerical solution of partial differential equations is described

in Büchner et al (2001).

As dynamic models for a heated tube usually assume a constant specific heat flow

over the considered length, the exhaust pipe is divided in several sections i, each with

averaged constant specific heat flows on the outside of the tube

q̇2w,i = q̇2w,r,i + q̇2w,c,i (4.5.18)

and on the inner side, between the exhaust gas and the tube wall

q̇1w,i = α1w,i(ϑ1 − ϑw) (4.5.19)
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compare (4.6.20) and (4.6.21).

Then a section of length li has the characteristic fluid parameter (4.6.32)

κF,i =
4α1,w,i li
d1 ρ1 cp1 vi

(4.5.20)

using the symbols of Sect. 4.6.4. The specific heat-flow coefficient α1,w,i on the

inner side depends on the gas velocity according to Nusselt’s law (4.6.22). vi follows

from (4.5.6). The dynamic behavior of the exhaust gas output temperature ΔTout,i

depends on changes of the input temperature ΔTin,i, exhaust gas velocity Δvi and

specific heat flow Δq̇2w,i. Figure 4.5.3 shows a corresponding signal-flow scheme.

Dynamic models of such a heated or cooled pipe are treated in Sect. 4.6.4 as well as

simplified models. The input/output behavior of the temperatures of one tube section

i is approximated by the transfer function (4.6.36).

G̃T,i(s) =
ΔTout,i

ΔTin,i
=

(
ai +

bi
1 + Tb,is

)
e−Tt,is (4.5.21)

for κF,i ≤ 1.5. If κF,i > 1.5, several elements have to be connected in series, see

(4.6.36). For changes of the exhaust gas velocity Δvi and specific heat flow Δq̇2w,i

the second order models (4.6.37) and (4.6.38) can be used.

�Tout, i�Tin, i

�vi

�q2w, i

Fig. 4.5.3. Signal flow of the output temperature of an exhaust pipe section i for changes of

the input temperature, exhaust gas velocity and specific heat flow.

Example 4.1. A tube section with the following data

l = 1m; d1 = 0.03m; d2 = 0.026m; ρ1 = 1.29 kg/m3;

cp1 = 1005 J/kgK; v = 10 . . . 100m/s; α1,w = 33 . . . 200 J/sm2K
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yields the fluid parameter

κF = 0.34 . . . 0.20.

Hence, one element is required to approximate the input/output temperature behavior

according to (4.5.21). The dead time is

Tt = l/v = 0.1 . . . 0.01 s = 100 . . . 10ms.

The corresponding inner tube wall time constant according to (4.6.35) becomes with

ρw = 7900 J/kgK and cw = 510 J/kgK

Tw1 = 229 . . . 38 s

and for the simplified model (4.5.21) one obtains

Tb = 267 . . . 42 s.

Hence, the tube-section transfer function can be approximated for v = 10m/s by

G̃T(s) =

(
0.71 +

0.29

1 + 267s

)
e−0.1s

and for v = 100m/s by

G̃T(s) =

(
0.82 +

0.18

1 + 42s

)
e−0.01s.

Hence, the transfer behavior is mainly proportional with an additional slow first order

time lag element of small gain, as shown in Fig. 4.5.3.

�

For the experimental identification of the dynamic behavior of exhaust gas temper-

atures suitable temperature sensors are required as, e.g. thermocouples or resistance

thermometers with small time constants. Their time constants can be calculated with

(4.6.42)

Ts =
ρs ds cs
4αfs

. (4.5.22)

They depend strongly on the heat transfer coefficient αfs which is proportional to the

gas velocity vm, m = 0.6 . . . 0.8, see (4.6.22). As these sensor time constants are in

the range of several seconds they influence the identification of exhaust temperature

models considerably.

In order to reconstruct the real exhaust gas temperature the sensor dynamics

have to be compensated. However, this requires an exact dynamic temperature sensor

model. Such a model can be experimentally obtained by using two sensors with diff-

erent time constants and eliminating the input signal for the exhaust gas temperature

by parameter estimation of the two sensor time constants. Zimmerschied and Iser-

mann (2010) have shown how it is possible to reconstruct the real exhaust gas temper-

ature after estimation of the sensor time constants with the local linear net model pa-

rameter estimation method LOLIMOT in dependence on air mass flow and injected

fuel mass for a CR diesel engine by inverted sensor models or extended Kalman

filtering. The time constants of two thin thermocouples with diameters of 0.5 and

1mm are in the range of 0.5 . . . 1 s and 1.6 . . . 3.3 s for neng = 1000 . . . 3000 rpm.
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4.6 Heat exchangers

Internal combustion engines contain several heat exchangers as for example radia-

tors for cooling systems, oil coolers within the oil circuit, charge-air coolers after a

supercharger or turbocharger, exhaust gas recirculation coolers and heat exchangers

for internal heating. Therefore engine modeling requires mathematical models of the

corresponding heat exchanging devices. After a short view on the different types of

heat exchangers different models for the stationary and dynamic behavior are con-

sidered. The behavior of models of the stationary behavior for counter and parallel

flow are described. This is followed by simplified dynamic heat-exchanger models

with lumped parameters and dynamic models for a basic element, a heated tube with

distributed parameters. The simple lumped parameter models with ordinary differ-

ential equations approximate the behavior of heat exchangers with relatively short

tube lengths, whereas a treatment with distributed parameters and therefore partial

differential equations are needed for heat exchangers with long tube lengths. At the

end, relatively simple models result as approximative solutions. These models are

suited for the simulation of the stationary and dynamic behavior and for the design

of control systems.

4.6.1 Heat exchanger types

Heat exchangers transfer heat between two or more media. They are required for

cooling or heating at various locations within or around the combustion engine. The

fluids are usually liquids or gases and appear in following combinations:

• liquid-liquid: oil-to-coolant coolers

• liquid-gas: coolant-to-air coolers (radiators), coolant-to-air heaters

• gas-liquid: exhaust gas-to-coolant coolers, air conditioning condensors

• gas-gas: charge air-to-air coolers (intercoolers).

Heat exchangers are built in a variety of designs. Frequently applied designs

for engines are tubular or cross-flow heat exchangers or disk heat exchangers, see

Fig. 4.6.1. With regard to the flow direction one distinguishes counter flow, parallel

flow and cross flow.

Coolant radiators are an example for cross flow and are made of aluminum.

They are assembled as braced radiators or mechanically joined radiators. The tubes

are round, oval or flat-oval with fins. The distribution of the coolant over the

radiator-block results through radiator tanks which are made of fiberglass-reinforced

polyamides or of aluminum. Intercoolers with air cooling have a similar design.

Oil-to-coolant coolers are frequently characterized by a disk-stack design. The

individual aluminum disks have turbulence inserts between the disks. The disks fit

together and form a casing. Passages connect the channels formed by the disks such

that coolant and oil flow through alternate channels, preferably in counter flow.

Exhaust gas recirculation coolers consist typically of some short tubes which are

cooled through the coolant flowing outside of the tubes in cross or counter flow.
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m2

m1

m2

b) c)

Fig. 4.6.1. Heat exchanger designs. a tubular heat exchanger. b disk heat exchanger. c cross

flow heat exchanger.

The stationary behavior of heat exchangers is based on the heat transfer to and

from the separating wall. Therefore, heat exchangers have basically distributed pa-

rameters as many location dependent heat transfer elements exist. However, as the

heat exchangers for combustion engines are relatively small, the application of some

simplifying assumptions allow to derive overall heat exchanger models with lumped

parameters. More precise models are obtained by a distributed parameter approach,

where the dynamics of heated tubes are considered. Therefore, different models of

heat exchangers will be considered.

In this chapter, the symbols in Table 4.6.1 are mainly used.

4.6.2 Heat exchanger models for stationary behavior

Heat exchanging fluids are usually separated by a wall. If the heat transfer is through

convection, the stationary specific heat flow is, compare Fig. 4.6.2

q̇1w =
Q̇1w

A1w
= α1 (ϑF1 − ϑw1) (4.6.1)
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Table 4.6.1. Symbols used for heat exchangers

A area α heat transfer coefficient

cp specific heat capacity at constant pressure ϑ temperature (instead of T : time constant)

d diameter ρ density

λ thermal conductivity

l length of tubes

k overall heat transfer coefficient Subscripts:

ṁ mass flow rate 1 primary side of heat exchanger

q̇ specific heat flow q̇ = Q̇/A 2 secondary side of heat exchanger

Q̇ heat flow w wall

r vaporization heat, residual s steam

s tube wall thickness, Laplace variable s = σ + iω i inlet

T time constant, thermodynamic temperature o outlet

v velocity f fluid

z tube length coordinate A bar like ṁ means steady state.

s

 w

 F2

 w1

 w2

 F1

Fig. 4.6.2. Heat transfer through a wall.

with A1w the surface area and α1 the heat transfer coefficient. Similarly, it holds for

the other side of the wall

q̇2w =
Q̇2w

A2w
= α2 (ϑw2 − ϑF2) . (4.6.2)

The conductive heat transfer through the wall is (Fourier’s law)

q̇w =
Q̇w

Aw
=

λ

s
(ϑw1 − ϑw2) (4.6.3)

with λ the thermal conductivity coefficient and s the wall thickness. In the stationary

case all heat flows are identical

q̇1w = q̇2w = q̇w.

The overall heat transfer then follows if A1w = A2w = Aw as
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q̇12 =
Q̇12

Aw
= k (ϑF1 − ϑF2) (4.6.4)

with the overall heat transfer coefficient

k =
1

1
α1w

+ s
λ + 1

α2w

. (4.6.5)

Hence the smallest value of α1w or α2w dominates the overall heat transfer.

The heat transfer through a tubular heat exchanger as shown in Fig. 4.6.3 with

massflows ṁ1 and ṁ2, where the heat transfer is from the fluid with ṁ1 to the fluid

with ṁ2, and specific heat capacity cp1 and cp2 is defined as

Q̇12 = k A Δϑm (4.6.6)

where ϑm is the average temperature difference

Δϑm =
Δϑla −Δϑsm

ln (Δϑla/Δϑsm)
≈ 1

2
(Δϑla +Δϑsm) (4.6.7)

and Δϑla and Δϑsm the larger and smaller temperature difference according to

Fig. 4.6.4.

12 m1 11 ,
22 tubes

headhead

m2 21 

Fig. 4.6.3. Scheme of a tubular heat exchanger for liquid-gas, crossflow.

The temperature profiles in longitudinal direction show an exponential course. It

holds for example under ideal conditions for the fluid 1 which increases the temper-

ature in counter flow

ϑ12 = ϑ21 −
1− ṁ1cp1

ṁ2cp2

1− ṁ1cp1
ṁ2cp2

exp
[(

1
ṁ2cp2

− 1
ṁ1cp1

)
kA
] (ϑ21 − ϑ11) (4.6.8)

and for parallel flow

ϑ12 = ϑ21 −
1− exp

[(
1

ṁ2cp2
− 1

ṁ1cp1

)
kA
]

1− ṁ1cp1
ṁ2cp2

exp
[(

1
ṁ2cp2

− 1
ṁ1cp1

)
kA
] (ϑ21 − ϑ11) . (4.6.9)

228 4   *HnHrDO &oPEuVtion (nJinH 0odHOV



Ab)Aa)

 22

 12

 22

m2

 21

� 
la

 21

 11 11

m1

m2

m1

 21

 12

 12

� sm

 11

 22

 11

 21

� sm

� 
la

 22

 12

Fig. 4.6.4. Temperature profiles in tubular heat exchangers. a counter flow. b parallel flow.

For details see VDI heat atlas (2010), Grothe and Feldhusen (2007), Holman (1976).

For heat exchangers with small heat exchange area A and therefore expx ≈ 1+x
these equations can be approximated for counter flow

ϑ12 = ϑ21 −
1− ṁ1cp1

ṁ2cp2

1− ṁ1cp1
ṁ2cp2

[
1 +

(
1

ṁ2cp2
− 1

ṁ1cp1

)
kA
] (ϑ21 − ϑ11)

= ϑ21 −K2c(ϑ21 − ϑ11) (4.6.10)

and for parallel flow

ϑ12 = ϑ21 −
1−

[
1 +

(
1

ṁ2cp2
− 1

ṁ1cp1

)
kA
]

1− ṁ1cp1
ṁ2cp2

[
1 +

(
1

ṁ2cp2
− 1

ṁ1cp1

)
kA
] (ϑ21 − ϑ11)

= ϑ21 −K2p(ϑ21 − ϑ11). (4.6.11)

Hence, the change of the outlet temperature Δϑ12 after a change of the inlet temper-

ature Δϑ11 of the fluid with increasing temperature becomes for counter flow

Δϑ12 = K2cΔϑ11 (4.6.12)

and for parallel flow

Δϑ12 = K2pΔϑ11. (4.6.13)

The gains K2c and K2p depend essentially on the mass flows and specific heats. For

other relationships of inlet and outlet temperatures see, e.g. Grothe and Feldhusen

(2007).
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4.6.3 Heat exchanger models for the dynamic behavior with lumped
parameters

As an example a tubular heat exchanger as in Fig. 4.6.3 is considered. In many cases

the dynamic behavior of the outlet temperature ϑ12 of fluid 1 in dependence on its

inlet temperature ϑ11, the mass flow ṁ1 and the heat flow q̇2w is of interest. This

leads to the three transfer functions shown in Fig. 4.6.5.

If the whole heat exchanger is considered as a lumped heat storage with average

temperature ϑ12, then the heat balance yields

mhch
dϑ12

dt
= ṁ1cp1(ϑ11 − ϑ12) + α2A2(ϑ21 − ϑ′

1)︸ ︷︷ ︸
Q̇2=q̇2wA2

(4.6.14)

where mhch is the thermal capacity of the tubes and the fluid, such that mhch =
mtct +m1cp1 and averaged temperatures of the fluid are taken for the heat transfer

ϑ′
1 =

1

2
(ϑ11 + ϑ12)

and for the wall temperature of the tubes ϑw = ϑw1 = ϑw2 ≈ ϑ′
1 is simplified.

For small temperature changes Δϑ this leads to the first order differential equa-

tion

mhch(
ṁ1cp1 +

α2A2

2

) dϑ12(t)

dt
+Δϑ12(t)

=
ṁ1cp1 − α2A2

2(
ṁ1cp1 +

α2A2

2

)Δϑ11(t) +
α2A2(

ṁ1cp1 +
α2A2

2

)Δϑ21(t) (4.6.15)

with the time constant

Th2 =
mhch

ṁ1cp1 +
α2A2

2

. (4.6.16)

This first order model with one time constant is a rough estimate and can be used to

describe the dynamics after changes Δϑ11(t) or Δϑ21(t).

4.6.4 Heat exchanger models for the dynamic behavior with distributed
parameters

Modeling the dynamic behavior of a heated tube serves as a basic element to derive

and understand the temperature dynamics of heat exchangers. In many cases, it is of

interest how the output temperature ϑ1o(t) depends dynamically on the input temper-

ature ϑ1i(t), the velocity v1(t) and the specific heat flow q̇2w(t), see Fig. 4.6.6. The

following description follows Acklin and Läubli (1960), Profos (1962), Isermann

(1969), Isermann (1971).
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Fig. 4.6.5. Transfer functions for the outlet temperature of a tubular heat exchanger.

z l

dz

q2w

 1o

v1

 1i

Fig. 4.6.6. Scheme of a heated tube.

a) Heated tube with distributed parameters

It is assumed that the geometric dimensions and the specific heat flow q̇2w(z) are

constant along the length coordinate z and that turbulent flow holds internally, further

ideal mixture perpendicular to the z-axis.

As the tube is a distributed parameter system where the fluid temperature ϑ1(z, t)
depends on the location z and the time t an infinitesimal small element is considered,

see Fig. 4.6.7. It consists of two heat storages, the inner fluid and the tube wall.

Therefore two balance equations are stated:

- enthalpy balance equation for the flowing fluid:

Dh1(z, t)

Dt
=

1

A1ρ1

∂Q̇1w

∂z
; dQ̇1w = q̇1wπd1dz (4.6.17)

∂h1(z, t)

∂t
+ v1(t)

∂h1(z, t)

∂z
=

πd1
A1ρ1

q̇1w(z, t) (4.6.18)

- heat balance of the tube wall element:

q̇2w π d2 dz − q̇1w π d1 dz = Aw ρw cw
∂ϑw

∂t
. (4.6.19)
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Fig. 4.6.7. Tube element.

After assuming small changes of the temperature Δϑ(t) and other variables and

introducing the heat transfer equations

q̇1w = α1w(ϑw − ϑ1) (4.6.20)

q̇2w = α2w(ϑ2 − ϑw) (4.6.21)

with Nusselt’s law for the heat transfer coefficient

α1w = α1w

(
v1
v1

)m

(4.6.22)

Δα1w = α1w m
Δv1
v1

(m = 0.8 for turbulent flow, v means steady state value) and for the enthalpy

Δh1 = cp1 Δϑ1 (4.6.23)

it follows

∂ϑ1(z, t)

∂t
+ v1

∂ϑ1(z, t)

∂z
=

1

Tf
(Δϑw(z, t)−Δϑ1(z, t))

− 1

Tf

(
ϑw − ϑ1

)
(m− 1)

Δv1
v1

(4.6.24)

∂ϑw(z, t)

∂t
=

1

α2w Tw2
Δq̇2w(t)− 1

Tw2
Δϑw(z, t)

+
1

Tw1
(Δϑ1(z, t)−Δϑw(z, t))

− 1

Tw1
m
(
ϑw − ϑ1

) Δv1(t)

v1
.

(4.6.25)

Herewith three parameters are defined:
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Tf =
d1 ρ1 cp1
4 α1w

(fluid time constant) (4.6.26)

Tw1 =
Aw ρw cw
π d1 α1w

(inner tube wall time constant) (4.6.27)

Tw2 =
Aw ρw cw
π d2 α2w

(external tube wall time constant) (4.6.28)

(4.6.24) and (4.6.25) are now first Laplace transformed with regard to the time t in

the s-domain and then with regard to the location z in the ζ-domain. Laplace back-

transformation from the ζ-domain into z-domain with setting of Δϑ1(z = 0, s) =
Δϑ1i(s); Δϑ1i(z = l, s) = Δϑ1o(s) and elimination of the tube wall temperature

leads to following three transfer functions, Isermann (1969)

Gϑ(s) =
Δϑ1o(s)

Δϑ1i(s)
= e−Tts e−κf

Tw1s+η
Tw1s+η+1 (4.6.29)

Gq(s) =
Δϑ1o(s)

Δq̇2w(s)

=

(
ϑw − ϑ1

)
d2

q̇2wd1

1/η

Tw2 Tf s2 +
(
Tf

1+η
η + Tw2

)
s+ 1

(1−Gϑ(s))

(4.6.30)

Gv =
Δϑ1o(s)

Δv1(s)

= −
(
ϑw − ϑ1

)
v1

1
η + (1−m)(1 + Tw1s)

Tw2 Tf s2 +
(
Tf

1+η
η + Tw2

)
s+ 1

(1−Gϑ(s)) . (4.6.31)

Three new parameters are

κf =
4 α1w l

d1 ρ1 cp1 v1
(fluid parameter) (4.6.32)

η =
α2w d2
α1w d1

(convective heating parameter) (4.6.33)

Tt = l/v (dead time) (4.6.34)

and additionally from (4.6.27):

Tw1 =

(
d22 − d21

)
ρw cw

4 α1w d1
(inner tube wall time constant) (4.6.35)

The parameters κf and η define the form of the resulting frequency response loci or

the transient functions and Tw1 and Tw2 the frequency or time scale. Figures 4.6.8

and 4.6.9 show the corresponding transient functions and frequency response loci.

The temperature behavior is for small κ1 (e.g. short tube length) approximately a

step plus a first order lag and tends to a higher order lag behavior for large κ1 (large

tube length). Both, the heating/temperature and the velocity/temperature behavior
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show approximately a second order lag behavior, however, with opposite sign, see

also Fig. 4.6.10. Table 4.6.2 shows typical ranges of the characteristic parameters for

heat exchangers. If the influence of the wall temperature on the specific heat on the

external tube is negligible, as it can be be assumed for heating through radiation, it

can be set α2w = 0 or η = 0.

2010 250

0.5
1.0 2

3 5
8

12.5

20

25

t t T* = / 1w

κF

0.2

0.4

0.6

0.8

1.0

� 1i

� 1o

0

Fig. 4.6.8. Transient functions for Gϑ(s) with κf as parameter (heating through radiation,

η = 0) and Tt = 0, Profos (1962).

Table 4.6.2. Characteristic parameters of heated tubes, Isermann (1969)

Primary Liquid Gases, steam

flow 1 0.1 < κf < 20 0.1 < κf < 20
(inner tube) 0.2 < Tw1/Tf < 0.7 20 < Tw1/Tf < 100

secondary gas gas, steam

flow 2 0 < η < 0.2 0 < η < 1
(outer tube) (water/ air heater) (steam superheater)

liquid, condensating steam liquid

0.5 < η < 3 0.5 < η < 10
(steam/ water heat exchanger)

b) Simplified models of heated tubes

Approximation of the transcendental transfer functions with rational transfer func-

tion and time delay allows simpler expressions, as was shown in Acklin and Läubli

(1960), Läubli (1961), Isermann (1969). For the change of the input temperature the

tube is divided into n small sections of length Δl. Then the following approximation

holds
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Fig. 4.6.9. Frequency responses and transient responses of a long heated tube, Profos (1962).

Δq2w

Δν1

i1 � 1o �+ +

+-

Fig. 4.6.10. Signal-flow diagram of a heated tube for small changes of variables.
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G̃ϑ(s) =
Δϑ1o(s)

Δϑ1i(s)
=

(
a+

b

1 + Tb s

)n

e−Tts (4.6.36)

a = e−Δκf

b = e−Δκf
η

1+η − a

Tb =
Δκf

(1 + η)2
a+ b

b
Tw1

n =
κf

Δκf
= 1, 2, 3, . . .

Δκf =
4α1wΔl

d1ρ1cp1v1
Δκf

κf
=

Δl

l
with Δκf ≤ 1.5.

This means, that (4.6.29) was approximated for small Δκf ≤ 1.5 by a first order ra-

tional transfer function (4.6.36). For larger κf these transfer functions are connected

in series. The other two transfer functions for total length l result in

G̃q(s) =
Δϑ1o(s)

Δq̇2w(s)
=

Gq(0)

(1 + T1s) (1 + T2s)
(4.6.37)

T1 =
1

η
(1− ψ) Tw1

T2 =
1

η
Tw1

G̃v(s) =
Δϑ1o(s)

Δv(s)
=

Gv(0)

(1 + T1s)

{
1
η

1 + T2s
+ (1−m)

}
. (4.6.38)

The gains are

Gϑ(0) = ψ = e−κf
η

1+η (if cp1i = cp1o)

Gq(0) =
ϑw − ϑ1

q̇2w

d2
d1

1

η
(1− ψ)

Gv(0) = −ϑw − ϑ1

v1

(
1

η
+ 1−m

)
(1− ψ).

These approximations hold for liquid flows in the inner tube with (0.2 < Tw1/Tf <
0.7) and liquids and condensing steam for the secondary flow (0.5 < η < 3). For

other parameter combinations see Isermann (1969).

The output temperature is usually measured by a temperature sensor, e.g. a

resistance thermometer or a thermocouple with a transfer function described in

Sect. 4.6.5.

c) Simplified models of heat exchangers

Based on the models of a heated tube and other elements the overall model of a heat

exchanger can now be given. The signal-flow diagram of a tubular heat exchanger
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is depicted in Fig. 4.6.11 for the case that the inlet temperature is a manipulated

variable. In addition to the heated tube dynamics following elements have to be con-

sidered: the head of the heat exchanger as a mixing storage, a transport deadtime

Tt = l/v and the temperature sensor dynamics. This means that a higher order delay

system results. However, usually the heat exchanger and the sensor time constants

are dominating, compare e.g. Isermann (1970), Isermann and Jantschke (1970).

11 �

�q2w

�m1

12 �

S ��U

actuator valve heat exchanger heat exchanger
head

transport
delay

temperature
sensor

+

+

+

Fig. 4.6.11. Signal-flow diagram for a tubular heat exchanger with manipulation of the inlet

temperature by a mixing valve.

Cross flow heat exchangers are more difficult to model. For the dynamic behavior

of the inner fluid the derived equations of the heated tube can be applied. To describe

the dynamics of the outlet temperature ϑ22 of the second fluid the integral over the

wall temperature can be modeled to obtain an average temperature over the outlet

heat exchanger area. It was shown in Isermann and Jantschke (1970) that a simplified

model is

Gϑϑ(s) =
Δϑ22(s)

Δϑ11(s)
=

K22

1 + T22s
(4.6.39)

K22 =
ṁ1cp1
ṁ2cp2

(1− ψ)

T22 =
(1− ψ)

η
(Tf + Tw1)

with ψ as for (4.6.38).

4.6.5 Dynamic models of temperature sensors

Temperatures are usually measured with resistance thermometers or thermocouples

which can be considered as heat exchanging elements. Assuming that the complete

sensor component consisting of the sensor element and its protective tube can be

considered as a lumped heat storage the following heat balance equation holds
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mscs
dϑs(t)

dt
= AsαFS(ϑf(t)− ϑs(t)) (4.6.40)

mscs
AsαFS

dϑs(t)

dt
+ ϑs(t) = ϑf(t). (4.6.41)

ϑs and ϑf are the temperatures of the sensor and the fluid. For the sensor mass holds

ms = πd2lρs/4

and the heat transfer surface is

As = πdl.

The sensor time constant then becomes

Ts =
mscs
Asαfs

=
ρsdscs
4αfs

. (4.6.42)

Hence, the time constant of a temperature sensor is proportional to its diameter d and

inverse proportional to the heat transfer coefficient αfs. The heat transfer coefficient

αfs depends on the fluid velocity v. Applying Nusselt’s law (4.6.22) with a known

αfs(v) for a certain fluid velocity v yields

αfs

αfs
=
(v
v

)m
(4.6.43)

with m = 0.6 . . . 0.8 for turbulent flow. Thus the sensor time constant becomes

Ts =
ρsdscs
4αfs

vm

vm
(4.6.44)

and changes inverse proportional to the fluid velocity vm. Therefore, the fluid veloc-

ity v has a dominating effect on the dynamics of the temperature sensor.

For example, the time constants of relatively thin thermocouples within the ex-

haust pipe of a CR diesel engine were determined in the range of 0.5. . . 1 s and

1.6. . . 3.3 s for neng = 1000 . . . 3000 rpm, Zimmerschied and Isermann (2010).

However, series exhaust temperature sensors with larger robust design have shown

time constants in the range of 4. . . 16 s for high and low exhaust gas mass flows.

If the temperature after a heat exchanger is measured and used e.g. for control,

then the sensor dynamics have to be included in the overall dynamics, because the

sensor time constant is frequently in the same magnitude or even larger than the heat

exchanger time constants.

4.7 Cooling system

In order to protect the combustion gas contacted materials from overheating and to

retain the lubrication effect of the engine oil the engine has to be cooled. For pass-

enger cars and heavy-duty vehicles water cooling has become standard. The coolant

consists of water, antifreeze and anticorrosion inhibitors. As about one third of the
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heat provided by the fuel has to be removed to the environment a precise functioning

control and supervision of the cooling system are important requirements. Therefore,

models for the cooling system will be considered. The following sections describe

different models of the cooling system. The cooling system is considered as a lumped

parameter process to obtain simplified dynamic models as in Sect. 4.6.2 for heat

exchangers. The models may be required for simulations and for control design of

the coolant system and as a basis for the thermomanagement.

Figure 4.7.1 depicts a scheme of a typical, basic cooling system. The coolant

pump is either driven by a V-belt and therefore the speed is given through the en-

gine speed or by an electric motor, which allows independent speed control. After

cold start the thermostatic valve opens to the bypass only in order to reach the op-

eration coolant temperature fast. The thermostatic controller then opens the way to

the radiator such that forced external cooling begins. The valve is a double-acting

disk, in which both sides are opened allowing a mixture of uncooled and cooled

coolant flow to the engine such that according to the setpoint of, e.g. a thermostat a

certain operating temperature at the entrance to the engine is reached. The setpoint

of the thermostat may be changed through a heating resistor to raise the operating

temperature at part-load and to reduce it at higher load. This allows to safe fuel, to

reduce wear and improves the heating of the vehicle interior. In the case of electri-

cal driven pumps the speed is also changed and optimized with regard to operating

requirements.

As the temperature time behavior of the coolant system is much slower than,

e.g. the torque generation, the coolant circuit is frequently in a dynamic state during

driving with different load. Therefore the dynamics are of interest for normal driving

cycles. First the cooling flow is considered, and then the coolant temperature.

4.7.1 Cooling flow models

The cooling circuit flow as depicted in Fig. 4.7.1 is generated by the coolant pump

which is traditionally driven by the belt for the auxiliary units and therefore its speed

depends on the engine speed. However, if it is driven by an electrical motor the speed

can be controlled independently from the engine speed and optimized with regard to

the required heat transport to the environment. The volume flow in the cooling circuit

in steady-state is determined by the pressure flow characteristics of the pump and the

flow resistances of the coolant valve and the coolant circuit.

The coolant pumps are usually either radial or axial centrifugal pumps. The gen-

erated difference pressure Δpp = pp,out − pp,in or the delivery head H = Δpp/ρcg

in dependence on the volume flow V̇p and speed ωp can be approximated by

Δpp = ρc g H = ρc g
(
hnnω

2
p − hnvωpV̇p − hvvV̇

2
p

)
(4.7.1)

see Dixon (1966), Pfleiderer and Petermann (2005), Isermann and Münchhof (2011).

The pressure/flow characteristic of the cooling circuit depends on the flow resis-

tance of the pipes, engine block, radiator, oil cooler, air heater and position u1 of
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Fig. 4.7.1. Schematic of an engine cooling system. 1 coolant radiator, 2 fan, 3 combustion

engine, 4 oil cooler, 5 coolant pump, 6 thermostatic valve, 7 bypass, 8 cabin heat exchanger,

9 coolant expansion tank. u1 manipulated variable for thermostatic valve, u2 manipulated

variable for fan speed, u3 manipulated variable for pump speed, u4 manipulated variable for

cabin heating, ϑc coolant temperature, hc coolant level.

the coolant valve. These components are connected together in a serial and paral-

lel configuration. Modeling and simulation of the coolant flow is rather complicated

such that one- and three-dimensional fluid dynamic calculations are required to de-

scribe the various effects. The realization of measurements along the many passages

with a mixture of laminar flow, turbulent flow and dead water circulation is hardly

possible. Fluid dynamic simulations are shown in Zieher et al (2011). However, to

develop simplified models of the cooling for the purpose of control it is assumed that

pressure drops may be described by turbulent flow and therefore approximated by

Δpc = ζc(u1)ρc
v2c
2

= ζc(u1)
ρc
2A2

c

V̇ 2
p = hrr(u1)V̇

2
p . (4.7.2)

The resistance coefficients ζc depends on various positions of the thermostatic valve

and valves, e.g. for cabin heating, oil temperature control, etc. Hence, the resistance

characteristic may change considerably. Together with the changing speed of the

coolant pump many different operating points result as intersection points of both

characteristics, as shown in Fig. 4.7.2.

A comparison of the measured and with (4.7.1) approximated pump character-

istic is depicted in Fig. 4.7.3a) for different pump speeds. Figure 4.7.3b) shows the

corresponding flow characteristic of the cooling circuit.

To describe the dynamic behavior of the coolant mass flow it is assumed that the

coolant circuit is simplified to a representative pipe with cross-section Ac and length

lc, resulting in a representative coolant mass mc = Acρclc. The momentum balance

equation then becomes
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mc
dvc(t)

dt
= Ac (Δpp(t)−Δpc(t)) (4.7.3)

or

TI
dṁc(t)

dt
= Δpp(t)−Δpc(t)

with

vc =
ṁc

Acρc

TI =
mc

A2
cρc

.

A corresponding signal flow is depicted in Fig. 4.7.4. It shows the integration for-

ward path stemming from the mass flow balance equation and a negative feedback

path resulting from the resistance characteristic Δpc(ṁc, u1) (heating valve closed).
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The steady-state pump characteristic Δpp (ωp, ṁc) acts in a forward path and de-

termines the pump pressure in dependence on the pump speed ωp and the mass

flow ṁc. Hence, a nonlinear proportional acting behavior results after changes of

the pump speed or valve position, where the parameters depend on the operating

point, Isermann (2005).

For small changes of the pump speed the dynamic behavior can be linearized

around the operation point and yields after insertion of (4.7.1) and (4.7.2) in (4.7.3)

with volume flow V̇c = ṁc/ρc.

Tc
dV̇p(t)

dt
+ΔV̇p(t) = KcΔωp(t) (4.7.4)

with gain and time constant

Kc =
ΔV̇p

Δωp
=

ρcg(2hnn − hnvV̇ p)

2hrrV̇ p

(4.7.5)

Tc =
lcρc

2AchrrV̇ p

=
1

2A2
chrr

mc

V̇ p

. (4.7.6)

Hence, the dynamic behavior of the coolant volume flow can be described by a first

order differential equation. The time constant is proportional to the moved coolant

mass and inverse proportional to the volume flow. If an electrical driven coolant

pump is used, the dynamics of the pump lead to a further first order differential

equation, see Isermann and Münchhof (2011), Sect. 6.1.2. The dynamic model of the

coolant flow ṁc(t) describes the behavior mainly for changes of the pump speed. In

the case of the coolant temperature control with thermostatic valve only, the coolant

mass flow ṁc then appears as a dynamically changing parameter in (4.7.18) and in

the signal-flow chart, Fig. 4.7.6. For belt-driven pumps this parameter changes with

the engine speed and for electrically-driven pumps with the controlled pump speed.

.

p�

p� T mI c
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m

dm
dt

- �

p� c

m

p� p

c

m
TI

1�p
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c
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p

.
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. .

Fig. 4.7.4. Signal-flow scheme for the dynamic behavior of the coolant flow and the pump

speed U = ωp as input.
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4.7.2 Cooling temperature models

a) First order model with lumped parameters

Because of the different heat exchangers and the varying coolant flows modeling of

the coolant system is quite involved. However, in order to get a first rough estimate

the whole coolant circuit is considered as a lumped parameter system, where ϑe is a

mean temperature of the engine. It is assumed that the interior heating is closed. An

energy balance equation then yields

mece
dϑe(t)

dt
= Ḣe,in(t)− Q̇ea(t)− Q̇r(t)− Peng(t)− Ḣe,out(t) (4.7.7)

with the following quantities

me representative mass of all coolant relevant engine components (engine

block, coolant, oil, ...)

ce representative specific heat capacity (average value)

Ḣe,in enthalpy flow from the combustion

Ḣe,out enthalpy flow of the exhaust gases, leaving the cylinders

Q̇ea heat flow from the engine block to the environment

Q̇r heat flow of the radiator from the coolant to the environment

Peng delivered mechanical power at the flywheel

The heat flow for an ideal combustion is

Ḣe,in = ṁfHl (4.7.8)

where ṁf is the fuel mass flow and Hl the lower heat value of the fuel. For the

mechanical power at the flywheel holds

Peng = Mengωeng = He,inηeff (4.7.9)

with the effective efficiency of the engine

ηeff =
Peng

Ḣe,in

=
Meng ωeng

ṁf Hl
=

4πMeng

mfHl
(4.7.10)

see (4.2.20), which depends on the operating state

ηeff = f(uinj, neng).

This effective efficiency comprises all efficiencies from the injected fuel to the work

at the flywheel, including the cycle efficiency, which takes the removed heat during

gas exchange into account, see e.g. (4.2.1). mf is the completely burned fuel per

combustion cycle. The enthalpy flow of the exhaust gases is

Ḣe,out = cegṁegT3. (4.7.11)
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The heat flow from the engine block to the environment can be approximated by

Q̇ea = αeaAea(ϑe − ϑa) (4.7.12)

with αea a heat transfer coefficient and Aea the engine’s outer surface. For the heat

flow of the radiator to the air holds approximately

Q̇r = krAr(ϑc − ϑa) (4.7.13)

where kr is the overall heat transfer coefficient, Ar the surface of the radiator and

ϑc the measured coolant temperature at the thermostatic valve. The basic equations

and parameters for the heat transfer are explained in Sect. 4.6.2, (4.6.1) to (4.6.5).

Inserting these equations into (4.7.7) yields

mece
dϑe(t)

dt
= (1− ηeff)ṁf Hl − αeaAea(ϑe(t)− ϑa(t))− krAr(ϑc(t)− ϑa(t))

− cegṁegT3.

(4.7.14)

Two simplifying assumptions can now be made. Assuming that the heat transfer flow

is Q̇r = 0 because of a closed control valve during warming up, leads to a warming
up time constant of the engine temperature

Te1 =
mece
αeaAea

(4.7.15)

see also Guzzella and Onder (2010). This time constant can be used to obtain a rough

estimate of the engine temperature during the warming up phase. If it is assumed

that ϑe = ϑc, (4.7.14) yields an overall time constant for the engine plus radiator

temperature

Te2 =
m∗

ec
∗
e

αeaAea + krAr
. (4.7.16)

Then m∗
e and c∗e include the radiator. kr depends strongly on the air speed through

the radiator, i.e. vehicle speed and/or fan speed.

b) Second order model with lumped parameters

To obtain a more detailed model of the coolant temperature dynamics the engine

block and the radiator are now considered as two lumped parameter components and

the coolant valve as a three-way valve, see Fig. 4.7.1.

Figure 4.7.5 depicts the corresponding energy flows of both components includ-

ing the effect of changing the position u1 of the coolant valve. The corresponding

energy flows are discussed in the sequel.

Coolant valve bypass and radiator
At first the effect of u1 on the temperatures ϑce,in and ϑcr,out is considered. It is

assumed that the mass flow rate through the radiator is a function of the valve position
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Fig. 4.7.5. Energy flows of the coolant radiator and the engine block with the manipulation

variable u1 of the coolant valve.

ṁcr(u1) = ṁcf(u1) (4.7.17)

where f(u1) describes the flow characteristic of the valve and ṁc is the mass flow

rate of the coolant through the engine. To simplify notations a linear characteristic is

assumed

ṁcr(u1) = ṁcu1 (4.7.18)

with u1 = 1 for an opened and u1 = 0 for a closed valve to the radiator. A mass flow

balance for the valve leads to

ṁc = ṁcr + ṁcb (4.7.19)

with ṁcr = ṁcu1 and ṁcb = (1 − u1) ṁc the mass flow rates through the radiator

and the bypass. It is first assumed that the coolant mass flow rate ṁc is constant.

The heat balance at the mixing point of the bypass flow and the radiator flow

yields, neglecting the oil cooler,

Q̇ce,in = Q̇cr,out + Q̇cb = Q̇cr,out + (Q̇ce,out − Q̇cr,in) (4.7.20)

or by introducing (4.7.18)

ṁcccϑce,in = ṁcccϑcr,outu1 + ṁcccϑc(1− u1) (4.7.21)

ϑce,in = u1ϑcr,out + (1− u1)ϑc = ϑc − u1(ϑc − ϑcr,out) (4.7.22)

where ϑce,in is the coolant entrance temperature of the engine block, ϑcr,out the

coolant temperature of the radiator output, ϑc = ϑce,out is the temperature at the

coolant valve and cc is the specific heat value of the coolant. Hence, the position u1

of the valve changes ϑce,in in a multiplicative, i.e. nonlinear way. It holds ϑce,in = ϑc

for u1 = 0 and ϑce,in = ϑcr,out for u1 = 1.

It is now assumed that the dynamics of the coolant temperature in the radiator is

small compared to the coolant temperature in the engine block in order to simplify

the relations.

Thus, the steady-state heat balance of the radiator becomes

Q̇r = ṁcrcc(ϑcr,in − ϑcr,out) = krAr(ϑcr − ϑa). (4.7.23)
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With ϑcr,in = ϑc and assuming a mean temperature in the radiator it holds

ϑcr =
1

2
(ϑcr,in + ϑcr,out) =

1

2
(ϑc + ϑcr,out). (4.7.24)

The outlet temperature of the radiator then follows from (4.7.23)

ϑcr,out =
2 ṁcrcc

krAr
− 1

2 ṁcrcc
krAr

+ 1
ϑc +

2
2ṁcrcc
krAr

+ 1
ϑa. (4.7.25)

Introducing

br =
ṁc cc
krAr

(4.7.26)

and (4.7.18) yields for 0 < u1 ≤ 1

ϑcr,out =
2bru1 − 1

2bru1 + 1
ϑc +

2

2bru1 + 1
ϑa. (4.7.27)

Dynamic behavior of the engine block
The engine block temperature ϑe is now considered as a lumped representative mean

temperature as for a heat exchanger in Sect. 4.6.3. According to Fig. 4.7.5, the heat

balance of the engine block is described by

mece
dϑe(t)

dt
= Ḣe,in(t)− Peng(t) + Q̇ce,in(t)− Q̇ce,out(t)− Q̇ea(t)− Ḣe,out(t)

(4.7.28)

where me and ce are the mass and specific heat capacity of the engine block. The

heat flows in and out of the engine block are

Q̇ce,in = ṁcccϑce,in

Q̇ce,out = ṁcccϑce,out = ṁcccϑc.
(4.7.29)

This leads with (4.7.9) and (4.6.6) to

mece
dϑe

dt
= (1− ηeff)Ḣe,in + ṁccc(ϑce,in − ϑc)− αeaAea(ϑe − ϑa)− Ḣe,out(t).

(4.7.30)

To obtain a relation between the coolant exit temperature of the engine block

ϑce,out = ϑc and ϑe the transferred heat flow from the engine block to the coolant is

simplified by assuming a stationary relation (neglecting wall dynamics because the

wall masses are included in me)

Q̇ec = kecAec

(
ϑe − 1

2
(ϑc + ϑce,in)

)
= ṁccc(ϑc − ϑce,in) (4.7.31)

which results in
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ϑc = be1ϑe − be2ϑce,in (4.7.32)

with

be1 =
2

1 + 2be

be2 =
1− 2be
1 + 2be

be =
ṁccc
kecAec

.

(4.7.33)

Introducing in (4.7.30) yields for the engine block temperature

mece
dϑe(t)

dt
+ (αeaAea + ṁcccbe1)ϑe(t)

= (1− ηeff)Ḣe,in(t) + ṁccc(1 + be2)ϑce,in(t) + αeaAeaϑa(t)− Ḣe,out(t).
(4.7.34)

Hence, a thermal engine block time constant becomes

Tec =
mece

αeaAea + ṁcccbe1
. (4.7.35)

The engine inlet temperature ϑce,in follows from (4.7.22) with ϑcr,out according to

(4.7.27), both depending on the coolant valve position u1.

Dynamic behavior of the radiator
The radiator and the coolant in the radiator are considered as a lumped parameter

process with representative values for the mass mc and specific heat capacity cc of

the tubes and the fluid. The heat flow balance then yields, compare Fig. 4.7.5 and

Sect. 4.6.3

mccc
dϑcr,out(t)

dt
= Q̇cr,in(t)− Q̇cr,out(t)− Q̇r(t). (4.7.36)

Applying for the heat flows

Q̇cr,in = ṁcrccϑc = ṁcu1ccϑc

Q̇cr,out = ṁcrccϑcr,out = ṁcu1ccϑcr,out

Q̇r = krAr

(
1

2
(ϑc + ϑcr,out)− ϑa

) (4.7.37)

and (4.7.24) for ϑcr with the abbreviation (4.7.26) leads to

2mccc
krAr

dϑcr,out(t)

dt
+ (2bru1 +1)ϑcr,out(t) = (2bru1 − 1)ϑc(t) + 2ϑa(t) (4.7.38)

and a coolant radiator time constant

Tcr =
2mccc

(2bru1 + 1) krAr
. (4.7.39)
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The signal flow in Fig. 4.7.6 shows how the two heat storages, the engine block, and

the radiator are coupled to a dynamic second order system. The manipulated variable

u1 of the expansion valve has a multiplicative and therefore a nonlinear effect on

several variables and parameters because it changes the coolant flow through the

radiator and the bypass. In order to result in equations that are not too complicated,

several simplifying assumptions were made. The signal-flow diagram also includes

the case when the coolant flow ṁc is used as a manipulated variable.

The described model is only an approximation of the real behavior, because sev-

eral effects have been simplified, e.g. the deadtimes for temperatures in the tubes and

the real dynamics of the radiator, according to the heat exchanger models in the pre-

vious sections. Also other cooling heat exchangers have to be taken into account, as

e.g. the oil coolers of the engine and of the automatic transmission, the EGR cooler

and the interior heater.

The equations show that the static and dynamic behavior depends also on the

coolant pump speed and therefore coolant flow ṁc directly and indirectly via the heat

transfer coefficients kec and kr. The time constants Tec and Tcr are approximately

inverse proportional to ṁc and therefore the smaller the larger the coolant flow rate.

Another detailed thermal model is shown by Guzzella and Onder (2010) and

Cortona et al (2002) where the heat transfer in the engine is more analyzed. Other

contributions are Arici et al (1999) and Shibata et al (1993).

Because of the many parameters not precisely known for the representative

masses, surface areas and heat transfer coefficients, it is recommended to determine

the cooling-system behavior in addition experimentally with suitable identification

methods. The theoretically, with many simplifying assumptions derived models give

hints for the structure of the nonlinear identification models.

A simplification of (4.7.34) can be obtained by neglecting the dynamic behavior

of the radiator and by assuming small changes Δu1 around a steady-state ϑe = const.

This yields after linearization with

Δϑce,in = −(ϑc − ϑcr,out)Δu1 = −ΔϑcrΔu1 (4.7.40)

assuming Δϑcr = const. and Ḣe,out = const., to

mece
dϑe

dt
+ (αeaAea + ṁcccbe1)Δϑe(t) = −ṁccc(1+ be2)ΔϑcrΔu1(t) (4.7.41)

and with (4.7.32)

Δϑc ≈ be1Δϑe (4.7.42)

mece
dϑc

dt
+ (αeaAea + ṁcccbe1)Δϑc(t) = −ṁccc

be1
(1 + be2)ΔϑcrΔu1(t)

(4.7.43)

or

Tec
dϑc(t)

dt
+Δϑc(t) = −KecΔu1(t) (4.7.44)

with the gain
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Kec = − ṁccc(1 + be2)Δϑcr

be1(αeaAea + ṁcccbe1)
(4.7.45)

and the time constant Tec as (4.7.35).

This first order model for the dynamic behavior of the coolant temperature may

be sufficient for designing a coolant temperature controller with manipulation by the

coolant valve. However, many variables influence the parameters, such as ṁc, u1,

mf , ϑa and vair, where vair is the air velocity through the radiator. Additionally, the

time constant of the thermostatic expansion valve has to be taken into account with

a first order model according to (4.6.41).

The lumped parameter models may be improved by assuming a dead time Ted,

taking into account the traveling time of coolant temperature changes from the

coolant entrance to the exit of the engine block. The dead time has to approximate

different dead times, as the flow through the cylinder space and cylinder head has

different travel ways lce and velocities vce, Laramee et al (2005).

An approach for estimating an average dead time is

Ted =
lce
vce

=
Vce

V̇ce

(4.7.46)

where lce and vce and the coolant volume in the engine block Vce and its volume flow

V̇ce are representative values.

Therefore, following simplified model for small changes of the coolant valve

may be used for control design

Guϑc(s) =
Δϑc(s)

Δu1(s)
= − Kec

(1 + Tecs)
e−Teds. (4.7.47)

Changes of the pump speed do not include a significant dead time, i.e. lead to dy-

namically less delayed changes of the engine outlet temperature. Sect. 7.10 describes

various ways to develop coolant temperature controls.

The described modeling of cooling systems tries to approximately present the

basic behavior in order to obtain hints for the design of the components and the

control system. In order to result in relatively precise approaches computer aided

flow and heat transfer simulation tools have to be used, as e.g. shown by Müller

et al (1998), Zieher et al (2011), Karl and Feldhaus (2008). However, because of the

many required and not precisely known parameters the theoretical analysis has to be

supplemented by experiments.

4.8 Lubrication system

The lubrication system serves to lubricate and cool the pairings of the crankshaft

drive, the valve train and other moving components and to remove local contami-

nants, wear particles and combustion residues. The most frequently used forced-feed

lubrication is based on a positive displacement oil pump (mostly gear pump or vane
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pump), which delivers a defined volumetric oil flow rate from the oil sump to an

oil cooler and and oil filter, see Fig. 4.8.1. The oil volume flow rate is about 30 to

35 l/h per kW engine power, Eberan-Eberhorst (2010). As the oil pressure increases

with the speed of the pump, a pressure relief or pressure control valve limits the oil

pressure to a maximum of for example 5 bar to prevent damage of the oil cooler, oil

filter and seals. The oil cooler is cooled by the engine coolant or by air. The oil filter

can be circumvented by a pressure released bypass valve in the case of strong con-

tamination if, e.g. the pressure difference exceeds 0.8. . . 2.5 bar. The main oil filter

is a full-flow filter which filters the complete oil flow of the engine and holds back

particles in the range of 0.5 to 500μm which could cause damage or wear. This filter

is regularly exchanged as part of the oil service. Additionally bypass filters can be

provided, which hold back superfine particles, such as abrasive and soot particles.

These bypass filters are mainly used for diesel engines and are limited to an oil flow

of maximal 10 %.

M

1

2 3

4

7

8
6

5

9

V�

pp

pV�

Δpf

peng

engV�

Fig. 4.8.1. Scheme of a lubrication oil circuit. 1 oil pan, 2 oil pump, 3 pressure control valve,

4 oil cooler, 5 full-flow filter, 6 bypass valve, 7 bypass filter, 8 throttle, 9 engine oil flow

passages.

The oil first flows to an oil gallery and then through many oil ducts to the

crankshaft, connecting rods, piston pins, camshaft, valves, turbocharger, etc. and

then flows back unpressurized to the oil sump in the oil pan underneath the crank

case, see e.g. Mollenhauer and Tschöke (2010), Robert Bosch GmbH (2011).
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An alternative to this wet-sump lubrication is the dry-sump lubrication, when the

oil is gathered in an external oil reservoir. This system gives more freedom for the

design of the engine and functions also for high lateral accelerations.

For steady-state conditions, the oil volume flow rate and the oil pressures depend

on the flow characteristics of the pump, the filters and the engine. The delivered flow

of the pump V̇p is mainly determined by the pump speed ωp and the flow absorbed by

the engine V̇eng depends on the oil pressure peng, the engine speed ωeng and the oil

temperature Toil. In the following the behavior of the pressures and flows is consid-

ered with simplifying assumptions. Because the oil pump sucks the oil from the oil

pan with atmospheric pressure, it holds for the pump difference pressure Δpp = pp.

The design and basic equations for gear and vane pumps are described in Ivantysyn

and Ivantysynova (1993), Reinhardt (1992), Eberan-Eberhorst (2010), Berg (2009),

Mollenhauer and Tschöke (2010), Affenzeller and Gläser (1996). Some aspects of

modeling the oil circuit can be found, e.g. Reulein (1998).

The delivered theoretical volume flow V̇p of a positive displacement pump, as

e.g. a gear pump is

V̇p,th = Vp,th ωp (4.8.1)

where Vth is the theoretical (ideal) displacement volume per turn. The required driv-

ing power becomes

Pp,th = V̇p,th pp = Vp,th ωp pp. (4.8.2)

The real, effective volume flow is lowered by internal leak flows V̇p,l, see Fig. 4.8.2a),

which depend on the generated pressure pp and speed ωp

V̇p,eff (pp, ωp) = Vp,th ωp − V̇p,l (pp, ωp) = Vp,th ωp ηvol (4.8.3)

and can be taken intro account by a volumetric efficiency ηvol, see Isermann (2005).

This efficiency may also comprise charging losses, which reduce Vp,th, e.g. for

higher pump speeds.

The corresponding power loss through the internal leakages is

Pp = V̇p,l pp (4.8.4)

leading to a reduced delivery power

Pp,vol = Pp,th − Pp,l =
(
Vp,th ωp − V̇p,l

)
pp

= Vp,th ωp pp ηvol = Pp,th ηvol.
(4.8.5)

Pump internal flow losses yield a pressure drop Δpp,l (ωp) such that the effective

pump difference pressure becomes

pp,eff = pp(ωp)−Δpp,l(ωp). (4.8.6)

Figure 4.8.2b) shows qualitatively a characteristic of the effective pump pressure,

where the pump operates against a constant throttle resistance. This characteristic

may be approximated by
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pp,eff = pp0 + cp1ωp. (4.8.7)

The corresponding pump delivery power to the fluid is then reduced

Pp,vol,l = Pp,vol − V̇p,thΔpp,l (4.8.8)

and can be taken into account by a hydraulic loss efficiency ηh

Pp,vol,l = Pp,vol ηh = Pp,th ηvol ηh. (4.8.9)

The bearing and gear friction losses are covered by a mechanical efficiency ηm such

that the effective pump delivery power to the pumped fluid becomes

Pp,eff = Pp,vol,l ηm = Pp,th ηvol ηh ηm = Pp,th ηtot. (4.8.10)

The overall efficiency ηtot covers all losses. The required shaft driving power is

therefore

Pp,in =
1

ηtot
Pp,eff =

1

ηtot
V̇p,eff(pp, ωp)pp,eff(ωp)

=
1

ηh ηm
Vp,thωp (pp0 + cp1ωp) .

(4.8.11)

It increases linearly as well as quadratically with the pump speed.
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Fig. 4.8.2. Characteristics of lubrication circuit components (qualitative). a pump flow V̇p(p).
b pump pressure pp(neng). c pump flow V̇p(neng). d engine absorption flow V̇eng(neng).

The oil flow absorbed by the engine is assumed to be determined by a turbulent

flow which approximately follows the flow law through a contraction
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V̇eng (peng, ωeng) = ceng (ωeng, Toil)

√
2

ρoil

√
peng. (4.8.12)

Since the flow also depends on the engine speed, the coefficient ceng changes with

ωeng. As the oil temperature has a large influence on the oil viscosity, it has a con-

siderable effect on ceng, and the absorbed oil flow through the engine behaves as

depicted in Fig. 4.8.2d).

peng is the acting pressure at the engine entrance (gallery) and is reduced by flow

losses through the filter, oil cooler and channels

peng = pp −Δpf

(
V̇p,eff

)
. (4.8.13)

The volume flow delivered by the pump V̇p may be reduced by the flow rate V̇cv of

an active pressure control valve

V̇p(t) = V̇p,eff(t)− V̇cv(u1, t) (4.8.14)

with

V̇cv(u1) =
1√

cv(u1)

√
pp,eff , (4.8.15)

see Fig. 4.8.3. The dynamic behavior of the pressures in the oil circuit can be de-

termined by considering the mass balance equation taking a volume storage into

account. The dynamics of the flows follow from the balance equation for the moved

oil mass.
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Fig. 4.8.3. Flow characteristic for the pump delivery and the engine absorption.

a) Volume storage

The dynamic behavior of the pressures in the oil circuit follows from the cooperation

of the mass flows. Therefore the mass balance equation between the delivered mass

flow of the pump ṁp(t) = ρoilV̇p(t) and the absorbed mass flow of the engine

ṁeng(t) = ρoilV̇eng(t) is considered, taking into account a mass storage mpe =
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ρoilVpe between pump, oil cooler, oil filter, main gallery and distribution ducts to the

lubrication points, leading to the volume balance equation

d

dt
Vpe(t) = V̇p(t)− V̇eng(t). (4.8.16)

To consider the varying storage volume of this volume balance equation, an oil reser-

voir Vpe is assumed, now taking into account a compressible fluid with bulk modulus

β = −Vpe(
∂p

∂V
) (4.8.17)

which leads to a relation between pressure change and volume change Δp =
ΔV β/V or

dp

dt
=

β

Vpe
ΔV̇ . (4.8.18)

A flow difference between pump and engine thus becomes for closed pressure control

valve with V̇cv = 0

dpeng(t)

dt
=

β

Vpe

(
V̇p,eff(ωp, t)− V̇eng(ωeng, peng, t)

)
. (4.8.19)

Insertion of (4.8.3) and (4.8.12) in (4.8.19) results in

Vpe

β

dpeng(t)

dt
=

(
Vp,th ωp(t) ηvol − ceng(ωeng, Toil)

√
2

ρoil

√
peng(t)

)
. (4.8.20)

Linearization around an operating point for pump speed changes yields, assuming

ceng as constant,

Tp
dpeng(t)

dt
+Δpeng(t) = KpΔωp(t) (4.8.21)

with gain and time constant

Kp =
Vp,thηvol

a1
,

Tp =
Vpe

β a1
,

a1 =
ceng(ωeng, Toil)√

2ρoil peng
.

(4.8.22)

Thus, the pressure at the engine entrance behaves, after pump speed changes and with

simplifying assumptions, as a linear first order system with a small time constant Tp.

However, as the parameters depend on ωeng and ωp = ip ωeng, with ip the pump gear

ratio, the dynamic equation is nonlinear in reality. The time constant is the larger,

the larger the storage volume, the smaller the bulk modulus and the flow resistance

coefficient of the engine.
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If a variable pump with manipulated displacement volume Vth(up) is applied

(as for a gear pump with axial shifted gear wheels), it follows from (4.8.20) after

linearization for constant speed ωeng

Tp
dpeng(t)

dt
+Δpeng(t) = KpVΔVp,th (4.8.23)

with

KpV =
ωpηvol
a1

. (4.8.24)

b) Moved mass storage

The momentum balance of the moved oil mass yields

moil
dwp(t)

dt
= Ap

(
pp,eff(ωp, t)−Δpf(V̇eng, t)− peng(ωeng, t)

)
(4.8.25)

with the oil mass of a representative sectional area Ap and length loil

moil = ρoil Voil = ρoil Ap loil, (4.8.26)

the pressure loss in the oil filter and oil channels

Δpf = cf V̇
2
eng (4.8.27)

and the oil speed at the pump exit with sectional area Ap

wp =
1

Ap

(
V̇p,eff − V̇cv

)
. (4.8.28)

It is assumed that the pump pressure characteristic can be approximated by (4.8.7),

compare Fig. 4.8.2 b) and the engine absorption flow and pressure by

V̇eng = V̇eng,0 + ce1 ωeng (4.8.29)

peng = peng,0 + ce2 ωeng, (4.8.30)

compare Fig. 4.8.2 d). All the coefficients, especially those for the engine absorption

flow, also depend on the oil temperature Toil.

The steady-state of the volume flow is determined by the volume balance equa-

tion (4.8.16). If the pressure control valve is closed, the effective pump flow equals

the absorbed engine flow. When the delivered pump flow exceeds the absorbed en-

gine flow, the pressure increases and the control valve opens to release a part V̇cv of

the volume flow, see Fig. 4.8.3.

The dynamic behavior can be discussed by inserting the various approximations

for the pressure in (4.8.25). With the assumption of a closed pressure control valve,

this leads to

ρoil loil
dV̇p(t)

dt
= Ap

(
pp0 + cp1 ωeng − cf V̇

2
p − peng,0 − ce2 ωeng

)
. (4.8.31)
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Assuming small changes of ωeng and V̇p around a steady state (V̇ p, ωeng) yields for

the volume-flow dynamics

Tv
dV̇p(t)

dt
+ΔV̇p(t) = Kv Δωeng(t) (4.8.32)

with gain and time constant

Kv =
(cp1 − ce2)

2 cf V̇ p

Tv =
ρoilVoil

2 cf A2
p V̇ p

.

(4.8.33)

The gain depends on the difference of the slopes of the pump and the engine pressure

characteristics.

The time constant is the smaller the smaller the oil volume and the larger the oil

flow. As experiments show, the time constant is in the range of 1 to 3 s.

The design of the oil pump and its characteristic is usually performed such that

for idle speed and high oil temperatures the oil pressure is large enough to enable

a good lubrication of all engine components. However, the oil pressure and the oil

flow rate then become too large for high engine speed for mechanically driven pumps

without variabilities. Therefore, the oil pressure is usually controlled with a by-pass

valve, as depicted in Fig. 4.8.1. In order to save the required power variable oil pumps
were developed which allow to manipulate the oil flow-rate, e.g. by electro-hydraulic

valves. In the case of gear pumps the gear wheels are shifted relatively to each other

and for vane pumps the eccentricity can be changed, see Sect. 7.11.

4.9 Drive-train dynamics and surge damping

The dynamic behavior of the drive train including the engine, clutch, transmission,

propeller shaft, drive shaft and wheels has a considerable effect on the torque transfer,

component stress and oscillations. Resulting driveline oscillations which are forced

through abrupt positive and negative engine torque changes may lead to unwanted

and uncomfortable bucking oscillations, also known as driveline jerking. This section

considers simplified models of the drive train and anti-jerk controllers for surge-

damping.

The drive train of a rear-driven vehicle is depicted in Fig. 4.9.1. It is assumed that

a manual or automatic gear shift transmission with clutch is considered and that the

components of the drive train can be represented as in Fig. 4.9.2. Two dominating

elasticities are assumed, one at the clutch and one at the drive shaft between the

differential and the rear wheels. This leads to a mass-spring-damper system with foll-

owing turning and moving masses: engine and primary part of the clutch, secondary

part of the clutch, transmission, propeller shaft and differential, wheels and vehicle

mass.
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Fig. 4.9.1. Drive-train components for a rear-driven car.
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Fig. 4.9.2. Schematic of a vehicle drive train (simplified).

It is shown in Kiencke and Nielsen (2000) that a main contribution to drive train

dynamics stems from the drive shaft which is subject to a large torsion, due to the

high transmission rates of the shifted gear and the differential gear. The transmission,

propeller shaft and differential are assumed to be stiff. Then the elements of the drive

train can be modeled as follows:

Engine: The mean value torque balance at the flywheel yields according to (4.3.9)

and (4.3.10)

Jeng ϕ̈eng(t) = M eng(t, neng,mf)−Mcl,f(t) (4.9.1)

with

Jeng : moment of inertia of the engine

M eng : mean engine torque at clutch, operating point dependent

Mcl,f : clutch torque during slipping
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Clutch and transmission:
The transmitted torque of the clutch depends on its state: open, engaged or slipping.

During slipping dry friction can be assumed:

Mcl,f(ucl, Δωcl, t) = Mcl,0(ucl) sign(ωeng(t)− ωcl(t)) (4.9.2)

with

Mcl,0 : dry friction coefficient of the clutch

ucl : clutch pedal position

Δωcl = ωeng−ωcl : difference speed engine/clutch.

As the clutch possesses spring-damper elements the torque balance at the output of

the clutch becomes

Mcl(ucl, Δωcl, t) = Mcl,f(ucl, Δωcl, t)−Mcl,c(Δϕcl, t)−Mcl,d(Δϕ̇, t)

= Mcl,f(ucl, Δωcl, t)−Mcl,cd

(4.9.3)

with torque generated by the clutch springs and dampers

Mcl,c(Δϕcl, t) = ccl(ϕcl − ϕtr)

Mcl,d(Δϕ̇cl, t) = dcl(ϕ̇cl − ϕ̇tr)

Mcl,cd = Mcl,c +Mcl,d

ϕcl : clutch output angle

ϕtr : transmission input angle

ccl : clutch spring constant

dcl : clutch damping coefficient.

Note that the clutch usually contains different springs in series, which leads to a

nonlinear characteristic Mcl,c(Δfcl), see e.g. Kiencke and Nielsen (2000).

Hence, in the slipping phase the torque balance at the clutch yields

Jclϕ̈cl(t) = Mcl,f(ucl, Δωcl, t)−Mcl,cd(t) (4.9.4)

with

Jcl : moment of clutch inertia on transmission side

and for the transmission, shaft and differential follows

Jtr,di(itr) ϕ̈tr = Mcl,cd(t)−Mtr,d(t)− 1

itr idi
Mds,cd (4.9.5)

with

Jtr,di : moment of inertia of transmission, shaft and differential

Mtr = Mcl,cd : torque at transmission input

Mdi = Mds,cd : torque at drive shaft input
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and transmission ratios and torque ratios

itr =
ϕ̇tr

ϕ̇sh
=

input angular speed transmission

shaft angular speed

idi =
ϕ̇sh

ϕ̇di
=

shaft angular speed

differential speed at output

Msh = itr Mtr ; Mdi = idi Msh.

If the shifted transmission has two axles with moment of inertia Jtr,1 and Jtr,2, the

shaft has Jsh and the differential Jdi then the lumped overall moment of inertia is

Jtr,di = Jtr,1 +
1

i2tr
(Jtr,2 + Jsh + Jdi) . (4.9.6)

The friction torque of the transmission (bearings, oil) is assumed to be proportional

to the angular speed

Mtr,d = dtr ϕ̇tr. (4.9.7)

Drive shaft, wheels and vehicle
The torque at the differential output is for two drive shafts

Mdi = idi Msh = itr idi Mtr

= 2cds (ϕdi(t)− ϕwh(t)) + 2dds (ϕ̇di(t)− ϕ̇wh(t))
(4.9.8)

and for the torque balance of two wheels with dynamic roll radius rdyn one obtains

2Jwh ϕ̈wh(t) = Mds,cd(t)− Fx(t) rdyn (4.9.9)

with the torque of the driveshaft

Mds,cd(t) = 2 cds (ϕdi(t)− ϕwh(t)) + 2 dds (ϕ̇di(t)− ϕ̇wh(t)) (4.9.10)

and the longitudinal vehicle drive force for a road with slope angle γ

Fx(t) = mvehẍveh(t) +mveh g sin ε+ Fro(t) + Fair(t) (4.9.11)

where the rolling resistance force for one wheel is

Fro,j = croFz,j =
(
cro,0 + cro,1vveh + cro,4v

4
veh

)
j
Fz,j (4.9.12)

and for four wheels

Fro =
4∑

j=1

Fro,j (4.9.13)

with vertical wheel forces

Fz,j = mj g (4.9.14)
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and the air drag force

Fair = cwAw
ρair
2

v2veh (4.9.15)

with

cw : air resistance coefficient

Aw : effective area (maximum vehicle cross-section).

Hence, by insertion into (4.9.9) the torque balance for two wheels is, assuming no

slip between tire and road and therefore ẋveh = rdynωwh = rdynϕ̇wh

Jwm ϕ̈wh(t) = Mds,cd(t)− rdyn (mveh g sin ε+ Fro(t) + Fair(t)) (4.9.16)

with replacement moment of inertia for two wheels and mass of the vehicle

Jwm = 2Jwh +mvehr
2
dyn. (4.9.17)

Figure 4.9.3 shows a signal-flow scheme of the considered drive train for the clutch

in slipping operation, summarizing all the relations. If the clutch is fully engaged,

the engine torque acts directly on the secondary side of the clutch, such leading to

the signal-flow scheme of Fig. 4.9.4. Then, a three-mass system with two elasticities

results. Figure 4.9.5 depicts a simulation result after a step change in the engine

torque. With a step-change magnitude of 50Nm, the torsion damper in the clutch

stays under traction. The torque at clutch as well as the engine angular speed show

weakly damped buckling (surging) oscillations of about 5Hz.

If the drive system is considered as a two-mass system with the main elasticity

at the drive shafts, an approximation of the undamped natural frequency can be cal-

culated directly. The ratio of inertias of the engine, clutch, gear, propeller shaft and

differential are lumped together, where the dominating term comes from the engine

J1 ≈ Jeng. (4.9.18)

The driven moment of inertia of the wheels and the vehicle follows from (4.9.17)

J2 = Jwm. (4.9.19)

Both masses are connected by the overall transmission ratio i = itr idi, the stiffness

and elasticity of the drive shaft c2 = 2 cds and d2 = 2 dds.
Then, following torque balances can be stated, compare Fig. 4.9.6, with

M1 = Meng and ϕ1 = iϕ′
1

J1 ϕ̈1 = M1 − 1

i

[
c2(ϕ

′
1 − ϕ2) + d2(ϕ̇

′
1 − ϕ̇2)

]
(4.9.20)

J2 ϕ̈2 = c2(ϕ
′
1 − ϕ2) + d2(ϕ̇

′
1 − ϕ̇2)−M2. (4.9.21)

Introducing the torsion angle
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Fig. 4.9.5. Simulated buckling oscillations after a positive step change of the engine torque

and third gear, Pfeiffer (1997). Passenger car mveh = 1100 kg, P = 51 kW, Meng,max =
133Nm.
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Fig. 4.9.6. Simplified representation of the drive train as two-mass system.

Δϕ = ϕ′
1 − ϕ2 (4.9.22)

and subtracting (4.9.20) and (4.9.21) leads to, compare Isermann (2005)

JeffΔϕ̈(t) + d2Δϕ̇(t) + c2Δϕ(t) = k1M1(t) + k2M2(t) (4.9.23)

with
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Jeff =
J1J2 i

2

J2 + i2J1

k1 =
J2i

J2 + i2J1

k2 =
J1

J2 + i2J1
.

The undamped natural frequency of the drive train then becomes

ω2
0 =

c2
Jeff

= c2
J2 + i2J1
J1J2 i2

= c2

(
1

J1 i2
+

1

J2

)
. (4.9.24)

Applying the data of a compact car, as used for the simulation of Fig. 4.9.5, the

frequencies of Table 4.9.1 result, Pfeiffer (1997).

Table 4.9.1. Undamped natural buckling oscillations for the vehicle of Fig. 4.9.5, Pfeiffer

(1997)

Gear 1 2 3 4 5

f0 [Hz] 2.9 4.6 6.3 8.0 8.9

The transmission ratio has a significant influence on the buckling frequency. The

lower the gear the lower the buckling frequency. Typical frequencies are in the range

of 2Hz for the 1st gear and 9Hz for the 5th gear, Reik et al (1990).

Backlash in the transmission, shaft or differential has a further influence on the

buckling oscillations. This leads to larger amplitudes and smaller damping, Pfeiffer

(1997).

The buckling oscillations can be damped by appropriate feedback controllers in

the ECU with the engine speed as the preferred controlled variable.

The oscillations Δϕ of the drive shaft are transferred to the crankshaft angle by

Δϕeng = iΔϕ such that a second order differential equation can be stated for the

flywheel angles too. This also holds for the engine speed Δωeng = Δ(Δϕeng/Δt)
= Δϕ̇eng

a2Δω̈eng(t) + a1Δω̇eng(t) + a0Δωeng(t) = b0ΔMeng(t). (4.9.25)

If a feedback controller of PD-type

ΔMeng(t) = −kpΔωeng(t)− kdΔω̇eng(t) (4.9.26)

is introduced, the characteristic equation becomes

a2Δω̈eng(t) + (a1 + b0kd)Δω̇eng(t) + (a0 + k0kp)Δωeng(t) = 0. (4.9.27)

The undamped natural frequency and the damping ratio then are
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ω0 =

√
a0 + k0kp√

a2

ζ =
a1 + b0kd

2
√

a0 + k0kp
.

(4.9.28)

Hence, the buckling oscillations can be damped by properly selecting kd and kp.

The engine torque has to be changed fast with correct phasing to compensate

for the buckling oscillations. For gasoline engines this can be realized by changing

the ignition angle and for diesel engines by the injection mass, which both introduce

a dead-time of at least one stroke into the loop. As the amplitudes of the engine

speed are relatively small compared to the speed signal’s value, first a low pass filter

is applied to eliminate higher frequent disturbance signals which is followed by a

high pass filter to eliminate the lower frequencies. Both filters then form a band pass

filter which can be approximated by a DT2-element (derivative and second order

low pass), Schmidt (1995). The results of a PD-feedback control and an internal

model control, realized as discrete-time and discrete-angle algorithm in dependence

on the selected gear is shown by Schmidt (1995). Extensive investigations for drive

train modeling and control are described in Kiencke and Nielsen (2000). Several

simulations and measurements are shown for speed control and oscillation damping

of trucks, also during gear shifting.

A further study shows a state controller with a Kalman filter to estimate the dif-

ference angle Δϕ, possible backlash, engine and wheel speed based on measure-

ments of engine and wheel speed, and to damp the buckling oscillations by a state

controller feedback designed as model predictive controller, Behrendt et al (2009),

see also Engelhardt (2011). An extension to automatic transmissions with opened

lock-up clutch is described in Behrendt et al (2011). The calibration of an anti-jerk

controller by using a control prototyping development environment is reported in

Engelhardt and Looman (2009).

At least premium vehicles have two-mass flywheels which consist of a smaller

primary and a larger secondary rotational mass connected by a spring-damper sys-

tem. Their application results in a considerable reduction of torsion oscillations from

the engine to the drive line, Reik et al (1990), Walter and Kiencke (2007). One rea-

son is that the resonance frequency through the large secondary rotational mass is

shifted to values smaller than the idling speed. In that case, the starter has to be rela-

tively strong to move the engine fast through the low resonance frequency, Reik et al

(1998). Buckling drive line oscillations can still occur, because they depend on the

drive line elasticities. Because of the good damping of the two-mass flywheel the

excitation from the engine side is smaller.
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Mayer M, Krämer G (2011) Abgasturbolader, 6th edn. Verlag moderne industrie AG,

Landsberg/Lech

McCuiston F, Lavoie G, Kauffmann C (1977) Validation of a turbulent flame proga-

tion model for a spark ignition engines. In: SAE Technical paper Series, Warren-

dale, vol 86, pp 200–221

Merker G, Schwarz C, Stiesch G, Otto F (2006) Simulating combustion. Springer,

Berlin
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Part III

Engine Control



5

Engine control structure and components

The electronic engine control represents the center for commanding different com-

bustion engine functions. It consists of the electronic control unit (ECU), the sensors

and actuators, and the communication system. In the following, a view on the struc-

tures of ECU’s and an overview of control components like sensors and actuators

and some auxiliary units are given.

5.1 Engine control structures and function blocks

The functions of the engine control can be described by considering the hardware

structure, the software structure and the hierarchically organized control functions.

5.1.1 Hardware structure

Figure 5.1.1 depicts a block-oriented scheme for the ECU-hardware structure with

connected sensors and actuators.

The electronic control unit (ECU) is based on one or two microcontrollers. They

consist of:

• Microprocessor. It contains the central processing unit (CPU) and has an own

control unit for the execution of instructions from the program memory, and a

logic unit (ALU) to handle arithmetic and logic operations. The CPU performs

the flow control with address management and a command decoder. Processing

happens in one cycle (10 ns for 100MHz) towards the external memory.

• Memories. Microprocessors operate with nonvolatile and volatile memories.

Random access memories (RAM) are write/read volatile memories and part

of the microprocessor as main memory. Their content is lost if the voltage is

switched off. Static RAM (SRAM) retain the information until it is overwritten

or the power supply is cut off. Dynamic RAM (DRAM) have a lower power con-

sumption, but must be rewritten after reading and after certain time intervals to

compensate for the self-discharge.
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Fig. 5.1.1. Hardware structure of an electronic control unit (ECU) for gasoline engines.

Read-only memories (ROM) are nonvolatile. They store all programs and data

that will not change and are retained even in the absence of a voltage. ROM’s con-

tain usually program code for control functions and constant data, programmed

by the manufacturer. If programmed by the user, programmable read-only mem-

ories (PROM) are applied.

Some types of read-only memories can be erased and reprogrammed. Erasable

read-only memories (EPROM) are erased with UV-radiation and newly pro-

grammed. Electrical erasable read-only memories (EEPROM) can be electrically

erased and reprogrammed in the ECU with a separate device. An advantage is

that each line of memory can be individually rewritten. A next development are

Flash EPROM’s. They allow the erasure, or flashing of complete memory stor-

age by electrical pulses and reprogramming, by using a programming device. If

the flash memory is part of the ECU, flashing can be applied on-board. There-
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fore, flash memories have become standard as they allow the modification of

nonvolatile storage during the engines life-cycle.

The arithmetic unit and the control unit of a microprocessor operate via an inter-

nal bus with the different types of memories. RAM is used to store variable data.

Program instructions and permanent data are hold in the ROM types.

A coprocessor may be coupled through the internal bus with the main micropro-

cessor and is at least partially used to monitor the main processor functions and

for tasks of expansions. The main microprocessor is interconnected with the pe-

ripheral memories (RAM, ROM) and the input/output interfaces by the address

and data bus with a parallel 8-, 16- or 32-bit structure.

• Input interface. The input modules provide a link between external sensors or

switches and the microprocessor. They receive the analog, binary or digital input

signals and transmit them to the microprocessor. The electrical analog input sig-

nals may be filtered, are converted to a uniform voltage, and pass a multiplexer,

hold element and an analog-to-digital converter (ADC). Digital inputs are ac-

quired word-wise. For incremental sensor inputs the number of signal changes is

processed by counting circuits. A bus interface allows the communication with

other electronic control units (e.g. by CAN-bus), as for the automatic transmiss-

ion, and chassis control (ESC/TRC).

• Output interface. The output interface serves as a link to the actuators and re-

lays. Based on the drivers’ and sensors’ inputs the microcomputer calculates the

manipulated variables to the engine. The low-level signal outputs of the micro-

processor are amplified by the driver stages to the level required by the various

actuators. Usually the drivers may supply enough power for the actuators. In the

case of large currents as for the radiator fan the driver may switch a relay.

Special power drivers are required for an inductive ignition system. Based on the

calculated ignition time the ignition driver stage cuts the ignition coil to generate

the high voltage for the spark plugs.

The injected fuel quantity depends on the opening duration of the fuel injector

and the fuel pressure. The microprocessor delivers a digital signal for the be-

ginning and duration of the injection. In the case of high-pressure common-rail

direct injection system the injection duration is very small.

A special application specific circuit (ASIC) therefore generates a dynamic trigg-

ering signal to the DC/DC converter in the ECU to generate a booster voltage of,

e.g. 65 V, which results in a boost current peak followed by a holding current to

drive the fuel injectors.

Solenoid drivers for proportional acting electromagnetic actuators are controlled

with a high frequent pulse-width-modulated (PWM) voltage. The PWM signal

is, e.g. generated with a special ASIC. An H-bridge with diodes allows boost

voltages for fast field changes in both directions.

The position of the electrical throttle is manipulated via an H-bridge to allow a

controlled DC motor speed and position change in both directions.
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Figure 5.1.1 summarizes the various components of the ECU microcontroller

and shows the various sensors and switches at the input side and the different

actuators and relays at the output side which manipulate the engine.

Table 5.1.1 gives a survey of the development of the technical data for gaso-

line engine ECU’s over the last 20 years. Within this time the clock frequency

increased from 12 to 150 MHz, the data bus width from 8 bit to 32 bit and

the program storage of the EPROM’s from 32 kbyte to 2 Mbyte (approximate

numbers). The computing performances increased from about 10 to 300 MIPS,

see Fig. 1.3.1. The increase of input variables (sensors) and manipulated output

variables led to a large expansion of control functions and therefore to a strong

increase of calibration parameters (labels), within the last 10 years from about

4.000 to 16.000, see Table 5.1.2. A similar impression gives the development

of diesel engines, see Table 5.1.3. Figure 5.1.2 summarizes these developments

for gasoline and diesel engines also in graphical form for the last decade. Two

examples of the ECU hardware design are depicted in Fig. 5.1.3.

Table 5.1.1. Development of some technical data for gasoline ECUs

year 1990 1995 1998 2001

ECU type Bosch Bosch Bosch Bosch

M 1.8 M 4.3 ME 7.0 ME 7.0.1

Micro controller 80535 80 C51 C167 C167

data bus width 8 16 16 32

clock frequency MHz 12 20-40 24 40

RAM kB 8 >30 >50 136

EEPROM kB 32

FLASH EPROM MB 0.5-0.8 0.512 1

Connector pins 60 112-154 120 120

analog inputs 8 32-82

digital inputs 40 >46

year 2003 2006 2008

ECU type Bosch Bosch Continental

ME 9.0 MED 17 EMS 2 Tricore

Micro controller MPC 555 Tricore TC 1796

data bus width 32 32

clock frequency MHz 56-66 40-150 40-150

RAM kB 160 352 144

EEPROM kB

FLASH EPROM MB 0.5-2 1.5-6 2-8

Connector pins 154 56-154 87-204

analog inputs 8 44 16-36

digital inputs 40 10-52
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Table 5.1.2. Development of the number of engine control inputs and required calibration

labels, Klar and Klages (2009)

1997 2002 2004 2007

manipulated variables 5 8 10 14

ECU calibration labels 4000 9000 12000 16000

Table 5.1.3. Development of ECUs for diesel engines from Bosch, see also Figs. 1.3.1 and

5.1.2

1997 2001 2003 2006 2009

ECU-type EDC 15 EDC 16 EDC 16+ EDC 17 EDC 17+

microprocessor C167 MPC 555 MPC 563 TC 1767

MPC 565 TC 1797

(Tricore)

data bus width bit 16 32 32 32 32

clock frequency MHz 20 40 56/66 80/150 80-180

program storage

(EPROM)

MB 0.256 1.5-4 1.5-4 1.5-6 2-8

computing power MIPS 10 45 45-80 90-200

connector pins 112-134 112-154 112-154 94-222 94-222

calibration parameters 4500 7000-

10000

7000-

10000

15000-20000

5.1.2 Software structure

The software structure of an electronic control unit for engines is highly complex.

It is hierarchically and modularly organized and must comply with strong real-time

requirements. The engine control has to be seen in connection with the overall power-

train control of the vehicle. Figure 5.1.4 shows a schematic where the engine control

itself is part of the powertrain management and vehicle motion control. The power-
train management includes also the transmission (automatic or manual shifted gear)

and possibly electrical drives (e.g. starter/generator for hybrid drives). The vehicle
motion control comprises the powertrain and the chassis in form of traction con-

trol (TCS), electronic stability control (ESC), adaptive cruise control (ACC), see

Fig. 1.1.1. In this way software function blocks are defined which can be treated as

closed units with defined interfaces. These function software blocks may be partially

integrated in the engine ECU, like TCS and ACC, or implemented in other ECU’s,

like for the automatic transmission or the brake system (ESC).

A first gross subdivision of the engine control software can be made by a differ-

entiation between basis software and application software, Stuhler et al (2010), see

Fig. 5.1.5. The basis software serves in lower levels to organize the data flow from

the input components to the microcomputer and to the output components. This in-

cludes the reading of sensor data or setpoints via the analog, digital and binary inputs

or sending command signals to the various driver stages, as well as communication

and component diagnosis tasks. Therefore the basis software is hardware-oriented,

ECU specific and independent on the application programs of the ECU.
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ECU performance development gasoline

SOP 1998 2001 2003 2006 2009

ECU type M(E)7 ME(D)9 ME(D)17

word width [bit] 16 32 32

flash memory [MByte] 0.5 - 0.8 0.5 - 2 1.5 - 6 2 - 8

connector pins 112 - 154 154 56 - 154 56 - 211

clock frequency [MHz] 20 - 40 40 40 - 150 80 - 18056 - 66
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ECU performance development diesel

SOP 1998 2001 2003 2006 2009

ECU type EDC15 EDC16(+) EDC17(+)

word width [bit] 16 32 32

flash memory [MByte] 0.3 1.5 - 4 1.5 - 6 2 - 8

connector pins 112 - 154 112 - 154 94 - 222

clock frequency [MHz] 20 40 80 - 150 80 - 18056 - 66
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a)

b)

Fig. 5.1.2. Development of ECU performance (1998–2009), courtesy to Robert Bosch GmbH.

a gasoline engine. b diesel engine (SOP: start of production).
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a) b)

Fig. 5.1.3. Examples for ECU hardware design. a Motronic MED 17, Scholl (2007). b ECU

for light commercial engines, Continental Automotive GmbH (2011) (Freescale MPC 555,

40MHz, including drivers).

The application software operates in higher levels, and executes the engine con-

trol and some vehicle control functions. It receives the input values via the basis

software functions of the input components and sends the control outputs to the ba-

sis software of the output components. The application software is in principle hard-

ware independent. It is structured according to the main engine components like fuel

system, air system, ignition, combustion, cooling, exhaust system and to the vehi-

cle motion, see also Fig. 5.1.4, and it is function-oriented. These main components

comprise control function blocks like injection control, ignition control and torque

control for the combustion or engine charge control and EGR control for the air sys-

tem. These control functions are considered in the next section and treated in more

detail in Chaps. 7 and 8 for gasoline and diesel engines.

For the development of the software special tools are applied. They can be di-

vided in function development tools, software implementation tools and calibration

tools. The overall procedure follows a V-development scheme, which will be de-

scribed in Chap. 6. The software implementation is performed either with manual

programming or by automatic code generation.

The software function development begins for example by using MATLAB/

Simulink and transfer to language C with a precompiler. The C-program is then

turned into machine code with special compilers. This procedure is, e.g. realized

with the industrial software systems and development environments like Target Link

from dSpace or ASCET from ETAS, see Chap. 6.

5.1.3 Engine control function blocks

The overall control of internal combustion engines consists of discrete-event or

crank-angle or time dependent control functions. After turning the ignition key the

ECU has to be started. It passes through different discrete ECU-states, like booting,

initializing the controllers, testing of hardware and software and the engine starting

program as shown in Fig. 5.1.6, block I. The start command then lets the starter turn
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Fig. 5.1.4. Hierarchical structuring of engine, powertrain and vehicle control system into func-

tion blocks, Eisath and Brandl (2007).
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control

component
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Fig. 5.1.5. Software structure of an ECU, Stuhler et al (2010).

and starts the engine according to a special starting program. Hence, the ECU follows

a certain boot-up program and thereby goes through different discrete states.

The engine operation also distinguishes different discrete engine states, see

Fig. 5.1.6, block II. For starting, a cold-start and warm-start phase has to be dis-

tinguished. This is followed by a warming-up phase. Also for idling speed control

a cold or warm state has to be provided. After warming-up the engine reaches the

normal operation state. The different engine states require certain set-points or corr-

ecting factors for the engine control functions. They can be represented by state
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diagrams or state machines with nodes and edges. The transition from one state to

another depends on conditions, which are for example the ambient and the coolant

or oil temperature. Other discrete-events are the shifting of gears, the regeneration of

catalysts or particulate filters or the limp-home mode, and finally the shut-off of the

engine.

The main control functions of combustion engines are either crank-angle depen-
dent or time dependent, see Fig. 5.1.6, block III. According to the batch process

characteristic of the combustion the injection and ignition control depend on the

crank-angle position and are therefore based on the pulses of the crankshaft tooth

wheel sensor. Other control functions depend only on time, like the air flow and

EGR flow control, emission (lambda) control, fuel supply control and coolant con-

trol. Torque control is with regard to injection and ignition crank-angle dependent

and with regard to air and EGR flow depends on continuous-time. These control

functions together with corresponding actuators and sensors were already presented

in Figs. 1.3.5 and 1.3.7.

A further group are the diagnosis functions, see block IV. They are based on

available sensors and apply special testing routines for the sensors, the ECU and

the actuators and generate outputs to the malfunction/failure memory, to the cockpit

in switching warning lamps and to the limp-home control module (discrete engine

state). The evaluation of sensor data can be considered as continuous in time, whereas

testing procedures and diagnosis with alarming are discrete events. Especially be-

cause of the increase of emission related on-board diagnosis (OBD) functions the

extent of diagnosis functions has reached up to 50 % of all ECU software functions.

The arrangement of the discrete states of the ECU and the engine and the con-

tinuous control and diagnosis functions in Fig. 5.1.6 shows a hierarchical structure
within the functions of the ECU. After the boot-up program of the ECU and the

starting command through the starting key the cold- or warm-start program comes in

action. The main input is then the driver’s accelerator pedal and after idling, the vari-

ous engine control functions start to operate. The engine passes through the warming-

up phase and the control functions obtain mainly temperature dependent correcting

values and setpoints. Also gear shifting and exhaust after-treatment influence, e.g.

setpoints of control functions. Therefore these discrete engine states are one level

above the continuous control functions.

The diagnosis functions can be seen for signal processing as parallel to the con-

trol functions but have with regard to a safe driving function of the automobile a

lower level significance, because they only indicate and store faults and do no in-

tervene in the engine operation, except in the case of drastic protection needs, for

example, if a limp-home mode has to be triggered.

A modern engine control system contains more than 80 function blocks, more

than 400 control functions and the software comprises more than 3 million code and

program lines, Stuhler et al (2010).
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5.2 Actuators and drives

Actuators represent the link between the signal level of the ECU and the combustion

engine. The basic structure of a mechatronic actuator is shown in Fig. 5.2.1. It con-

sists of the actuator drive, the mechanical actuator component and a sensor, with an

energy flow in the forward direction and an electronic feedback controller. The actua-

tor generally manipulates process energy or matter flow. The required actuator drive

needs an auxiliary energy, which may be electrical, pneumatic or hydraulic. If no

feedback of signals is applied, the actuator is controlled feedforward, as depicted in

Fig. 5.2.2 a). A precise actuation requires in general a cascaded control, consisting of

a minor inner controller, e.g. for the position or a current and a main outer controller,

e.g. the air flow or the charging pressure see Fig. 5.2.2b). The minor controller then

compensates the friction or backlash, increases the actuation speed, and weakens the

effect of a nonlinear characteristic for the main controller. Pneumatic actuators for

engines are usually applied as low-cost devices and have then no position feedback

on cost of manipulation precision.

Table 5.2.1 gives a survey of actuators and drives for combustion engines. They

are divided with regard to their action for the air system, combustion, exhaust system,

cooling and lubrication and for auxiliaries. The following types can be distinguished:

A) actuators with electrical, pneumatic or hydraulic auxiliary energy

B) on/off injection valves and magnetic switching valves

C) electrical drives, pumps and fans

The properties of the actuators of type A are stated in Table 5.2.2. They have quite

different properties with regard to power, power/weight ratio, translatory or rota-

tional motion and manipulation dynamics and precision, Isermann (2000), Isermann

(2005). These features and their advantages and disadvantages account for their dif-

ferent use for combustion engines, see Buch et al (2010). A further classification can

be made with regard to the control structure of these mechatronic components as:

(1) Decentralized mechatronic components
• actuators and drives with local integration of sensors, electronics and ampli-

fiers

• examples: fuel injection pumps, electrical throttle, EGR valve, electrical gen-

erator

(2) Centrally controlled actuators and switches
• directly controlled by the central control unit (ECU)

• examples: pneumatic actuators, electrically actuated flaps, shut-off valve,

EGR cooler by-pass valve

(3) Centrally controlled drives
• directly controlled by the ECU

• examples: fuel pump, oil pump, secondary air pump, radiator fan, starter

Hence, for class (1) a mechatronic hardware-oriented and function-oriented in-

tegration is realized. The components of class (2) and (3) are directly controlled

from the ECU. Frequently, the manipulated position or current is not measured and
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actuator
drive

mechanics
(actuator device)

auxiliary energy

sensor

process energy

electronic
controller

information flow

energy flow

energy
supply

Fig. 5.2.1. Mechatronic actuator with integrated feedback control.

therefore a feedback to the ECU does not exist. These components are functionally

integrated with the ECU, but not with regard to the hardware. Figure 5.2.3 shows

some examples. The development of these actuators and drives shows an increase of

electrical actuators for smaller actuator power (e.g. EGR valve and VTG actuator), a

preservation of hydraulic actuator for large actuator power (e.g. camshaft actuator).

Pneumatic actuators are increasingly substituted by electrical actuators because

of the drop of intake vacuum pressure for gasolines with no or relative opened thrott-

les and no sufficient position precision in the case of, e.g. VTG actuators. Examples

of some electrical or mechanical driven pumps are depicted in Fig. 5.2.4. They are

usually centrally controlled.

5.3 Sensors

The measurement of physical and chemical quantities of combustion engines occ-

urs with specially developed sensors, see e.g. van Basshuysen and Schäfer (2004),

Robert Bosch GmbH (2007a), Robert Bosch GmbH (2011). Also here an increas-

ing integration of the sensor element with electronics can be observed, compare

Fig. 5.3.1. Different integration steps can be distinguished, Robert Bosch GmbH

(2011):

(1) Sensor element with signal evaluation and analog-digital converter (ADC) within

the ECU (conventional)

(2) Sensor element with analog electronics at the sensor (analog connection to the

ECU)

(3) Sensor element with digital electronics at the sensor (binary signals or digital

bus connection to the ECU)
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a)

b)

AE

auxiliary
energy

manipulated
variable

actuator
energy

signal-
transformer

position
controller

main
controller

-

source

process
input
flow

process matter
or energy flow

actuator
transformer

actuator drive
(active

converter)

Ui U1 U2 U3

U3r U4r

R1 R2

U4

actuator
energy

actuator
device

-

Ui U1 U2 U3 U4

Fig. 5.2.2. Basic structures of actuators. a feedforward controlled. b cascaded feedback con-

trolled.

(4) Sensor element with signal conditioning. ADC and microcomputer at the sensor

(digital bus connection)

Table 5.3.1 summarizes the properties of different sensors. The sensors for speed

and temperature have a classical realization (1). Integrated versions of step (2) are,

e.g. angle and speed sensors. The integration steps (3) and partially (4) are demon-

strated by pressure and flow sensors. The outputs of the sensors are either electrical

voltages or currents in analog, value proportional or frequency proportional form.

The evaluation electronics with auxiliary power supply from the board net generates

for the integration step (2) a signal which is transferred to the ECU after filtering,

correction of the characteristic and amplification. If the sensor element is added by

digital electronics with an integrated circuit (IC) or application specific integrated

circuit (ASIC), then integration step (3) is reached, and after ADC more sophisti-

cated evaluation algorithms can be applied, followed by a binary or digital noise

insensitive signal bus transfer to the ECU, see Fig. 5.3.1. The next integration step
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a) electronic throttle valve
(1) or (2)

b) general purpose actuator for intake flaps or
VTG-turbocharger with return spring and
integrated position control electronics (2)

c) electrical exhaust valve,
max. 700°C (2)

d) variable valve lift actuator (excen-
tric valve lift shaft), 355 W (2)

e) electrical EGR valve (1) f) variable geometry turbocharger (2)

Fig. 5.2.3. Examples for engine actuators: (1) Decentralized controlled, (2) Centrally con-

trolled. Sources for a, b, c, d Continental Automotive GmbH (2011), e Klotzbach et al (2003),

f Gabriel et al (2007).

(4) is realized if the sensor is integrated with an ADC and a microprocessor with a

PROM. Then, e.g. disturbance signals can be measured too and compensated, dig-

ital filters, static and dynamic corrections can be provided, series tolerances can be

reduced through individual calibration, etc. These highly integrated sensors are also

called “intelligent” or “smart” sensors, Robert Bosch GmbH (2007a).

The hardware integration of the electronics with the sensor element is usually

performed as hybrid technology, i.e. with other semiconductor elements or with

ASIC’s, or monolithic in form of micro electronic mechanical systems (MEMS),

which is a combination of microelectronics and micromechanics. The advantages of

this higher integration are a relief of the ECU, uniform, flexible and bus oriented

interfaces, higher precision through disturbance compensation, individual calibra-
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d) electrical cooling fan

a) electrical cooling pump, brushless
dc motor, 200 W, 12 V, 32 A, 9000
l/h, 800 hPa

b) fuel pump: 1 suction side,
2 impeller,  3 dc motor,
4 housing, 5 pressure side

c) commonrail high pressure pump,
2 radial pistons, max. 2000 bar,
max. 4000 rpm

Fig. 5.2.4. Examples for electrical or mechanical driven pumps and a fan for engines, mostly

centrally controlled. Sources for a, c Continental Automotive GmbH (2011), b Scholl (2007),

d Robert Bosch GmbH, Electrical Drives.

measured
variable

integrated sensor components

sensor

sensor measuring
transducer
(analog)

analog-digital-
converter

digital
measuring

signal

analog
measuring

signal

measuring
variable

analog
standardized

signal

signal
evaluation
(analog)

analog-
digital

converter

micro-
computer

micro-
computer

bus
inter-
face

bus

bus
inter-
face

C� 2A/D C� 1

C�A/D

a)

b)

Fig. 5.3.1. Integration of sensor technology. a conventional measuring chain with digital pro-

cessing in the ECU. b integrated sensor components with digital processing electronics.
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tion and noise free signal transfer. Figure 5.3.2 depicts some sensors which can be

classified to various integration steps.

Mass air flow sensor DSP-based,
programmable ASIC (3)

Differential manifold vaccuum pressure sensor (1)

Particulate filter pressure sensor (1)

High pressure sensor, max. 2200 bar (1) Air temperature sensor (1)

Fig. 5.3.2. Examples of sensors for engines, integration steps (1) to (4) (see text), Continental

Automotive GmbH (2011).

5.4 Mechatronic components

Some components of internal combustion engines show an integration of mechanics

with electronics and information processing, which is called mechatronics. This inte-

gration is between the components (hardware) and the information-driven functions

(software) in order to find an optimal balance between the basic mechanical struc-

ture, sensor and actuator implementation. One can then distinguish an energy flow

(feedforward) and an information flow (feedback), see Fig. 5.4.1, Isermann (2005).
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energy flow

information flow
manipulated
variables

reference
variablesmonitored

variables
information
processing

measured
variables

actua-
tors

sensors

energy
con-

sumer

primary
energy
flow

mechanical
hydraulic
thermal

electrical

consumer
energy
flow

auxiliary
energy
supply

energy
supply

mechanics and
energy converter

man/machine
interface

Fig. 5.4.1. Integration of mechanics with electronics and information processing to a mecha-

tronic system.

The mechatronic components can be divided in actuators, drives and pumps. De-

tailed descriptions of their structure are, e.g. given in van Basshuysen and Schäfer

(2004), Robert Bosch GmbH (2007a), Robert Bosch GmbH (2011). Examples of

mechatronic actuators are, see also Fig. 5.2.3:

• Electrical throttle: A DC motor drives the throttle over a gear against a return

spring. The position control (usually in the ECU) is based on a potentiometer. A

second potentiometer is used for fault detection.

• Electrical EGR valve: The EGR valve or flap may be driven by a solenoid or a DC

motor, also with integrated electronic position control see, e.g. van Basshuysen

and Schäfer (2004).

Some examples of mechatronic pumps and drives are, see also Fig. 5.2.4:

• High-pressure fuel injection. The high-pressure piston pumps, the rail and the

injection are highly integrated systems. Different types of pumps for gasoline

and diesel engines with one, three and more pistons were developed over the

years, Robert Bosch GmbH (2011). Well-known types for diesel engines are

axial-piston distributor pump (1962), analog electrically controlled axial-piston

distributor pump (1986), unit pump system (1995), see Fig. 5.4.2a), radial piston

distributor pump (1996). These pump systems are characterized by the fact, that

the required injection pressure is generated at the moment of each injection and

operates together with pressure-controlled injection valves and can for electroni-

cally controlled systems be influenced by a solenoid valve. Common-rail systems
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allow to separate the pump pressure generation from injection quantity and time,

see Fig. 5.4.2b). Typical pumps for common-rail are 3 or 1 cylinder radial piston

pumps. The basis structure is the same for diesel and gasoline engines, but the

pressure is for diesel engines with up to 2000 bar much higher than the maximum

120 bar for gasoline engines. Figure 5.4.3 shows examples for injectors of gaso-

line engines. The digital control of the pump and the magnetic or piezo-electric

driven injection is performed in the ECU. A detailed description and modeling is

treated in Sect. 5.5

a)

b)

Fig. 5.4.2. Examples of injection systems for diesel engines, Robert Bosch GmbH (2011).

a unit injector system. b common-rail injection system.

• Radiator fan. In order to control the engine cooling the radiator fans are for pass-

enger cars driven by a DC motor or brushless DC motor, up to 850W. They are

usually speed-controlled with multistage relays and series resistors or continu-

ously with power electronics. The speed control may be integrated in the power

electronics or in the ECU. This reduces the number of cables and saves space,

Kaiser et al (2000), Schöner (2004).
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Port injector (DEKA IV)
1 – 6 bar, min 1.2 ms,

Solenoid direct injector (SDI)

100 bar, min 300 s�

Piezodirect injection (PDI)

50 – 200 bar, min 150 s, 190 V�

Fig. 5.4.3. Examples for gasoline injectors, Continental Automotive GmbH (2011).

• Electrical coolant pump. Traditionally, the coolant pump is driven via the V-belt

together with other auxiliaries. The generated pressure and flow is then depen-

dent on the engine speed. In order to adjust the required coolant flow to the load,

the engine and ambient air temperature a thermostatic expansion valve controls

the coolant temperature by changing the valve position and the mass flow to the

radiator, see Sects. 4.6 and 7.10. However, this throttling results in energy losses.

Electrically driven coolant pumps with engine-independent speed control can be

adjusted to the required power without throttling valves. In addition they can be

controlled flexibly with regard to fast warming-up, increased cabin heating and

cooling after stop of the engine. A typical design consists of an axial-radial im-

peller, a brushless DC motor and integrated electronics with a special ASIC for

speed control. The rotor with permanent magnets is separated from the stator

coils by a split tube and therefore no seals at moving parts are required. The elec-

trical power ranges from 200 to 1100 W with a volume flow of 800 to 7.500 l/h,

Genster and Stephan (2004). Another actuation principle for a radial centrifugal

cooling pump is to manipulate variable vanes after the rotor, a design for engines

of commercial vehicles, Wickerath et al (2011).

As these examples show, some of them are decentralized mechatronic compo-

nents with local integration of sensors and electronics and some are centrally

controlled by the ECU, see also Schöner (2004).
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5.5 Fuel supply and injection system

The fuel supply and injection system has developed to an important mechatronic sys-

tem for both gasoline and diesel engines. Therefore, it is considered and modeled in

some more detail. For intake-manifold injection a low-pressure system is sufficient,

whereas for direct injection a high-pressure system is required, which is fed by the

(standard) low-pressure system, Robert Bosch GmbH (2011).

5.5.1 Low-pressure fuel-supply system

a) Low-pressure fuel-supply configurations

The standard solution for the transport of the fuel from the tank to the engine is per-

formed by an electrical fuel pump. The first electronic gasoline injection system used

electric pumps outside of the tank (in-line pumps). The present designs, however,

have the pump inside the tank (in-tank pumps), as part of a fuel delivery module.

This module is a cylindrical chamber and houses, compare Fig. 5.5.1, e.g. the pump

and its DC motor, a suction jet pump for continuous filling, an intake filter to protect

the pump, a non-return valve, a pressure relief valve (e.g. 7 bar), a fuel filter at the

pressure side, a pressure regulator for returnless supply and a fuel level sensor.

The electrical fuel pump has to deliver about 60 to 250 l/h with pressures of 3

to 6.5 bar. Standard types have permanent magnet-excited DC motors with copper

commutator and carbon brushes. The pump designs are either of positive displace-

ment type, like roller-cell pumps or internal-gear pumps, or flow-type pumps, with a

rotating ring consisting of peripheral vanes. Both pumps may generate pressures up

to 5 bar and have an efficiency of 20–25 %.

Low-pressure fuel supply systems with or without fuel return are distinguished.

The standard configuration, as depicted in Fig. 5.5.1a), has a mechanic pressure reg-

ulator at the fuel rail supplying the injectors at the intake manifold. The diaphragm-

based pressure regulator keeps the pressure difference between the fuel and the intake

or ambient pressure constant by opening or closing a valve to a return line. Thus a

certain excess fuel flow returns back to the tank, which has the drawback that the

fuel heats up, generating fuel vapor.

A returnless configuration is obtained if the mechanic pressure regulator is lo-

cated at the fuel tank or intake delivery module. Then a special return line from the

engine to the tank is saved and the fuel heating is smaller.

A further improvement is to manipulate the speed of the electrical pump with re-

gard to the required fuel flow. This is called a control demand fuel supply system and

uses a pressure sensor with electrical output after the pump, as shown in Fig. 5.5.1b).

The measured fuel pressure is transmitted to the ECU of the engine, where a digital

controller manipulates the armature voltage of the DC motor, e.g. by a pulse-width-

modulation. This electronic pressure control system has several advantages: electri-

cal energy is saved, fuel heating is further reduced, the pressure reference value can

be increased for warm-start and cold-start, the measured pressure can be taken into

account for injection timing and fuel-system diagnostics are possible.
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I
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injectors
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return line
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b)

Fig. 5.5.1. a Fuel supply for intake manifold injection, with fuel return. 1 DC motor; 2 pump;

3 filter (sieve); 4 non-return valve; 5 pressure relief valve; 6 jet pump; 7 filter; 8 fuel rail; 9

pressure regulator. b fuel supply for intake manifold injection, with demand (pressure) control.

1 DC motor; 2 pump; 3 filter (sieve); 4 non-return valve; 5 pressure relief valve; 6 jet pump; 7

filter; 8 fuel rail (without return line); 9 pressure controller (ECU); 10 pulse width modulator

for pump voltage.
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b) Models of a low-pressure fuel supply system

To investigate the possibilities of signal or process model based methods for pump

control design and for fault detection the static and dynamic models of a fuel sup-

ply system are required. Figure 5.5.2 shows a two-port signal-flow diagram for the

relevant elements. Based on the models given in Isermann (2005), Sect. 6.6.2, the

following equations describe the behavior.

Upwm U M pP pL pT

Uinj

I ω Vvoltage
modulator

DC motor pump pipe rail injectors
V V

Fig. 5.5.2. Two-port signal-flow diagram of a low-pressure fuel-supply system.

The mechanical part of the DC motor follows

JP
dω(t)

dt
= Mel(t)−MF(t)−MP(t) (5.5.1)

where JP is the moment of inertia of motor and pump. For the friction torque holds

MF = MF1ω. (5.5.2)

As the time constant of the armature current is negligible small compared to the

mechanical time constant it holds

RAIA(t) = UA(t)− Ψω(t) (5.5.3)

Mel = ΨIA(t). (5.5.4)

If the pump is of flow-type the basic behavior of centrifugal pumps for incompress-

ible fluids can be assumed, leading to the pressure difference (proportional to the

delivery head)

ΔpP(t) = hnnω
2(t)− hnvω(t)V̇ (t)− hvvV̇

2(t) (5.5.5)

where V̇ (t) is the volume flow. This equation includes flow and flow frictional losses.

The pressure difference between the pump pressure and the intake-manifold pres-

sure depends on the throttling losses in the non-return valve, fuel filter, tubes and

injectors. Assuming that the related pressure losses are quadratic in the volume flow

it holds

ΔpT(t) = af
dV̇ (t)

dt
+ hfTV̇

2(t)

af =
ρl

A
.

(5.5.6)
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Based on these equations a signal-flow diagram of the fuel supply system can be de-

veloped. However, a further simplification can be made if it is assumed that the pres-

sure differences at the pump and the tube system are equal, i.e. ΔpP(t) = ΔpT(t)
and thus neglecting the influence of a low intake manifold pressure. Then, (5.5.5)

and (5.5.6) with af = 0 (small dynamics) can be set equal, resulting in

V̇ (t) = κω(t)

κ =
−hnv +

√
h2
nv + 4 (hfT + hvv)hnn

2 (hfT + hvv)
.

(5.5.7)

The pump difference pressure becomes

ΔpP(t) = h̃nnω
2(t)

h̃nn = hnn − κhnv − κ2hvv.
(5.5.8)

The required power of the pump is

PP = V̇ ΔpP. (5.5.9)

Further it holds

PP = MP ω. (5.5.10)

Hence, the required torque of the pump is

MP =
V̇

ω
ΔpP. (5.5.11)

Inserting (5.5.8) yields

MP(t) = h̃nnV̇ (t)ω(t) = h̃nnκω
2(t). (5.5.12)

Based on these equations a simplified signal-flow results, as shown in Fig. 5.5.3.

Hence, the electrical part of the DC motor and the mechanical part of the DC motor

and pump show (approximately) linear behavior whereas the fluid part of the pump

and the tubes with valves and injectors introduce nonlinear behavior.

5.5.2 High-pressure fuel supply and injection system for gasoline engines

Direct injection gasoline systems require a high-pressure injection system to com-

press the fuel to 50. . . 120 bar. Typical pump designs are triple-plunger pumps or

single-plunger pumps, Robert Bosch GmbH (2011). The triple-plunger pump is ba-

sically a radial-piston pump with three plungers at an offset angle of 120◦ driven

by the camshaft. It is filled by a low-pressure pump with admission pressure of

3 . . . 5 bar through an inlet valve and compresses the fuel volume until the spring-

loaded outlet valve opens. The three plungers allow a delivery overlap, such reduc-

ing pressure pulses in the rail. The delivery quantity is proportional to the camshaft

speed. If the setpoint of the rail pressure is reached, the rail pressure controller opens
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Fig. 5.5.3. Simplified signal-flow diagram of a low-pressure fuel supply system.

the rail pressure control valve and excess fuel is returned to the intake side of the

high-pressure pump at reduced pressure level, see Fig. 5.5.4a).

A single-plunger pump possesses an electrically switchable delivery-quantity

control valve, which is activated such that only a definite fuel quantity is pressur-

ized. Then only the required fuel quantity is delivered to the rail, which is specified

by the rail pressure control and a return line is not necessary, see Fig. 5.5.4b). This

design also saves mechanical power and avoids an increase of the fuel temperature.

5.5.3 High-pressure common-rail fuel supply and injection system for diesel
engines1

This section considers the function and modeling of a common-rail system for diesel

engines in more detail, Clever (2011). Figure 5.5.5 shows a scheme of a CR-system

as it is typical for passenger car diesel engines. It accumulates the fuel under high

pressure in the common-rail in order to supply the injectors time-independently and

with a large scale of pressure levels, Robert Bosch GmbH (2007b), Hammer et al

(2014). The fuel is delivered from the tank and pre-compressed by an electrical fuel

pump to about 0.5 MPa (5 bar). The fuel’s actual temperature is measured in the fuel

filter. After filtration the fuel flows to the tooth belt driven high-pressure pump. The

volume flow into the pump is controlled by the metering valve. Its supply current is

measured by the ECU. In the high-pressure pump the fuel is compressed to the com-

mon rail pressure level (30-180 MPa or 300-1800 bar) and then discharged to the rail.

From there it is injected into the cylinders each time an injector opens. The common

1 Extract from Clever (2011)
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Fig. 5.5.4. a High-pressure fuel supply system with pressure control valve and fuel return.

b high-pressure fuel supply system with rail pressure control by an adjustable pump (control

demand). 1 fuel delivery module with low-pressure pump; 2 filter; 3 high-pressure pump; 4

camshaft; 5 high-pressure fuel rail; 6 high-pressure injectors; 7 pressure control valve and

relief valve; 8 rail pressure controller; 9 rail pressure relief valve; 10 rail pressure controller;

11 adjustable high-pressure pump.

rail pressure is measured by a high-pressure sensor and controlled by the pressure

control valve. Its supply current is measured, too. Thus, the essential variables are:
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Tf fuel temperature measured in the fuel filter

Imv supply current of the metering valve

Ipcv supply current of the pressure control valve

neng engine speed

uinj desired injection quantity

pcr common rail pressure.

Fig. 5.5.5. Scheme of the common rail injection system with measurable variables.

a) Common rail pressure generation

To model the dynamic behavior of the common rail pressure a lumped parameter

system is assumed. The mass balance of the common rail is given by

ṁhpp − ṁpcv −
4∑

j=1

ṁinj,j = ṁcr (5.5.13)

with

ṁhpp fuel mass flow from the three pistons of the high-pressure pump into

the common rail

ṁpcv fuel mass flow through the pressure control valve∑4
j=1 ṁinj,j fuel mass flow to the four injectors

ṁcr stored fuel mass flow accumulated inside the common rail.
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Fig. 5.5.6. Mass flow into and from the common rail.

The fuel mass flows into and from the common rail are illustrated in Fig. 5.5.6.

The change of the fuel mass accumulated inside the common rail can also be

expressed by its change of density. Assuming that the volume of the common rail

remains constant it holds

ṁcr = Vcr · dρcr
dt

(5.5.14)

with

Vcr volume of the common rail

ρcr fuel density.

By means of the bulk modulus E, the compressibility is expressed by

dp =
E

ρ
· dρ. (5.5.15)

Applying (5.5.13) to 5.5.15 and expressing the mass flow by means of its correspond-

ing volume flow, it follows

dpcr
dt

=
Ecr

Vcr
·
(
V̇hpp − V̇pcv −

z∑
j=1

V̇inj,j

)
(5.5.16)

with

Ecr pressure- and temperature-dependent bulk modulus

V̇hpp volume flow through the high-pressure pump

V̇pcv volume flow through the pressure control valve∑z
j=1 V̇inj,j volume flow to z injectors.

The different volume flows excite the pressure inside the common rail periodically.

This results in a special characteristic of the high-pressure sensor signal. In station-

ary operation points the signal characteristic is mainly determined by the periodic
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delivery of the fuel and the periodic injection processes. The special characteristic of

the common rail pressure signal is addressed in Clever (2011).

The considered high-pressure pump is a 3-cylinder radial piston pump, Fig. 5.5.7,

Robert Bosch GmbH (2007b). The pump consists of three pump elements located

concentrically around the drive shaft. The upward motion of the pistons of the pump

elements is performed by an eccentric, that is located on the drive shaft. The down-

ward motion of the pistons is executed by means of the force of a return spring,

that is attached to each of the pistons. During the downward motion, fuel is floating

through an inlet valve into each of the pump elements. In the following step the fuel

is compressed by the upward motion of the pistons and the inlet valve is closing.

As soon as the pressure inside the pump cylinders exceeds the pressure level inside

the common rail, the discharge valve opens and the fuel streams into the common

rail. The drive shaft is actuated by the crank shaft driven tooth belt. The transmission

ratio between the drive shaft and the crank shaft is 2:3. This means that during each

injection, or each 180◦CS, one of the three pump elements is delivering fuel. The

relation between the rotation angle of the eccentric shaft (unit: ◦EA) and the crank

shaft is given by

χ =
2

3
· ϕ (5.5.17)

with

χ rotation angle of the eccentric shaft in ◦EA.

On the low-pressure side, the delivery rate of the high-pressure pump can be in-

fluenced by a throttle valve (metering valve mv), Fig. 5.5.8. The metering valve is

located in front of the inlet valve of the high-pressure pump and controls the fuel

mass delivered by the pump.

The volume flow through the metering valve can be described by following

throttle equation

V̇mv = αmv ·Amv ·
√

2Δpmv

ρ
(5.5.18)

with

V̇mv fuel volume flow through the metering valve

αmv flow coefficient

Amv opening cross section

Δpmv pressure difference between valve inlet and valve outlet.

The volume flow delivered by pumps that are throttled at their suction side show

a characteristic behavior of fuel delivery. Figure 5.5.9 illustrates the characteristic

volume flow delivered by such a high-pressure pump with a constant throttling and

constant common rail pressure with respect to the pump speed, see Welschof (1992).

Two main areas of the pump’s behavior can be identified:

(1) The volume flow raises linearly up to a limiting speed.
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Fig. 5.5.7. Sectional view of the 3-cylinder radial piston pump CP1H by Bosch.

Fig. 5.5.8. Sectional view of the metering valve.
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(2) The volume flow decreases slightly for higher speeds.

pump speed nhpp
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Fig. 5.5.9. Illustration of the characteristic volume flow delivered by a high-pressure pump

with a constant throttling at its suction side and constant common rail pressure. The gray

dashed lines indicate the influence of different restrictions in front of the high-pressure pump

on the limiting speed. The smaller the restriction the smaller the limiting speed.

This behavior can be explained with a detailed view at the different phases of a single

delivery cycle, Welschof (1992). For this purpose, the delivery cycle is divided into

three phases:

Phase 1: Starting at the top dead center, the piston moves downwards, the outlet

valve closes and the pressure in the piston chamber decreases fast. Gas releases

from the remaining fuel, filling the increasing volume.

Phase 2 (pump speed lower than limiting speed): The inlet valve opens and fuel flows

through the valve into the piston chamber. The inlet valve keeps open until the

whole volume of the piston chamber is filled with fuel at the bottom dead center.

The previously released gas has been dissolved again. This holds if the pump

speed is lower than the limiting speed, Fig. 5.5.9.

Phase 2 (limiting speed is exceeded): The inlet valve opens and fuel flows through

the valve into the piston chamber. If the limiting speed of the pump is exceeded,

the bottom dead center is reached before the complete volume of the piston

chamber is filled with fuel. Thus, previously released gas remains in the piston

chamber.

Phase 3 (pump speed lower than limiting speed): The piston moves upwards and the

pressure inside the piston chamber increases fast. The inlet valve closes imme-

diately. Once the common rail pressure level is exceeded, the outlet valve opens

and the compressed fuel is discharged in the common rail.

Phase 3 (limiting speed is exceeded): The piston starts moving upwards. Previously

released gas is still in the piston chamber. The pressure inside the piston chamber

increases slowly. The inlet valve remains open and fuel flows inside the cham-

ber, until the complete gas is dissolved. Thus, not the maximum available volume

of the piston chamber is filled with fuel. Hence, the delivered fuel volume de-

creases. The rotation angle of the eccentric shaft from the bottom dead center till
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the desired (common rail) pressure level is reached is called non-delivery angle
χnd.

During each revolution, each pump element delivers an amount of fuel that is

equal to its effective fuel delivery volume. Assuming a cosine stroke curve with

volume change, the displacement volume of a particular pump element with respect

to the rotation angle of the eccentric shaft is given by (see Fig. 5.5.10)

Vhpp,i(χi) =
Vhpp,max

2
(1− cos(χi)) , χi := χ+ (i− 1)

2

3
· 180◦EA (5.5.19)

with

dVhpp,i

dχi
displacement volume of the pump element i per dχi

Vhpp,max cylinder capacity of one pump element.

The change of the displacement volume is found to

dVhpp,i

d(χi)

dχi
=

Vhpp,max

2
sin(χi), χi := χ+ (i− 1)

2

3
· 180◦EA (5.5.20)

with

dVhpp,i
d(χi)

dχi
change of the displacement volume of the pump element i.

If it is assumed that the fuel delivery of a single cylinder starts if the non-delivery

angle is reached and ends at its top dead center (180◦EA), the fuel volume flow

delivered by the pump with respect to the rotation angle of the eccentric shaft can be

expressed as:

dVhpp

dχ
=

{
0 for − 180◦EA < χi < χnd,i∑3

i=1
Vhpp,max

2 sinχi for χnd,i ≤ χi ≤ 180◦EA.
(5.5.21)

The relation between the time domain and the rotation angle of the eccentric shaft

can be expressed with (5.5.17) and (5.5.20) as:

ϕ =
360◦CS
60 s

min

· neng · t (5.5.22)

χ =
2

3
· 360

◦CS
60 s

min

· neng · t (5.5.23)

χi =
2

3
· 360

◦CS
60 s

min

· neng · t+ (i− 1)
2

3
· 180◦EA (5.5.24)

dχ

dt
=

2

3
· 360

◦CS
60 s

min

· neng. (5.5.25)
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The fuel volume flow delivered by the pump is finally given by

dVhpp

dt
=

2

3
· 360

◦CS
60 s

min

·neng

{
0 for − 180◦EA < χi < χnd,i∑3

i=1
Vhpp,max

2 sinχi for χnd,i ≤ χi ≤ 180◦EA
(5.5.26)

with

dVhpp

dt fuel volume flow delivered by the high-pressure pump.

Using the non-delivery angle the difference between the real and the theoretical vol-

ume flow is considered. An idealized illustration of the discontinuous fuel delivery

described by (5.5.26) is shown in Fig. 5.5.10.

Hence the fuel pump operates with “phase-modulated control”. The volume flow

streaming from the high-pressure pump, therefore, primarily depends on the engine

speed, the opening cross section of the metering valve, the fuel pressure in the low-

pressure system and the bulk modulus of the fuel inside the piston chambers. A

block diagram of the main influencing variables on the generation of the volume

flow through the high-pressure pump is depicted in Fig. 5.5.11 where plp represents

the low pressure of the pre-compressed fuel.

b) Volume flow through the pressure control valve

The pressure control valve is an electromagnetically impelled spherical valve, Fig.

5.5.12. The volume flow through the pressure control valve, primarily depends on

the opening cross section of the valve and the pressure inside the common rail,

Fig. 5.5.13. The volume flow though the valve can also be expressed by means of

a throttle equation and is given by:

V̇pcv = αpcv ·Apcv ·
√

2Δppcv
ρ

(5.5.27)

with

V̇pcv fuel volume flow through the pressure control valve

αpcv flow coefficient

Apcv opening cross section

Δppcv pressure difference between valve inlet and valve outlet (Δppcv ≈ pcr).

c) Volume flows to the injectors

By means of the z solenoid valve injectors, fuel is injected into the individual cylin-

ders. The initiation of the injections, their duration as well as the quantity of in-

jections is controlled by the ECU. The injector and in particular the space around
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Fig. 5.5.10. Illustration of the discontinuous fuel delivery of the high-pressure pump. The

figure shows the cosinusoidal stroke and corresponding volume of a single pump cylinder with

respect to the rotation angle of the eccentric shaft. Additionally, two different non-delivery

angles are marked (60◦EA and 75◦EA). For these angles, the corresponding volume flows

are shown. All values are normalized.
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Fig. 5.5.11. Main influencing variables on the generation of the volume flow through the high-

pressure pump.

the injector needle and the fuel control chamber (FCC) is supplied with fuel that is

directly streaming from the common rail.

The function of the solenoid valve injector, Fig. 5.5.14, can be divided into three

operation modes:

Injector closed: The solenoid valve is not actuated. The fuel pressure levels inside

the control chamber as well as on the pressurized surface are equal. The com-

pressive force acting from the control chamber (FCC) upon the needle plus the

force from the return spring exceed the pressure force that acts on the pressurized

surface. Thereby the needle is pressed on the jet port.

Injector opening: After the solenoid valve is actuated, the fuel streams out of the

control chamber (FCC) into the return line and the pressure decreases. The
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Fig. 5.5.12. Sectional view of the pressure control valve.

pcr pcvV�
pressure control valve

pcvA

Fig. 5.5.13. Main influencing variables on the volume flow through the pressure control valve.

throttling in front of the control chamber is designed such that the decrease in

pressure is not compensated by the feed from the common rail. After a short

period of time the pressure, that acts upon the pressurized surface exceeds the

opposing forces. The injector opens and remains in this position for the duration

of the actuation of the solenoid valve.

Injector closing: As soon as the solenoid valve closes through a valve spring and

therefore the volume flow through the valve is being stopped, the pressure inside

the control chamber is built up again. Once the resulting compressive force, in

addition to the force from the return spring, starts to exceed the opposing force,

the injector closes again.

The volume flow to one of the injectors is composed of the injected and the return

flow quantity, which in turn depend on the opening duration of the injectors and

return flow of the solenoid valve. As a measure for the volume flow, it is feasible to

use the desired injection quantity, Fig. 5.5.15. For a more detailed specification of

the processes inside the injectors see Seykens et al (2005).

The influence of the periodic operations of the high-pressure pump and the injec-

tors on the rail pressure is investigated in Clever (2011) and used for fault detection.
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Based on the component models of the injection system a signal-flow chart

for the pressure generation in the common rail can be established, as depicted in

Fig. 5.5.16.

Fig. 5.5.14. Setup of a solenoid valve injector.

injectors

u inj

pcr pcvV�

Fig. 5.5.15. Main influencing variables on the volume flow through the solenoid valve injector.

d) Thermodynamic properties of diesel fuel

The thermodynamic properties of diesel fuel like its liquid density and liquid veloc-

ity of sound are important for modeling the common rail injection system. Diesel

fuel is a mixture of several hydrocarbons mainly paraffin, naphthalene and aromat-

ics, see e.g. Mollenhauer and Tschöke (2010). Its thermodynamic properties depend

on the composition of the used fuel. This composition and the fuel’s thermodynamic

properties respectively, depend on different factors like its base material (e.g. pure

oil or renewable primary products). However, differences in the composition of the

diesel fuel cannot be recognized in practical approaches. Thus, it is mandatory to

approximate the different diesel fuels using equations derived for a representative
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Fig. 5.5.16. Signal-flow chart for the common rail pressure.

fuel composition. There are some publications containing such equations, see e.g.

Thiemann (1988) and Keppeler (1997). One publication containing a comprehensive

review of the existing data and an approximation of the thermodynamic properties

in the needed pressure range up to 2000 bar is Kolev (2007). The equations for the

required approximations are reviewed in Clever (2011). In Fig. 5.5.17 the bulk modu-

lus and the fuel’s density with respect to the fuel’s pressure for different temperatures

are shown exemplarily.

The considered models for the high-pressure common-rail injection system are

used for model-based fault diagnosis as shown by Clever (2011).
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Fig. 5.5.17. Bulk modulus and density of diesel fuel with respect to the fuel’s pressure and

temperature, see also Kolev (2007) and Clever (2011).
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5.6 Variable valve timing system

Valve timing for the inlet and outlet valves is an important variability to improve

combustion, torque and emissions. Because of the relatively large torque peaks,

avoidance of backlash and damping properties until now mainly hydraulic actuation

is applied.

5.6.1 Camshaft phasing

The camshaft timing or positioning is performed relatively to the crankshaft with a

positioning range of 40 to 60◦CS (corresponds to 20 to 30◦CAM of the camshaft).

An electro-hydraulic servo valve manipulates the oil flow to and from the camshaft

actuator. This actuator has, e.g. a rotary design with a sliding vane wheel or an ax-

ial piston/cylinder design with a helical teeth gear, see e.g. Heisler (1995), Han-

nibal et al (2002), van Basshuysen and Schäfer (2007), Kopp (2006), Meinig and

Bohner (2013). Thus, the hydraulic camshaft actuation can be sketched as depicted

in Fig. 5.6.1. The housing of the camshaft actuator with its chain or belt driven pul-

ley, the stator, is connected with two oil channels to the servo control valve. The

rotor is attached to the camshaft and turns via sliding vanes relatively to the pulley

depending on the pressure difference in two oil chambers. The servo-control valve is

connected with the engine oil circuit and actuated with PWM voltage from the ECU.

Therefore, it operates like a proportional valve. The spool of the servo valve oper-

ates against a spring which holds it without electrical actuation in a basis position.

Then the full oil pressure moves the vanes of the rotor to one restriction, such that

in the case of the inlet camshaft a late valve timing is obtained. Without oil pressure

the actuator is mechanically locked, leading to a mechanical stiff connection. The

camshaft phasing control loop consists of the angle sensor, the servo valve and the

camshaft actuator, as shown in Fig. 5.6.1. The camshaft phase Δϕcam is usually de-

termined from the difference of angular position sensor signals of the camshaft and

crankshaft, Hannibal et al (2002).

5.6.2 Models and control of a hydraulic camshaft phasing system

As an example the camshaft phasing system with a sliding vane actuator of Fig. 5.6.1

is considered. The derived models lean on Münchhof (2006) and Isermann (2005).

The magnetic force Fm of an electromagnet depending on the applied current Ia is

generally a nonlinear function Fm(z) depending on the design of the armature and its

counter part. However, it can be assumed that its characteristic can be approximated

at least piecewise by a linear relation.

Fm = cz(z)Ia. (5.6.1)

The spool operates against a spring with force

Fs = cszυ. (5.6.2)
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Neglecting dynamics and the magnetic hysteresis it holds Fm = Fs and the position

of the spool follows to

zυ =
cz
cs
Ia = kIIa (5.6.3)

for an applied current and with Ua = RIa

zυ =
cz
csR

Ua = kUUa (5.6.4)

for an applied voltage. Usually this voltage is manipulated by pulse width modulation

(PWM) and changing the duty cycle.

U

3

4

2

5

1

Ia 10 9

8

7 6

+

Va

A B

��cam

��cam,d

A

B

P T zs

Fig. 5.6.1. Scheme of a hydraulic camshaft phasing system. 1 oil pump, 2 nonreturn valve,

3 pressure-relief valve, 4 4/3-servo control valve with connections to oil supply P , oil sump

T , chamber A and B, 5 accumulator (optional), 6 pulley (stator), chain or belt driven, 7 rotor

attached to camshaft, 8 phase sensor, 9 camshaft phase controller (ECU), 10 amplifier, driver

(ECU).
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The spool has overlapped valves. Therefore, the two ways to the actuator cham-

bers A and B are closed in the center position Δϕcam = 0, such that the position of

the phasing actuator is frozen and the enclosed fluid has the same pressure pA = pB
on both sides. After the spool passes the valve lapping with zυ > zυ0, e.g. the orifice

opens to the supply pressure with ps = 1 . . . 5 bar and the other orifice B opens to

the oil sump with pa ≈ 1 bar. The volume flows through the valve orifices can with

z′υ = zυ − zυ0 be described by

V̇j (z
′
υ) =

j=A,B
αDAυ (z

′
υ)

√
2

ρ

√
|Δpυ|sign (Δpυ) (5.6.5)

with αD a contraction number, Aυ the effective opening area and the pressure differ-

ence

ΔpυA = ps − pA and ΔpυB = pB − pa (5.6.6)

where pa is the ambient pressure. For the volume flows holds

V̇A = −V̇B (5.6.7)

if leakages over the vanes are neglected.

Figure 5.6.2 depicts the volume flow characteristic V̇ (Ia) for a spool valve. In the

center position around Ia = Ia0 the volume flows V̇A and V̇B are zero. The oil is then

trapped in the chambers and the rotor is fixed in a certain position. The characteristics

also show a hysteresis behavior which originates from the electromagnet and dry

friction of the spool valve.

flow
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6

Fig. 5.6.2. Volume flow characteristic of a 4/3 proportional servo valve for oil pressure ps until

5 bar, Hannibal et al (2002).

Changes of the armature current ΔIa(t) = Ia(t) − Ia0 lead to a change

Δz′υ(t) = zυ(t) − zυ0 of the spool valve and corresponding flows ΔV̇A(t) and
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ΔV̇B(t). The resulting pressure changes ΔpA(t) and ΔpB(t) and consequently the

pressure difference

Δprot(t) = ΔpA(t)−ΔpB(t) (5.6.8)

generate a rotor torque ΔMcam which turns the rotor and the camshaft with a change

of the angular speed Δϕ̇cam(t).
The flow through the spool valve can after linearization be approximated by

V̇A = kv̇z
′
υ − kcpA

V̇B = − (kv̇z
′
υ − kcpB)

(5.6.9)

with the coefficients following from valve characteristics

kv̇ =
∂V̇j

∂zυ
; kc =

∂V̇j

∂pA
(5.6.10)

which depend on the supply pressure ps.
The dynamic behavior of the oil chamber follows from a mass balance of the oil

dmA(t)

dt
= ṁA,in(t)− ṁA,out(t) (5.6.11)

where the mass inflow is with (5.6.9)

ṁA,in = V̇AρA = (kV̇z
′
υ − kcpA) ρA (5.6.12)

ṁA,out = V̇AρA = AaraΔϕ̇camρA. (5.6.13)

Herewith Aa is the effective area of the vanes, va is a representative radius and the

oil volume in chamber A is

VA = AaraΔϕcam. (5.6.14)

For the stored mass holds

dmA(t)

dt
=

d

dt
(VAρA(t)) = VA

dρA(t)

dt
= VA

ρA
β

dpA
dt

(5.6.15)

where β is the compressibility module (bulk modulus)

β = −V

(
dp

dV

)
r=const

. (5.6.16)

Inserting these equations in (5.6.11) yields

AaraΔϕcam

kcβ

dpA(t)

dt
+ pA(t) =

kV̇
kc

z′υ(t)−
Aara
kc

Δϕ̇cam(t). (5.6.17)

Hence, the pressure in chamber A behaves as a first order delay with chamber time
constant
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Tp =
AaraΔϕcam

kcβ
(5.6.18)

which is small for small Δϕcam and large β, i.e. large oil stiffness.

Correspondingly it holds for chamber B

AaraΔϕcam

kcβ

dpB(t)

dt
+ pB(t) = −kV̇

kc
z′υ(t) +

Aara
kc

Δϕ̇cam(t). (5.6.19)

The angular momentum balance of the rotor with the attached camshaft for changes

Δϕcam becomes

JcamΔϕ̈cam(t) = AaraΔprot(t)−Mcam (Δϕ̇(t)) (5.6.20)

where Mcam is the driving torque of the camshaft. This torque oscillates strongly. For

a 4 cyl. engine the peak values are +20Nm and −10Nm for neng = 1000 rpm and

+30Nm and −22Nm for neng = 6000 rpm, see Hannibal et al (2002). An average

value is +8Nm. Hence it is assumed that for the relative turning of the rotor with

camshaft and the stator the torque can be approximated my a Coulomb and viscous

term.

Mcam (Δϕ) = Mcam,0signΔϕ̇cam +Mcam,1Δϕ̇cam. (5.6.21)

If (5.6.21) is inserted in (5.6.20), small deviations Δϕ̇cam are considered and the

Coulomb friction is neglected, it follows

Jcam
Mcam,1

Δϕ̈cam(t) +Δϕ̇cam(t) =
Aara
Mcam,1

Δprot(t). (5.6.22)

Thus, the angular speed of the rotor is a first order delay with time constant

Tcam =
Jcam

Mcam,1
. (5.6.23)

Combining these equations leads to a signal flow chart in Fig.5.6.3. It shows an

integral behavior Δϕcam (Ia(t)) with two nonlinear first order delays of the actuator

chambers and rotor with camshaft. Therefore, it is a dynamic system of 3rd order.

Usually it can be assumed that the pressure in the chamber opening to the oilsump

reaches the ambient pressure fast, such that pB = pa. If for the case of motion the

torque generating chamber is considered and the relations are linearized, one obtains

a signal flow as in Fig. 5.6.4.

Hence, the dynamic model for the camshaft positioning can be described by the

transfer function

GUϕ(s) =
Δϕcam(s)

ΔUa(s)
=

KUϕ

(1 + Tps) (1 + Tcams) s
(5.6.24)

and if it can be assumed that Tp � Tcam it holds

G′
Uϕ(s) =

K ′
Uϕ

(1 + Tcams) s
. (5.6.25)
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cam�� �
cam���zv �prot�Uae

��dcam,��

)( camp ��T camT

controller spool valve
actuator
chamber

rotor & camshaft

Fig. 5.6.4. Camshaft phase control loop with simplified, linear signal flow for the hydraulic

camshaft system.

Therefore, the dynamic behavior can be approximately described as an integrating

element with first order delay. Because of the integral behavior the phase position

controller can be proportional acting, and therefore, e.g. a P or PD controller with

parameters depending on oil temperature and engine speed can be applied.
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Schöner H (2004) Automotive mechatronics. Control Engineering Practice 12:1343–

1351

Seykens X, Somers L, Baert R (2005) Detailed modeling of common rail fuel injec-

tion process. Journal of Middle European Construction and Design of Cars 3:30–

39

Stuhler H, Ricken V, Diener R (2010) Aufbau und Anpassung der Motorsteuerungs-

Software für Otto-und Dieselmotoren. In: Isermann R (ed) Elektronisches Man-

agement motorischer Fahrzeugantriebe, Vieweg-Teubner, Wiesbaden, chap 2, pp

38–66

Thiemann W (1988) Zur Bestimmung des Einspritzverlaufs bei Dieseleinspritzanla-

gen mit Gleichraumentlastung. Motortechnische Zeitschrift - MTZ 49(5):207–217

Welschof B (1992) Analytische Untersuchungen über die Einsatzmöglichkeit einer
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Wickerath B, Fournier A, Durand J, Brömmel A (2011) Fully variable mechanical

coolant pump for commercial vehicles. MTZ worldwide 72(1):42–46

References 321



6

Engine-control methods and calibration

The design and implementation of engine control functions has developed into a so-

phisticated and labor-intensive procedure. This is for many reasons, among them the

high multi-variable complexity of engine control, the high performance requirements

of suppliers, manufacturers and customers, and legislative certification limits for fuel

consumption and emissions, and competition.

The following sections summarize some general procedures for control-function

design, control-software generation, required computers and software tools, and test

benches.

6.1 Engine-oriented electronic control design

The design and implementation of electronic control and diagnosis systems is highly

interrelated with the design of the mechanics, thermodynamics and fluid mechanics

of the internal combustion engines. It belongs to the design of mechatronic systems

and requires a systematic development across the classical boundaries. With regard

to the timeline of the workflow a simultaneous or concurrent engineering in different

domains has to be performed, see e.g. VDI 2206 (2003), Isermann (2005).

6.1.1 V-development model

The development of the electronic engine control system can, according to the design

of the control software functions for mechatronic systems, be divided into

(1) control-system design

• control-function development

• control-software development

(2) control-system integration

• component integration

• calibration

• performance testing

� Springer-Verlag Berlin Heidelberg 2014
R. Isermann, Engine Modeling and Control,
DOI: 10.1007/978-3-642-39934-3_6
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This design procedure is highly interrelated and requires many iterative steps and

special development tools. It can favorably be represented in a so called V-model,

see Fig. 6.1.1, which covers all aspects from the analysis of the user requirements

to acceptance tests, see e.g. VDI 2206 (2003), Schäuffele and Zurawka (2005), Is-

ermann (2005), BRD (1997) with origins in Böhm (1979), STARTS Guide (1989),

Bröhl (1995), Droeschel and Wiemers (1999).

A corresponding V-model can be given for the hardware development of the elec-

tronic control unit (ECU) which is assumed here to exist already.

An alternative to the V-model is, e.g. the waterfall-model, e.g. Royce (1970)

which is organized sequentially in one direction with recursions. The V-model has

the intention that the results, documents and tests of the right branch correspond

to the development procedures of the left branch. A further developed version with

more flexibility is the V-model XT, BRD (2004) as discussed in Borgeest (2008).

Some important steps of the V-model for the development of control and software

functions can be described as follows:

(1) Requirements

• user requirements

• definition of general (overall) functions and data (rated values) of the final

product (ECU)

• general solution outline

• development and manufacturing costs

• timely development and milestones

• result: requirements document (does not include technical implementation)

(2) Specifications

• definition of the product (ECU) that fulfills the requirements

• partitioning in manageable modules for control and diagnosis

• specification of features and data of the modules

• consideration of the sources, tools and limitations for the development and

final manufacturing and maintenance

• specification of hardware data

• specification of used software, compilers and development systems

• result: specification document

(3) Control system design

• detailed partitioning into electronic, mechanic, hydraulic, pneumatic and

thermal components with their auxiliary power supplies

• detailed fixing of type of sensors and actuators and their data

• detailed data of interfaces between ECU, sensors and actuators

• task distribution between sensors and actuators with integrated electronics

and ECU

• specification of power-related data

• hardware design: data of microprocessors, data-storages, interfaces, bus sys-

tems, cabling and plug systems

• control engineering design:

– definition of sensor inputs and outputs to the actuators
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– control-system structure: feedforward control (open loop) and feedback

control (closed loop)

– required engine and component models

– model-based design

– calibration (parametrization) methods

– supervision and diagnosis functions

• reliability and safety issues; FMEA (fault mode and effect analysis) studies

for sensor, actuator and ECU faults and failures

• result: control-system design document

(4) Modeling and identification

• required mathematical models of engine, sensors, actuators, transmission,

vehicle

• theoretical/physical modeling

• experimental modeling

• use of modeling/identification tools

• measurement procedures for test benches, design of experiments

• kind of models: stationary (look-up tables, polynomials, neural networks);

dynamic (differential equations, neural networks)

• result: engine and component models

(5) Control-function development

• hierarchical control structure

• computer-supported design, manual design

• ECU states: from start-up to shut-off

• engine states (discrete): from cold start to shut-off

• control functions: crank-angle-dependent, time-dependent

• sampling times and word length

• supervision and diagnosis functions

• model-in-the-loop simulation: engine models and ECU models

• rapid control prototyping with development ECU, by-pass computer and test

bench

• result: control structure and control algorithms

(6) Control-software development

• software architecture layers, modules

• software-component interfaces

• high-level language: selection, floating point (e.g. C-code, MATLAB/Simulink)

• availability of compilers for target software

• implementation of control functions and modules into software structure

• standardization and reuse of software modules

• code optimization

• testing of software modules with, e.g. model-in-the-loop simulation

• rapid control prototyping with by-pass computer and test-bench experiments

• result: control software (modules) in high-level language

(7) ECU-target software development and implementation

• transfer of high-level language control software into machine code with fix

point arithmetic. Use of cross compiler
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• test of control functions with simulated engine

• software-in-the-loop simulation

• hardware-in-the-loop simulation if real-time functions with components are

of interest

• result: implemented control software in target ECU

(8) ECU hardware and software testing

• the ECU with target hardware and software undergoes intensive function

tests

• integration tests with simulated sensor signals and actuators in real time

• hardware-in-the-loop simulation with simulated sensor output signals, simu-

lated or real actuators and real-time simulated comprehensive engine model

• automated test-runs

• testing of reaction to extreme speeds and loads (outside of normal operation)

• reliability and safety tests

• tests for electromagnetic compatibility (EMC)

• result: verification that the ECU meets its specifications

(9) Calibration of the control functions

• Free parameters of control algorithms, characteristic curves or look-up tables

(maps) are adapted to the real engine, drivetrain and vehicle

• supported by calibration tool with editors at implementation level or physically-

defined level

• off-line calibration with interrupted engine operation

• on-line calibration with running engine

• basic calibration of the stationary behavior

• dynamic calibration of the dynamic behavior

• calibration by manual optimization

• calibration by optimization with engine models

• result: calibrated ECU control functions

(10) Calibration with fine-tuning

• final fine-tuning of free parameters with the transmission and vehicle

• driving experiments with the target vehicle

• use of calibration tools, offline or online

• result: adapted ECU functions to transmission and vehicle. Verification of

specifications.

(11) Final ECU, driveability tests and field tests

• final engine control functions are tested with the target vehicle

• performance tests for different loads and environmental conditions (summer,

winter, weather)

• driveability tests

• result: validation of requirements

6.1.2 Workflow for control development and calibration

The workflow for the control-function development is depicted in Fig. 6.1.2 in more

detail, also showing the use of software tools, computers and test-bench experiments.
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It begins with physical and/or experimental modeling. The control development then

comprises engine simulation, control-function development and optimization, supp-

orted by an ECU prototype or prototyping computer for probing the control functions

with the engine on the test bench. The next steps are then the software development

and testing for the target ECU by using personal computers. Frequently, the ECU

hardware and software testing is performed with hardware-in-the loop simulation,

connecting the ECU with real actuators and sensor interfaces.

A corresponding workflow for the model-based calibration of the control func-
tions is illustrated in Fig. 6.1.3. Based on the already gained physical and/or experi-

mental engine models the model-based calibration of the control functions is carried

out. First the basic stationary control functions, as e.g. reference variables dependent

on the operation point, and then the calibration of the dynamic control functions, by

using dynamic engine and drive train models, is executed.

These procedures are carried out either with personal computers or special cali-

bration computers. The last step is a fine tuning with the vehicle on a roller test bench

or on the road.

The following sections consider the model-based control-function development

and calibration in more detail.

6.2 Basic control structures

First, a look at some basic control-system structures which are suitable for combus-

tion engine control is given. To describe briefly the principles, the components are

assumed to have linear dynamic behavior and are treated in continuous time with

transfer functions G(s) where s is the Laplace variable s = δ + iω. Initially, ba-

sic feedforward and feedback control systems are viewed, then their combinations

and interconnected control systems, like cascaded control and two-variable control.

The extension to multi-variable systems, to nonlinear behavior and to the resulting

digital-control algorithms with sampled signals is then discussed subsequently.

Because some important output variables of internal combustion engines are not

measured as, e.g. the torque and emissions, feedforward control systems play an

important role, see Fig. 6.2.1a). An advantage then is that stability problems are

avoided. But relatively precise process models are required and parameter changes

of the engine and external disturbances are not automatically compensated.

If engine variables are measured and a relatively precise control is required, then

feedback control systems are applied, see Fig. 6.2.1b), as e.g. for the air mass flow,

the charging pressure or the exhaust gas excess air factor λ. In order to reach a good

control performance and to avoid instability, dynamic engine models are required for

a systematic design.

The controlled processes of combustion engines are characterized by mostly non-

linear behavior and low dynamic order, e.g. n = 2 or 3, sometimes with dead time

and they are strongly dependent on the operation point. As the real-time require-

ments with sampling times of about 10 . . . 20ms, 5 to 10 manipulated variables and

5 . . . 8 controlled variables, are quite strong, the final control algorithms have to be
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of small computational expense and should be easy to understand and to calibrate.

Therefore the following short summary concentrates on those control designs which

satisfy practical requirements for engine control.

A detailed treatment for the design of control systems is available in many text-

books on control theory and practice, e.g. Kuo (1995), Åström and Wittenmark

(1997), Ogata (2008), Dorf and Bishop (2010), Föllinger (2013). Therefore, the next

sections first summarize some basic control systems as a starting point for the de-

sign of special, mostly nonlinear control systems for gasoline and diesel engines,

treated in Chaps. 7 and 8. The assumed linear behavior in the next sections can only

be considered as a basis for more sophisticated designs and to discuss some basic

properties.

� w
Gcwu

u
Ga

su Gpsy

setpoint
generator,
pre-filter

feedforward
controller

actuator process

y

sensor

yp

w e
G
�w

�
Gc

u
Ga

su
Gpsy

feedback
controller

actuator process

y

sensor

yp
Gs

G
�w

a)

b)

Fig. 6.2.1. Basic control structures. a Feedforward control (sensor not available for series

production engine), b Feedback control. α command variable, w = yd setpoint, reference

variable, or desired control variable, y controlled variable, u manipulated variable, su actuator

position, yp process output.

6.3 Linear feedforward control

An elementary feedforward control is depicted in Fig. 6.2.1a). A setpoint generator

yields the setpoint variable or reference variable w(t) based on a command variable

α(t) (e.g. the accelerator pedal). The goal is that the process output y(t) follows the

setpoint variable w(t) as directly as possible. If y(t) is not measurable, a feedback

control cannot be applied. If now a model of the actuator Ga(s) and the process

Gpsy(s) is known, a feedforward control can be designed. An ideal response would

be y(t) = w(t). However, as the actuator and process always have a certain dynamic

delaying behavior, this requirement is not realizable. Assuming that the process has

the following transfer function

Gpsy(s) =
y(s)

su(s)
= Kpsy

1 + b1s+ . . .+ bmsm

1 + a1s+ . . .+ ansn
(6.3.1)

6.2   Basic Control Structures 331



and for the actuator holds a proportional behavior

Ga(s) =
su(s)

u(s)
= Ka (6.3.2)

the overall transfer function of the process becomes

Gp(s) =
y(s)

u(s)
= Ga(s)Gpsy(s) (6.3.3)

with the gain

Kp = KaKpsy. (6.3.4)

Using this overall transfer function of the process, Fig. 6.3.1 results.

Gp

ysu

process

Gcwu

w u

actuator
saturation

feedforward
controller

Fig. 6.3.1. Feedforward control for a process with limited manipulation range.

a) Static feedforward control

If the actuator and process dynamics are not taken into account and actuator and

process gain are known, a static feedforward controller

Gcwu(s) = Kcwu = 1/Kp (6.3.5)

can be used to satisfy the stationary behavior such that the overall response becomes

Gwy(s) =
y(s)

w(s)
=

1 + b1s+ . . .+ bmsm

1 + a1s+ . . .+ ansn
(m < n) (6.3.6)

i.e. a delayed dynamic response with gain 1.

b) Dynamic feedforward control

An ideal feedforward control is obtained by

y(s)

w(s)
= G′

cwu(s)Gp(s) = 1 (6.3.7)

which leads to a dynamic feedforward control with an inverted process model
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G′
cwu(s) =

u(s)

w(s)
=

1

Gp(s)
. (6.3.8)

Introducing (6.3.1) and (6.3.2) yields with the assumption of a minimum phase pro-

cess

G′
cwu(s) =

1

Kp

1 + a1s+ . . .+ ans
n

1 + b1s+ . . .+ bmsm
. (6.3.9)

Because this transfer function would require exact derivatives of the output signal of

order n it is not realizable. Therefore, a realizability filter or reference shaping filter

Grf(s) =
1

(1 + Trs)n
(6.3.10)

has to be applied. The realizable feedforward controller then becomes

Gcwu = G−1
p (s)Grf(s) =

1

Kp

1 + a1s+ . . .+ ans
n

1 + b1s+ . . .+ bmsm
1

(1 + Trs)n
(6.3.11)

such that the overall behavior yields

Gwy(s) =
y(s)

w(s)
= Gcwu(s)Gp(s) = Grf(s) =

1

(1 + Trs)n
. (6.3.12)

The time constant Tr of the realizability filter is now a design parameter.

Example 6.1 (Dynamic feedforward control for a manipulated variable as input).
As an example a second order low-pass process is considered with transfer function

Gp(s) =
y(s)

u(s)
=

Kp

(1 + T1s)(1 + T2s)
.

The realizable feedforward controller then results in

Gcwu(s) =
u(s)

w(s)
=

(1 + T1s)(1 + T2s)

Kp(1 + Trs)2

if an actuator saturation (Fig. 6.3.1) is not considered. The overall behavior follows

as

Gwy =
1

(1 + Trs)2
.

If Tr = T2 is selected, the feedforward controller becomes

G′′
cwu(s) =

1

Kp

1 + T1s

1 + Trs

which is a proportional-derivative (PD) element with a time lag. A simplification of

G′
cwu(s) by assuming Tr � T1 is

G′′
cwu(s) = Kcwu(1 + TDs)
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which is a proportional-derivative feedforward controller with Kcwu = 1/Kp. The

derivative time TD can then be parameter-optimized or just selected as TD = T1,

which yields

Gwy =
y(s)

w(s)
=

1 + TDs

(1 + T1s)(1 + T2s)
=

1

1 + T2s

resulting in an overall behavior of first order.

�

The dynamic feedforward controllers improve the dynamic overall response com-

pared to the static feedforward controller (6.3.3). However, if Tr is selected too small

or the derivative time TD too large, the response of the manipulated variable u(t)
becomes too large and may exceed the restricted range of the manipulating variable.

A further method to design a dynamic forward controller is to assume a feedback

controller for the design and to use its manipulated variable um for feedforward con-

trol as shown in Fig. 6.3.2a), Pfeil (2011). The transfer behavior of the feedforward

controller then becomes (without considering an actuator saturation)

Gcwu(s) =
um(s)

w(s)
=

u(s)

w(s)
=

Gc(s)

1 +Gc(s)Gp,m(s)
(6.3.13)

where Gc(s) is a feedback controller. For the (simulated) feedback controller Gc(s)
a P or PD controller can be used. In this case the process behavior is indirectly taken

into account with its process model Gp,m(s) and the dynamics of the feedforward

correspond to an assumed closed-loop control.

c) Dynamic feedforward control with actuator saturation

The actuators usually have a limited manipulation range and a saturation function has

to be taken into account as depicted in Fig. 6.3.2. The considered proportional acting

feedforward controllers then reach a limited process input su(t) for larger inputs

w(t) thus limiting the dynamic response of the process output. Figure 6.3.3 shows

the responses with the classical feedforward controller Gcwu(s) of Example 6.1. If

the time constant Tr of the realizability filter is reduced, the process input becomes

larger. However, if the manipulated variable reaches the saturation, a further increase

of Tr makes the response slower. This means that the design of the feedforward

controller should take the saturation into account.

One way is to simulate a closed loop corresponding to (6.3.13), but with a model

of the saturation function, as depicted in Fig. 6.3.2. The feedback controller Gc(s)
should have proportional behavior but no integral term to avoid wind-up of um.

The dynamics can be further improved if the process model is described by a

state-space representation

ẋ(t) = Ax(t) + bu(t) (6.3.14)

y(t) = cTx(t) (6.3.15)
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Fig. 6.3.2. Feedforward control for a process with input saturation by using a simulated feed-

back control system. a parameter-optimized controller. b state-space controller.
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and a state controller

u(t) = kTx(t) + fw(t) (6.3.16)

is applied, Pfeil (2011). As all states of the process model are accessible, a complete

state feedback can be used which results in optimal damped responses after appro-

priate design with, e.g. pole placement. f can be considered as a prefilter to avoid

offset control deviations in steady-state. Figure 6.3.3 shows a result if the poles are

placed by

λr1 = λr2 = −1/Tr (6.3.17)

for different values. The control behavior is significantly better than with classical

feedforward controllers.

6.4 Linear feedback control

According to the development of control engineering practice and control theory

many different feedback controllers are available. They can be classified, e.g. into

linear and nonlinear, deterministic and stochastic, single-variable and multi-variable

controllers, Åström and Wittenmark (1997). Linear controllers can be divided into

parameter-optimized and structure-optimal controllers, Isermann (1989). In the case

of parameter-optimized controllers, the controller structure, i.e. the form and the

order of the controller equation is given and the free parameters are adjusted with

regard to the controlled process, using an optimization criterion or tuning rules. For

example, PID controllers belong to this category. Controllers are called structure
optimal if both the control structure and the controller parameters are designed opti-

mally according to the structure and the parameters of the process model. Examples

are pole-zero-cancelation controllers, state-controllers, internal-model controllers or

predictive controllers.

Assuming linear behavior the transfer function of a closed loop according to

Fig. 6.2.1b) and the reference variable w(t) as input is

Gwy(s) =
y(s)

w(s)
=

Gc(s)Gp(s)

1 +Gc(s)Gp(s)
(6.4.1)

with the process model, including the actuator and the output sensor

Gp(s) = Ga(s)Gpsy(s)Gs(s) (6.4.2)

and the control deviation (control error)

e(t) = w(t)− y(t) (6.4.3)

and y(t) the controlled variable and u(t) the manipulated variable. Stability requires

that the poles of

1 +Gc(s)Gp(s) = 0 (6.4.4)
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lie in the left half of the s-plane.

The choice of a measure for the control performance plays a central role in con-

troller design. A relatively widely used performance criterion is the general quadratic

criterion

I1 =

∫ ∞

0

[e2(t) + rΔu2(t)]dt (6.4.5)

with

Δu(t) = u(t)− u(∞) (6.4.6)

the deviation of the manipulated variable from a steady-state value u(∞), i.e. the

control effort, which corresponds for state-space control to

I2 =

∫ ∞

0

[xTQx(t) + rΔu2(t)]dt. (6.4.7)

The following sections briefly describe the design of some linear controller types

which are applicable for engine control. For more details the reader is referred to,

e.g. Isermann (1989), Kuo (1995), Franklin and Powell (2006), Ogata (2008), Dorf

and Bishop (2010).

6.4.1 Parameter-optimized controllers (POC)

The basic equation of a linear PID controller in continuous time is

u(t)|PID = K

[
e(t) +

1

TI

∫ t

0

e(τ)dτ + TD
de(t)

dt

]
(6.4.8)

with the parameters K gain, TI integration time, TD derivative time (lead time), see

e.g. DIN 19226 (1994). By omitting terms, one obtains a PI, PD, or P controller

u(t)|PI = K

[
e(t) +

1

TI

∫ t

0

e(τ)dτ

]
(6.4.9)

u(t)|PD = K

[
e(t) + TD

de(t)

dt

]
(6.4.10)

u(t)|P = Ke(t). (6.4.11)

In this definition the gain influences all terms. Another way to represent a PID con-

troller is to use independent parameters of the three terms

u(t) = KPe(t) +KI

∫ ∞

0

e(τ)dτ +KD
de(t)

dt
(6.4.12)

with KP = K, KI = K/TI, KD = KTD.

The corresponding transfer functions are

Gc,PID(s) =
u(s)

e(s)
= K[1 +

1

TIs
+ TDs] = KP +KI

1

s
+KDs

=
K(1 + Tc1s)(1 + Tc2s)

s

(6.4.13)
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with

Tc1 =
TI

2

[
1 +

√
1− 4

TD

TI

]

Tc2 =
TI

2

[
1−

√
1− 4

TD

TI

]
.

Hence, the PID controller possesses two real zeros, if TD < TI/4.

The controller parameters K, TI, TD have to be adjusted to the controlled process,

to obtain an appropriate control performance. This can be reached by the following

procedures:

• parameter optimization by using a process model and an optimization method.

Analytical solutions are only possible for low-order process models. Therefore

mostly numerical optimization methods have to be applied.

• tuning rules to obtain approximately a best possible behavior, based on measured

transient functions or oscillation tests at the stability limit.

• trial-and-error methods, which start with small parameter values and increase

the values stepwise until the closed loop becomes weakly damped.

As actuators usually reach a saturation the output of the integral term of controllers

continues to grow (wind-up) until the sign of the control error changes and inte-

gration turns back. Since this leads to large overshoots, an anti-wind-up technique

has to be implemented, e.g. by an additional feedback with a dead zone around the

integrator, see e.g. Franklin and Powell (2006).

6.4.2 Internal model control (IMC)

A direct way to include a process model in a control structure is the internal-model-

control (IMC) principle. A process model is arranged in parallel to the process, see

Fig. 6.4.1a), such that output deviations

Δy(t) = y(t)− ym(t) (6.4.14)

are fed back. The feedback element Gfb(s) generates the manipulated variable ac-

cording to

u(s) = Gfb(s) (w(s)−Δy(s)) . (6.4.15)

If the process model matches the real process behavior

Gp,m(s) = Gp(s) (6.4.16)

and process disturbances are n(t) = 0, the output deviation is Δy(t) = 0 and

changes of the reference variable act to the process in a feedforward manner. The

selection

Gfb(s) = G−1
p (s) (6.4.17)

338 6   (nJinH�controO 0HtKodV Dnd &DOiErDtion



then leads to a compensation of the process transfer function, such that y(s) = w(s),
compare (6.3.7). If the process disturbances are not zero, n(t) �= 0, then the distur-

bance is reconstructed as Δy(t) = n(t) and the feedback with (6.4.17) results in a

perfect compensation of the disturbance at the process output.

However, as this inverted process model is usually not realizable a realizability

filter (low-pass filter)

Grf(s) =
1∏q

r=1(1 + Trs)
(6.4.18)

is introduced, such that the feedback element becomes

Gfb(s) = G−1
p (s)Grf(s). (6.4.19)

The order q is usually chosen such that it is at least equal to the order of the process

model denominator q ≥ m.

In order to describe the internal model controller in the classical way, the process

model Gpm is considered as a part of the controller, as shown in Fig. 6.4.1b), and

yields

Gc,IMC =
u(s)

e(s)
=

Gfb(s)

1−Gfb(s)Gp,m(s)
=

1

Gp(s)

Grf(s)

1−Grf(s)
. (6.4.20)

The closed-loop transfer function for setpoint changes then becomes with Gp(s)
= Gp,m(s)

Gwy(s) =
y(s)

w(s)
= Grf(s). (6.4.21)

Hence, the closed-loop behavior is only determined by the realizability filter and can

therefore be designed in a direct way by choosing the filter. A corresponding transfer

function for the disturbance behavior is

y(s)

n(s)
= 1−Grf(s) (6.4.22)

and also depends only on the realizability filter.

In reality it cannot be assumed that the real process and the process model are

identical. Then according to

Gp(s) = Gp,m(s) +ΔGp,m(s) (6.4.23)

a difference transfer function ΔGp,m(s) appears. An analysis of the closed-loop be-

havior shows that the resulting closed loop may become weakly damped or even

unstable if the process poles are close to the imaginary axis. Therefore the applica-

tion has to be restricted to well-damped process behavior.

Further the controller itself should be stable, such that non-minimum phase sys-

tems must be excluded. Therefore following conditions have to be met for the design

of the IMC controller

• The process Gp(s) may not contain poles and zeros with positive real part, i.e.

the process must be stable and minimum phase.
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• Realizability of the IMC controller implies that the term Grf(s)/(1 − Grf(s))
adds additional poles, such that its pole excess (m − n) (m number of poles, n
number of zeros) has to be greater or equal the pole excess of the process, see

e.g. Isermann (1989).

To extend the design of the IMC controller, the process model is split in a term

G+
p,m(s) which is invertible (stable and well-damped) and a term G−

p,m(s) which is

not invertible (non-minimum phase, dead time)

Gp,m(s) = G+
p,m(s)G

−
p,m(s) (6.4.24)

and the inversion is restricted to G+
p,m(s), such that

Gfb(s) = (G+
p,m(s))

−1Grf(s) (6.4.25)

see Fig. 6.4.1c).

In the case of a process with dead time it holds for the model

Gp,m(s) = G+
p,m(s) e

−Tds (6.4.26)

and as shown only the output of the invertible term G+
p,m(s) is used to form the IMC

controller. However, Δy is determined with the model output including the dead time

and compared with the reference variable.

Actuator restriction can be taken into account by adding this nonlinearity in the

parallel model, but not in the feedback element (6.4.19) because its inversion be-

comes infinite, see Fig. 6.4.1d). If the process can be described by a Hammerstein

model, e.g. by a second order nonlinearity at the input and this nonlinearity can be

inverted, it can be included in the controller design.

Figure 6.4.1e) shows an IMC structure where the parallel model is represented

in state-space form and the calculated states are fed back. This is called model-state
feedback control, Mhatre and Brosilow (2000), Wright and Kravaris (2006). The

design of the feedback vector kT and the prefilter f follows from (6.3.14) to (6.3.16),

see Pfeil (2011).

Example 6.2 (Internal model control).
Applying the design equations (6.4.19) and (6.4.20) yields for the second order pro-

cess from Example 6.1

Gfb(s) =
1

Kp

(1 + T1s)(1 + T2s)

(1 + Tr)2

Gc,IMC(s) =
1

2KpTr

(1 + T1s)(1 + T2s)

s

1

1 + Tr

2 s
.

Hence, the resulting controller shows PID behavior with a first order lag.

�
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6.4.3 Cancelation controller (CAC)

Another way to include the process model directly is to design a cancelation con-

troller. Then the closed-loop transfer function for the reference variable Gwy(s) is

specified, see (6.4.1), and then solved for the controller

Gc,canc(s) =
u(s)

e(s)
=

1

Gp(s)

Gwy(s)

1−Gwy(s)
. (6.4.27)

Comparison with (6.4.20) shows that the specified transfer function is identical to

the realizability filter, as also expressed by (6.4.21). Therefore the same restrictive

conditions hold for the design.

The selection of Gwy(s) can be a low-pass process as (6.4.18) or a more weakly

damped oscillating process with conjugate complex poles if some overshoot is de-

sired. For a first order process and first order reference transfer function, a PI con-

troller follows directly. For a second order process a PID controller follows, see

Example 6.2. (A detailed treatment of discrete-time cancelation controllers is given

in Isermann (1989)).

6.4.4 State-space control

State-space control is based on the state-space model of the process which is for a

single-input single-output (SISO) process

ẋ(t) = Ax(t) + bu(t) (6.4.28)

y(t) = cTx(t) + du(t). (6.4.29)

The vector x(t) represents the internal states of the process and its order is equal to

the order n of the process transfer function. The state representation can be selected

in different forms, such as the controllable or observable canonical form. A state

controller feeds back the states of the process according to

u(t) = −kTx(t), (6.4.30)

see Fig. 6.4.2. The determination of the gains kT can be based on pole placement or

on quadratic performance criteria, solving a matrix-Riccati equation.

Since the states are usually not measurable, a state observer is necessary to re-

construct the state variables x(t), based on measurements of u(t) and y(t). The state

observer uses the process model parallel to the process and the difference between

the measured output y(t) and the observer output ŷ(t) is fed back to correct the

observer states

Δẋ(t) = −hT (y(t)− ŷ(t)) . (6.4.31)

The observer equation then becomes

ˆ̇x = Ax̂(t) + bu(t) + hT
(
y(t)− cTx̂(t)

)
. (6.4.32)
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The feedback gains hT can be designed similar to the state feedback, e.g. by pole

placement.

In the control law (6.4.30) the state x(t) is now replaced by the observed state

u(k) = −kTx̂(t) (6.4.33)

see Fig. 6.4.4. Hence, the basic state feedback changes the dynamics of the process,

e.g. makes it faster and well stabilized and damped. Different additions do exist

to introduce a comparison of the controlled output y(t) with the reference variable

w(t). Figure 6.4.4 shows a simple solution where an integrator is used to generate a

correction of the manipulated variable

Δu(t) = kI

∫
(w(t)− y(t)) dt (6.4.34)

to avoid steady-state control errors, corresponding to the integral part of a PID con-

troller.

Based on the multi-variable process model (MIMO)

ẋ(t) = Ax(t) +Bu(t) (6.4.35)

y(t) = Cx(t) +Du(t). (6.4.36)

the state controller becomes

u(t) = −kTx(t) (6.4.37)

where k is a gain matrix. For more details refer to the rich literature, e.g. Ogata

(2008), Dorf and Bishop (2010). Discrete-time versions of state control are treated,

e.g. Ackermann (1983), Isermann (1989), Isermann (1991), Isermann et al (1992),

Kuo (1995), Åström and Wittenmark (1997), Franklin and Powell (2006).
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Fig. 6.4.2. Process model in state-space form and state-feedback controller.
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ŷ

x̂�

x̂

PROCESS

OBSERVER

y~

Is
-1

c
T

Fig. 6.4.3. Process model with state observer.

k
T

u y

x̂

observer

processkI

s

�uI
ew

Fig. 6.4.4. State controller with observer.

6.4.5 Interconnected control systems

The behavior of single closed loops can be significantly improved by adding one ore

more inner loops, by combination with feedforward control and by optimal coupling

of neighbored multi-variable closed loops. The resulting control systems are called

interconnected control systems.

a) Cascade control systems

If one variable y2 between a process part 1 and a process part 2 is measurable, it

can be used to form an inner closed loop by adding a minor (auxiliary) controller
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in cascade to the standard outer closed loop with the main controller, as depicted in

Fig. 6.4.5. The advantages are

(1) Disturbances n2 acting on process part 1 are already controlled by the minor

controller and do not influence the main control variable y1.

(2) Parameter changes of process part 1 are attenuated and do not have to be taken

into account in the parametrization of the main controller.

(3) The behavior of the main control variable y1 becomes faster if the minor loop

leads to faster eigenvalues than those of the process part 1 without the minor

controller.

More details and examples are given in Isermann (1991). This cascade control system

is especially advantageous if process part 1 is an actuator and the actuator position y2
can be measured. In addition to the mentioned advantages also nonlinear effects, like

position-dependent actuator gain or hysteresis are compensated by the minor con-

troller. Examples are the position control of VTG turbochargers or the EGR valve.

G
�w

� w1
Gc1 Gc2

Gp2

main
controller

minor
controller

process
part 2

e

set point
generator

w2
Gp1

process
part 1

u

n2

y2

n1

y1

Fig. 6.4.5. Cascaded control system with inner loop and outer loop.

b) Combinations of feedback and feedforward control

Figure 6.4.6a) depicts a process with a transfer function

Gpv(s) =
n(s)

v(s)
(6.4.38)

for an external disturbance variable v(t) as input and an usually different transfer

function

Gp(s) =
y(s)

u(s)
= Ga(s)Gpsy(s) (6.4.39)

for the manipulated variable u(t). If v(t) can be measured, then an ideal feedforward

control is obtained by

G′
cvu(s) =

uff(s)

v(s)
= −G−1

p (s)Gpv(s). (6.4.40)
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Analogously to the dynamic feedforward control described in Sect. 6.3b) a realiz-

ability filter Grf(s) according to (6.3.10) has to be added to cope with the inversion

of Gp(s), such that the realizable feedforward control becomes

Gcvu(s) = −G−1
p (s)Grf(s)Gpv(s). (6.4.41)

This holds for a minimum phase process. For non-minimum processes only the in-

vertible process part can be compensated, see (6.4.24) and (6.4.25).
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Fig. 6.4.6. Combinations of feedback and feedforward control for. a external process distur-

bances. b Setpoint changes w.

Example 6.3 (Dynamic feedforward control for a disturbance variable as input).
As in Example 6.1 a second order process Gp(s) is assumed and a disturbance be-

havior

Gpv(s) =
Kpv

1 + T3s
.

Then, a realizable feedforward controller becomes
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Gcvu(s) = − (1 + T1s)(1 + T2s)

Kp(1 + Tr1s)(1 + Tr2s)

Kpv

(1 + T3s)
.

If Tr1 = T2 is selected, it follows

Gcvu(s) = −Kpv

Kp

(1 + T1s)

(1 + Tr2s)(1 + T3s)

which is a proportional-derivative (PD) element with two lag time constants. A sim-

plification is obtained by assuming Tr2 � T1

G′′
cvu(s) = −Kpv

Kp

(1 + T1s)

(1 + T3s)

resulting in a PD element with a time lag.

�

If the disturbance behavior Gpv(s) is dynamically faster than the manipulated be-

havior Gp(s), the feedforward controllers approximately result in a proportional-

derivative (PD) behavior and if both have the same order of the denominator approx-

imately P behavior is sufficient, assuming low-pass processes.

In many cases, the overall control performance can be improved significantly by

by combining feedback and feedforward control, as illustrated in Fig. 6.4.6a). In the

case of a disturbance v(t) the closed loop just has to compensate remaining control

errors resulting from the non-ideal feedforward control and other disturbances. How-

ever, the feedforward control should be designed by taking the closed-loop behavior

into account, as shown in Isermann (1991), Chap. 17, e.g. by a sequential procedure

with mutual optimization of the feedforward and feedback controller.

The feedforward control can also be applied for reference variables or setpoints
as inputs of a closed loop, as shown in Fig. 6.4.6b). This case belongs to servo
control systems, where a drive system has to follow precisely setpoint changes. In

this context the control of combustion engines and vehicles can be considered as a

servo-control problem. An ideal feedforward control, by by-passing the controller

Gc is then obtained from

y(s)

w(s)
= Gcwu(s)Gp(s) = 1 (6.4.42)

and thus

G′
cwu(s) =

uff(s)

w(s)
= G−1

p (s) (6.4.43)

or with a realizability filter

Gcwu(s) = G−1
p (s)Grf(s). (6.4.44)

In case of an almost perfect feedforward control the control error e(t) is very small

for reference variable changes and just simple feedback controllers are good enough

to reach a good control performance. (This will be used in Sect. 8.5 for charging

pressure and air mass control).
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Example 6.4 (Dynamic feedforward control for a reference variable as input).
Using the second order process of Example 6.1 a realizable feedforward controller

becomes

Gcwu(s) =
uff(s)

w(s)
=

(1 + T1s)(1 + T2s)

Kp(1 + Tr1s)(1 + Tr2s)

which is the same as in Example 6.1. Applying Tr1 = T2 leads to

Gcwu(s) =
1

Kp

(1 + T1s)

(1 + Tr2s)

i.e. a PD element with a time lag.

�

Because of the resulting differential (D) behavior the signal dw(t)/dt is propor-

tionally acting on the manipulated variable and therefore Gcwu(s) is also called a

“speed adding” by-pass element. An additional effect for the case of a ramp input

dw(t)/dt = const. is that the otherwise arising offset e(t) = w(t) − y(t) vanishes

for t → ∞.

c) Multi-variable control

If closed control loops are mutually coupled, as shown in Fig. 6.4.7, their interac-

tions have to be taken into account. There exist a great variety of multi-variable

process structures. However, in many cases these structures can be transformed into

some basic standard canonical structures, such as P-, V-, or H-canonical structures,

Mesarovic (1960), Fisher and Seborg (1976).

Figure 6.4.7 depicts a P-canonical structure for a two-input two-output process.

For example, the coupled charging pressure and air mass control of diesel engines

shows this structure, see Fig. 8.5.2. The process transfer functions can then be stated

in matrix notation [
y1(s)
y2(s)

]
=

[
Gp11(s) Gp21(s)
Gp12(s) Gp22(s)

] [
u1(s)
u2(s)

]
y = G(s) u(s).

(6.4.45)

The properties of two-variable control systems with main controllers GC11(s),
GC22(s) and coupling controllers GC12(s), GC21(s) are discussed in Isermann

(1991). They depend especially on the dynamic coupling factor

κ(s) =
G12 G21

G11 G22
. (6.4.46)

For example, the resulting eigenvalues depend on this coupling factor. For a negative

static coupling κ0(0) < 1 the gain of one process part, e.g. G11, increases by closing

the other loop with GC22(s) and the gain of GC11(s) must be reduced. Another prop-

erty is that if the coupling elements are fast, then a fast coupled loop 2 has a stronger
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effect on y1 than a slow one. Also the location of external disturbances and a diff-

erent or simultaneous change of reference variable have an influence on the control

behavior. Depending on these properties the main controllers reinforce or counteract

each other. If they counteract (disturb) each other, the coupling controller should be

designed in a decoupling way. However, because of the many possibilities, multi-

variable control systems should be designed for the special case and for the main

external exciting variables. A rigorous treatment of multi-variable control systems is

possible in state-space representation. The discussed transfer-function approach has

the advantage to be more transparent.

w1

Gc11
Gp11

y1
u1

Gp12Gc12

Gc21
Gp21

Gp22Gc22

y2
u2w2

Fig. 6.4.7. Two-variable process in P-canonical structure, main controllers and interaction

(coupling) controllers.

6.5 Nonlinear static engine feedforward control

The multi-variable structure of internal combustion engines requires the implemen-

tation of nonlinear multi-input multi-output (MIMO) control functions or at least

several multi-input single-output (MISO) control algorithms. Therefore it is of in-

terest in which digital-computer-oriented structure these control functions can be

realized. As these control functions are usually developed after measurement of the

engine’s behavior (engine identification), multi-variable engine models are obtained

in a first step. In a second step they are used for the design of multi-variable con-

trol functions. Hence, the control-algorithm design has to be considered together

with the engine model structures. In order to obtain a modular, transparent struc-

ture, multi-input single-output (MISO) representations are preferred and considered

subsequently.
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The most frequently used representations for the stationary nonlinear behavior

of engines are look-up tables or grid-based maps. Alternatives are polynomials or

net based models, like special neuronal networks. Dynamic feedforward control is

required for the dynamically delayed engine process parts, like the air path, EGR

path and turbochargers. This section considers basic feedforward control functions.

6.5.1 Look-up tables

Look-up tables are the most commonly applied representations of linear and nonlin-

ear stationary (static) relations between one or two input variables and one output

variable. As already noted in Sect. 3.1.1, their advantages are the simplicity, easy

readability, and the relatively low computational demand for storing and reading.

The identification consists in the simplest case in storing the measured outputs at

grid positions or grid nodes, representing input data. However, they are basically re-

stricted to one or two inputs. For higher-dimensional representations usually several

low-dimensional look-up tables have to be combined.

In the following one- and two-dimensional look-up tables, their interpolation and

representation with basis functions are considered. A parameter estimation allows to

determine look-up table presentations for the cases that the measurements are not

made at the grid positions, the number of grid points has to be reduced or for noisy

measurements. Then, an extension to multi-inputs and methods for the optimization

of the grid structure are described.

a) One-dimensional look-up tables

A nonlinear characteristic for one output y dependent on one input u

y = f(u) (6.5.1)

is represented by a one-dimensional map at specified discrete inputs ui

u1 = c1 , u2 = c2 , . . . , uM = cM (6.5.2)

such that the function (6.5.1) is sampled and results in values yi = wi

w1 = f(c1) , w2 = f(c2) , . . . , wM = f(cM ) (6.5.3)

as depicted in Fig. 6.5.1. These discrete outputs wi are also called heights and are

stored in the memory of the ECU for the input axis points ui = ci. They result,

for example, directly from measurements or indirectly from the evaluation of an

intermediate representation. If output values are required between the stored input

axis points, a linear interpolation with two neighboring values is applied.

y(u) =
wi−1(ci − u) + wi(u− ci−1)

ci − ci−1
(6.5.4)
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Fig. 6.5.1. One-dimensional look-up table y = f(u). a sample points and linear interpolation,

b basis functions.

such that y(ui−1=ci−1)=wi−1 and y(ui=ci)=wi and ci−1 ≤ u ≤ ci. This means

that the characteristic between the input axis points is approximated by straight lines,

see Fig. 6.5.1a).

Another representation of the one-dimensional look-up table follows after intro-

ducing triangular basis (or weighting) functions, such that

y(u) =
M∑
i=1

wiφi(u, c) (6.5.5)

where

cT =
[
c1 c2 . . . cM

]
(6.5.6)

are the discrete input values and the basis functions are

φi(u, c) =

⎧⎪⎨⎪⎩
(u− ci−1)/(ci − ci−1) for ci−1 ≤ u ≤ ci

(u− ci+1)/(ci − ci+1) for ci < u ≤ ci+1

0 otherwise.

(6.5.7)

These basis functions are then triangles with the peak φi(u, ci) = 1 at the center ci
as shown in Fig. 6.5.1b). They determine the weighted influences of the height wi at

ci on the output value y(u).
In order to determine the output y(u) for ci−1 ≤ u ≤ ci two neighboring values

wi−1 and wi are weighted according to

y(u) = wi−1φi−1(u, ci, ci−1) + wiφi(u, ci, ci−1)

= wi−1
ci − u

ci − ci−1
+ wi

u− ci−1

ci − ci−1
.

(6.5.8)

The output y therefore depends only on two basis functions and for the sum of the

weights follows
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M∑
i=1

φi(u, c) = 1. (6.5.9)

As (6.5.8) and (6.5.4) are identical, the triangular basis functions provide a linear

interpolation between two output heights wi and wi−1.

The characteristic in Fig. 6.5.1 is represented with equidistant input axis points

ci. In order to adjust the resolution to a nonlinear course of y = f(u) the axis points

can also be distributed non-uniformly. The triangular basis functions then become

asymmetrical, see e.g. Nelles (2001).

b) Two-dimensional look-up tables and their optimization

The one-dimensional look-up table is extended to two inputs by using a grid with

two inputs u1 and u2, see Fig. 6.5.2. The usually nonlinear function

y = f(u1, u2) (6.5.10)

is represented by a two-dimensional map at the discrete input grid points (nodes)

u = [u1,i u2,j ]

u1,1 = c1,1 , u1,2 = c1,2 , . . . , u1,M1 = c1,M1

u2,1 = c2,1 , u2,2 = c2,2 , . . . , u2,M2 = c2,M2

(6.5.11)

such that the function (6.5.10) is sampled and results in values (heights)

yi,j = wi,j i = 1 . . .M1, j = 1 . . .M2. (6.5.12)

Hence, N = M1M2 output values have to be stored for two inputs and one output. If

the output values have to be determined between the grid points a bilinear interpola-

tion is applied, see Fig. 6.5.2, Hoschek and Lasser (1993), Schmitt (1995). Using the

surrounding output values the four grid points are weighted with the opposite areas

according to

y(u1, u2) =(wi,j ai+1,j+1 + wi+1,j ai,j+1 + wi,j+1 ai+1,j + wi+1,j+1 ai,j)

/(ai+1,j+1 + ai,j+1 + ai+1,j + ai,j)

(6.5.13)

with the areas 1 to 4

ai+1,j+1 = (c1,i+1 − u1)(c2,j+1 − u2)

ai,j+1 = (u1 − c1,i)(c2,j+1 − u2)

ai+1,j = (c1,i+1 − u1)(u2 − c2,j)

ai,j = (u1 − c1,i)(u2 − c2,j).

(6.5.14)

A linear interpolation cannot be realized because the four heights generally do not

lie on a plane. However, the axis parallel cuts through the bilinear interpolation are

linear functions, Nelles (2001).
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The two-dimensional look-up table can also be represented in the form of basis

functions

y(u) =
M1∑
i=1

M2∑
j=1

wi,jφi,j(u, c). (6.5.15)

Each output value obtains a basis function with the same dimension as the input grid,

similar to the one-dimensional case. For p = 2 inputs the basis functions are two-

dimensional pyramids on the interpolation area with the vertices wi,j at ui,j = ci,j ,

see Fig. 6.5.3. They are only non-zero within the interpolation area c1,i < u1 <
c1,i+1, c2,j < u2 < c2,j+1.

u1
u2

y

bilinear
interpolation

1
2

3
4

5

6
7

8
921

22
23

24
25

10
16

17
18

19
20

11
12

13
14

15

Fig. 6.5.2. Two-dimensional look-up table for two inputs y = f(u1, u2).

u

c

area 1area 2

area 4 area 3

2

2, +1j

wi j, +1

u 2
c2, j

u1u1c1, j c1, +1j

wi j+1, +1

wi j, wi j+1,

Fig. 6.5.3. Scheme for the bilinear interpolation of a two-dimensional look-up table.

The accuracy of look-up tables representations depends on the number of grid

points. For equal samples M1 = M2 on each of the two axes they grow quadratically
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with the number of positions per input axis. In the case of smooth surfaces a small

number of data points is sufficient, while for stronger nonlinear behavior a finer grid

has to be chosen. The area interpolation is based on the assumption that all data point

heights are available in the whole range. However, this condition is sometimes not

satisfied, such that extrapolation may be required.

If the measurements of the output y(u1, u2) are precisely at the nodes of the

assumed grid u1,i = c1,i and u2,j = c2,j , then the measured outputs wi,j = yi,j
can be stored directly and represent the look-up table. However, if the number of

nodes has to be reduced to save memory space or if the measurements are noisy the

heights have to be optimized by applying parameter estimation. This is also required

if the measurements y(u) are not available on the nodes of the assumed grid for

any u1 or u2. Therefore the optimization of the look-up table heights is considered

subsequently.

It is now assumed that L measurements of the process output are made

yT
p (u) =

[
y(1), y(2), . . . , y(L)

]
(6.5.16)

for Q different combinations

UT =
[
u(1), u(2), . . . , u(L)

]
(6.5.17)

of the input

uT =
[
u1,i u2,j

]
(6.5.18)

and the look-up table heights wi,j have to be estimated.

The basis-function representation relates the given inputs with the measured out-

puts according to (6.5.15) or if the nodes are now numbered sequentially as shown

in the grid of Fig. 6.5.2

cTN =
[
c1, c2, . . . , cN

]
(6.5.19)

with N = M1M2 by

y(u(i)) =
N∑

ν=1

wνφν(u(i), c). (6.5.20)

Turning into vector notation yields

y = Xw (6.5.21)

with the regression matrix

X =

⎡⎢⎢⎢⎣
φ1(u(1), c) . . . φN (u(1), c)
φ1(u(2), c) . . . φN (u(2), c)

...
...

φ1(u(L), c) . . . φN (u(L), c)

⎤⎥⎥⎥⎦ (6.5.22)

and the parameter vector

wT =
[
w1, w2, . . . , wN

]
. (6.5.23)
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Taking into account output disturbances

yp = yu + n (6.5.24)

the process model becomes

yp = Xw + n (6.5.25)

which leads to an equation error

e = yp −Xŵ (6.5.26)

where ŵ are the look-up table parameters to be estimated. As the equation error e is

linear in the parameters ŵ, minimization of the loss function

V = eTe (6.5.27)

(sum of squared errors) allows to apply the least squares parameter estimation in the

direct form

ŵ = [XTX]−1XTyp (6.5.28)

see e.g. Isermann and Münchhof (2011). One assumption for a unique solution is that

the number of measurements L is equal or larger than the number N of parameters:

L ≥ N . However, the regression matrix is sparse, as each row of X contains only

22 = 4 non-zero elements. According to the bilinear interpolation, see (6.5.15) and

(6.5.13), only four basis functions are activated, see Fig. 6.5.3. If the measurement

data does not fill the whole input space, some basis functions will not be activated and

X will contain zero columns and becomes singular. In this case the corresponding

basis functions and heights have to be removed.

c) Regularization of look-up table identification

Depending on the process and the measurement design, there might be grid points in

the lattice structure which are not or only weakly excited. This can either be due to

constraints of the process if several grid points are not reachable or due to a poor dis-

tribution of the measurement points. If grid points are not excited, the corresponding

heights cannot be estimated. If grid points are weakly excited, the input matrix X is

ill-conditioned and sharp differences in the grid point heights can occur, as can be

seen in the identified two-dimensional base look-up table in Fig. 6.5.4a) for a torque

model.

To avoid these sharp differences and to enable the estimation of not excited grid

points, a regularization is introduced, Sequenz (2013). This regularization smooths

the look-up table and estimates the heights of not excited grid points by penalizing

the differences to neighboring grid point heights.

The differences of grid point heights to neighboring grid point heights can be

penalized by appending several rows to the input matrix X of (6.5.22) and the output

vector y of (6.5.16) by
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Fig. 6.5.4. a Identified look-up table for the torque of a 1.9 l CR-Diesel engine without regular-

ization and b with regularization. Training data is plotted as crosses. Sharp differences occur

in regions with insufficient excitation, due to missing measurements or poor grid point distri-

butions. The distribution of grid points is indicated by the lattice in the neng, uinj-plane. The

engine speed neng and the injection quantity uinj are given in rpm and mm3/cyc respectively,

Sequenz (2013).

Xreg =

(
X
λΓ

)
, yreg =

(
yp

0

)
(6.5.29)

with the additional rows

λΓ =

⎛⎜⎜⎜⎝
2λ −λ 0 0 . . . −λ 0 0 . . .
−λ 3λ −λ 0 . . . 0 −λ 0 . . .
0 −λ 3λ −λ . . . 0 0 −λ . . .
...

...
...

... . . .
...

...
... . . .

⎞⎟⎟⎟⎠ (6.5.30)

and the regularization parameter

λ ∈ [0, ∞]. (6.5.31)

The degree of regularization depends on the parameter λ. The larger λ is chosen the

smoother the look-up table. λ = 0 corresponds to the non-regularized solution. In the

two-dimensional case, each grid point has two, three or four neighbors, depending on

the location of the regarded grid point. A corner grid point has two neighbors, a grid

point on the edge three and a grid point in the interior of the lattice four neighbors.

(6.5.30) shows the regularization for the first three grid points starting with the grid

point in the lower left corner. Applying this regularization, the identification of grid

point heights remains a linear problem, wherefore the solution is given analog to

(6.5.28) by

ŵreg =
[
XT

regXreg

]−1

XT
regyreg. (6.5.32)

It is further possible to use different smoothing parameters in each dimension, λ1

and λ2 respectively. An interior grid point of the lattice is then smoothed by
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Xreg =

⎛⎝ . . . . . . . . . . . . . . . . . . . . . . . . . . .
. . . −λ2 . . . −λ1 2λ1 + 2λ2 −λ1 . . . −λ2 . . .
. . . . . . . . . . . . . . . . . . . . . . . . . . .

⎞⎠ and yreg =

⎛⎝ . . .
0
. . .

⎞⎠ .

(6.5.33)

The performance of the regularization can be seen in Fig. 6.5.4. The sharp differences

of the non-regularized look-up table are smoothed. The regions where no measure-

ments are available are also well extrapolated. This illustrates the necessity of a regu-

larization, if the measurements are not given on the grid points. The non-regularized

solution then highly reacts on noisy measurements.

The desired degree of smoothness is different for each process. It can be ad-

justed by the heuristic determination of the regularization parameter λ. Since the

regularization of (6.5.29) leads to a linear solution, (6.5.32), several values of λ can

easily be tested. The selection of λ does however depend on the number of measure-

ments since the influence of the additional rows in Xreg decreases with an increase

of the number of measurements. It is therefore recommended, Pukelsheim (2006),

to calculate λ via the determination of the measurement independent regularization

parameter λ̃ ∈ [0,∞] by

λ = λ̃

√
trace(XTX)

trace(ΓTΓ)
. (6.5.34)

A closer look at the additional rows in (6.5.30) further shows, that these correspond to

a directional derivative of second order in each dimension. Hence, the regularization

penalizes the bending of the look-up table and can therefore also be interpreted as

Tikhonov regularization, see Press et al (2007), Tikhonov and Arsenin (1977).

d) Multi-dimensional look-up tables

The look-up-table representation can mathematically be extended to several input

variables uν , ν = 1, . . . , p,

y = f(u) = f(u1, u2, . . . , up). (6.5.35)

The output then depends on all combinations of the input values such that the number

N of stored values for Mi samples per input grows exponentially

N =

p∏
i=1

Mi. (6.5.36)

Figure 6.5.5 indicates this exponential growth assuming the same number for all axis

points, such that N = Mp. Hence, the look-up-table representation is just feasible

for a relatively low number of inputs.

The basis function representation for p > 2 then follows (6.5.20), but as the grid

vector (6.5.19) has the dimension N it grows exponentially according to (6.5.36). For

the parameter estimation (6.5.28) with (6.5.16) and (6.5.22) can be applied, however,

expanded with the higher dimension N . The number of measurements also has to be

L ≥ N .
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Because multi-dimensional look-up tables are not transparent and not suitable for

easy interpretable graphical presentations, in practice, the look-up tables are limited

to two dimensions. An alternative that allows more than two inputs is to combine

several 2D-look-up tables.
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Fig. 6.5.5. Number of look-up table output values N , in dependence on the number p of inputs

uν and the number M of discrete axis points.

e) Optimization of the grid

The equations for the look-up table output (6.5.13) and (6.5.15) show that the model

output is linear in the heights wi,j and nonlinear in the grid positions c. Therefore the

heights could be optimized using linear methods, as treated with LS estimation acc-

ording to (6.5.28) for given and fixed grid positions u. However, if the grid positions

c have to be optimized, this becomes a nonlinear optimization problem.

The optimization of the grid positions may be required if the measurement data

are not evenly distributed over the input space or if the number of stored grid heights

should be reduced to save memory space, Nelles and Fink (2000a). Nelles and Fink

(2000b) have developed a nested optimization, where the variation of position and

optimization of the heights are performed sequentially (LUTOP toolbox), see also

Fink (2006).

f) Representation of multi-dimensional functions with two-dimensional look-up
tables

Multi-dimensional static functions can be represented by appropriate combinations

of two-dimensional look-up tables. One may distinguish additive, multiplicative and
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y = f(u1, u2, u3, u4) (6.5.37)

is considered as an example, Sequenz (2013). An additive structure results if several

two-dimensional look-up tables are added with their outputs, see Fig. 6.5.6. Each

look-up table has two inputs and one output such that, for example

y = ybase+Δy1+Δy2 = fbase(u1, u2)+fcorr1(u1, u3)+fcorr2(u1, u5). (6.5.38)

One input can be the same for several look-up tables, expressing the dependence on

one variable of the operation point like u1 = ωeng. The identification is performed

first with the two inputs resulting in the best overall model performance, e.g. u1, u2.

This look-up table is used as a basis to determine a first residual

r1 = y − fbase(u1, u2). (6.5.39)

Then the best input combination (u1, ui) or (u1, uj) is determined and r1 is used to

identify a first correction look-up table, e.g.

Δy1 = fcorr1(u1, u3) (6.5.40)

by a separate experiment or calculation changing the inputs u2 and u3 for each grid

point u1, u2. This is repeated with other inputs, thus leading to the additive structure

depicted in Fig. 6.5.6 (with a fifth input u3).

An alternative is to identify (6.5.37) with a simultaneous excitation of all inputs

and to determine fbase(u1, u2) as an approximation by regression. Then, (6.5.40) is

applied and the first correction look-up table is specified, etc.

For a multiplicative structure several two-dimensional look-up tables are multi-

plied at their outputs, see Fig. 6.5.7. The base look-up table

y1 = fbase(u1, u2) (6.5.41)

is then multiplied with the output of the first correction look-up table

Δy1 = fcorr1(u2, u3). (6.5.42)

The residual for the determination of the first correction look-up table is

r1 = y/fbase(u1, u2). (6.5.43)

This procedure is repeated with other correction look-up tables thus leading to a

multi-dimensional function

y = ybase ·Δy1 ·Δy2 = fbase(u1, u2) · fcorr1(u1, u3) · fcorr2(u1, u4). (6.5.44)

A nested structure is obtained if the output of one look-up table y1 = fbase(u1, u2)
is used as input for a correcting look-up table y2 = fcorr1(y1, u3) together with a

new input u3, as depicted in Fig. 6.5.8. This yields
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y2(u1, u2, u3) = fcorr1(fbase(u1, u2), u3). (6.5.45)

A next input u4 then needs a further correction look-up table y3 = fcorr2(y2, u4) and

the output then becomes

y(u1, u2, u3, u4) = fcorr2(fcorr1(fbase(u1, u2), u3), u4). (6.5.46)

A disadvantage of this structure is that the outputs y1, y2, . . . have to be subdivided

in new discrete points.

A further possibility is a global-local structure or a look-up table in look-up table

structure as shown in Fig. 6.5.9. This means that at the grid points of a global base

look-up table

y = fbase(u1, u2) (6.5.47)

another local look-up table is arranged

Δy1 = fcorr1(u3, u4). (6.5.48)

The base look-up table in basis function representation according to (6.5.20) is then

described by

y =
N∑

ν=1

φν(u1, u2)wν (6.5.49)

and the grid points wν are not constants but depend on another look-up table wν =
Δy1 due to (6.5.48). This leads to

y(u1, u2, u3, u4) =
N∑

ν=1

φν(u1, u2)fcorr1,ν(u3, u4). (6.5.50)

The outputs of the local look-up tables are thus weighted by a bilinear interpolation.

This representation is suited for combustion engines where u1 = uinj and

u2 = neng determine the global operating point and u3 and u4 are additional, local-

manipulated variables such as u3 = uvgt and u4 = uegr.

u2

u1

u3

u1

u4

u1

ybase ybase map

�y1 �y2

corr. map corr. map

Fig. 6.5.6. Additive structure of multi-dimensional functions with 2D-look-up tables.
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Fig. 6.5.7. Multiplicative structure of multi-dimensional functions with 2D-look-up tables.
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Fig. 6.5.8. Nested structure of multi-dimensional functions with 2D-look-up tables.
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Fig. 6.5.9. Global-local structure. At each grid point (u1, u2) of the global look-up table local

look-up tables with own grid points (u3, u4) are placed.

g) Inversion of look-up tables

The application of nonlinear static models y = f(u1, u2) frequently requires an

inversion of the inputs and outputs like

u2 = f−1(u1, y) (6.5.51)

for the feedforward control of, e.g. the injection mass u2 = uinj in dependence on

the required torque y = Meng and speed u1 = ωeng. An unique inversion is possible

under the condition that the look-up table heights wi, see (6.5.3), for fixed u1 are a

monotonic function

wi,j < wi,j+1 (or wi,j > wi,j+1) ∀j ∈ 1 . . .M2. (6.5.52)

A first possibility to invert a two-dimensional look-up table is to represent the data of

the look-up table in the form of (6.5.51) and to identify a new inverted look-up table

u2 = g(u1, y) (6.5.53)

with the least squares estimation method (6.5.28).
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Another way is an inverse evaluation of characteristics. For a given input u1,

the look-up table yields the characteristic y = fu1(u2). If u1 is not on the selected

grid points, a linear interpolation according to (6.5.4) has to be applied. With the

assumption of a monotonic function the values of the inverted characteristic

u2 = f−1
u1 (y) (6.5.54)

can directly be determined after discretizing y and stored with different values for u1

as inverted look-up table (6.5.51).

The identification of a new inverted look-up table may include some small app-

roximation errors because of the applied parameter-estimation method, depending

on the number of grid points and the available heights y. The inverse evaluation of

characteristics does not include estimation errors and is therefore a precise inversion.

h) Use of inverted look-up tables for feedforward control

If the output y is the controlled variable, like the torque of a gasoline engine

Mi = f(mair, n) = f(u) (6.5.55)

and u1 = mair (manipulated variable) and u2 = n (operating point) are two main in-

puts, compare Fig. 7.1.1, then the torque model M(u) has to be inverted to determine

the desired air charge

mair,d = f−1(Mi, n) (6.5.56)

see Fig. 7.1.3. In this look-up table model the torque M and the speed n are the two

inputs and the air mass mair,d is the output (reference variable) for the feedforward

control of the torque, compare Fig. 6.5.10 and the inverted look-up table blocks in

Figs. 7.1.3 and 7.1.5.

y M=

u n=2

u m=1 air

y M=

u n=2

u m=1 aira) b)

Fig. 6.5.10. Static feedforward control with look-up tables. a engine model M = f(mair, n).
b feedforward control mair = f−1(M,n).

The other main manipulated variables are the result of an optimization applying,

e.g. multi-criteria as described in Sects. 6.8 and 6.9 and are stored in look-up tables

mf(mair, n), ϕf(mair, n), ϕign(mair, n)
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see also Sect. 7.1. The torque model (6.5.55) is valid for these optimal values. If

there are deviations from these optima, correction look-up tables are used as shown

in Fig. 7.1.1.

The inner torque, which is required to determine the air charge then follows from

(7.1.6)

Mi =
1

ηληign
Mi,corr

Mi,corr = Meng +Mdrg.

(6.5.57)

Figure 6.5.11 shows the look-up tables for the torque M(αth, n) and the inverted

look-up table αth = f−1(M,n) as an example.

The torque-oriented control of diesel engines is based on the internal torque

model, the base look-up table

Mi = f(uinj, neng) (6.5.58)

see Fig. 8.1.1. The injected fuel mass then follows from the inverted look-up table

mf =̂ uinj = f−1(Mi, neng) (6.5.59)

as shown in Fig. 8.1.3. For the base look-up table Mi it is assumed that all other influ-

encing variables are optimized, such that a multi-criterion is satisfied or Mi reaches a

maximum. Deviations from this optimal look-up table are taken into account by corr-

ection look-up tables. Figure 6.5.12 depicts the signal flow structure, which shows

multiplicative correction maps for ϕmi, p2i, mair and T2i. To obtain the torque at the

clutch, the drag torque Mdrg is subtracted, such that

Meng = Mi,eff −Mdrg = Miη1η2η3η4 −Mdrg. (6.5.60)

Now, two possibilities are considered to determine the torque at the clutch Meng for

different correction factors and then to determine the required injected fuel mass, see

Sequenz (2013) and Sequenz et al (2012).

• Successive variations
The practical approach begins with the determination of the drag torque look-up

table. The effective inner torque Mi,eff is then known after measurement of Meng,

compare Fig. 6.5.12. For the optimized torque Mi it holds η = 1 and therefore

Mi = Mi,eff(uinj, neng) can be stored as base look-up table. Then, the correc-

tion look-up tables η1 = f(ϕmi, neng) etc. are determined one after another by

variations around the optimized grid points of the base look-up table. Then, the

torque at the clutch follows with (6.5.60) to Meng(uinj, neng).

• Simultaneous variations
Alternatively all inputs

uT =
[
uinj, neng, mair, p2i, ϕmi, T2i

]
(6.5.61)
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Fig. 6.5.11. Torque look-up tables of a 2.5 l gasoline engine. a measured look-up table M =
f(αth, n). b inverted look-up table αth = f−1(M,n).

can be excited simultaneously to determine Meng(u). After adding the drag

torque due to (6.5.60) one obtains

Mi,eff = f(u). (6.5.62)

Then, based on the measurements, M∗
i (uinj, neng) is identified by parameter es-

timation. Using the residuals (6.5.43) the correction look-up tables η∗1 to η∗4 are

identified. These efficiency or correction factors are then normalized

η1 =
η∗1

max η∗1
, η2 =

η∗2
max η∗2

, . . . (6.5.63)
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to obtain values ηi ≤ 1. The base look-up table is corrected due to

Mi(uinj, neng) = M∗
i (uinj, neng)(max η∗1) . . . (max η∗4) (6.5.64)

and yields the base look-up table (6.5.58).

Now, the inversion of the look-up tables to determine the required injected fuel

rate uinj for a given neng and given torque request at the clutch is considered. This

uinj is contained in Mi and Mdrg. As both are monotonic functions, the inversion

is possible. Then the outputs of the correction look-up tables are determined and

concentrated to one value

η = η1 η2 η3 η4. (6.5.65)

This leads to the torque at the clutch

Meng(uinj, neng) = Mi(u)η −Mdrg(uinj, neng). (6.5.66)

With neng and η given from the current operating conditions this simplifies to a

characteristic curve Meng = ϕ(uinj) which is inverted to uinj = f−1(Meng) as

shown in Fig. 6.5.13.
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correct. map correct. map

correct. map correct. map
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	1 	2

mair

	3 	4

neng

T2i

neng uinj

Mi,eff

neng

p2i

Meng

Mdrg

drag torque

Fig. 6.5.12. Torque look-up tables for a diesel engine with 6 input variables: base map, cor-

recting maps and drag torque map.

uinja) b) c) d)
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-Mdrg
Mi

	
M 	i Meng

neng

neng uinj

Fig. 6.5.13. Inversion of the torque look-up table of a diesel engine. a Basis map

Mi(uinj, neng). b Multiplication with correcting factor η. c Subtraction of drag torque. d
inverse evaluation of the torque characteristic uinj = f−1

n (Meng).
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6.5.2 Polynomial models

An alternative to the nonparametric look-up tables is a parametric model like a poly-

nomial which yields

Y = K0 +K1U +K2U
2 + . . .+KqU

q =

q∑
i=0

KiU
i (6.5.67)

or

Y = UK

U =
[
1 U U2 . . . U q

]
KT =

[
K0 K1 K2 . . . Kq

] (6.5.68)

for one input U and one output Y .

The identification of this model from measurements was already discussed in

Sect. 3.1.2. For two inputs U1 and U2 and one output Y the polynomial model be-

comes

Y = K0 +K1U1 +K11U
2
1 + . . .

+K2U2 +K22U
2
2 + . . .

+K12U1U2 +K122U1U
2
2 +K112U

2
1U2 + . . .

(6.5.69)

As a control function has to invert these polynomials, direct solutions are only acc-

essible for low orders. For q = 2 the solution of (6.5.67) is

U =

(
−K1 ±

√
K2

1 − 4K2(K0 − Y )/ 2K2

)
. (6.5.70)

For higher orders q and several inputs Ui the direct use of polynomial models is

not suitable. If polynomial models are used for the identification of engines, a more

feasible way is to transform them into look-up tables and then to use the look-up

tables for the calculation of the manipulated variables Ui as in the last section.

Another way is to use an approximation of the inverse of (6.5.67) in form of

U = κ0 + κ1Y + κ2Y
2 + . . .+ κqY

q (6.5.71)

based on a new parameter estimation with the measured inputs and outputs. In the

case of two inputs this becomes, e.g.

U1 = κ0 + κ1Y + κ11Y
2 + . . .

+ κ2U2 + κ22U
2
2 + . . .

+ κ12Y U2 + κ122Y U2
2 + κ112Y

2U2 + . . .

(6.5.72)

and similarly for U2.

However, in general the generation of look-up tables is an easier and general

applicable way.

366 6   (nJinH�controO 0HtKodV Dnd &DOiErDtion



6.5.3 Comparison of nonlinear model structures

Model-based engine-control methods require the implementation of nonlinear mod-

els. Therefore, it is of interest how the different approaches compare with regard

to their accuracy and computational demand. A comparison for static models with

look-up tables, LOLIMOT and LOPOMOT structures was conducted by Sequenz

and Isermann (2011), Sequenz et al (2012) for an NOx model in dependence on four

inputs

ṁNOx = f(mair, p2i, ϕmi, T2i) (6.5.73)

for 21 fixed operating points (uinj, neng).

The look-up table was identified in a nested, multiplicative form of two-dimen-

sional look-up tables

ṁNOx = fbm(mair, ϕmi) · fcor1(mair, p2i) · fcor2(mair, T2i). (6.5.74)

The axis-orthogonal partitioning of the global-local LOLIMOT approach was limited

to ten. For the LOPOMOT model the maximal order of the polynomial is three and

no further partitioning is required.

Table 6.5.1 represents the obtained model accuracy for training and verification

by comparing the coefficient of determination R2. All models attain a good approxi-

mation of the real data, as R2 > 0.99 for the training data. Also the validation results

with other data than for training are acceptable with R2 > 0.98. The look-up tables

suffer from its equidistant distribution of grid points. Only a minor part of the grid

points are in the relevant region of the local model. This is a consequence of the

common selection of grid points for high and low load.

To compare the required computing time the number of floating-point opera-

tions (FLOPs) is counted and it is distinguished between multiplications ’∗’, summ-

ations ’+’ and evaluation of exponential functions ’exp’. Corresponding numbers

are given in Table 6.5.2. The look-up tables require the smallest number of calcu-

lations, LOLIMOT requires about two times more and the local polynomial models

LOPOMOT about the same as look-up tables.

The memory demand is determined by the number of parameters which have to

be stored for a complete model. This is the number of unknowns which are identified

at model training. Some additional parameters are required for the model structure,

as the grid positions for look-up tables, the standard deviations and centers for each

LOLIMOT partition model, and limitation values for LOPOMOT. Table 6.5.3 indi-

cates that look-up tables require the highest number of stored parameters, due to the

equidistant distribution of grid points, also in areas not required. LOLIMOT needs

significantly less parameters to be stored. One reason is the adaptation of the model

structure to possible local linear areas. However, additional parameters are neces-

sary for the adaptation of the model structure. The smallest number of parameters is

required for LOPOMOT. However, the bad extrapolation is a weak point.

In addition, Kernel methods were also compared. However, they show the highest

number of operations and memory space and seem, therefore, not to be attractive

candidates.
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Hence, look-up tables are still advantageous for the representation of multidi-

mensional nonlinear static functions with regard to small computation time and if

the grid points are concentrated in the regions of interest. The local polynomial mod-

els with axis-orthogonal partitioning lead to small computation times and relatively

small memory demand as well. The advantage of LOLIMOT models is their flexi-

bility for many kinds of nonlinear static functions and their direct extension to dy-

namic models. However, the final use of the models and especially the realization

and implementation of inverse models for control play a decisive role, as discussed

in Sects. 6.5.1g) and 6.5.2.

Table 6.5.1. Model accuracies for different nonlinear static model structures of an NOx model.

Averaged values for 21 operating points

Model structure Training Validation

R2 RMSE mg
s

R2 RMSE mg
s

look-up tables 0.991 2.08 0.982 2.56

LOLIMOT 0.992 1.93 0.983 2.38

LOPOMOT 0.996 1.45 0.988 2.08

Table 6.5.2. Floating-point operations (FLOPS) for the global-local calculation of the output

of an NOx model

Additions Multiplications Exponential functions Sum of operations

look-up tables 143 164 - 307

LOLIMOT 346 347 34 727

LOPOMOT 115 216 - 331

Table 6.5.3. Memory demand for different nonlinear static model structures of an NOx model

Identified Additional Sum of

parameters parameters all parameters

look-up tables 6300 40 6340

LOLIMOT 880 1408 2288

LOPOMOT 546 210 756

6.6 Nonlinear dynamic engine control

It is common practice to utilize linear controllers for processes that are nonlinear.

However, this approach yields satisfactory results only as long as the process non-

linearity is weak. This means that for strongly nonlinear processes the design of the

controllers have to take the process nonlinear behavior into account in a suitable way.
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Basically, the nonlinear controllers then include the nonlinear process models.

However, due to the many different structural possibilities of nonlinear relations be-

tween input and output signals of nonlinear processes one cannot expect to operate

with only a few model classes.

In an initial approach nonlinear dynamic processes can be classified with regard

to the possibility to generate derivatives within the nonlinear model. A first class

belongs to processes with continuously differentiable nonlinearities. This property

is, e.g. typical for mechanical processes with nonlinear drive and resistance charac-

teristics, thermal processes with flow velocity dependent heat transfer or chemical

processes with temperature dependent reactions. The specific kind of nonlinearity

appears in the theoretical/physical based process models. To reduce the great variety

of possible model structures approximations are used. Examples for gaining the mod-

els experimentally with identification methods are polynomial models, as Volterra,

Hammerstein, or Wiener models, are treated in e.g. Schetzen (1980), Isermann and

Münchhof (2011) and Sect. 3.2.3.

Non-continuously differentiable nonlinearities appear frequently in mechanical

systems with dry friction and backlash and in electrical systems with magnetization

hysteresis, Isermann (2005). Their models have been successfully applied together

with parameter-estimation methods for the design of adaptive nonlinear controllers

which compensate these nonlinearities at least approximately, Isermann et al (1992).

These models are, e.g. used for the control of actuators and they are not further

considered here.

In the case of continuously differentiable nonlinearities one may distinguish be-

tween global nonlinear controllers and parameter-scheduled linear controllers, see

Fig. 6.6.1. In the first case the controller has an inherent nonlinear behavior which is

based on the nonlinear process model. Because of the many different types of non-

linearities, this approach leads to a large variety of controllers. In the second case

the controller is basically linear and designed for linear process models which are

valid for special operating points. This approach is also known as gain scheduling or

parameter scheduling and belongs to the class of linear-parameter-varying systems.

One advantage is that linear control design techniques for the local linear process

models can be used, altogether leading to a transparent and not too complicated pro-

cedure.

In the following two approaches which are suitable for engine control will be

described briefly, local linear controllers and nonlinear controllers for process parts

with nonlinear static and linear dynamic behavior.

6.6.1 Local linear control

The design of the local linear controllers is based on the LOLIMOT method of pro-

cess identification in Sect. 3.1.3 where locally valid linear submodels are weighted

by validity functions Φi, as in (3.2.54) which becomes for one input U and one output

Y

Y =
M∑
i=1

Φi(z)gi(U) (6.6.1)
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linear
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Fig. 6.6.1. Classification of nonlinear controllers. a global nonlinear controller. b parameter-

scheduled linear controller.

where z describes the operating point i. Based on these local process models, local

linear controllers hi(e) with the control error e = W − Y can be designed. The

manipulated variable then follows with interpolation of the linear controller output

by

U =
M∑
i=1

Φi(z)hi(e) (6.6.2)

i.e. by a weighting of several linear controllers as depicted in Fig. 6.6.2. Another app-

roach is to weight the parameters of the local controllers, Fink (2006), Pfeil (2011).

Sufficient conditions for the stability of these local linear controllers are derived in

Tanaka et al (1998), Cuesta and Ollero (2004).

e u
+

LLC 2

LLC 1

LLCM

�1

�2

�M

Fig. 6.6.2. Local linear controllers with interpolation of subcontroller outputs.

6.6.2 Nonlinear control for static nonlinearities

It is assumed that a nonlinear static behavior of the input, e.g. by an actuator Ga, is

described by a polynomial Su = f(U)

Su = r0 + r1U + r2U
2 (6.6.3)

and is followed by a linear dynamic process part Gpsy

a2Ÿ (t) + a1Ẏ (t) + Y (t) = KpSu(t). (6.6.4)
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This model then has the structure of a Hammerstein model, see (3.2.49).

The static nonlinearity is now compensated by an inverted model U = f−1(Su),
e.g. by solving the quadratic equation of U or using an inverted look-up table. Then

a linear controller Gc can be designed for the linear dynamic model, like a PD con-

troller

S′
u(t) = Kc (e(t) + Tdė(t)) . (6.6.5)

Figure 6.6.3 shows a corresponding signal-flow diagram. This approach of compen-

sating static nonlinearities can be expanded to two-dimensional look-up tables if the

look-up table can be inverted and a unique solution is obtained.

Y
Gc

w
Ga

-1
Su

Ga Gpsy

Su

nonlinear controller nonlinear process

Ue

Fig. 6.6.3. Nonlinear controller for a process with nonlinear input characteristic and linear

process dynamics.

6.7 Digital control

Digital computer controllers and filters operate with sampled input and output sig-

nals. Unlike continuous signals these signals have discrete amplitude values at dis-

crete time points. Amplitude modulated pulse series emerge, for which the pulse

heights are rounded up and down, according to the quantization and resolution

in the A/D- and D/A-converters. If the word length is 16 bits and more, the sig-

nal amplitudes can be considered as continuous. The sampling of the signals is

usually performed periodically with sampling time T0, leading to a discrete time

k = t/T0 = 0, 1, 2, . . . . If the time interval between sampling of input signals and

output signals can be considered small in comparison to the time constants of the

actuators and the process, synchronous sampling of input and output signals can be

assumed.

The development of digital control systems requires the theory of sampled-data

systems, for which special textbooks exist, e.g. Ackermann (1983), Isermann (1980),

Kuo (1995), Åström and Wittenmark (1997), Franklin and Powell (2006).

6.7.1 Sampled-data processing

The signal processing of sampled data needs a special treatment because several

effects arise which are different from continuous-time signals. For example, Shann-

on’s sampling theorem shows that side spectra appear at the sampling frequencies
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ω0 = ν2π/T0, ν = 1, 2, . . . and that therefore the sampling frequency has to be

chosen

ω0 > 2ωmax

where ωmax is the maximal frequency of interest. In the following some few basics

for sampled data systems are summarized, for details, see e.g. Isermann (1989).

Usually a sampler is followed by a holding element. A holding element holds

the sampled signal x(kT0) for one sampling interval such that staircase signals m(t)
result. If the impulse train after a sampler is described by

x∗(t) =
∞∑
k=0

x(kT0) δ(t− kT0) (6.7.1)

where the impulse function δ(t) approximates the output of a sampler, the transfer

function of a zero-order hold becomes

H(s) =
m(s)

x∗(s)
=

1

s

[
1− e−T0s

]
. (6.7.2)

If the sampling time T0 is small compared to the time constants of a controlled pro-

cess, the continuous time differential equations of the processes and controllers can

be transformed to difference equations by discretization, such as

dx(t)
dt ≈ x(kT0)−x((k−1)T0)

T0
d2x(t)
dt2 ≈ x(kT0)−2x((k−1)T0)+x((k−2)T0)

T 2
0

...
...

(6.7.3)

However, in order to save computing time the sampling time T0 is usually larger, so

these approximations are not valid any more. Therefore, the theory of sampled data

systems uses the z-transform instead of the s-transform with the variable

z = eT0s = eT0(δ+iω) (6.7.4)

which leads to the z-transform of a signal x(t)

x(z) = Z{x(kT0)} =
∞∑
k=0

x(kT0)z
−k. (6.7.5)

As an example, the z-transform of a step function x(kT0) = 1(kT0) then becomes

x(z) = 1 + z−1 + z−2 + . . . =
1

1− z−1
=

z

z − 1
(6.7.6)

and can be represented in closed form. This is also valid for many other standard

signals like e−at or sinωt.
Applying the convolution sum for sampled input and output signals it holds for a

linear process with impulse response g(t)
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y(nT0) =
∞∑
k=0

u(kT0) g ((n− k)T0) (6.7.7)

which leads after Laplace transform to

y∗(s) = G∗(s) u∗(s) (6.7.8)

and with (6.7.4) to the z-transfer function of a process

G(z) =
y(z)

u(z)
=

∞∑
q=1

g(qT0) z
−q = Z{g(q)}. (6.7.9)

Making use of z-transform tables the continuous time transfer functions G(s) can be

transformed directly to the z-transfer function G(z)

G(z) = Z{G(s)}. (6.7.10)

For example a first order process leads to

G(z) = Z
{ K ′

a+ s

}
=

K ′z
z − e−aT0

=
b0z

z − a1
=

b0
1 + a1z−1

. (6.7.11)

If the sampler is followed by a hold, then one has to use for a process

Gp(z) = HG(z) = Z{H(s)G(s)} (6.7.12)

and this yields

HG(z) =
z − 1

z
Z
{G(s)

s

}
. (6.7.13)

For a first order process it then follows

HG(z) =
z − 1

z
Z
{ K ′

s(a+ s)

}
=

b1z
−1

1 + a1z−1
. (6.7.14)

Hence, the determination of z-transfer functions of processes usually has to include

a holding element and results in general form in

Gp(z) =
y(z)

u(z)
=

B(z−1)

A(z−1)
=

b0 + b1z
−1 + . . .+ bmz−m

1 + a1z−1 + . . .+ amz−m
(6.7.15)

which corresponds to a linear difference equation

y(k) + a1y(k − 1) + . . .+ amy(k −m)

= b0u(k) + b1u(k − 1) + . . .+ bmu(k −m). (6.7.16)

A dead time Td can just be added by multiplication of G(z) with z−d where d =
Tt/T0 and time shifts in the input arise, like u(k− d). Contrast to the approximation

of differential equation by discretization, (6.7.3), the process models (6.7.15) and

(6.7.16) are valid for any size of the sampling time T0 and are therefore the basis for

the design of digital control and filtering algorithms.
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6.7.2 Digital control algorithms

In a first approach the digital computer version of a PID controller with small sam-
pling time T0 can be obtained as an approximation by discretization of (6.4.8).

Applying rectangular integration for the integral term one then obtains

u(k) = K

[
e(k) +

T0

TI

k−1∑
i=0

e(i) +
TD

T0
(e(k)− e(k − 1))

]
(6.7.17)

which is called “position algorithm”. For real-time calculation the recursive version

is used

u(k) = u(k − 1) + q0e(k) + q1e(k − 1) + q2e(k − 2) (6.7.18)

with the parameters

q0 = K

(
1 +

TD

T0

)
q1 = −K

(
1 + 2

TD

T0
− T0

TI

)
q2 = K

TD

T0
.

(6.7.19)

Because this control algorithm just calculates the change of the manipulated variable

Δu(k) = u(k)− u(k − 1)

it is called “velocity algorithm”. (This version is also suited for the case of actuator

saturation if u(k − 1) is the realized (measured) actuator position, a simple form

to avoid wind-up behavior.) A corresponding z-transfer function of a discrete-time

controller (for any size of a sampling time T0) is

Gc(z) =
u(z)

e(z)
=

Q(z−1)

P (z−1)
=

q0 + q1z
−1 + . . .+ qνz

−ν

p0 + p1z−1 + . . .+ pμz−μ
. (6.7.20)

Specialization to a PID control algorithm yields

Gc,PID =
q0 + q1z

−1 + q2z
−2

1− z−1
(6.7.21)

or a corresponding form to (6.4.8)

Gc(z) = K

[
1 + cI

z−1

1− z−1
+ cD(1− z−1)

]
(6.7.22)

with the parameters
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K = q0 − q2 gain

cD = q2/K lead coefficient (6.7.23)

cI = (q0 + q1 + q2)/K integration coefficient.

The basic control algorithms then are

u(k)|PID = u(k − 1) + q0e(k) + q1e(k − 1) + q2e(k − 2)

= u(k − 1) +K(1 + cD)e(k) +K(cI − 2cD − 1) e(k − 1)

+KcDe(k − 2)

(6.7.24)

u(k)|PI = u(k − 1) + q0e(k) + q1e(k − 1)

= u(k − 1) +Ke(k) +K(cI − 1) e(k − 1)
(6.7.25)

u(k)|PD = u(k − 1) + q0e(k) + q2e(k − 1)

= u(k − 1) +K(1 + cD)e(k) +K cD e(k − 1).
(6.7.26)

In the case of small sampling times T0 the tuning rules are similar to continuous

time PID controllers, see Sect. 6.4.1. For larger sampling times, tuning rules based

on process transient functions are given in Isermann (1989). This book also contains

many other aspects for PID controller design.

The design of internal model controllers can either begin in s-domain and the

resulting controller is then transformed into z-domain, or the process model is for-

mulated in the z-domain and the design is performed in the z-domain. The internal

model controller in the last case is

Gc,IMC(z) =
u(z)

e(z)
=

1

Gp(z)

Grf(z)

1−Grf(z)
. (6.7.27)

As discussed in Soler (2011) the first approach is straightforward. For the second

approach one has to consider especially unstable zeros by inverting the process

model. (Unstable zeros may appear even for lowpass processes, if the sampling time

is sufficiently small.) However, this approach is better suitable for large sampling

times.

The discrete time state space model

x(k + 1) = Ax(k) +Bu(k)

y(k) = Cx(k) +Du(k)
(6.7.28)

leads directly to the state controller

u(k) = −Kx(k). (6.7.29)

For more details it is referred to the literature on digital control systems.

Linear filters are based on difference equations like (6.7.16). Depending on the

selected structure and parameters low-pass, high-pass and band-pass filters can be

designed as well as special filters for recursive averaging and averaging with limited

or fading memory, see e.g. Isermann (1991), Cunningham (1992), Antonion (2006).

The generation of derivatives is treated in Wolfram and Vogt (2002).
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6.8 Conventional and model-based engine-control design and
calibration

In the past only a few manipulated engine variables like injection mass and injection

angle had to be controlled. Because of higher demands on low-fuel consumption,

emissions and driveability, the number of main control inputs increased to 5–10 and

the number of considered outputs to 6–8. Therefore, the design and calibration of the

engine control has evolved into a highly demanding task. This section first describes

the different emission measures and legislative limits. Then, general procedures for

the design and calibration are considered for stationary operating points and driving

cycles. This is followed by the calibration of the torque-oriented control for gasoline

engines. If multi-variable engine models are first determined on test benches, a com-

prehensive optimization with different criteria enables a computer-based calibration

for stationary operating points as well as for driving cycles.

6.8.1 Emission measures and limits

The optimization of the engine control system is highly influenced by the legislative

emission laws. Therefore, this section discusses the various emission measures and

their limits.

a) Emission measures

If the concentration of an emission is represented as cx [g/m3], the emission gas mass

flow rate of the specific emission x becomes

ṁx = cxV̇exh = cx
ṁexh

ρexh
[g/s] (6.8.1)

with

cx concentration of emission x [g/m3]

V̇exh exhaust gas volume flow rate at exhaust outlet [m3/s]

ṁexh exhaust gas mass flow rate [g/s]

ρexh exhaust gas density at exhaust [g/m3]

Frequently, the emission gas concentrations are measured in parts per million

[ppm]. Then they are converted by

cx[g/m
3] = c′x[ppm] · 10−3 mmol,x[g/mol] · ρexh[kg/m3

]

mmol,exh[g/mol]
(6.8.2)

with

mmol,x[g/mol] molar mass of emission x
mmol,exh[g/mol] molar mass of exhaust (≈ mmol,air = 28.9 g/mol)
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The exhaust gas density ρexh,meas at the location of measurement may be diff-

erent from the density at the exhaust outlet. Then the concentrations have to be corr-

ected by

cx = cx,meas
ρexh

ρexh,meas
. (6.8.3)

The molar masses of the emissions are defined as follows (EC No 692/2008):

THC (total hydro carbons)

mmol,HC = 13.9655 [g/mol] for diesel

mmol,HC = 14.9413 [g/mol] for gasoline

CO (carbon monoxide)

mmol,CO = 28.0101 [g/mol]

NOx (nitro oxygen)

mmol,NO2 = 46.0055 [g/mol]

The concentration of particulate matter (PM) is usually measured as

cPM [g/m3].

The type approval for attaining a certification for passenger cars and light commer-

cial vehicles (≤ 3.8 t) requires exhaust-gas tests with country-specific driving cycles

on vehicle chassis dynamometers. The exhaust gas over one driving cycle is collected

and the pollutant masses are measured at the end. The legislative limits are given in

g/km or g/mile.

For heavy commercial vehicles, stationary exhaust-gas tests are performed on a

test bench, e.g. with a 13-stage-test in the EU or dynamic tests in the U.S.A. The

average emissions for the 13-stage-test are determined by

mx,P =

∑
i wiṁx,iΔti∑
i wiPiΔti

[g/kWh] (6.8.4)

with

ṁx,i mass flow rate of emission xi at operation point i [g/h]

wi weighting factor of operation point i
Pi power at operation point i [kW]

Δti time interval per stage [h]

i = 1 . . . 13 stages

Hence, different measures exist for the emissions, either in [g/km], [g/kWh] or [g/s].

However, the distance-related values md in [g/km] and the work-related values mP in

[g/kWh] are not suitable for the calibration of the engine control, because phases with

idle and vehicle standstill are included, which lead to infinite or large contributions.

Therefore, the mass flow rates ṁx in [g/s] are preferred for the optimization of the

engine control. The average time-related emission mass flow rate over one driving

cycle is

ṁx,cyc,t =
1

tcyc

∫ tcyc

0

ṁx(t) dt [g/s] (6.8.5)
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the emitted mass per cycle

mx,cyc =

∫ tcyc

0

ṁx(t) dt [g] (6.8.6)

and the distance-related emission measure can be determined by

mx,cyc,d = ṁx,cyc,t tcyc/d [g/km], (6.8.7)

where d is the driven distance of the cycle. The power-related measure mx,P [g/kWh]

follows from (6.8.4).

b) Emission limits

The legislation defines permissible emission limits and testing processes, see e.g.

Robert Bosch GmbH (2011). The emission-control regulations are mainly stated

by CARB (California Resources Board), EPA (Environmental Protection Agency,

USA), EU (European Union), and Japan. Each of the leading countries has its own

test procedures, specified as type approval, serial testing and in-field monitoring. The

vehicles are categorized into the classes: passenger cars, light commercial vehicles

(EU: < 3.5 t), heavy commercial vehicles (EU: > 3.5 t) and off-highway vehicles.

The first two classes are tested on vehicle chassis dynamometers, the last two on

engine test benches.

Exhaust-gas tests for passenger cars and light commercial vehicles are performed

with test cycles, defining the specific operation conditions, e.g. the NEDC (New Eu-

ropean Driving Cycle), the FTP-75 (Federal Test Procedure), see Fig. 6.8.1 or the

US 06 for USA. For heavy commercial vehicles the stationary 13-stage-test, accord-

ing to Fig. 6.8.2, and the ETC (European Transient Cycle) are used in the EU, see

Fig. 6.8.3a) and the transient FTP-test for USA, see Fig. 6.8.3b).
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Fig. 6.8.1. Transient emission test cycles for passenger cars. a NEDC. b FTP-75.

The European ECE test cycle is originally an approximation of a city traffic cycle

(UDC: Urban Driving Cycle). It consists of four identical sections of city driving of
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Fig. 6.8.3. Transient emission test cycles for commercial vehicles. a ETC (European Transient

Cycle). b FTP (Federal Test Procedure), USA.

195 s with accelerations up to 50 km/h and decelerations with or without braking.

The average speed is 18.7 km/h and the total length 4.052 km. Since 1992 it includes

a highway section (EUDC: Extra-Urban Driving Cycle). This higher speed section

accelerates up to 120 km/h and takes 400 s over 6.955 km. The combination of both

is called NEDC (New European Driving Cycle). The overall distance of the NEDC is

11 km, the average speed 32.5 km/h and it lasts 1220 s or 20min and 20 s including

one cold start. The cold start is performed at 20 . . . 30◦C, lasts 40 s and is not part

of the NEDC. However, since EURO 3 (2000) the cold start has been included in

the MNEDC (Modified NEDC), and beginning in 2002 the starting temperature has

been reduced to −7◦C for gasoline engines.

The American emission limit levels are referred to as tiers, with Tier 1 in 1994,

Tier 2 in 2004 and Tier 3 is proposed for 2014. The tiers contain different sets or
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bins. Manufacturers may choose between several bins for their fleet. For gasoline

and diesel engines the same limits apply in the USA.

The emission limits of the Californian CARB are the most stringent ones. For pas-

senger cars and light-duty trucks (LDT) they are specified in Low Emission Vehicles

LEV1 for model years 1994 to 2003 with weights up to 6000 lbs (2.71 t) and since

2003 in LEV2. Manufacturers may use different exhaust-gas categories, like, in the

sequence of decreasing emission limits: Tier 1, TLEV (Transitional Low-Emission

Vehicle), LEV, ULEV (Ultra-Low-Emission Vehicle), SULEV (Super-Ultra-Low-

Emission Vehicle), ZEV (Zero-Emission Vehicle), PZEV (Partial ZEV). LEV1 com-

prises Tier 1, TLEV, LEV, and ULEV, LEV2 includes LEV, ULEV and SULEV.

Table 6.8.1 gives an overview of the limits.

The manufacturers have to ensure that their vehicle fleet does not exceed an av-

erage emission limit of the Non-Methane-Organic-Gases NMOG. The limits are re-

duced each year from 0.25 g/mile in 1994 to 0.035 g/mile in 2010.

In addition, a durability must be satisfied. This means that the manufacturers

must certify that emission limits are not exceeded for 50000 miles or 5 years (inter-

mediate useful life) or 100000 miles or 10 years (full useful life). This is checked by

vehicle fleets from the production line.

The mean fuel consumption of vehicle fleets is also limited. The CAFE value

(Corporate Average Fuel Economy) is 27.5 miles/gallon or 8.55l/100km since 2004

for passenger cars, and for LDT 20.3 miles/gallon or 11.6l/100km.

The American EPA legislation (Environment Protection Agency) covers the fed-

eral states except California and applies less strict laws than CARB. Tier 1 was used

until 2004 and Tier 2 has been used since then.

The European Union (EU) emission control standards are directed by the EU

commission. The EURO 1 was effective in 1992 and the emission limits are ex-

pressed in g/km. These limits must be ensured until 80 000 km for EU 3 and

100 000 km for EU 4, or 5 years. Table 6.8.2 shows the development of the allowed

emission limits for gasoline and diesel engines.

Figure 6.8.4 shows the development of the emissions PM and NOx + HC for

diesel engines with very low values for EURO 6 in 2014.

6.8.2 Calibration for stationary operating points and driving cycles

Figure 6.8.5 depicts two schemes for the optimization of the stationary control of

combustion engines at selected stationary operating points (Meng,i, mj). A conven-

tional way is to maximize the torque Meng=M in dependence on the speed neng=n
for mf,i = const.

max
u

M(n,u) (6.8.8)

with regard to the manipulated variables u (e.g. the ignition angle and injection time

of a gasoline engine) and then to store the manipulated variables uopt in form of

static maps as a function of (mf , n). Alternatively the specific fuel consumption can

be minimized for Mi = const. or mf,i = const.

min
u

bsfc(n,u). (6.8.9)
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Table 6.8.1. Emission limits for passenger cars and light-duty trucks (LDT) up to 6000 lbs for

1994-2003 and 8500 lbs since 2004 (CARB). FTP-test. [g/mile]

Model years Emission control

standard

Exhaust gas

category

CO NMOG NOx PM

(diesel)

durability

[miles]

1994 LEV1 Tier 1 3.4 – 0.4 0.08

TLEV 5.5 0.20 0.9 0.10 100000

LEV 5.5 0.13 0.5 0.10

ULEV 2.8 0.070 0.5 0.05

2004 LEV2 LEV 4.2 0.090 0.07 0.01 120000

ULEV 2.1 0.055 0.07 0.01

SULEV 1.0 0.010 0.02 0.01

2014 LEV3 LEV 0.160 0.006 150000

(proposal) ULEV 0.125

SULEV 0.030

2017 0.003

(proposal)

Table 6.8.2. Emission limits for passenger cars and light commercial vehicles in Europe

[g/km]

Engine type Year Emission category CO HC HC + NOx NOx PM Test cycle

gasoline 1992 EURO 1 2.72 0.97

1996 EURO 2 2.2 0.5

2000 EURO 3 2.3 0.2 – 0.15 – MNEDC

2005 EURO 4 1.0 0.1 – 0.08 – MNEDC

CO THC THC + NOx NOx PM

2009 EURO 5 1.0 0.1 – 0.06 0.005

2014 EURO 6 1.0 0.1 – 0.06 0.005

diesel 1992 EURO 1 2.72 0.97 0.19

1996 EURO 2 1.0 0.9 0.1

2000 EURO 3 0.64 – 0.56 0.50 0.050

2005 EURO 4 0.50 – 0.30 0.25 0.025

CO THC THC + NOx NOx PM

2009 EURO 5 0.50 – 0.23 0.18 0.005

2014 EURO 6 0.50 – 0.17 0.08 0.005

In both cases the emission masses of all operating points per driving cycle related

to the distance dcyc [km] or work Wcyc [kWh] have to be smaller than certain limits

according to legislative requirements, like

mCO ≤ mCO,lim ; mCH ≤ mCH,lim ; mNOx ≤ mNOx,lim ; mPM ≤ mPM,lim

(6.8.10)

where m stands for a distance or work related emission measure mx,cyc,d [g/km] or

mx,P [g/kWh], see (6.8.7) and (6.8.4). If there are only some few manipulated vari-

ables u, the optimal adjustments of the manipulated variables uopt can be obtained
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Fig. 6.8.4. European emission limits for diesel engines from EURO 1 (1992) to EURO 6

(2014) according to RL 91/441 EWG, RL 94/12/EG, RL 98/69/EG, VG(EG) 715/2007. a
passenger cars, b heavy duty vehicles.

by manual optimization at the test bench and are then stored in the ECU as look-up

tables in dependence on the operation points (Mi, nj) or (mf,i, nj), see Fig. 6.8.5a).

However, for the increased number of manipulated variables it is more efficient if

the optimization of the calibration is not performed at the test bench, but with math-

ematical multi-input multi-output engine models on a computer. First, these models

have to be determined at the test bench by measurement and identification methods,

as described in Chap. 3. The stationary maps for the manipulated variables uopt can

then be obtained with numerical optimization methods for selected operating points,

see Fig. 6.8.5b), Unland et al (1998), Hafner et al (2000), Kuder and Kruse (2000),

Mitterer and Zuber-Goos (2000). In this case the engine behavior has to be measured

and modeled only once and the calibration of the ECU is performed offline on devel-

opment computers. The achieved results have to be validated with the engine at the

test bench.

If, however, the optimization has to consider a driving cycle, the engines together

with a simulated transmission and vehicle have to be treated using programmed set-

tings for torque and speed (corresponding to a virtual perfect driver) and a multi

criterion optimization has to be satisfied to minimize the fuel consumption for given

constraints of emissions, compare Fig. 6.8.6.

This can be based on a selection of static models dependent on (M , n) which

are determined for a driving cycle by simulating the transmission and vehicle as de-

scribed in Sect. 6.8.4. A more realistic procedure is to include the dynamic engine

behavior. Then the computer-based optimization with a mathematical dynamic en-

gine model is advantageous as described in the next section. A corresponding perfor-

mance criterion J(u) is obtained by the integration of the mass flows over a driving

cycle resulting in cumulated masses for fuel and emissions in [g/cycle].
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Fig. 6.8.5. Signal-flow scheme for the optimization of control functions for internal com-

bustion engines at stationary operating points. a manual optimization at the test bench.

b computer-based optimization with a mathematical multi-input multi-output engine model,

Hafner et al (2000).
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engine models can be a selection of stationary models or dynamic models. α is the position of

the acceleration pedal, β is the position of the brake pedal.
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6.8.3 Calibration of the torque-oriented engine control

The measurement and calibration of the stationary control is now described for gaso-

line engines with homogeneous combustion as an example, according to Kuder and

Kruse (2000) and Stuhler and Kruse (2003).

The development of the torque-oriented control, described in Sect. 7.1, requires

the measurement of the engine torque M on a test bench for all operation points

(Mi, nj) according to the driving vehicle taking limits into account, which should

not be exceeded. The adjustment of the operation point is performed by the test-

bench control system. As described in Sect. 6.10, the speed of the engine is usually

controlled in closed loop by the field-oriented control in the case of an AC-motor. For

precise setting of the torque closed-loop control with throttle, i.e. air charge for gaso-

line engines or injection mass for diesel engines can be applied. However, the torque

can also be feedforward controlled by appropriate adjustments of the manipulated

variables.

Based on physical laws, e.g. on the thermodynamic combustion cycles in piston

engines or optimal air/fuel ratio, some of the control parameters can be calculated.

However, the majority of the look-up tables have to be found experimentally with

dynamometer experiments because the physical knowledge, e.g. on the combustion

process, fuel consumption and exhaust gas concentrations is (presently) not available

in form of equations with a reasonable amount of computations.

In the past the look-up tables were adapted sequentially by manual operations

on the dynamometers, requiring long adaptation times of several weeks. Since about

1997 a more systematic approach is applied based on the internal torque as a common

intermediate variable and the use of different engine models. The calibration process

for gasoline engines is shown in a simplified form in Fig. 6.8.7.
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Fig. 6.8.7. Steps for the calibration of the torque-oriented control of gasoline engines, Kuder

and Kruse (2000), Isermann and Hafner (2001).

Before systematic measurements with the engine on a dynamometer can be

made, the engine needs a first adaption of the control parameters and maps so that

the engine is able to run without being damaged. Therefore basic control functions

are calculated, based on stationary air-charge models including manifold models to
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determine the injected fuel mass. Then, a rough tuning of the knock control is applied

to protect the engine. This is followed by (automatic) grid measurements to obtain

an internal torque model with fuel and also without fuel to get the drag torque mod-

els. Here, a lot of variations have to be made with regard to speed, air mass, air/fuel

ratio, ignition angle, camshaft position, etc. The grid-point measurements are pres-

elected based on certain patterns or methods for the design of experiments. Based

on the measured engine maps optimal torques, ignition angles and correction factors

are determined to build up the internal torque model, see Sect. 6.5.1. The optimized

3D-torque maps can then be approximated by polynomial approximators, applying a

least squares approach for data smoothing. As the grid points for the required engine

models are partially different from the measured ones a further approximation by

Delaunay nets can be applied and used for interpolation and extrapolation resulting

in final grid based engine models. These models are then the basis for designing the

control parameters and maps for the ECU, see Unland et al (1998).

The measurement programs distinguish a basis calibration program and an addi-

tional calibration program, which are now considered in some more detail.

The basis calibration measurement program begins for the selected operating

points with nj = const for air excess factor λ = mair/mair,st = 1 to measure the

torque Mi(ϕign) in dependence on the ignition angle. This is called ignition timing
cycle and begins with the determination of the drag torque Mdrg, see (7.1.2), with

zero injection, and continues with searching the optimal torque for specified air mass

mair by advancing the ignition timing until a maximum torque or the knock limit is

reached, see Fig. 6.8.8. Then the ignition angle is retarded stepwise until a stopping

criterion like certain component temperatures, running roughness or maximal igni-

tion angle changes, is reached.
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Fig. 6.8.8. Ignition timing cycle measurement.

The ignition timing cycle measurements are then repeated for different λ, result-

ing in about 250 cycles, which take about three min each, Kuder and Kruse (2000).

The additional measurement program then includes variations of the camshaft posi-

tion, the exhaust gas recirculation rate or charging pressure.

Based on the measured stationary data, the inner torque model (7.1.5)

Mi(mair, n) (6.8.11)
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is calculated for the optimal ignition angle either as look-up tables or in form of

approximations by polynomials, e.g. of second order.

Then, values for the torque Mi in dependence on additional variables, like fuel

injection angle ϕsoi, ignition angle ϕign, and air excess factor λ are determined,

and presented in efficiency maps as described in Sect. 7.1. Based on these models

the calibration of the stationary control maps and characteristics follow as required

for the gasoline control system with homogeneous combustion, Stuhler and Kruse

(2003).

The development of gasoline engines with direct injection and especially with

stratified combustion requires an increased amount of manipulated variables like rail

pressure, multiple injections, swirl and tumble flaps and variable valve trains. Thus

the number of engine input variables u increases to more than 10. The calibration

then has to consider the requirements

max
u

M(n,u) ; min
u

bsfc(n,u) (6.8.12)

under the legislative emission boundary conditions

m ≤ mlim (6.8.13)

where m stands for distance or work related measures of the emissions CO, HC,

NOx and PM.

Figure 6.8.9 shows as an example of the intersection plot for some output vari-

ables and manipulated variables that the specific fuel consumption shows minimal

values for ṁegr, ϕsoi and ϕign, Kuder and Kruse (2000). However the minima are

at different values for NOx, HC and PM. Therefore appropriate compromises have

to be made. This intersection plot is a feasible way to make the the relationships

transparent.
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Fig. 6.8.9. Intersection plot for specific fuel consumption, emissions and engine roughness

depending on EGR rate, intake pressure, start of injection and ignition angle for n = const. of

a gasoline engine, Kuder and Kruse (2000).
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6.8.4 Model-based calibration procedures

The general task for the optimal calibration of engine control systems can be sum-

marized by the formulation of a multi-variable optimization criterion with different

weights of the interesting output variables.

a) One operating point

For one stationary operating point with torque Mi and speed nj a criterion with

different weights of the output variables is

J(u,Mi, nj) = [w1bsfc(u) + w2mCO,P(u) + w3mHC,P(u)

+ w4mNOx,P(u) + w5mPM,P(u)]PijΔtij [g] (6.8.14)

with the power

Pij = Mi ωj = Mi π nj/30 (6.8.15)

work-related emissions mx,P in [g/kWh], Δtij time interval per run, and

5∑
ν=1

wν = 1 (6.8.16)

If stationary mathematical models of the engine are available, the optimization

min
u

J(u,Mi, nj) (6.8.17)

can be performed with numerical optimization methods to find the optimal manip-

ulated variables uopt(Mi, nj) for each operating point (Mi, nj) with optimization

methods described in Sect. 6.9. However, the inclusion of the emission limits re-

quires an iterative procedure to adjust the weights wν .

b) Multiple operating points

If real vehicle driving is considered, multiple operating points can be selected ac-

cording to their frequencies of occurence. For a certain driving cycle, representative

operating points are selected for a specified transmission and vehicle. This allows to

make a forecast for the fuel consumption and emissions over a driving cycle, assum-

ing that the driving cycle can be reconstructed by a sequence of stationary operating

points. An example for the calibration of four manipulated variables of a CR-diesel

engine for several operating points is described in Sect. 8.3.2. A further example in

Sect. 8.3.3 shows how for 200 operating points of a FTP cycle three manipulated

variables are optimized by using local linear models (LOLIMOT) for the fuel con-

sumption and two emissions.

For commercial vehicles, 13 operating points are already defined in the case of

the European Steady State Test Procedure (ETC) which has to be used for type ap-

proval, see Fig. 6.8.2.
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A further example for a cycle-oriented optimization with stationary engine mod-

els is given by Kötter (2008). Figure 6.8.10a) depicts the time history of the vehicle

speed and Fig. 6.8.10b) the weight wν of ν = 10 selected operating points accord-

ing to their frequency in the driving cycle. The task is then to minimize the fuel

consumption mf for the cycle in [g/cycle] by an optimal adjustment of six manipu-

lated variables u of a common-rail diesel engine, the pilot injection mass and time,

charging pressure, main injection time, air mass and rail pressure. The optimization

criterion then becomes

Jstat(u) = mf(u) = w1mf1(u1) + w2mf2(u2) + . . .+ w10mf10(u10) [g/cycle]
(6.8.18)

with boundary conditions

mNOx(u) = w1mNOx1(u1) + w2mNOx2(u2) + . . .+ w10mNOx10(u10)

≤ mNOx,lim

mHC(u) = w1mHC1(u1) + w2mHC2(u2) + . . .+ w10mHC10(u10)

≤ mHC,lim

mCO(u) = w1mCO1(u1) + w2mCO2(u2) + . . .+ w10mCO10(u10)

≤ mCO,lim

mPM(u) = w1mPM1(u1) + w2mPM2(u2) + . . .+ w10mPM10(u10)

≤ mPM,lim

(6.8.19)

where mNOx,lim etc. are the legislative emission limits, according to (6.8.6).

Hence 6 · 10 = 60 values of manipulated variables u1, . . . , u6, which are also

limited like u1min ≤ u1 ≤ u1max, have to be optimized.

The minimization of the fuel consumption mf(u) over the selected operation

points of the driving cycle as well as the boundary conditions are strongly nonlinear

functions. Because several local minima may exist, hill climbing methods based on

gradients may not find the global optimum. Therefore genetic algorithms are rec-

ommended. Kötter (2008) shows resulting stationary maps for the six manipulated

variables.

A considerable advantage of the model-based calibration is that the engine be-

havior is only measured and modeled once and the calibration is performed on de-

velopment computers, see Fig. 6.8.5b), and does not need expensive operation time

on the test bench. This is especially attractive if the engine is calibrated for fami-

lies of different transmissions and vehicles. Then, a forecast of the fuel consumption

and emissions for a driving cycle and driveability can be made with the models of

the engine, the vehicle and ECU functions, Schulmeister et al (2007). This is, in the

context of Fig. 6.11.1, a model-in-the-loop simulation (MiL). Figure 6.8.11 shows

an example how much the different operating points of an engine which is used in

various vehicle variants are scattered over the operating range.
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Fig. 6.8.10. a MNEDC cycle. b Frequency of 10 representative operating points in the driving
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Fig. 6.8.11. Torque-speed operation points for the use of an engine in various vehicle vari-

ants and emission cycles, Schulmeister et al (2007). (ESC: in the 13-stage test procedure for

commercial vehicles).

c) Calibration with dynamic engine models

The increasing requirements for the reduction of fuel consumption and emissions and

for the improvement of driveability need the inclusion of the dynamic engine behav-

ior for the control design. Dynamic delays are mainly caused by the air volume of

the intake system, the moment of inertia of the turbocharger and heat storages in the

combustion chambers, cylinder walls, exhaust gas channel, exhaust gas recircula-

tion and various heat exchangers. The dynamics between combustion and crankshaft

torque is influenced by the number of cylinders and can usually be neglected for the
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calibration of ECU (mean-value) control functions. The lag time constants of the in-

take system and the turbocharger are in the range of 1 to 3 s, whereas the temperature

dynamics vary from about 10 s to 2min.

For driving cycles like the FTP or NEDC the percentage of dynamic states is

around 40 . . . 50%. As the variables of the optimization criteria like fuel consump-

tion, emissions and torque are influenced by the dynamic engine behavior, they have

to be included in the optimization process, at least for high requirements and for

fine-tuning.

A time-dependent version of the multi-variable optimization criterion according

to (6.8.14) becomes

J (u(t),M(t), n(t)) = w1ṁf(t) + w2ṁCO(t)

+ w3ṁHC(t) + w4ṁNOx(t) + w5ṁPM(t) (6.8.20)

with ṁ(t) as mass flow rates ṁ [g/s]. However, the value of this criterion fluctuates

during transient phases, as the variables depend differently on time. Hence this cri-

terion is not suitable for calibration. Therefore its value has to be integrated over a

certain dynamic phase tdyn, i.e. an acceleration phase or usually a complete driving

cycle with specified torques M(t) and speeds n(t)

Jdyn(u(t)) =

∫ tdyn

0

(w1ṁf(t) + w2ṁCO(t) + w3ṁHC(t)

+ w4ṁNOx
(t) + w5ṁPM(t)) dt [g] (6.8.21)

However, an optimization of the manipulated variables u(t) requires dynamic mod-

els for the integrands, which also depend on u(t). Hence, this task is not easy to

solve.

An alternative is to reduce the optimization to the minimization of the fuel con-

sumption over a driving cycle, compare (6.8.18) and (6.8.19),

Jdyn(u(t)) = mf(u(t)) =

∫ tdyn

0

ṁf(u(t)) dt [g] (6.8.22)

together with the boundary conditions

mNOx(u(t)) =

∫ tdyn

0

ṁNOx(u(t)) dt ≤ mNOx,lim

mHC(u(t)) =

∫ tdyn

0

ṁHC(u(t)) dt ≤ mHC,lim

mCO(u(t)) =

∫ tdyn

0

ṁCO(u(t)) dt ≤ mCO,lim

mPM(u(t)) =

∫ tdyn

0

ṁPM(u(t)) dt ≤ mPM,lim

(6.8.23)

3�0 6   (nJinH�controO 0HtKodV Dnd &DOiErDtion



The optimization task is then concentrated on the optimization of a single variable

taking into account several constraints for the resulting emissions. The dynamic be-

havior can also be optimized separately from the stationary behavior, as shown in

Sect.8.4.

d) Calibration of driveability control functions

The calibration of driveability control functions, like the damping of drive-train os-

cillations after load changes on one hand and a more sportive or comfortable tuning

on the other need compromises along a Pareto curve. A software-in-the-loop sim-

ulation (SiL) with the ECU software and dynamic drive-train and vehicle models

then allow a preselection of calibration candidates, Schulmeister et al (2007). Driv-

ing tests with real vehicles then are applied to finetune the corresponding control and

filter functions, see e.g. Sect. 4.9 on surge damping.

6.9 Optimization methods

6.9.1 Optimization criteria

A model-based optimization of the manipulated variables u for the engine control

requires a suitable optimization criterion or cost function J(u). The last section has

shown that different criteria can be used. These criteria are now formulated towards

a general form which fits to mathematical optimization procedures.

If the stationary behavior has to be optimized and only one operating point

(Mi, nj) is considered, then a first possibility is to minimize a multi-objective cost

function

J(w,x(u)) =
M∑
ν=1

wν xν(u) = wTx(u), (6.9.1)

where xν are several output variables which depend on u, like e.g. in (6.8.14)

xT =
[
x1, x2, . . . , xl

]
=
[
mf , xCO, xCH, xNOx, xPM

]
(6.9.2)

and wν are corresponding weights

wT =
[
w1, w2, . . . , wl

]
. (6.9.3)

The output variables x, which have to be minimized, depend on several manipulated

variables u, which are for a gasoline engine without charging, e.g.

uT =
[
mair, mf , ϕinj, ϕign, ṁegr

]
(6.9.4)

and for a diesel engine with turbo charger, e.g.

uT =
[
mair, uvgt, mf , ϕinj, prail, ṁegr

]
(6.9.5)
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compare also alternatives used in Sects. 7.1 and 8.3.

In this case, the fuel consumption mf is minimized together with the emissions

xCO, xCH, etc., taking different weights wν into account. This requires that station-

ary engine models x(u) exist. An alternative is to minimize the fuel consumptions

for L operating points (e.g. of a driving cycle)

J = Jstat(w,mf(u)) = mf(u)) =
L∑

ξ=1

wξ mfξ(u) (6.9.6)

subject to constraints or boundary conditions of the emissions

mem(u) =
L∑

ξ=1

wξ memξ ≤ mem,lim (6.9.7)

where the index emξ stands for the emissions CO, HC, NOx, PM at the operating

points ξ, compare (6.8.18), (6.8.19). The weights wξ are selected according to the

relevance of the operating point ξ within a driving cycle.

The engine control optimization for the dynamic behavior, including acceleration

and deceleration phases as for a driving cycle, needs dynamic engine models x(u, t).
Then, the minimization of a time-dependent cost function has to be performed, which

becomes in the case of fuel consumption minimization as (6.8.22)

J = Jdyn(u(t)) = mf(u(t)) =

∫ tdyn

0

mf(u(t))dt. (6.9.8)

The optimization goal is to find dynamic transients of the manipulated variables u(t),
e.g. for step or ramp changes of the acceleration pedal (throttle) α(t) or a complete

driving cycle, subject to constraints

g′(u(t)) =
∫ tdyn

0

mem(u(t)) dt ≤ mem,lim (6.9.9)

compare (6.8.22), (6.8.23) and Hafner (2002).

Instead of optimizing the trajectories u(t) the parameters q of dynamic feedfor-

ward or feedback control algorithms can be optimized, such that

J(q) = mf(q) (6.9.10)

g′(q) =
∫ tdyn

0

mem(q) dt ≤ mem,lim. (6.9.11)

The optimization task can now be formulated in a general form. In all cases, one has

to find optimal manipulated variables u(t) for the stationary behavior with t = const

and for the dynamic behavior with variable t, so that

min
u(t)

J (w,mf(u(t))) (6.9.12)
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In the stationary case this implies

dJ (w,mf(u))

du
= 0. (6.9.13)

The emissions may be included in the cost function, like in (6.9.1), (6.9.2) or be

taken into account by the constraints

g(u(t)) =

∫ tdyn

0

mem(u(t)) dt−mem,lim ≤ 0. (6.9.14)

If the controller parameters q are optimized in the case of dynamic behavior, it holds

min
q

J(q) (6.9.15)

dJ(q)

dq
= 0 (6.9.16)

g(q) =

∫ tdyn

0

mem(q) dt−mem,lim ≤ 0. (6.9.17)

The multi-objective cost functions J(w,x(u)) with included emissions or

J(w,mf(u)) with separated boundary conditions mem(u) for the case of station-

ary optimization depend nonlinearly on engine models x(u) or mf(u) and mem(u)
in the form of nonparametric models, like look-up tables or complicated parametric

models like polynomials of higher order or (neural) net models. As a direct optimiza-

tion is not possible in that case, numerical optimization methods have to be used, for

which a short overview is given in the next section.

6.9.2 Numerical optimization methods

The applicable optimization methods depend on the kind of linearity or nonlinearity

of the loss functions J(u) with regard to the quantities u to be optimized. Because

the optimization follows from
dJ(u)

du
= 0 (6.9.18)

the type of the gradient of the loss function is relevant for selecting the optimization

method. If the gradient is linear-in-the-parameters or quantities u and a quadratic

loss function is used then linear regression methods, as the method of least squares,

can be used, which leads to a direct solution uopt, see Fig. 6.9.1. This can be used to

estimate the parameters of polynomials for example. Then numerical search meth-

ods are not required. However, the loss functions for the optimization of the engine

control are usually nonlinear in the gradients and therefore nonlinear optimization

methods have to be used. As shown in the scheme of Fig. 6.9.1 one distinguishes

local and global optimization methods.

The local optimization methods assume that there exists a unique optimum. This

is always the case if the loss function gradient is linear-in-the-parameters and a di-

rect linear regression method is used. In the case of loss function gradients which
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are nonlinear-in-the-parameters numerical local optimization methods start with an

initial point and search in directions of neighborhood-based first and second order

derivatives. This leads to a search in the vicinity of the starting point but does not

necessarily result in a global optimum, if several local optima exist. However, trials

with different starting points allow to find a good local optimum.

Global optimization methods take into account that several local optima exist

and search for the best optimum. Therefore they search in a wider area than local

optimization methods and require to cover all possible parameters or quantities u,

e.g. in form of a grid. However, as the computations increase exponentially with the

number of parameters, combinations of different methods are used, e.g. a different

treatment of structural and local parameters in sequential form.

The nonlinear optimization problem can be formulated in general form

min
u

J(u) (6.9.19)

subject to constrains

g(u) ≤ 0 (soft boundary)

h(u) = 0 (hard boundary).
(6.9.20)

For the optimization of combustion engine control the constraints are usually emis-

sions of the exhaust gases and noise, formulated as inequalities and therefore soft

boundaries.

For the optimization of control functions of combustion engines it can be as-

sumed that a unique optimum exists in most cases. Then local optimization methods

can be applied. Their principles will be described briefly in this section.

a) Local numerical optimization methods

The local optimization methods can be divided in methods with direct search and

gradient-based search. Direct methods only use the values of the cost function and

progress iteratively

u(k + 1) = u(k) + αs(k) (6.9.21)

from an initial value u(0) where s(k) is a search vector and α determines the step

size. Typical representatives are section search methods, simplex methods and the

Hooke-Jeeves method. However, these methods show a relatively slow convergence

for large dimensions of u. The convergence speed can be improved by inclusion of

the gradient with

s(k) = ∇J(u) (6.9.22)

One representative of this gradient-based method is the steepest descent algorithm.

A further improvement is obtained by adding the second order derivative

∇2J(u) =
∂2J(u)

∂uT∂u
. (6.9.23)

3�4 6   (nJinH�controO 0HtKodV Dnd &DOiErDtion



optimization
methods

loss-function gradient:
nonlinear-in-the-parameters

local
optimization

global
optimization

direct
search

gradient-
based
search

section
search
simplex
search
Hookes-
Jeeves

general
hill

climbing

nonlinear
least-squares

constrained
methods

simulated annealing
evolutionary methods
genetic algorithmus

steepest
descent
Newton
conjugate
gradient

Newton-
Raphson
Levenberg-
Marquardt

sequential
quadratic
programming
penalty
function
methods

loss-function gradient:
linear-in-the-parameters

loss function:
quadratic

linear regression:
method of least squares

direct (LS)
recursive (RLS)
iterative

Fig. 6.9.1. Overview of direct and numerical optimization methods.

which is the Hessian matrix, to adjust the stepsize α to the nonlinear cost function.

Well know methods are the Newton method and Newton-Raphson method. As the

first and second order derivatives are usually not available analytically they have to

be approximated numerically.

The optimization problem with constraints can be solved with the discussed local

optimization methods by adding the constraint linearly to the cost function, like the

method with Lagrange multipliers and the resulting sequential quadratic program-

ming or by introducing special penalty functions. These basic methods of numerical

optimization are e.g. treated in Gill et al (1981), Dennis and Schnabel (1996), No-

cedal and Wright (2006), Nelles (2001), Isermann and Münchhof (2011).

b) Global numerical optimization methods

Global optimization methods have to search in wider areas than the local methods. As

grid-based search in the parameter space takes unacceptable computing time, com-

binations of different methods are used, Nelles (2001). A first possibility is a sub-
sequent optimization, with a global search first and then a local optimization. If the

parameters can be separated, then those which can be optimized easier are searched

first and then the remaining ones. This is called nested optimization. One example

is the initial optimization of structure parameters (outer loop) and then continuation

with local optimization (inner loop), like for neuronal networks or net-based models.
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A staggered optimization is similar. First the structural parameters are optimized with

a global method, keeping the other parameters fixed. Then the structure parameters

are fixed and the local parameters are optimized again, etc. Hence, the idea behind

these global methods is to divide the optimization in smaller and easier to handle

optimizations with less parameters, instead of optimizing all parameters at once. In

general, this improves the convergence speed, especially if the the parameter sets are

not or only weakly coupled.

Some typical representatives for global optimization are mentioned briefly.

Simulated annealing is a stochastic method and leans on the simulation of a par-

ticle in a potential field, i.e. it uses an analogy to a physical behavior. A particle with

a certain temperature has kinetic energy and moves with some randomness within

the potential fields, also to higher potential energy, thus escaping local minima. The

particle is annealed, i.e. its temperature decreases gradually. The particle is consid-

ered as parameter and the potential energy represents the cost function. The method

begins with a wide search of the parameters and then, with decreasing temperature,

concentrates on a specific region, Kirkpatrick et al (1983), Ingber (1996).

Evolutionary algorithms also have a stochastic character and they are oriented

towards natural evolution. They operate with populations of individuals. The pop-

ulations evolve in generations, corresponding to iterations. The individuals change

by a genetic operation, like mutation or recombination, such that new individuals

are generated, representing a new cost function value. Better individuals are selected

by a performance index called fitness (i.e. the inverse of the cost function). Based

on the selection, the population (set of parameter vectors) evolves to better indi-

viduals (parameter vectors). Hence, evolutionary algorithms operate as follows: An

initial population of individuals (parameters u0) is chosen, the fitness 1/J(u) of all

individuals of the initial population is calculated, best individuals are selected and

mutated or recombined by genetic operators. This procedure is repeated iteratively

until it is stopped by a termination criterion, Rechenberg (1973), Schwefel (1988).

The evolutionary algorithms can be divided into, e.g. evolution strategies or ge-

netic algorithms. The evolution strategies represent the parameters in their original

value, either continuously or as integers and they mostly use mutations. Genetic al-
gorithms use a binary coding, i.e. the parameters are represented as a set of binary

values (a bit-string), a simple analogy to the genetic information (DNA) in nature

and they use recombinations.

For a detailed treatment of these methods see Rechenberg (1973), Schwefel

(1988), Goldberg (1989), Davis (1991), Michalewicz et al (1992), Bäck (1996), Gen

and Cheng (1997).

The application of sequential quadratic programming and evolutionary algo-

rithms have been compared for a CR 1.9 l diesel engine with six manipulated vari-

ables and five output variables with regard to minimize the fuel consumption, Kötter

(2008). A combination of evolutionary algorithms and local optimization has shown

best performance, but the hill climbing method resulted in a good minimization of the

fuel consumption as well. A further application with real coded genetic algorithms

for the same engine to optimize six manipulated variables for ten stationary opera-
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tion points (Mi, nj) resulted in six control maps by using an interpolation method,

Kötter (2008).

6.10 Test benches

Test benches are a very important facility for the experimental development of inter-

nal combustion engines. They consist of the combustion engines to be investigated

and a dynamometer to convert the mechanical power of the engine into another form

and to remove it in the case of positive power generation. Both, the engine and the

dynamometer are provided with a rich instrumentation to measure all required vari-

ables and to automatically control some of them.

The following sections describe the test-bench types, their control and mathe-

matical models.

6.10.1 Dynamometer types

Depending on the application, operation properties and costs, different types of dy-

namometer types are used, Martyr and Plint (2007). Hydrokinetic or hydraulic dy-

namometers consist of a cylindrical rotor with recesses. Corresponding pockets are

divided by radial vanes, both in the rotor and stator. Centrifugal forces on the water

result in a toroidal circulation and therefore transfer momentum from the rotor to the

stator. This leads to turbulent shear in the water and dissipates heat to the water.

One distinguishes hydrokinetic dynamometers with constant or variable filling.

In the case of constant filling the torque is varied by inserting pairs of sluice plates

between rotor and stator. This is a relatively cheap solution. However, load changes

are slow. For variable fill dynamometers the mass of circulating water within the

casing is changed by a water outlet valve. The advantages are that they are suitable

for very high power up to 130 MW, that they do not need a high power electrical

connection, and that they are robust and tolerant for overload. However, they need

an open water system.

Hydrostatic dynamometers consist of a fixed stroke and a variable stroke positive

displacement hydraulic pump/motor system. The variable stroke pump is attached to

the engine and the fixed stroke motor is the braking dynamometer. It can develop full

torque at very low speeds and at stand still. However, it requires much oil and it is

expensive and noisy. It is only used for special applications.

Eddy-current dynamometers have a toothed rotor with a narrow clearance to

water-cooled steel loss plates. A magnetic field generated by annular coils changes

the magnetic flux in the plates upon the turning rotor, resulting in eddy-currents and

heat, which is transfered to cooling water flowing through the loss plates. Load is

manipulated by varying the current in the coils. These eddy-current types are simple

and robust and allow rapid load changes.

Most flexible are electromotor dynamometers, see Fig. 6.10.1. The mechanical

power is converted into electrical power which is supplied to the electrical net. Direct
current motors (DC) as used in the past are relatively easy to control by using a
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cascaded control system with the voltage as a manipulated variable of the major

loop and the current as controlled variable in a minor loop. Then a speed or torque

controller can be used as major controller. The direct current is generated through

a thyristor-based AC/DC converter where the voltage is manipulated by appropriate

phase triggering, synchronized to the AC net frequency. However, DC motors have

a rather limited speed and high inertia. Therefore belt transmissions may be applied.

In addition the commutator requires maintenance and is an electromagnetic noise

source for the measurements.

Alternating current motors (AC) have a lower rotational inertia than DC motors

and allow a higher speed. These AC motors are also called induction motors and

consist usually of three windings per pole pair placed in stator slots which are in-

terconnected with the individual phases of a three-voltage power supply, either in

delta- or Y -connection. A rotating magnetic field with rotating frequency ωd is gen-

erated where the angular velocity depends on the power-supply frequency ωN and

the number of pole pairs p within the stator according to ωd = ωN/p. Depending on

different rotor constructions, asynchronous and synchronous induction motors can

be distinguished.

Asynchronous motors have usually a squirrel-cage rotor resulting in a simple,

robust and cost effective construction. The speed and torque is controlled by a field-

oriented or vector control system with variable frequency and amplitude. The cor-

responding power electronics consist of a power grid fed converter with a net-side

AC-DC converter (rectifier) which rectifies the alternating grid voltage and a motor-

side three-phase DC-AC converter (inverter) that generates the three-phase voltage

with variable frequency and amplitude. The power electronics is usually based on

insulated gate bipolar transistors (IGBT) technology which is relatively expensive.

Based on a transformation of the three-phase voltage into a two-phase voltage

system (Clarke-Park transformation) a field-oriented control can be designed. It is

based on two cascaded control loops for the flux (d-current) and the torque (q-

current). The flux is usually kept constant until the rated speed, but has then to be

weakened. The q-current determines together with the flux the generated torque.

Synchronous motors have a similar control system. Opposite to asynchronous

motors no slip between the stator field and the rotor speed (ωm = ωd) emerges. For

more details, see Leonhard (1996), Lyshevski (2000), Isermann (2005).

The selection of the dynamometer also depends on the required torque-speed

characteristics. Figure 6.10.2 shows the possible torque-speed quadrants. If the en-

gine turns clockwise by looking at the flywheel, the dynamometer is in the 1st quad-

rant and absorbs the torque, i.e. brakes the engine. All dynamometers are designed to

run in this 1st quadrant or if running counter clockwise in the 2nd quadrant. For motor-

ing or towing, the engine and the dynamometers have to run in the 4th or 3rd quadrant.

Then the choice is limited to DC or AC motors or to hydrostatic dynamometers.

The electromotor dynamometers are able to directly start the combustion engine

with an appropriate, relatively small torque compared to the rated torque. The other

dynamometers require either the serial engine-mounted starters or special electric

motors at the other engine end of the dynamometer.
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Fig. 6.10.1. Schematic representation of a combustion engine test bench with electrical dy-

namometer (field-oriented controlled AC-motor). ECU: Electronic Control Unit. PE: Power

Electronics. a process scheme with controllers. b two-port process parts with flows and poten-

tials. c two-port signal flow scheme, d speed control with dynamometer, torque control with

engine (n−α control). e torque control with dynamometer, speed control with engine (M−α
control).
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6.10.2 Test-bench control

The main controlled variables of an internal combustion engine test bench are the

speed ωeng and the torque Meng, besides many other variables for air and fuel con-

ditioning, several auxiliary devices, etc. Figure 6.10.1 depicts a schematic of of a

combustion engine with an electrical dynamometer, e.g. a speed controlled AC mo-

tor. The multi-port representation shows how the powers at the terminals (interfaces)

ṁf Hl for the fuel, Meng ωeng for the generated combustion engine power and the

absorbed power Re{3Us Is} of the dynamometer as a generator are linked together.

It is assumed that the AC motor torque is controlled by the setpoint Isq,d (desired

Isq) respective the manipulated voltage Usq of the field-oriented control, see e.g. Vas

(1990), Leonhard (1996), Isermann (2005).

There are mainly the following possibilities to control the test bench

a) n− α control

Speed control with dynamometer current I = Isq,d, torque control with combus-

tion engine throttle α
b) M − α control

Torque control with dynamometer current I = Isq,d, speed control with combus-

tion engine throttle α
c) n− x control

Speed control with the dynamometer current I = Isq,d, x-control with combus-

tion engine throttle, x may be an internal engine variable, e.g. the intake pressure.

a) Test-bench models

The design of the test-bench controllers requires mathematical models of the con-

trolled processes. Therefore, some basic models will be considered briefly.

• Elastic two-mass rotational system
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It is assumed that the test bench can be represented by a two-rotational mass system

with moment of inertia Jeng = J1 for the combustion engine, moment of inertia

Jdyn = J2 for the dynamometer and torsional stiffness c of the shaft, damping coef-

ficient ds of the shaft and viscous friction coefficients dB1 and dB2 of the bearings,

see Fig. 6.10.3.

ds

� �
�

M2� �
�

M1

c

dB1 dB2

cumbustion
engine

shaft dynamo-
meter

J1 J2

Fig. 6.10.3. Test bench as a two-mass torsional system.

For stating the differential equations, the two-mass system can be considered

either as a free torsional oscillator where both rotational masses move freely, or as a

fixed torsional oscillator where one of the rotational masses or the associated end of

the torsion spring is fixed, see e.g. Isermann (2005).

For the free torsional oscillator the principle of angular momentum results after

isolating the rotational masses and assuming d = ds + dB1 = ds + dB2

J1ϕ̈1(t) = −c (ϕ1(t)− ϕ2(t))− d (ϕ̇1(t)− ϕ̇2(t)) +M1(t) (6.10.1)

J2ϕ̈2(t) = −c (ϕ2(t)− ϕ1(t))− d (ϕ̇2(t)− ϕ̇1(t)) +M2(t). (6.10.2)

A simplification can be made by introducing the torsional torque of the shaft

MT = MT1(t) +MT2(t)

= (c ϕ1(t) + d ϕ̇1(t))− (c ϕ2(t) + d ϕ̇2(t))

= cΔϕ∗(t) + dΔϕ̇∗(t)
(6.10.3)

with the turning angle

Δϕ∗(t) = ϕ1(t)− ϕ2(t). (6.10.4)

A corresponding signal-flow diagram is depicted in Fig. 6.10.4

A state-space representation

ẋ(t) = Ax(t) +Bu(t) (6.10.5)

y(t) = Cx(t) (6.10.6)

is obtained by defining the vectors
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xT (t) =
[
ϕ̇1(t) ϕ̇2(t) Δϕ∗(t)

]
(6.10.7)

uT (t) =
[
M1(t) M2(t)

]
(6.10.8)

yT (t) =
[
ϕ̇1(t) ϕ̇2(t)

]
=
[
ω1(t) ω2(t)

]
(6.10.9)

with the parameters

A =

⎡⎣− d
J1

d
J1

− c
J1

d
J2

− d
J2

c
J2

1 −1 0

⎤⎦ ; B =

⎡⎣ 1
J1

0

0 − 1
J2

0 0

⎤⎦ ; C =

[
1 0 0
0 1 0

]
. (6.10.10)

Oscillations of the free two-mass torsional system are obtained by considering the

relative movements of the masses with the turning angle (6.10.4). Subtraction of the

two equations (6.10.1) and (6.10.2) then yields

J1J2
J1 + J2

Δϕ̈∗(t) + dΔϕ̇∗(t) + cΔϕ∗(t) =
J2

J1 + J2
M1(t)− J1

J1 + J2
M2(t)

(6.10.11)

with the effective rotational mass

Jeff =
J1J2

J1 + J2
=

1
1
J2

+ 1
J1

(6.10.12)

the resulting undamped natural frequency

ω0 =

√
c

Jeff
=

√
c(J1 + J2)

J1J2
(6.10.13)

the damping ratio

ζ =
d

2
√
c

√
J1 + J2
J1J2

(6.10.14)

the eigenfrequency

ωe = ω0

√
1− ζ2 (6.10.15)

and the resonance frequency

ωres = ω0

√
1− 2ζ2. (6.10.16)

As the two-mass system can develop large oscillation amplitudes in the range of this

resonance frequency which may brake the shaft, this frequency has to be avoided

to be excited by the combustion engine. Therefore the stiffness c of the connecting

shaft between the engine and the dynamometer has to be chosen appropriately. For

example, if the ignition frequency is

fj =
ωeng

4π
ic j (6.10.17)

with ωeng = 2πneng, ic the number of cylinders and j the number of harmonics, see

(4.2.8), then the resonance frequency fres = 2πωres should be smaller than the first

harmonic ignition frequency for the lowest operation speed, e.g. the idle speed
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fres < fj . (6.10.18)

As the undamped natural frequency f0 = 2π ω0 is easier to calculate, one can require

by setting f1 = ωengic/4π for the first harmonic

f0 <
neng

2
ic. (6.10.19)

Example 6.5. A four cylinder engine with ic = 4 has at idle with neng = 700 rpm
the ignition frequency

f1 =
700

2
4 = 1400

osc

min
=̂23.3Hz.

The test bench yields with c = 1000Nm/rad, J1 = 0.13 kgm2, J2 = 0.38 kgm2 a

natural undamped frequency of f0 = 16.2Hz, which is just smaller than the ignition

frequency.

�

• Stiff two-mass rotational system

If the exciting frequencies of loading the combustion engine with ΔM1(t) are low

compared to the natural angular frequency ω0, as for driving cycle simulation, the

shaft can be assumed as stiff. The two-mass system is then described by

(J1 + J2) ϕ̈1(t) + (dB1 + dB2) ϕ̇1(t) = M1(t) +M2(t) (6.10.20)

where dB1 and dB2 are bearing friction coefficients. For small changes around an

equilibrium ¯̇ϕ1, M̄1 and M̄2 it follows for the process to be controlled by torque

changes of the dynamometer or the combustion engine

(J1 + J2)Δω̇1(t) + dBΔω1(t) = ΔM1(t) +ΔM2(t) (6.10.21)

with dB = dB1 + dB2 and the transfer function becomes

Gω1M(s) =
Δω1(s)

ΔM2(s)
=

Δω1(s)

ΔM1(s)
=

1

(J1 + J2)s+ dB
=

KωM

1 + TωMs
. (6.10.22)

Hence, the process for speed control is approximately a proportional acting process

of first order with gain and time constant

KωM =
1

dB
; TωM =

J1 + J2
dB

. (6.10.23)

If the counteracting torque of the driven load, e.g. the combustion engine, changes

linearly according to

ΔM1(s) = −kMω Δω1(s) (6.10.24)

the differential equation (6.10.20) becomes
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(J1 + J2)Δω̇1(t) + (dB + kMω)Δω1(t) = ΔM2(t). (6.10.25)

Gain and time constant then decrease to

K ′
ωM =

1

dB + kMω
; T ′

ωM =
J1 + J2
dB + kMω

. (6.10.26)

In the case of driving cycle simulation the engine torque is applied by the vehicle

simulation program. Then the engine should only accelerate its own moment of in-

ertia J1 = Jeng and that of the drive train and vehicle. This means that the moment

of inertia J2 = Jdyn of the dynamometer (which is not part of the vehicle) has to be

accelerated by an additional compensation torque ΔM2,comp of the dynamometer.

Simplifications of (6.10.22) by assuming dB = 0 yields

Δω1(s) =
1

(J1 + J2)s
(ΔM1(s) +ΔM2,comp(s)) (6.10.27)

which has to be identical to

Δω1(s) =
1

J1s
ΔM1(s). (6.10.28)

This is satisfied by a compensation torque

ΔM2,comp = J2sΔω1 (6.10.29)

which has to be generated by the dynamometer, Schmidt and Kessel (1999). This

means that instead of an engine torque ΔM1 the corrected torque

ΔM1,corr = ΔM1 + J2Δω̇1 (6.10.30)

has to be applied by the engine on the dynamometer in the case of acceleration in

order to compensate for the dynamometer inertia.

b) Test-bench control

For the speed control of a dynamometer according to Fig. 6.10.1d) a PI controller

can be applied, assuming Δω1 = Δω2,

Gc(s) =
ΔIsq,d(s)

Δω1(s)
= Kc

(
1 +

1

TIs

)
=

Kc

TIs
(TIs+ 1) (6.10.31)

which yields a closed-loop transfer function for changes of the speed-reference vari-

able

Grω(s) =
Δω1(s)

Δω1d(s)
=

2 + TIs
T ′
ωMTI

K′
ωMKc

s2 +
(

1
K′

ωMKc
+ 1

)
TIs+ 1

. (6.10.32)

Hence, a second order behavior results with undamped natural frequency
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ω0 =
√

K ′
ωMKc/T ′

ωMTF (6.10.33)

and gain Grω(0) = 1. If the corrected torque (6.10.30) is added, the controller

(6.10.31) becomes of PID type

Gc,corr(s) = Kc

(
1 +

1

TIs

)
+ kds (6.10.34)

where the parameter kd of the derivative function depends on J2, the q-stator current

component Isq of the AC dynamometer and corresponding induction motor parame-

ters.

Limits of the test-bench dynamics with regard to control are discussed in Grün-

bacher et al (2006).

6.11 Model-based control-function development with special
design and simulation tools

After describing the various methods for the development of control functions and

their optimization and calibration special simulation and computers are considered,

which support the control function development as well as calibration and software

testing. This is part of the control system integration, represented in the right branch

of the V-development model in Fig. 6.1.1, and will be considered briefly in this sec-

tion.

6.11.1 Model-in-the-loop simulation and control prototyping

The description of the overall procedure for engine control development in Sect. 6.1

has shown that different types of simulations are used for the development of control

functions and control software, see Figs. 6.1.2 and 6.1.3.

A design of new control functions in an early development phase may be based

on simulations with an engine model and an ECU model, i.e. control algorithms in

a high-level language, as e.g. MATLAB-Simulink. This is called model-in-the-loop
simulation (MiL). Both, the ECU and the engine are then represented as a model, i.e.

a virtual picture of the real parts, see Fig. 6.11.1a).

If some control functions of a real development ECU can already be applied

to the real engine on a test bench, because the real time functions from a former,

similar engine can be used, some new control functions may be tested as prototypes

with a special real-time computer in parallel to the ECU. This is called rapid control
prototyping (RCP). Frequently the new control functions operate in a bypass mode
and use the interfaces of the ECU to the sensors and the actuators, see Fig. 6.11.1b).

The computing power for the experimental RCP computer exceeds that of the ECU

and operates with a high level language. Thus, the new control functions do not have

to be implemented in machine code within the limited computer power and fix point

restrictions of an ECU. This may save considerable development time by trying and
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testing new functions directly on a higher software level with the real engine. If a

development ECU is not available, a powerful real-time computer can be used if the

required sensors and actuators interface are implemented. It is then called fullpass
mode, Schäuffele and Zurawka (2005).

engine
model

ECU-
model

a) b)

real engine

real ECU

bypass

c)

engine
model

ECU
target code

d)

engine model
real time

real ECU

ECU

real
components

ECU

Fig. 6.11.1. Different simulation and prototyping methods for control functions and software

development. a Model-in-the-loop (MiL) simulation. b Rapid control prototyping (RCP). c
Software-in-the-loop (SiL) simulation. d Hardware-in-the-loop (HiL) simulation.

6.11.2 Software-in-the-loop and hardware-in-the-loop simulation

Existing engine models in high level language can be used for the validation of

software functions as test candidates in an early development phase by software-
in-the-loop simulation (SiL), see Fig. 6.11.1c). The software functions may already

be implemented with fix point arithmetic and required interfaces, before they are

implemented on the target ECU. Real-time behavior is not required.

For a final validation of control functions the target ECU with its interfaces has to

cooperate with real signals. In order not to use real engines on expensive test benches,

real time engine models are implemented in a powerful development computer. The

sensor signals may be generated by special electronic modules and the output signals

are frequently transferred to real actuators, like an electrical throttle, injection system

or EGR-valve motor. Thus, the real ECU with implemented software operates with

some real components, but with simulated real-time high performance engine mod-

els and is known as hardware-in-the loop simulation (HiL), see Fig. 6.11.1d). The
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advantages are that, e.g. software functions can be tested under real-time constraints,

validation tests are reproducible and can be automated, critical boundary conditions

(high speed and high load) can be realized without being dangerous, the reaction to

faults and failures can be investigated, on-board diagnosis functions can be tested

etc., compare Sinsel (2000), Schaffnit (2002), Zahn (2012).

This short summary of simulation and prototyping methods shows how the devel-

opment of ECU control functions can be supported by using programmed dynamic

engine models of different granularity and different stages of the development of the

control software, see also Fig. 6.1.2. It is a basis for virtual engine control develop-
ment. The computer-based and model-based development can also be used for a part

of control calibration, as indicated in Fig. 6.1.3.

6.11.3 Examples for the HiL Simulation

a) Truck diesel engine drive train

Figure 6.11.2 shows the setup of the HiL-simulation test bench for the investigation

of the engine control system of a truck diesel engine and drive train, Sinsel (2000),

Isermann and Hafner (2001). It is subdivided in the following parts:

• real-time computer system including I/O modules

• periphery, consisting of the sensor and actuator interface

• PLD (pumpline nozzle injection) control unit including real actuator compo-

nents, stand-alone or in combination with the real FMR-ECU

• PC with graphical user interface

• control panel

a) The HiL-simulator
The real-time computer system for the simulator is based on a dSpace system

equipped with digital signal processors and a DEC Alpha processor. It also offers

the possibility to realize all the models in MATLAB/SimulinkTM and to use all

the benefits of a graphical simulation environment. Special I/O-modules (digital

I/O-module, D/A converter, A/D converter and CAN-interface) are used for the

communication with the periphery.

The coupling of the simulator and the control unit is implemented with special

periphery which can be subdivided into a sensor and an actuator interface. The

sensor interface generates the necessary sensor signals like temperatures and

pressures. The pulses of the camshaft and crankshaft inductive speed sensors

are generated with a board specifically designed for high speed generation. For

that purpose a look-up table with the pulse-signals versus the crankshaft-angle is

stored off-line in the memory. During the simulation, the signals are periodically

read out, synchronous to the simulated engine speed. This realization guarantees

a high flexibility in forming the pulses and adapting different gear wheels. The

sensor interface also contains a relay electronic to simulate sensor faults like in-

terruptions and short circuits.
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control unit
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control unit
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ECU
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valve-current
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analysis
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signal
conditioning
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generation

sensor-fault
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signal-
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Fig. 6.11.2. Hardware-in-the-Loop test bench with simulated engine and vehicle and with real

engine control unit and real injection actuators for Mercedes-Benz series 500 and 900, Sinsel

(2000). FMR: vehicle management system; PLD: pump line nozzle.

The actuator interface mainly consists of the injection pumps (pump-line-nozzle

injection system) which are integrated in the simulation test bench as real compo-

nents, because the combination of the PLD control unit and the injection pumps

represent a mechatronic unit which is difficult to model. A special electronic de-

vice measures the magnetic valve currents to reconstruct the real valve opening

time and to determine the pulse width and the beginning of injection. These quan-

tities are transferred to the real-time computer system for engine simulation. This

way the real behavior of the injection pump is included.

The simulator test bench was set up with the objective of testing the PLD control

unit stand alone or in combination with the FMR control unit. In the first case,

the necessary FMR functions are simulated by the computer system. The data

transfer is done via the engine CAN-bus. In the second case the PLD and the

FMR control units are connected directly via the engine CAN-bus. The computer
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system emulates other integrated electronic systems (IES) in this operation mode

by transmitting the data via the IES-CAN-bus to the FMR.

For an efficient use of the simulator it is performed with a windows user inter-

face on the host-PC which copies the functionality of a real truck-cockpit. All

relevant simulation quantities can be visualized on-line or be recorded for off-

line analysis. To ensure reproducible results a driver simulation is implemented

which can automatically follow a given speed cycle by operating the accelerator

pedal, brake, clutch and gear. As alternative, an interactive “driving” of the sim-

ulator can be performed manually with a control panel where the most important

cockpit functionalities are realized.

b) Simulation results
In the following two HiL simulation examples for an 8-cylinder truck engine

(420 kW) are represented in order to document the applicability and the perfor-

mance of the simulator, using combustion models, Isermann (1999). Figure 6.11.3

demonstrates the effect of switching off a single injection pump valve. The gear-

box is in neutral position and at the beginning the engine runs with idle speed.

The cyclic decrease of the engine torque and the engine speed after the fuel shut

off can directly be seen. The control unit gradually compensates for the missing

torque of one cylinder by increasing the pulse width in order to keep the desired

idle speed.

A full power acceleration of a 40 tons truck including two gear shifts (1) is de-

picted in Fig. 6.11.4. This figure shows the following effects:

• drive train oscillations in the drive train during acceleration (2),

• soot-limitation by limiting the A/F-ratio through reduced injection mass (3),

• speed-limitation-control at 2000 rpm by reducing injection mass (4)

• lagging reaction of the charging pressure because of the inertness of the

(fixed) turbocharger (5).

b) Car diesel engine

Some signals for the HiL simulation of a car diesel engine in closed loop with the

ECU are depicted in Fig. 6.11.5. The course of the cylinder pressure is shown for

about 2 s and illustrates the induced oscillations of the air flow rate and some pres-

sures. The air flow rate ṁair and the pressure p1 at the intake inlet have a phase

shift of about half a period. The pressure p1 has a smaller amplitude than the boost

pressure p2i and a considerable phase shift, which originates from the inlet valve

opening. The amplitude of the exhaust pressure p3 is larger than that of the pressure

p4 after the turbine and shows also a small phase shift.

6.12 Control software development

According to the V-development model in Fig. 6.1.1, the first steps are the design

control development and the control functions development in high-end software
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(e.g. MATLAB SimulinkTMand StateflowTM). The next steps are then the control
software development and the software implementation on the ECU for series pro-

duction. This is also depicted as part of the overall workflow in Fig. 6.1.2, using

special software tools and computers for code generation and testing with compilers

and real-time simulation. In the following, some remarks are given for the software

architecture code generation and software testing.

6.12.1 Software architecture

The design of the software architecture has to consider many aspects from software

development to the requirements of the target microprocessor and includes connected

modules which have to be flexible with regard to continuous changes and variants.

Several software layers have to be defined. The minimum is two layers, a platform

software and an application software, as shown in Fig. 6.12.1, Schäuffele and Zu-

rawka (2005). The platform software is oriented to the ECU and comprises the oper-

ating system, communications and network management according to OSEK/VDX

(2005) standards and diagnostic protocols. OSEK stands for “Open Systems and

Interfaces for Automotive Electronics” and is the result of a committee of major

automotive manufacturers and component suppliers to support portability and reuse-

ability of application software under real time constraints, started in 1993. It also

contains standardized flash memory programming procedures. The standardization

of the platform software is additionally advantageous during the software develop-

ment with regard to software changes and parametrization. Interfaces for measure-

ment and calibration via CAN protocols support the development phase as well,

Borgeest (2008), Zimmerschied et al (2005). A hardware abstraction layer (HAL)

gives access to the peripheral components of the ECU and is specified for the used

microprocessors.

The application software can be designed by the engine or vehicle manufac-

turer and contains engine specific functions. Standardization takes place for control

functions, ranging from look-up tables and their interpolation to dynamic control al-

gorithms. The standardization is, e.g. treated in the MSR-MEGMA working group

and ASAM (2012).

The configuration of standardized software components allows a specific appli-

cation by using configuration tools. An automated configuration comprises, e.g. the

handling of signals, messages, buses, nodes and functions. It may contain export and

import interfaces with data exchange formats and a documentation interface. More

details like data models for engine variants, storage in volatile (RAM) or nonvolatile

memories (ROM, PROM, EPROM or Flash memory) and description files for data

structure can be found, e.g. in Schäuffele and Zurawka (2005).

Activities for an open industry standard for the automotive software architecture

between suppliers and manufacturers are going on in the AUTOSAR consortium

(AUTomotive Open System ARchitecture) since 2003, AUTOSAR (2012), Heinecke

et al (2004), ATZ extra (2013). One of the aims is an open and standardized automo-

tive software architecture. The standard includes specifications describing software

architecture components and defining their interfaces.
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The AUTOSAR architecture separates the basis software from the application

software and connects them by standardized interfaces, see Fig. 6.12.2. To master the

complexity, several layers are defined, Wernicke and Rein (2007). The connection to

the microcomputer is provided by the lowest level, the microcontroller abstraction
layer. Here, the interfaces are defined to the memories, the I/O-drivers, their com-

munication and to additional features which are not part of the microcontroller. The

second layer is the ECU abstraction layer, comprising the hardware design of the

ECU including driver to external components. The service layer at the third level

provides basic software modules like the operating system, memory administration

and bus communication. This layer is relatively independent on the ECU hardware.

The fourth level is the runtime environment (RTE), which separates the basis soft-

ware and application software and carries out the data exchange in both directions.

Therefore, the application software components have standardized interfaces to the

RTE. The RTE also integrates the application software components (SWCs), see

Fig. 6.12.3. This separation and integration with standardized interfaces enables a

hardware independent software development. The application software components

can therefore be transferred to other ECUs and reused.

A virtual function bus (VFB) connects the various software components during

the design and allows a configuration independent of a specific hardware. Thus the

SWCs are runnable entities and can be linked together for development and testing.

An exchange of information becomes possible through standardized software input

and output ports. Thus a validation of the interaction of the SWCs and interfaces is

possible before software implementation.
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Fig. 6.12.1. Software architecture composed of standardized software components, Schäuffele

and Zurawka (2005).
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ronment), Kirschke-Biller (2011).

6.12.2 Code generation

The control software development can start if the control functions are ready and

available as function blocks in a high level software platform like MATLABTM

(2011), SimulinkTM (2011) and StateflowTM (2011) (The MathWorks (2011)). MAT-

LABTM is broadly used as an integrated function development environment for nu-
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merical calculations with a large library of mathematical design and analysis pro-

grams and special tool boxes. SimulinkTM is an interactive development environment

for modeling, analysis and simulation with a graphical interface and is integrated into

MATLABTM. It allows the handling of models and functions with block diagrams.

StateflowTM is an expansion of SimulinkTM to operate with discrete event state charts

and flow diagrams.

Based on the block-oriented control functions of this control-analysis- and simula-

tion-oriented development environment, the series production code for the ECU is

developed by using special tools. The control functions are specified in graphical

form and they are converted in production C-code which runs on the target proces-

sor. Thereby it is intended to reach a minimum of execution time, RAM and ROM

resources and stack size, compared to human programmer’s abilities.

The process of code generation is performed in following steps, Kiffmeier et al

(1999), using a Software Development Tool (SDT) like TargetlinkTM from dSpace or

ASCETTM from ETAS or Real-Time WorkshopTM from The MathWorks.

(1) The control function block from Simulink has to be replaced by a corresponding

SDT block, taken from a block library. These blocks manage data which is used

for the production code, as scaling parameters and data types.

(2) In the case of fixed-point arithmetic scaling parameters are required. Therefore

maximal and minimal values of variables have to be known. They can be ob-

tained from model-in-the-loop simulations to determine the range of variables,

in order to prevent overflows. The scaling can be done manually or automatically

by simulation. For floating-point arithmetic no scaling is needed.

(3) Additional information for production code generation has to be specified. This

belongs to partitioning of models or algorithms for e.g. look-up tables handling,

like interpolation routines.

(4) Off-line simulations on the host PC are performed with Simulink to detect prob-

lems with fixed-point arithmetic. The simulations are run with floating-point

arithmetic.

(5) The production C code is translated for the target microprocessor and loaded on

an evaluation board. A communication link between the evaluation board and

the host PC allows to test the microcontroller code together with a Simulink

simulated process model. The code is readable by humans and the development

is paralleled by a documentation, which is automatically generated. Informa-

tion on code size, execution times and used RAM and ROM resources are also

given. The result is a general portable ANSI C-code which runs on many micro-

computers. However, some specific microcomputer adaptation always has to be

taken into account. If manual coding has to be applied additionally, rules given

by MSRA-C have to be followed. Special toolsets allow to analyze the timing be-

havior of the real-time operating system application OSEK, providing run-time

performance and possible modifications, before coding.

As the ECU-code must be prepared for the task of calibration, the variables are pre-

sented in standardized ASAM file format via a data dictionary. Further standards to
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be considered are OSEK/VDX and AUTOSAR. AUTOSAR structure elements are

for example runnables, ports, and communication interfaces.

Special computers for simulation and control prototypes and software tools for

control software development are compiled in the catalogues dSpace (2011) and

ETAS (2011).

As modern automotive control systems are interconnected by onboard data buses

like CAN, Flexray, LIN also the real-time cooperation of the engine ECU with other

vehicle ECU’s like for transmission control, traction control (TCS), electronic sta-

bility control (ESC), and adaptive cruise control (ACC) has to be designed and mon-

itored.

6.12.3 Software testing

The software testing is part of the verification comprised in the V-model for the

development, see Fig. 6.1.1. Verification means that the developed functions meet

the specifications, which are stated at the project start by the customer, by standards

or legal regulations. More general is the validation where the final product is checked

with regard to the overall requirements, Balzert (1998), Tran (2007), see the V-model

in Sect. 6.1.1. Validation ensures that the final product meets the user’s needs and

includes that the specifications are correct, see e.g. IEEE-STD 610.

Software testing can be understood as part of analytical quality assurance and

contains the testing of the software. This quality assurance can be divided in ana-

lyzing methods (static) and testing methods (dynamic), Liggesmeyer (2002), Thaller

(2002). The static, analyzing methods can be applied early because no running soft-

ware is required. Methods are manual inspection, visualization and data flow analy-

sis, usually by different persons. Dynamic testing methods operate with the running

software and it is checked if the functions meet the specifications. One distinguishes

functional tests which check the input/output behavior and consider the software pro-

gram as a black-box and structural tests where the program is considered as a white-

box. These structural tests can be divided in symbolic tests, diversification tests and

mutation tests, Schäfer (2012).

An application of software testing during early phases of the development avoids

too many iteration cycles. In order to integrate hardware components, hardware-in-

the loop simulation (HiL) is used. Then the real-time software on the target ECU is

tested with simulated real-time models of the engine or the vehicle and real compo-

nents like actuators or injection systems in the laboratory, such avoiding tests with

the real engine or vehicle, see Sect. 6.11.2.

Table 6.12.1 gives a summary of the various development test stands and tools

for the control development. Engine modeling is required in the beginning and per-

formed on-line and off-line with the engine test bench. Control function development

is mainly elaborated at test benches and with MiL, HiL and RCP computers. Soft-

ware development is usually done off-line with PC’s and an ECU evaluation board.

Fine-tuning for driveability and the emission certification are worked out with the

real vehicle.

6.12   Control Software Development 417



Ta
bl

e
6.

12
.1

.S
u

rv
ey

o
f

te
st

st
an

d
s

an
d

to
o

ls
fo

r
en

g
in

e
co

n
tr

o
l

d
ev

el
o

p
m

en
t

C
o

n
tr

o
l

d
ev

el
o

p
m

en
t

st
ep

s
D

ev
el

o
p

m
en

t
te

st
st

an
d

s
+

to
o

ls

en
g

in
e

te
st

b
en

ch
M

iL
H

iL
R

C
P

E
C

U
v
eh

ic
le

(w
it

h
tr

an
sm

is
si

o
n
)

st
at

ic
d

y
n

am
ic

S
iL

w
it

h
re

al
ev

al
u

at
io

n
ro

ll
er

v
eh

ic
le

re
al

en
g

in
e

re
al

en
g

in
e

re
al

en
g

in
e

(P
C

)
co

m
p

o
n

en
ts

b
o

ar
d

d
y

n
am

o
m

et
er

,
o
n

&
si

m
u

la
te

d
si

m
u

la
te

d
v
eh

ic
le

ro
ad

d
ri

v
e

tr
ai

n
d

ri
v

in
g

fo
rc

es

E
n

g
in

e
•p

h
y
si

ca
l

x
x

m
o

d
el

in
g

•e
x

p
er

im
en

ta
ll

y

−
st

at
io

n
ar

y
x

−
d

y
n

am
ic

x
x

co
n

tr
o

l
•s

im
u

la
ti

o
n

x
x

fu
n

ct
io

n
•d

ev
el

o
p

m
en

t
x

x
x

x
x

d
ev

el
o

p
m

en
t
•o

p
ti

m
iz

at
io

n
x

x
x

x
x

x

E
C

U
•d

ev
el

o
p

m
en

t
x

so
ft

w
ar

e
•t

es
ti

n
g

x
x

•t
ar

g
et

p
ro

ce
ss

o
r

x

D
ri

v
ea

b
il

it
y

x
x

x

E
m

is
si

o
n

ce
rt

ifi
ca

ti
o

n
x

x

418 6   (nJinH�controO 0HtKodV Dnd &DOiErDtion



References

Ackermann J (1983) Abtastregelung, vol 1 and 2, 2nd edn. Springer, Berlin

Antonion A (2006) Digital signal processing. McGraw Hill, New York
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brennungsmotoren am Motorenprüfstand unter Verwendung neuronaler Netze.

Dissertation Technische Universität Darmstadt. Fortschr.-Ber. VDI Reihe 12, 482.

VDI Verlag, Düsseldorf
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Nishikawa K, Scharnhorst T (2004) AUTomotive Open System ARchitecture-an

industry-wide initiative to manage the complexity of emerging automotive E/E-

architectures. In: SAE 2004 Convergence, pp 325–332

Hoschek J, Lasser D (1993) Fundamentals of computer-aided geometric design. AK

Peters, Wellesley, MA

Ingber L (1996) Adaptive simulated annealing (ASA): Lessons learned. Control and

Cybernetics 25:33–54

Isermann R (1980) Beispiele für die Fehlerdiagnose mittels Parameterschätzung. Au-

tomatisierungstechnik – at 37:342–343, 445–447

Isermann R (1989) Digital control systems, 2nd edn. Springer, Berlin

Isermann R (1991) Digital control systems, vol 2, 2nd edn. Springer, Berlin

Isermann R (1999) Mechatronische Systeme. Springer, Berlin

Isermann R (2005) Mechatronic systems – fundamentals, 2nd edn. Springer, London

Isermann R, Hafner M (2001) Mechatronic combustion engines – from modeling to

optimal control. European Journal of Control 7:220–247

Isermann R, Münchhof M (2011) Identification of dynamic systems. Springer, Berlin

Isermann R, Lachmann KH, Matko D (1992) Adaptive control systems. Prentice Hall

International UK, London
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7

Control of gasoline engines

The control structure of gasoline engines follows by considering the main compo-

nents, the main control tasks and a resulting control-oriented block diagram of direct

injection (DI) gasoline engines (or spark-ignition (SI) engines) as described in the

introduction chapter, Sect. 1.3.1. Based on the block diagram Fig. 1.3.5, the software

structure Fig. 5.1.5 and the hierarchical control structure of an ECU in Fig. 5.1.6, the

control of gasoline engines can be subdivided in:

• Torque control

– fuel injection control

– air/fuel ratio control

– ignition angle control

– combustion control

– knock control

• Emission control

– exhaust recirculation control

– catalyst control

• Idle speed control

• Coolant temperature control

• Lubrication control.

A central role for gasoline engines is the kind of air-fuel mixture formation (A/F).
The combustion of gasoline requires a very specific air/fuel ratio which is for stoi-

chiometric combustion

mair,st = Lstmf (7.0.1)

with

Lst = A/F = 14.7 . . . 14.9 ≈ 14.8 kg air/ kg fuel. (7.0.2)

A measure for the air-fuel mixture is the air excess factor which is defined as

λ =
mair

mair,st
. (7.0.3)

� Springer-Verlag Berlin Heidelberg 2014
R. Isermann, Engine Modeling and Control,
DOI: 10.1007/978-3-642-39934-3_7
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The A/F mixture strongly influences the efficiency of the combustion and therefore

the specific fuel consumption and the efficiency of the exhaust-gas treatment.

The following ranges of the excess-air factor can be distinguished:

• λ = 1: The supplied air mass corresponds to the theoretical (stoichiometric)

required air mass.

• λ > 1: Usually an excess of air, called a lean mixture, is required to enable a

complete combustion. Fuel consumption for intake-manifold injection is lowest

for λ = 1.2 to 1.5.

• λ < 1: Too less air means a rich A/F mixture. Maximum power is at λ = 0.85 to

0.95.

For catalytic exhaust-gas treatment frequently a three-way catalyst is used, which

requires λ = 1 for normal operation. This allows the catalyst to reduce all three

pollutant components CO, HC and NOx as much as possible.

The different optimal values of λ mean that an appropriate compromise has to

be found. For engines with intake-manifold injection and direct injection with ho-

mogeneous combustion a range of λ = 0.9 to 1.1 is usually sufficient. However,

direct injection gasoline engines with stratified combustion operate with lean com-

bustion and λ ≤ 4. Then other types of catalytic converters are required, such as

NOx accumulator-types. They need for regeneration a rich A/F ratio (λ < 0.8). In

order to obtain precise A/F mixtures with different reference variables, λ-sensors are

provided in the exhaust, which allow to implement a λ-feedback controller.

The gasoline air/fuel mixture formation of current gasoline engines with elec-

tronic control can be divided in external mixture formation with intake-manifold in-

jection or internal mixture formation with direct injection. Table 7.0.1 gives a survey

of the features, properties and components.

In the past only external A/F mixture formation was applied in the form of car-

buretors and and continuous, simple-point mechanical injection systems located up-

stream the throttle valve. However, as it is not possible to meet the high requirements

for precise A/F-ratios they cannot be applied any more. They were replaced by the

intake-manifold injection upstream the inlet valves, operating intermittently and for

each cylinder individually. The spray of the injector is directed into the intake and on

the inlet valves, allowing a fast evaporization in the turbulent airflow and only small

fuel wall films. The injection has to be performed within 720◦CS and an electric fuel

pump in the tank providing about p = 6bar is usually sufficient.

In the case of internal A/F mixture formation with direct injection into the cylin-

ders, homogeneous combustion and stratified combustion are distinguished. For

homogeneous combustion the fuel is injected in the induction stroke, i.e. within

180◦CS. The mixture is stoichiometric with λ = 1 and distributed in the combustion

chamber. The stratified combustion operates with opened throttle and full air flow

and in average with a lean mixture λ > 1. The mixture is guided such that it can

be ignited around the spark plug. Dependent on side or top injection and the design

of the piston recess three types of injection exist, wall-directed, air-directed and jet-

directed. Direct injection requires a high pressure fuel pump and very fast solenoid
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or piezoelectric injectors which allow injection times < 5 ms. To amplify tumble or

swirl variable turbulence flaps are build in front of the intake valves.

In the next section the control structure for gasoline engines is discussed. Depen-

dent on the A/F mixture formation combustion with different values for λ have to be

considered.

On the contents of this chapter
This chapter first considers the now classical torque-oriented control structure and

shows a more detailed basic control structure for gasoline engines and various signal-

flow schemes. Then, simplified torque models are derived for the use in power-train

control. A basic control scheme for gasoline engines is the air/fuel and catalytic

converter control, also called λ-control. The ignition angle or ignition timing is usu-

ally feedforward controlled with look-up tables in dependence on various variables.

The precision of the ignition-angle control can be improved by combining the feed-

forward look-up table with an adaptation look-up table based on the feedback of a

combustion-pressure-based combustion center calculation. Thus, the ignition angles

adapt to the individual cylinder properties. A further investigation shows the results

of an extremum value control of the mean effective pressure by changing the ignition

angle and using a sublevel combustion center control. Then knock control, idle speed

control, and variable valve trains are treated.

As alternatives to the homogeneous combustion stratified combustion and ho-

mogeneous charge compression ignition (HCCI) are considered. Finally, signal-flow

schemes and control systems for the coolant systems and the lubrication systems are

discussed.

7.1 Gasoline engine control structure

In the past the electronic control of engines was mainly realized with two-dimensional

maps between the various inputs and manipulated variables as outputs like throttle

angle, fuel injection quantity, injection timing and ignition timing. However, because

of the many interactions and cross couplings the control system structure without a

central torque coordination was not transparent. Since about 1997 the structure has

changed to a torque-oriented scheme, enabling a more clear physical-based structure,

Gerhardt et al (1997), Gerhardt et al (1998). The underlying stationary torque model

is depicted in Fig. 7.1.1. The model consists of an inner torque Mi in dependence

on the cylinder charge (air mass) mair and engine speed n = neng for stoichiomet-

ric combustion λ = 1 and optimal ignition angle. The inner torque results from the

combustion and is

M i = fMi(mair, n) = M eng +Mdrg (7.1.1)

where M eng is the mean torque at the clutch and the mean drag torque is

Mdrg = Mg,drg +M f +Maux1 +Maux2. (7.1.2)

The drag torque results from the gas exchange torque Mg,drg of the low pressure cy-

cle and thermal losses during the motoring high pressure cycle, the friction torque Mf

428 �   &ontroO oI *DVoOinH (nJinHV



and the engine integrated auxiliary drives torque Maux1 and external auxiliary drives

torque Maux2 (coolant pump, electrical generator, air conditioning compressor).

Changes from the optimal operating conditions by other air-to-fuel ratios or other

ignition angles are taken into account by correction factors, called efficiencies

ηλ =
Mi(λ)

Mi
; ηϕign =

Mi(ϕign)

Mi
(7.1.3)

such that the corrected torque becomes

M icorr(λ, ϕign) = ηλ ηϕign M i. (7.1.4)

The torque at the clutch is then

M eng (mair, n, λ, ϕign) = M icorr(λ, ϕign)−Mdrg(n) (7.1.5)

compare Fig. 7.1.1.

1
	

1
	

�

	
�

Micorr

drg

	
�ign

Mi

mair

xx

+

-

torque
losses

0 0T p
oilT charge

cycle
friction auxi-

liaries

Mi

neng

M

Meng

�ign

Fig. 7.1.1. Torque model for internal combustion engines, Gerhardt et al (1997). ṁair: mass

flow, Mi: internal torque, Meng: crankshaft torque, Mdrg: drag torque (torque losses).

As the torque demands from the driver, the transmission, auxiliaries, etc. play a

central role in the torque-oriented control system, the torque model has to be invert-

ible to determine the required manipulated variables, as e.g. for mair

mair = f−1
Mi (M i, n)

M i =
1

ηληϕign
(M eng +Mdrg)

(7.1.6)
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which follows from (7.1.5), (7.1.4) and (7.1.1). This becomes possible because of

the two-dimensional map (7.1.1). The introduction of an optimal inner torque and

corrective factors for other operation points allow to operate with two-dimensional

maps and one-dimensional characteristics instead of a multi-dimensional map, see

Sect. 6.5.

It turns out that the efficiency map ηϕign(ϕign) results in a single characteris-

tic also for many other operating points, Gerhardt et al (1997). Thus, as a basis the

engine models according to Fig. 7.1.1 have to be determined on a test bench for a

specific engine. The torque model of Fig. 7.1.1 may be enhanced by further correct-

ing factors like camshaft phasing ηcam or residual gases ηres.
The injected fuel is directly determined by the charged air mass in the cylinder

and follows for a given excess-air factor from (7.0.1) to (7.0.3) to

mf(mair, λ) =
1

Lstλ
mair. (7.1.7)

A prerequisite for the design and implementation of the control functions of the

torque-oriented control system is the existence of a basis control calibration of the

engine, see Sect. 6.8. Therefore the steady-state behavior of the engine has to be

measured on a test bench and optimal manipulated variables have to be determined

for, e.g. the air charge, fuel mass, A/F ratio, injection angle, EGR mass flow, camshaft

position and boost pressure in dependence on the torque Meng and speed n with

regard to fuel consumption, emission laws and driveability. This results in optimized

steady state engine models, Stuhler and Kruse (2003):

• optimal inner torque Mi(mair, n)
• optimal fuel injection mf (mair, n)
• optimal fuel injection angle ϕf (mair, n, λ)
• optimal ignition angle ϕign(mair, n, λ)
• drag torque Mdrg(mair, n, Toil)
• ignition-angle efficiency ηϕign(ϕcs)
• lambda efficiency ηλ(λ).

The torque-oriented engine control now has the task to control the engine via the

given actuators according to the external or internal torque demands and limits, based

on the engine models from the basis control calibration.

The torque-oriented gasoline-engine control system can be divided in different

signal-flow control blocks, Robert Bosch GmbH (2004), as shown in Fig. 7.1.2.

The torque-oriented structure includes the calculation of following variables:

• Torque demands: determination of the required torques dependent on driving sit-

uation

• Torque coordination: selection of the kind of torque manipulation by appropriate

commands to air charge, ignition, injection cut-off

• Torque conversion: determination of the desired values of the actuator outputs,

the physical engine inputs, based on engine models

• Actuator control: determination of the desired values of the electrical actuator

inputs.
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actuator control

throttle

injection mass
injection angle

ignition angle

EGR-valve
camshaft position
turbocharger
actuator position

operation modes

- start
- cat heating
- idle
- normal

torque
coordination

- torque: aircharge

- torque: ignition

- torque: injection
cut-off

- torque: lambda

torque conversion

air
system

fuel
system

ignition
system

exhaust
system

coor-
dinated
torque

external torque
demands

- driver
- velocity

control
- transmission

shift

internal torque
demands

- start
- idling
- speed limits
- protection

required
torque

Fig. 7.1.2. Main signal-flow blocks for the control of gasoline engines.

A more detailed control structure is depicted in Fig. 7.1.3 for a gasoline engine

with homogeneous combustion, which leans on Gerhardt et al (1997), Gerhardt et al

(1998), Meisberger et al (1998), Hess (2003). This scheme is now further discussed

as an example.

a) Torque demands

The main driving input for a vehicle is the driver’s pedal position αped. According

to the designed drive map (look-up table) M(αped, n) a desired inner torque Mi,d

is specified which for driving without gear shifting or overrun determines the load

torque through air charge Mi,ch,d. Other operating conditions also require certain

engine torques, like for start and idling and for additional auxiliaries. Further, the

torque should never be smaller than the drag torque and not larger than protection

limits given by the engine itself or the transmission. During gear shifting and control

actions of drive dynamic control as, e.g. the traction control system (TCS) the engine

torque should be reduced as fast as possible. Therefore, all different torque demands

have to be stated.

b) Torque coordination

The torque coordination block selects, based on all torque demands, which torque has

to be realized. This is based on priority selection, either by a maximum determination

of the torque demands from the drive map or the accessories or the drag torque or

a minimum operation with regard to the engine protection limits or the transmission

demand.
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The torque of gasoline engines is conventionally manipulated with the throttle,

the injected fuel mass or by fuel cut-off of certain cylinders or in the case of torque

reduction by the ignition angle. Therefore, the kind of manipulation has to be selected

for given torque demands.

The engine torque change after actuating the throttle is delayed with several

100ms, because of the air mass storage in the manifold and the limited speed of

the throttle plate, especially for slow engine speed. The increase of the ignition spark

advance angle or the reduction of the fuel injection mass can be realized crank an-

gle synchronously and influences immediately the following combustion cycle and

therefore within some 10ms. An increase of the spark advance from the optimum by

20◦ to 30◦CS, e.g. decreases the torque immediately by about 20 to 50 %. Hence, the

engine torque can be manipulated by the throttle with slow dynamics, determining

the torque in a larger time range, and it can be reduced by ignition and/or injection

timing in a short-time range. A fast torque reduction is required for automatic gear

shifting and for drive dynamics control as for TCS. The torque coordination block,

therefore, decides by a priority selection if the fast dynamics torque reduction be-

comes active in the sense of an auxiliary manipulating variable for the engine. The

slow dynamics torque manipulation with the throttle determines the long-term torque

behavior.

Figure 7.1.4 shows a detailed signal flow for the torque coordination block, di-

vided in a slow and a fast dynamics path, according to Gerhardt et al (1997). The

desired inner torque Mi,d determined from the accelerator pedal (or speed control)

is the same for the slow path determining the desired inner torque through the air

charge and the fast path for determining the desired inner torque through the ignition

angle. (The scheme for the injection mass is similar). More details are described in

Gerhardt et al (1997) and Gerhardt et al (1998), see also Meisberger et al (1998).

c) Torque conversion

The task of the torque conversion is to determine the desired physical engine inputs

with the corresponding actuators by using the engine torque models. As Fig. 7.1.5

shows, the desired inner air charge torque Mi,d is corrected taking into account the

efficiencies with the real λ and ϕign. Then the torque map Mi(mair, n) for λ = 1
and the optimal calibrated ignition angle ϕign,opt is inverted to calculate the required

air mass mair. If larger than a minimum air mass, the desired air mass mair,d is

determined.

Figure 7.1.5 depicts also the calculation of the desired ignition angle ϕign,d (so

called spark advance) if a fast torque reduction is required. First the desired ignition

efficiency ηign,d is determined based on the values of the desired torque and the

possible torque according to the present (sequential) reduction step. An inversion of

the ignition efficiency characteristic ηign(ϕign) allows then to determine the desired

ignition angle ϕign,d, additionally taking the ignition angle change through changed

λ resulting from the λ-controller into account. Thus, the fast dynamics path adds

ignition angle changes Δϕign to the optimal calibrated ϕign,opt,λ=1 if required for
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the fast actions depicted in Fig. 7.1.4. This is in the sense of a dynamic feedforward

action which passes after short time.

The injected fuel mass is calculated with (7.1.7) based on the air charge mair in

the cylinder. The injection angle follows the basic control calibration, see Fig. 7.1.3.

In the case of fast torque reduction the fuel mass may be cut-off dependent on the

sequential reduction steps, Hess (2003), where the sequence of commands to the

throttle, injection mass and ignition is triggered in a cascaded manner.

d) Actuator control

The actuator control block determines the electrical inputs of the actuators for the

manipulation of the physical engine inputs. Based on the desired air mass mair,d the

air mass flow rate ṁair,d is calculated, corresponding to (4.1.29), and by using the

air flow rate equation (4.1.19) for the throttle and inversion of the Ath(αth) char-

acteristic the desired throttle angle αth,d is obtained, as depicted in Fig. 7.1.5. The

throttle control loop then positions the throttle to αth, see Fig. 7.1.3. Delayed by the

intake manifold dynamics the engine then obtains the air mass flow rate ṁair into

the cylinders.

In the case of ignition-angle manipulation the desired ignition angle ϕign,d is

compared with the crankshaft rotating angle ϕcs and gives upon agreement a pulse

to the electronic ignition, where the ignition driver cuts the ignition coil to generate a

high voltage for the spark plug, see Sect. 5.1. The injection time and the injected fuel

quantity are determined by the begin and duration of the injection and are triggered

by special ASIC’s, as described in Sect. 5.1.

The external exhaust gas recirculation flow rate is feedforward controlled based

on the basic engine calibration, see Fig. 7.1.3.

As Fig. 7.1.3 indicates, the control functions described until now are all feed-

forward and based on the inner torque model and engine models from the basic

control calibration. However, in order to obtain a precise stoichiometric combustion

a λ-feedback controller corrects the injected fuel mass, see next section. To avoid

knocking cylinders a knock feedback control manipulates the ignition angles of the

individual cylinders, see Sect. 7.6, as also shown in Fig. 7.1.3.

e) Extended determination of torque demand

The torque demands according to a) and Fig. 7.1.3 apply for driving with the acc-

elerator pedal. However, for traction control (TCS) or for vehicle speed control or

adaptive cruise control (ACC) the torque at the wheels is required. Then the complete

drive train has to be considered and the signal flow has to be expanded as depicted in

Fig. 7.1.6.

Neglecting dynamic effects the mean crankshaft torque results according to

(7.1.5) to

M eng = Meng = Mi,corr −Mdrg. (7.1.8)

The engine output torque (after flywheel) Meng acts on the clutch and according to a

clutch actuation system with gliding or engaged status, the resulting torque Mcl is the
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input to the transmission. (The dynamic behavior of the drive train with the clutch

in gliding or engaged is treated in Sect. 4.9.) The mean torque at the transmission

output is

Mtr = itrMeng −Mtr,drg (7.1.9)

with the gear ratio

itr =
ωtr,in

ωtr,out
=

transmission input speed

transmission output speed
(7.1.10)

and a friction torque Mtr,drg. The friction can also be taken into account with an

efficiency factor ηtr
Mtr = itrηtrMeng. (7.1.11)

In the case of an automatic transmission with a hydrodynamic torque converter and

several planetary-gear sets the torque output is a dynamic function of the pump (im-

peller) torque Mp and the turbine torque Mt which both depend on their speeds ωp

ωt, see e.g. Robert Bosch GmbH (2011). However, with a lock-up clutch the impeller

and the turbine are locked together such that (7.1.9) can be applied in the engaged

status and ωtr,in = ωeng.

The transmission output torque drives the propeller shaft and is converted by the

differential into the differential output torque

Mdi = idiηdiMtr. (7.1.12)

with

idi =
ωps

ωw
=

propeller shaft speed

wheel speed
(7.1.13)

and an efficiency ηdi for friction losses and usually ωps = ωtr,out. Assuming tow-

driven wheels and straight driving it holds for the sum torque of the wheels

Mw
∑ = Mdiηws (7.1.14)

where ηws takes the friction along the wheel shaft into account. This torque then

drives the vehicle.

As indicated in Fig. 7.1.6 the engine control system has to include the signals to

and from the transmission control and the clutch control.

Considering all torque losses between the engine output torque Meng and the

sum of the wheel torques it holds

Mw
∑ = ηtrηdiηdsMeng. (7.1.15)

The required inner torque is according to (7.1.8) with now the wheel torque as input

Mi,corr =
1

ηtrηdiηds
Mw

∑ +Mdrg. (7.1.16)

This torque leads with (7.1.4) to the demanded inner torque Mi,d,veh

Mi,d,veh =
1

ηληign
Mi,corr

e.g. as output of a vehicle speed or traction controller, Fig. 7.1.4.
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f) Simplified gasoline engine torque models

The detailed control structures presented in Figs. 7.1.3 to 7.1.5 are required for the

development and calibration of the control functions. However, for applications with

the gasoline engine as part of a powertrain sometimes simplified torque models can

be used.

As stated in subsection b), the demanded inner torque from external torque de-

mands like from the driver, the transmission or the vehicle velocity control or from

demanded internal torques is the input to a torque coordination, where the desired

torque Mi,d is determined by priority selection. A torque conversion then calculates

the required air mass mair,d and throttle position αth by an inversion of the inner

torque model. The injected fuel quantity mf(mair, λ) is directly determined from the

air mass for a given excess-air factor λ. Changes of the throttle position αth shows

a delay in the engine torque of some 100 ms, because of the air mass storage in

the manifold and result therefore in a slower torque development. The fuel injection

and corresponding ignition spark advance angle can be realized crank angle syn-

chronously and influence the torque within some 10 ms. Hence, the engine torque

can be manipulated by the throttle with slower dynamics, determining the torque in

a larger time range, and it can be reduced by ignition and/or injection timing in a

short time range, e.g. for gear shifting. The torque conversion block combines these

actuator commands, as shown previously in Fig. 7.1.3.

Figure 7.1.7 illustrates a simplified torque generation model. The main delay is

caused by the intake manifold dynamics. Detailed models of the air path system are

derived in Sect. 4.1. The time constant of the intake manifold is described by

Tint =
2Vint

ηυVDneng
(7.1.17)

with Vint the intake volume, ηυ the volumetric efficiency of the cylinder group and

VD the displacement. Hence, Tint is the smaller the smaller Vint and the larger neng.

The position control of the electrical throttle valve introduces a further delay with a

time constant Tth. The fuel mass injection and ignition angle act only with negligible

dynamics and are therefore assumed as proportional acting. A further delay may

come from a dead time Td which results from ECU calculation times and a cycle

time, depending on the change of the injection after a command signal, which is

larger for port injection than for direct injection.

The inner torque generation of a gasoline engine without supercharging can

therefore be approximated by a nonlinear map

M i(ṁair, neng) (7.1.18)

for optimal calibrated other manipulated variables like λ and ϕign. Linearization

around an operating point (M eng, neng) results for the air flow as output in the trans-

fer function

Gmm(s) =
Δαth,d(s)

Δṁair,d(s)
· Δṁair(s)

Δαth(s)
≈ Δṁair(s)

Δṁair,d(s)
=

KthKint

(1 + Tths)(1 + Tints)
e−Tds

(7.1.19)
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Fig. 7.1.7. Simplified torque model for a naturally aspirating gasoline engine.

and for the torque

GmM(s) =
ΔMi(s)

Δṁair(s)
· Δṁair(s)

Δṁair,d(s)
=

ΔMi(s)

Δṁair,d(s)
=

KmM(M eng, neng)

(1 + Tths)(1 + Tints)
e−Tds

(7.1.20)

with Tth ≈ 50 . . . 100ms and Tint ≈ 50 . . . 300ms, compare Fig. 7.1.7.

Usually, the engine torque is given as a look-up table in form of Meng(αth, neng).
The inner torque then follows due to (7.1.5) to

Mi,corr(αth, neng) = Meng(αth, neng, λ, ϕinj) +Mdrg(neng). (7.1.21)

With αth as input (7.1.19) leads to

Gmα(s) =
Δṁair

Δαth(s)
=

Kmα(Mi, neng)

(1 + Tths)(1 + Tints)
e−Tds (7.1.22)

and instead of (7.1.20) follows

GαM(s) =
ΔMi(s)

Δαth(s)
=

KαM(M i, neng)

(1 + Tths)(1 + Tints)
e−Tds. (7.1.23)

Hence, the torque of a naturally aspirating gasoline engine can be described by sec-

ond order dynamics with a dead time.

A further simplification leads to an overall torque model for gasoline engines as

depicted in Fig. 7.1.8. The nonlinear steady state behavior of the torque is described

by multi-dimensional maps

Meng(ueng, neng,Mdrg) (7.1.24)

where the input vector is

ueng,gasoline = [ṁair,mf , ϕign, ϕinj]. (7.1.25)
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The desired inner torque Mi,d follows the pedal position αped according to the im-

plemented driving characteristics and the torque conversion without delay. The main

dynamic delays stem from the air path volume storage and actuator delays and can

be approximated by the behavior of the delayed air flow ṁair as a representative

variable. According to the dynamic model (7.1.19) it holds

Gmα(s) =
Δṁair(s)

Δαped(s)
=

Kmα

(1 + Tths)(1 + Tints)
e−Tds. (7.1.26)

ṁair is then a representative dynamic input to the steady-state map (7.1.24). After

linearization around an operating point (M eng, neng) one obtains for the dynamic

torque generation

GαM(s) =
ΔMeng(s)

Δαped(s)
= Gmα(s)KmM (7.1.27)

with

KmM =
ΔMeng

Δṁair

∣∣∣∣
Meng,neng

. (7.1.28)

Depending on the application the dead time Td and the throttle-time constant may be

neglected. Gmα(s) reduces then to

Gmα(s) =
Δṁair(s)

Δαped(s)
=

Kmα

(1 + Tints)
. (7.1.29)

If the air path time constant is much smaller than the following vehicle dynamic time

constants, the torque can be represented by a proportional behavior without dynamics

GαM =
ΔMeng

Δαped
= KmαKmM = KαM(M eng, neng). (7.1.30)

The torque Meng acts on the crankshaft and flywheel of the engine. An angular mo-

mentum balance yields

Jeng
dωe(t)

dt
= 2πJeng

dneng(t)

dt
= Meng(neng, t)−Ml(neng, t) (7.1.31)

with Jeng the moment of inertia of the crankshaft, pistons and flywheel and Ml a

counteracting load torque, see Fig. 7.1.8. The load torque is either the clutch torque

Ml = Mcl,cd from a shifted transmission or the impeller torque Ml = Mp from a hy-

drodynamic torque converter, see Isermann (2015). Thus, the acceleration dωeng/dt
of the engine is proportional to the difference between the engine and the load torque.

Meng acts as applied variable on the drive train and the angular engine velocity

ωeng = 2πneng is a dependable variable, based on the feedback of the driving resis-

tances from the vehicle and drive train.

According to (7.1.31) and (7.1.29) the dynamic behavior of the engine speed can

be directly observed by an experiment with any gasoline engine with opened clutch,

i.e. in idling status. A small step input Δαped on the accelerator pedal then shows

for small speed of about ωeng = 800 rpm a larger time constant as for higher speed

of about ωeng = 3000 rpm.
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Fig. 7.1.8. Simplified overall torque model for gasoline and diesel engines with the assumption

that the dominant dynamic delays can be represented by the air flow mass.

7.2 Air/fuel- and catalytic converter control

As described in Sect. 7.1 the injected fuel mass is feedforward controlled based on

the measured or calculated air mass. As the combustion of gasoline engines and the

three-way catalyst require a precise A/F ratio, the feedforward controlled fuel mass,

which cannot be very precise because of measurement errors, engine tolerances, ag-

ing and not measured influences, has to be enlarged by a feedback control. Suitable

sensors are λ-sensors which measure the oxygen concentration, first introduced in

1976. There are mainly two types of λ-sensors. The first type is a solid-state elec-

trolyte made of ZrO ceramic material. At high temperatures the electrolyte becomes

conductive and generates a galvanic voltage. The resulting characteristic is of jump

type, see Fig. 7.2.1a). This means it can be used as a two-point sensor around λ = 1.

(This sensor type is also called “Heated Exhaust Gas Oxygen Sensor” (HEGO).)

1 �

0

500

1000
[mV]Us

1 2 3 4

-2

[mA]Ip

-1

0

1

�0.8 0.9 1.1 1.2 0.7a) b)

Fig. 7.2.1. Characteristics of lambda-oxygen sensors in dependence on the air excess factor

λ. a two-point sensor: electrode-voltage Us. b continuous (broad-band sensor): pump-cell

current Ip.

The second type consists of multilayer ceramics, with a galvanic concentration

cell (Nernst cell) and a pump cell. A voltage at the pump cell controls λ = 1 in

the concentration cell by pumping oxygen away for lean exhaust gas or pumping it

in for rich exhaust gas. Therefore the sign and the magnitude of the pump current
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becomes a nonlinear measure for λ, see Fig. 7.2.1b). This means that this continu-
ous lambda sensor or broadband lambda sensor (also called “Universal Exhaust Gas

Oxygen Sensor” (UEGO)) can be used for 0.7 < λ < 4. A detailed description of

the principles of λ-sensors is treated in Baunach et al (2006).

The exhaust gas treatment for gasoline engines with stoichiometric combustion

is based on catalytic converters of different types. The three-way catalyst is the most

used one. It is able to reduce the main pollutants CO, HC, and NOx. CO and HC

are converted to CO2 and H2O by oxidation. The oxygen is taken from NOx which

is converted by CO to N and O2. The catalytic converter is designed of a sheet-

metal housing, a substrate and a catalytic noble-metal coating. A ceramic or metallic

substrate layer offers a large effective surface with platinum or palladium. However,

the optimal conversion requires a stoichiometric combustion with λ = 1 and allows

only very small deviations.

Oxygen-type catalytic converters store excess oxygen in a lean phase and give it

away in a rich phase. The oxygen content may therefore oscillate to a small amount

but must stay upstream accurately within λ = 1± 0.005.

The NOx accumulator-type catalytic converter is required for direct injection

gasoline engines which operate with lean combustion. The oxygen necessary to oxi-

dize HC and CO is taken from the excess air in the exhaust gas. This catalyst carries,

e.g. barium oxide which can store NOx. During lean operation (e.g. stratified mix-

ture) NOx is stored and oxidized to NOx and is turned to e.g. barium-nitrate. If the

storage is saturated, it must be regenerated by a rich combustion (λ < 0.8) in order

to reduce the nitrate to N. This manipulation of lean and rich combustion requires an

NOx or λ sensor after the catalytic converter.

The starting temperature of the converters (light-off) is about 300◦C for the three-

way catalyst and 200◦C for the NOx accumulator type. The converters must be pro-

tected against too high temperatures of > 800◦C.

A variety of catalytic converter configurations exist, Robert Bosch GmbH (2011).

Usually a primary catalytic converter is used close to the exhaust manifold (for high

temperatures and fast light-off) and a main converter under floor (for low light-off

temperature), see Fig. 7.2.2 or only one main converter. For homogeneous stoichio-

metric combustion one or two three-way catalysts are used and for direct injection

with lean mixtures a three-way catalyst followed by a NOx accumulator-type.

The closed-loop λ-control for the catalytic converters and the combustion de-

pends on the type of converters and the used sensors. For homogeneous stoichio-

metric combustion and use of one three-way catalyst the oxygen control variable is

measured with a two-point λ-sensor upstream, i.e. in front of the catalyst. Because

of the jump characteristic at λ = 1 a two-step control loop results. The resulting con-

troller changes the correcting factor or efficiency ηλ which is then multiplied with

the desired fuel mass mf,d, as shown in Figs. 7.2.2 and 7.1.3. Figure 7.2.3 shows the

time behavior. The manipulated variable consists of a jump and a ramp, resulting in

a deviation Δλ of about 0.02.

Because of the asymmetric characteristic of the λ-sensor and nonlinearities of

the engine between Δηλ and Δλ the mean value of the controlled λ has an offset.

This can be compensated by making the dwell-time of the ramp signal larger for
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Fig. 7.2.3. Time behavior of two step λ-control with two-point λ sensor. a change to rich.

b change to lean, Robert Bosch GmbH (2007). tv: dwell time following the sensor jump.

the jump from rich to lean, see Guzzella and Onder (2010). A steady λ-control can

be obtained by using a continuous-type λ-sensor. This may result in a better control

performance and allows the control of lean or rich combustion.

For higher performance of the emission reduction two catalytic converters be-

came standard with a cascaded control system, consisting of an inner and outer loop,

as shown in Fig. 7.2.2. Then usually a continuous λ-sensor (broadband) is used in

front of the primary catalyst to obtain a closed inner loop with fast dynamics. An

outer loop with a second sensor downstream the main converter with two-point char-

acteristic can then react slowly and corrects the reference variable of the inner loop.

The second downstream sensor is less stressed and influenced by aging, as a sensor

upstream of the primary catalyst. Hence, a cascaded control system results, with e.g.

a PI controller as major controller. An additional NOx sensor downstream of a NOx

accumulator type converter can be used to control and supervise the regeneration of

this converter.
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To obtain at least a rough model of the process for the λ-controller the signal

flow in Fig. 7.2.4 is considered. The input of the controlled process is a change of

the injected fuel mass and the output a change of the λ-sensor signal. It is assumed

that the air-mass flow rate is constant.

�mf

fuel
injection

combustion
delays

exhaust
manifold

pipe transport
delay

��

��s

�m02

Ts�

TdpT Tdex ex,TdcTdf

a)

b)

�mf
��s

Gm�

Fig. 7.2.4. Signal flow for the λ-control process of the primary catalytic converter. a process

elements. b approximate model.

For intake manifold injection close to the inlet valves or direct injection in the

induction stroke for homogeneous combustion it can be assumed that after a very

small delay Tdf of the ECU and the injector, the exhaust gas at the outlet valve is

swept out by the pistons after about 180◦to 360◦CS, corresponding to an average

dead time

Tdf =
1

ωeng
(π + 2π) =

3π

ωeng
. (7.2.1)

This repeats for each cylinder and because all cylinders are assumed to provide the

same gas concentrations, a step function for the air excess factor λ with dead time

Tdc results, see Fig. 7.2.4.

The gas concentrations then pass the exhaust manifold. Without mixing a pure

time delay Tdex and with mixing a small time constant Tex combined with a small

time delay can be assumed. After a further transport delay Tdp through the exhaust

pipe the oxygen concentration is measured with the λ-sensor for which data sheets

give a time constant of Tsλ ≈ 100ms.
Altogether the resulting transfer behavior may be approximated by a first order

plus dead time element.

Gmλ(s) =
Δλs(s)

Δmf (s)
=

Kmλ

1 + Tmλs
e−Tdmλs (7.2.2)

with a time constant

Tmλ = Tex + Tsλ (7.2.3)

and dead time
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Tdmλ = Tdf + Tdc + Tdex + Tdp ≈ 1.5Tdp (7.2.4)

see also Alfieri et al (2009), Yildiz et al (2010).

Table 7.2.1 presents some data which was obtained for a four-cylinder diesel

engine, Kimmich et al (2001). The determination of the time constant of a broadband

sensor for a four-cylinder diesel engine by identification methods resulted in

Tsλ = 116ms− 0.07

[
ms

mg/stroke

]
mair (7.2.5)

i.e. is given in dependence on the air mass mair per stroke, Kimmich et al (2001).

Table 7.2.1. Time delays and time constants of the λ-control process (Tex ≈ 0). Diesel engine:

2.0 l, 4 cyl, 74kW. λ-sensor: LSU 4.2, Bosch, Kimmich et al (2001)

n Time constant

combustion

Time delay

exhaust pipe

Time constant

λ-sensor

Approximate model Gmλ(s)

[rpm] Tdc[ms] Tdp[ms] Tsλ[ms] Tmλ[ms] Tdmλ[ms]

1000 90 40 100 100 130

4000 23 15 80 80 38

The approximate model then shows larger time constants and time delays for

small speed and smaller values for higher speeds. These values have about the same

size as in Guzzella and Onder (2010), Rupp et al (2008). A standard controller Gc1

for the process (7.2.2) is a PI controller. Several publications on the design of the

air/fuel control exist like Ault et al (1994), Powell et al (1998), Won et al (1998),

Rupp et al (2008), Yildiz et al (2010). Because of the variable dead time and gain

of the controlled process, the parameters of a PI controller have to be tuned such

that a robust control behavior with slow control behavior results, or the controller

parameters have to be adapted to the operating points of the engine, thus leading to

a so-called gain-scheduled controller.

An adaptive air/fuel ratio control is proposed by Rupp et al (2008). By applying

an internal model controller to a first order low pass process with dead-time and a

first order model of a wide-range lambda sensor an adaptation to changing sensor

time constants is obtained with a stochastic approximation gradient method.

Yildiz et al (2010) developed model reference adaptive controllers with low-pass

reference models, known dead-time and gradient-adaptation laws and obtained im-

provements compared to the gain-scheduled PI controller.

The oxygen storage capability of a three-way catalytic converter can be described

by setting
d

dt
mO2,store = ṁO2Δλ (7.2.6)

which leads to an integrator

ΔmO2,store =
1

s
ṁO2Δλ (7.2.7)

see Guzzella and Onder (2010) with ṁO2 the oxygen mass flow at the inlet.
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7.3 Ignition feedforward control

For gasoline engines, the compressed air-fuel mixture is ignited by an electric spark

of a spark plug. The ignition system consists of an ignition circuit with an ignition

coil for inductive ignition and a spark plug, where the generated high voltage gener-

ates an electric spark between the spark-plug electrodes, see Fig. 7.3.1. The ignition

driven stage in the ECU switches before the moment of ignition a current through

the primary winding of the ignition of the ignition coil, such that a magnetic field

builds up (dwell period). At the moment of ignition the current through the primary

winding is interrupted. The magnetic field energy is then discharged to the magnetic

coupled secondary winding (about 1:100 turns ratio) by induction, producing a high

voltage there, which generates the spark at the spark plug. The current in the primary

coil needs some time, the dwell period, to build up the magnetic field with energy

E = 1
2LI

2 because of the induced counter voltage. If the ignition voltage at the

spark pug is reached, the flashover occurs and ignition begins, compare Fig. 7.3.2.

After the flashover, the voltage at the spark plug reduces to the spark voltage.

This spark voltage depends on electrode gap and flow phenomena influencing the

spark plasma and is about 1kV with an ignition energy of about 30 − 100mJ. The

spark duration varies between 100μ s and 2ms. The high-temperature plasma then

starts a flame front through the air-fuel mixture.

The instant of the ignition spark has to be precisely calibrated, because it influ-

ences the combustion, torque generation, emissions and fuel consumption. It depends

mainly on engine speed, air charge, excess air and engine temperature, see Fig. 7.3.3.

The instant of ignition is referred to the top dead center (TDC) of the power cycle. It

is called advanced if it is before top dead center, expressed as ignition advance angle

ϕign = −(ϕcs,ign − 360◦CS). (7.3.1)

The combustion of the air/fuel mixture can be divided in two phases, Kiencke and

Nielsen (2000). During the inflammation delay Δtid the cylinder pressure and tem-

perature do not increase much. It depends on λ, pcyl and Tcyl, is proportional to time

and in the range of ns to a few ms, Stiesch (2003). The second phase depends on

the flame propagation through the A/F mixture and is influenced by swirl, tumble

and turbulences. It results as a combustion delay angle ϕfd which is almost constant

for the engine operating ranges. Hence, the overall combustion delay angle can be

expressed by

ϕdc = ωengΔtid + ϕfd (7.3.2)

which corresponds to a time delay of

Tdc = Δtid +
ϕfd

ωeng
. (7.3.3)

Some formulas to calculate the ignition delay between the ignition and 5 % release

of heat MFB5 are summarized in Merker et al (2006), p. 169.

Figure 7.3.4 shows examples for the indicated pressure pcyl(ϕign). The largest

(retarded) ignition advance angle is determined by the combustion limit and the max-

imum possible exhaust-gas temperature and the smallest ignition advance angle by
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Fig. 7.3.1. Ignition circuit with single spark coils, Robert Bosch GmbH (2011). 1 ignition

driver stage (ECU), 2 ignition coil, 3 activation arc diode, 4 spark plug.
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Fig. 7.3.2. Voltage at the electrodes of spark plug. 1 ignition voltage, 2 spark voltage.
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emissions
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Fig. 7.3.3. Influenced variables by the ignition angle.

the knock limit, Fig. 7.3.4a). In between is an optimal ignition advance angle. This

optimum is determined by the resulting torque, fuel consumption, emissions and ex-

haust gas temperature. A maximum torque is obtained for a high pressure curve, such

that the integral over pressure peff(ϕ) gets maximal, compare (4.3.14). The peak

pressure should be approximately at 12 . . . 16◦CS after TDC, Heywood (1988), p.

375, Müller (2003), or the combustion center at 8◦CS, Bargende (1995b). Generally,

more spark advance increase the torque and reduce fuel consumption, but it raises HC

and NOx emissions. Retarded ignition results in a higher exhaust gas temperature.
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A suitable compromise between these partially contradicting effects has to be found

during the basic calibration of the engine. One begins for a certain operating point

(mair, neng) with an average (safe) ignition angle, then shifts to advanced angles until

either the torque maximum or the knock limit is reached. Then the ignition advance

angle is retarded in steps of e.g. 4.5◦CS until a stopping criterion is reached, Stuhler

and Kruse (2003), compare Fig. 7.3.5a). During the measurement also the other out-

puts HC, NOx and T3 are measured, also for different operating points (mair, neng).

The ignition must usually be advanced with increasing speed, increasing air charge

and lean A/F mixture. According to optimization criteria finally the optimal ignition

advance angles are specified

ϕign,opt = f(mair, neng, λ, Teng) (7.3.4)

and stored in maps for the ECU, taking into account an optimal balance between

bf , T3, HC, NOx, CO, and knocking limit in steady state conditions. Figure 7.3.5b)

depicts an example for the measured torques in dependence on the ignition angle for

different speeds and air charge. It shows the maximal torque which is not calibrated,

because it is too close to the knock limit, and the optimal calibrated torque.

Figure 7.3.6a) depicts the signal flow from ignition command to torque gener-

ation. After a very short ignition delay the indicated pressure pcyl(ϕ) of cylinder

i develops depending on air charge, fuel injection and ignition angle ϕign,i. A gas

torque Mg,i results, see (4.3.29) and by averaging over one stroke the average torque

M cyl,i of one cylinder is obtained. The same torque is then provided by the next

cylinders with phase shifts of 180◦CS for a four cylinder and 120◦CS for a six cylin-

der engine. This means a step increase after an angle delay of about 10 to 40◦CS
which corresponds to a dead time of

TdM = (0.06 . . . 0.22)
π

ωeng
. (7.3.5)

Thus for neng = 600 to 6000 rpm this dead time may vary between 0.3 and 11 ms.

After subtracting the friction torque and load torque of the engine integrated auxil-

iaries the engine torque at clutch Meng results.

The transfer behavior between a change of the ignition angle and the cylinder

torque can therefore be approximated by

GϕignM(s) =
ΔM cyl(s)

Δϕign(s)
= KϕignMe−Tds (7.3.6)

with the small dead time

Td = Tdc + TdM (7.3.7)

in the range of a few ms.

The steady state behavior is shown in Fig. 7.3.6b) and consists of the measured

torque characteristic for varying ignition angle.

The ignition angle is usually feedforward controlled by using maps and correc-

tion (efficiency) factors in dependence on mair, neng, λ and Teng for all cylinders
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simultaneously. However, engine specific tolerances, cylinder dependent properties

and engine aging are not taken into account. For example, the position of the com-

bustion center ϕQ50 between the cylinders of a 4.4l V8 engine show differences of

2 . . . 8◦CS, Müller (2003). This motivates the development of closed loop ignition

control systems, as described in Sects. 7.4 and 7.5.

7.4 Ignition feedback control

The objective of ignition control is to achieve optimum engine efficiency for each

combustion event. General factors that influence the optimal ignition angle are en-

gine specifications like configuration of the combustion chamber, operating condi-

tions like engine speed, load, temperature and EGR flow rate, as well as ambient

conditions such as air temperature, air pressure and humidity in the atmosphere.

Standard ignition control systems are based on feedforward control and there-

fore rely heavily upon the calibration of look-up tables. The database values are

initially calibrated from an analysis of a nominal engine under fixed environmen-

tal conditions. However, changing environmental conditions, aging effects, different

fuel quality, and manufacturing tolerances usually change an engine’s characteristics

and lead to a deteriorating performance. This motivates the development of closed

loop systems.

However, closed loop ignition control needs a suitable control variable. An ex-

tremum value control of the measured torque was investigated by Scotson and Well-

stead (1990). Ion current sensors at the spark plug need only relatively small add-

itional effort. But the measurable amplitudes are difficult to evaluate and become

small for retarded ignition angles, lean mixtures or mixtures with high residual gases

and for low load, Willimowski (2003). Hence, the combustion pressure remains as

an attractive variable for feedback control.

An early proposal for a combustion pressure-based ignition control by using the

peak pressure was proposed by Glaser and Powell (1981). The control of the crank

angle position of the maximal combustion pressure by changing the ignition angle

was investigated by Fujii et al (1989), Zarske (1988), Rohe-Brandenburger (1986)

and Heywood (1988), p. 375. The optimal position of the peak pressure was found

to be 12 . . . 16◦CS after TDC. An ignition feedback control based on the peak press-

ure position was realized by Zarske (1988) and Kawamura et al (1988). However,

the determination of the position of the maximal pressure requires a relatively high

resolution of the crank angle measurement, at least close to TDC.

An alternative is to use a measure for the position of the center of the combustion,

like the mass fraction burned MFB50 or ϕQ50 at 50 % heat release. Optimal efficiency

can be reached by placing MFB50 at ϕQ50 = 8 . . . 10◦CS, Bargende (1995b), Hof-

mann (1984), Klimstra (1985), Matekunas (1986), or 6.5 . . . 8.5◦CS, Hockel (1981).

An ignition control based on the center of combustion was realized by Held and

Schubert (1994) and Truscott et al (2001). A linear feedback control was combined

with a fixed feedforward control map. But this does not allow a fast convergence

after operating point changes. The online calculation of the heat release with a special
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designed ASIC was realized by Hohenberg and Dolt (1993), showing that in principle

it is possible to evaluate pressure-based features in real time.

Müller (2003) compared the use of the crank angle position of the peak press-

ure ϕpmax, the pressure difference maximum ϕΔpmax and the center of combus-

tion ϕQ50. Measured characteristics for a 1 l, 3 cyl gasoline engine show an approxi-

mate quadratic relation between indicated torque and crank angle position ϕpmax of

the maximum combustion pressure with a flat maximum at 10 . . . 15◦CS after TDC.

However, retarded combustions, especially for low loads, high exhaust gas mass flow

rates or lean mixtures, lead to wrong peak pressure positions. Therefore the peak

pressure maximum is not a suitable measure for the whole operating range, see also

Zarske (1988).

An alternative is the use of the position ϕΔpmax of the combustion pressure
difference to the motored pressure

Δpcyl(ϕ) = pcyl(ϕ)− pcyl,mot(ϕ). (7.4.1)

This way, the problem of peak pressure detection for retarded combustions is

avoided. But this pressure difference alone is not a measure for the converted en-

ergy. However, as for the converted combustion energy holds

Qf ∼ Δpcyl(ϕ)V
n(ϕ) (7.4.2)

for a polytropical expansion with the polytropical exponent n, the heat release func-

tion can be approximated by

xB,Δp(ϕ) =
Δpcyl(ϕ)V

n(ϕ)

ΔpeocV n
eoc

(7.4.3)

with Δpeoc and Veoc at end of combustion.

However, this method still requires a relatively high resolution of the crank angles

and the measurement of the motored cylinder pressure for all operating conditions.

The reconstruction of the center of combustion ϕQ50 does not require more com-

putations as the previously discussed methods and allows a lower resolution of the

crank angle. Figure 7.4.1 shows the heat release function and the indicated torque

in dependence on the combustion center position ϕQ50. As this feature is directly

related to the converted combustion energy and retarded combustions do not lead to

wrong results, its application to a closed loop ignition control will be described in

the next section.

7.5 Combustion pressure-based ignition control

Cylinder pressure signals contain valuable information for closed-loop engine con-

trol. For using this information low-cost combustion pressure sensors with high long-

term stability have been developed, Anastasia and Pestana (1987), Herden and Küsell

(1994) and are starting to be installed into production engines, Inoue et al (1993).
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1 l, 3 cyl, 40 kW, neng = 2000 rpm, load 35 %; −32◦CS < ϕign < −5.25◦CS.

Real-time cylinder pressure evaluation is, however, a demanding task and requires

powerful computational resources. Sampling of cylinder pressure signals is usually

performed in a crankshaft synchronous manner. A typical resolution is 1, 3 or 6

crank-angle degrees (CS), which results in sampling rates up to 40, 13 or 6.7 kHz,

depending on engine rotational speed. Nevertheless, increasing computational per-

formance as well during the control design stage used rapid control prototype (RCP)

systems, as for future engine control units entail an increasing interest in benefiting

from combustion pressure information. A variety of engine control functions could

be improved or implemented using cylinder pressure sensors, see e.g. Powell (1993),

Pestana (1989), Sellnau et al (2000). The implementation of a closed loop ignition

control system is described in the next Sect. 7.5.1. A further possibility to optimize

the ignition angle is an extremum value control which will be described in Sect. 7.5.2.

Combustion pressure sensors allow to optimize the point of ignition of each

cylinder separately. The variable which is to be controlled is calculated from the

“mass fraction burned” (MFB) signal, which can be derived from cylinder pressure

evaluations, see Isermann and Müller (2001). Measurements and theoretical analysis

reveal, that optimal ignition, i.e. maximum torque from each combustion event, can

be obtained if 50 % of fuel mass has been burned until a crank angle of about 8◦after

top dead center (TDC), Bargende (1995a). This crank angle is also referred to as

the “center of combustion”. The proposed approach calculates the crankshaft angle

of 50 % MFB for each combustion cycle and controls it at e.g. ϕQ50 = 8◦CS after

TDC. The following treatment follows Müller (2003), Vogt et al (2004), Isermann

and Müller (2003).

7.5.1 Combustion pressure sensors

The combustion pressure in the combustion chambers is usually measured at engine

test benches and used for basic investigations and engine development. The used

sensors are mostly piezoelectric sensors which are water cooled in order to reduce
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temperature effects on the measurement quality. Because they are too expensive for

the application in series production engines, other sensor types like piezoceramic,

piezoresistive or fiber optic sensors were developed, Jost (2000), Hellemans et al

(2011).

The integration of piezoelectric, piezoresistive and ionic current sensors in the

glow-plug of diesel engines is reported in Borger et al (2004)), see also Moriwaki

et al (2003). The piezoresistive glow-pug sensor operates with a metal diaphragm

and a micro fused strain gauge Wheatstone bridge with temperature compensation.

The metal diaphragm is separated from the combustion chamber by the heating rod.

However, lower cost sensors show some measurement errors. These sensors usually

measure differences to a zero-point. A not precisely known zero-point therefore leads

to a sensor offset. The zero-point can be determined by a thermodynamic analysis,

Hohenberg (1982) or with reference sensors. Changing mean temperature results in

middle and long term drifts. The sensitivity (gain) of the sensors depends also on the

pressure indicating a hysteresis error. The strong temperature changes during one

stroke influence to measurement diaphragm by an unsteady heat flow, which shows

up in short-term drift, also called thermo shock. Figure 7.5.1 shows the sensor errors

for a piezoelectric sensor, modeled in Kohlhase (2011).

In the ideal case the measured voltage is proportional to the pressure

Us (ϕ) = Ks (T, p) pcyl (ϕ) + Uoffset (7.5.1)

and the pressure yields

pcyl (ϕ) =
1

Ks (T, p)
(Us (ϕ)− Uoffset) . (7.5.2)

If for the real sensor the sensitivity and the offset is K̂s and Ûoffset, then the deter-

mined pressure becomes

p̂cyl (ϕ) =
1

K̂s

(
Us (ϕ)− Ûoffset

)
. (7.5.3)

The measured voltage is further influenced by the mean temperature dependent off-

sets Uoffset (T ) and the short term thermo shock distortion Δpths (ϕ)

Us (ϕ) = Ks (T, p) (pcyl (ϕ) +Δpths (ϕ)) + Uoffset (T ) . (7.5.4)

Introducing in (7.5.3) yields the measured value with errors

p̂cyl (ϕ) =
Ks (T, p)

K̂s

(pcyl (ϕ) +Δpths (ϕ)) +
Uoffset (T )− Ûoffset

K̂s

= pcyl (ϕ) +Δperror (ϕ) .

(7.5.5)

Additionally, the measured voltage contains noise through the measured pressure,

quantization and crank angle errors. Examples show that for a gasoline engine the

typical sensor errors are as given in Table 7.5.1, Kohlhase (2011).
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These sensor errors lead in the case of the optimization of the ignition angle by

using the center of combustion ϕQ50 to maximal errors of the ignition angle of about

2.5◦CS and by directly using the ignition angle to about 0.5◦CS, Kohlhase (2011),

Kohlhase and Isermann (2009).
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Fig. 7.5.1. Sensor errors of piezoelectric pressure sensors in dependence on the crank angle

and cylinder pressure (example, simplified models), Kohlhase (2011).

Table 7.5.1. Errors for a combustion pressure piezoelectric sensor (example)

offset error 0.3 bar

hysteresis 3 % of (pmax − pmin)

drift 0.5 bar/720◦CS
thermo shock ±1.5% of pmax

7.5.2 Adaptive feedforward ignition control

a) Cylinder pressure evaluation

As described in Sect. 4.2 the mass fraction burned (MFB) xB (ϕ) from a heat release

analysis is a measure for the energy conversion in dependence on the crank angle,

see (4.2.65). To ease calculations, the MFB can be approximated by

xB (ϕ) =
p (ϕ)V κ(ϕ)− piV

κ
i

peocV κ
eoc − piV i

κ
(7.5.6)

compare (4.2.71). This approximation is valid for the assumption of a constant vol-

ume combustion cycle, compare Fig. 7.5.2, and is derived in Sect. 4.2.3c).

Figure 7.5.3 depicts the heat release for an arbitrary cycle the approximation of

MFB according to 7.5.6 with the MFB calculated by thermodynamic analysis of the
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cylinder pressure for an arbitrary cycle. In the presented control system the crank

angle location of xB50(50%) is calculated by means of this approximation.

b) Control structure

Applying closed-loop ignition control with, for example, standard PI controllers can-

not provide acceptable control performance under fast changing operating conditions

since the controllers cannot be tuned for high control performance. First, this is due

to the fact that the ignition angle can only be computed for the next cycle, based on

measurements from the present engine cycle. Therefore a dead time of one cycle is

inherent. Secondly, significant cycle fluctuations exist even under steady operating

conditions. Therefore, the results of cylinder pressure evaluation of several engine

cycles have to be averaged (e.g. a moving average over 10 cycles). The stochastic

nature of the combustion events can be seen in Fig. 7.5.4. The upper diagram shows

the measured cylinder pressure signals of the compression and the power strokes of

100 consecutive cycles of one cylinder. The dotted lines represent the reconstructed

polytrope for the towed or motored pressure (without fuel injection). The lower di-

agram depicts the corresponding crank angle locations of 50 % MFB and shows the

stochastic nature of the combustion events. As the MFB50 oscillates considerably

from cycle to cycle and because of the dead time of one cycle the feedback controller

can only be realized with small gain, thus resulting in poor control performance.

This motivates the use of Adaptive Feedforward Control (AFFC), whose general

structure is shown in Fig. 7.5.5. The linear controller C is used to compensate ran-

dom disturbances and to correct the adaptive feedforward controller. It does not need

to have a high performance and can be designed in such a way that it provides a ro-

bust stability. Since the adaptive feedforward controller acts instead of a controller’s

integral term, the linear controller has preferably a simple proportional gain which

may be deactivated for strong stochastic functions.

p3

p

p2

V33 V14 V

QB

3

4

1

2

Fig. 7.5.2. Constant volume diagram of an ideal constant volume combustion cycle.

The ignition control system is divided into the conventional, fixed ignition look-

up table and into the adaptive offset map as shown in Fig. 7.5.6. The operating condi-

tion is determined by the engine load (a normalized value calculated from the intake
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C is basically used for the adaptation of the feedforward map.

manifold pressure signal) and the engine’s rotational speed. The conventional look-

up table determines the calibrated values of the ignition angle and is valid for all

cylinders, see Fig. 7.5.7a). For each cylinder the location of 50 % MFB is calculated

and compared to the reference location of 8◦CS. Correction values are calculated

and stored in the adaptive offset look-up table of each cylinder, at the correspond-

ing operating condition. In order to reduce noise in the controller output signal, no

linear proportional controller C is used in parallel to the adaptive feedforward map.

The reference map for specifying ϕMFB50 has to be determined during basic engine

calibration in dependence on load and speed. In the case of knocking or misfires the

ignition angle or the reference value ϕMFB50,ref is retarded.

The correction ignition angle Δϕi,adapt(load, neng) is determined from the con-

trol error

e(k) = ϕQ50,ref(k)− ϕQ50(k) (7.5.7)

and stored in dependence on load and speed. The heights wi of the map at the grid

points are calculated by using the adaptive look-up table with the normalized least

square estimation (NLMS), described in Sect. 3.2.

wi(k + 1) = wi(k) + βe(k)
Φi (u(k), c )∑M
j=1 Φ

2
j (u(k), c )

(7.5.8)

where wi are the heights at the interpolation nodes, Φi the basis functions and β a

learning rate, Müller (2003), Vogt et al (2004).

The required correction angle Δϕign for given load and speed is then obtained

by interpolation between the heights wi. For the experiments β = 0.001 and as map

intervals Δneng = 500 rpm and 10 % of the load (air charge) was used together with

an adaptation threshold 0.5◦CS.

c) Experimental results

Figure 7.5.7 shows for constant engine speed of 2500 rpm three load changes. For the

first 50 s only the conventional feedforward control is active. Considerable deviations

of the crank angle locations of 50 % MFB from the optimal value for best engine

efficiency at 8◦CS after TDC are visible as shown for two cylinders. Between 50 and
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168 s the adaptive feedforward controller is active. Since the adaptive input-output

map of each cylinder was initialized to zero, they first have to be adapted for both

operating conditions. The control performance for the adapted feedforward control

then results between 130 and 160 s, now keeping the reference value 8◦CS. Then it is

switched back to the conventional, fixed feedforward control. Figure 7.5.8a) shows

the conventional, fixed ignition angle look-up table and b) shows the adaptive offset

map of the second cylinder after a training sequence.

Despite the considerable, stochastic nature of the combustion events, the adaptive

feedforward control allows the maintenance of the mean crank angle location of

50 % MFB around its optimal value at about 8◦CS after TDC. The ignition angle

was corrected between 0 and 5◦CS dependent on the operation point. In addition,

the differences between the individual cylinders showed differences of the optimal

ignition angle up to 5◦CS, Müller (2003).

engine load [%]
engine speed [rpm]

0

-50

-100

50

100

0 0
2000

4000
6000

engine speed [rpm]

engine load [%]

50

0 1000
2000

3000
4000

5000

�
�

ig
n
,c

y
l2

[°
C

S
]

�
ig

n
[%

]

0

5

10

-5

a) b)

Fig. 7.5.8. a Conventional ignition map. b Adaptive offset map of the second cylinder after a

training sequence.

7.5.3 Extremum ignition control

As described in Sect. 7.3, the ignition angle is basically feedforward controlled

through calibrated maps in dependence on mair, neng and corrected through effi-

ciencies of the fast dynamic path in dependence on torque request, λ and by knock

control.

Usually, all the cylinders have the same ignition advance angle ϕign, optimized

during the basic application of the ECU and hold for the complete lifetime of the

engine. This means that an adaptation to the individual cylinder properties, wear and

aging of the engine is not realized. One method to maximize the power and minimize

the fuel consumption of each cylinder is to design an extremum control based on

cylinder pressure measurement, Kohlhase and Isermann (2009).

The idea of extremum control was investigated by several authors. The optimiza-

tion of the torque by excitation signals of the ignition angle was demonstrated by

Schramm and Wurst (1977). An extremum control with parameter estimation for the
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ignition angle of gasoline engines is published by Wellstead and Scotson (1990),

Scotson and Wellstead (1990) and Dorey and Stuart (1994). The optimization of fuel

consumption for DI-gasoline engines with stratified combustion by manipulating the

λ and EGR rate is proposed in Gäfvert et al (2000). In all these cases, an excitation

signal is used. However, the gasoline engines were considered as an overall system,

not optimizing the cylinders individually.

Figure 7.5.9 shows the relations between the mean indicated pressure pmi, which

is a measure for the mean torque, and the ignition angle ϕign and the combustion

center. ϕQ50 can each be approximated by a quadratic function

V (uj) = θ0j + θ1juj + θ2ju
2
j = ψψψTθθθ (7.5.9)

ψψψT =
[
1 uj u2

j

]
(7.5.10)

θθθT =
[
θ0j θ1j θ2j

]
(7.5.11)

with j = 1 for the ignition angle u1 = ϕign and j = 2 for the combustion center

u2 = ϕQ50 and V (uj) = pmi. The figure shows the considerable influence of both

variables on the mean indicated pressure and the strong fluctuations for the strokes. If

the parameters of the quadratic polynomial (7.5.9) are estimated over many strokes

in order to damp the influence of these combustion fluctuations, then the maximal

value of V (uj) can be determined from

dV (uj)

duj
= θ̂1j + 2θ̂2juj = 0 (7.5.12)

and the optimal variable follows directly from

uj |opt = − θ̂1

2θ̂2
. (7.5.13)

The parameter estimation can be performed with the recursive least squares method

(RLS)

θ̂̂θ̂θ(k + 1) = θ̂̂θ̂θ(k) + γγγ(k + 1)
(
y(k + 1)−ψψψT (k + 1)θ̂̂θ̂θ(k)

)
(7.5.14)

with y = pmi and γγγ(k+1), PPP (k+1) according to Sect. 3.2.2 and a forgetting factor

λ, see Isermann and Münchhof (2011). To obtain a good estimation the changes of

the variables uj should be large enough for some time.

A load change influences mainly the parameter θ0j but less the parameters θ1j
and θ2j . Hence, (7.5.13) can be used also after load changes. In order to reduce the

effect of load changes a standardized value for the mean effective pressure is used

V (uj(k))

pmi,norm
= θ′0j + θ′1j uj(k) + θ′2j u

2
j (k) (7.5.15)

with pmi,norm = pmi(k)/pmi,model(mair, neng). Based on several measurements for

the strokes k = 0, 1, 2, . . . the RLS method then estimates the unknown parameters
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and yields an optimal value for uj due to (7.5.13). Figure 7.5.10 shows that a load

change has only a small effect on the estimates.

Figure 7.5.11 depicts the signal flow for the ignition angle as input. The relation

ϕQ50(ϕign) is approximately linear

dϕQ50

dϕign
≈ kQi (7.5.16)

and the stationary relation pmi (ϕQ50) is quadratic according to (7.5.9). However,

due to the stochastic fluctuations of the combustions considerable noises n1 and n2

act on the signals, as Fig. 7.5.9 shows.
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The online optimization of the mean effective pressure is realized as an extremum

control, see Fig. 7.5.12. It operates with a sublevel combustion center control, where
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Fig. 7.5.11. Signal-flow graph for the ignition angle as input, combustion center as intermedi-

ate variable and mean effective pressure as output.

ϕQ50 is calculated by heat release analysis based on combustion pressure measure-

ment pcyl(ϕ) according to Sect. 4.2.3, with the ignition angle ϕign as manipulated

variable. This means that with regard to Fig. 7.5.11 the intermediate variable ϕQ50

is closed loop controlled in order to compensate for disturbances. The changes of

ϕign and pmi which are the result of an external excitation signal are used to estimate

the parameters θθθ′ of the quadratic function (7.5.9). (7.5.13) yields the optimal refer-

ence value. ropt = ϕQ50,opt for the combustion center controller which leads to an

optimal pmi.

The realization of the sublevel combustion center control is depicted in Fig. 7.5.13.

The ignition angle ϕig,FF is basically feedforward controlled by the look-up table

obtained from the basis calibration. This ignition angle is corrected by an adaptive

look-up table, which determines the corrections Δϕign based on the control devia-

tions

e(k) = ϕQ50,ref(k)− ϕQ50(k) (7.5.17)

and stores them dependent on air charge and speed. This adaptive look-up table acts

like an integral controller. To allow the parameter estimation for the online optimiza-

tion, see Fig. 7.5.12, an excitation signal ΔϕQ50,ex is superimposed on the reference

value ϕQ50,ref , with a feedforward path according to (7.5.16) on the combustion cen-

ter control loop.

The test signal for a persistent excitation is designed such that the averaged torque

is not influenced. As Fig. 7.5.14 shows, the individual cylinders are detuned in a

balanced way. This means that each two cylinders e.g. cylinders 1 and 4 change their

reference value for ϕQ50 by +ΔϕQ50,ex and −ΔϕQ50,ex from a starting point, and

correspondingly the cylinders 2 and 3, such that

pmi =
1

iC

iC∑
ν=1

pmi,ν(k) = const. (7.5.18)

For details see Kohlhase and Isermann (2009) and Kohlhase (2011).

The optimization of pmi can be performed either with ϕign or with ϕQ50 as vari-

able as shown in Fig. 7.5.9 and in (7.5.9) to (7.5.11). Taking into account different

combustion pressure sensor faults discussed in Sect. 7.5.1, the optimization with the

ignition angle shows smaller faults with regard to the optimal ignition angle. How-

ever, the optimization with ϕQ50 includes a natural excitation, such that artificial test

signals may not be necessary.

The practical application was realized with a four-cylinder direct injection gaso-

line 2 l FSI engine with turbocharging and control unit Bosch MED9 with ETAS-

ETK interface. The combustion pressure is measured in each cylinder with water
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cooled piezoelectric sensors from Kistler. The pressure sensor signals are sampled

with a self-developed Rapid-Control-Prototyping system based on dSpace compo-

nents which allows a high solution sampling of several engine signals with 1◦CS
and real-time computations of combustion pressure-based features like the position

ϕQ50 of the combustion center based on the heat release equation (4.2.67). The ma-

nipulation of the ignition could be realized with a bypass of the ECU.

The results were obtained in wide operation areas. An extract is shown in

Fig. 7.5.15. During the optimization phase the ignition angles of all four cylinders

are varied in a torque-balanced way to allow the estimation of the parameters of the

quadratic polynomial (7.5.15) with RLS. After about 10 s the estimated parameters

and the optimal combustion centers ϕq50,opt have converged and stay within a small

tolerance band. At time t = 42 s the optimal reference value is given to the com-

bustion center controller. The resulting differences between the optimal combustion

center positions are maximal 3◦CS and between the ignition angle maximal 2◦CS.

The torque raises by about 1Nm or by 4 %. It can also be seen that the torque stays

approximately constant during the excitation phase.

The optimization by extremum value control operates also during dynamic oper-

ating conditions, as shown by Fig. 7.5.16 where the torque is continuously increased

for t > 0 s. After about 10 s the estimates have converged. This holds also for step-

wise load changes.
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The optimization results for wide operation ranges show, that the optimal com-

bustion center positions are 4 to 6◦CS for higher torque and speed and about 8◦CS
for low torque and speed. This means that they depend on the operation point, com-

pare Tschöke et al (2011). The standard deviation of pmi is smaller than 0.13 bar,
i.e. a small roughness is obtained, too, see Kohlhase (2011).

Another possibility for the ignition angle extremum control is the application of

correlation functions. As the mean effective pressure pmi and the combustion center

both have considerable stochastic fluctuations, see Fig. 7.5.9, and their crosscorr-

elation sufficiently shows approximately a linear dependence, the crosscorrelation

coefficient

ρ (ϕQ50, pmi) =

N∑
i=1

(
ϕQ50(i)− ϕQ50

)
(pmi(i)− pmi)√√√√ N∑

i=1

(
ϕQ50(i)− ϕQ50

)2√√√√ N∑
i=1

(pmi(i)− pmi)
2

(7.5.19)

yields values in the interval [−1, 1] and becomes ρ (ϕQ50, pmi) = 0 for the optimal

combustion center. An adaptive look-up table with ρ = [−1, 1] as input and the

ignition angle correction Δϕign as output or with a cascaded structure and ϕQ50-

feedback control as the inner loop then allows to obtain convergent values for the

optimal ignition angles, Kohlhase (2011). This method does not need extra excitation

signals.
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7.6 Knock control

Knocking is an abnormal combustion phenomenon. It results from the autoignition

of the compressed mixture of air, fuel and residual gases in front of the regular flame

front or from surface ignition at hot spots. Depending on the compression, tempera-

ture and fuel the autoignition leads to a strong pressure increase and pressure oscilla-

tions, which may damage the engine. These pressure oscillations have different reso-

nance frequencies of the combustion chamber, are transferred to the engine block and

can be observed as structure-born noise with knock sensors. As the optimal ignition

angle with regard to best efficiency comes close to the knocking limit or is within the

range of knocking, some safety margins have to be provided, like lower compression,

retarded ignition, such worsening of fuel consumption and torque. However, knock

control for the individual cylinders allows making the safety margin smaller in or-

der to improve fuel consumption and torque and to adapt to different fuel quality,

manufacturing tolerances and aging.

Knock sensors are piezoelectric acceleration sensors with a seismic mass which

detect the high-frequency vibrations from the cylinder pressure in the expansion part

of the pressure curve, see Fig. 7.3.4a).

Broadband sensors have a frequency band of 5 to 20 kHz. Resonance sensors

yield only one frequency. These sensors are mounted at appropriate positions of the

engine block. For four cylinder engines one or two knock sensors are applied, six

cylinder engines need two sensors. The signals of the knock sensor are band pass

filtered around the expected knock resonance frequency, see Fig. 7.6.1. The signals

are then evaluated during a time window shortly after TDC of each cylinder. By

squaring the amplitude and integration over the time window a signal energy mea-

sure Ek is generated, usually in a special knock integrated circuit (IC), Kiencke and

Nielsen (2000). If the signal energy passes a threshold Ek > Ekth knocking is de-

tected and related to special cylinders. The calibration of the signal evaluation and

threshold is usually performed by measurements with combustion pressure sensors

at test benches.
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Fig. 7.6.1. Signal-flow graph of knock control.

The knock controller receives the energy difference

ΔEk = Ek − Ekth (7.6.1)

which has only positive values. Then the ignition angle is retarded
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ϕign(ν) = ϕign(ν − 1) +Δϕign,a − βΔEk(ν) (7.6.2)

with ν = 1, 2, . . . for the combustion cycles, Kiencke and Nielsen (2000). Δϕign,a

is a permanent ignition angle advance and βΔEk the ignition angle retard at knock-

ing. Thus during knocking the ignition angle is retarded with the gain β. If knocking

stops, the ignition angle is advanced by Δϕign. This way, the knocking limit is al-

ways approached again in a saw tooth manner, thus adjusting the ignition angle to

changing knocking conditions, also for each cylinder.

Adaptive knock control stores the determined ignition angles in dependence on

the operating point as load and speed. This allows a fast feedforward control, espe-

cially for transients. Hence, the actual ignition angle is

ϕign(ν) = ϕign,o +Δϕign(ν) +Δϕign,ad (7.6.3)

with ϕign,o from basic calibration, Δϕign from knock control, Δϕign,ad from an

adaption map, Kiencke and Nielsen (2000). Some more details on knock control can

be found in van Basshuysen and Schäfer (2004), Robert Bosch GmbH (2011).

7.7 Idle speed control

During idling the engine has to generate a torque which compensates the own com-

bustion cycle losses, the friction of the engine, clutch and transmission and the re-

quired torque by the auxiliaries like coolant pump, oil pump, servo steering, air con-

ditioning compressor and electric generator with board net load. The required torque

therefore depends strongly on the varying loads and the engine state in the phases

after start, during warming up and normal operation and especially the engine tem-

peratures have a significant effect.

Because of the many disturbances the idling speed has to be feedback controlled.

The reference value for the speed should be as low as possible in order to save fuel

and emissions. However, combustion stability of single strokes, noise and vibration

effects have to be considered. Especially engine stalling must be prevented under all

operating conditions. In addition, the transition from and to idling should be smooth

and controlled with good performance. The reference value for the idle speed con-

troller usually depends on engine and environmental temperature and auxiliary loads.

The design of the idle speed controller has to be robust to the varying behavior of the

engine, tolerances between different production engines and aging.

The main control variable of the idle speed controller is the engine angular speed

ωeng and the main manipulated variable for gasoline engines is the air mass flow rate

ṁ1 to the manifold intake or the air charge mair arriving in the cylinders. In former

time, the air mass flow rate was controlled by a throttle bypass valve guarding the air

flow around the closed air flow throttle. Modern gasoline engines use the electrical

actuated throttle directly to manipulate the air flow or in the case of fully variable

valve trains the inlet valve lift.

A signal-flow scheme of the idle speed control is depicted in Fig. 7.7.1 According

to the model of the manifold Fig. 4.1.5 the change of the throttle plate position αth
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influences the air mass flow rate ṁ1 according to the throttle characteristic. During

idling the throttle is only slightly opened, such that overcritical pressure drop can

be assumed and the intake pressure has no influence on the flow rate through the

throttle. The intake manifold volume then forms a significant storage according to

the mass balance (4.1.11) and the resulting nonlinear differential equation (4.1.16)

for the intake pressure p2 with the time constant Tint due to (4.1.17)

Tint =
2Vint

ηvVDneng
(7.7.1)

which depends on the volumetric efficiency and the engine speed. The lower the

engine speed, the larger the time constant. The air mass flow rate ṁ2,gas into the

cylinders is then delayed by the intake manifold pressure p2(t). This can also be

called manifold filling dynamics. The changed air charge and following combustion

then change the mean value engine torque proportionally after a short dead time,

TdCD. This dead time is an intake–to combustion stroke delay, corresponding to

180◦ . . . 360◦ crank shaft angle, Hrovat and Sun (1997) and therefore

TdDC =
π

ωeng
. . .

2π

ωeng
. (7.7.2)

The changed engine torque then accelerates the engine with its ratio of inertia, lead-

ing to a further first order differential equation

Jeng
dωeng

dt
= Meng(ω)−Maux2(ω)−Ml(ω) (7.7.3)

with the engine torque Meng(ω) at clutch according to (4.3.11). The torque Maux2(ω)
comprises the auxiliary drives like servo power steering pump, air conditioning com-

pressor and electric generator, which cannot be considered as integrated to the engine

like oil and water pump, see Sect. 4.3. The torque Ml(ω) represents operation de-

pendent load torques like engagements of the manual or automatic transmission.

For small changes of the idling speed it is now assumed that the torques consist

of a constant and a linear speed dependent term

MlΣ(ω) = Maux2(ω) +Ml(ω) = MlΣ0 +MlΣ1 ωeng (7.7.4)

Meng = Meng 0 −Meng1 ωeng. (7.7.5)

The introduction in (7.7.2) yields for the rotational dynamics

Jeng
dωeng(t)

dt
= Meng0(ω)−MlΣ0 − (Meng1(ω) +MlΣ1)ωeng (7.7.6)

and with

M0 = Meng0 −MlΣ0

M1 = Meng1 −MlΣ1
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Jeng
M1

dωeng(t)

dt
+ ωeng(t) =

1

M1
M0(t). (7.7.7)

A change of the throttle angle αth and therefore ṁ2,gas leads to a change ΔM0. The

corresponding crank drive time constant follows as

TCD =
Jeng
M1

. (7.7.8)

M1 comprises all linear speed dependent feedbacks of the engine Meng1 treated in

Sect. 4.3, and of the auxiliary drives and load MlΣ1.

The controlled process now consists of two first order delay elements and a dead

time

Gαp2(s) =
Δṁ2,gas

Δαth(s)
=

Kint

1 + Tints
(7.7.9)

Gṁ2ω(s) =
Δωeng(s)

Δṁ2,gas(s)
=

KCD

1 + TCDs
e−TdCDs (7.7.10)

Gαω(s) =
Δωeng(s)

Δαth(s)
= Gαp2(s)Gṁ2ω(s) (7.7.11)

For idling speeds of 600 . . . 800 rpm the time constants Tint and TCD are in the range

of 0.5 . . . 1.5 s and the dead time TdCD is about 50 . . . 150 ms.

Another important manipulated variable to control the idle speed is the advance

ignition angle. As described in Sect. 7.1 and 7.3, and Figs. 7.1.3 to 7.1.5 and 7.3.6

advancing the ignition angle increases the engine torque immediately, because no

intake filling delays are included. However, possibly a not torque optimal ignition

angle has to be adjusted before, see Fig. 7.3.5. Therefore the idling speed can be

increased fast according to a characteristic Meng (ϕign), especially to avoid under-

shoots with the danger of the engine stalling, see the additional feedback with GC3

in Fig. 7.7.1.

The idling speed controller is conventionally an outer-loop PID controller acting

on the throttle. This may be added by a proportional inner-loop ignition angle feed-

back and several feedforward controls using auxiliary load information. A survey of

published control methods is given by Hrovat and Sun (1997) and a case study with

numerical values in Guzzella and Onder (2010). An improvement of the control per-

formance can be obtained if the intake manifold pressure p2 is feedback controlled

with an inner loop controller GC1 and the idle speed ωeng by an outer loop con-

troller GC2, thus forming a cascaded control system. The inner loop contains only

the intake manifold dynamics and compensates disturbances of the air path. Usually,

a P-controller is sufficient and a PI or PID controller for GC2. Kiencke and Nielsen

(2000) applied a linear state-space controller of second order and Loh and Lu (2001)

a nonlinear state-space controller of fifth order. Alt (2010) investigated a sliding-

mode controller by using a nonlinear model. Instead of the measured pressure p2 a

model-based estimate p̂2 can be used. In order to compensate for large load torque

disturbances the ignition angle can be retarded in steady-state idling operating con-

dition, such that an advance angle impulse via a derivative term controller GC3 with

DT1 behavior can be generated, which lasts only a short time period.
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The required controller parameters can be partially estimated based on the pa-

rameters of the simplified models. However, they depend on the speed, engine and

ambient temperature, engaged gear, etc. These nonlinear dependencies have to be

represented in look-up tables which are determined by experiments.

The idle speed control is usually integrated in the torque-oriented structure of the

ECU. Then the output of the controller GC1 is a required idle torque, see Fig. 7.1.4,

which determines the desired throttle angle according to Fig. 7.1.5 and correspond-

ingly for the ignition advance angle.

The idle speed control for diesel engines acts directly on the injected fuel mass

and does not comprise the intake manifold as a significant storage delay. Therefore,

a PI idle speed controller directly manipulates the required torque, supported by a

fast acting DT1 derivative of the control deviation Δω.

7.8 Variable valve trains (VVT)

Until about 1983 the opening and closing times of the engine valves were fixed by

applying non-adjustable camshafts. In order to improve fuel consumption and torque,

first the inlet valves and later also the outlet valves of gasoline engines have been

provided with variable timing, usually by adjusting the phase of the camshafts. This

is realized by turning the camshaft with a hydraulic or electrical actuator relatively

to the crankshaft. Then only the angle phase is manipulated, without influencing the

opening period and lift, Robert Bosch GmbH (2011). An example to replace the

conventional hydraulic phase actuator by an electrical actuator is given by Krebber-

Hortmann et al (2013).

The intake-camshaft is retarded in idle speed or for high engine speed. For idling

a lower exhaust internal gas recirculation is demanded to obtain a stable running

and at high speeds charging effects can be used to increase the engine power. For

medium speed the camshaft is advanced, such that the intake valve closes earlier

and prevents the air from flowing backwards. Also, if the exhaust-camshaft can be

adjusted, advancing increases the internal exhaust gas recirculation. Hence, the con-

ventional valve phasing of the intake and exhaust valves usually requires two ad-

justable camshafts.

Another recent mechanical design has two adjustable concentric camshafts in-

stead of one camshaft. This allows to adjust the phase of two parallel valves relatively

to each other and such the opening range, Schneider and Lettmann (2008).

As the valve timing has a considerable effect on the combustion, more variabil-

ities of the valve actuation have been developed. The main goals are an increase of

the torque and a reduction of fuel consumption and emissions. More specifically,

flexible valve actuation allows to improve the air-fuel mixture, to reduce the charge

cycle losses and to control the internal exhaust gas recirculation or the residual gases,

Martin (2009), Köhler and Flierl (2012).

Especially in the case of turbocharged gasoline engines with direct injection a

controlled scavenging can be applied by simultaneously opening the inlet- and outlet

valves during the gas exchange at TDC. The air mass flow rate then increases and
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the efficiency of the turbocharger improves such that a higher charging pressure can

be obtained. At low speeds, combined with higher injection rates, this leads to an

increase of the torque and better dynamics, see e.g. Hofmann et al (2011).

Figure 7.8.1 gives a survey of the possibilities to modify the valve lift curve, from

fixed timing, through phase shifting, lift adjustment and various combinations.

Valve trains with camshaft-lobe control alternate between two camshaft lobes

which change the phase and the lift of the valves, see Fig. 7.8.1b), Robert Bosch

GmbH (2011), Brüstle and Schwarzenthal (1998). The lower lobe is designed for

lower and medium speeds and the higher lobe for high engine speeds. Figure 7.8.2b)

shows an example. The camshaft-lobe actuation can have two selective positions

(profile switching) or it can be continuously adjusted e.g. by lateral shifting of the

camshaft. In this case the throttling losses from the intake throttle actuator can be

decreased if the inlet valve can be adjusted to small values.

Fully variable valve trains (VVT) allow to adjust the valve lift as well as the

opening angle range, Klüting et al (1999). One example for an electro-mechanical
VVT in series production is shown in Fig. 7.8.3.

This VVT valvetronic (1st generation) is characterized by an intermediate lever,

an excenter axle and a return spring. It changes the valve lift according to Fig. 7.8.3,

Liebl et al (2001a), Unger et al (2008). The intermediate lever touches the excenter

axle and turns around the touching point. This turning point is shifted by the excenter

lobe. Therefore the touching point between the intermediate lever and the rocker

arm is shifted and therefore the operating curve of the intermediate lever, moved

by the camshaft lobe. This way the valve lift can be varied continuously between

0.3− 0.5mm for idling and 9− 10mm for full load. The adjustment of the excenter

axle is realized with an electrical servo motor (brush commutation) with a worm gear

which is controlled by a separate electronic control unit with drivers, position control

and diagnosis functions. The load commands to this smart actuator are transmitted by

a local CAN-Bus instead of the electrical throttle valve. The conventional electrical

throttle valve is still implemented for controlling a small vacuum pressure in the

intake, which is required for the tank ventilation system, and as a back-up actuator

for the VVT, Liebl et al (2001b), Konrad and Krämer (2002). Based on the resulting

saving of charging losses of about 30 % through early inlet closing, 12 % fuel saving

could be reached.

A further development led to a second generation of valvetronic, Klaus et al

(2005), with the goal to increase the speed, reduction of pumping losses due to

shorter lift curves and improved combustion. The intermediate lever now has a fixed

center of rotation and is supported at the top by a separate guide rail, see Fig. 7.8.3.

The use of ball or needle bearings only allow a smaller friction, and low masses and

high stiffness improve the dynamics. The shorter partial lift curves enable an earlier

inlet valve closing, leading to a further 7 % reduction of charging losses. Different

lifts for two inlet valves of the same cylinder induce swirl and tumble. The electro-

mechanical VVTs require a high effort to obtain a mass production with very small

tolerances and several geometry compensation techniques, Unger et al (2008).

Other solutions are electro-hydraulic VVT. The goal is to realize an independent

manipulation of the air charge, the residual gases and the charge motion by changing
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Fig. 7.8.1. Valve lift curves as a function of crankshaft angle for fixed and variable valve

trains. a fixed timing. b phase shifting. c alternating lobes (lift and phase). d continuous lift

adjustment (mechanical). e combined lift and phase adjustment (el.-mech., el.-hydr.). f camless

valve actuation (hydraulic, electrical).

a) b)

Fig. 7.8.2. Examples for mechanical adjustable valve trains. a hydraulic camshaft phase actu-

ator (since 1983). b alternating camshaft lobe control (e.g. Porsche, 2001).
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Fig. 7.8.3. Schemes of electro-mechanical continuously adjustable valve lift (2003), BMW

valvetronic.

the opening and closing angles and the lift. A prototype realization EHVS with a

high pressure (50 − 200 bar) and low pressure rail (5 bar) is described by Denger

and Mischker (2004). It has each a 2/2 magnetic valve on the high and low pressure

side acting on the two sides of a piston connected to the valve, including a brake

throttle.

The electro-hydraulic VVT Uniair transmits the intake camshaft lift through a

hydraulic chamber, see Fig. 7.8.4. The volume of this chamber can be controlled by

an on/off solenoid valve. When the solenoid valve is closed, full lift of the camshaft

lobe is transmitted. Controlling the opening and closing time of the solenoid valve

allows a wide range of lift curves, like Fig. 7.8.1c), d) and e). Soft landing for valve

closing by a spring is supported by a hydraulic brake, Bernard et al (2009). The fur-

ther development, manufacturing and first series implementation in 2009 is reported

in Haas and Rauch (2010).

The largest flexibility with regard to valve motions possess electrical valve trains
without a mechanical camshaft. Each valve obtains an own drive system in the form

of two electromagnets, which hold the armature in the valve shaft in their end posi-

tions, as depicted in Fig. 7.8.5. Valve opening is supported by a spring after release

of the upper solenoid current. After approaching the open-end position, the lower

solenoid brakes the motion by an appropriate current course with the goal to reach a

“soft landing” in the valve seat. Valve closing is performed analogously, Flierl and

Kairies (2006), Salber et al (2000). For zero control current the valve stays in a mid-

dle position.

A detailed modeling of the strongly nonlinear behavior of the electromagnetic

spring-mass-damper valve system is treated in Straky (1996) including the design

of an energy-optimal cascade control system with an inner PD-speed controller and

superimposed nonlinear P -position controller.

Hence, fully variable electro-mechanical valve trains with camshaft allow to ma-

nipulate the air charge by changing the lift coupled with a change of the opening

range by an electrical actuator. Additionally, the center of the opening range (spread)

can be shifted by a conventional camshaft turning actuator. If the exhaust camshaft

7.8   Variable Valve Trains (VVT) 475



electromagnet

damper

electr. valvecam

piston

hydraulic
fluid

suction valve

hydraulic
accumulator

air intake
shaft
without
throttle

Fig. 7.8.4. Scheme of an electro-hydraulic-mechanical valve train. Fiat UNIAIR.

upper
spring

lower
spring

closing
coil

opening
coil

armature

valve

Fig. 7.8.5. Scheme of an electrical valve train.
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can then be adjusted by changing the overlap of intake and exhaust valves, the inter-

nal exhaust gas recirculation can be controlled, especially with regard to improving

the emissions, especially NOx. Electro-hydraulic VVT enable lift as well as phase

control and combinations of thereof.

Fully variable valve trains without camshaft are either hydraulically or electri-

cally driven and are able to adjust the lift and phase of the valves as well as the

actuation speed. There exist several prototypes but no serial production until now.

Table 7.8.1 presents a comparison of different variable valve trains for gasoline

engines. The fuel consumption can, e.g. be reduced for mechanical phase shift by 3–

4 %, for two position phase shift by 5–7 %, for continuously variable lift by 8–10 %

and for electro-hydraulic and electrical VVT by 7–16 %. On the other hand the com-

plexity, the requirements for manufacturing, the power consumption and the costs

play important roles. Therefore, the mechanical and electro-mechanical solutions

have been (until now) reasonable compromises, see also Schneider and Lettmann

(2008) for diesel engines.

Table 7.8.1. Comparison of variable valve trains for gasoline engines, Schulz and Kulzer

(2006)

VVT basic design Mechanical Electro-

mechanical

Electro-hydraulic Electrical

adjustment phase

shift

lift: 2

positions

lift: contin. lift and

phase

lift and

phase

lift and

phase

type conv. Porsche BMW

valvetronic

uniair Bosch

EHVV

EMVS

saving of fuel 3–4 % 5–7 % 8–10 % 7–10 % 16 % 14–16 %

HC emissions -20 % -20 % -25 % -25 % -30 % -25 %

torque +3 % +5 % +7 % +7 % +11 % +9 %

complexity 0 – – – – – – – – – – – – – –

7.9 Alternative combustion processes

The previous sections mainly considered the classical direct injection for homoge-
neous operation, where the fuel is injected in the induction stroke and A/F mixture

is controlled to obtain a stoichiometric ratio (λ = 1). The mixture formation is then

similar to external intake manifold injection. However, the fuel has to be injected

within 180◦CS and therefore requires higher fuel pressure, which leads to an im-

proved mixture formation, compare Table 7.0.1.

7.9.1 Stratified combustion

Another operation mode is the stratified-charge operation where the throttle is in-

tended to stay open in order to avoid charging losses through throttling. The fuel is
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then injected such that only part of the air mixes with the fuel and then the mixture is

transported to the plug. The rest of the air surrounds this A/F mixture, thus forming a

stratified cylinder charge. Hence, the A/F mixture is only homogeneous in a spatially

restricted area, such that in an average a lean mixture λ > 1 results for the overall

combustion chamber. Three types of injection are distinguished, see also Table 7.0.1,

Robert Bosch GmbH (2011), Alt et al (2002), and Fig. 7.9.1.

Fig. 7.9.1. Air-fuel formation for gasoline direct injection with stratified-charge combustion.

a wall-directed. b air-directed. c jet-directed, Merker et al (2006).

Wall-directed combustion
The fuel is injected into the combustion chamber from the side. A recess in the

the piston directs the spray towards the spark plug. The allowable injection time is

relatively short. Fuel condensation on the cylinder wall may lead to incomplete com-

bustion and formation of HC.

Air-directed combustion
The fuel is injected from the side, but the fuel spray is separated from the piston

recess by an air cushion resulting from a forced tumble motion. However, as this is

difficult to reach, a mixture of wall-directed and air-directed combustion results fre-

quently.

Jet-directed combustion
The fuel is injected from the top and the spark plug is located close to the injector.

Therefore the fuel spray is ignited shortly after injection. Because of a very short

time for mixture formation, a higher injection pressure is required. However, fuel

condensing on cylinder walls is avoided. This kind of injection has the highest po-

tential for fuel saving and lowering of raw emissions.
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Other operating modes
Some special operating modes result from combinations of basic modes. Combus-

tion with gasoline is usually possible for air excess factors of 0.6 < λ < 1.6. Within

a transitional range between stratified and homogeneous mode an operation with ho-
mogeneous lean mixture and λ > 1 is possible. This reduces the fuel consumption

because of dethrottling the air flow. An homogeneous-stratified mode is obtained with

a first injection to generate a homogeneous-lean mixture during the intake stroke. A

second injection then is performed during the compression stroke to reach a rich mix-

ture around the spark plug, which also ignites the lean mixture after ignition. This

operating mode can be applied during a transition between stratified and homoge-

neous operation.

Other operating modes with double injection are homogeneous-knock protection
and stratified catalytic converter heating, see e.g. Robert Bosch GmbH (2011), Lan-

denfeld et al (2002).

The realization of the different operating modes for direct injection gasoline en-

gines depends on the speed and load. Figure 7.9.2 depicts the various modes in a

torque-speed diagram. The stratified combustion can be performed in part load. At

higher speed the injection time becomes too short to ensure a good mixture forma-

tion around the spark plug, and for high loads the mixture would become too rich

and result in too high particulate emissions. Therefore, homogeneous operation is

required for high load and high speed. Between stratified and homogeneous mode a

region with homogeneous-lean operation becomes possible. Both the stratified and

homogeneous-lean operation require an exhaust gas recirculation to reduce NOx raw

emissions.

100

1000 2000 3000 4000 5000 neng [rpm]

Meng

[%]

C

B

A

Fig. 7.9.2. Operating modes for direct injection gasoline engines. A homogeneous (λ = 1).

B homogeneous-lean (λ > 1). C stratified (λ > 1).
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This operation with stratified and lean combustion improves the efficiency. In

addition the compression ratio can be increased as knocking is reduced by direct

injection which leads to evaporation with a cooling effect (internal cooling). This also

allows a larger air charge. Through these measures a fuel saving of about 10− 15%
is reached compared to solely homogeneous combustion, Merker et al (2006), Alt

et al (2002), see also Spicher (2007).

Because of the lean operation with λ > 1, the three-way catalytic converter can-

not be applied for direct injection gasoline engines. Instead, a storage-type catalytic
converter is required for the reduction of NOx. As described in Sect. 7.2 it must be

regenerated with a rich mixture (λ < 1) and an NOx- or λ-sensor after the catalyst

is required to control the regeneration. As this converter is poisoned by higher sulfur

contents of the fuel, DI gasoline engines cannot be used in all markets.

The direct injection gasoline engine with different operating modes, transition

between the modes and sophisticated exhaust gas treatment requires an increased ef-

fort for the electronic management and its calibration. The structure of the control of

DI gasoline can be based on the control systems for homogeneous combustion. Acc-

ording to Fig. 7.1.2 the block operating modes are extended by the direct injection

combustion modes and their commands to the torque coordination.

An addition to a jet-directed stratified direct injection engine by turbocharging
can be a next step for further reduction of fuel consumption, Willand et al (2009).

Experiments on a test bed have shown that for pmi = 2bar a lean stratified opera-

tion (λ > 1) with exhaust gas recirculation and for higher load up to pmi = 6bar
a lean homogeneous operation (λ > 1) shows lowest fuel consumption and NOx

emissions. For loads higher than 8 bar the mode has to be switched to homogeneous

stoichiometric injection (λ = 1) into the induction stroke. The advantages for the

stratified operation are mainly caused by a reduction of the charging losses. How-

ever, the advantages through a higher dilution with air is compensated by a reduced

turbine efficiency because of the lower exhaust gas temperature. Therefore, the po-

tentials of downsizing concepts with increased torque for low speeds are higher than

for stratified combustion with turbocharging, Willand et al (2009).

7.9.2 Homogeneous charge compression ignition for gasoline engines (HCCI)

In order to lower both fuel consumption and emissions, the homogeneous charge

compression ignition (HCCI), also called controlled auto ignition (CAI), is a promis-

ing approach not only for diesel engines but also for gasoline engines. This combus-

tion process is characterized by a homogeneous fuel/air/exhaust gas mixture which

ignites itself during compression. The combustion then results at many spots without

a flame front and diffusive combustion. It processes faster over about 10◦CS, com-

pared to 30 − 40◦CS of a standard spark ignited gasoline engine, Ravi et al (2012).

The lean combustion and therefore large air/fuel ratio leads to a more opened throttle

(de-throttling) and therefore smaller charging losses. A lower temperature and fast

heat release enable a constant volume cycle and thus an improved thermal efficiency,

see Sect. 4.2.1. As the auto-ignition and following combustion start simultaneously

at several locations within the combustion chamber there are no local constraints and
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the fluctuations around the center of heat release are smaller than for conventional

gasoline engines with spark ignition, Kulzer et al (2009). However, the starting of

auto-ignition depends strongly on temperature, pressure and mixture composition.

The lean and homogeneous heat release at lower burning temperatures result in

a drastic reduction of NOx emissions. In comparison to a fuel stratified combus-

tion with peak combustion temperatures over 2200K, a reduction of the combustion

temperature with HCCI smaller than 2000K leads to much smaller NOx emissions,

according to the nonlinear thermal Zeldovich mechanism. The HC and CO emissions

can be kept at low levels, Willand et al (2008). Therefore the conventional three-way-

catalytic converter can be applied without extra exhaust gas treatment. However, to

reach and hold the homogeneous charge compression, ignition is very sensitive to

several variables also because of a missing external combustion trigger such as a

spark and therefore requires combustion pressure sensors. It is also restricted to part

load. At low load HCCI is limited through an increased ignition delay. At higher

load a too early begin of ignition and a too fast ignition appears because of limita-

tions in leaning the mixture and increasing the exhaust gas rate which leads to a not

acceptable mechanical stress. Hence, the HCCI combustion cannot cover the entire

operation range and a transition to a spark ignition mode is required.

Gasoline has the advantage of already evaporating at lower burning temperatures.

It is, however, resistant to ignition and requires an ignition temperature of about

1000 − 1200◦C. As this temperature cannot be reached by compression, the intake

air has to be heated or hot exhaust gases have to be recirculated uncooled, Merker

et al (2006). EGR can be realized by external or internal recirculation.

The internal EGR leads to higher temperatures and small delays. A first possibil-

ity is to use exhaust gas retension where the exhaust valve is closed early in order to

trap a part of the burned gases and the intake valve opens late. This can be called a

negative valve overlap and leads to recompression of the exhaust gases around 360

degrees, see Fig. 7.9.3, Alt et al (2008), Kulzer et al (2009) (“Exhaust recompression

HCCI”). A second possibility is to open the exhaust valves a second time during the

intake stroke, see Fig. 7.9.4, Willand et al (2008). This is called exhaust-port recir-
culation or “exhaust reinduced HCCI”. The exhaust gases are then sucked back from

the exhaust manifold at the beginning of the intake stroke, see also the HCCI ver-

sions of diesel engines in Sect. 8.4. As the HCCI operation is still within the focus of

research, though first reports appeared in the 1980’s, some publications are discussed

in the sequel.

Investigations with fibreoptical endoscopes of a one-cylinder engine with direct

injection and adjustable exhaust gas retension by negative valve overlap have shown

that the ignition of the A/F-mixture does not occur in the whole combustion chamber

at the same time. The auto-ignition begins in some regions early and in others with

some delay depending on the the local mixture and temperature distribution. Then a

sequential auto-ignition process follows which covers other areas, Sauter et al (2008).

Experimental investigations for a single cylinder engine with fully variable electro-

mechanical valve train show the effects of several variables, Babic et al (2010).

In the case of internal exhaust-gas recirculation the residual gas content directly

depends on the timing of the exhaust valve closing and determines the A/F-ratio
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(with throttle fully opened). A comparison of the different operating strategies has

shown a fuel saving of about 15 . . . 20% for 2 ≤ pmi ≤ 3 bar and 2000 < neng <
3000 rpm compared to conventional spark ignition combustion. However, stratified

combustion gave even better results. A comparison of different charge compression

ignition processes with internal and external exhaust gas recirculation is given in

Bücker (2008).

The transition between auto-ignition and spark-ignition is based on phase adjust-

ments of the valves. The spark-ignition operation is brought to a high exhaust gas rate

up to an operation limit. However, auto-ignition requires higher exhaust gas rates,

such that there exists a gap between the operating modes. Together with manipulat-

ing the throttle valve, intake valve timing and spark ignition angle it is then possible

to allow a fast switch from spark-ignition to auto-ignition. However, a change in the

other direction cannot be realized fast.

Another investigation is reported for the HCCI operation with exhaust-gas reten-
tion on the basis of a four-cylinder gasoline engine using a fast electrical camshaft

phasing and two-point valve lift switching, Alt et al (2002). The temperature increase

through exhaust gas retention is obtained by an early closing of the the exhaust valve

and a late opening of the inlet valve, leading to a negative valve overlap of about 120

degrees and a successive recompression of the exhaust gases with a first fuel injec-

tion. The second injection occurs during the compression phase. The valve timing

as well as fuel injection are part of a closed loop strategy with combustion pressure

sensors and determination of the combustion center. HCCI operation is possible up

to 40 % load at 1000 rpm and 25 % at 3000 rpm.

A further prototype gasoline engine on the basis of a 1.6 l FSI engine was mod-

ified for exhaust-port recirculation with a double cam contour of the exhaust valves

and reduced intake valve lift, Willand et al (2009). Low fuel consumption could be

combined with low emissions. Especially extremely low NOx emission could be

achieved as a result of low burning temperatures. CO and HC emissions depend on

the MFB50 combustion center. However, the combustion process reacts unusually

sensitive to small changes in the setting variables.

A control system for a four cylinder gasoline engine with direct injection, vari-

able valve train with phase manipulation and two-point lift switching for the intake

and exhaust valves, internal exhaust retension and external exhaust gas recirculation

is described by Kulzer et al (2009). The manipulated variables are injection time and

mass, cam phases, valve lift, throttle, EGR valve and ignition time. The combustion

control uses the mass fraction burned MFB50 and mean indicated pressure based on

individual cylinder pressure measurement as controlled variables. A torque coordi-

nator determines the reference variables for these control loops. Static feedforward

control and a model based predictive feedforward control support fast dynamic ac-

tions and the transition from HCCI to SI operation. This transition is divided in four

phases, from pre-switch to switch. Some few measurements are shown.

Modeling of HCCI gasoline engines for exhaust gas retension is reported in Ravi

et al (2009) and used for control of the mean indicated pressure by the fuel mass

and the combustion center MFB50 by valve timings, see also Shaver et al (2004).
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Mean value models and observers for the control with exhaust-port recirculation are

described in Rausen et al (2005) and Chiang et al (2007), see also Günther (2004).

A model based control of HCCI for diesel engines with experimental results is

described in detail in Sect. 8.7.1.

The development of HCCI for gasoline and diesel engines shows several features

in common. On the one hand gasoline has a good evaporation at low temperature

but needs high temperatures for ignition. On the other hand diesel fuel has a low

evaporation ability but ignites at lower temperatures. Thus, increasing the EGR rate

rises the temperature of the gas mixture and improves the ignition ability for gasoline

and the evaporation ability for diesel fuel within the homogeneous mixtures at part

load. The optimization of the HCCI processes leads to compression ratios of about

11-13 and is therefore higher for spark ignition gasoline engines with typical ratios

of 8-10 and lower for compression ignition diesel engines with typical values of 16-

22. Roughly speaking a blending of Otto and Diesel combustion processes tends to

develop. A research prototype engine with port injected gasoline and compression

direct injected diesel fuel (6–25 % of fuel mass) uses the advantages of both fuel

types and results in a significant reduction of NOx and particulate emissions, Teetz

et al (2012), see also the discussion of HCCI for diesel engines in Sect. 8.4.

Summing up, several research results for the physical interpretation, modeling

and multi-variable control of HCCI gasoline engines for exhaust gas retention with

negative valve overlap as well as for exhaust-port recirculation in part-load are pub-

lished. Because of the high sensitivity of the auto-ignition process to several vari-

ables, closed loop control based on combustion pressure sensors seems to be un-

avoidable. However, an introduction into series production has not shown up until

now.

7.10 Coolant temperature control

The goal of the coolant temperature control system is to protect the engine against

overheating, especially to avoid hot spots at the cylinder walls and cylinder heads

and to allow a fast warming up phase after cold start. In normal operation the cooling

temperature should be high enough in order to minimize friction losses. The cooling

system comprises the engine block, a cooling radiator, cooling valve with by pass, oil

coolers, exhaust gas recirculation coolers, and heat exchangers for interior heating.

As the design and control of the cooling system is emission and relevant to fuel

saving it has received considerable attention in recent years.

The conventional coolant temperature control is based on a thermostatic three

way or two way valve, Fig. 4.7.1. It manipulates the coolant flow into the radiator

according to

ṁcr(u1) = ṁcu1 (7.10.1)

where u1 is the valve position and ṁc the coolant mass flow through the engine

block. Hence the flow into the bypass becomes

ṁcb = (1− u1) ṁc (7.10.2)

484 �   &ontroO oI *DVoOinH (nJinHV



see (4.7.18) and (4.7.19). The heat flow balance (4.7.20) at the mixing point in front

of the pump yields, see (4.7.22)

ϑce,in = ϑc − u1(ϑc − ϑcr,out). (7.10.3)

Figure 7.10.1 depicts a simplified signal-flow scheme. Based on the models derived

in Sect. 4.7 the coolant temperature process dynamics for small u1 is mainly deter-

mined by the dynamics of the engine block and can be approximated by a first order

differential equation plus a dead time, see (4.7.47).
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Fig. 7.10.1. Simplified signal-flow chart for the coolant temperature control with a thermo-

stat. 1 coolant temperature sensor (wax element) 2 thermostatic valve 3 reference adjustment

(heating element).

The thermostatic valve usually has a linear static characteristic in a range be-

tween, for example, 80◦C<ϑc<98◦C. Because of the proportional behavior the con-

trolled variable varies in normal operation within this range with lower values for low

loads and higher values for higher loads. However, if a map controlled thermostat

is used, the coolant temperature follows a desired value more precisely, e.g. 90◦C.

Then at low load higher temperatures and at high load lower temperatures can be

programmed in the ECU, in order to save fuel and to protect engine components.

A further task in designing the coolant control system is to enable a fast warming

up after cold start. Therefore, the valve is kept closed until a certain coolant tem-

perature is reached and then it is slowly opened according to the characteristic of

the thermostat, e.g. at 80◦C. However, overshoots over the desired value have to be

avoided.

Figure 7.10.2 shows a more detailed signal-flow chart for the cooling system

with a three-way valve manipulating the coolant flow through the radiator based on

the models derived in Sect. 4.7. It includes several other influencing variables. If

an electrical controllable valve is used and the engine inlet temperature ϑce,in and

the coolant temperature ϑc at the valve are measured, a cascaded electronic control
system can be realized, e.g. with PI controllers for the inner and outer controller. The
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inner controller controls all changes and disturbances in the radiator, control valve

and oil cooler relatively quickly.
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Fig. 7.10.2. Signal-flow chart for an advanced coolant system control with a coolant control

valve-. 1 coolant temperature sensor at engine exit 2 coolant engine inlet temperature sensor

3 inlet temperature feedback controller 4 exit temperature feedback controller 5 feedforward

controllers.

The outer controller has the task to control the remaining coolant temperature

changes by the heat transfer in the engine block, changes of the coolant mass flow

and interior heating. This cascade control system enables an improved control per-

formance compared to Fig. 7.10.1. Smaller coolant temperature changes for example

have the advantage that smaller thermal stress of materials results and the reference

value of the coolant temperature can be moved closer to higher temperature limits.

The control performance can be further improved by feedforward control func-
tions with inputs from the ECU like injected fuel mass flow ṁf , coolant mass flow

ṁc or engine speed neng, air speed vair, vehicle speed vveh, fan speed ωfan, and

ambient temperature ϑa, see Fig. 4.7.5. The feedforward control algorithms can be

designed with proportional static or with first order dynamic behavior, thus compen-

sating the coolant temperature dynamics, presented in Fig 4.7.5.

A further advanced coolant temperature control can be realized by manipulating

the coolant circuit with an electrical (or mechanical) driven speed-controlled pump.

In that case, the coolant mass flow is independent of the engine speed and can be ad-
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justed to the required engine cooling power, thus saving engine power. This leads to

a reduction of fuel consumption, of emissions because of a shorter warm-up phase,

post cooling of the engine and its components (cylinder head, turbocharger, . . . ) and

use of residual heat for interior heating after shut-off, Genster and Stephan (2004),

Brömmel et al (2010). Also, combinations as electrically driven pumps for low load

and mechanical driven ones for high load are recommended, e.g. for light duty vehi-

cles, Keller et al (2010).

Controlling the coolant exit temperature with the pump speed and therefore by

changing the coolant mass flow ṁc also has control dynamic advantages, as the

transfer behavior of the engine block is of low order and has almost no dead time

compared to changing the engine coolant inlet temperature. However, the control

behavior becomes more nonlinear and needs a comprehensive control design.

A multi-variable control scheme with the pump speed controlling the temperature

difference (ϑc−ϑce,in) across the engine and the coolant valve controlling the coolant

temperature ϑcis described by Guzzella and Onder (2010). Including feedforward

control with measured engine input and output temperature, inversion of an external

cooling model and an observer for engine block and wall temperature, a good control

performance could be obtained and a fuel saving of about 3 % for an MVEG-95 test

cycle, mainly due to a much reduced coolant flow compared to the mechanical driven

pump, see also Cortona (2003).

The overall coolant control system requires a second level called the coolant sys-

tem management, as shown in Fig. 7.10.2. Here, the selection of the desired coolant

temperature ϑc,d, the on/off switching or speed control of the radiator fan, including

adjustments of the ambient temperature ϕa, vehicle speed vveh and engine load, e.g.

by injection mass flow ṁf , can be implemented.

The overall coolant control is also called thermo-management. This part of en-

gine control has increasingly obtained attention in recent years and is influenced by

saving fuel and emissions, optimization of the warming up phase and internal heat-

ing and defrosting comfort. Further requirements arise with start-stop systems and

mechanical or electrically driven pumps and for hybrid drives with an increased fre-

quency of starts and stops. In these cases the thermo-management has to enable an

efficient cooling, avoiding damages through e.g. hot spots and avoiding an operation

with too low coolant temperatures.

7.11 Oil pressure control

The oil pressure of the lubrication system described in Sect. 4.8 is conventionally

controlled by a pressure-relief valve after the oil pump, see Fig. 4.8.1. The oil press-

ure acts on a spring-loaded valve leading to a proportional acting P-controller with a

constant setpoint of about 3-6 bar. Figure 7.11.1 shows the course of oil pressure and

oil temperature on the speed for a gasoline engine, Voigt (2010). For idling speed the

oil pressure is about 2 bar and then increases with larger speed of 2000 rpm to 5.5 bar

according to the pump characteristic, when the oil relief valve opens, see Sect. 4.8.

The controlled oil pressure further increases to about 7.3 bar for 6000 rpm due to
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the proportional control characteristic of the mechanical oil pressure controller. The

diagram also shows the oil pressure after the oil filter and in the cylinder head, indi-

cating the corresponding pressure losses. The oil temperature increases from 80◦C
at idling to 130◦C for maximum speed, showing the increase of heat transfer through

friction and warm engine parts.

oil temperature

oil pressure after oil pump
oil pressure after oil filter
oil pressure in cylinder head
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Fig. 7.11.1. Oil pressure and oil temperature of a 1.3 l, 4 cyl. gasoline engine. Oil pressure

limitation at 5.5 bar, Voigt (2010).

The required oil pressure depends first on the minimal oil pressure at the different

lubrication points of the engine to enable the necessary oil flow rates and cooling of

the lubrication partners. Additionally, a certain minimal oil pressure is required for

hydraulic actuators, for example, for camshaft phasing.

According to Fig. 4.8.3 the volume flow rate V̇eng(ωeng, Toil) increases with the

engine speed, as well as the required pump power according to (4.8.2). The resulting

pump power at maximum speed for passenger car engines is in the range of 1 to

2 kW. As the design of the oil supply is usually oriented to guarantee a sufficient

oil pressure of about 1 bar at idling speed for maximum oil temperature of about

140◦C, the resulting oil pressure and oil volume flow rate then increase for higher

speed with a non-controlled constant oil pump to higher values than required for

lubrication and cooling. This leads to throttling losses Pcv = V̇svpp where V̇cv is the

flow rate through the pressure relief or control valve, see Fig. 4.8.3.

In order to save the oil pump driving power, controlled oil pumps were developed

and introduced in series production in 2002, see Voigt (2003), Lamparski (2007),

Wöckel and Leimbröck (2007) and Voigt (2010) The oil flow rate of these variable
oil pumps is manipulated with electro-hydraulic valves by shifting the gear wheels of

gear pumps relatively to each other or the excentricity of vane pumps, thus changing

the displacement volume Vp,th per turn. This allows to control the oil pressure acc-

ording to the absorbed engine oil flow, as indicated in Fig. 4.8.2d). A control scheme
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as in Fig. 7.11.2 results where the setpoint for the pressure control loop is adjusted by

a look-up table dependent on the engine speed and the oil temperature, Wöckel and

Leimbröck (2007). The oil pressure setpoint can be adjusted continuously or in one

or two speed dependent steps, Voigt (2010). As the oil pressure according to (4.8.21)

behaves like a proportional first order process, a PI controller with gain-scheduling

is a first choice.

The oil flow rate at higher speeds is then reduced considerably and since thrott-

ling losses in the pressure release valve are avoided, fuel savings of 1 to 3 % are

reported.

poil,d

desired
value map

controller oil pump

poil

�eng

Toil

lubrication
system

up

�p

Vp Vp

ip

Fig. 7.11.2. Oil pressure control signal flow with variable oil pump and continuously adjusted

setpoint.

The oil temperature depends on the friction heat of the lubrication points, the

transferred heat in the engine oil channels, the cooled engine components and the

water or air cooled oil cooler. The oil temperature for passenger cars is usually not

controlled and varies during operation, except for the warming-up phase, where a

thermostat may open a by-path of the oil cooler to quickly reach the operating tem-

perature.
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Schulz T, Kulzer A (2006) Überblick und Bewertung variabler Ventiltriebe. In: AU-

TOREG 2006, VDI, Wiesloch, Germany, vol VDI-Berichte 1931, pp 339–344

Scotson P, Wellstead R (1990) Self-tuning optimization of spark ignition automotive

engines. In: IEEE Control Magazine, vol 10, pp 94–101

Sellnau M, Matekunas F, Battiston P, Chang CF, Lancaster D (2000) Cylinder-

pressure-based engine control using pressure-ratio-management and low-cost non-

intrusive cylinder pressure sensors. In: SAE Technical paper series, Warrendale,

PA, 2000-01-0932

Shaver G, Gerdes J, Roelle M (2004) Physics-based closed-loop control of phasing,

peak pressure and work output in HCCI engines utilizing variable valve actuation.

In: American Control Conference, vol 1, pp 150–155

Spicher U (ed) (2007) Direkteinspritzung im Ottomotor III. expert Verlag, Rennin-

gen

Stiesch G (2003) Modeling Engine Spray and Combustion Processes. Springer,

Berlin
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8

Control of diesel engines

The main components, the main control tasks and a resulting control-oriented block

diagram for turbocharged diesel engines were already discussed in Sect. 1.3.1. As

depicted in the block diagram Fig. 1.3.7, in the software structure in Figs. 5.1.4 and

5.1.5 and in the hierarchical control structure of an ECU in Fig. 5.1.6 the control of

diesel engines can be subdivided in:

• Torque control

– fuel injection control

· fuel mass control

· injection angle control

· injection pressure control

· multiple injection control

– air mass control

– charging pressure control

– variable valve control (if available)

• Emission control

– exhaust recirculation control

– particulate filter or SCR control

• Smoke limitation control

• Idle speed control

• Coolant temperature control.

The diesel engine operates with internal mixture formation and compression ignition.

During the compression stroke the air from the intake is compressed to 30 . . . 55 bar
in naturally aspirating, or 80 . . . 110 bar in charged engines and therefore the air

heats up to about 700 . . . 900◦C, according to compression ratios of 6:1 to 24:1. The

fuel is injected shortly before the TDC and is auto-ignited by the warm air. The in-

jected fuel spray leads to a heterogeneous combustion, based on finely atomized and

easily combustible fuel droplets. The cylinder charge heats up and the cylinder pres-

sure rises more, leading to pressure forces at the piston. The local air-fuel ratio varies

between λ = ∞ for pure air and λ = 0 for pure fuel in the spray core. A combustion
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arises in the range of 0.3 < λ < 1.5 around the fuel droplets. Herewith the com-

bustible mixture develops by diffusion and turbulence. The kind of the injected fuel

spray and its kinetic energy have a large influence on the combustion.

In former times partial combustion started in a prechamber to obtain a good mix-

ture in the main combustion chamber. Modern direct injection diesel engines form

the mixture by the air movement and turbulence in the intake channel and valve con-

traction, the piston movement and the injected jet. High injection pressures up to

2000 bar, multihole injector nozzles and swirl and tumble supported by the design

of the intake duct and the piston recess enable a good mixture formation.

The combustion process can be subdivided into three phases, Merker et al (2006).

Firstly, the fuel jet mixes with the air and combusts very quickly after an ignition de-

lay (pre-mixed combustion). The air/fuel mixture then continues and the combustion

is determined by the mixing rate (diffusion combustion). Towards the end of com-

bustion the burning becomes relatively slow (post-combustion). In this third phase

intermediate products are further oxidized and especially previously formed soot is

oxidized. This is described in more detail in Sect. 8.2.2. A pilot injection before the

main injection enables to reduce combustion noise and allows an optimization of the

main injection(s), which results in fuel savings and lower emissions.

Unlike gasoline engines the air flow is not throttled, such avoiding low pressure

charge losses and the combustion is performed with large air excess factors of about

1.2 < λ < 10. The torque is mainly determined by the injected fuel mass.

On the contents of this chapter
The chapter begins by describing the diesel-engine control structure and its vari-

ous operating modes. Some simplified torque models are derived, and the measured

stationary overall behavior and the dynamic behavior after step changes of four im-

portant input variables and 20 output variables is illustrated. Combustion models

are treated for the pre-mixed and diffusion combustion for the assumption of one

cylinder zone. Then, the optimization of the feedforward control with three main

manipulated variables is considered for fixed operating points and a driving cycle

by using numerical optimization methods, different criteria and model-identification

methods. In order to meet the emission limits and to achieve good fuel consumption

and acceleration, modern passenger car diesel engines are equipped with external ex-

haust gas recirculation (EGR) and with variable geometry turbochargers (VGT). The

EGR mass flow is used to decrease the nitrogen oxide emissions. The turbocharger

mainly increases the intake manifold pressure and, thus, increases the engine power.

A detailed presentation of the model-based design of a two-variable control sys-

tem for the charging pressure and air flow rate describes how with identified local

models and a combination of dynamic feedforward and feedback controls a precise

control over the whole operating range can be reached.

The development of a combustion pressure heat release control opens ways for a

feedback control of individual cylinder combustions. Adaptive look-up tables allow

to improve the fixed feedforward look-up tables individually for all cylinders. It is

then shown how a combustion-pressure-based control system can be realized to con-

4�8 8   &ontroO oI 'iHVHO (nJinHV



trol homogeneous compression charge ignition (HCCI) combustions in a relatively

large part-load range which leads to considerable reduction of NOx and soot.

Three methods are described how smoke limitation control for strong accelera-

tions can be designed without and with smoke models. The development of emission

control systems requires overall emission models for NOx, PM and λ. It is shown

how stationary and dynamic models are identified with local polynomial models. Fi-

nally, raw emissions control with NOx- and λ-sensors are discussed and the various

exhaust aftertreatment systems and its control are outlined.

8.1 Diesel engine control structure

This section considers the basic structure of diesel-engine control, overall torque

models and illustrates experimental results to obtain a first insight into the stationary

and dynamic behavior.

8.1.1 Torque-oriented structure

The structure of modern diesel engine control systems followed the development

for gasoline engines, Gerhardt et al (1998), Guzzella and Amstutz (1998) and is

also characterized by a torque-oriented structure. The underlying stationary torque

model is similar to that of gasoline engines, see Fig. 8.1.1. The inner torque Mi

is mapped in dependence on the injected fuel mass mf and engine speed neng for

optimal combustion. Taking the torque losses Mdrg according to (7.1.2) into account

it holds for the inner torque in steady-state

M i (mf , neng) = fi (mf , neng) = M eng +Mdrg. (8.1.1)

Changes from the optimal operating conditions by other injection angles, charging

pressures, or exhaust gas recirculation mass flow rates are taken into account by

efficiencies like

ηϕ =
Mi(ϕinj)

Mi
; ηp =

Mi(p2)

Mi
; ηegr =

Mi(ṁegr)

Mi
(8.1.2)

such that the corrected inner torque becomes

M i,corr = fMi,corr (mf , neng, ϕ̇eng, p2, ṁegr) = ηϕ ηp ηegr M i. (8.1.3)

The torque at the clutch then follows as, see Fig. 8.1.1,

M eng(mf , neng, ϕinj, p2, ṁegr) = M i,corr −Mdrg. (8.1.4)

By inversion of the inner torque model the required fuel injection mass can be deter-

mined with (8.1.3) which delivers the corrected inner torque

mf,corr =
1

ηϕ ηp ηegr
f−1
Mi (M i, neng). (8.1.5)
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This is quite similar to gasoline engines as described in Sect. 7.1. As for gasoline

engines it is required for the design and implementation of the control functions

that a basic control calibration of the diesel engines has to be carried out by mea-

suring the steady-state behavior on a test bench to determine optimal manipulated

variables. The optimization then requires to determine following steady-state mod-

els (n = neng):

• inner torque Mi(mf , n) (for other optimal manipulated variables)

• fuel injection angle ϕinj(mf , n)
• air mass in the cylinder mair(mf , n)
• charging pressure p2(mf , n)
• exhaust gas recirculation mass flow ṁegr(mf , n)
• rail pressure prail(mf , n)
• torque Mdrg(n, Toil).

Instead of e.g. ϕinj(mf , n) also ϕinj(Mi,d, n) can be used.

�inj

Mi

neng

megr

p2

mf

�
�

�p �egr

Mi

To Toilpo

Micorr

Mdrg Meng

charge
cycle

friction auxiliaries

Fig. 8.1.1. Torque model of a diesel engine. Mi: inner torque; Mi,corr: corrected inner torque;

Mdrg: drag torque (torque losses).

Based on these look-up tables and determination of efficiencies (8.1.2) the re-

quired injected fuel mass with correction mf,corr is determined with (8.1.5). This ba-

sic control calibration is then represented in corresponding look-up tables and used
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for the design of the torque-oriented engine control with regard to internal and exter-

nal torque demands.

The torque-oriented diesel engine control system can be divided in different

signal-flow control blocks, as depicted in Fig. 8.1.2, correspondingly to gasoline

engines,

(a) external and internal torque demands

(b) operation modes

(c) torque coordination

(d) torque conversion

(e) engine control with actuators.

The control function blocks comprise for example following tasks, compare Fig. 8.1.3.

operation modes

- start
- warming-up
- idling
- normal
- regeneration

torque
coordination

- torque:
injection
mass

- torque:
injection cut-off

torque conversion

air
system

fuel
system

turbo
charger

exhaust
system

engine control

- throttle

- injection
- pressure
- mass
- angle

- camshaft position

- turbocharger
actuator

- EGR-valve

torque

external torque
demands

- driver
- velocity control
- transmission shift
- auxiliaries

internal torque
demands

- start
- idling
- limitations

- speed
- smoke

- protection
- overheat
- torque

Fig. 8.1.2. Main signal-flow blocks for the control of diesel engines with common rail injec-

tion.

a) Torque demands

The pedal position αped from the driver determines the desired inner torque accord-

ing to the drive map Mi,d(αped, n) for normal driving without gear shifting. Other

operating conditions like starting, idling and adding of further auxiliary drives re-

quire driver independent torque demands. The inner torque should never be smaller

than the drag torque (except during motoring) and not larger than protection limits

by the engine itself or the transmission. Further limits of the torque for diesel engines

are a limitation of the engine speed and smoke at full load.
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b) Torque coordination

The torque coordination decides which of the different torque demands is given to

determine the injected fuel quantity. This is realized as a priority selection with mini-

mum and maximum operators or as addition of several torque requests. For example,

the maximum of the demanded inner torque or the drag torque is selected, or the

minimum of the desired torque from the drive map or the protection torque limit or

the smoke torque limit.

Parallel to the selection of the torque demands a dynamic transfer element in

form of a lead-lag (DT1) element is realized in order to compensate for a part of the

dynamic inertness of the turbocharger and the air flow into the cylinders in the case

of a jump increase of the desired torque. This way a sudden increase of the injected

fuel quantity is paralleled by an accelerated air mass flow. As the driver command is

delayed by the accelerator-pedal filter and the lead path is applied to the unfiltered

pedal sensor, a synchronous dynamic change of fuel mass and air mass is intended.

For deceleration this lead-lag element may be circumvented.

c) Torque conversion

The torque conversion determines the desired command values to the actuators di-

rectly (feedforward) or to closed loops as reference variables or setpoints (feedback

control). The torque conversion block therefore comprises the optimized steady-state

models resulting from the basis control calibration.

First, the torque map of the desired inner torque Mi,d(mf , n) is inverted to

calculate the required fuel injection mass mf,d (further subdivided in main injec-

tion mf,d,mi and pilot injections mf,d,pi) and desired air mass mair,d as shown in

Figs. 8.1.3 and 8.1.4. The other manipulated variables or reference variables foll-

ow from the optimized maps, like injection angles (begin of injections) ϕinj,d, rail

pressure prail,d and charging pressure p2,d. For strong torque reduction, injections of

certain cylinders can be shut off.

d) Engine control

According to Fig. 8.1.2 the signal-flow block for engine control receives the required

commands from the torque conversion block and determines the required air mass,

the injection mass and injection angles and other manipulated variables for the com-

bustion process. This is detailed further in Fig. 8.1.3 for the case that the engine runs

in normal operation. The torque conversion block uses the steady-state models from

the basic control calibration and contains maps with desired (reference) variables for

the feedforward control of the fuel injection and the rail pressure and feedback con-

trol of the air mass flow and the charging pressure. Sections 8.3, 8.4 and 8.3 treat

these controls more precisely. Only some remarks are given here.

The time delay of the charged air and charging pressure has a large influence on

the dynamic behavior of diesel engines because of the inertness of the turbocharger

and the intake volume storage. The volume of the air path is relatively large because
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the air has to be conducted to the intercooler and back to the engine. This is because

the charge-air cooler must lie in a suitable air stream of the vehicle, mostly in the

front part.

The air mass flow rate is measured by the air flow sensor and it follows

ṁair = ṁgas(p2, T2, n) − ṁegr(uegr, p3, p2, T2) (8.1.6)

compare (4.1.12).

The corresponding manipulated variable for the air mass flow rate is the exhaust

gas mass flow rate and is changed with the position uegr of the EGR valve. On the

other hand, the charging pressure p2 is measured after the compressor and manipu-

lates either by the wastegate of a fixed turbocharger or the blade position of a variable

geometry (VGT) turbocharger uvgt. Both closed loops are mutually coupled as uegr

influences p2 and uvgt influences the air flow ṁair as illustrated in Fig. 8.1.3. The

behavior of this multi-variable control system will be treated in Sect. 8.5.

A specialty of diesel engines is a full-load smoke limitation. In full-load condition

the air excess factor λ may approach 1 which leads to production of soot or partic-

ulates. Therefore the measurement of the air mass flow enters together with the en-

gine speed a smoke-limitation map to determine a desired air/fuel ratio λd(ṁair, n).
Based on this and the known air mass, a maximum fuel mass mf,max is calculated,

which limits the fuel injection by a minimum operator in the torque coordination

block. This feedforward limitation can be added by a feedback path if a λ-sensor in

the exhaust pipe is used which corrects the maximal fuel mass dependent on the dif-

ference between the actual and the desired λ, Robert Bosch GmbH (2011). Various

principles of smoke limitation control are treated in Sect. 8.8.

A further limitation is the maximum speed of the engine to avoid damage through

excessive speeds (torque demand block). Therefore a maximum speed controller re-

duces the injected fuel continuously via a ramp function up to a maximum speed

value (reference speed variable nd). The idle speed control is briefly described in

Sect. 7.7.

Further control systems of the engine are realized to obtain a smooth running.

The active surge damping weakens excited oscillations of the drive train after strong

engine torque changes. This is reached firstly by a low-pass filter after the pedal

signal. The detection of engine-speed oscillations and modulation of the injected

fuel then secondly counteract or damp oscillations, see Sect. 4.9.

Based on the detection of oscillations in the measured engine speed a smooth-
running control or fuel-balancing control compensates a possible different torque

of the cylinders by correcting the injected fuel mass for the individual cylinders,

especially for low and medium speeds.

This chapter also considers combustion-pressure-based heat release control,

which enables cylinder-individual combustion control and homogeneous charge

compression ignition (HCCI), see Sect. 8.7.
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8.1.2 Diesel-engine torque models

The detailed control structure as in Fig. 8.1.3 is required for the development and

calibration of the diesel-engine control functions. However, with regard to treating

the diesel engine within a complete power train as a torque generation unit, simplified

torque models are more feasible.

As shown in Fig 8.1.4 the external torque demands determine the demanded inner

torques Mi,d from the accelerator pedal, the transmission or the velocity control with

a priority selection in the torque coordination block, see Figs. 8.1.2 and 8.1.3. An

inversion of the inner torque look-up table in the torque conversion block then yields

the desired injected fuel mass per stroke mf,d and calibrated values for the desired

values of the air mass mair,d, charging pressure p2,d, injection angle ϕinj,d and rail

pressure prail,d.

The air mass flow control loop with the manipulated exhaust gas recirculation

flow and the charging pressure control loop with the manipulated turbocharger (either

variable turbine or wastegate), according to Fig. 8.1.3, then determine the dynamics

of the cylinder air charge and the coordinated injected fuel mass. Both control loops

are coupled mutually. This will be considered in more detail in Sect. 8.5. The en-

gine torque Meng acts on the drive train including transmission and via the resulting

torques on the movement of the vehicle. An automatic transmission control system,

if present, then determines the selected gear and desired torque Mi,tr,d.

Similar as for gasoline engines a simplified dynamic model for the torque gener-

ation of a diesel engine can be obtained. The generated inner torque is represented

by a nonlinear map

M i(mf , neng). (8.1.7)

for optimal calibrated manipulated variables, like p2, prail, ϕinj, ṁegr.

The torque generation after a change αped of the accelerator pedal is determined

by the changes of the injected fuel mass Δmf and the charge air mass Δmair. Now,

small changes around an operating point (M eng, neng) are considered.

The change of the demanded inner torque Mi,d after a change Δαped of the

accelerator pedal is described by a constant, compare Fig. 8.1.5,

ΔMi,d

Δαped
= KMd,α (Mi, neng) (8.1.8)

and a resulting change of injected fuel mass by

Δmf

ΔMi,d
= Kmf,M (Mi, neng) . (8.1.9)

The inner torque reacts after a change of the injection with a time delay Td

ΔMi(s)

Δmf(s)
= KM,mf (Mi, neng) e

−Tds. (8.1.10)

The dead time Td results from the time period of about one cycle, e.g. 40ms for

3000 rpm, compare Fig. 8.6.1, and ECU calculation times, which can usually be

neglected.

8.1   Diesel Engine Control Structure 505



d
ri

v
er

�
p
ed

tr
an

s-
m

is
si

o
n

M
i,

,d
�

M
en

g

ex
te

rn
al

to
rq

u
e 

d
em

an
d
s

en
g
in

e
to

rq
u
e

co
o
rd

in
at

io
n

v
el

o
ci

ty
co

n
tr

o
l

M
i,

tr
,d

M
i,

v
c,

d

m
in

m
ax

en
g
in

e
cl

u
tc

h

tr
an

sm
is

si
o
n

to
rq

u
e

co
o
rd

in
at

io
n

M
d
rg

�
in

j

en
g
in

e 
to

rq
u
e

co
n
v
er

si
o
n

ac
tu

at
o
rs

m
f

ṁ
ai

r

�
in

j,
d

m
f,

d

ṁ
ai

r,
d

ai
rm

as
s

co
n
tr

o
l

p
2
d

�
en

g
�

en
g

M
d
rg

M
i,

co
rr

�
en

g

M
cl

cl
u
tc

h
co

o
rd

in
at

io
n

�
cl

,o
u
t

i tr
i d

i

M
cl �

cl
,o

u
t

�
p
s

M
tr

M
d
i

�
w

M
w r w

v

tr
an

sm
is

si
o
n

d
if

fe
re

n
ti

al
w

h
ee

ls
v
eh

ic
le

i tr

ch
ar

g
in

g
p
re

ss
u
re

co
n
tr

o
l

in
je

ct
io

n
sy

st
em

p
ra

il
,d

ṁ
eg

r

p
2

M
i,

d

u
eg

r

u
in

j

u
v
g
t

Fi
g.

8.
1.

4.
S

ig
n

al
fl

o
w

fo
r

th
e

to
rq

u
e

g
en

er
at

io
n

o
f

a
d

ie
se

l
en

g
in

e
w

it
h

tu
rb

o
ch

ar
g

er
as

co
m

p
o

n
en

t
w

it
h

in
th

e
p

o
w

er
tr

ai
n

o
f

a
v
eh

ic
le

.

�06 8   &ontroO oI 'iHVHO (nJinHV



Ml
Meng

engine

air path and
turbocharger
and actuators

Mi,d�ped

driving
characteristics

and torque
conversion

Mdrg neng

�eng

eng

1

J

Mi

Fig. 8.1.5. Simplified torque model for a turbocharged diesel engine.

Hence, with (8.1.9) and (8.1.10) one obtains for the resulting inner torque through

the fuel injection

GMM1(s) =
ΔMi(s)

ΔMi,d(s)
= KMM1e

−Tds. (8.1.11)

The air mass flow is delayed by the air path storage and the turbocharger including

the actuator and can be approximated by first order elements, compare (4.4.100)

Gmair,M(s) =
Δṁair(s)

ΔMi,d(s)
=

Kmair,M

(1 + Tacts)(1 + TM,airs)
e−Tds. (8.1.12)

and with
ΔMi

Δṁair
= KM,mair(Mi, neng) (8.1.13)

one obtains for the resulting proportion of the inner torque through the air flow

GMM2(s) =
ΔMi(s)

ΔMi,d(s)
=

KMM2

(1 + Tacts)(1 + TM,airs)
e−Tds. (8.1.14)

The overall dynamic change of the torque ΔMi results from a superposition of

the effect from Δmf and Δṁair. As usually the effect of Δmf dominates and is

faster, a first order delay and a dead time are used as an approximation

G′
MM(s) =

ΔMi(s)

ΔMi,d(s)
=

K ′
MM

(1 + TMs)
e−Tds, (8.1.15)

and with (8.1.1) and (8.1.8) and neglected effects of drag torque changes one obtains

as a simplified model

GMα(s) =
ΔMi(s)

Δαped(s)
=

KMα

(1 + TMs)
e−Tds (8.1.16)

with

KMα = KMd,αK
′
MM. (8.1.17)

It will be shown in the next section that for a four-cylinder diesel engine the mea-

sured transient responses of the torque yield approximately following time charac-

teristics: for neng = 3000 rpm : Td ≈ 100ms, TM ≈ 100ms and for neng =
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1900 rpm : Td ≈ 150ms, TM ≈ 120ms. However, this includes the dynam-

ics of the crankshaft and fly wheel and the torque measurement. After a change

of the fuel injection one cylinder after another yields a change of the torque such

that for a four-stroke engine all cylinders contribute with the same torque after two

turns of the crankshaft or Δϕ = 720◦CS. This corresponds to a time period of

Δt = 4π/ωeng = 4π/2πneng = 2/neng. Therefore, an averaged torque responds

approximately with a time constant of TM = 2/neng, which is TM = 66.7 . . . 40ms
for neng = 1800 . . . 3000 rpm.

If, depending on the application, the dynamics of the engine can be neglected

because the following longitudinal vehicle dynamic time constants are dominating,

the engine can be approximated by a proportional behavior without dynamics

GMα(s) =
ΔMeng

Δαped
= KMα(M eng, neng). (8.1.18)

The torque Meng acts on the crankshaft and flywheel of the engine. An angular

momentum balance yields (7.1.31), see the discussion to Fig. 7.1.8.

8.1.3 Examples for the stationary and dynamic behavior of diesel engines

As the stationary and dynamic behavior of the engines plays an important role for the

development of the various control functions, some results from test-bench measure-

ments are considered first to discuss some properties of passenger car diesel engines.

a) Stationary behavior of torque and emissions

Figure 8.1.6 depicts some look-up tables (maps) of a four-cylinder passenger car

diesel engine where the specific fuel consumption bsfc, the NOx and soot emissions

and the combustion noise are given as contour lines within the diagrams of the brake

mean effective pressure pbmep versus the speed neng. According to (4.3.2) pbemp is

proportional to the torque Meng at the clutch.

The specific fuel consumption has a minimum for medium speed and medium/

high torque and increases strongly nonlinear for lower torque. NOx increases non-

linearly with increasing torque and speed and has a minimum for low torque and

low speed. Soot shows several maxima for medium torque and low to medium/high

speed, and smallest values for low torque. The combustion noise increases with in-

creasing torque and speed, i.e. with the power. Hence, all output variables change

nonlinearly and rather differently within the pbmep(neng) diagram and underline the

difficulty to optimize the fuel consumption and emissions simultaneously.

b) Stationary look-up tables for control

Stationary and dynamic measurements are now discussed for another four-cylinder

diesel engine depicted in Fig. 8.1.7.
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Fig. 8.1.6. Steady-state behavior of a four-cylinder, 16-valve, 110 kW diesel engines with

prail,max = 2000 bar, two main injections, particulate filter and DeNOx exhaust aftertreatment

for Euro 6, fuel consumption optimized. By courtesy of Robert Bosch GmbH (2013). a specific

fuel consumption. b NOx raw emissions. c filter smoke number. d combustion noise.
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Figure 8.1.8 illustrates the steady-state maps for the control of the engine as mea-

sured on the test bench. The drive map for the torque in dependence on the driving

pedal position αped is locally linear and for high load and low speed nonlinear (en-

gine protection). ṁair is weakly nonlinear for high load, p2 and prail for low load

and low speed. The injection variables umi for the main injection mass and ϕmi for

the main injection angle are relatively linear except for some areas at lower speed.

Hence, the steady-state maps can be well approximated by locally linear models

which vary with the operating point [umi, neng]. The areas with significant nonlinear

relations are placed at different map regions.

T2

p2

λ Δpdpf

T5

TH20

prail

T0

p0

mair

�mi

qmi

tpi,1

qpi,1

tpi,2
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EDC16
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ECU

catalyst DPFHFMfilter

EGR valve

EGR
cooler

VGT

air-
cooler

T4

NOX
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actuator signals

safl

sth

segr

svgt

Fig. 8.1.7. Schematic of a diesel engine with turbocharger and common-rail injection on a test

bench (Opel Z19 DTH, 1.9l, 315 Nm, 110kW, ε = 17.5) and used sensor and actuator signals.

c) Step responses for the dynamic behavior

In order to give a view on the dynamic behavior of the diesel engine, various step re-

sponses or transient functions are shown for neng = 3000 rpm and neng = 1900 rpm.

Table 8.1.1 depicts the operating points for neng = 3000 rpm and the chosen step

changes of each one of the manipulated variables, whereby all others have been kept

constant. The engine was running with controlled speed by the test bench controller

and with closed loop control for the rail pressure, positions of the EGR valve and
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Fig. 8.1.8. Different maps for the steady-state control of the investigated 1.9 l CR diesel en-

gine in dependence on the operating point [umi,d, neng]. The maps show measured values as

determined at the test bench. a measured torque in dependence on pedal position and speed

(driving map). b measured air flow rate. c, d manipulated variables main injection mass and

angle. e, f measured control variables.
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VGT actuator, but without control of the air-flow rate, fuel injection rate, fuel injec-

tion angle, charging pressure, and the torque, which means open loop for some main

controlled and manipulated variables of the ECU. The speed neng = 3000 rpm or

50 rpm corresponds to 25 strokes/s/cyl or a cycle time of 40 ms for one cylinder. The

variables for pmi,hp, pmi,lp (mean effective indicated pressure for high pressure and

low pressure cycle), and ϕQ50 (combustion center crank angle) are averaged over

four cycles, i.e. over 160 ms and therefore described by pmi,hp, pmi,lp and ϕQ50.

Hence, a steady-state of these averaged values is reached after 160 ms.

The following figures show 15 measured transient functions of output variables

for one positive and one negative step function of one manipulated variable over a

time interval of 40 s and a zoomed presentation of the initial course for 4 s, Mrosek

(2014). Thus, the timely behavior of the variables can be compared to each other,

also in dependence of the sign of the changed input.

Table 8.1.1. Diesel engine operation points and chosen step functions for neng ≈ 3000 rpm

step Figure neng uinj ϕmi − 180 prail segr st qmi

[rpm] [mm3/cyc] [◦CS] [bar] [-] [-] [mm3/cyc]

ϕmi 8.1.11 3000 17 165 → 175 700 0.43 1 15.9

qmi 8.1.10 3000 - 170 700 0.43 1 15 → 10

segr 8.1.12 3000 17 170 950 0.63 → 0.24 0.53 15.9

st 8.1.13 3000 17 170 950 0.44 0 → 1 15.9

Many of the transient functions can be approximated by a low pass behavior with

dead time as shown in Fig. 8.1.9 corresponding to a transfer function

G(s) =
y(s)

u(s)
=

K∏n
i=1(1 + Tis)

e−Tds. (8.1.19)

The dead time Td is usually a transportation or calculation time and the transient

function of the nth order low pass process with time constants T1, T2, . . . , Tn can be

characterized by constructing an inflectional tangent with a lag time Tl and a slope

time Ts. An overall characteristic is the 95% settling time T95, see e.g. Isermann and

Münchhof (2011). In the case of a first order process it holds Ts = T1. If a dead time

Td as well as a lag time Tl are included, an overall delay time Tdl = Td +Tl results.

The figures include the time behavior of the calculated mean indicated pressure

pmi,hp for the high pressure cycle and pmi,lp for the low pressure cycle according to

(4.2.21). For convenience pimep = pmi is set. (4.2.21) leads to
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pmi,hp =
Wmi,hp

Vd
=

1

Vd

∫ 540◦

ϕ=180◦
pcyl (ϕ) dV (ϕ)

≈ 1

Vd

540◦/ϕ0∑
κ=180◦/ϕ0

pcyl(κϕ0)ΔV (κϕ0)

(8.1.20)

pmi,lp =
Wmi,lp

Vd
=

1

Vd

∫ 180◦

ϕ=540◦
pcyl (ϕ) dV (ϕ)

≈ 1

Vd

180◦/ϕ0∑
κ=540◦/ϕ0

pcyl(κϕ0)ΔV (κϕ0)

(8.1.21)

with the discrete crank angle κ = ϕ/ϕ0 = 0, 1, 2, . . . and ϕ0 = 1◦CS. The cylinder

volume follows (4.3.20) and (4.3.17).

• Step of the main injection rate qmi (Fig. 8.1.10, neng = 3000 rpm)

– The mean indicated pressure of the high pressure cycle pmi,hp changes im-

mediately and reaches a steady-state after T95 ≈ 160ms (due to averaging

over 4 cycles).

– The measured torque Meng at the asynchronous motor of the test bench shows

a dead time Td = 100ms and reaches steady-state after T95 ≈ 300ms after

some oscillations which originate from the test bench dynamics.
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– The calculated combustion center ϕQ50 changes immediately with a steady-

state after T95 ≈ 160ms (due to averaging).

– The exhaust pressure p3 in the exhaust manifold first shows a small step

which is proportional and delayed to pmi,hp(t) and ϕQ50(t) by a dead time

Td ≈ 100ms. Then a slower transient with T95 ≈ 4 s to steady-state follows.

– Correspondingly to p3 the exhaust gas flow rate ṁegr which depends on the

pressure difference

Δpegr(t) = p3(t)− p2(t)

over the EGR valve develops and also the air-flow rate ṁair according to

(8.1.6).

– The rotational speed ntc of the turbine first shows a delay time of Tdl ≈
150ms and then a transient function with a time constant of T1 ≈ 0.9 s and

a settling time of T95 ≈ 3.5 s. The transient response is a bit slower for an

increase of the fuel injection than for a decrease.

– The charging pressure p2c has about the same dynamics as the turbocharger

speed ntc.

– The exhaust temperatures T3 and T4 have the slowest responses, with a delay

time of Tdl ≈ 200ms and a settling time of T95 ≈ 10 to 20 s for T3 and 20

to 40 s for T4. This is due to the pressure dynamics, the heat exchange with

the heat capacities of the cylinder, cylinder head, exhaust pipes, turbocharger

and sensor dynamics. T2c is more retarded with Tdl ≈ 1 s and T95 ≈ 30 s.
– The oxygen content of the exhaust gases measured by the λ-sensor has a

delay time of Tdl ≈ 150ms, a small overshoot and settles after about 1 s.
The initial course of λ(t) is directly related to the fast changes of pmi,hp(t)
and ϕQ50(t) and then influenced more slowly by the air-flow rate ṁair(t).
However, the included lag time of the λ-sensor has a dominating effect with

a time constant of T1 ≈ 80ms, see Table 7.2.1.

– The emission concentration cNOx shows a dead time plus lag time of Tdl ≈
400ms and settles after T95 ≈ 2 to 3 s. This time behavior is to a good part

caused by the sensor dynamics. Table 8.9.1 shows that the NOx sensor has a

dead time of Td ≈ 200ms and the sum of the time constants is TΣ ≈ 500ms.
– The opacity cop is a measure for the particulates and shows a dead time of

Td ≈ 400ms and a small time constant of T1 ≈ 100ms, which corresponds

to the sensor dynamics in Table 8.9.1. Hence, it can be assumed that both,

NOx and opacity in the exhaust manifold immediately follow changes in the

combustion, indicated by the time behavior of pmi,hp(t) and ϕQ50(t). Ta-

ble 8.1.2 summarizes the characteristics for the changes of the main injection.

• Step of the injection angle ϕmi (Fig. 8.1.11)

– pmi,hp, Meng, ϕQ50 and λ change immediately within 160 ms, similarly as

for Δqmi.

– p3, p2c, ntc behave similarly delayed as for the change of the fuel injection

volume.
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Table 8.1.2. Step response characteristics for a change of the injection volume qmi at neng =
3000 rpm in [ms] or [s]

fast dynamics medium dynamics slow dynamics

pmi,hp ϕQ50 Meng p3 ntc p2c ṁegr ṁair λ cNOx cop T2c T3 T4

Td 100 100 400

Tdl 150 150 150 400 1 s 200 200

Ts 100 900 900 100

T95 150 150 300 4 s 3.5 s 3.5 s 4 s 4 s 1 s 2.5 s 30 s 15 s 30 s

– The emission concentrations cNOx and cop and temperatures T3 and T4 show

a strong change and similar dynamics to Fig. 8.1.10. Hence, the injection an-

gle has a significant influence on the emissions.

• Step of the EGR valve position segr (Fig. 8.1.12)

– The EGR flow rate ṁegr changes immediately and reaches a steady-state

within T95 ≈ 100ms.
– The air flow rate ṁair shows a time constant of Ti ≈ 300ms for an increase

and 200 ms for a decrease, i.e. lags the ṁegr (because of the intake volume).

– pmi,hp and ϕQ50 change with a time constant of Ti ≈ 1 s, with only a very

small change of the torque Meng.

– p3 changes fast initially and reaches a steady-state after T95 ≈ 1 to 2 s.

– p2c and ntc change with a time constant of Ti = 1 s (and p2c with a small

initial undershoot, i.e. all pass behavior, because of the fast rising p3).

– The emissions cNOx and cop show large changes in opposite directions, with

delay times of Tdl ≈ 200 to 300 ms and settling times of T95 ≈ 2 to 3 s. λ
changes faster and with a settling time of T95 ≈ 1.5 s. (These values include

the sensor dynamics.)

– The temperatures T3, T4 and T2c have delay times of Tdl ≈ 600 to 800 ms

and settling times of T95 ≈ 20 to 40 s. The slowest response is measured for

T2c.

– Hence, changing the EGR valve position has a strong effect on ṁegr, ṁair,

ntc, cNOx and cop. Also the pressures and temperatures change significantly,

but more slowly.

• Step change of the VGT actuator position st (Fig. 8.1.13)

– p2c and ntc change after a small lag time of Tl ≈ 100ms with a time constant

of Ti ≈ 1.3 s for increasing and about 0.8 s for decreasing values.

– p3 and ṁegr change with a time constant of Ti ≈ 0.6 s in positive direction

and of about 0.15 s in negative direction, i.e. they are significantly direction

dependent.

– ṁair increases slowly with a lag time of Tl ≈ 0.6 s and a time constant of

Ti ≈ 1.6 s because of the increasing p2c. In negative direction it shows a

strong undershoot because of the fast decreasing ṁegr. A part of this direc-
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tion dependent behavior is caused by the different dynamic behaviors of the

pressure difference Δpv = p3(t)− p2c(t) over the EGR valve.

– pmi,hp changes according to p2c and ϕQ50 changes only very little.

– The torque Meng decreases because pmi decreases as pmi,lp increases signif-

icantly, following the direction dependent course of p3.

– The emissions cNOx and cop show significant changes in opposite directions

and have a delay time of Tdl ≈ 0.6 s an a settling time of T95 ≈ 2 s. λ shows

a passing deviation, following ṁair(t).
– The temperatures T3, T4 and T2c have delay times of Tdl ≈ 1 s and settling

times of T95 ≈ 10 to 20 s.

Summing up, the dynamics of the measured output variables for different steps

of manipulated variables and neng = 3000 rpm can be subdivided into three

groups:

(1) Fast dynamics (T95 < 200ms)
Mean effective pressure pmi,hp, combustion center ϕQ50, torque Meng, initial

course of exhaust manifold pressure p3 react immediately for changes of qmi

and ϕmi, as well as ṁegr for Δsegr.
(2) Medium retarded dynamics (200ms < T95 < 4 s)

Turbocharger speed ntc , charging pressure p2c, final course of exhaust man-

ifold pressure p3, exhaust recirculation mass flow rate ṁegr, air flow rate

ṁair, emission concentrations λ3, cNOx, cop react with medium delay times

for changes of qmi, ϕmi, segr and st.
(3) Slow dynamics (4 s < T95 < 40 s)

Exhaust temperatures T2c, T3, T4 exhibit significant lag times and settling

times to all changes of the manipulated variables.

• Step change of the main injection rate qmi at neng = 1900 rpm (Fig. 8.1.14)

Figure 8.1.14 illustrates the transient functions for a lower speed neng = 1900 rpm
and therefore a longer settling time T95 ≈ 250ms for the combustions of all four

cylinders. One observes:

– pmi,hp and ϕQ50 change immediately. The torque Meng shows a settling time

of T95 ≈ 300ms.
– ntc and p2 have a delay time of Tdl ≈ 150ms, a time constant of Ti ≈ 1.5 s

and a settling time of T95 ≈ 2.5 to 3 s.

– The dynamics of the emission concentrations λ, cNOx and cop, as well as the

temperatures T2c, T3, T4 are similar to those of neng = 3000 rpm.

– ṁair and ṁegr show no significant changes.

Hence, for lower speed mainly the dynamics of the turbocharger are slower. The

other dynamics are similar to those at neng = 3000 rpm. Because of the small

values for p2c and small differences p3 − p2c, the air mass flow ṁair and ṁegr

are not significantly affected.

• Step change of the rail pressure prail at neng = 1900 rpm (Fig. 8.1.15)

Figure 8.1.15 shows the transient responses for a change of the rail pressure prail.
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– pmi,hp, ϕQ50 reach a steady-state almost immediately with about the same

dynamic delay as the rail pressure itself. Meng is slightly more delayed, by

about 100 ms.

– The emission concentrations cNOx and cop are significantly influenced in

opposite directions with a delay time of Tdl ≈ 500ms and T95 ≈ 2 s for

cNOx and T95 ≈ 1.2 s for cop. λ changes little.

– ntc, T3 and T4 show very small changes. All other variables remain constant.

Hence, the rail pressure prail has a significant influence on the combustion and

therefore on the torque and the emissions.

• Summary
These measured transient functions for the main manipulated variables qmi, ϕmi,

segr, st and prail of a diesel engine demonstrate that not only the main controlled

variables Meng, ṁair and p2 are influenced, but almost all pressures, tempera-

tures and emission concentrations with different dynamics. This underlines the

multi-variable behavior of combustion engines and the significance of the many

crosscouplings. In the following sections the stationary and dynamic behavior

will be modeled in detail to be used for the design of engine control systems.

8.2 Combustion models for diesel engines

This section considers the special combustion phases for diesel engines and simpli-

fied combustion models, in addition to the general high and low combustion cycle

models for four-stroke engines discussed in Sect. 4.2. In contrast to gasoline en-

gines the processes for diesel engines do not run sequentially but mainly in parallel

whereby they influence each other mutually.

8.2.1 Combustion phases and combustion modeling

The fuel of modern diesel engines is injected directly into the combustion chamber

with high pressure usually before the top dead center. A resulting spray expansion

leads to a formation and evaporation of fuel drops thereby mixing with the com-

pressed and heated air. Then auto-ignition starts with some delay followed by vari-

ous phases of combustion exhaust gas development and expansion with transfer of

the thermal work into mechanical work at the crankshaft. Figure 8.2.1 depicts some

phases of the diesel combustion process, compare Merker et al (2006).

a) Fuel injection

In the following, common-rail injection systems are assumed where the injection

pressure can be adjusted independently of engine speed, fuel quantity, and crankshaft

angle. Therefore, much more freedom for selecting optimal injection variables is

possible, compared to cam driven in-line injection pumps, distribution injection
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Fig. 8.2.1. Phases from injection to emission formation for diesel fuel combustion.

pumps or unit injector systems, see e.g. Robert Bosch GmbH (2011). The common-

rail (CR) serves as accumulator and allows a separation of pressure generation and

fuel injection. Presently CR pressures of 1600−2000 bar are used for passenger cars

and 1400 bar for commercial vehicles. The direct injection into the cylinder is per-

formed by a solenoid-valve injector or piezo-injector, allowing multiple injections

through throttling-pintle nozzles or hole-type nozzles.

b) Mixture formation

During the compression stroke the intake gas (air plus recirculated exhaust gas)

is compressed to 30 . . . 55 bar for naturally aspirated engines or 80 . . . 110 bar for

charged engines. The temperature thereby rises to 700 . . . 900◦C and allows self-

ignition of the fuel/gas mixture before reaching the top dead center (TDC). The in-

jected spray consists of many small fuel droplets, where the local air/fuel ratio λ
varies from pure air in the periphery (λ = ∞) to pure fuel (λ = 0) in the core of the

spray such forming a heterogeneous mixture which is influenced by turbulence and

diffusion. The combustion arises only between an air/fuel ratio of 0.3 < λ < 1.5.

The kinetic energy of the spray and the spray pattern influence the resulting tur-

bulence, the droplet sizes and the interaction of fuel and air. The generation of turbu-

lence is supported by the shape of the combustion chamber, the piston and its recess,

by special induction track geometries and swirl-flaps and by the piston movement

with resulting squish.

The liquid fuel is atomized during the injection process in up to 108 droplets

with diameters in the range of 10μm, Stiesch (2003) leading to a fast evaporation.

One distinguishes a primary spray decay in the vicinity of the injector, forming larger
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droplets and a secondary spray decay downstream with microdroplets by mixing with

the turbulent air. The heated air and the cylinder wall temperatures then vaporize the

droplets.

c) Combustion process

The start of ignition follows the start of injection and mixture formation after a cer-

tain period of time, the ignition delay. It depends on a physical part, which comprises

the spray development, mixture formation and fuel evaporation, and a chemical part

where reactive radicals like OH are formed and lead to the ignition.

The ignition delay depends on the ignition quality of the fuel, expressed by the

cetane number (CN = 45 . . . 50), the compression pressure and compression tem-

perature.

The combustion process can be divided into three phases, see Fig. 8.2.2, Merker

et al (2006). During the pre-mixed flame combustion the injected fuel and air mix-

ture combusts very rapidly with high heat release and leads to a fast pressure rise.

This phase is responsible for the hard noise and forming of NOx because of the large

air excess. The following diffusion flame combustion is based on the heterogeneous

mixture with strongly varying air excess for rich and lean mixture parts. The rich

mixture parts are responsible for soot generation. The burning rate is slower than the

pre-mixed combustion, because of the physically-based turbulent mixture process.

The third phase is the post-combustion and is characterized by slower chemical reac-

tions because of the decreasing pressure, temperature and turbulence. In this phase

the remaining fuel is burned, intermediate combustion products and soot are oxi-

dized and the final emissions are determined. The division of the fuel injection in

pre-injection(s) and main-injection(s) allows to reduce the combustion noise and to

obtain an early main-injection.

ṁf,inj

1

2

3

�soi �sob �eoi �eob
�

ṁf,inj f,

f

��ign,delay

1 pre-mixed combustion
2 diffusion combustion
3 post-combustion

Q�

Q�

Fig. 8.2.2. Course of fuel injection and heat release of the diesel combustion (qualitative) for

one main injection, Merker et al (2006).
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8.2.2 Combustion models

For calculation and simulation of the combustion process different methods were de-

veloped. They can be divided into empirical, phenomenological and three-dimensio-

nal models, Stiesch (2003) and Merker et al (2006). The empirical models assume

one or two zones of the combustion chamber and describe the state variables press-

ure, temperature and gas composition in dependence on the crank angle or time. One

example of this type with one zone is the approximation of the gross heat release

with the Vibe function (4.2.40). Phenomenological models determine the heat re-

lease by assuming a local distribution of combustion chamber zones and include,

e.g. spray development, mixture formation and chemical reactions. One input is the

profile of the injection flow rate. Three-dimensional models (3D) include the spatial

distribution of the flows on a gridnet by using computational fluid dynamic simula-

tion programs with consideration of chemical reactions and emission formation.

The required calculation time for one stroke ranges between less than one ms

for empirical, less than one ms to some min for phenomenological and some min to

hours for 3D-models. For fast calculations in connection with use for control func-

tions and for HiL real-time simulation therefore one-zone phenomenological models

according to Zahn (2012) are considered subsequently, in addition to the empirical

models described in Sect. 4.2.

One-zone cylinder model (according to Zahn (2012))

Assuming an ideally mixed combustion chamber, see Fig. 8.2.3, the mass balance

for one cylinder during one stroke yields

dmcyl

dt
= ṁcyl,in + ṁf − ṁcyl,out (8.2.1)

neglecting leakage losses at the piston. Correspondingly, the energy balance becomes

(compare (4.2.24))

dUcyl

dt
= Q̇f + Q̇w + Pcyl + hcyl,inṁcyl,in − hcyl,outṁcyl,out (8.2.2)

where Q̇f is the heat release rate, Q̇w the heat flow from the wall to the gas and Pcyl

the mechanical power output at the piston. The enthalpies of the flow rates follow

from a charge cycle model. For the mechanical power holds

Pcyl = −pcyl
dVd

dt
= −pcyl ωeng

dVd

dϕ
(8.2.3)

and for the specific enthalpy

hcyl,out = ucyl(Tcyl, λcyl) + pcyl vcyl = ucyl(Tcyl, λcyl) +Rg Tcyl. (8.2.4)

For the internal energy in (8.2.2) follows

dUcyl

dt
=

d

dt
(mcylucyl) = mcyl

ducyl

dt
+ ucyl

dmcyl

dt
. (8.2.5)
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Fig. 8.2.3. Combustion chamber and variables of the one-zone model.

The specific internal energy ucyl is a function of the temperature, pressure and gas

composition. As the dependence on the pressure is small, it can be neglected for

temperatures smaller than 1800 K, Pischinger et al (2009). Then it holds

ducyl

dt
=

∂ucyl

∂Tcyl

∣∣∣∣
λcyl

dTcyl

dt
+

∂ucyl

∂λcyl

∣∣∣∣
Tcyl

dλcyl

dt
(8.2.6)

where polynomials from Justi (1938) are applied for an approximation of (8.2.6).

The heat release rate Q̇f in (8.2.2) follows from the combustion models described

in Sect. 8.2.3. A rough overall measure is

Q̇f = ṁfHl

where Hl is the lower heating value (Hl = 42500 kJ/kg).

The air content in the cylinder is defined by

xcyl = mair/mcyl (8.2.7)

and its timely behavior is, assuming lumped parameters,

dxcyl

dt
=

1

mcyl
[(xcyl,in − xcyl)ṁcyl,in − xcyl ṁf ] . (8.2.8)

The differential equations (8.2.1), (8.2.2) and (8.2.8) are solved for Tcyl. The cylinder

pressure follows from the gas equation

pcyl =
1

Vd
Rg mcyl Tcyl. (8.2.9)
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This basic one-zone model requires the determination of in- and out-flowing gas

mass flow rates ṁcyl,in and ṁcyl,out. These have to be calculated by charge cycle

models, where the mass flows are determined by the flow laws of compressible fluids

through cam position dependent valve orifices, as shown by Zahn (2012). This may

include forward flows as well as backward flows through the valves, depending on

the pressure differences over the valves. Figure 8.2.4 summarizes the calculation of

the cylinder pressure by using (8.2.1) to (8.2.9).

8.2.3 Pre-mixed and diffusion combustion models

a) Pre-mixed combustion

The pre-mixed combustion during pre-combustion and beginning of main-combustion

is mainly chemical based and comprises several partial reactions which can be sum-

marized for an ideal combustion by the gross reaction equation

νf Cx Hx + νO2 O2 = νCO2 CO2 + νH2O H2O+ΔHc (8.2.10)

where νi are the stoichiometric reaction coefficients and ΔHc the generated reaction

enthalpy. Since the combustion is not ideal in reality, further components result like

NOx and particulates.

The following description of phenomenological models is based on Chmela and

Orthaber (1999), Chmela et al (2006) and follows Zahn (2012).

The reaction velocity of the gross reaction according to (8.2.10) can be expressed

by

vr = kncfcO2 = kn
βf

Mf

βO2

MO2

[
mol

m3s

]
(8.2.11)

with cf and cO2 the component concentrations, βf = mf/Vd and βO2 = mO2/Vd

the mass concentrations and Mf and MO2 the molar masses of the fuel and oxygen.

The reaction velocity coefficient follows an Arrhenius equation

kn = Apn exp

(−Ea

RmT

)
≈ Apncyl exp

(−Ta

Tcyl

)
(8.2.12)

with Ea the activation energy, Rm the universal gas constant and the activation tem-

perature Ta = Ea/Rm. The coefficients A and n have to be determined experimen-

tally.

Multiplying (8.2.11) with the molar mass Mf and inserting (8.2.12) yields for the

reaction rate

rr = C ′
arr βf βO2 p

n
cyl exp

(−Ta

Tcyl

) [
kg

m3s

]
(8.2.13)

whereby C ′
arr = A/MO2. The resulting heat release follows with Hl the heat value

of the fuel from

Q̇f,pre = rr Vr Hl. (8.2.14)
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The reaction volume is assumed as a half-spherical section of a flame front with

width sff
Vr = Vff ≈ 2πsff(t− tsoc)

2. (8.2.15)

Hence, the heat release becomes

Q̇f,pre(t) = Carr(t)Hl βf βO2 p
n
cyl exp

(−Ta

Tcyl

)
(t− tsoc)

2. (8.2.16)

The available fuel mass to determine βf follows from

mf,pre(t) = χpre

∫ t

tsoi

[σ(τ−tsoi)− σ(τ−tsob)] ṁf(τ)dτ − Qf,pre(t)

Hl
(8.2.17)

with σ = {0, 1} for unit step functions and 0 < χpre ≤ 1 a factor for the part of

fuel burned in the pre-mix phase. The current oxygen mass to determine βO2 follows

from

mO2(t) = mO2,ic −O2,st
Qf(t)

Hl
(8.2.18)

with O2,st ≈ 3.36 kgO2/kg fuel the stoichiometric oxygen demand. For the oxygen

content at inlet closes holds

mO2,ic = ξO2 [(1 + Lst)xcyl,ic − Lst]mcyl,ic. (8.2.19)

ξO2 is the mass fraction of oxygen in the air (ξO2 = 0.232 kgO2/kg air).

b) Diffusion combustion

The combustion process of the diffusion phase is determined by chemical reactions

during the heterogeneous mixture of the spray with the air. Therefore its burning rate

is mainly influenced by the mixing process of the fuel with the air and depends on

the turbulence generated by the injection and geometrical induced swirl and squish.

According to Magnussen and Hjertager (1977) the combustion reaction rate of

turbulent not pre-mixed flames can be expressed by

rD = C ′
magβf

( ε
k

) [
kg

m3s

]
(8.2.20)

with C ′
mag a constant, βf = mf,diff/Vd the local mass concentration of the fuel,

k the turbulent kinetic energy density and ε the dissipation velocity of the kinetic

energy density, Stiesch (2003). ε/k [1/s] can be interpreted as the mixing frequency

fmix = 1/τmix. The turbulent kinetic energy k follows from the differential equation

dk

dt
=

dkprod
dt

− ε. (8.2.21)

For the dissipation rate holds
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ε = C ′
diss

k3/2

lI
. (8.2.22)

lI is a turbulent length measure

lI =
3

√
6Vd

π
. (8.2.23)

Assuming that the turbulence is mainly generated by the injection spray the genera-

tion term dkprod/dt can be determined from the energy rate of the injection jet with

the velocity cf,inj
dEinj

dt
= 0.5 ṁf,inj c

2
f,inj = 0.5

m2
f,inj

ρ2fA
2
inj

. (8.2.24)

The kinetic energy density of the injection jet is approximated by

dkinj
dt

=
1

mcyl

dEinj

dt
. (8.2.25)

Hence, the turbulent kinetic energy rate becomes

dk

dt
=

dkprod
dt

− ε = 0.5
ṁ3

f,inj

ρ2f A
2
inj mcyl

− C ′
diss

k3/2

3
√
Vd

. (8.2.26)

Inserting (8.2.22) in (8.2.20) yields

rD = C ′
mag βf

√
k

3
√
Vd

. (8.2.27)

Thus, the heat release of the diffusion combustion becomes with βf =
mf,diff

Vr

Q̇f,diff = rD Vr Hl = C ′
mag Hlmf,diff

√
k

3
√
Vd

. (8.2.28)

Hence, the heat release during the diffusion combustion is mainly determined by

the available fuel mass and the turbulent kinetic energy density, Zahn (2012). The

available fuel mass is calculated by

mf,diff(t) =

∫ t

tsoi

ṁinj(τ)dτ − 1

Hl

(
Q̇f,pre(t) + Q̇f,diff(t)

)
. (8.2.29)

c) Overall combustion model

The overall heat release for one stroke and for one pre- and one main injection results

from the summation of

• pre-combustion as pre-mixed combustion

Q̇f,pre−comb = Q̇f,pre,pc (8.2.30)

according to (8.2.16) and (8.2.17), and
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• main-combustion with pre-mixed combustion and diffusion combustion

Q̇f,main−comb = Q̇f,pre,mc + γpreQ̇f,diff,mc (8.2.31)

using (8.2.16), (8.2.17) and (8.2.29)

The main combustion begins with pre-mixed combustion and continues with the diff-

usion combustion. The coefficient

γpre =

(
Q̇f,pre,mc

mf,pre,mc Hl

)l

(8.2.32)

serves to model the delay of the diffusion combustion through the pre-mixed com-

bustion with l = 4, Barba (2001). mf,pre,mc is the injected and with χpre,mc weighted

fuel mass according to (8.2.16).

Hence, the total heat release becomes in dependence on time

Q̇f (t) = Q̇f,pre,pc(t) + Q̇f,pre,mc(t) + γpre Q̇f,diff,mc(t) (8.2.33)

and by using
dQf(ϕ)

dϕ
=

dQf

dϕ

dϕ

dt

1

ω
=

1

ω

dQf(ϕ)

dt
=

1

ω
Q̇f(t) (8.2.34)

one obtains for constant speed ω

dQf

dϕ
=

dQf,pre,pc(ϕ)

dϕ
+

dQf,pre,mc(ϕ)

dϕ
+ γpre

dQf,diff,mc(ϕ)

dϕ
(8.2.35)

the heat release in dependence on the crank angle ϕ.

8.2.4 Ignition delay model

The start of combustion (soc) for the pre-mixed and diffusion combustion follows

the start of injection (soi) with a certain time interval, which is called ignition delay.

The physical processes during this interval are determined by fuel atomization, evap-

oration and air/fuel mixing until an ignitable mixture with local air/fuel ratios within

0.5 < λ < 0.7 are reached to start the chemical processes, Merker et al (2006).

The oxidation of CxHy fuels is a branched propagation progress with hundreds of

intermediate species. Many investigations have shown that the ignition delay

Δtic = tsoc − tsoi (8.2.36)

is for charged diesel engines in the range of 0.3 to 0.8ms which corresponds to about

2.5 to 7.2◦CS for 1500 rpm, see e.g. Mollenhauer and Tschöke (2010). The chemical

ignition delay can be described by an Arrhenius equation, compare (8.2.11)

Δtic,chem =
1

kn
= A

λ

p2cyl
exp

(
Ea

Rm Tcyl

)
, (8.2.37)
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Merker et al (2006), where A is a constant. Zahn (2012) approximates the ignition

delay by

Δtic = Δtic,phys +Δtic,chem = kic,1 + kic,2 p
−kic,3

cyl,soi exp

(
kic,4

Tcyl,soi

)
(8.2.38)

where the constants kic,1 . . . kic,4 are determined by least-squares parameter-estimation

based on the measured data of a pressure-based net heat release analysis as described

in Sect. 4.2.2. The obtained ignition delays are in the range of 4 to 12◦CS for pre-

combustion and between 3 and 14◦CS for the main combustion for 1000 ≤ neng ≤
3000 rpm. The accuracy of the model (8.2.38) is about ±2◦CS.

8.2.5 Adaptation of the combustion models

The phenomenological combustion models carry several parameters which have to

be adapted to a given engine. These parameters can be integrated in the parameter

vectors

θpre−comb =
[
C ′

arr,pc, npc, Ta,pc. χpre,pc

]T
(8.2.39)

θmain−comb,pre =
[
C ′

arr,mc, nmc, Ta,mc, χpre,mc

]T
(8.2.40)

θmain−comb,diff =
[
C ′

mag,mc, C
′
diss,mc

]T
. (8.2.41)

Based on the measured cylinder pressure pcyl(ϕ) and the calculated net heat release

dQh(ϕ)/dϕ, similar to (4.2.33), these parameters are estimated with nonlinear least-

squares estimation, as described with much more detail in Zahn (2012). This also in-

cludes the estimation of the ignition delay. Figure 8.2.5 depicts the cylinder pressure

based heat release rate in comparison to the results obtained with the phenomenolog-

ical combustion models. The pre-combustion as well as the main combustion show a

good agreement. The main combustion in Fig. 8.2.5a) is determined to a large extent

by the pre-mixed combustion, and in Fig. 8.2.5b) with the larger injection mass it is

determined mostly by the diffusion combustion.

The parameter vectors (8.2.39) to (8.2.41) have to be determined for each op-

erating point (neng,Meng,mair). However, if they are determined for one reference

operating point, they can be transformed to other operating points using multiplica-

tive correcting factors given by Zahn (2012).

8.2.6 Emission models

Beside the ideal combustion to CO2 and H2O according to (8.2.10) the exhaust gases

contain the nitrogen (N2) of the air and unused, residual oxygen (O2). Because of

the non-ideal combustion other components develop like carbon monoxide (CO),

unburned hydrocarbons (HC), nitrogen oxide (NOx), and particulates (PM). About

90% of the emissions CO and HC are converted in an oxidation catalyst to CO2

and H2. Therefore, especially NOx and particulates have to be reduced as much as

8.2   Combustion Models for Diesel Engines 533



340 360 380 400

0

10

20

30

40

50

60

crank shaft angle CS[ ]� �

b
u

rn
 r

at
e

d
Q

f
/d

[J
/

]
�

�
C

S

a)

340 360 380 400

0

10

20

30

40

50

60

crank shaft angle CS[ ]� �

b
u

rn
 r

at
e

d
Q

f
/d

[J
/

]
�

�
C

S

b)

main-combustion model, diffusion

main-combustion model, pre-mixedpressure-based heat release analysis

main combustion, total
pre-combustion model

Fig. 8.2.5. Heat release rate determined by the cylinder pressure based heat release analysis

and the various phenomenological combustion models (Opel 1.9 l, 255Nm, 77 kW), Zahn

(2012). a neng = 1580 rpm, mf = 12.2mg/inj. b neng = 2020 rpm, mf = 19.3mg/inj.

possible during the combustion process. The term NOx summarizes the species ni-
trogen monoxide (NO) and nitrogen dioxide (NO2). Usually NO is dominant which

results from several chained reactions. Thermal NO is formed at high temperatures

Tcyl > 2000K from the atmospheric nitrogen N2 and oxygen O2 via the Zeldovich

mechanism behind the flame front. Additionally, prompt NO develops in the flame

front as a reaction of CH radicals and N2, according to the Fenimore mechanism for

temperatures > 1000K. About 90-95% of NO originates as thermal NO. In the at-

mosphere NO converts after some time in NO2. Figure 8.2.6 shows the development

of NO during the combustion. It requires air excess and is generated in lean areas,

mainly during the pre-mixed combustion. During the expansion phase a part of the

NO is reduced. However, it then remains constant and appears in the exhaust gases.

Particulate matter is formed at high temperatures, especially in the ranges of

1500K < Tcyl < 1900K and lack of oxygen with λ < 0.6. Diesel particulates

consist of about 95% organic components, like polycyclic aromatic hydrocarbons

and carbon (soot) and 5% inorganic components like ashes of oil. The main part of

particulates is formed at the beginning of the combustion during local rich areas.

However, it is then oxidized during the main and post-combustion phases, as shown

in Fig. 8.2.6, and only a small fraction is then measurable in the exhaust gases.

Mathematical modeling of the emissions is rather complicated and generally

requires multi-zone models because of the dependence on local temperatures and

air/fuel ratios. A survey of the state-of-art is, for example, given in Stiesch (2003)

and Merker et al (2006). Hence, usually only measured data based empirical mean-

value models for the exhaust gases are available, e.g. based on polynomial or neural

net type models. Analytically derived emission models are in the status of research,

Guzzella et al (2012).
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8.3 Optimization of steady-state feedforward control of diesel
engines

As mentioned in Sect. 6.8 the optimization of control functions in dependence on

the operating point and environmental variables is a complex task. It requires the

treatment of a strongly coupled nonlinear multiple-input multiple-output system with

optimization methods.

Sections 8.3.1 and 8.3.2 consider the optimization of the static behavior of diesel

engines for a selection of stationary operation points. This is followed by an opti-

mization for a driving cycle, using a sequence of stationary engine models. In order

to save measurement time it is based on a combination of dynamic and static mea-

surements. Dynamic local linear net models LOLIMOT are used as an identification

method, where the steady-state behavior is extracted as a special case, Schüler et al

(2000), Schüler (2001).

8.3.1 Static engine models from dynamic measurements at fixed operating
points

In the following a four-cylinder direct injection diesel engine VW 1.9 l TDI, 81 kW,

with VGT turbocharger and cooled exhaust gas recirculation is considered as an

example. The optimization is restricted to the outputs fuel consumption bsfc, NOx

and particulates, measured as opacity cop. Instead of measuring only steady-state

values and omitting the transients between these steady-states a sequence of input

step functions in short time intervals is applied for a constant operating point (Mi,

nj), where all measured data are stored. This allows saving measurement time at the

test bench.

First, the engine runs at the specified speed and load until stationary conditions

are reached. Then, the manipulated variables (ϕsoi, uvgt, uegr) are changed in steps
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in order to extract the relevant process dynamics from the step responses and the

estimation of the stationary behavior. A fast torque controller compensates for the

influence of these changes on the torque by adjusting the fuel mass. Short steps of 5–

10 seconds duration allow to adjust the three different inputs in the relevant range of

the input variables and still lead to reasonable measurement times. This is the main

difference between this concept and those based on the design of experiments (DoE)

for the stationary behavior.

The restriction on one specific operation point per measurement sequence guar-

antees an approximately constant engine temperature and thus reduces drift effects

on emission values. Consequently, the derived models are local models and cannot

be used to calculate the engine behavior during driving cycles because the training

data does not contain any load-/speed changes.

Figure 8.3.1 shows the measurements with step function inputs. The step function

sequence of each input is varied, such that for a certain period only one input varies

more frequently with a time interval of about 5–10 s, in order to scan the interesting

operating range. The measurement time for one operating point was about 10min
and is therefore much shorter than for stationary measurements.

The used dynamic discrete time models are of second order with dead time and

sampling time T0 = 100ms, as e.g.

x(k) = fLOLIMOT

[
uegr(k−1−d1), uegr(k−2−d1),

ϕsoi(k−1−d2), ϕsoi(k−2−d2),

uvgt(k−1−d3), uvgt(k−2−d3),

x(k − 1), x(k − 2)
]
.

(8.3.1)

The outputs of the identified dynamic models indicate a good agreement with the

measured values, also for generalization measurements, as shown in Schüler (2001).

The stationary models are then determined by limk→∞ x(k) for fixed values of

the three inputs, leading to the characteristic maps shown in Fig. 8.3.2 for one op-

erating point. Finally, a steady-state overall model in dependence on the operation

point according to Fig. 8.3.3 could be obtained and compared with direct station-

ary measurements for the series production calibration, with mean absolute errors of

Δṁf = 0.05 g/s, ΔNOx = 0.003 g/s, Δṁair = 2.3 g/s, Δp2 = 0.03 bar.

8.3.2 Optimization of the stationary feedforward control for selected operating
points (STATOP-LOC)

The goal of the optimization of the stationary (static) engine control is to minimize

the fuel consumption within given emission limits over a certain driving cycle, see

Sect. 6.8. Usually, some of the goals oppose one another. With the prerequisite that

the process can be accurately modeled, optimized manipulated variables U can be

determined by an offline optimization as depicted in Fig. 6.8.5b).

In the following, static engine models will be used for the local optimization
of individual operating points and applied for a specific driving cycle. The basis
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Fig. 8.3.1. Dynamic step function measurements for a diesel engine with three manipulated

variables and five output variables, Meng = 90Nm, neng = 3000 rpm, Schüler (2001).

Engine: VW, 1.9 l TDI with cooled EGR and VGT turbocharger, 81 kW, 235Nm, distributor

fuel pump VP37.
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Fig. 8.3.2. Characteristic maps for the steady-state behavior based on dynamic step measure-

ments for Meng = 90Nm, neng = 3000 rpm.

of the optimization is the loss function J , which represents, depending on the en-

gine settings to be optimized, a scalar, which has then to be minimized by efficient

mathematical optimization algorithms as described in Sect. 6.8.4. It should be noted

that there are no specific emission constraints in the individual operating points be-

cause no specific driving cycle is considered. The aim is to find a good compromise

between consumption and emissions in each operating point with the constraint to

guarantee a specific engine torque or other constraints like charging pressure, cylin-

der peak pressure, etc.
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VW 1.9 l TDI.

A simultaneous improvement of both consumption and emissions is usually only

possible to a certain extent. Therefore, the components of the loss functions (con-

sumption and emissions) have to be weighted one against the other. Confining one-

self on the most critical outputs, namely the specific fuel consumption bsfc, and the

emissions cNOx and cop (opacity as an equivalent of the particulate matter), one

comes to the loss function in the operating point (α, n) = (gas pedal value, engine

speed). The specific components of the loss function depend on the engine inputs to

be optimized and are represented by three net models (LOLIMOT).

bsfc = fsfc (uegr, uvgt, ϕsoi,minj, neng)

cNOx = fNOx(uegr, uvgt, ϕsoi,minj, neng)

cop = fop (uegr, uvgt, ϕsoi,minj, neng).

(8.3.2)

The multi-variable optimization criterion used is

J(Meng, neng) = w1
bsfc(u)

bsfc0
+ w2

cNOx(u)

cNOx0
+ w3

cOp(u)

cOp0
(8.3.3)

and its minimization requires

dJ(Meng, neng)

du

∣∣∣∣
u=uopt

= 0 (8.3.4)
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for each operating point with regard to the manipulated variables

uT =
[
minj ϕsoi uvgt uegr

]
. (8.3.5)

The components of the performance criterion have to be normalized in order to get

a comparable sensitivity of the loss function with regard to each component. In this

case, the process behavior for standard ECU settings was used for the normalization.

The weighting factors have to be determined beforehand. Different combinations

which seem adequate are used for the optimization leading to a set of optimal con-

trol maps (once slightly better for some emissions, once for the consumption etc.).

Afterwards, the best result which fulfills the limits for a driving cycle with minimum

consumption can be implemented as the default setting for the car.

Results for the application of this STATOP-LOC optimization procedure are

shown by Hafner (2002) for a 2 l, 74 kW diesel engine with wastegate turbocharger

for different weighting factors wi.

Figure 8.3.4 depicts as a result the optimized maps of the manipulated variables

and output variables after smoothing. The weighting factors for the optimization

criterion (8.3.3) have been systematically varied for an FTP driving cycle from w1 =
1, w2 = 1, w3 = 1 to w1 = 4.2, w2 = 0.75, w3 = 0.7, until the emission limits

were satisfied.

8.3.3 Optimization of the stationary feedforward control for a driving cycle
(STATOP-CYC)

The optimization of the manipulated variables u for a complete driving cycle

with stationary engine models requires the consideration of many operating points

(Meng,i, neng,j) which are used in the driving cycle. However, dynamic effects are

then not taken into account. An example will now be considered for the VW 1.9 l
TDI used in Sect. 8.3.1. The goal is to find the optimal manipulated variables

uT =
[
ϕsoi uvgt uegr

]
. (8.3.6)

The injected fuel mass minj(α, neng) is determined beforehand to satisfy the de-

manded torque.

For a stationary optimization the cycle is regarded as a sequence of independent

stationary operating points. By clustering similar operating points, the task can be

divided in the minimization of the consumption over N operating points, which are

weighted by factors ki according to their frequency in the cycle. Hence, the criterion

Jcyc =
N∑
i=1

wiminj(Meng, neng, ϕsoi, uvgt, uegr) (8.3.7)

has to be minimized with emission constraints
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Fig. 8.3.4. Optimized maps for the stationary behavior of an Opel, 2 l DTI, 4 cyl., 74 kW,

205 Nm diesel engine in dependence on the operating point. Black: series; grey: steady-state

optimized for weighting factors w1 = 4.2, ws = 0.75, w3 = 0.7, Hafner (2002).

N∑
i=1

wi NOx(Meng, neng, ϕsoi, uvgt, uegr) ≤ cNOx,cycle (8.3.8)

N∑
i=1

wi PM(Meng, neng, ϕsoi, uvgt, uegr) ≤ cPM,cycle (8.3.9)

concentrating on these main emission components, see Sect. 6.8. In addition, sev-

eral other constraints have to be taken into account, like peak pressure, exhaust gas

temperature and noise.

A straightforward way is to optimize the manipulated variables u directly by
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dJcyc
du

∣∣∣∣
u=uopt

= 0. (8.3.10)

However, this leads to a large computational effort. Additionally, the values at neigh-

boring operating points may vary strongly, resulting in discontinuous control maps.

An alternative is to model the manipulated variables with a local linear network

(LOLIMOT), dependent on the operating point

uvgt = fLOLIMOT(Meng, neng)

=

M∑
j=1

uvtg,j =
M∑
j=1

φj(Meng, neng)
(8.3.11)

and linear local models j = 1 . . .M

uvgt,j = a0,vgt,j + a1,vgt,jneng + a2,vgt,jMeng

= aTvgt,j
[
1 neng Meng

] (8.3.12)

and correspondingly for uegr,j and ϕsoi,j . This means that a parametric manipulation
model is used as an intermediate model.

The optimization then has to find

dJcyc
da

∣∣∣∣
a=aopt

= 0 (8.3.13)

with

aT =
[
aTvgt,1 aTegr,1 aTsoi,1 . . . aTvgt,M aTegr,M aTsoi,M

]
. (8.3.14)

Then, the amount of parameters to be determined is only a function of the structure

of the used network model and does not depend on the number of discrete operating

points. This allows to include many operating points of the cycle. The structure of

the applied LOLIMOT network can even be based on a similar engine.

For the considered example it was sufficient to choose M = 3 local models with

three parameters in each model, namely one offset and one gain for each of the two

model inputs engine speed and torque, as (8.3.12). Hence, 27 parameters have to be

determined altogether.

The structure of the proposed method is depicted graphically in Schüler (2001).

The first step is to transfer the transient test cycle into static operating points (speed-

load) and then to weight them according to their occurrence in the cycle. The manipu-

lated variables for these points are then calculated with the identified engine models.

These manipulated variables serve as model inputs for the emission/consumption

models. A nonlinear optimization method determines the parameters a of the engine

manipulated variable networks (8.3.12) in a way that the consumption is minimized

under the constraint of the emission limits, (8.3.7) to (8.3.9).

200 different operating points were extracted from a FTP cycle for the optimiza-

tion. As a result, a consumption improvement of 4% could be achieved for about the

same emissions.
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Figure 8.3.5 compares the standard engine settings with the optimized settings

by means of 3-D maps. The EGR was obviously enlarged by the optimization in

correspondence with lower VGT settings (lower charging pressure) in areas which

occur more often in the cycle. For low speed conditions, the optimization also delays

the injection angle to later values in order to lower the NOx-emissions there, whereas

the injection is set to earlier values for high speeds in order to realize a lower con-

sumption. Those areas of the control maps which are not relevant for the cycle were

not adapted.

Two main advantages of the proposed method are the possible integration of

many operating points and the avoidance of a discontinuous engine setting behavior.

It would also be possible to choose the weighting factors in a way that puts more

emphasis on low consumption in those areas that are not covered by the emission

cycle.
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Fig. 8.3.5. Maps for the manipulated variables: Comparison of optimized and standard ECU

values, VW 1.9 l, 81 kW.

8.4 Optimization of dynamic feedforward control

As discussed in Sect. 6.8.4, the increased requirements for the reduction of fuel con-

sumption, emissions and driveability need the inclusion of the dynamic engine be-

havior.

For diesel engines the stationary controlled fuel mass injection and air mass leads

to emission peaks during transients, because of too low air/fuel ratio. The charging
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pressure p2 rises during an acceleration only within certain time delays after manipu-

lation of the guide blade angles or wastegate valve due to inertia effects and gas flow

delays. The changing pressure condition before the turbine and behind the compres-

sor will also change the pressure gradient over the EGR channel and influences the

EGR rate. On the other hand, new EGR valve settings influence the pressure char-

acteristics of the turbocharger and the charging pressure itself. A mere static open

loop control of the manipulated variables does not consider these dynamic effects.

Therefore, dynamic predictive control functions for EGR and VGT (and also for the

injection angle) are required in order to harmonize unintended effects during tran-

sient engine conditions.

In the following it will be shown how dynamic engine models for the tur-

bocharger and exhaust gas recirculation are obtained through dynamic identification

methods and how they can be used for the design of the coupled charging pressure

and exhaust recirculation mass flow control, Hafner (2002), Schüler et al (2000).

8.4.1 Dynamic engine models with APRBS excitation (DYNMET)

In order to measure the transient engine behavior for all operating conditions, it is

necessary to excite all relevant input variables in the whole operating regime. In add-

ition, all frequencies and amplitudes of the process have to be excited well enough,

see Chap. 3. This can be achieved by so called amplitude-modulated pseudo random

binary signals (APRBS) which cover a broad range of frequencies and amplitudes.

In order to avoid measurements in areas which could harm the engine (e.g. too

high peak pressures) or which the engine would never be run in (e.g. too small

lambda values producing too much soot), the APRBS signal is modulated with a

specific maximum amplitude on the manipulated variables designed earlier for a sim-

ilar engine. If no corresponding engine is available, the limits could be very roughly

measured in some short prior measurements. Figure 8.4.1 depicts the procedure if the

standard values of a similar engine are already known and the APRBS signals are su-

perimposed on the standard manipulated variables of the series ECU. It is obvious

that high EGR settings are only realized at low load conditions in order to avoid ar-

eas where high soot emissions are most likely to occur. A complete dynamic engine

measurement coping with five inputs and the APRBS method could be performed in

less than one hour.

The identification was performed with the local linear model network LOLIMOT,

described in Sect. 3.2.3. Depending on the inputs and outputs, discrete time models

with first and second order and dead time according to (8.3.1) were used with 5–10

local models each. The operating point (Meng,i, neng,j) was kept constant during

dynamic excitation of the three inputs uegr, uvgt, ϕsoi for 10 min, see Fig. 8.4.1.

The considered outputs were bsfc, NOx, cop and p2, using a sampling time of

T0 = 100ms. Figure 8.4.2 depicts the generalization for one operating point. It

shows a relatively good agreement with mean square errors of about 2–5%. Also

the determination of the steady-state behavior from the dynamic models led to good

results, Schüler et al (2000).

�44 8   &ontroO oI 'iHVHO (nJinHV



0

50

100

200 400 600 800 100 0
0

50

100

samples [-]

-15

-10

-5

0

EGR [%]

VGT [%]

q [°CS]inj

en
g

in
e 

co
n

tr
o

l 
se

tt
in

g
s

w
it

h
 s

ta
n

d
ar

d
 E

C
U

1000

2000

3000

4000

0

100

200

n [rpm]eng

T [Nm]eng

st
at

ic
 o

p
er

at
in

g
 p

o
in

ts

standard

0

50

100

-10

-5

0

5

350 400 450 500

20

40

60

80

EGR [%]

VGT [%]

q [°CS]
inj

APRBS-modulated
on standard settings

standard + APRBS

time [s]

Fig. 8.4.1. Dynamic measurement of the engine behavior with APRBS signals, superimposed

on the series ECU values.

8.4.2 Optimization of the dynamic feedforward control of the charging
pressure and exhaust-recirculation flow rate

Figure 8.4.3 shows the signal-flow chart for the considered two-variable turbocharger

and exhaust recirculation system. A static feedforward control of VGT and EGR re-

sults in the described delays compared to the injection mass minj and because of

a too low air excess leads to a soot peak. This effect can be reduced by a deriva-

tive control term according to a proportional lead-lag element PDT1 with a transient

function

u2(t) = u10 + (u20 − u10)

(
1−

(
1− TD

T1

)
e−

t
T1

)
. (8.4.1)

(Such a lead-lag feedforward control was already addressed in Sect. 6.3.) The steady-

state values u10 and u20 follow directly from the optimized stationary maps. T1 is

adapted to the process dynamics, with T1 = 0.25 . . . 1 s, and is kept constant. TD,egr,

TD,vgt and TD, ϕegr are determined by minimizing a loss function which integrates

the weighted NOx, cop, and Meng over a time window, Hafner (2002). This way,

maps for the derivative times TDi = −1 s . . . +1 s are generated, depending on step

size Δα of the pedal and engine speed neng. In addition the injection mass was

delayed with a low pass filter with time constant T1 = TD/2 = 100 . . . 200ms.
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els with measurements. Meng = 90Nm, neng = 3000 rpm
.

These dynamic elements then lead to a reduction of the soot peaks, as depicted

in Fig. 8.4.4. For a FTP driving cycle this control resulted in improvements of the

opacity by 35% and a small increase of 5% for NOx, Hafner (2002).

The combination of a dynamic PDT1 feedforward control with feedback control

of p2 and ṁair is described in Sect. 8.5.

8.5 Air flow and charging pressure control with exhaust gas
recirculation – an in-depth case study1

In order to develop a model-based nonlinear multi-variable control system of the

airflow and charging pressure a passenger car diesel engine according to Fig. 8.5.1 is

1 compiled by Karl von Pfeil
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considered. The engine is equipped with an external exhaust gas recirculation (EGR)

and with a variable geometry turbocharger (VGT). The EGR mass flow is used to

decrease the nitrogen oxide emissions. The turbocharger mainly increases the intake

manifold pressure and, thus, increases the engine power. In the following, an in-depth

case study is described, based on Pfeil et al (2007a), Pfeil et al (2007b), Pfeil (2011).

HFMfilter

I
C
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p
2uegr

m
f

s
vgt

uvgt

s
egr

m
air

.

measured variable

manipulated variable

Fig. 8.5.1. Scheme of the investigated diesel engine (Opel JTD, 1.9 L, CR, 77 kW, 255 Nm).

uegr: control input of the EGR valve, uvgt: control input of the VGT, segr: position of the EGR

valve, svgt: position of the VGT, n: engine speed, mf : injected fuel mass, p2: intake manifold

(charging) pressure, ṁair: air-mass flow.

Figure 8.5.2 depicts the corresponding signal flow of the air and EGR system.

The goal of its control is to precisely supply the cylinders with a gas mixture charge,

consisting of air mass mair and exhaust gas mass megr with charging pressure p2.

The mass-flow balance at the cylinder inlet yields

ṁair = ṁcyl,in − ṁegr (8.5.1)

where for the cylinder gas mass inflow holds

ṁcyl,in = ηv(neng, ρ2)
p2i(regr)

2RT2i
VDneng (8.5.2)

see (4.1.2) to (4.1.8). For the EGR rate, see (8.7.5). The gas mass flowing through the

inlet valves thus depends mainly on the volumetric efficiency ηv, gas state variables

and the speed of the engine. If the air mass per stroke is mair,cyl, the corresponding

air mass flow rate of one cylinder is
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ṁair,cyl =
dmair,cyl

dt
= mair,cyl

neng

2
(8.5.3)

and for i cylinders holds

ṁair = imair,cyl
neng

2
. (8.5.4)

According to the mass-balance equation (8.5.1) the air mass flow can be controlled

by manipulating the exhaust gas flow rate ṁegr.

As shown in Fig. 8.5.2 the air mass controller Gc,air controls the air flow rate

ṁair by manipulating the exhaust gas flow valve and the charging pressure p2 by

manipulating the actuator of a variable geometry turbocharger or a turbocharger with

wastegate. Alternatives of this frequently applied control system is the direct control

of the EGR mass flow, Rückert et al (2004) or the EGR rate, M.J. van Nieuwstadt

et al (2000), Weirich et al (2006).

A turbine adjustment affects not only the charging pressure, but also the EGR

mass flow, (because of the change of the EGR pressure drop). On the other hand, a

change of the EGR mass flow affects the turbine-mass flow, as well as the charging

pressure. These mutual couplings of both control loops require that the design of the

control has to treat the process as a coupled two-input/two-output (TITO) system,

which is strongly nonlinear.

Constantly rising requirements of the reduction of the pollutant emissions and

increased power of charged diesel engines put new demands on the control perfor-

mance of this intake manifold pressure/air-mass flow controller. The direct parame-

terization of this control system at the test bench is therefore more time-consuming

due to the necessarily rising complexity (nonlinear behavior, coupling, etc.). Employ-

ment of model-based control design allows to develop and calibrate new controller

structures in a systematic manner requiring less time at the test bench.

8.5.1 Physical model of the air and exhaust recirculation path

Figure 8.5.3 depicts the process scheme with the compressor and turbine, a charge-

air cooler, an intake and exhaust manifold and an exhaust cooler and exhaust gas

recirculation valve.

A signal-flow chart for the dynamic behavior of the air and exhaust path is shown

in Fig. 8.5.4. It consists of nonlinear models of the VGT actuator and EGR valve,

dynamic models of the intake and exhaust manifold, and a nonlinear turbine and

compressor model, including rotor dynamics.

The mass-balance equation for the intake and exhaust manifold gives, compare

(4.1.56)

dp2i
dt

=
RT2i

V2
(ṁ2c + ṁegr − ṁ2i) (8.5.5)

dp3
dt

=
RT3

V3
(ṁ3,cyl − ṁegr − ṁt) (8.5.6)

The EGR valve is modeled by, compare (4.1.57)
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ṁegr = cd,egr Aegr

√
2

RTegr
ψ
(

p2i

p3

)
p3 (8.5.7)

and the intake gas flow of the engine with volumetric efficiency ηv according to

(4.1.5)

ṁ2i =
ηv VD ωeng

4π RT2i
p2i (8.5.8)

For the rotor dynamics of the turbocharger holds

Jtc
dωtc

dt
= Mt −Mc −Mf (8.5.9)

with the friction torque, compare (4.4.45)

Mf = cf,tc ωtc (8.5.10)

The torque for the turbine follows by thermodynamic modeling from (4.4.27)

Mt = ṁt
cp T

∗
3 ηt,is
ωtc

(
1−

(
p4
p3

)κ−1
κ

)
(8.5.11)

where the isentropic efficiency ηt,is is represented as a look-up table, see Sect. 4.4.

The turbine mass flow results from the flow equation through a contraction

ṁt = At,eff
p3√
RT ∗

3

ψ
(

p4

p3

)
(8.5.12)

see (4.4.39).

The torque of the compressor, based on the thermodynamic model (4.4.15), be-

comes

Mc = ṁ2c
cp T

∗
1

ωtc ηc,is

((
p2
p1

)κ−1
κ

− 1

)
(8.5.13)

The isentropic efficiency of the compressor depends on the mass flow rate and rotor

speed

ηc,is = f(ṁ2c, ωtc) (8.5.14)

and is, based on measurements, represented as a map. The mass flow rate ṁ2c = ṁc

is usually obtained from the manufacturer and represented also in a map

ṁc = f
(

p2

p1
, ωtc

)
(8.5.15)

or, if corrected variables are used, according to (4.4.17). Instead of operating with

parametric models of a map, the polynomials of (4.4.19) and (4.4.20) can be used as

approximations.

The models for the coolers are not included in Fig. 8.5.4. The temperatures

T2ic = f(ṁ2c, T2c, Ta) of the charge-air cooler and Tegr = (ṁegr, T3, T1) can be
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based on the models for heat exchangers described in Sect. 4.6, e.g. by the lumped

parameter model of Sect. 4.6.3 or the distributed parameter model of Sect. 4.6.4.

Simplified stationary models for the charge-air cooler (intercooler) are

T2ic = T2c − εic(T2c − T1) (8.5.16)

and the EGR cooler

Tegr = T3 − εegr(T3 − Tc) (8.5.17)

where the efficiencies εegr = f(ṁegr, neng) and εic = f(ṁ2c, vveh) are described by

maps.

The signal-flow chart of Fig. 8.5.4 depicts the many nonlinearities and intercon-

nections between the process elements. It shows that the process for controlling the

charging pressure p2 and the air mass ṁ2c = ṁair is a strongly coupled, nonlinear,

two-variable process and needs many parameters for modeling and simulation.

The dynamic behavior is caused by the turbocharger inertia Jtc and the air path

volume V2 and leads to a second order process. Hence, in order to obtain small time

lags, the turbocharger ratio of inertia and the intake volume have to be small.

Some comparisons between the physical derived and experimentally identified

models of a turbocharger show a relatively good agreement, as shown in Sect. 4.4.

With regard to the design of the control system for the air path with exhaust

gas recirculation, a signal-flow scheme of the two-variable process can be used,

see Fig. 8.5.5. It shows the direct paths from the manipulated variables to the con-

trolled variables and the cross couplings in a so called P-canonical structure of multi-

variable controlled processes, see e.g. Isermann (1991).
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Fig. 8.5.5. Charging pressure and air mass flow rate control as a coupled linearized two-

variable process in P-canonical structure and decentralized controllers with decoupling ele-

ments for feedforward control.
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8.5.2 Experimental modeling (identification) of the air- and exhaust
recirculation path

Models of the air- and exhaust manifold of turbocharged diesel engines based on

physical laws as described by Nieuwstadt and Upadjyay (2000), Wellers and Elicker

(2004) have the advantage of good interpretability. These “white-box” models are

strongly nonlinear and the number of states varies between 3 and 8, depending on

the level of detail. The controller design based on these nonlinear models is quite

extensive. Therefore, simplified models, like linear MIMO processes of first order,

Rückert et al (2004), or Hammerstein models of second order, Wellers and Elicker

(2004), may be considered. These models are frequently valid for one operating point

represented by the engine speed n and the engine torque M .

Contrary to the theoretical modeling, data-based modeling (identification) of the

air- and exhaust manifold results in so called “black-box” models which just de-

scribe the input/output behavior. A compromise is to develop the model structure

from physical modeling and to determine the unknown parameters from experiments

with parameter estimation. Then “gray-box” or “semi-physical” models are obtained.

This procedure is described in the following by applying local linear models in the

frame of LOLIMOT identification, see Sect. 3.4 and 3.5. The advantage is that linear

controller design methods can be utilized.

The operating point dependent local linear models describe the nonlinear behav-

ior by weighted superposition.

a) Local linear model structures

In order to cope with the nonlinear behavior a local linear model structure is app-

lied utilizing the LOLIMOT method described in Sects. 3.1.3e) and 3.2.3c). The

LOLIMOT construction algorithm decomposes the input space in local subregions

by using axis-orthogonal partitioning and inserts submodels step by step in more

nonlinear areas. It uses an extended parameter varying model developed by Zimm-

erschied (2008). This model structure exhibits a delayed parameter changing and an

offset with numerator dynamics which result in better identification results.

b) Identification of a diesel engine

In order to conduct the identification of the diesel engine, the EGR valve and the

VGT are simultaneously excited with APRB signals (Amplitude modulated Pseudo

Random Binary Signal) at different engine operating points (αped,i, nj). The APRB

signal was specifically designed for the identification of nonlinear processes. It con-

sists of multiple steps with different amplitudes and pulse intervals or clock time.

It excites the process within a wide-frequency spectrum and equally distributed am-

plitudes, Isermann and Münchhof (2011). The amplitudes are fitted to each engine

operating point in order to avoid the violation of engine limits, like the maximum

combustion pressure. Choosing a minimum pulse time of 0.8 s for the APRB sig-

nals, a sampling time of T0 = 0.01 s, a total measurement time of about 60 min
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is required for the 25 operating points. A minimum pulse time of 0.8 s is selected,

since the dominant time constants of the air and exhaust manifold relevant for the

control system are about of this size. An extract of the excitation signals is illustrated

in Fig. 8.5.6.
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Fig. 8.5.6. Extract of the identification signals. The EGR valve and VGT are simultaneously

excited with APRB signals, whereas the operation point (αped, n) is changed stepwise.

The engine measurements are conducted at a dynamic engine test bench with

a common-rail diesel engine (OPEL/Fiat JTD 1.9L, EDC16 control unit), as de-

picted in Fig. 8.5.1. The electric EGR valve and the pneumatically actuated VGT are

equipped with position sensors. A position controller is implemented for the EGR

valve. Both actuators are controlled by a rapid control prototyping system. The con-

trollers are implemented in MATLAB/SIMULINK.

A PDT2 structure is chosen both for the model of the intake manifold pressure

and the air mass. The number of local models is set to L = 20. The model inputs

and the z-regressors are the engine speed n, the pedal position αped, the EGR valve

position segr and the VGT position svgt. In order to enable a global NOE estimation

(nonlinear output error), the number of measurement points is reduced by carrying

out the identification with a sampling time T0 = 0.02 s. Since the controller shall

operate with a sampling time T0 = 0.01 s, the identified models are afterwards con-

verted to this sampling time T0 = 0.02 s, Nelles (2001).

The parameter estimation is conducted with the extended local linear model

structure proposed by Zimmerschied (2008). Identification studies with a simulated

physical diesel engine model according to (8.5.5) to (8.5.17) show that the usage of

the extended model structure significantly increases the model quality. Furthermore,
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it can be shown that only the parameters of the extended structure match the lin-

earized process dynamics, Zimmerschied (2008). The identified models are obtained

as discrete time models. They correspond to a continuous-time model(
Δp2
Δmair

)
=

(
K11(TD11s+1)

(T11s+1)(T12s+1)(TA1s+1)
K12(TD12s+1)

(T11s+1)(T12s+1)(TA2s+1)
K21(TD21s+1)

(T21s+1)(T22s+1)(TA1s+1)
K22(TD22s+1)

(T21s+1)(T22s+1)(TA2s+1)

)(
Δuvgt

Δuegr

)
.

(8.5.18)

with TA1, TA2 as actuator time constants.

Figure 8.5.7 shows the gains of this two-input two-output process. The gain

K11 = Δp2/Δuvgt for the charging process indicates a strong dependence on the

operation point (load and speed) in a range of 1:14. The gain K22 = Δmair/Δuegr

has also a dependence on the operation point, but with a smaller ratio of 1:1.5. Also

the crosscoupling gains K12 and K21 vary strongly with the operation point. The

gain K21 = Δmair/Δuvgt even changes the sign. It is negative for low loads be-

cause the EGR valve is wide open and becomes positive if the EGR valves closes for

high loads. Also the time constants depend strongly on the operation point. The dom-

inant time constant T12 for the charging pressure is in the range of 0.7 to 1.4 s, and

that of the air mass in a range of 0.2 to 0.8 s. The crosscoupling path G12 between

Δuegr and Δp2 shows non-minimum-phase behavior.
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Fig. 8.5.7. Gains Kij of the airpath and exhaust recirculation process: a) charging pressure

p2 as output and inputs: K11 = Δp2/Δuvgt [bar/−], K12 = Δp2/Δuegr [bar/−], b) air

mass mair as output and inputs: K22 = Δmair/Δuegr [mg/stroke/−], K21 = Δmair/Δuvgt

[mg/stroke/−]. The gains are related to the dimensionless relative changes of the actuator

positions uvgt = 0 . . . 1 and uegr = 0 . . . 1, Pfeil (2011).
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An extract of the generalization data is depicted in Fig. 8.5.8. The excitation

possesses the same properties as the training data. Generally, the simulation data fit

the measured data well. The model errors of the intake manifold pressure are slightly

higher than those of the air mass. This leads back to hysteresis effects of the nozzle

guide vane of the VGT which are not captured by the model.
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Fig. 8.5.8. Extract of the generalization data for the extended local linear model structure.

(NARX stands for Nonlinear AutoRegressive with eXogenous input and is described in Zimm-

erschied (2008) and Sect. 8.7.2).

Figure 8.5.9 depicts measured and simulated EGR and VGT step responses at

the constant engine operating point n = 2000 rpm and αped = 20%. The graph

visualizes the plant dynamics and allows a comparison with the model dynamics.

Figure 8.5.9a) shows VGT step responses for three different EGR valve positions

and, vice versa, Fig. 8.5.9b) EGR step responses for three different VGT positions.

The electrical EGR actuator is significantly faster than the pneumatic VGT actua-

tor. Since the VGT actuator is operated in open loop (no position control), there is a

steady-state error between the VGT control signal and the VGT position. By opening

the EGR valve, the EGR mass flow is almost instantaneously increased. Hence, the

intake manifold is filled and the charging pressure is raised. At the same time the tur-

bine mass flow and the turbine power is reduced and, as a result, also the compressor

mass flow and the charging pressure is decreased. However, this decrease is delayed

due to the inertia of the turbocharger. In summary, this leads to a non-minimum phase

behavior between the EGR valve position and the intake manifold pressure. A com-

parison between the simulated and measured step responses shows that the models

describe the process dynamics very well. The identified models correctly reproduce

the non-minimum phase behavior and the sign reversal of the process gain between
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the VGT position and the air mass caused by different EGR positions. The settling

time T95 for the intake manifold pressure p2 after step changes of the VGT actuator

uvgt is about 2 to 3 s for the considered operation point and that of the air mass mair

with EGR actuator about 0.2 s.

0 5 10 15
0.4

0.6

0.8

1

u
v

g
t,

s v
g

t
[-

]

0 5 10 15
1

1.1

1.2

p
2

[b
ar

]

0 5 10 15

400

450

500

550

m
ai

r
[m

g
/s

tr
o
k
e]

time [s]

0 5 10 15
0.6

0.8

1

s eg
r,

d
es

,
s eg

r
[-

]

0 5 10 15
1

1.1

1.2

p
2

[b
ar

]

0 5 10 15

400

450

500

550

m
ai

r
[m

g
/s

tr
o
k
e]

time [s]

segr

segr

svgt

svgt

model

measured

uvgt

svgt segr
segr,des

a) VGT step response with segr=[0.6 0.7 0.83] b) EGR step response with svgt=[0.5 0.7 0.9]

Fig. 8.5.9. VGT and EGR step responses of the identified local linear models (black) and in

comparison the measured step responses (gray) at the engine operating point n = 2000 rpm

and αped = 20%.

The identified models describe the behavior between the actuator positions and

the controlled variables. They include the models of the actuators which can be app-

roximated by first order lag elements. The identified models for the intake manifold

pressure and the air mass according to the extended model structure, Zimmerschied

(2008), can be transformed into a state-space representation in observer canonical

form

x(k + 1) = A(z)x(k) +B(z)u(k) +Bd(z)d(k) (8.5.19a)

y(k) = C(z)x(k). (8.5.19b)

In this equation, the vector u = [uvgt, uegr]
T denotes the manipulated variables and

y = [p2,mair]
T the controlled variables. The engine speed, the pedal position and

the offset are combined into the disturbance vector d = [n, αped, 1]
T.
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The operating point z of the model contains the engine speed, the pedal posi-

tion, the EGR valve position and the VGT position (z = [n, αped, segr, svgt]). A

local linearization for a given engine operating point (n, αped) is obtained by first

calculating the corresponding steady-state operating point zss and inserting it into

(8.5.19). As a result, the linearized and into continuous time converted transfer be-

havior between the input signals and the controlled variables is given by (8.5.18).

The parameters TA1 and TA2 represent the time constants of the actuators. The other

parameters characterize the behavior of the intake and exhaust system including the

turbocharger. (Even though the model is in discrete time, for simplicity it is shown

here in continuous time). If the model parameters are plotted versus the engine op-

erating points, smooth curves are obtained, which visualize the nonlinearities of the

process as already shown in Fig. 8.5.7.

An analysis of the local MIMO submodels shows, that each model possesses two

invariant zeros (z1 = −1/TIN1, z2 = −1/TIN2). For most submodels one of them

is unstable, that is, the models exhibit a non-minimum phase behavior. (For MIMO

systems there is no simple relationship between the invariant zeros and the zeros

of the corresponding transfer functions Gij . The invariant zeros are calculated by

solving the generalized eigenvalue problem). In the next section it will be shown that

this system property has a significant impact on the controller design.

8.5.3 EGR/VGT control

Figure 8.5.10 shows the control structure of a multi-variable process, which com-

prises a feedback and feedforward controller. Using this ”‘two-degree-of-freedom”’

structure, the response to setpoint changes and disturbances can be provided inde-

pendently. Furthermore, there is the possibility to deactivate the feedback controller,

e.g. in the case of a sensor failure or at idle engine speed.
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Fig. 8.5.10. Feedforward and feedback control structure for MIMO processes (Two degrees of

freedom control).

The aim of controlling the intake and exhaust manifold consists of the precise

regulation of the amount and composition of the cylinder charge and, as a result, the
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control of the exhaust emissions. Usually the air-mass flow and the charging pressure

are measured. As an alternative to the air-mass, the EGR mass flow or the NOx

concentration can be measured as well. In this section, the charging pressure and the

air mass are chosen as the controlled variables. Nevertheless, the proposed control

design methods can also be applied to other controlled variables like the EGR rate,

Kohlhase and Isermann (2009). In the following, first the design of a feedforward

controller is discussed and then the design of the feedback controller.

a) Feedforward control

State of the art for the feedforward control of combustion engines are static look-up
tables, see Sect. 6.5. The manipulated variable uFF is calculated by a look-up table

and is subsequently corrected based on the environmental conditions. As an option,

the resulting signal is filtered. The parameters of the filter are stored in look-up tables

as a function of the operating point. The filter can, for instance, be a PDT1 element.

This control structure based on simplified look-up tables without any environmental

corrections is shown in Fig. 8.5.11a). The desired values for the feedback control are

calculated in the same manner, see Fig. 8.5.11b). The desired values can be filtered

with either low-pass or high-pass filters. For the feedback control of the charging

pressure, usually a first or second order lag element is utilized, which describes the

open-loop plant behavior. This approach ensures that the control deviation remains

small. The feedback controller only needs to correct the remaining deviations of

the feedforward controller. Without a filtering of the desired value, the feedforward

and feedback controller are both active, which leads to an overshoot of the controlled

variable. A characteristic of the control structure in Fig. 8.5.11 is that the feedforward

control variables uff are calculated independently of the desired values.
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Fig. 8.5.11. Feedforward control based on look-up tables. a Static feedforward control of the

manipulated variable uFF. b Static feedforward path for the desired value ydes.

Model-based dynamic feedforward control
The static feedforward control with look-up tables does not take the process dy-

namics into account. An improvement is therefore obtained by dynamic feedforward
control. A dynamic model-based feedforward control structure calculates the con-

trol variable uff based on a process model and the desired value ydes. Figures 6.3.1
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and 6.3.2 depict two possible control structures for linear systems with input satu-

rations. The approach shown in Fig. 6.3.1a) can be based on a direct inversion of

the process model and a specification of the transfer function Grf of the feedforward

controller (6.3.11). Herein, this approach is referred to as the classical feedforward

control structure. The transfer function Grf needs to be chosen so that the transfer

function of the feedforward controller

Gcwu(s) = G−1
p (s)Grf(s) (8.5.20)

is realizable, see Sect. 6.3.

Instead of explicitly inverting the model, the inversion can also be done implicitly

by applying feedback control to the plant model. Figure 6.3.2b) depicts this control

structure that consists of a process model, a constant state-space controller kT and

a constant prefilter fT . This control structure is also called a reference shaping filter
Hippe (2006). The inputs to the plant model are limited by a model of the input sat-

uration, compare the simulations shown in Fig. 6.3.3.

Local linear feedforward control with partial input-output decoupling
In order to apply the reference shaping filter to the nonlinear intake and exhaust

manifold, a controller matrix Ki is designed offline for each local submodel. Foll-

owing the local linear approach, the state-space controller is then applied in each

time step by superimposing the local controller matrices weighted by the activation

functions of the local submodels. Therefore, the feedforward control signal (without

considering the input saturation) is given by:

uf(k) = −
L∑

i=1

KiΦi(z(k))xM(k) + v(k) = −K(z)xM(k) + v(k). (8.5.21)

The vector v(k) is calculated such that the feedforward controller has no steady-state

error with respect to the plant model. To meet this requirement, the steady state xss

must satisfy the equation

C(z)xss(k) = ydes(k). (8.5.22)

If the steady-state of the plant model is calculated from (8.5.19), then (with (8.5.21)

and (8.5.22) the vector v is given by

v(k) =
(
C(z)M(z)B(z)

)−1︸ ︷︷ ︸
F(z)

ydes(k)

− (
C(z)M(z)B(z)

)−1
C(z)M(z)Bd(z)︸ ︷︷ ︸

Fd(z)

d(k).
(8.5.23)

with

M(z) =
(
I−A(z) +B(z)K(z)

)−1
. (8.5.24)

The matrices F(z) and Fd(z) of this reference shaping filter can be interpreted as

setpoint and disturbance filters. The vector d represents the operating point or dis-

turbance, see (8.5.19). In order to avoid a steady-state error, these matrices cannot
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be calculated via a weighted superposition of local matrices. Instead, they need to

be determined in each time step according to (8.5.23) and (8.5.24). The most im-

portant step during the feedforward controller design consists of the calculation of

the local controller matrices Ki. In principle, any controller design method can be

applied. Nevertheless, an input-output decoupling design is particularly suitable. If

constant controller matrices are used, a complete decoupling is only possible for min-

imal phase systems. For non-minimal phase systems, a so-called partial input-output

decoupling can be achieved, Lohmann (1991a), Lohmann (1991b). If this method is

applied to the control of the intake and exhaust manifold, the local controller matrices

are calculated such that the behavior between the desired values and the controlled

variables (
Δp2

ΔmAir

)
= Gw ·

(
Δp2,des

ΔmAir,des

)
(8.5.25)

is given by the discrete-time equivalent of the continuous transfer matrix

Gw =

(
(TIN1s+1)

(T11s+1)(α1T12s+1)(α1TA1s+1)

0

)
(

sf12(s,s
2,a21,a22)

(T11s+1)(α1T12s+1)(α1TA1s+1)(α2T21s+1)(α2TA2s+1)
1

(α2T21s+1)(α2TA2s+1)

)
.

(8.5.26)

The decoupling is not complete, since there is a coupling between the desired air

mass and the intake manifold pressure (Gw12 �= 0). The time constants of this trans-

fer matrix correspond to those of the process model (8.5.18). The time constant TIN1

belongs to the unstable invariant zero of the plant model. It cannot be shifted by the

state-space controller. The tuning parameters α1 and α2 are used to shift the domi-

nant time constants of the process. The fast time constant of the intake manifold pres-

sure model is so small, that it does not need to be shifted. The parameters a21 und

a22 in the function f12(s, s
2, a21, a22) significantly influence the input-output cou-

pling. Since they can be arbitrarily chosen, they are used to minimize the coupling

term Gw12. Detailed information about the controller design via partial decoupling

can be found in Lohmann (1991a), Lohmann (1991b).

The advantages of the controller design via partial decoupling are a good setpoint

behavior and a simple calibration. There are only two tuning parameters α1 and α2,

that describe the factors by which the system is accelerated by the feedforward con-

trol.

Simplified dynamic feedforward control with SISO elements
Based on the p-canonical two-input two-output structure of Fig. 8.5.2 the feedfor-

ward control structure of Fig. 8.5.5 follows. For the charging pressure control the

feedforward Gf11 from the desired value Δp2,d (setpoint) acts directly on the ma-

nipulated variable uvgt, by passing the feedback controller Gc1. A corresponding

structure holds for the air charge control. In addition, the process cross coupling G12

is compensated by Gf12 and that of G21 by Gf21. Then it yields for the feedforward

part
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[
Δuvgt,f(s)
Δuegr,f(s)

]
=

[
Gf11(s) −Gf22(s)Gf12(s)

−Gf11(s)Gf21(s) Gf22(s)

] [
Δp2,d(s)
Δṁair,d(s)

]
. (8.5.27)

This structure has the advantage that a complete decoupling of the two-variable con-

trol loop can be obtained with

Gf12(s) =
G12(s)

G11(s)
=

K12 (TD12s+ 1) (TA1s+ 1)

K11 (TD11s+ 1) (TA2s+ 1)
(8.5.28)

Gf21(s) =
G21(s)

G22(s)
=

K21 (TD21s+ 1) (TA2s+ 1)

K22 (TD22s+ 1) (TA1s+ 1)
(8.5.29)

by using (8.5.18) and thus depends only on process transfer functions, Pfeil (2011).

These coupling elements can be approximated by

G̃f12(s) =
K12

K11
(8.5.30)

G̃f21(s) =
K21

K22 (TA1 − TA2) s+ 1
. (8.5.31)

The feedforward controllers of the main paths follow from

Gf11(s) = (GM̃1)
−1

GF1 (8.5.32)

Gf22(s) = (GM̃2)
−1

GF2 (8.5.33)

where, e.g. GM̃1 is the invertable stable model of GM1(s) = G11(s) and low-pass

filters are

GF1(s) =
1

(α1T12s+ 1) (α1TA1s+ 1)
(8.5.34)

GF2(s) =
1

(α2T21s+ 1) (α2TA2s+ 1)
. (8.5.35)

Applying order reduction leads to, see Pfeil (2011),

Gf11(s) = Kf11
TD,f11s+ 1

Tf11s+ 1
(8.5.36)

Gf22(s) = Kf22
TD,f22s+ 1

Tf22s+ 1
. (8.5.37)

For the operating point n = 2000 rpm and αped = 20% one obtains with α1 =
α2 = 0.6, TA1 = 0.2 s, TA2 = 0.05 s

Gf11(s) = 3.9
1

bar

0.87s+ 1

0.48s+ 1
(8.5.38)

Gf22(s) = 1.5310−3 1

mg/stroke

0.37s+ 1

0.15s+ 1
(8.5.39)

Gf12(s) = 1.28 (8.5.40)
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Gf21(s) = −0.33
0.061s+ 1

0.23s+ 1
(8.5.41)

where the time constants are in seconds.

Hence, the multi-variable feedforward controller compensates approximately not

only for the forward paths of the process but also the crosscoupling paths. Because

the required control performance is then already reached to a considerable part by

these feedforward actions, simple decentralized PI(D) controllers Gc1 = Gc,air and

Gc2 = Gc,p2 designed with a pole cancellation method are sufficient, according to

Fig. 8.5.5 and the next subsection. The setpoint-prefilters are selected with Gdf1 =
GF1 and Gdf2 = GF2.

The described procedure is valid for the local linear process models. The locally

designed controller parameters are then stored in look-up tables depending on the

operating point [αped, n], by using the identified LOLIMOT models. By this way an

overall parameter-variable control results.

A further improvement of the feedforward control is obtained by taking the actu-

ator restrictions (position saturation) into account, in using a feedback to the process

model with the saturation characteristic instead of the process-model inversion.

b) Feedback controllers

The state of the art for the feedback control of the intake and exhaust path are gain-

scheduled PID controllers Nieuwstadt and Upadjyay (2000). In addition to these

decentralized controllers, multi-variable control concepts are published, e.g. model

predictive control Rückert et al (2004), Wellers and Elicker (2004) or robust H∞-

control based on LPV models Jung (2003). However, since the reference shaping

filter significantly improves the system behavior with regard to setpoint changes, the

feedback controllers only need to correct small control errors. Therefore, a simple

local linear, but operating point dependent feedback control is sufficient.

Design of gain-scheduled PI(D) controllers
The air mass is controlled via the EGR valve, the charging pressure via the VGT

actuator, see Fig. 8.5.12. A reverse mapping of the control variables is not feasible,

due to the sign reversal of the gain between the VGT control variable and the air

mass, see Fig. 8.5.9a). A PID controller is used for controlling the charging pressure,

a PI controller is sufficient for the air mass. The strong plant nonlinearities are taken

into account by storing the controller parameters in look-up tables as a function of

the engine operating point, see Fig. 8.5.12.

The parameterization of the PI(D) controllers are based on a local linearization of

the local linear plant model at different engine operating points. Then, the linearized

model is used to design the controllers by sequentially closing both control loops

Isermann (1987). With this approach the controller design of the MIMO system is

simplified to the design of two SISO control loops.

The SISO controllers are parameterized with the cancelation-compensation me-

thod that is based on the specification of the closed-loop transfer function, Isermann

(1989). The resulting controllers exhibit a high dynamic order. Therefore, they need
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Fig. 8.5.12. Signal-flow diagram of the gain-scheduled PI(D) controllers and the process.

to be reduced to the PID structure. The utilized order reduction is based on a weighted

LS approximation of the controller transfer function in the frequency domain. The

frequency weighting is chosen so that the mean square difference between the out-

put of the system controlled via the high order controller and the PID controller is

minimized, Lee and Edgar (2004). Thus the controller design is based on algebraic

equations and a linear LS estimation.

The calibration of the PI(D) controllers is equivalent to the reference shaping

filter. It is essentially based on the specification of the parameters α1 and α2 of

(8.5.26) that define the factors. The dominant time constants are shifted by the feed-

back controllers. Executing this procedure, smooth look-up tables are obtained for

the controller parameters. The proportional controller gains are roughly inverse to

the plant gains K11 and K22.

Internal Model Control in state-space representation
In the previous section a two-degree-of-freedom structure was discussed, that in-

cludes a feedforward and feedback controller. A one-degree-of-freedom structure,

like Internal Model Control (IMC), possesses advantages in terms of the calibration

effort and the computational and memory consumption. Furthermore, IMC fulfills

the requirement to allow a switching between feedback and feedforward control.

There are different implementations of IMC. Figure 8.5.13a) shows the classical

IMC structure with the filter Gf,b and the process model. The transfer function of

the IMC filter is designed in the same manner as the classical feedforward controller.

Therefore it is based on a direct inversion of the process model. Hence, this structure

possesses similar properties with regard to input saturations.

In comparison, Fig. 8.5.13b) shows an IMC structure based on a state-space rep-

resentation, which is also referred to as model-state feedback control, Wright and
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Kravaris (2005). In this structure, the IMC filter is a reference shaping filter in state-

space representation. Hence, the IMC filter consists of the controller matrix kT, the

prefilter F , the process model and a model of the input saturation. Since the input

saturation is incorporated into the IMC filter, it possesses the same advantages as the

reference shaping filter, compare Sect. 6.4.2.

The state-space IMC can be extended to local linear models in the same way as

the reference shaping filter. Taking the disturbance vector d into account (compare

(8.5.19)), a local linear IMC scheme in state-space representation is obtained, see

Fig. 8.5.14 for the case of a MIMO system. The reference shaping filter avoids a

steady-state error with respect to the process model. This property prevents a steady-

state error of the IMC structure also with respect to the real process. A switching

between feedback and feedforward control is achieved by disconnecting the feedback

y(k) − ym(k), see Fig. 8.5.14. The controller matrix K is designed based on a

partial input-output-decoupling. Hence, the IMC structure differs from the reference

shaping filter Gf,b only by the feedback signal y(k)− ym(k).

yd

model

u y

-

ym

process
-

u y

-

ym

processF -

Gimc

Gf,b

K

xm

model

yd

a) b)

Fig. 8.5.13. Different Internal Model Control (IMC) structures. a classical IMC. b IMC in

state-space representation.

Experimental results
The considered control structures have been tested on the engine test bench with the

1.9L CR diesel engine shown in Fig. 8.5.1. They are implemented on a dSPACE

rapid-control-prototyping system in Simulink. The local linear state-space structures

are implemented in S-functions that can generally be applied to local linear state-

space models of arbitrary order.

The action of the reference shaping filter is depicted in Fig. 8.5.15 for the case of

measured setpoint step-changes. Gain-scheduled PI(D) controllers are used to com-

pensate steady-state errors. The desired values p2des and mair,des are inputs to the

reference shaping filter. It outputs the filtered desired values p2des,f and mair,des,f .

Figure 8.5.15 a) and b) illustrate that the controlled variables follow their filtered

setpoints p2des,f and mair,des,f very well. A comparison of the manipulated vari-

ables uvgt and uegr with the feedforward manipulated variables (uvgt,FF and uegr,FF)

shows that the feedback controllers only take little corrective actions.

The decoupling property of the reference shaping filter can be particularly ob-

served during the setpoint changes of the air mass, see Fig. 8.5.15 b). Here, the re-

duction of the air mass is achieved by opening the EGR valve. The feedforward

controller simultaneously closes the VGT in order to maintain the intake manifold

pressure. The temporary increase of the intake manifold pressure caused by the open-
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Fig. 8.5.14. Local linear IMC in state-space representation (MIMO).

ing of the EGR valve (non-minimal phase behavior between segr and p2) is not fully

compensated by the feedforward controller. This is due to the fact that the refer-

ence shaping filter is only designed to achieve a partial input-output decoupling

(Gw12 �= 0 in (8.5.26)). Even though the desired intake manifold pressure p2des
remains constant, its filtered value p2des,f is adjusted to the non-minimal phase be-

havior of the plant. This property prevents the PID controller to open the VGT, which

would lead to a drop of the intake manifold pressure after its temporary increase.

Figure 8.5.16 illustrates the impact of the feedforward control on the control per-

formance. It compares the behavior of PI(D) controllers with and without a reference

shaping filter as well as the performance of the IMC structure. All control schemes

are stable. The PI(D) controllers without feedforward control exhibit a large and long

lasting control deviation of the intake-manifold pressure for step-changes of the air

mass setpoint. This deviation can be significantly reduced with the reference shap-

ing filter. Additionally, the feedforward controller improves the response to negative

setpoint changes of the air mass due to the immediate closing of the VGT and the

increased pressure ratio over the EGR valve. Furthermore, the response to setpoint

changes of the charging pressure is improved. In addition, Fig. 8.5.16 depicts that

there are only minor differences between the performance of the PID controllers

with reference shaping filter and the IMC scheme.

All control structures were successfully tested within the New European Driving

Cycle (NEDC). In Fig. 8.5.17 the performance of the PI(D) controllers with static

feedforward control is compared to the IMC scheme in the extra-urban part of the

NEDC. (The constant sectors of the cycle are not shown in favor of a better illustra-

tion of the dynamic parts). During the dynamic operating conditions the IMC scheme

exhibits a better control performance than the PID controllers. If the static feedfor-
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ward controller is replaced by a reference shaping filter, the control performance is

very similar to the IMC structure (not shown in Fig. 8.5.17). Consequently, the pro-

posed control structures exhibit a good control performance within the entire engine

operating range.

In comparison to the control structures based on look-up tables, both the refer-

ence shaping filter and the IMC scheme require more memory and computational

resources. Nevertheless, these structures are suited for production control units with

limited resources. In comparison to other proposed control structures in the literature

(e.g. nonlinear model predictive control) the computational effort of the local linear

structures are rather low.

Another approach to the air charge and charging pressure control is published in

Wang et al (2011). Identification of linear models is performed by using PRBS and

feedforward control is realized with steady-state maps. A decoupling gain-scheduled

PID control structure with linear models and gain-phase-margin design specification

then shows the (moderate) effect of the decoupling control. It concludes that the

air-path control quality is important to control the emissions.

Other multi-variable control concepts, where the emphasis is more on feedback

control, are using predictive control, Rückert et al (2004), Wellers and Elicker (2004)

or robust H∞-control, Jung (2003).

8.5.4 Summary

The identification of the dynamic behavior of the air and exhaust manifold of tur-

bocharged diesel engines is performed with local linear models. The quality of the

identification can be significantly increased by using an extended local linear model.

The parameter estimation is carried out in output error configuration, since the model

cannot be transformed into a pseudo-linear form. The estimated model in I/O rep-

resentation is transformed into a local linear state-space representation in observer

canonical form.

A local linear reference shaping filter in state-space representation is first pro-

posed for the feedforward controller. In the presence of input saturations, this struc-

ture possesses advantages over a classical feedforward scheme. The reference shap-

ing filter is designed based on a partial input-output decoupling. The feedback con-

trol is implemented with gain-scheduled PI(D) controllers. They are designed via a

sequential closing of the feedback loops and parameterized with the compensation

method. As an alternative to this two-degree-of-freedom-structure, a local linear IMC

scheme in state-space representation is proposed.

After software implementation, the described structures feature a simple and in-

tuitive calibration. Results on the test bench show that both the reference shaping

filter and the IMC scheme improve the control performance of conventional con-

trol structure of combustion engines (static feedforward control with gain-scheduled

PI(D) controllers). For more details see Pfeil (2011).

The combined dynamic feedforward and feedback structure can be approximated

with simplified single-input single output (SISO) elements according to Fig. 8.5.5
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Fig. 8.5.15. Control performance of the local linear reference shaping filter for feedforward

control in combination with gain-scheduled PI(D) controller at the engine test bench (engine

operating point: n = 2000 rpm, αped = 20%.). a setpoint step-change of the charging pres-

sure. b setpoint step-change of the air mass. Black: feedforward control Light gray: feedback

corrections.

and transfer elements (8.5.30) to (8.5.37). This leads to an especially transparent

control system. However, it has not been tested experimentally.

As a general conclusion it is stated that a model-based charging pressure and

air-charge control, designed to work in all operating points for normal operating

mode, is a key element to reach a good control performance over the whole operat-

ing range. By putting the emphasis on a precise feedforward control relatively simple

standard feedback controllers can be applied. The results also show that it is impor-

tant to design the characteristics of the VGT turbocharger, the air path and exhaust

recirculation path and its actuators such that a good stationary and dynamic behav-

ior is reached to enable a good control performance. Precise dynamic control of the

air mass and charging pressure is a pre-requisite to satisfying the requirements for

low fuel consumption, low emissions and good driveability with regard to legislative

driving cycles and real-world driving.

8.6 Combustion-pressure-based heat release control

If the combustion pressure in each cylinder is measured, different features can be

calculated during one stroke. To control well-balanced combustions of each cylinder,
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for example the mean indicated pressure pmi, the pressure gradient, or the net heat

release Qh(ϕ) can be controlled by using different manipulated variables.

The possibilities of using the combustion pressure for the control of diesel en-

gines was investigated in several research projects. Jeschke (2002) focused on the

control of the mean indicated pressure by manipulating the injection duration and the

beginning of combustion. The use of combustion pressure features for the determi-

nation of the cylinder gas mass allows the control of the cylinder charge and exhaust

gas recirculation rate, Larink (2005). A control of the gas mass and the oxygen con-

tent in the combustion chamber was developed by Knippschild (2011). Together with

an electromechanic valve train the raw emissions could be reduced significantly for

both, conventional combustion and partially homogeneous combustion. A combus-

tion control concept with cylinder pressure measurement and low-pressure exhaust

recirculation for a series diesel engine is described by Hadler et al (2008). In all

cases the NOx and particulate raw emissions and their variances could be reduced

significantly.

In the following the development of an adaptive control system is described for

the net heat release, and later also for other variables.

The net heat release Qh(ϕ) is a suitable measure for the converted energy. There-

fore as a control variable the combustion center crankshaft angle ϕQ50 for 50% re-

leased heat is a suitable choice. The incremental heat release is calculated by, see

(4.2.67)

ΔQh(ϕi) =
cv
R
Vcyl(ϕi)Δpcyl(ϕi) +

(
1 +

cv
R

)
pcyl(ϕi)ΔVcyl(ϕi) (8.6.1)

for each cylinder i and its summation yields the integrated heat release

QhΣi =

ϕE0∑
ϕ=ϕsoi

ΔQh(ϕi) (8.6.2)

The 50% heat release or MFB50 is then given by

Qhi(ϕQ50) = 0.5 (maxQhΣi −minQhΣi) + minQhΣi (8.6.3)

and by comparing with (8.6.2) the crank angle ϕQ50 is determined. The combustion

pressure pcyl(ϕi) and the geometrical determination of the the volume displacement

Vcyl(ϕi) may be sampled with Δϕi = 1 . . . 6◦CS. The combustion center ϕQ50 is

controlled with the start of injection ϕsoi as manipulated variable. To investigate the

transfer behavior, Fig. 8.6.1 depicts step responses of all cylinders. It shows that the

controlled process has proportional behavior with a dead time of about one cycle,

Fig. 8.6.1a). A proportional behavior also holds between the main injection mass

and the indicated pressure. Also a proportional behavior can be observed between

a change of pilot injection quantity and maximum pressure gradient dΔpmax/dϕ.

Hence, for small changes these processes can be presented by the transfer function

Gϕsoi/ϕQ50
(s) = Kϕϕe

−Tts (8.6.4)
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where the parameters depend on the operation point.

As the combustion center values oscillate from cycle to cycle, the same control

structure as described in Sect. 7.5 for ignition control of gasoline engines is applied.

The resulting adaptive control system is shown in Fig. 8.6.2. It consists of a regular

look-up table for proportional feedforward control and an adaptive look-up table for

feedback control, which corrects the output of the fixed look-up table and stores

the correction values in dependence on the operating point. The control error e is

like (7.5.7), used for the normalized least squares estimation of the weights of the

adaptive maps, corresponding to (7.5.8). The adaptive look-up table finally acts as

an integral action controller, Kohlhase and Isermann (2009), Kohlhase (2011). The

reference value for the combustion center ϕQ50,d is usually preselected in the range

between 6 and 10◦CS after TDC. The described control system can be used for both

heterogeneous and homogeneous combustions.

Experimental results of the adaptive control system are shown in Fig. 8.6.3 for

three different control variables where the loops are closed sequentially. First the

ϕQ50-control is closed for constant driver pedal position, then the pmi-control and

then dΔpmax/dϕ-control. In all cases a fast settling to the reference values can be

observed, with partially significant differences of the manipulated variables for the

single cylinders. The step changes of the pedal indicate, that after the second change

in the same direction the control deviations are considerably smaller, due to the adap-

tation or “learning” effect.
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pressure. c from pilot injection quantity to maximum pressure gradient. neng = 1500 rpm.
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Fig. 8.6.2. Adaptive control system for the combustion center, consisting of a fixed feedfor-

ward look-up table and an adaptive correction look-up table as feedback from measured com-

bustion pressure and calculated features like center of combustion ϕQ50, Kohlhase (2011).

8.7 Alternative combustion processes (HCCI) with
pressure-based control

8.7.1 Homogeneous charge compression ignition (HCCI)

The conventional diesel engine combustion is based on an injection-jet-oriented het-

erogeneous air/fuel mixture formation. This leads to a trade-off between particulate

matters (PM) and NOx, see Fig. 8.7.1a), and fuel consumption and NOx, because of

a combustion with rich zones. Around the jet spray different zones exist. The exter-

nal jet zone has a high air excess factor lambda (lean burning) which leads to a good

ignition and burning with high temperatures over 2000K and large NOx formation.

However the internal zone of the jet droplets have too little air (rich burning) so that

soot is formed. Therefore always both NOx and PM appear, which may be varied

along hyperbolic curves according to the combustion influencing variables such as

spray formation, multiple injection, rail pressure, turbulence, etc.

The formation of NOx can primarily be reduced by lower combustion tempera-

tures which can be reached by e.g. cooled exhaust gas recirculation (EGR) or late

injection. A better oxidation of soot is possible by higher injection pressure, post-

injection and high charging pressure. The fuel itself also has a considerable influence,

Mollenhauer and Tschöke (2010), Pöttker et al (2005). This means that compromises

have to be found for the conventional diesel combustion.

Alternative combustion methods for diesel engines now try to avoid too high

combustion temperatures and too low air-excess areas, with the goal to operate more

lean and homogeneous at lower combustion temperatures. This leads to the devel-

opment of different kinds of homogeneous ignition processes, Suzuki et al (1997),

Stanglmaier and Roberts (1999), Weißbäck et al (2003).
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Fig. 8.6.3. Adaptive control of combustion center ϕQ50 with start of injection ϕsoi, mean indi-

cated pressure pmi with main injection mass qmi, and maximum difference pressure gradient

max dp/dϕ with pilot injection mass qmi. The loops are closed sequentially, Kohlhase (2011)

In the case of the homogeneous charge compression ignition process (HCCI)

the injection is performed in a very early phase of the compression cycle at about

90 − 140◦CS before TDC. The mixture then has more time to homogenize. Con-

sequently, the combustion arises at many spots with relatively good air/fuel ratios.

Additionally high EGR rates of about >40% and strong cooling lead to lower com-

bustion temperatures, such that according to Fig. 8.7.1b) the areas for the heteroge-

neous combustion are avoided. Also the compression ratio has to be lowered to about

12:1 to 14:1 to prevent too early ignition. However, a problem may be the dilution of

the lubrication oil by liquid fuel parts, Weßlau et al (2006).

Another slightly modified HCCI combustion is the homogeneous charge late in-

jection process (HCLI). In order to prolong the time for a homogeneous mixture

formation, the injection is more advanced compared to conventional combustions.
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Together with high EGR rates >50%, the ignition is delayed. This combustion pro-

cess comes relatively close to the conventional diesel combustion. The homogeneous

combustion processes are restricted to part load. For the high load operation one has

to switch to the conventional heterogeneous combustion with lower EGR rates and

relatively late injection.

The developments also show other approaches such as the highly premixed late

injection process (HPLI) with a long ignition delay by injection after TDC and low

EGR rates, or the dilution-controlled combustion (DCCS) with very high EGR-rates

>80%, see Landsmann (2010), Mollenhauer and Tschöke (2010), and Rether et al

(2012). The relatively large exhaust gas recirculation rates can be obtained by ex-

ternal or internal EGR. The external EGR usually requires a throttle valve in the air

path after the compressor in order to increase the pressure drop between the exhaust

manifold and the intake manifold. This may be called “residual affected HCCI”. An

alternative is to close the exhaust valve late to reinduct some exhaust gases from the

exhaust manifold, called “exhaust reinducted HCCI”, Law et al (2001), Caton et al

(2003). Further, the exhaust valve train can be closed early in order to trap the burned

gases within the cylinder and to recompress them in the same upwards stroke. This

is called “exhaust recompression HCCI”, see e.g. Ravi et al (2012).

Since the modified HCCI/HCLI seems to be a reasonable compromise which

can be realized with series production diesel engines, the development of a control

system will be described for this combustion process according to Kohlhase et al

(2008), Kohlhase (2011). Because of its flexibility it can also be adapted to the other

HCCI processes.

A scheme of the considered diesel engine is depicted in Fig. 8.7.2. It is a 1.9 l
diesel engine with common-rail injection and VGT turbocharger. The throttle valve

in the intake after the compressor and the intercooler is required to adjust large EGR

rates to enable HCCI.
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high-pressure common-rail and VGT turbocharger. Manipulated variables for the HCCI com-

bustion are: main injection angle ϕmi, throttle valve uth, EGR valve uegr, VGT actuator uvgt

(sj are actuator positions). Controlled variables are: combustion center ϕQ50, air mass mair,

EGR rate regr.

Figure 8.7.3 shows a comparison of a conventional and a homogeneous com-

bustion for the considered diesel engine. The heterogeneous combustion has a pilot

injection of duration Δϕpi,conv at −19◦CS and a main injection Δϕmi,conv around

TDC. For the homogeneous combustion there is only a main injection at −19◦CS.

Then the combustion begins later, allowing about Δϕ = 15◦CS ignition delay for

homogeneous mixture formation. Hence, fuel injection and combustion are sepa-

rated, Brengtsson (2004), Stein et al (2004).

Following control and manipulated variables are required to control the HCCI /

HCLI process:

ϕQ50(ϕsoi); mair(uth); regr(uegr); p2(uth).

Figure 8.7.4 depicts the multi-variable process as a signal-flow block, also indicating

the many cross couplings.

The homogeneous combustion is very sensitive to deviations from an optimal

state and depends especially on the large EGR rates which are different for the indi-

vidual cylinders. Therefore, a combustion-pressure-based control of the combustion

center ϕQ50 by manipulating the start of injections ϕsoi is required as a basic sub-

level control for all cylinders, as described in the last Sect. 8.6. It is marked with I in

Fig. 8.7.4. The charging pressure p2 is feedforward controlled, because the EGR rate

is very large in part load and the turbocharger does not have much power. Therefore,

the next section describes the remaining strongly coupled air mass and EGR rate

control within the box II of Fig. 8.7.4.
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Fig. 8.7.4. Controlled and manipulated variables for the homogeneous diesel combustion.

ϕQ50: combustion center; ϕsoi: start of injection; ṁair: air mass flow rate; uth: throttle po-

sition; regr: exhaust gas recirculation rate; uegr: EGR valve position; p2: charging pressure;

uvgt: blade position VGT.
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8.7.2 Air mass flow and EGR rate control

Air flow rate and exhaust gas recirculation control are already described in Sect. 8.5,

including physical-based process models. For the coupled control of air flow and

charging pressure a special control scheme is discussed in Sect. 8.5 which is based

on nonlinear identified models. This method uses local linear models and will now

be transferred to the design of a two variable controller of the air mass and the EGR

rate.

a) Model structure

Based on a physical model structure a local affine (local linear) state model with

varying parameters is applied, see Fig. 8.7.5. It is obtained by a weighted superpo-

sition of linear state-space models that are additively extended by a vectorial offset

ξ(z(k)), see Sect. 8.5. The vector z(k) describes the operating point, e.g. the engine

speed neng and accelerator pedal position αped. Since the process is nonlinear in

its inputs, zT (k) = [u(k), neng(k), αped(k)] is chosen. The local affine state-space

model is given by

x(k + 1) = A(z)x(k) +B(z)u(k) + ξ(z(k))

y(k) = C(z)x(k) +D(z)u(k), (8.7.1)

with

u =

[
uth

uegr

]
; y =

[
mair

regr

]
with the initial conditions x(0) = x0 and the operating point dependent matrix

A(z) =
M∑
j=1

Φj(z(k))Aj . (8.7.2)

M represents the number of local models and Φj(z(k)) is the activation function of

the j-th local model. The activation functions are normalized Gaussians, that specify

the validity of each local model. The matrices B(z(k)), C(z(k)), D(z(k)) and the

vector ξ(z(k)) are defined analogously.

The advantage of this structure is that the system matrices can either be deter-

mined by means of measured data or by a linearization of a nonlinear physically-

based model.

In the following, a structure with D(z(k))=0 is considered. If the local affine

state-space model is used in observable canonical form, the state-space representa-

tion with simultaneous parameter change can be transformed into the affine parameter-

varying difference equation

y(k) =
n∑

i=1

b̃i (z(k − i))u(k − i)

−
n∑

i=1

ãi (z(k − i)) y(k − i) +
n∑

i=1

ξ̃i (z(k − i))

(8.7.3)
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(shown here for simplicity only for the single input single output case). The param-

eter n represents the order of the system. In contrast to (8.7.1), the parameters

b̃i (z(k − i)) =
M∑
j=1

bij · Φj(z(k − j)) (8.7.4)

as well as ãi (z(k − i)) and ξ̃i (z(k − i)) change depending on the operating point

z(k − i) delayed by i. The fact that the state-space model in observable canonical

form can be transformed into an affine parameter-varying difference equation is used

for the data-based identification of the air path.

The main controlled variable is the air mass mair, determined from the measured

air-flow rate ṁair, and the EGR rate

regr =
ṁegr

ṁegr + ṁair
=

ṁcyl − ṁair

ṁcyl
. (8.7.5)

The gas mass in the cylinder follows from the gas state equation

mcyl =
p (ϕic)V (ϕic)

RT (ϕic)
(8.7.6)

with values for inlet valve closes (ic). Assuming a polytropic state change it holds

mcyl =
1

RV n−1(ϕic)T (ϕic)

1

N

N∑
i=1

pcyl(i)V
n(ϕic) (8.7.7)

with averaging over N pressure measurements around TDC. The gas flow rate into

ic cylinders is then

ṁcyl =
1

2
mcylnengic. (8.7.8)

This yields with (8.7.5) the EGR rate.
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b) Identification of the air / EGR process

The input variables for the identification are the actuator positions of the throttle sth
and of the EGR valve segr, and the output variables are mair and regr.

For the parameter estimation the equation error and the output error approach are

possible. In the nonlinear case the first one is named NARX (Nonlinear AutoRegres-
sive with eXogenous input) model. This estimation has the advantage that the opti-

mization linearly depends on the parameters, if the nonlinear model is also linear in

the parameters. This is the case for (8.7.3). However, the disadvantage of the NARX

structure is that a systematic parameter error (bias) occurs caused by noisy measure-

ment data. If the nonlinear output error (NOE) approach is used, the error is nonlinear

in the parameters which leads to a nonlinear optimization. Therefore first, the linear

least squares method is used to calculate the parameters quickly in one step. These

estimated parameters are used as an initialization for the nonlinear optimization of

the NOE model. This two-step-identification leads to better results, since the NOE

structure has no systematic bias, Zimmerschied (2008). After the estimation of the

parameters the model of (8.7.3) is transformed into a state-space model in observable

canonical form. The operating point zT (k) = [u(k), neng(k), αped(k)] for the iden-

tification of the data-based model depends on the input signals uT = [segr, sth], the

engine speed neng and the accelerator pedal αped. For the identification, the position-

controlled EGR valve and throttle valve (segr,d, sth,d) are excited with an APRB

(Amplitude modulated Pseudo Random Binary) signal at different operating points

(neng, αped). The APRB signal consists of multiple steps with different amplitudes

and hold times in order to excite the process within a wide frequency range and

equally distributed amplitudes. It is specifically designed for the nonlinear identifi-

cation.

Figure 8.7.6 shows an extract of the excitation signals segr,d and sth,d and the

generalization data mair and regr. The simulated model output fits the measured data

very well.

The DC gains of the plant given by(
mair

regr

)
=

(
K11 K12

K21 K22

)
·
(

sth,d
segr,d

)
(8.7.9)

are important for the controller design. In Fig. 8.7.7 the static behavior is plotted

against the input signals u = [segr,d, sth,d] for a constant engine speed neng and

a constant accelerator pedal position αped. Since the DC gains vary strongly with

the operating point, the controller design has to consider this nonlinear behavior.

Figure 8.7.7 also depicts the coupling K12 and K21 between the inputs and outputs.

Beside the static behavior and the input/output coupling, the dynamic behavior is

also important for the controller design. The step responses of each input are repre-

sented in Fig. 8.7.8. They show a low pass behavior of appropriately first order with

small time constants of about 50 ms to 150 ms, corresponding to 1 to 3 strokes.
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Shown are generalization data with simultaneous APRBS excitation of the two inputs for

constant neng = 2000 rpm and αped = 23%.

c) Design of the control system

The controlled variables for the homogeneous diesel combustion are the air mass

mair and the EGR rate regr, belonging to part II in Fig. 8.7.4, to enable a HCCI pro-

cess, and the combustion center ϕQ50, belonging to part I, to keep the combustions

in a stable state. First, the control of the air mass and the EGR rate is considered. The

control structure is shown in Fig. 8.7.9.

This structure consists of a nonlinear reference filter which generates the filtered

setpoints for feedback control yd,f and the manipulated variables for feedforward

control uFF. This structure has the advantage that the nonlinear reference shaping

filter and the feedback controller can be designed separately. The nonlinear refer-

ence shaping filter is aimed for setpoint tracking and the feedback controller for dis-

turbance rejection. This structure is also named a two-degrees-of-freedom-structure.

Feedforward control
The nonlinear reference shaping filter for feedforward control is shown in Fig. 8.7.10.

This filter is based on an identified local affine (local linear) state-space model. The

manipulated variables

uf = −KxM + v (8.7.10)
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for feedforward control are calculated with the model-state feedback K and the sig-

nal v(k) = Vyd(k)− Fξ(z(k)), which depends on the setpoint yd and the offset

ξ. The manipulated variables are input variables of the model with constraint (satu-

ration) and also of the real plant. The output variables of the model yd,f are used as

setpoints for the feedback controller. If the model exactly matches the real plant, the

control deviation e = yd,f − y is zero and the feedback controller only responds to

disturbances. Additionally, model uncertainties affect the feedback controller. There-

fore, a high model quality is crucial for a high control performance.

The model-based setpoint-following-control is based on state feedback. A state

feedback matrix Kj is calculated offline for each local state-space model (Aj , Bj ,

Cj , Dj). Any linear state-space control design method can be exploited, e.g. pole

placement, decoupling controller design etc. In this contribution an optimal con-

troller Kj is calculated by solving the matrix Riccati equation for each local state-

space model for the given weighting matrices (Qj , Rj). The overall state feedback

controller

K(z(k)) =
M∑
j=1

Φj(z(k))Kj , (8.7.11)
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is calculated by a superposition of the local subcontrollers Kj weighted with the

activation functions Φj(z(k)). These normalized Gaussians are equivalent to those

of the state-space model. As in the linear case, setpoint following is achieved with

the setpoint filter V and disturbance filter F. For this purpose the vector

v(k) =
(
C(z(k))Ṽ(z(k))B(z(k))

)−1

(8.7.12)

·
(
yd(k)−C(z(k))Ṽ(z(k))ξ(z(k))

)
(8.7.13)

= Vyd(k)− Fξ(z(k)) (8.7.14)

is calculated online and added to the model state feedback uf = −KxM + v. This

vector v is computed with the system matrices (A, B, C), the overall state feedback

K, the offset vector ξ and with the desired values yd in each time step k, see Kroll

et al (2000). In (8.7.13) the matrix Ṽ is defined as:

Ṽ(z(k)) = (I−A(z(k)) +B(z(k))K(z(k)))
−1

. (8.7.15)

The advantage of the nonlinear reference filter is the handling of the input constraints.

The manipulated variables uf are calculated based on the model states xM which de-

pend on the constrained input signals (compare Fig. 8.7.10). Hence, the reference

shaping filter is ”aware” of the input constraint and “behaves” in a proper manner,

Hippe (2006). On the other hand, the classical feedforward control concepts based

on the inversion of linear models just clips the input signals. In the case of active

input saturations, this can lead to reduced control performance.

Feedback control
The feedback controller can have the same structure as the nonlinear reference filter.

However, an observer has to be included since not all states are measured. Further-

more, integral action is necessary to avoid a steady-state error. Due to the high model

quality and therefore the high quality of the nonlinear reference filter, decentralized

PI controllers generate the demanded control performance, see Fig. 8.7.11. They are

tuned sequentially to guarantee stability. The EGR controller is closed first because

of its fast dynamics.

Overall control
Figure 8.7.12 shows the complete control structure with the applied nonlinear ref-

erence filter, the decentralized PI controllers, the feedforward control of the VGT

turbocharger and the control structure for the combustion center ϕQ50 as controlled

variable. The structure of the combustion center control is based on a regular look-up

table with the input signals engine speed neng and acceleration pedal position αped,

see Sect. 8.6. The resulting injection angle ϕsoi is corrected by the measured air mass

flow ṁair. This static correction acts as a disturbance rejection. Setpoint following of

the controlled combustion center angle ϕQ50 is achieved by adaptive look-up tables.
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Experimental results
The test bench used is equipped with a fully indicated common rail diesel engine

(OPEL/Fiat JTD 1.9L) with an EGR valve, a throttle valve and a VGT turbocharger.

Piezoelectric cylinder-pressure sensors (Kistler) were used, which were placed into

the combustion chamber with glow plug adapters. The cylinder-pressure signals were

measured by an in-house indicating system. The indicating system is implemented on

a rapid control prototyping (RCP) system (dSpace). Cylinder-pressure characteristics
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are computed by the indicating system in real time and are sent to another RCP

system via CAN. This system receives the CAN-messages for the cylinder-pressure-

based control in bypass mode. The cylinder pressure based control algorithms were

implemented on an ETAS ES1000 system. Another RCP system (dSpace) is used to

control the air mass and the EGR rate.

Figure 8.7.13 depicts the transition from conventional to homogeneous operation

and back. As well the air mass as the EGR rate follow the reference values, which

are relatively well feedforward controlled by the reference filter. The feedforward

action uf uses the restricted manipulation range almost completely. The feedback

controller reacts only to disturbances and model inaccuracies. The figure shows both,

the calculated manipulation variables ui and the actuator positions si.
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Fig. 8.7.13. Experimental results of the model-based air mass and EGR-rate control for the

transition from conventional to homogeneous combustion at t = 0 and back at t = 1.5 s.
n = 2000 rpm, qf = 10mm3/stroke. f : feedforward controlled, c: feedback controlled.

The behavior of the control system for changes of the operating point is shown

in Fig. 8.7.14. For the speed change (with a torque increase of the dynamometer) the

feedforward controlled manipulated variables react immediately. The overall control

systems keep the air mass and EGR-rate within small tolerances. Good results are

also obtained for a load change through the pedal.

Another experiment shows Fig. 8.7.15. During the transition from conventional

to homogeneous combustion the center of combustion deviates temporarily. With-
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changes of the operating point in homogeneous operation. a change of speed. b change of

pedal (neng = 2000 rpm).

out the adaptive look-up table the steady-state values show an offset, Fig. 8.7.15b).

However, applying the adaptation the offsets vanish and a correct following to the

setpoints can be observed, Fig. 8.7.15c). This shows that the large EGR rate of about

45% has a considerable effect on the combustions in the single cylinders and that

differences can be compensated with the combustion center control by changing the

start of injection. During the transition the air excess factor decreases from 2.7 to

1.2, i.e. close to stoichiometric combustion.

e) Conclusions for the control of the HCCI operation

Steady-state measurements with the investigated diesel engine resulted in diagrams

of Fig. 8.7.16. By increasing the EGR-rate NOx decreases but soot increases first.

However, for very high EGR rates the soot decreases considerably if homogeneous

combustion begins.

In the case of a constant operation point neng = 2000 rpm and qf = 10mm3

/stroke soot could be reduced by 80% and NOx by 82% for constant torque, com-

pared to conventional combustion. Measurements with the NEDC dynamic driving

cycle and mixed conventional/homogeneous operation resulted in a reduction of soot

by 65% and for NOx by 15%. However, the HC emission increased.
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Hence, the HCCI combustion offers an interesting reduction of soot and emiss-

ions. After optimization of the basic design of the engine for homogeneous com-

bustion and with variable valve trains even more improvements can be be expected.

However, only a precise model-based nonlinear control can manage the sensitive

HCCI combustion. Further literature on the control of HCCI combustion for gasoline

engines is Rausen et al (2005), Chiang et al (2007) and for diesel engines Catanese

et al (2009).

8.8 Smoke limitation control

During large load changes with increased injected fuel mass the cylinders do not

get the required excess air mass because of the inert dynamic behavior of the tur-

bocharger and the intake gas volume storage. Therefore the air/fuel ratio or excess

air factor

λ =
mair

mair,st
=

mair

Lst mf
(8.8.1)

may drop below λmin such that considerable soot is generated. To avoid this tem-

porary soot peak the fuel injection has to be limited, Nitzke et al (1999), Birk et al

(2003), Nitsche et al (2004). Based on the air mass mair in the cylinder the maximal

allowed injected fuel mass is determined by

mf,max(t) =
mair(t)

Lst λmin
(8.8.2)
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assuming ideal combustion. This results in a smoke limitation or smoke operation.

However, the fuel limitation during acceleration leads to a loss in dynamic torque

generation. Hence, good compromises have to be found, Renninger et al (2005),

Pfeil (2011).

The smoke limitation has a considerable influence on the total particulates for a

driving cycle, as about 50-60% of the emissions result from dynamic acceleration

phases. An application of smoke limitation control for a truck engine during a FTP-

cycle shows that about 35% of particulates and 7.5% of NOx are generated during the

phases where the limitation becomes active, Pfeil (2011). Hence, the optimization of

the smoke limitation control is an important part for emission reduction.

8.8.1 Smoke limitation with minimal air/fuel ratio

A direct way for smoke limitation during acceleration of the engine is to limit the

injected fuel according to (8.8.2) and Fig. 8.8.1 based on the measured air mass flow

rate ṁair(t) or the calculated charged air mass mair(t) in the cylinder. This requires

the determination of the minimal allowable air/fuel ratio λmin, which is usually in

the range of λmin ≈ 1.1 . . . 1.3 and to store it as look-up table, see Fig. 8.8.1. It

depends on the kind of the combustion with regard to soot generation and therefore

also on other variables such as, e.g. p2i, T2i, ϕmi and the environmental variables

pa, Ta, see Sect. 8.9. Therefore λmin has to be determined experimentally depen-

dent on the operation point Meng, neng and various engine control settings for nor-

mal, stationary operation. To simplify the procedure also a reasonable large value

as λmin = 1.3 . . . 1.5 can be assumed. However, this may limit the dynamic torque

development too much.
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Fig. 8.8.1. Smoke fuel limitation control with minimal air/fuel ratio.

8.8.2 Smoke limitation with a soot model

Another way is to apply a soot model as described in Sect. 8.9.1 on raw emission

models. For example the experimentally determined stationary local model accord-

ing to (8.9.2)

cPM,j,k = fj,k(ṁair, p2i, T2i, ϕQ50) j = uinj ; k = neng (8.8.3)

can be applied. See also Figs. 8.9.7, 8.9.8, and 8.9.10.

An alternative soot model is

cPM,j,k = fj,k(xeng,out, p2i, T2i, ϕQ50) (8.8.4)

where the gas composition xeng,out(mair,meng,mf) = (λ− 1)Lst/(λLst − 1) after

combustion is used according to (8.9.8) instead of ṁair, which yields more precise

soot models. A soot limit can then be given directly, e.g. as a concentration cPM,min

in [g/m3], see Sect. 6.8.1. As the gas composition xeng,out contains the injected fuel

mass, the corresponding fuel mass mf,max can then be determined by an inversion

of the soot model with an iterative search procedure, Sequenz and Isermann (2011).

Compare the intersection plots of the soot model in Fig. 8.9.8b).

Figure 8.8.2 depicts some variables for one step of the injection mass and for

constant speed without and with smoke limitation by using (8.8.4). A soot limit

cPM = 15 g/m3 corresponds to an opacity value of 7%. The time histories show

that after increasing the injected fuel mass the soot exceeds the limit value. Hence

an operation with too much soot arises. After switching to soot limitation control at

t = 30 s the injected fuel mass is reduced and therefore λ becomes larger and opac-

ity becomes smaller. However, this method requires the measurement of the cylinder

pressure to determine the combustion center ϕQ50. Alternatively ϕmi can be used,

see Sequenz (2013).

Figure 8.8.3 shows the influence of the smoke-limitation control for transient

states. Without smoke-limitation control a large soot peak develops after increase of

fuel injection at t = 6.1 s. This peak is reduced significantly with smoke-limitation

control at t = 15 s by a limitation of the fuel mass and thus reduction of the torque

for about 1 s, Sequenz (2013).
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Fig. 8.8.2. Results of the smoke-limitation control by applying a soot model for step changes

of the fuel injection and stationary condition with constant speed neng = 2200 rpm (measure-

ments). uinj = 10 . . . 30mm3/cyc, mair = 410mg/cyc, p2i = 1.3 bar, ϕQ50 = 194◦CS,

Sequenz (2013).

8.8.3 Smoke limitation with multiple smoke operation models

The limitation of the injected fuel mass is the primary action to avoid soot peaks

during acceleration, if the air/fuel ratio reaches λmin. As the soot generation and also

NOx generation in this phase can also be reduced by simultaneously changing other

manipulated variables as the exhaust gas recirculation mass ṁegr, the beginning of

main injection ϕmi and the rail pressure prail, additional smoke operation models

between these inputs and the dynamic particulate mass flow rate ṁPM(t), nitrogen

oxide mass flow rate ṁNOx(t) and torque development Meng(t) during acceleration

may be used to optimize the smoke limitation control.

In addition to the fuel limitation according to Fig. 8.8.1 a smoke operation in-

dex rsmoke is introduced to determine the smoke operation control. The smoke op-

eration index calculation is based on λmin and mair and depends on the operation

point [mf , n]. During normal operation for λ > λmin the smoke operation index is

rsmoke = 0 and the engine runs with normal operation control. If the air/fuel ratio

becomes λ < λmin, the smoke operation index rsmoke = 1 is set. Then the smoke

operation control becomes active and the manipulated variables as for example

uT
smoke =

[
uegr, uvgt, ϕmi, prail

]
(8.8.5)
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and passing smoke generation. uinj = 10 → 25mm3/cyc with neng = 1500 rpm. Desired

values are plotted as grey dashed lines. ϕQ50 = 15◦CS is controlled by a closed-loop control.

The smoke limitation is switched on at t = 12.5 s.

are calculated with special smoke models, Renninger et al (2006), Pfeil (2011), as

depicted in Fig. 8.8.4.

In the sequel the identification and smoke control optimization is described for

the last case and follows, Renninger et al (2006), Pfeil (2011). The considered en-

gine is a Daimler 900 series, 6-cylinder truck diesel engine with unit pump injection

pmax = 2000 bar, a fixed turbocharger, controlled EGR and particulate filter, Ren-

ninger et al (2006).

As the smoke limitation has to be designed for large acceleration pedal changes,

models of the dynamic behavior for the output variables Meng(t), PM(t) and NOx(t)
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are required. Therefore experiments are performed for step function changes of the

pedal between idle and full load at constant speed neng and for variations of uegr,

ϕmi, prail and λmin. Then the averaged values of the two emissions are calculated,

according to

ṁNOx = NOx =
1

Δt

∫ Δt

0

cNOx(t− Tt,NOx) ṁexh(t) dt (8.8.6)

with Δt the evaluation time for the transient and Tt,NOx the dead time of the mea-

surement device. The transient of the torque is described e.g. by T90, the 90% sett-

ling time. This measure for the dynamic torque behavior is the larger the larger

λmin, because the injected fuel mass is limited if λmin is reached and therefore the

torque reaches its steady-state value later during smoke-limitation control. These

characteristic values of the outputs are determined for eight different speeds within

800 rpm < neng < 2200 rpm and for 5 s idling and 7 s full load. The values of

the four variables are selected with a D-optimal design within a definite allowable

operation space and a forward and backward sequence to eliminate eventual drift

effects.

The three outputs are approximated with second order polynomials, such as

NOx(u
′) = c0 +

4∑
i=1

ci ui +
4∑

i=1

4∑
j=i

cij ui uj (8.8.7)

with

u′ =
[
uegr, ϕmi, prail, λmin

]
(8.8.8)
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taking all mutual relations of the four inputs into account and their parameters are

determined with least squares parameter estimation. Figure 8.8.5 depicts intersection

plots and indicates that the major influence on opacity and torque stems from uegr

and λmin. It also shows the opposing behavior of OP and NOx and the tradeoff be-

tween M and OP for λmin. To improve the torque the EGR valve should be partially

closed.
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Fig. 8.8.5. Intersection plots of the normalized outputs NOx, OP and M for pedal changes

from idle to full control. neng = const.

Based on the polynomial models for M eng(u), NOx(u) and PM(u), which are

each valid for one speed neng,j the emissions can be minimized by using a perfor-

mance criterion

Jj(usmoke) = w1 ṁNOx + (1− w1) ṁPM (8.8.9)

with the boundary condition for the 90 % torque settling time

T90,j < T90,j,max. (8.8.10)

Using this criterion for each speed local optimization results are obtained for diff-

erent weightings w1 of the two emissions for a given dynamic torque limitation.

Instead of applying the settling time T90,j the averaged torque M j can also be used.

The results of this optimization are depicted in Fig. 8.8.6a). The diagrams show

the known tradeoff between NOx and OP (opacity). Larger values of dynamic torque
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settling times T90 yield better emission values, and vice versa. By shifting the

weights w1 from 0 to 1 one moves along a Pareto-curve. Depending on a selected

NOx or w1 the manipulated variables ui and λmin follow. Smaller values of OP (and

therefore larger values of NOx result for λmin > 1.1, partially closing the EGR valve

and retarding the start of injection. The injected fuel mass mf,max follows from λmin

according to Fig. 8.8.1.

If the optimization with the performance criterion (8.8.9) is made for a selected

range of engine speeds, and the same weight w1 is used, then one obtains the opti-

mal maps of the manipulated variables ui for the feedforward control of the smoke

operation in the complete operation range, compare Fig. 8.8.6b). Figure 8.8.7 shows

the complete signal flow for smoke limitation control, which results from combining

Figs. 8.8.1 and 8.8.4.

Pfeil (2011) has also treated a global optimization and has shown that the opti-

mized smoke operation resulted in a 40% improvement of NOx and soot emissions

during a FTP driving cycle. Especially the soot peaks during the accelerations could

be considerably reduced.

Summarizing, the simplest form of soot limitation control during acceleration is

obtained by limiting the injected fuel mass mf,max with an appropriate air/fuel ratio

λmin, Fig. 8.8.1. If a soot model can be determined the modeled soot output can be

limited and a limit value for the injected fuel mass can be calculated. A more general

method is to use special smoke operation models for dynamic soot, NOx and torque

development and to optimize a set of combined manipulated variables, for smoke

operation like mf,max(λmin), uegr, ϕmi and prail, see Fig. 8.8.7.

8.9 Emission control

The exhaust gas emissions during combustion consist of harmless and unavoidable

components like CO2 and H2O and harmful components like carbon monoxide CO,

unburned carbons HC, nitrogen oxides NOx (NO, NO2) and particulates (solids,

soot). As the legal emission values decrease strongly, see Sect. 6.8.1, the emissions

have to be reduced by the combustion process itself and by exhaust gas aftertreat-

ment. Measures to lower the raw emissions are e.g. better air/fuel mixture, better

injection spray formation and exhaust gas recirculation with cooling. Exhaust gas

aftertreatment systems consist of catalytic converters to reduce NOx, CO and HC

to CO2 and H2O and particulate filters to reduce soot. Remaining particulates have

to be reduced in an aftertreatment with particulate filters (PF) or by catalytic reduc-

tion (SCR, NSC) to meet the legislative limits. However, especially particulate filters

form gas dynamic resistances such that the exhaust back pressure increases as well

as the fuel consumption. Therefore the flow losses have to be kept small.

This section describes some approaches to model the raw emissions especially by

experiments with identification methods. Because the dynamic behavior of emission

measurement sensors and devices play a considerable role, corresponding models

are derived. This is followed by a discussion on raw emission control. Then various
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Fig. 8.8.6. Weighted optimization of the emissions NOx and opacity (normalized) for different

weighting factors w1 = 0 . . . 1 and different torque settling times T90,min < 2.2 s, 2.7 s and

3.2 s for one engine speed. TF,smoke is a filter time constant for the switch from smoke opera-

tion to normal operation. a opacity vs. NOx tradeoff for different torque dynamics. b resulting

manipulated variables and λmin.

exhaust gas after treatment components like special catalyst and particulate filters are

considered, including their control.

8.9.1 Raw emission models

a) On emission modeling

Mathematical modeling of the generation of the emissions during the combustion

is very complicated and generally needs a lot of computations, see Stiesch (2003),

Merker et al (2006), Kirchen and Boulouchos (2008). Usually multi-zone models

are required because the local concentration of fuel, air and temperature are impor-

tant. One may use the observation that most of NOx is produced as thermal NO in

lean areas at high temperatures during an early phase of the pre-mixed combustion,

see Fig. 8.2.6. Therefore, e.g. the brake mean effective pressure, maximum cylinder

pressure, maximum temperature and the combustion center ϕQ50 may give feasible

correlations. The particulates are formed at high temperatures in local rich areas,

but are then reduced in the post-combustion phase, such that several variables like

fuel/air ratio, maximum temperature and the combustion center ϕQ50 may be espe-

cially correlated. Therefore correlations of NOx- and PM-emission concentrations
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and the heat releases of the three combustion phases with pre-mixed and diffusion

combustion, see Sect. 8.2.3, may be a way to build phenomenological emission mod-

els. Because of the highly dynamic processes that last only a few ms the models of

the fuel injection, combustion and raw emissions can be considered as static. The

main dynamics are caused by the intake and EGR system, including turbocharger

and coolers.

Figure 8.9.1 shows a signal-flow scheme for the development of emission mod-

els. Emission models may be built with stationary and dynamic models of the intake

and EGR system, determining the air and exhaust charge in the cylinder, the fuel-

injection model, describing injected mass, rail pressure and begin of injection for

pilot and main injection, and different kind of combustion models. The combus-

tion models yield outputs as inputs of the emission models. In the case of empirical
combustion models their outputs are, e.g. basic thermodynamic variables from com-

bustion cycles like pressure, temperature, air/exhaust ratio, heat release and derived
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characteristic quantities like pcyl,max or ϕQ50, see Sect. 4.2. Phenomenological com-
bustion models take more details of the combustion process into account, like mixture

formation, chemical reactions, and laws for pre-mixed and diffusion combustion as

discussed in Sect. 8.2.3.

In all cases at least parts of the models have to be determined experimentally. If

the relations between the outputs of the intake and EGR system and fuel injection

models are used to identify the emission models this is a black-box approach, e.g.

by adapting polynomial models or neural nets, see e.g. Christen et al (2001), Hafner

et al (2000), Mrosek et al (2010). A further step is to determine empirical or phe-

nomenological combustion models first, by applying physical-oriented relations and

then to identify raw emission models with their outputs. These models are considered

to be semi-physical or gray-box models, as described in Traver et al (1999), Gärtner

(2001), Benz et al (2010).

A comprehensive investigation is given by Benz (2010), Benz et al (2010). For

NOx and PM a static model with piston speed and fuel mean effective pressure serves

as basis. Then a deviation model is identified with additional selected inputs, like

cylinder air mass, air fraction, combustion center for NOx and air mass, rail pressure

and ϕQ90 as inputs for PM, applying a symbolic regression method.

In all cases measured data has to be used to find the emission models, which ex-

press the relations between the emission concentration and the possible manipulated

variables of diesel engines.

b) Local and global emission models

In the following experimentally obtained emission models are considered, which use

the variables

ṁair : air mass flow rate

p2i : intake charging pressure

T2i : intake charging temperature

ϕQ50 : combustion center

as inputs for the operating points

uinj : injection mass

neng : engine speed.

The exhaust mass flow rate follows, according to (4.1.2) to (4.1.8), from

ṁegr = ṁeng − ṁair = ηv(neng, ρ2)
p2i(regr)

2RT2i
VD neng − ṁair. (8.9.1)

If the inputs ṁair, p2 and T2i are used for emission modeling, the flow rate ṁegr is

implicitly taken into account.

Engine model structures can generally be divided into local and global ap-

proaches. The local models are determined for fixed operating points (uinj, neng),
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such that for certain operating points output models of the form

ŷjk = fjk(ṁair, p2i, T2i, ϕQ50) (8.9.2)

j = uinj ; k = neng

are determined, where ŷ stands for cNOx or cPM. Global models include the operating

points explicitly

ŷ = f(ṁair, p2i, T2i, ϕQ50, uinj, neng). (8.9.3)

Global-local models combine the local models to generate a global output by weight-

ing functions

ŷ =
∑
j

∑
k

Φjk(uinj, neng) fjk(ṁair, p2i, T2i, ϕQ50). (8.9.4)

The weighting function is usually a linear interpolation between the operating points,

see Fig. 8.9.5.
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c) Identification of raw emission models

A scheme of the investigated CR diesel engine with VGT, high pressure and low

pressure exhaust gas recirculation is depicted in Fig. 8.9.2. The goal of the iden-

tification is to obtain a mean value model for the emissions nitro oxygen NOx and

particulates PM, both for steady-state and dynamic behavior, by using relevant inputs

from the intake system and the combustion, as described by Sequenz and Isermann

(2011).

Figure 8.9.3 shows the underlying model structure. To obtain a mean value model

of the emissions the combustion can be considered as a batch process, in this case

characterized by a steady-state value of the combustion center ϕQ50, determined

from cylinder pressure measurement pcyl(ϕ) or from a corresponding model. How-

ever, as the major dynamics of the emissions are determined by the dynamics of the

air and exhaust gas recirculation system, the states of the gas mixture as inputs mair,

p2i, T2i are measured dynamically, assuming that they can be measured without con-

siderable sensor time delays or simulated. The emission model then uses mair, p2i,
T2i and ϕQ50 as inputs for local models as (8.9.2) or additionally with uinj, neng for

global models as (8.9.3).

The emission models then result as stationary models and describe the stationary

and dynamic behavior of the emissions by using the dynamic inputs from the air and

exhaust system. With reference to Fig. 8.9.1 an empirical raw emission model 1 with

an empirical or analytical combustion model is obtained.

The determination of the manifold temperature T2i is based on the measurement

of the temperature Tic after the charge air cooler and the temperature Thp−egr after

the exhaust air cooler, see Fig. 8.9.2, by calculating a mixture temperature

T2i =
(ṁair − ṁlp−egr)Tic + ṁhp−egrThp−egr

ṁair + ṁlp−egr + ṁhp−egr
. (8.9.5)

The EGR mass flow rates are determined based on the adiabatic flow equation for

valves

ṁegr = cth A(segr)
pin√
RTin

ψ

(
pout
pin

)
(8.9.6)

according to (4.1.19). Thus, for the determination of ṁegr−hp measurements of pin =
p3 and pout = p2i and for ṁegr−lp measurements of pin = p4−ΔpPF and pout ≈ pa
are required (for the pressure drop in the particulate filter ΔpPF see Sect. 8.9.4).

However, if ṁegr−lp = 0 then ṁegr can be calculated with (8.9.1), without additional

sensors.

For the identification a model network LOPOMOT (local polynomial model tree)

as shown in Fig. 8.9.4 is applied. Local polynomial models are identified for fixed

operating points, forming the z-regressors uinj, neng. The local nonlinear models

use mair, p2i, T2i, ϕQ50 as inputs, forming the x-regressors. By superposition with

weighting functions Φjk the outputs cNOx, cPM and Meng are

y =
∑
j

∑
k

Φjk(uinj, neng)(w0,jk+w1,jk x1+w2,jk x1x2+w3,jk x
2
1+. . . ) (8.9.7)
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where Φjk are the coefficients of a linear interpolation between at least four local

models according to (6.5.13) and wν are the estimated parameters.
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Fig. 8.9.3. Signal-flow diagram for the identification of emission models, consisting of a dy-

namic gas path model and stationary combustion and emission models.
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Fig. 8.9.4. Structure of the stationary emission model with local polynomial models (LPM).

The local polynomial models are composed by linear interpolation to a global model output

(LOPOMOT).

The distribution of the stationary engine operating points is equidistantly selected

within the emission-cycle-relevant operating boundaries, as shown in Fig. 8.9.5. Val-

idation measurements are taken in between the operating points. Measurements of
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NOx are made with an NGK sensor and measurements of the the soot are made with

an AVL microsoot sensor.
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Fig. 8.9.5. Distribution of local models, training (×) and validation data (◦) in the engine

operation range.

Because the microsoot measurement shows a linear increase of the measurement

error with the output value a multiplicative measurement error can be supposed.

Therefore a logarithmic transformation of the output is made, in order to perform

the identification with an additive measurement error, Sequenz and Isermann (2011).

The structure search of the LOPOMOT identification results in 21 local models

of third order with altogether 421 parameters for NOx and 448 parameters for soot.

Figure 8.9.6 depicts the measured versus predicted plots, also indicating the coeffi-

cient of determination R2 and the root mean square error (RMSE) as criteria of fit.

The precision of the NOx model is higher than that of the soot model. One reason is

that the soot measurements themselves have a high variance.

A comparison of the simulated dynamic behavior with the measured variables for

the extra urban part of NEDC driving cycle is presented in Fig. 8.9.7. The simulated

emissions are shown as model outputs and with transport delay to the measurement

point and sensor dynamics of first order. The test cycle includes several accelerations

and a gear shift at t = 1050 s. Measured and simulated emissions agree well, espec-

ially after inclusion of the measurement dynamics in the simulations, see also the

zoomed boxes.

The described emission models use the variables mair, p2i, T2i, ϕQ50 as inputs.

An alternative is to use mair, megr, T2i, ϕQ50 by using (8.9.1). Applying the gas

composition after combustion

xeng,out =
mair −mair,burnt

mgas,tot
=

mair −mf,injLst

mgas −mf,inj
=

(λ− 1)Lst

λLst − 1
(8.9.8)

instead of the air mass mair yields more precise soot models, because the oxygen

content in the expansion phase is relevant for the soot in the exhaust gas, Sequenz

and Isermann (2011).
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Fig. 8.9.6. a Measured vs. predicted plot for the stationary NOx model with identification

data (black circles) (R2 = 0.994, RMSE = 17.5 ppm) and validation data (grey crosses)

(R2 = 0.984, RMSE = 24.6 ppm). b measured vs. predicted plot for the soot model with

identification data (R2 = 0.970, RMSE = 0.43 mg/m3) and validation data (R2 = 0.932,

RMSE = 0.61 mg/m3), Sequenz (2013).

To illustrate the influence of individual input variables on the outputs of these

nonlinear multi-input single-output (MISO) models, intersection plots can be gen-

erated. The multidimensional model is then simulated and all inputs except one are

kept constant, Sequenz and Isermann (2011). If the output is plotted in dependence

on one input, a two-dimensional characteristic results. In the case of two outputs, a

three-dimensional map is obtained. Figure 8.9.8 shows these two plots for the case

that the gas composition xeng,out according to (8.9.8) is used as input instead of mair

to model the soot behavior. Figure 8.9.8a) depicts the strong influence of the exhaust

gas composition xeng,out on the soot formation. The two-dimensional intersection

plots in Fig. 8.9.8b) illustrate the dependence for the two outputs soot and NOx on

xeng,out and the charging pressure p2i with their reverse behavior, the so called NOx-

soot trade-off.

d) Dynamic models of emission measurement

For measurement of emissions at engine dynamometers or chassis dynamometers,

usually emission test benches or gas analyzers are used. They are usually designed

for stationary measurements. However, emission control as well as the determina-

tion of dynamic engine models require a relatively fast dynamic measurement of

the emissions, like oxygen content, NOx and particulates. This can be provided by

some emission measurement devices. In order to investigate their dynamic behav-

ior experimental investigations are described for a 4-cyl. CR-diesel engine with an

NOx-sensor (NGK), an opacimeter (AVL 439) and a microsoot sensor (AVL 483).

Sensors for measurement of nitrogen oxides NOx, which consist of nitrogen

monoxide NO and nitrogen dioxide NO2 are based on the reduction of NO into N2
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Fig. 8.9.7. Dynamic measurements and simulation with the identified global emission model

for the extra urban part of the NEDC. Calibrated ECU with high-pressure EGR only. The

emissions are shown as simulated model outputs (sim) without measurement delay and with

measurement delay (filt) for Td,NOx = 0.4 s, Ts1,NOx = 1.0 s; Td,soot = 1.65 s, Ts1,soot =
0.9 s.

and O2 by using pump electrodes for oxygen and measurement of the O2 concentra-

tions, see e.g. Kato et al (1997).

Microsoot devices (MSS) detect particulates for low levels in the range of

5μg/m3, use a laser and are based on photo-acoustic principles. The modulated laser

beam heats the black particulates so that the surrounding gas generates an acoustic

sound in a resonance cell which is measured by a microphone. A signal processor

analyzes the dominating oscillation.

Opacimeters (OPA) measure the opacity of undiluted exhaust gases by the degree

of obscuration of a light beam. The measurement value is the percentage of blocked

light. Therefore 0% is clean and 100% is thick black smoke. A part of the exhaust gas

8.9   Emission Control 605



0.4
0.5

0.6 50
60

70
80

0

5

10

15

20

25

30

R2-Train:
R2-Valid:
Std. Deviation:

c
so

o
t
[m

g
/m

]
3

T2i [°C]xeng,out

T2i [°C] xeng,out

a)

c
so

o
t

[m
g

/m
]

3

30

15

0
0.3 0.35 0.4 0.45 0.5

0

400

800

c
n
o
x

[p
p

m
]

b) xeng,out

0.939
0.907
0.19 · csoot
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The shaded areas indicate extrapolated regions, Sequenz (2013).

is pumped by diaphragm pumps through hoses to the sensor with controlled constant

volume flow rate. The transportation time therefore generates a certain dead time.

Fig. 8.9.9 shows measured transient functions for a ramp change of the rail pres-

sure prail. The fastest response is obtained with the opacimeter, Fig. 8.9.9a). The

NOx sensor has a dead time of about 200 ms and low pass behavior. The microsoot

sensor is the slowest with a dead time of about 2.5 s and low pass behavior. Hence,

the dynamics of the sensors are different and depend on the flow speed of the exhaust

gases, or engine speed, Fig. 8.9.9b).

time [s]

OPAn ≈800 mineng
-1

n ≈3000 mineng
-1OPAuinj

MSSNOx

OPA

prail

u
,y

u
,y

a)

b)

Fig. 8.9.9. Normalized emission sensor responses. a change of rail pressure prail; neng =
1900 rpm. b only opacimeter. neng = 800 rpm and 3000 rpm for change of injection mass

uinj.
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Based on the measured transient functions, assuming linear dynamics, the behav-

ior of the emission measurements can be approximated by the transfer function

Gs(s) =
Ks

(1 + Ts1s)(1 + Ts2s)
e−Tds (8.9.9)

compare the model for a λ-sensor in Sect. 7.2. The time constants Ts1 and Ts2 are

due to storage effects of the sensors and pipes and the dead time Td is caused by

several transportation times

Td = Tdc + Td,V + Td,s = Td,eng + T ′
d (8.9.10)

with

Tdc = π/ωeng

Td,V = V/V̇j j = 3, 4

Td,s =
l
vs
.

For a 4-stroke engine, Tdc is the cycle time between intake valve closing and ex-

haust valve opening, i.e. about one crankshaft revolution. For the NOx sensor, which

is placed after the turbocharger turbine, the travel time through the exhaust manifold

is Td,V = V/V̇3 and for the opacity and microsoot sensors, which are placed further

downstream, it holds Td,V = V/V̇4, compare Fig. 8.9.10. Td,s expresses the travel

time through the connecting hoses and the sensor. It can be relatively large if the

sensors are connected via a long hose of length l and a controlled gas velocity vs.
The transportation times to a λ-sensor placed after the manifold range between

15 and 70 ms for a passenger car engine, Kimmich (2004), see also (7.2.5).

In order to excite only the dynamic behavior of the emission measurements (sen-

sors and possibly hoses) a test signal should be applied, which only influences the

emission generation of the combustion and not the air intake and EGR system. There-

fore changes of the rail pressure prail are used as an excitation signal. A resulting

change of the combustion is compensated for by a change of the start of main in-

jection ϕmi = f(prail), Mrosek et al (2011). Figure 8.9.11 depicts the resulting

experiment and shows that p2i, ṁair, ϕQ50 and T3 remain constant.

A square wave of eight steps was then applied for 60 operating points varying

from neng = 790 to 3000 rpm. The used sampling time was T0 = 10ms. The dead

times were directly determined from the recorded data.

The transient functions of Fig. 8.9.9 show that the NOx-sensor has the behavior

of a second order system. Its time constant Ts2 can be fixed with Ts2 = 450ms. The

sensors for the particulates show first order dynamics. Therefore, in all three cases

the time constant Ts1 was determined by least squares parameter estimation.

The resulting dead times and time constants Ts1 are presented in Figs. 8.9.12 and

8.9.13 in dependence on the volume flow rates. The dead times of the sensors become

smaller with increasing V̇ and approach constant values for V̇ > 1m3/s. Its value

originate mainly from the sensor itself. The time constants decrease approximately

linearly with increasing volume flow rate

Ts1,j = Ts1,j0 − wj V̇3 or 4 ; j = mss, opa, nox (8.9.11)
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Fig. 8.9.11. Simultaneous excitation of prail and ϕmi to identify the emission sensor dynamics.

t < 1245 s: cylinder 1 and 3, t > 1245 s: cylinders 3 and 4.

A comparison with the dynamic models of a λ-sensor considered in Sect. 7.2 shows

the same dependency on the exhaust gas flow rate, with time constants of 80 to

100 ms, see Table 7.2.1. Table 8.9.1 summarizes the identified parameters.

Table 8.9.1. Identified dead times and time constants of emission sensors

V̇exh microsoot opacimeter NOx

T ′
d Ts1 T ′

d Ts1 T ′
d Ts1 Ts2[

m3

s

]
[ms] [ms] [ms] [ms] [ms] [ms] [ms]

0.02 3300 950 750 80 320 190 450

0.06 2200 800 450 70 240 120 450

0.1 1950 600 300 55 220 80 450
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The microsoot sensor has the largest dead time and time constant. These de-

lays are caused mainly through the connection line length. The opacimeter is faster,

has a considerable dead time but a small time constant. The NOx sensor has dead

times between 200 and 300 ms and a dominating time constant of 450 ms. A com-

parison between modeled and measured behavior is shown in Fig. 8.9.14 and shows

good agreement. Taking average values for the time constants, the corner frequen-

cies of the frequency responses are ωc = 1/Ts1 = 1.25 ; 14.2 ; 2.2 1/s or

fc = ωc/2π = 0.19 ; 2.76 ; 0.35Hz. This means that the dynamic measurements of

combustion engines have to be taken into account for frequencies larger than about

0.2Hz (microsoot sensor), 2.5Hz (opacimeter), and 0.35Hz (NOx-sensor).
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Fig. 8.9.14. Measured and simulated transient functions of the emission sensors. neng =
913 rpm, uinj = 23.5mm3/ cyc; ṁair = 52.5 kg/h.

8.9.2 Raw emission control

The legislative requirements of the exhaust emissions of diesel engines are becoming

very restrictive especially for NOx and particulates (PM), as described in Sect. 6.8.1.

The generation of the raw emissions is reduced on the one hand by improving the

injection and combustion process and on the other by optimal calibration of the elec-

tronic control settings, see Sect. 6.8. NOx can especially be reduced by the recir-

culation of cooled exhaust gas (EGR), thus leading to smaller air/fuel ratios (AFR)

and gas temperature. However, with increasing EGR the formation of particulates

increases. Therefore a compromise of this NOx-PM tradeoff has to be found, see

Fig. 8.9.15.
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Usually, the EGR valve is used to control the air flow and therefore the air/fuel ra-

tio and the turbine actuator to control the charging pressure. This results in a mutually

coupled two-variable control system, depicted in Fig. 8.5.2. The reference values for

these closed loops are optimized during the control calibration with regard to torque

generation, fuel consumption, driveability and emissions. This way the precondi-

tions for the combustion, like the air/fuel ratio and charging pressure are feedback

controlled. However, the combustion process is then feedforward controlled if the

combustion pressure is not measured and used for closed loop control. Changes in

the features influencing the combustion such as deposits, coking or widening of in-

jector holes, wear and aging of valves and actuators and faults of sensors then lead

to changes of the emissions. Figure 8.9.15 depicts the NOx concentration in depen-

dence on the particulates PM with regard to the legislative limits. Usually the design

and calibration has to be placed with some safety margins to the limits, in order to

cope with production tolerances and aging. If the emissions can be measured and

feedback controlled, the tolerances may be significantly smaller.

Production sensors exist for NOx and λ, but until now not for soot. Then the oxy-

gen content λ of the raw exhaust gases can be controlled by manipulation of the EGR

valve and the NOx by manipulating the start of injection ϕsoi, as proposed by Alfieri

et al (2009). This two-variable control system then forms a feedback from the states

after the combustion and compensates several effects of the combustion process and

charging combustion conditions. By appropriately selecting the reference variables

for the λ-control the particulates can be influenced indirectly, as the oxygen content

of the exhaust gases during and at the end of the expansion phase is relevant for the

oxidation of the particulates, see Sect. 8.2.6.

The design of this control system for the air/fuel ratio (AFR) in the exhaust gas

λcyl,out by manipulation of the EGR valve is treated in Alfieri et al (2009). Approx-

imating the process transfer behavior with a linear first order and dead time model

a linear internal model controller follows directly, where the parameters are adapted

to the operating point. Static feedforward control of the EGR-valve from the desired

reference variable λcyl,ref and from the injected fuel mass flow rate ṁf improve the

dynamic control performance. Hence, this exhaust gas λ-control system may replace

the air mass controller in Fig. 8.5.2 and instead of the steady-state optimized refer-

ence value ṁair,d the reference value λcyl,out,d has to be optimized.

Together with a NOx controller manipulating the start of injection angle ϕsoi,

it was shown that under the influence of drift in the air flow and charging pressure

sensor the deviations of NOx and PM are smaller compared to standard control, thus

keeping the narrower tolerances in Fig. 8.9.15.

The shift of ϕsoi by retarding to values closer to TDC or even after TDC may

reduce the NOx concentration considerably, see e.g. Motz et al (2011). Results from

the realization of a NOx-control system for a truck diesel engine confirm the smaller

tolerances of Fig. 8.9.15 and allow a reduction of fuel consumption through larger

reference values of NOx because of the smaller variances, Eijk et al (2011).
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emission feedback control.

8.9.3 Exhaust gas after-treatment and its control

The exhaust gas after-treatment has the task of converting the unwanted emissions of

the raw exhaust gases which cannot be avoided by the optimization of the combustion

process into harmless components as much as possible. For diesel engines this is

realized with different types of catalytic converters and particulate filters.

a) Exhaust gas oxidation

Diesel oxidation catalysts (DOC) have the task to oxidize carbon monoxide (CO)

and unburned hydrocarbon (HC) emissions with the remaining oxygen (O2) of the

exhaust gas into water vapor (H2O) and carbon dioxide (CO2). The DOC converter

is built as a ceramic or metallic honeycomb structure where the exhaust gases are

forced to flow through thin channels. The channel walls consist of a ceramic or metal

substrate which is coated by a catalyst from platinum or palladium. The substrate is a

washcoat consisting of aluminum, cerium or zirconium oxide and offers a large sur-

face area. The exhaust gases diffuse into the catalyst coat and are oxidized, supported

by the catalytic reaction of the washcoat. The DOC’s are placed close to the exhaust

gas manifold to reach the required light-off temperature at 150-200◦C as quickly as

possible.

b) Reduction of NOx

A first way to reduce NOx is to use a NOx storage catalyst (NSC), also called lean

NOx trap (LNT), see Fig. 8.9.16a). The catalyst has a coating with alkali or barium

oxides and stores NOx at temperatures between 250 and 450 ◦C. Two different op-

erating modes can be distinguished. In normal lean burn operation λ > 1 NO is first
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oxidized to NO2 and then adheres in the form of nitrate (NO3) to a metal oxide in

a loading phase. Then a regeneration phase follows with rich exhaust gas λ < 1,

by retarded injection and air throttling. The loading phase lasts 30 to 300 s and the

regeneration phase 2 to 10 s. End of loading phase can be detected by a NOx storage

model or by a NOx sensor after the catalyst and end of regeneration respective dis-

charging phase by a storage model or λ-sensor after the catalyst, indicating λ < 1.

The advantage of NOx storage catalysts is that they do not need an extra agent. How-

ever, they are very sensitive to sulfur compounds, since SO2 is also stored in the

catalyst, leaving less capacity for NOx with time. Therefore sulfur regeneration may

be required by heating the catalyst to temperatures > 650◦C by generation of rich

exhaust gas λ < 1 after longer driving distances. The efficiency of the NSC is about

50–80% reduction of NOx. Hence, the control of this accumulator type NOx catalyst

consists in manipulating the loading and regeneration phase with regard to NOx and

at longer time intervals with regard to SO2.

The dynamic behavior of NOx-storage catalyst can be modeled by balance equa-

tions for O2, NOx and heat and results in a set of nonlinear differential equations,

see e.g. Canova et al (2010). Investigations on the regeneration are described e.g. in

Pischinger et al (2009) and Ketfi-Cherif et al (2000).

Selective catalytic reduction (SCR) reduces NOx to nitrogen N2 and water va-

por H2O by adding ammonia NH3. The reduction requires temperatures > 250◦C
and a suitable catalyst. NH3 has a large sensitivity to be oxidized from NOx. It is

generated by injecting a 32.5% urea/water solution (called AdBlue or Diesel Ex-

haust Fluid, DEF) into the exhaust pipe, see Fig. 8.9.16b). The solution is then, after

composing an intermediate product, converted by thermolysis and hydrolysis into

ammonia. The dosing of the solution depends on the molar feed ratio α of the NH3

equivalent to the present NOx in the exhaust gas. If α > 1, NH3 will leave the SCR

catalyst unconverted after exceeding its NH3 storage capacity. This so called NH3

slip or leakage has to be avoided because it is an odor disturbance to the environ-

ment. SCR catalysts have a good NH3 storage capacity, such that small short-term

deviations from the theoretical feed ratio do not cause NH3 slip. Frequently AdBlue

SCR system contains a DOC after the SCR catalyst that oxidizes NO to NO2 and

reduces NH3 in the case of slip, such improving the conversion.

Allowing a NH3 slip of 20 ppm, a NOx reduction of up to 90% can be reached

with an urea/water solution of about 5% of the diesel fuel consumption.

The instrumentation of the SCR system usually requires temperature sensors up-

stream and downstream of the SCR catalyst to determine the exhaust gas and the SCR

process temperature, an upstream NOx sensor to determine the injected urea/water

solution mass by feedforward control, a downstream NOx sensor for feedback con-

trol and a NH3 sensor to detect the amount of NH3 slip. The tank system for AdBlue

needs a level sensor and a heater to avoid freezing (< −11◦C), a pump and a solenoid

valve for metering. The urea/water solution may be supported by an air stream in

the case of commercial vehicles. The injection of the urea/water solution starts if

the SCR catalyst has obtained an operating temperature of 250-450◦C. A signal-

flow scheme for SCR control according to Guzzella and Onder (2010), Elsener et al

(2003) and Schär (2003), is depicted in Fig. 8.9.17.
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Fig. 8.9.16. Exhaust gas after-treatment systems and possible sensors. a 1 exhaust manifold,

2 oxidation catalyst, 3 NOx storage catalyst, 4 particulate filter. b 1 exhaust manifold, 2 SCR

catalyst, 3 oxidation catalyst, 4 particulate filter, 5 urea-water tank.
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Fig. 8.9.17. Signal flow for a SCR catalyst control system, Guzzella and Onder (2010), Elsener

et al (2003).

The concentration of NOx in the raw emissions varies considerably with the en-

gine torque and speed. On the other side the operating capacity of a SCR catalyst

depends on the incoming cNOx, the exhaust gas mass flow rate ṁexh and the catalyst

temperature Tscr,cat. Therefore, the desired reference value cNOx,6,d of the reachable

NOx-concentration after the SCR catalyst has to be adapted to these limitations. This

becomes possible by an inverted SCR catalyst model, assuming a certain NH3 slip

cNH3,5 as, e.g. 10 or 20 ppm. The set point of cNOx,6 control is a function of

cNOx,6,d = f(Meng, neng, ṁexh, T4, T6, cNOx,4) (8.9.12)
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and is stored in a look-up table. The exhaust gas temperatures T4 and T6 are used

to determine the catalyst temperature Tscr,cat applying a thermal model and a state

variable observer. The injected urea/water mass flow ṁus can be calculated from

the SCR model using the NH3 equivalent α = ṁNH3/ṁNOx,4 to the determined

raw emission cNOx,4, taking the NH3-slip into account. This value is directly used

to manipulate the dosing valve as feedforward control, see Fig. 8.9.17. Measure-

ment of cNOx,6 downstream of the SCR-catalyst allows feedback control with e.g. a

PI-controller, see Seher et al (2003). The dynamic behavior of the SCR-catalyst is

determined by the storage behavior of NH3, NOx and heat, which can be modeled by

three balance equations with cross couplings. Results with identification methods are

described in Tayamon et al (2011), see also van Nieuwstadt and Upadjyay (2000).

The measurement of NOx, e.g. based on sensors with ZrO2 and oxygen pumps

may show a strong cross sensitivity to NH3 such that special means have to be applied

to separate NOx from NH3 measurements. For more details see e.g. Guzzella and

Onder (2010), Hülser et al (2011).

The sequence SCR-cat, DOC, PF depicted in Fig. 8.9.16 is one example. There

exist several other arrangements, such as DOC, SCR-cat, PF or DOC, PF, SCR-

cat. The selection depends, e.g. on the mutual thermal and emission concentration

couplings, see Mollenhauer and Tschöke (2010).

c) Reduction of particulate matter

Particulate filters remove emitted particulates consisting of carbon, ash and unburned

hydrocarbons in the size of < 100 nm. One distinguishes wall-flow filters and open

separators. The wall-flow filters are composed of porous ceramics of cordierite or

silicon carbide. They consist of a large number of parallel channels which are al-

ternatively closed by ceramic plugs in the front or the back, such that the exhaust

gases have to flow through the porous wall with a large surface. The particulates

then adhere to the porous wall surface, forming increasingly layers of soot (surface

filtration). The retention rate is up to 95% for particles of the size 10 to 1000 nm.

Another wall-flow filter type is a sintered metal filter consisting of filter cells with

large cross areas at the beginning which then become smaller downstream.

Because the increasing soot layer lets the flow resistance grow the particulate

filter must be cleaned by a regeneration process at certain intervals, after about 800

to 2000 km of driving. The collected soot is then burnt off with exhaust gases at

temperatures above 600◦C. As these temperatures are usually not reached in normal

driving the exhaust temperature is increased by retarded main injection, or post in-

jection and reducing the air mass by a throttle valve. Depending on the load these

measures have to be combined properly, Mollenhauer and Tschöke (2010). In order

not to lose much heat the particulate filters are placed close to the exhaust manifold,

frequently combined with the DOC.

8.9.4 Particulate filter control

The regeneration of the particulate matter requires the detection of the particulate

loading. A first possibility for the detection of the particulate filter loading state
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(PFLS) is the increase of the pressure drop over the filter, see Fig. 8.9.16,

ΔpPF = f
(
V̇EG

)
(8.9.13)

which depends on the exhaust gas volume flow rate and the PFLS. The pressure drop

in porous structures follows, van Basshuysen and Schäfer (2007)

Δp = k l
(1− ε)

2

ε3

(
Sp

Vp

)2

η v (8.9.14)

with

l length of filter Vp porous volume

ε porous volume / filter volume η dynamic viscosity

Sp porous surface v inlet velocity

If it exceeds the volume flow dependent pressure drop of the empty filter by a certain

factor the PF is assumed to be loaded

ΔΔpPF = ΔpPF

(
V̇EG

)
−ΔpPF,empty

(
V̇EG

)
. (8.9.15)

The pressure drop increases about linearly with the operating time for a constant

operating point, e.g. from 50 mbar to 100 mbar in 12 hrs, Hülser et al (2003). How-

ever, because the pressure drop also depends on the particulate size population, the

location in the porous filter and ashes content (from oil), it is not solely a reliable

measure for the PFLC.

Therefore, in addition a particulate loading model is required. It is based on a

mass-balance equation

ṁc,st(t) = ṁc,in(t)− ṁc,out(t) (8.9.16)

where mc,st is the stored particulate mass, and ṁc,in and ṁc,out are the incoming

and outgoing particulate mass flow rates. ṁc,in is the engine test bench calibrated

particulate generation and ṁc,out includes the particulate reduction through oxida-

tion with NO2, thermal burning and fluid mechanic PF storage, Bauder et al (2006).

Measurements with truck diesel engines show, that the stored particulate mass is

approximately linear to each the fuel consumption, the driving time and the driven

distance, Gärtner (2009).

The regeneration of the particulate filter is started based on a combined evalua-

tion of the pressure drop, the calculated accumulated particulate mass based on the

loading model, the driven distance (e.g. 800 to 2000 km), and the accumulated fuel

consumption, Hülser et al (2003), Bauder et al (2006). The regeneration requires an

increased exhaust gas temperature of about 600◦C. As this temperature is usually

much lower for diesel engines, it is reached by a combination of late main injection,

late additional injections and a reduced air flow by a throttle valve (at low loads).

The exhaust temperature at the outlet valve then increases and, in addition, through
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exothermic reaction of unburned hydrocarbons in the oxidation catalytic converter

(DOC). For truck engines extra fuel is injected in front of the DOC to increase the

exhaust temperature.

The regeneration process mainly consists of the oxidation of various components

such as soot, hydrocarbons, dust etc. The oxidation is a heterogeneous reaction and

may be described by reaction kinetics. Therefore the Arrhenius law can be applied

to describe the reaction rate

dmc,st

dt
= −k0 m

m
c,st p

n
O2 e

− E
R T (8.9.17)

where mc,st is the relative particulate mass, pO2 the partial pressure of oxygen, E
the actuation energy (about 140 kJ/mol), R the gas constant, T the gas temperature

and k0 a constant, Mayer et al (1996).

However, these relatively simple equations give only first hints for influencing

variables. A more detailed modeling of the loading and regeneration requires the

description of the flow and reaction mechanisms and their distribution over the cross

sections and length of the filter, see e.g. Konstandopoulos et al (2002), Hoßfeld and

Kaiser (2003), Hinterberger et al (2006).

The regeneration management has to be coordinated such, that the torque genera-

tion is not influenced and that the exhaust gas after the DOC contains enough oxygen

for burning the particulates. Therefore the oxygen content before the PF is measured

by a λ-sensor, Bauder et al (2006).

Fig. 8.9.18 depicts a block diagram for the control functions during the regenera-

tion of the PF. The decision for starting the regeneration process follows a combined

logic evaluation of the difference pressure and/or the soot loading model and/or the

driven distance exceeding certain thresholds. Then the reference value is given to a

cascaded control system, where T6 is the main and T4 is the minor control variable.

The manipulation variables are a combination of retarded main injection, secondary

late injection and throttling of intake-air dependent on the torque and engine speed,

see Robert Bosch GmbH (2011), Mattes et al (2004).

The supervision of the particulate filter can be based on the difference pressure

ΔpPF. If it is too low the PF has a defect, e.g. a leak. If it is too high (>200 mbar) and

regeneration does not reduce the difference pressure the PF is congested. In addition

all sensors undergo plausibility checks.

Open particle separators have cells at the entrance where the flow is accelerated

to a porous channel wall. The exhaust gases then penetrate into the walls and build

up soot at the beginning of the loading phase. As with increasing resistance the pen-

etration of the cells is bypassed, the efficiency of filtering is on average between 30

and 70% only, Mollenhauer and Tschöke (2010).
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sraum. Fortschr.-Ber. VDI Reihe 8, 244. VDI Verlag, Düsseldorf

Magnussen B, Hjertager B (1977) Onmathematical modeling of turbulent combus-

tion with special emphasis on soot formation and combustion. Int Symp on Co-

mubstion 16(1):719–729

Mattes W, Mayr K, Neuhauser W, Steinparzer F (2004) The BMW six-cylinder diesel

engine Euro 4 technology. MTZ worldwide edition 65(7–8):7–11

Mayer A, Emig G, Gmehling B, Popovska N, Holemann K, Buck A (1996) Passive

regeneration of catalyst-coated knitted-fiber diesel particulate traps. SAE transac-

tions 105(4):36–44

Merker G, Schwarz C, Stiesch G, Otto F (2006) Simulating combustion. Springer,

Berlin

MJ van Nieuwstadt, Kolmanovsky I, Moraal P, Stefanopoulou A, Jankovic M (2000)

Egr-vgt control schemes: experimental comparison for a high-speed diesel engine.

Control Systems, IEEE 20(3):63–79
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und dynamische luftmassenerfassung für direkteinspritzende dieselmotoren. In:

Symposium Steuerungsysteme für den Antriebsstrang, Berlin, Germany

Pfeil K (2011) Ladedruck- und Luftmassenregelung von aufgeladenen Dieselmo-

toren mit lokal linearen Modellen und Optimierung des dynamischen Emis-

sionsverhaltens im Rauchbetrieb. Dissertation Technische Universität Darmstadt.

Fortschr.-Ber. VDI Reihe 12, 744, VDI Verlag, Düsseldorf

Pfeil K, Zimmerschied R, Isermann R (2007a) Automated parameterization of the

egr-/vgt-controller of turbo-charged diesel engines by means of nonlinear identi-

fication of the air- and exhaust manifold. In: 7. Internationales Stuttgarter Sympo-

sium. Automobil- und Motorentechnik, Stuttgart

Pfeil K, Zimmerschied R, Isermann R (2007b) Nichtlineare Identifikation des

Luftpfads von aufgeladenen Dieselmotoren und automatisierter AGR-/VTG-

Reglerentwurf. at - Automatisierungstechnik 55

Pischinger R, Kell M, Sams T (2009) Thermodynamik der Verbrennungskraft-

maschinen, 3rd edn. Springer, Wien and New York
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baden, Germany
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Concluding remarks

This book treats methods for modeling and control of gasoline and diesel engines

in order to cope with the increasing complexity of advanced engine management

systems. The models of the components and processes of the engines are as far as

possible based on physical/chemical principles and are combined with experimental

methods to describe the stationary as well as the dynamic behavior. These models

are dedicated to be used for the control design, real-time simulation and control

calibration and adaptation. Therefore, the models are simplified as far as possible,

making compromises between precision and computational effort.

A focus was set on the experimental way of modeling with special identifica-

tion methods to obtain local and global, mostly nonlinear models and to represent

them in grid-based maps, polynomial equations and differential or difference equa-

tions. Whereas in the past engine control was mainly oriented on the stationary

behavior, the dynamic behavior has become important too, to meet the increasing

requirements with regard to real driving. Physical and semi-physical models have

been derived for the components of combustion engines, including the air system,

fuel system, combustion process, torque generation, exhaust system, with emissions,

coolant and lubrication system and VVT, related actuators, and sensors. A signal-

flow-based structure of the engine control system allows to develop and to calibrate

various digital feedforward and feedback controllers systematically, making use of

the models and optimization methods for gasoline and diesel engines. The various

steps of the workflow for the control design and calibration is outlined as well as the

related software development, including, for example, hardware-in-the-loop simula-

tion and computer-based control prototyping. Results are shown by simulations and

measurements with engines on test benches.

A further demanding application of signal and process models is the monitoring
and diagnosis of the engine components and processes. This will be treated in another

book with the title

Powertrain Diagnosis
– Model-based condition monitoring of internal combustion engines

and electrical drives –

which will also be published with Springer Verlag around 2015/16.
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