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Preface

Advanced Vehicle Technology has been written
with the aim of presenting an up-to-date, broad-
based and in-depth treatise devoted to the design,
construction and maintenance of the engine and
its auxiliary equipment in a clear and precise
manner.

The intention is to introduce and explain
fundamental automotive engineering concepts
so that the reader can appreciate design con-
siderations and grasp an understanding of the
difficulties the manufacturer has in producing
components which satisfy the designers require-
ments and the production engineer and mainte-
nance assessibility. This will enable the mechanic
or technician to develop an enquiring mind to
search for and reason out symptoms leading to
the diagnosis and rectification of component
faults.

Line drawings are used to illustrate basic princi-
ples and construction details. Photographs of

ix

dismantled or assembled components are deliber-
ately excluded because these can be obtained
from any manufacturer’s repair manual and do
not adequately explain the information which is
being sought.

This follows on from Vekhicle and Engine Tech-
nology and covers the engine technology for
levels 2 and 3 of CGLI 383 Repair and Servicing
of Road Vehicles, underpinning knowledge for
level 3 NVQ Motor Vehicle Engines, and the
engine technology for BTEC National Certificate/
Diploma Motor Vehicle Engineering. In addi-
tion, the content and depth of this text encompas-
ses the engine technology modules for both the
BTEC Higher National Certificate/Diploma in
Motor Vehicle Engineering and the Institute of
the Road Transport Engineers.

Heinz Heisler
1994
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Valves and Camshafts

1.1 Engine valve timing
diagrams
(Figs1.1,1.2and 1.3)

In its simplest form the inlet valve is open and the
exhaust valve is closed at top dead centre (TDC)
on the piston’s outward induction stroke (Fig.
1.1). As the piston initially accelerates and then
decelerates down its stroke, it creates a depress-
ion which induces the fresh charge to enter and filt
the expanding cylinder space. Towards the end of
its induction stroke the piston slows down and
momentarily comes to rest at bottom dead centre
(BDC).

At the end of the induction stroke the piston
reverses its direction of motion and, at the same
time, the inlet valve is made to close, the piston

IIC|PE

Fig. 1.1 [lllustration of the four-stroke cycle

then moves inward towards the cylinder head on
its compression stroke so that the cylinder volume
is reduced with a corresponding rise in the cylin-
der charge pressure.

As the piston approaches the end of its com-
pression stroke, it slows down, comes to a halt
and then changes its direction of motion. The
cylinder charge is then ignited by either a spark if
it is a petrol engine or by the heat generated
during the compression stroke in the case of a
diesel engine, which accordingly causes the mix-
ture of air and fuel to burn. The resulting pressure
rise forces the piston outwards on its power
stroke.

When the piston reaches the end of its power
stroke and comes to a standstill, the exhaust valve
opens, the piston then reverses its direction of
movement and sweeps up the cylinder bore, thus
clearing out all the burnt gas products on its
exhaust stroke ready for the next induction
stroke.

The clearing out of the exhaust gases from the
cylinder is improved by opening the exhaust valve
before the piston has completed its power stroke
and then delaying the closure of this valve until
the piston has swept the cylinder on its exhaust
stroke. The piston then reverses its direction of
motion and commences its induction stroke (Fig.
1.2(a and b}).

Similarly, to improve the filling of the cylinder
with a fresh charge, the inlet valve is designed to
open just before the piston reaches TDC on its
exhaust stroke. The inlet valve then remains open
for the full induction stroke and the early part of
the piston’s compression stroke (Fig. 1.2(a and
b)).

The angular crank movement which occurs
when the inlet or exhaust valve opens before
TDC or BDC, is referred to as the valve lead
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BDC

{a) Circular valve
timing diagram

Fig. 1.2 Valve timing diagrams

angle, and the crank-angle movement, after an
inlet or exhaust valve closes after TDC or BDC, is
called the valve lag angle. The total angular
movement when both inlet and exhaust valves are
open simultaneously in the TDC region is then
known as the overlap period.

When the inlet and exhaust valve opening
periods are combined as two semi-circles, then
the resulting configuration is known as a circular
valve timing diagram (Fig. 1.2(a)).

If an overall picture of the four operating
periods—induction, compression, power and ex-
haust—is required, then they can be shown
altogether on a spiral valve timing diagram (Fig.
1.2(b}).

A better appreciation of the progressive open-
ing and then closing of both the induction and
exhaust valves and their overlap is well illustrated
by a linear valve opening area timing diagram
(Fig. 1.3). The diagram shows that for the first 20°
opening and the last 20° closing of the valves,
there is very little valve opening area, but be-
tween these two extremes the valve opening area
changes rapidly.

BDC

(b} Spiral valve
timing diagram

1.1.1 Exhaust valve opening and
closing periods
(Figs 1.2(aand b), 1.4 and 1.5)

To maximize the expulsion of the exhaust gases
from the cylinder the cam opens the exhaust valve
as the piston stows down on its approach to BDC
towards the end of its power stroke (before
BDC). Consequently, when the exhaust valve
opens, the bulk of the gases that may still be at a
pressure of 3-4 bar will be expelled by their own
kinetic energy through the exhaust system to the
atmosphere (Fig. 1.4). This rejection of the ex-
haust gases is sometimes referred to as exhaust
blowdown. It only remains for the piston to sweep
the residual gases out on the inward moving
exhaust stroke with the minimum of negative
work. The early expulsion of the majority of gases
by their own energy speeds up the exhaustion of
the gases from the cylinder and minimizes the
work done on the exhaust stroke by the piston.
However, the early opening of the exhaust valve
on the piston’s power stroke is not such a great
loss since the exhaust valve only opens when the
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Fig. 1.4 The effects of exhaust valve early opening
greatly exaggerated

piston is reducing its speed and the crankshaft is
revolving in the ineffective crank-angle region;
that is, the piston approaches BDC with the
effective perpendicular crank-pin offset at a
minimum.

The exhaust valve is kept open for the whole of
the piston’s inward exhaust stroke movement as
well as at the beginning of the piston’s induction
stroke. The delay in closing the exhaust valve
until the crankshaft has moved past TDC at the
beginning of the outward piston induction stroke
makes use of the outrushing gases leaving behind
a partial vacuum in the exhaust port and the
combustion chamber (Fig. 1.5). This encourages
the fresh charge to enter the combustion chamber
space when the inlet valve has only partially
opened even though the piston has slowed down
almost to a standstill and therefore cannot create
the vacuum pump effect above the piston. If the
exhaust valve closing lag is very large then, at low
speed, the fresh charge will chase the last of the
exhaust gases across the combustion chamber and
may actually follow these spent gases out of the
exhaust port into the exhaust manifold.

High velocity
created

©
[=]
o depression
-]
o

Inertia of
Fresh charge gas plug
drawn into
cylinder due
to depression

in exhaust port

Fig. 1.5 Effects of valve overlap at high-speed large
throttle opening

1.1.2 Inlet valve opening period
(Figs1.2,1.3 and 1.6)

To induce as much fresh charge as possible into
the cylinder, the inlet valve starts to open towards
the end of the piston’s exhaust stroke when the
outgoing column of burnt gas in the exhaust port
still has sufficient velocity to form a depression in
its wake (behind it in the exhaust port and
combustion chamber). As a result, the fresh
charge in the induction port will be drawn in the
direction of the escaping exhaust gases, so that, in
effect, it fills and occupies the combustion cham-
ber space as it sweeps out the remaining products
of combustion.

If the inlet valve opens very early towards the
end of the exhaust stroke, some of the exhaust
gases will actually be pushed back through the
inlet valve into the induction manifold instead of
passing out through the exhaust port. This may
occur particularly under part throttle conditions,
when the average depression in the induction
manifold may be far greater than in the cylinder,
as the piston is approaching TDC towards the end
of the exhaust stroke. The inlet valve then re-
mains open for the complete outward movement
of the piston on its induction stroke and for some
of the return compression stroke.

The crank-angle lag after BDC before the inlet
valve closes is there to utilize the inertia of the




EQ Delayed clasing of
inlet valve enables
a high velocity ram

,7/*3 effect to oceur

Ram plug 5
of frash oov;)o
charge 0006000 o
066080003 Increased
density of
charge

Fig. 1.6 Effect of inlet valve late closing at high-
speed large throttle opening

fresh charge moving through the induction mani-
fold tract and valve port. It therefore provides
more time towards the end of the induction phase
when the momentum of the fresh charge has built
up a slight positive pressure so that the column of
charge rams itself into the cylinder, thereby rais-
ing the density of the cylinder charge (Fig. 1.6).

Delaying the closure of the inlet valve until
after BDC, when the piston has commenced its
compression stroke, improves the cylinder
volumetric efficiency in the medium to high en-
gine-speed range. However, at lower engine
speeds there is insufficient density and momen-
tum of air, or air and petrol mixture, to pile into
the cylinder to boost the charge mass. In fact, the
inward movement of the piston on its compress-
jon stroke will oppose and actually push back
some of the newly arrived charge through to the
induction manifold with the result that the effec-
tive cylinder charge is much reduced. For exam-
ple, if the engine is rotating at its minimum speed
with a wide-open throttle and the inlet valve
closes 60° after BDC, then roughly one-fifth of
the cylinder’s swept volume will be returned to
the induction port and manifold before the effec-
tive part of the compression stroke commences.
Hence. not only will there be a 20% volumetric
efficiency reduction, but the shortened compress-
ion stroke would lower a nominal compression
ratio of 10:1 down to something like 7:1.

1.1.3 Effect of inlet valve closing lag
(Figs 1.7 and 1.8)

The volumetric efficiency variation characteristic
over an engine's speed range represents a mea-
sure of the torque the engine is capable of produc-
ing; therefore, induction and exhaust tuning of
the valve timing for the highest possible overall
volumetric efficiency is fundamental to maximize
and spread out the engine’s response and per-
formance.

Delaying the closing of the inlet valve means
that the piston pushes back a portion of the fresh
charge at low engine speed as the piston moves up
its compression stroke before the inlet valve
closes. However, as the engine speed rises the
momentum of the air, or air and petrol mixture,
increases as it rushes through the induction tract
and port on its way into the cylinder. Subse-
quently, the charge molecules move closer
together so that when they enter the cylinder they
ram into the expanded and less dense charge
filling the cylinder (Fig. 1.6). This condition con-
tinues throughout the induction stroke and on the
early part of the compression stroke causing the
continuous fast-moving pulses to pressurize and
pump more and more charge into the cylinder
even when the piston on its return stroke reduces
the cylinder volume.

The benefits of inertia ramming of a moving
column of induction charge, as opposed to flow-
back caused by the reduction in cylinder space on
the return stroke before the inlet valve closes,
becomes counter-productive at low engine
speeds. This is because the low induction velocity
is insufficient to generate a high enough pressure
pulse for cylinder cramming and, therefore, in-
stead of extra charge being contained in the
cylinder, some of it will actually be expelled back
to the induction port and manifold,

Consequently, if there is a large inlet valve lag,
say 80°, (Fig. 1.7) there will be a fall-off in
volumetric efficiency as the engine speed de-
creases due to the reduction in charge velocity
ramming, permitting an increasing amount of
inlet valve flow-back to occur. Conversely, if the
inlet valve closing lag is small and is well within
the ineffective crank-angle movement, say 40°,
(Fig. 1.7) the volumetric efficiency will be at a
maximum at low engine speeds, but this falls
progressively as the speed rises because there is
an insufficient inlet valve late closing ram effect to
compensate for the shortening cylinder filling
time. Neither the large 80° lag or the small 40°
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Fig. 1.7 Effects of engine speed on volumetric
efficiency for different inlet valve closings after BOC

iniet valve closing lag satisfies the overall speed
range of either a petrol or diesel engine suitable
for car or commercial vehicle applications. Thus,
by compromising and selecting a moderate inlet
valve lag, say, 60°, (Fig. 1.7), the resultant induc-
tion positive ram charge and the negative cylinder
flow-back provides the most effective volumetric
efficiency improvement over the mid-speed
range. There will be some degree of inlet valve
flow-back response reducing the cylinder filling at
low speed, but this will be contrasted by the inlet
valve delayed closure inertia response preventing
too much decline in cylinder breathing capability
at high engine speeds.

The relationship between volumetric efficiency
and inlet valve closing lag, at different constant
engine speeds, is very well illustrated in Fig. 1.8.
The graphs show that at a low engine speed of
2000 rev/min, there is a considerable reduction in
volumetric efficiency as the inlet valve closing lag
is prolonged, indicating that at low engine speeds
the inertia impulse pressure charging is ineffec-
tive. However, at a high engine speed of 6000 rev/
min the inertia ram charge improves the
volumetric efficiency when the inlet valve closing
lag is extended (Fig. 1.8). Eventually, the flow-
back factor opposing the inertia ram pressure
charging predominates, thus causing the
volumetric efficiency to decrease fairly rapidly
when the inlet valve delaying closure exceeds 65°.
In the mid-speed range of 4000rev/min the
volumetric efficiency remains consistent as the
intet valve closing lag increases from 40° to about
60°, after that, there is a noticeable decline in

Volumetric efficiency (%)

Inlet valve closing after BDC

Fig. 1.8 Effects of inlet valve closing after BDC on
volumetric efficiency for different engine speeds

volumetric efficiency caused by the flow-back
response of the piston, pumping a proportion of
the fresh charge back into the induction port
before the bulk of the charge is trapped in the
cylinder by the closure of the inlet valve. Never-
theless, the decline in breathing capacity in the
mid-speed range of 4000 rev/min is superior to
that when the engine is running at 2000 rev/min,
but inferior to the engine operating at 6000 rev/
min (Fig. 1.8). These volumetric efficiencies
demonstrate the necessity of engine speed and,
correspondingly, induction charge velacity for
boosting inertia ram charging in conjunction with
increasing inlet valve closing lag.

1.1.4 Valve overlap limitations
(Figs 1.9,1.10 and 1.11)

The benefits of delaying the exhaust closing while
opening the inlet valve earlier, so that both inlet
and exhaust opening periods overlap each other,
are better cylinder clearing and filling in the mid
to upper speed range of the engine.

The improvement in cylinder volumetric
efficiency owing to the extended valve overiap is
caused by the high exit velocity of the exhaust
gases establishing a depression in the exhaust port
and manifold branches, this greatly assists in
drawing in fresh air or mixture, for diesel and
petrol engines respectively, from the induction
manifold even before the piston has completed its
exhaust stroke in the ineffective piston-stroke




region where the piston is not able to perform as a
vacuum pump.

Unfortunately, the advantage of opening the
inlet valve early and closing the exhaust valve late
has various detrimental side effects which are not
compatible with the minimization of exhaust
pollution.

Exhaust valve closing lag induces a fresh charge
to enter the combustion chamber and cylinder
during the ineffective part of the piston stroke—
at the end of the exhaust stroke and the beginning
of the induction period—when the engine is
running in the higher speed band. However, as
the engine speed is reduced, some of the fresh
charge will not only enter the cylinder but will
actually be carried out with the fast moving burnt
gases into the exhaust system. The loss of fresh
charge to the exhaust will become more pro-
nounced as the exhaust valve lag is extended and
the engine speed is reduced (Fig. 1.9). Conse-
quently, this will show up in an increasing amount
of unburnt and partially burnt exhaust gas in the
form of larger quantities of hydrocarbon and
carbon monexide being present in the exhaust
composition.

The inlet valve opening lead provides an oppor-
tunity for fresh charge to commence entering the
cylinder early, providing there is a difference of
pressure across the partially opened inlet valve
sufficient to force the fresh charge into the com-
bustion chamber and cylinder space. This is not
only possible with a wide open throttle but it is
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Fig. 1.9 Effects of exhaust valve delayed closing on
expelled exhaust gas composition

also an effective way of initiating the beginning of
induction. However, as the throttle opening is
progressively reduced, the manifold depression
rises until there may be a reversal of conditions
within the cylinder and manifold, and, in fact, the
mean depression in the induction manifold may,
at the end of the exhaust stroke, be greater than
in the cylinder. Under these part throttle condi-
tions, some of the exhaust gas escaping from the
cylinder will not only go out of the exhaust port,
but will also be drawn back through the induction
port into the induction manifold where it origin-
ated before being burnt (Fig. 1.10).

o o = Induction charge
e « = Exhaust gas

Fig. 1.10 Effects of valve overlap at low-speed small throttle opening
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Fig. 1.11 Effects of early inlet valve opening on
expelled exhaust gas composition

Consequently, the fresh charge in the induction
manifold will be diluted by the exhaust gas,
making it difficult for the new charge, when it
enters the cylinder, to burn effectively in the time
available. Therefore, a proportion of exhaust gas
subsequently expelled through the exhaust port
will not have completed the combustion process,
this being reflected by a higher hydrocarbon and
carbon-monoxide content. Note the increasing
amount of exhaust emission as the injet valve lead
becomes larger (Fig. 1.11).

Survey of valve timing diagrams
(Fig.1.12(a, b, cand d))
Popular crank angle displacements for both inlet
and exhaust valve leads and lags may vary con-
siderably for engines designed for similar operat-
ing conditions.

Broadly speaking, engine applications can be
broken up into four groups.

i Saloon cars powered by either petrol or diesel
high-speed engines.

ii Commercial goods and passenger public-
service vehicles powered by slow to medium-
speed diesel engines.

iii Industrial and marine low-speed diesel en-
gines.

iv Competition and racing petrol engines.

A survey of a large number of petrol and diesel
engine valve timing diagrams suitable for both on
and off road applications (Fig. 1.12{a})) fell within
the following ranges.

Inlet valve opening before TDC 10°-30°

Inlet valve closing after BDC 40°-75°
Exhaust valve opening before BDC 40°-75°
Exhaust valve closing after TDC 10°-30°

A typical valve timing diagram (Fig. 1.12(b))
for a saloon car has an inlet opening valve lead
and closing lag of 18° and 64° respectively, where-
as the exhaust valve lead and lag is 58° and 22°
respectively. This, therefore, provides a 40° valve
overlap which promotes good final clearance of
exhaust gases from the cylinder and an carly
effective commencement of the induction
period.

The general concept of utilizing valve overlap
to improve the engine breathing is effective when
there is an unhindered supply of fresh charge in
the induction manifold, but under certain speed
and part throttle conditions small amounts of
exhaust gas dilute the fresh charge, thereby slow-
ing down the combustion process. In addition,
fresh charge and incomplete combustion products
due to the contamination of the fresh charge may
be expelled through the exhaust port causing high
levels of hydrocarbon and carbon monoxide to
come out of the exhaust system. Consequently,
there has been a move towards reducing the valve
overlap to counteract the mixing of exhaust gas
with the fresh charge, and the loss of fresh charge
out from the exhaust port. A compromise of a
more modest inlet valve opening, 10°, and ex-
haust valve closing of something like 15° provid-
ing an overlap of 25° tends to satisfy the pollution
problem without greatly affecting performance
(Fig. 1.12(b)).

Diesel engines which do not have throttled
induction and only inhale fresh air do not suffer
pollution caused by valve overlap and, therefore,
can benefit by late closing of the exhaust valve.
Supercharged diesel (turbo or positively driven)
can benefit from a large inlet valve opening lead
and, similarly, large exhaust valve closing lag
since these engines only have to deal with air as a
blow-through media. Therefore, the valve over-
lap can be extended, but only up to a point where,
under certain driving conditions, the exhaust gas
is expelled into the induction manifold, or a very
late closing of the exhaust valve interferes with
the ram filling of the cylinder through the induc-
tion manifold. Large diesel engines which have
been purposely designed for supercharging would
therefore have their valve timing (Fig. 1.12(c))
comforming approximately to the following.
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Fig. 1.12 Survey of valve timing diagram

Inlet valve opening before TDC 25°-45°
Inlet valve closing after BDC 50°
Exhaust valve opening before BDC 55°
Exhaust valve closing after TDC 25°-45°

Competition naturally-aspirated engines, which
operate at high speeds over a relatively narrow
speed range in conjunction with a close ratio gear
box, can usually take advantage of very large inlet
and exhaust valve leads and lags (Fig. 1.12(d))
without having to consider fuel economy and
exhaust emission.

Valve timing periods for these operating condi-
tions would roughly be as follows.

Inlet valve opening before TDC 40°
Inlet valve closing after BDC 80°
Exhaust valve opening before BDC 80°
Exhaust valve closing after TDC 40°

BDC

{d)} Petrol racing engine naturally aspirated

1.1.5 Variable inlet valve timing
(Fig. 1.13(a, b, cand d))

The pros and cons of variable inlet valve
timing

(Fig. 1.13(a))

Engine valve timing is designed to produce a
valve overlap period between the inlet valve
commencing to open at the start of the induction
period before TDC and the closure of the exhaust
valve at the end of the exhaust period just after
TDC.

Valve overlap is designed to make use of the
outgoing exhaust gas momentum leaving behind a
depression that induces a fresh charge to enter the
combustion chamber when the piston is near
TDC in the ineffective part of the piston’s stroke
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and, therefore, it cannot contribute to the induc-
tion process.

The benefits gained by increasing the valve
overlap are only realized in the upper speed and
load range, and not in starting and low-speed
running conditions. With a large valve overlap,
some fresh unburnt charge will be expelled into
the exhaust manifold which, accordingly, in-
creases the hydrocarbon exhaust emission. Con-
versely, residual exhaust gas may actually be
drawn into the induction manifold under part
throttle and idling conditions and therefore it
contaminates and dilutes the fresh mixture enter-
ing the cylinder.

Partially to meet the conflicting engine require-
ments, twin camshaft engines can have a variable
timing drive sprocket mounted on the front end of
the inlet camshaft which is able to advance or
retard the inlet valve angular opening and closing
points relative to the fixed exhaust camshaft to
crankshaft timing. The characteristics of this vari-
able inlet valve opening point mechanism are that
the total induction period remains constant but
the start and finish points are variable (Fig.
1.13(a)). One drawback of this type of variable
inlet timing mechanism is that when the inlet
valve opening lead and valve overlap are in-
creased, it is at the expense of the inlet valve
closing lag, which is correspondingly reduced by
the same amount. Thus, at high speed and wide-
open throttle conditions, when a delayed inlet
valve closure is desirable to take advantage of the
inertia of the fresh charge ramming itself into the
cylinder towards the end of the induction period
just after BDC, the reverse happens—the inlet
valve point of closure is made to occur earlier,
thereby cutting short the final cylinder filling
when the piston inward movement is still small
relative to the crank angle displacement.

The overall gain in expelling the last of the
exhaust gases from the unswept combustion space
and encouraging an early inducement of fresh
charge to enter the cylinder, outweighs that lost
by reducing the inlet valve closure lag after BDC
and, at the same time, the larger inlet valve
closing lag reduces the effective compression ratio
at idling speed, which is beneficial for good
low-speed tick-over stability.
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Operation of variable timing sprocket drive
unit

(Fig. 1.13(b, c and d))

The main components of the sprocket drive unit
are a timing piston with internal straight splines
and external helical splines, an internal helical
splined sleeve sprocket, an external straight-
splined hub shaft mounted on the camshaft, a
control plunger and an external control solenoid.

Minimum valve overlap

(Fig. 1.13(b))

When the engine is running and the solenoid stem
is withdrawn, engine lubrication under pressure
enters the camshaft from the bearing pedestal,
flows axially towards the hub end of the camshaft,
it is then diverted radially to the surface of the
hub shaft and the bore of the timing piston. Qil
then passes between the clearance space formed
between the meshing piston and hub shaft straight
splines, it is then directed radially inwards, passes
through the centre of the control plunger and
finally escapes to the sump via the relief hole in
the side of the plunger.

Maximum valve overlap

(Fig. 1.13(c and d})

At some predetermined speed and load condition
the solenoid is actuated by the electronic petrol
injection and ignition management system, this
extends the solenoid stem, pushing the control-
plunger into the end plate until it covers the relief
hole in its side. Immediately, the oil low from the
plunger is blocked, which therefore pressurizes
the stepped side of the timing piston. As a result,
the timing piston is forced to move towards the
flanged end of the hubshaft, and as it does so, the
external helical piston splines progressively screw
the matching internal helical sleeve splines, thus
causing the sleeve and sprocket to rotate in a
forward direction relative to the hubshaft which is
attached to the camshaft. Accordingly, the inlet
valve lead will be increased and the inlet valve lag
will decrease by the amount of relative angular
twist imposed on the sleeve and sprocket as the
piston slides along the external sleeve splines
from the left-hand to the right-hand end.




1.2 Valve operating
conditions

1.2.1 Heat absorption and dissipation
of an exhaust valve
(Fig. 1.14)

The quantity of heat absorbed by the valve when
heat is released from the products of combustion
amounts roughly to 70% by conduction through
the valve head when it is closed, and 30% by
conduction through the fillet underside of the
valve when it is open and the exhaust gas is
escaping through the exhaust port (Fig. 1.14).
When the valve is closed, about 70% of the
total heat input from the heat released by com-
bustion is transferred by conduction to the cylin-
der head coolant by way of the valve seat, and
only 24% of the total heat input to the valve is

NN

24% heat
down stem
and out
through

Outflow
of exhaust
gases

76% heat

70% heat through
input seat to
through cylinder head
input through valve head
valva fillat

100% heat input 1o valve
caused by combustion

Fig. 1.14 Heat absorption and dissipation of an
exhaust valve
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conveyed through the valve stem to the cylinder
head coolant via the valve guide.

The majority of heat taken in by the vaive is
transferred to the coolant by conduction through
the relatively large circumferential valve-seat heat
path when the valve is closed. However, when the
valve opens, the exhaust gas sweeps across the
throat of the valve on the way out and the only
way the heat can then be rejected from the valve
head s along the stender valve to the valve guide
and cylinder head. Thus. the hottest region of the
valve is generally not the centre of the valve head,
but below the valve head where the valve fillet
and parallel stem merge.

1.2.2 Valve operating temperature
strength and durability
(Figs 1.15and 1.16)

With rising temperature, the tensile strength of
the exhaust-valve alloy steel and nickel base
alloys decreases initially slowly and then at an
increasing rate as the temperature exceeds 600°C
{see Fig. 1.15).

However, although the short-term tensile
strength may appear to be adequate, its creep
strength or hot fatigue strength may be insuf-
ficient in the valve’s working temperature range
of between 700 and 900°C, Fig. 1.15 shows the hot
fatigue strength considerably lower over the same
temperature range. The inadequacy of most valve
materials is primarily due to the combination of
three kinds of loads imposed between the crown

500 T T T T

Ultimate
tensile 4
strength

400

300+

200+

Ultimate tensile strength (MN/m2)

Fatigue
strength
100 +
0 [ i ; L 1
600 700 800

Temperature {°C)

Fig. 1.16 Effect of temperature on strength of an
exhaust valve alloy steel
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and neck of the valve (Fig. 1.16(a, b and ¢)), the
stresses created are as follows:

1 the gas pressure compressive stress imparted to
the valve crown during every power stroke
(Fig. 1.16(a));

2 the radial (longitudinal) impact tensile stress
produced between the valve crown and neck
every time the valve closes (Fig. 1.16(b));

3 the hoop (circumferential) tensile stress
around the rim of the valve head caused by the
cyclic temperature expanding and contracting
the valve head (Fig. 1.16{c)).

If the combined dynamic and thermal cyclic
load of the valve head is excessive, then this will
cause the valve head to distort permanently and
eventually to collapse.

Unless the head section thickness is substantial,
the alternating deflection and cupping of the head
disc each time the valve closes may reduce the
heat transfer due to the poor seating of the valve
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and, accordingly, cause the operating tempera-
ture of the valve to rise.

1.2.3 Valve stem and guide clearance
(Fig. 1.17)

For optimum sliding between the valve stem and
guide the operating clearance should be just suf-
ficient to establish a lubrication film between the
rubbing pair under operating temperature condi-
tions. A small clearance is desirable since the
smaller the stem-to-guide clearance, the greater
the amount of heat transference from the stem to
the cylinder-head via the valve guide, this there-
fore enables the valve head to operate at lower
temperatures (Fig. 1.17). If the stem-to-guide
clearance is large, not only will this act as a heat
conduction barrier but it will produce scuffing of
the stem and a side thrust rocking motion caused
by the rocker arm contact on the valve tip.
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Fig. 1.17 Effect of valve stem-to-guide clearance on
exhaust valve temperature

Consequently, if there is a large clearance, the
guide and stem will wear, causing bell mouthing
of the guide bore at its ends and localized wear on
opposite sides of the valve stem where the tilting
stem makes contact with the guide bore.

1.2.4 Effects of engine speed and
ignition advance on exhaust valve
temperature

(Figs 1,18 and 1.19)

Rising engine speed increases the amount of heat
transferred from the valve to the cylinder-head
coolant in a given time, this then causes the heat
flow path from the valve head through the valve
seat and valve stem to become saturated. It
therefore becomes more difficult to dissipate
the heat absorbed by the valve head, and conse-
quently the valve head and seat temperatures will
rise, see Fig. 1.18.

The influence of ignition timing on exhaust
valve temperature is most marked; and, gener-
ally, advancing the point of ignition reduces the
mean exhaust valve temperature (Fig. 1.19). The
reason for this temperature reduction is because
more of the energy released by combustion is put
into doing useful work. Also, less heat is there-
fore absorbed by the valve neck and conducted
away via the valve stem when the exhaust gases
are expelled.

Over-advancing the engine, however, will pro-
duce the reverse results; that is, there will be a
marked rise in exhaust valve temperature.

i
mpele

600 — jawe nead @
o
e
= 400 .
5 Ture
3 remper?
E— L Va\VM
2

200

0 0.05 0.1 0.15 0.2

Valve stem-guide clearance (mm)

Fig. 1.18 [ffects of engine speed on exhaust wave
temperature

1.2.5 Sodium filled hollow exhaust
valves
(Fig. 1.20)

To improve the cooling of the head and throat
(underside) of exhaust valves operating at high
output or heavy duty conditions, a hollow valve
stem and, in exceptional circumstances, hollow
valve heads may be utilized in preference to
conventional solid-type valves. During manufac-
ture, the hollow valve is partially (40-50%) filled
with sodium crystals which melt at approximately
98°C and which have a boiling point of 883°C, the
hollow valve stem is then sealed with a low
scuffing steel plug, which also becomes the valve
stem tip and therefore must resist the rocker arm
rubbing contact motion.
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Fig. 1.19 Effects of ignition advance on exhaust
valve ciearance




Metallic sodium has the thermal ability that,
when in its liquid state, it can transmit roughly
nine times more heat than the austenitic steels,
which are relatively poor conductors and are
commonly used for exhaust valves. In its liquid
state sodium readily spreads and wets the surfaces
of most metal alloys it contacts.

While the engine operates, the opening exhaust
valve flings the liquid sodium towards the valve
head, where it absorbs a proportion of the heat
which it transfers from the escaping exhaust gas to
the surface of the valve head and its underside.
When the valve closes, the hot sodium liquid is
flung towards the valve tip and the heat stored
in the sodium liquid is then readily dissipated
radially outwards from the wetted liquid to the
valve stem hollow wall interface to the much
cooler cylinder-head coolant via the valve guide
and cylinder-head casting.

Through these means, a much larger guantity
of heat is transferred from the valve head to the
valve guide than would be possible with a solid
valve stem. Consequently, the valve crown’s, and
fillet (underside) region’s, operating temperature
gradients are much reduced. As can be seen in
Fig. 1.20 the maximum temperature in the centre

]
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Hollow stem //
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of the vaive crown and at the valve throat (fillet)
is reduced at full load by roughly 100°C for a
hollow stem valve, and this can be reduced furth-
er by almost the same amount if the valve head
itself is hollow and sodium filled.

1.3 Mechanism of valve
head corrosion
(Figs 1.21 and 1.22)

The composition of the combustion products con-
sists of the following hot gases—carbon dioxide,
carbon monoxide, hydrocarbons, water vapour
and sulphur dioxide; in addition, there are some
solid deposits which may contain mixtures of
oxides, halides and sulphates and, in some cases,
phosphates and vanadates. Other deposits which
may attach themselves to the valve head, derived
from the lead anti-knock compounds, are lead
sulphate, lead monoxide, lead chloride, lead bro-
mide and barium sulphate. To some extent the
amount of these deposits will depend upon the
effectiveness of the type of lead anti-knock com-
pound scavenger used.
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14




The corrosion resistance at elevated tempera-
tures of any valve material is dependent upon the
formation of a firmly adherent continuocus pro-
tecting oxide film. Good corrosion resisting alloys
rely on the oxide film rapidly healing itself if it is
ruptured in service when exposed to the burning
gases. If the ruptured film does not immediately
repair itself, severe localized corrosion results.

The mechanism of oxidation is that a chro-
mium-rich oxide consisting of Cr,O; for austenitic
steel alloys, NiO-Cr;0, for Nimonic alloys and
NiO-Cry0+Fe>0+-Mn,(Oy for steel alloys is
readily formed.

The corrosion rate will depend to a large extent
upon the conditions existing at the surface of the
valve head: that is, the operating temperature of
the valve, the cyclic change in gas composition
and the nature of the surface deposits.

Local concentration of carbon may be estab-
lished on the valve head, which may result in
different oxidation rates of iron and carbon in the
alloy. The presence of iron, nickel and cobalt
oxides under certain temperatures and pressure
conditions can catalytically cause the carbon
monoxide to change to carbon dioxide and car-
bon. Local diffusion of the free carbon may take
place, and carbon may also be produced on the
metal surface by the breakdown of hydrocarbon
products in the hot gas. Therefore, at the high
operating temperature of the valve, carburization
and then oxidation of the alloy surface occurs.
Chromium carbides are then probably formed
which cause the depletion of the surrounding
surface of chromium (Fig. 1.21). Consequently,
without the even and continuous distribution of
chromium at the surface of the valve head, the
network of chromium oxtde will be inadequate to
protect the valve surface from high temperature
corrosion.

Fortunately, the recovery of chromium by
diffusion is generally rapid at the depleted zones
s0 that carburization and oxidation almost over-
lap each other as one and then the other reaction
occurs. Corrosion of this kind occurs only where
small spots of carbon have formed on the valve
seat face and, accordingly. internal oxidation,
intergranular penetration and pitting will result
(Fig. 1.22).

The formation of the internal carbides and
oxides produces a large increase in volume of the
protection film, the film then becomes highly
strained so that the film. in effect. bursts. Conse-
quently, cracks appear at the surface of the film
which cannot repair themselves whilst this kind of
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Fig. 1.21 Chromium denudation of falled valve seat
surface

corrosion persists. As a result, severe corrosion
takes place at these exposed openings, the oxides
then convert into a brittle scale which tends to
dislodge itself from the valve head surface.
Consequently, if the oxide film is disrupted on
any part of the seat face, a gap will be left at the
interface of the valve and its seat when the valve
closes. Accordingly, there will be a local reduc-
tion in the heat transfer from the valve head to
the cylinder head and. at the same time, the hot
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Fig. 1.22 Intergranular attachment of failed valve
seat surface



gases escaping through the gap will also cause a
rise in the valve head temperature. The outcome
will be a rapid rise in the local rate of corroston
followed by considerable gas biow-by, valve seat
erosion and seat burning.

The cause of valve guttering and burning can be
considered in four stages.

1 At high working temperatures a black magne-
tic scale will form all over the valve head.

2 This black magnetic scale acts as a catalyst
causing the hot gases to react with the surface
of the valve so that there is a high rise in local
surface temperature of the valve head.

3 As a result the surface scale becomes very
brittle and crumbly so that chromium denuda-
tion of the surface takes place (Fig. 1.21) fol-
lowed by intergranular surface penetration
(Fig. 1.22).

4 Eventually the intergranular surface penetra-
tion leads to guttering that is a concave circum-
ferential burning away of the valve seat which,
if severe, will lead to valve failure.

1.3.1 The influence of combustion
products on valve corrosion

The reduction of sulphate deposits to sulphides
produces a low melting point sulphide—oxide mix-
ture and to sulphide penetration of the metal.

Sodium hydroxide is produced by the reduction
of sodium sulphate in the presence of water
vapour, this causes local breakdown of the pro-
tective scale due to fluxing.

Chleoride, in the presence of sulphate deposits,
causes a considerable increase in the corrosion
rate.

The corrosion rate of iron in sulphur dioxide is
considerable compared with iron in a carbon
dioxide—carbon monoxide atmosphere. This is
because the iron surface forms a sulphide which
occupies a much larger volume, which tends to
crumble so that the protective scale is disrupted.

Catastrophic corrosion occurs when nickel-
based alloys are exposed to sulphates and sulphur
dioxide caused by the creation of a low melting
point eutectic.

Lead monoxide or vanadium pentoxide form-
ing part of the surface deposits considerably raises
the rate ot oxidation due to fluxing of the protec-
tive scale.

Lead monoxide exposed to high chromium
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Fig. 1.23 Local rim burning caused by valve seat
distortion

alloys disrupts the protective Cr,Q; layer through
the formation of Pb;yCr,Qy.

The corrosion rate can usually be slowed down
by increasing the chromium or aluminium con-
tent, which then preferentially reacts with the
environment to form a coherent protective sul-
phide scale.

1.4 Identification of the
causes of valve failure

1.4.1 Valve rim burning
(Fig.1.23)

High operating temperatures due to incorrect
ignition timing and mixture strength raise the
valve head temperature until the valve head be-
comes the focal point for preignition. A portion
of the valve head then becomes the point of
ignition which again leads to further heating of
the valve head until eventually the valve seat
distorts. Consequently, the poor seating of the
valve during the combustion phase provides an
escape route for some of the burning gases and, as
a result, causes excessive local overheat and burn-
ing in the valve rim and seat region.

1.4.2 Valve seat guttering
(Fig. 1.24)

If large quantities of combustion products
accumulate around the valve seat they will event-




Fig. 1.24 Guttering caused by deposits flaking away
from the valve face and seat

ually become dislodged due to the repeated valve
closing impact, some of the break-away deposits
will then provide exit passages for the burning
gases—which are still subjected to high pressure
and temperatures. The partial radial tunnelling
around the valve seat when it is closed will
therefore cause the valve seat to overheat as the
gas escapes. since the heat flow path around the
head is interrupted. This may result in severe
carburization and oxidation of the valve seat
surface, and ultimately it may burn a semi-
concave groove into and around the valve seat.
The name “guttering’ is derived from the top face
contour of house guttering.

A second cause of valve face guttering may be
caused by insufficient valve clearance which does
not permit the valve to close fully during the
power combustion stroke periods; consequently,
the leaking valve overheats and encourages car-
burization and oxidation to take place, which
finally results in a burnt circumferential concave
valve seat contour.

1.4.3 Valve rim splitting
(Fig. 1.25)

Owing to the large amount of heat absorbed by
the neck of the exhaust valve as the hot gases flow
around and across its stem when it is open. and
the relatively good heat transfer path of the valve
seat when the valve is closed, the temperature
distribution over the valve head will be uneven.
The hottest part of the valve head will be roughly
just less than half way inwards from the valve rim.

Fig. 1.25 Splitrim failure caused by thermal fatigue

Therefore, as the temperature rises, the valve
head will expand circumferentially, this expan-
sion being greatest in the annular zone approx-
imately mid-way between the valve rim and stem
where the valve head temperature is at its highest.

Consequently, the tendency for the valve mate-
rial just in from the valve seat to expand circum-
ferentially more than the rim causes internal hoop
stresses to be created within the disc-shaped
head. If the temperature differential across the
head is relatively large, then the repeated heating
and cooling of the valve head may cause large
cyclic thermal stresses to be established in the disc
part of the valve which can, in severe operating
situations causc the valve head to fracture in the
torm of a radial vee split. with its origin at the
valve’s rim.

1.4.4 Valve stem bending fracture
(Fiy. 1.26)

A distorted valve seat insert possibly caused by
overheating due to a fault in the cooling system’s
excessive detonation or preignition or due to a
solid combustion deposit build-up over a narrow
section of the valve seat, will prevent the valve
head fully seating. The valve will therefore be
subjected to repeated tilting of the head each time
the valve closes. If this condition is permitted to
continue, the gas leakage between the valve head
and its seat insert will ramse the valve head and
neck temperature. At the same time, the cyclic
bending moment produced will progressively
weaken the valve matenal in the stress raising



Fig. 1.26 Bending stresses caused by uneven valve
seating

region where the reducing cross-section of the
neck meets the parallel stem section, until the
valve fractures at this point.

1.4.5 Valve head cupping
(Fig. 1.27)

Continuous high-speed and heavy load driving
may abnormally raise the valve head temperature
and, at the same time, the valve head absorbs the
high frequency impact hammer-like blows every
time the valve closes. The impact load is created
by the combination of the valve mass inertia and
the valve spring return force.

The effects of the repeated loading of the valve
at high elevated temperatures produces radial and
longitudinal tensile stresses in the valve head and
neck respectively, which, if severe, will tend to
stretch the valve stem and dish the head disc at its
centre. Eventually, if the rigidity of the valve
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Fig. 1.27 Valve head cupping caused by inadequate
creep strength
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head section and the creep strength of the valve
alloy are inadequate, the centre of the valve
collapses and takes on a permanent cupped set
and, as a result, will cause the valve’s tapered
circumferential seat to move further into the
valve seat ring insert. Excessive cupping of the
valve may be followed by distorted seating of the
valve causing the valve seat to overheat and burn.

1.5 Hydraulic operated
tappets

1.5.1 The reason for incorporating
hydraulic tappet follower

The hydraulic tappet follower incorporates three
main operating characteristics which are as fol-
lows,

1 The hydraulic tappet follower is able to take up
the extra valve train slack when the engine is
cold and during the warm-up period or if the
static tappet clearance is abnormally large due
to wear or incorrect adjustment, thereby elimi-
nating tappet valve train noise.

2 The hydraulic tappet eliminates static tappet
clearance once the engine has started, this
ensures that the camshaft’s designed valve-
timing periods are maintained during normal
engine operation.

3 The initial (static) tappet clearance is not criti-
cal and therefore the engine’s top-end cylinder-
head assembly tolerance does not normally
need the additional setting of the tappet clear-
ance. Consequently, some manufacturers do
not consider it necessary to set the static (sta-
tionary engine) tappet clearance after the en-
gine has been disturbed and, therefore,
throughout the engine’s life no periodic tappet
clearance setting is required.

1.5.2 Push-rod operated hydraulic
tappet follower
(Fig. 1.28(aand b))

Description of follower tappet unit

‘Fhe hydraulic tappet follower assembly consists
of an outer follower tappet very similar to the
conventional solid cylindrical follower but bored
out to house an inner plunger. Both the follower
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Fig. 1.28 Push-rod hydraulic tappet follower

body and plunger have annular grooves machined
on their outside and each groove has a radial
drilling so that there is always some degree of
passage alignment between the oil gallery and the
centre region of the plunger—known as the supp-
ly chamber. A push-rod cup supports the lower
end of the push-rod and at the same time seais the
upper end of the plunger’s supply chamber.

The large central passage in the base of the
plunger connects the supply chamber with the
space between the plunger and the blank end of
the follower cylinder, this being known as the
pressure chamber. A valve retainer supports a
disc check valve on the underside of the plunger
which is held in position by a slack spring which
reacts between the plunger and cylinder so that
the plunger is constantly tending to extend out-
wards to take up the tappet clearance siack.

Engine oil is continuously delivered under
pressure from the oil gallery’s vertical slot,
through a vee groove and hole in the side of the
follower body 1o the supply chamber, via a second
groove and hole in the plunger. The oil then
passes through the check valve passage to fill up
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(a) Upstroke
(valve opening)

the pressure chamber. The purpose of the oil
gallery vertical slot and the circumferential
grooves on both the follower body and plunger 1s
to ensure that, at all times, the oil passages
between the oil gallery supply and the plunger
supply chamber align, irrespective of the follow-
er’s lift or fall position. A small amount of oil will
also be metered through the central hole in the
base of the push-rod cup, and with some designs
through the push-rod central passage to lubricate
the rocker, its pivot, and adjustment assembly.

Upward stroke valve opening

(Fig. 1.28(a))

As the rotating cam approaches the beginning of
valve opening, the follower’s rubbing contact
changes from basic-circle to opening flank contact
as it moves through the opening ramp angular
interval. During this time the follower will com-
mence to lift. The plunger will therefore be forced
further into the follower cylinder causing a reduc-
tion in the pressure chamber volume and a corres-
ponding rise in the oil pressure. Immediately, the




pressure increase compels the disc-valve to snap
closed, thereby trapping the bulk of the oil in the
pressure chamber. Since the oil sealed in the
pressure chamber is practically incompressible,
the rising follower produces an equal amount of
plunger and push-rod lift (in fact the plunger does
compress approximately 0.1 mm during the valve
lift period and so allows the valve to seat fully).
The clearance between the sliding plunger and
the follower cylinder permits the deliberate
escape of small quantities of oil from the pressure
chamber, this leakage therefore automatically
compensates for the expansion of the valve train
as the engine temperature increases with rising
speed and load.

Thus, the plunger’s inward or outward position
in the follower cylinder continuously adjusts itself
so that it takes up the valve train slack to compen-
sate for the expansion or contraction of the valve
train and cylinder head, which takes place as the
engine operating conditions change. In effect, the
valve train tappet slack is eliminated and, at the
same time, both inlet and exhaust vaives are able
to seat fully during their closing periods.

Down stroke (valve closing)

(Fig. 1.28(h))

When the valve begins to close and the cam
profile-to-follower contact changes from closing
flank to base-circle the compressive load will be
removed from the valve train, this permits the
slack-spring to extend, thus causing the follower's
body to bear against the cam and for the plunger
to take up the valve train slack. The slight in-
crease in the pressure chamber volume reduces
the oil pressure below that existing in the supply
chamber, this causes the disc-valve to snap open
and, accordingly, oil from the supply chamber
feeds into the pressure chamber to compensate
for any oil leakage losses between the plunger and
follower cylinder. In other words, the tappet
follower adjusts and corrects its length every time
the valve closes so that zero clearance is main-
tained under all operating speeds and working
conditions.

1.5.3 Direct acting overhead camshaft
hydraulic tappet follower
(Fig. 1.29(a, b, and c))

Description of follower tappet unit
The hydraulic tappet follower comprises an in-
verted bucket follower body which incorporates a

plunger guided by a sleeve formed by a steel
pressing, which also retains the engine’s oil supply
in the upper half of the follower. A slack-spring,
ball-check-valve and sliding thrust-pin are housed
inside the plunger, the thrust-pin is permitted to
slide inside the plunger and, similarly, the plunger
itself slides in the mouth of the steel sleeve
pressing. An oil gallery is drilled alongside the
follower in the cylinder head parallel to its length.
Each follower bore has an oil passage joining it to
the parallel oil gallery and, to enable oil to flow
into the upper half of the follower, a shallow
groove is machined around the follower about
half-way down.

Downstroke (valve opening)

{Fig. 1.29(a))

Rotation of the camshaft causes the cam opening
flank to commence pushing the follower body
downwards, immediately the pressure chamber
volume tends to decrease and the oil pressure
increases above that of the oil supply pressure.
Instantly, the ball-valve snaps onto its seat, there-
by sealing the pressure chamber. Further down-
wards movement of the follower body will also
displace the plunger and valve-stem an equal
amount since the trapped oil in the pressure
chamber reacts as a solid incompressible column.
Thus, there is no lost motion between the thrust-
pin and plunger and, as a result, the follower
body, thrust-pin and valve-stem assembly are
moved downwards as a whole, thereby opening
the valve with the same lift as the cam profile
predicts.

Upward stroke (valve closing)

(Fig. 1.29(b))

Once the cam closing flank contact with the flat
face of the follower changes to cam base-circle
contact, the compressive load is removed from
the pressure chamber allowing the slack-spring to
expand so that the thrust-pin pushes the follower
body against the cam base-circie and the plunger
simultaneously presses down onto the valve stem.
Consequently, the pressure chamber volume mar-
ginally increases and the pressure of the trapped
oil decreases with the result that the slightly
higher oil pressure in the supply chamber dis-
lodges the ball valve from its seat, thus permitting
the oil in the supply chamber to enter the pressure
chamber to compensate for any loss of oil which is
deliberately leaked between the thrust-pin and
plunger wall’s clearance. Hence. zero cam-to-
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follower take-up clearance is maintained when
the valve is in its closed phase, fully seated and
gas tight. During the period of valve closure any
expansion or contraction of the valve-stem, fol-
lower assembly length and cylinder-head height is
automatically taken into account by the amount
the thrust-pin moves in or out of the plunger.

Overhead cam (OHC) hydraulic cam follow-
er lubrication

{Fig. 1.29(c))

For the hydraulic tappet follower to operate
immediately when the engine is started after
being stationary for some time. the oil supply in
the horizontal feed passage between the vertical
supply passage from the oil gallery to the hyd-
raulic tappet follower and cam bearing must be
prevented from draining down the vertical pas-
sage when the engine is stopped. This is achieved
by enlarging the top end of the vertical oil supply
drilling (passage) and positioning a protruding
tube in the base of the enlarged hole, a ventilation
orifice then partially seals the vertical passage.

Engine stopped

When the engine is stopped, oil in the vertical
passage will drain back to the oil gallery. but the
oil in the horizontal supply passage between the
vertical passage and the hydraulic follower and
camshaft bearing will be prevented from return-
ing due to the protruding tube top end being
above the oil level. Even so, a syphoning action
might take place due to the emptying vertical
passage leaving behind a vacuum in the enlarged
space if the top end of the vertical drilling was
completely enclosed. Therefore, a small ventila-
tion orifice/jet is used to block partially the top
exit from the vertical drilling. Thus, when the oil
drains down, the vertical drilling air will enter and
vent the emptying vertical drilling space via the
restriction orifice, thereby preventing any tenden-
cy for the oil to be syphoned from the horizontal
supply and storage passage.

Engine started

When the engine is started the supply of oil from
the horizontal passage to the hydraulic follower
and camshaft bearing is instantly avatlable and,
within a short span of time. oil will be pumped up
from the oil gallery to continue the supply. At the
same time a small oil jet will be projected onto the
camshaft.
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1.5.4 Hydraulic valve clearance
compensating pivot post
(Fig. 1.30{aand b))

Description of compensating pivot post ele-
ment

This type of zero tappet clearance mechanism
utilizes the rocker follower end pivot as the
hydraulic automatic compensating element. The
hydraulic pivot end-post consists of a body unit,
which screws into the cylinder head, and an
integral pivot post and plunger located vertically
as a sliding fit in the pivot-post body. The plunger
has a circumferential groove machined near the
top end of the plunger, with two radial holes to
permit the passage of oil from the oil gallery into
the plunger supply chamber, this takes place via a
vertically machined slot intersecting the pivot-
post screw thread cut in the cylinder head and an
inclined hole drilled in the upper wall of the
pivot-post body. A ball-check valve and retainer
attached to the plug sealing the supply chamber in
the base of the plunger isolates the pressure
chamber formed between the plunger and pivot-
post cylinder from the supply chamber, while the
thrust-pin to rocker follower slack clearance is
continuously being taken up by the extending
tendency of the slack-spring. The clearance fit
between the plunger and pivot-post cylinder walls
is designed to provide controlled leakage of oil
from the pressure chamber when the valve is in its
opening period and the rocker follower and pivot
post is under load.

Downstroke (valve opening)

(Fig. 1.30(a))

When the cam lobe pushes down the rocker
follower to open the valve, a reaction load is
applied to the pivot post which tends to reduce
the pressure chamber space created by the gap
between the base of the pivot-post cylinder and
plunger. Instantly, the oil pressure rises in the
pressure chamber causing the ball-valve to close
rapidly. Consequently, the trapped oil now acts as
an incompressible substance thereby preventing
the plunger moving further downwards. As a
result, cam lift motion is relayed to the valve-stem
via the rocker follower without any loss of slack
clearance take-up. The minute initial inward
movement of the plunger before valve lift com-
mences, ensures that the valve fully seats during
its closed period.
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Upstroke (valve closing)
(Fig. 1.30(b})
After the cam lobe has completed its valve lift
period the cam contact changes from flank closing
1o one of base-circle, the reaction load is there-
fore removed from the pivot post, thereby allow-
ing the slack-spring to move the plunger upwards
so that full contact between rocker follower to
cam and pivot-post is maintained. The very small
increase in the pressure chamber space therefore
removes the load pressurization of the trapped oil
to a level equal to or just below supply pressure.
As a result, the ball-valve is forced to open and
oil from the supply chamber thus flows into the
pressure chamber to compensate for the small
amount of oil leakage which hence occurs be-
tween the plunger and pivot-post cylinder walls,
Subsequently, there is a recuperative filling
phase during each vaive closure period following
the valve opening period load phase, it therefore
provides the automatic valve train take-up to
compensate for the expansion and contraction of
the valve actuating layout between cold start to
fully warmed-up operating conditions.

1.5.5 Rocker arm operated overhead
camshaft hydraulic tappet
(Fig. 1.31(a and b))

Description of hydraulic rocker arm tappet
The normal rocker arm tappet screw is replaced
by the hydraulic tappet unit.

It comprises a tappet cylinder body bored out
to house a tappet end cap, fixed plunger, non-
return ball-valve and a slack expansion-spring.

Oil is supplied from the rocker-shaft central oil
passage to an enlarged upper part of the tappet
cylinder housed in the rocker-arm at the valve-
stem end.

A valve-stem cap with an upper spherical de-
pression and lower flat contact face is incorpo-
rated between the tappet and valve-stem to main-
tain a uniform distributed load transterence from
the tappet to the valve as the rocker-arm articu-
lates.

Downstroke valve opening

(Fig. 1.31(a) )

When the engine is running the revolving cams
periodically lever-up the contact shoe situated at
the end of the rocker-arm, thus compelling the
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rocker to pivot accordingly. This motion is re-
layed in a clockwise direction to the tappet and
valve. Thus, when the cam profile commences to
lift the rocker, the tappet will instantly be forced
against the valve-stem and the opposing valve-
spring load. Consequently, the pressure chamber
space tends to decrease causing a corresponding
pressure rise, immediately the ball-valve snaps
onto its seat, the trapped oil then acts as a rigid
member so that the full downward motion of the
rocker is transferred to the valve-stem, thereby
opening the valve. For operational purposes the
high oil pressure build-up in the pressure chamber
causes a small deliberate seepage of oil between
the plunger and tappet cylinder walls and, as a
result, the tappet compresses up to a maximum of
0.1 mm during the valve lift period. This leakage
feature is necessary as it enables a very small
degree of slackness to be created between both
the cam-base circle and the valve-stem tip, which
is essential for hydraulic compensating action to
take place.

Up stroke valve closing

{Fig. 1.31(b))

As the camshaft rotates, the cam lobe moves
beyond the contact shoe of the rocker arm thus
permitting the valve to close, this enables the
slack-spring to expand by pushing apart the tap-
pet cylinder and the plunger until the tappet
clearance has been eliminated. Immediately, the
pressure chamber volume increases, but con-
versely this decreases the oil pressure in the
chamber. As a result, the supply chamber oil
pressure snaps open the ball-valve permitting the
supply oil to transfer rapidly into the pressure
chamber to compensate for the oil lost.

The actual amount of oil entering the pressure
chamber will depend on the expansion and con-
traction in the valve actuating train which is
directly related to the varying tappet ciearance as
the engine’s driving conditions change.

The cycle of pressure chamber oil-loss and
top-up respectively, over the opening and closing
periods of the valve automatically forms a vari-
able load bearing hydraulic element which elimin-
ates the normal tappet clearance and yet permits
the valve to be fully seated when it is operating
during its closed period.
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Fig. 1.31 Rocker arm operated overhead camshaft hydraulic tappet

1.6 Cams and camshafts

The purpose of the cams and their shaft is to
actuate and control the opening and the closing
intervals of the inlet and the exhaust poppet
valves relative to each piston position along its
respective stroke.

A cam is a rotating member which imparts
reciprocating motion to a second member (known
as a follower) in a plane at right angles to the axis
of the cam by forming with it a slip rolling pair.

The type of cam normally used to actuate the
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engine valves is referred to as a radial-plate cam,
it resembles a circular disc (plate) with a radially
protruding profile, called a lobe, which occupies
about one-third of its circumferential periphery.
The cam profile is suitably contoured to provide a
smooth rise and fall for the predicted motion of
the follower which, accordingly, is then relayed to
the individual poppet valves.

Each pair of inlet and exhaust cams may be cast
or forged in position integrally on a single cam-
shaft or twin camshafts can be adopted—one for
the phasing of the inlet cams and, similarly, the
other for the exhaust cams.
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1.6.1 Rotational speed ratio between
camshaft and crankshaft

The completion of one four-stroke cycle is
equivalent to two revolutions of the crankshaft.
During this cycle the inlet valve opens to allow
the cylinder to be filled with charge, after which it
closes and, likewise, the exhaust valve opens to
expel the burnt gases and then closes. Therefore,
each cam must open and close its respective inlet
or exhaust valve once every two revolutions of the
crankshaft. Thus, the camshaft must be made to
complete one revolution or one opening and
closing cycle for every two revolutions of the
crankshaft. Consequently, the crankshaft-to-
camshaft drive is arranged so that the camshaft
rotates at half crankshaft speed.

Now, each cam-lobe must keep the inlet or
exhaust valve open for its whole crank angle
opening period, this being roughly equivalent to
240° crank-angle movement which can be seen
from any valve timing diagram. Since the cam-
shaft only completes one revolution for two
crankshaft revolutions, the camshaft opening
angular movement will only be half that of the
crankshaft opening valve period. Hence, for an
inlet or exhaust valve crank-angle opening period
of 240°, the cam-lobe lift equivalent angular dis-
placement would be 120°.

1.6.2 Cam profile phases
(Fig. 1.32)

There are two sides of the cam profile: these are
the follower lift or valve opening side and the
follower fall or valve closing side (Fig. 1.32).
Each side of the profile may be considered as
taking place in three phases. On the valve open-
ing side there is an initial transition opening ramp
phase which joins the base-circle to the cam-lobe
flank with a very small lift rate. Secondly, there is
the flank opening phase which accelerates the
follower lift to a maximum velocity, this position
on the cam profile is the point of inflection at
which the flank concave curve meets the nose
convex curve, and thirdly, there is the nose
opening phase which decelerates a maximum
follower lift velocity to zero velocity as the fol-
lower approaches its full lift position. The decel-
eration force on the third nose phase is provided
by the valve-spring load.

The second-half of the cam profile is concerned
with the return of the follower from full to no lift.
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This cam angular movement commences with the
closing nose phase causing the follower to acceler-
ate from zero velocity to its maximum velocity,
under the influence of the valve-spring, the cam
profile then decelerates the follower’s fall during
the closing flank phase to almost a standstill. The
follower’s fall then changes into a gentle ramp
closing phase to the point where it blends in with
the base-circle dwell period during which time the
follower remains in its lowest position, the valve
will then be fully closed until the next opening
period occurs.

1.7 Cam design

1.7.1 Three-arc cam
(Figs 1.33 and 1.34)

The early manufactured cams were simply formed
from a base circle and a smaller nose circle which
has an offset or eccentricity equal to Ey
(Fig. 1.33). The two circles are then joined
together by flank arcs of radius or eccentricity £g.
The maximum flank acceleration is proportional
to Eg and the maximum nose deceleration is
proportional to Ey. Normally, the ratio of flank-
to-nose eccentricity = Eg/Ey varies between 2
and 3 as this provides the best compromise for
cam flank follower lift acceleration and decelera-
tion and cam nose spring controlled acceleration
and deceleration {Fig. 1.34).

To provide a gradual and smooth initial fol-
lower take-up and final return to base circle,
additional arc ramps are introduced between the
base circle and both opening and closing flank
sides. These low-lift ramps therefore ensure that
the initial rise and fall of the follower occurs with
the minimum of acceleration and deceleration,
respectively.

1.7.2 Constant velocity cam
(Fig. 1.35)

Profile geometry and characteristics
A better insight to the construction of the cam
profile may be obtained by stretching out the
lift-angular region of the cam into a straight line
to produce a base and having the cam rise as the
vertical axis (Fig. 1.35).

The simplest of cam profiles is a straight-line
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outstroke rise end on to an intermediate full-lift
dwell period followed by a straight-line return
stroke. Because the cam profile slopes are uni-
form, both the lift and fall of the follower take
place at constant velocity.

The shortcoming of this type of profile is the
jerky change from the dwell on the base circle to
the constant velocity opening flank and, likewise,
the sudden change from the rising flank to the
full-lift dwell interval. Similarly, at the beginning
of the return stroke the follower motion abruptly
changes from full-lift dwell to the constant veloc-
ity closing flank return slope, the closing flank
slope then again abruptly merges into the fully
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lowered base-circle dwell interval. Accordingly,
there is an instantaneous infinitely high accelera-
tion (=) and deceleration (=) at the start and end
of the opening flank, and similarly, there is an
equally high instantaneous follower acceleration
and retardation at the beginning and at the end of
the closing flank. Since the rise and fall cam
slopes are uniform, there is no acceleration and
deceleration in between the starting and finishing
interval of both the opening and closing flanks.
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Fig. 1.33 Three-arc cam geametry
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With a constant velocity cam profile there is no
follower acceleration or deceleration during its
rise and fall on the opening and closing cam flanks
respectively. However, the follower is subjected
to very high impact inertia forces at the com-
mencement of its rise and at the end of its return,
whereas at the end of its lift and at the beginning
of its fall the follower is subjected to very large
separating inertia forces.

Consequently, cams with this simple profile
operating at even low speeds would subject the
follower and cam to very high impact stress with
its associated noise, surface wear and damage. At
the same time, this form of profile would require
a very large spring load to control the follower
jump-off when the valve has just reached full lift
and is about to commence its return stroke.
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g.1.35 Constant velocity cam characteristics

1.7.3 Constant acceleration (parabolic)
cam
(Fig. 1.36)

Profile geometry and characteristics
Sometimes this cam is referred to as parabolic
since the profile is derived from two parabolic
arcs.

The cam construction is obtained by dividing
the angular displacement of the cam and the lift of
the follower into the same npumber of equal
divisions and then drawing vertical and horizontal
lines through these points (Fig. 1.36). Diagonal
lines are then projected from the start and end lift
points of the cam profile towards each of the
intersecting horizontal lines onto the vertical mid-
lift line. Points are then plotted along each di-
agonal line where they intersect the correspond-
ing vertical division lines, these points are then
joined by a smooth curve to form the constant
acceleration cam profile.

As can be seen, the cam rise profile consists of
two parabolic curves meeting at the point of
inflection. At the commencement of lift on the

concave curve part of the profile. the rate of the
tollower rise is small but then quickly builds up to
4 maximum (greatest gradient) at the point of
inflection. The second half of the profile forms a
convex curve starting with its steepest slope (high-
est lift rate) which then reduces to a gentle slope
as the follower approaches full lift.

Consequently, the follower lift velocity rises
directly in proportion to the angular displacement
of the cam up to a maximum at the point of
inflection and then decreases at a similar rate to
zero as the follower reaches its full outstroke
position.

Since the follower outward velocities increase
and decrease uniformly on the concave and con-
vex halves of the follower lift profile respectively.
the corresponding positive acceleration and nega-
tive deceleration of the follower during lift will be
constant.

Summary
(Fig. 1.36)
The constant acceleration curve profile provides
the least maximum acceleration and retardation
compared with all other predicted curve profiles
considered, i.e. constant velocity. simple harmo-
nic motion, cycloidal and muiti-sinewave cams.
With this profile there is an abrupt rise in the
follower’s inertia force when the base circle meets
both the opening and closing flanks and, at fuil
lift. if there is a maximum opening dwell period.
Likewise, at the transition point of inflection
where the steepness of the cam profiles is chang-
ing from increasing to decreasing, the follower’s
incrtia force instantaneously switches from a posi-
tive impact to a negative separating force. This
condition therefore requires a considerably large
spring load to maintain the follower-to-cam con-
tact.

1.7.4 Simple harmonic motion (SHM)
cam
(Fig. 1.37)

Profile geometry and characteristics

This profile is obtained as follows. Draw a semi-
circle of diameter equal to the follower stroke on
the vertical axis and divide it into any convenient
number of equal parts. Divide the angular dis-
placement during the outward stroke and inward
stroke of the follower into the same number of
equal parts, and then draw lines vertically along
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Fig. 1.36 Constant acceleration cam characteristics

the -angular displacement axis and horizontally
from the angular divisions on the semicircle.
Points are then plotted on the intersecting lines,
and these are joined by a smooth curve to pro-
duce the SHM cam profile (Fig. 1.37).

With the simple harmonic motion profile, the
velocity of the follower on the first half of lift,
rises to a maximum at the point of inflection, and
then decreases to zero over the second half of the
lift in a sine-wave fashion. Conversely, since the
velocity curve slope is greatest at the start and
finish of the rise profile, and is a minimum at
mid-stroke (point of inflection), the positive
acceleration and negative deceleration is at a
maximum at the start and finish of the follower
lift. Conversely, there is no acceleration or decel-
eration at the point of inflection, this being a
point on the cam profile where it is transformed
from a concave curve to a convex one.

The acceleration and deceleration over the
profile’s outward and inward strokes with respect
to the angular movement of the cam assumes a
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cosine form. Since the velocity curve slope is zero
at mid-stroke, there is no rate of change of
velocity in this position, therefore the accelera-
tion and deceleration reduces to zero at the
profile’s inflection point.

Summary
(Fig. 1.37)
The simple harmonic motion velocity curve rises
steeply at the start of follower lift but then
steadily bends over towards the point of inflec-
tion. Thus, where the flank and nose curves meet,
the slope will be horizontal. The velocity then
gently decreases, finally changing into a steep
decline to zero as the follower approaches full lift.
The rapid increase and decrease in follower
velocity at the beginning and end of the lift or fall
dictates that the initial positive inertia force and
the final negative inertia force will be sudden and
high. Conversely, the very gradual rise and then
tall in follower velocity on either side of the point
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of inflection where the flank and nose curves meet
provides a progressive change from a positive
impact inertia force to a negative separating in-
ertia force. As a result there will be relatively high
impact jerks when the follower commences to rise
and when it has compieted its fall. In addition,
there will be a similar jump-off and return jerk at
full lift if there is a dwell period at maximum lift.

However, due to the gradual change of fol-
lower inertia force from a positive compressive
force to a negative jump-off force at the point of
inflection, only a relatively light spring load wili
be needed to control the follower motion during
the opening and closing nose intervals.

1.7.5 Cycloidal cam
(Fig. 1.38)

Profile geometry and characteristics

The cycioid is the curve traced by a point on the
circumference of a circle that rolls without slip-
ping on the vertical follower lift axis (Fig. 1.38).

31

00 15 30 45 60 75
Camshaft angle, 0 (deg)

The cycloid is constructed as follows. Make the
circumference of the rolling circle equal to the
follower lift, and draw one circle at the start of the
cam lift. Divide the follower lift and the circle into
the same number of equal parts, in this case eight,
and then erect perpendiculars through each divi-
sion on the horizontal line and draw vertical lines
through cach division on the lift circle. Now, draw
the remaining eight circles using each centre in
turn. The cycloidal locus is then plotted at points
where each circle cuts the division circle’s vertical
lines, a smooth curve is then drawn through each
plotted point.

Finally, the cycloidal cam profile is produced by
projecting horizontal lines from each cycloidal
plotting across the angular displacement vertical
lines marking the intersecting points and drawing
a smooth curve through these points.

During the first part of the follower lift, its
velocity increases slowly, it then moves rapidly
and then slows down as the velocity reaches its
peak value at the point of inflection on the cam
profile. At the beginning of the second half of the
follower lift, its velocity is reduced slowly, and




Spring control

Acceleration (Deceleration Acceleration\ Deceleration
] Sy
Ramp | Flank Nose Nose Flank | Ramp
T D
T L well
. s Point {18 =
E
of 7 £
= — N . 16—
<>>‘ /mﬂectlon s &
= 4 E
[ {3 m©
—‘-.I 2 O
P i 1
< == - o : : 0
M. 5 B0 45 30 15 00 15 30 45 60 75
o Camshaft angle, © (deg)
g 2
880
DT o
£ S
C
58
=
©
85 0
oo
w8
o

Fig. 1.38 Cycloidal cam characteristics

then at a faster rate, and finally it decreases very
slowly to zero.

The follower acceleration and deceleration dur-
ing its lift is the rate of change of the follower
outstroke velocities. The acceleration of the fol-
lower at first rises fairly steeply, then rises more
slowly as it reaches its peak value, which occurs at
the point of inflection on the velocity diagram’s
rising side. The follower outward acceleration
then reduces at an increasing rate to zero as the
maximum follower velocity is reached, corres-
ponding to the cam profile inflection point. The
follower then decelerates initially guickly and
then more slowly as the maximum deceleration is
approached, which is also the point of inflection
on the velocity diagram’s declining side. Finally,
the follower lift deceleration reduces at an in-
creasing rate until full follower lift is reached—at
which point the deceleration will be zero.
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Summary

(Fig. 1.38)

The characteristics of the cycloidal profile is its
very low initial and final follower rise rate—this
cam profile is difficult to generate accurately by
grinding without using equipment which can work
to very fine tolerances.

During the flank lift, the follower’s inertia
produces a positive impact force which rises to a
peak over half the flank interval and then reduces
1o zero over the second half flank interval. The
change-over from flank to nose contour converts
the follower’s inertia positive impact force to a
negative separating force as the follower’s veloc-
ity approaches a maximum. This negative separ-
ating force will increase to a maximum at the
mid-nose interval, it then decreases to zero as full
lift is approached.

Thus, it can be seen that as the follower
approaches the start of the opening flank a posi-
tive impact force is created which rapidly, but not
instantly, increases; and towards the end of the
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closing flank interval the follower's inertia posi-
tive impact force rapidly, but not instantly, de-
creases to zero.

Similarly, as the follower moves towards the
end of the opening nose interval, and when it
begins the closing nose interval, its inertia—which
is of a negative separating nature—rapidly (but
not instantly) reduces to zero and then, at the
commencement of its return stroke, rises at the
same rate as it decreased.

In addition, the change in follower inertia force
from positive impact to a negative separating one
produces a smooth and gradual transition which
passes through zero at the point of inflection
where the flank and nose curves meet.

The cycloidal cam profile minimizes the initial
and final impact loads imposed on the opening
and closing flanks and enables good spring control
to be achieved over the nose opening and closing
intervals.

1.7.6 Multi-sine-wave cam
(Fig. 1.39)

Profile geometry and characteristics

As with all the other profiles examined, the
multi-sine-wave profile is derived from a concave
curve which commences with the follower lift and
increases its velocity to a maximum. At this point,
the profile changes to a convex curve, this then
reduces the follower velocity to zero as full lift is
approached (Fig. 1.39).

The first flanked interval raises the follower
according to the function L = —a,sinb 6+ch,
whereas the second interval completes the lift by
obeying the law L = a, sinb,0 where

L = follower lift
0 = angular movement of camshaft
a,, a; = amplitude of the half sine wave of the
first and second interval respectively
by, b, = the number of periods per revolution of



camshatft for the first and second inter-
vals respectively

¢ = the constant slope added to the negative
haif-period sine wave comprising the
first interval

During the first interval up to the point of the
inflection, the follower’s acceleration increases to
a peak and then decreases to zero as maximum
velocity s reached. In the second lift interval,
from the inflection point to maximum profile lift,
the follower’s outward velocity is decelerated at
an increasing rate to a standstill.

Summary

(Fig. 1.39)

A study of the multi-sine-wave cam profile would
show a relatively flat flank-to-nose contour com-
pared with the threec-arc, the constant accelera-
tion and simple harmonic motion cams which
tend to have 4 more rounded lift contour.

Excluding the quictening ramps and having a
two-to-one nose-to-flank angular interval ratio,
the follower positive velocity rises steeply and
then curves over as it peaks at the point of
inflection where the short flank curve joins the
much longer nose curve. The follower's velocity
then gently decreases over the much larger nose
interval to zero as full lift is reached, it then takes
on a negative value as the follower commences its
return stroke until the maximum inward velocity
is reached at the closing nose-to-flank point of
inflection. Finally. the follower’s inward velocity
begins to decrease fairly rapidly from its peak
negative value, to zero, as the follower moves
down the closing flank to the beginning of the
quietening ramp.

It is worthwhile at this stage reminding
ourselves that acceleration and deceleration are
derived as the rate of change of velocity with
respect to an increment of time or angular cam
displacement, and that the inertia force produced
by the follower is equivalent to its mass times the
outward or inward-moving follower’s acceleration
or retardation, at any point on the cam profile.

As can be seen, the follower’s acceleration
growth and then the deceleration decay. over the
opening and closing flank intervals, resemble a
steeply rising arch, and they also represent the
magnitude of the follower’s positive impact in-
ertia force as it is raised and lowered by the cam
flanks. Conversely, when the follower motion is
predicted by the opening and closing nose profile
the follower inertia force takes on a necgative
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separating (jump-off) nature. Thus, the inertia
forces created due to the deceleration of the
follower during the open and closing nose interval
will gently increase to a maximum at full lift and
then decrease to zero at a similar rate over the
closing nose interval.

In effect, this cam is subjected to moderate
opening and closing flank jerk loads and. during
the transition to nose lift and fall. the jump-off
inertia forces are relatively low, enabling good
spring control to be achieved at high engine
speeds.

1.7.7 Cam quietening ramps
(Figs 1.32, 1.40 and 1.41)

Most cams these days have a bridging (transi-
tional) lift contour between the base-circle upon
which the opening and closing flanks start and
end, respectively, and the clearance-circle: these
joining contours are known as quietening ramps
{Fig. 1.32).

The purpose of a quietening ramp is to ensure
that the follower-to-clearance circle radial clear-
ance is taken up only on the ramp portion of the
cam and that the initial {ift will always commence
at the same, or almost the same, relatively low
velocity provided that the tappet clearance is
maintained between the upper and lower tappet
clearance tolerance.

Therefore, the follower slack clearance take-up
and the start of lift commences with the minimum
of follower jerk.

It is usuai for the tappet clearance to be elimin-
ated and a very slow initial lift to begin at
mid-ramp height so that a slight tappet cicarance
variation—due to expansion or contraction of the
valve actuating train, incorrectly adjusted clear-
ance or valve train wear—shifts the nominal
follower to the ramp contact point to an carlier or
later contact position but still within the ramp
interval,

Constant velocity ramps

(Fig. 1.40)

The simplest of ramps have uniform rising and
falling slopes and therefore provide a constant
velocity follower lift within their angular displace-
ment interval, but they suffer from high instan-
taneous accelerations of the follower at the in-
stant it passes from the clearance-circle to the
ramp contour (Fig. 1.40).
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The siope of these ramps usually ranges be-
tween 0.0125 and 0.035 mm per camshaft degree
and the total lift caused by the ramp may be
anything between 0.5mm and (.65 mm. These

Opening ramp pericd

maximum ramp nises correspond roughly to angu-
lar camshaft displacements of 20° to 50°.

When hydraulic cam followers are incorporated
which automatically maintain a very small but
constant clearance. much lower ramp heights are
used. typical values being 0.08 mm for the open-
ing ramp and (0.25 mm for the closing ramp.

Variable velocity ramps
(Figs 1.41 and 1.42)
The tappet clearance is taken up at a variable
velocity as the follower is lifted by the quietening
ramp. Initially the velocity is very low but quickly
rises. The follower lift velocity is then steadily
reduced until all the clearance has been elimin-
ated, and the valve itself starts to lift with a
velocity, which is roughly only one-third of that of
a conventional constant velocity ramp (Fig. 1.41).
The transition from the tappet clearance take-
up and initial low-velocity lift to the actual flank
profile lift is achieved in two stages. Firstly, there
is a constant velocity interval during which the
ramp rise actually begins, and secondly there is a
constant acceleration ramp interval which merges
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the low shift constant velocity ramp portion with
the steeply rising flank contour.

At low engine speed the tappet clearance is
taken up at the beginning of the constant velocity
ramp interval so that a very low-lift rate com-
mences covering the constant velocity interval,
which then leads onto a constant acceleration lift
interval. The follower lift, having passed through
the transition from tappet clearance take-up at
relatively low velocity and acceleration, is then
subjected to the much higher lift-rate of the flank
interval.

As the engine speed rises the whole valve train
becomes increasingly compressed and strained
due to the reciprocating inertia forces of the valve
train so that the commencement of the follower
lift is progressively pushed back from the begin-
ning of the constant velocity ramp interval. Thus,
in effect, the effective lift interval of the constant
velocity portion of the ramp becomes shorter or,
putting it another way, the follower does not
begin to lift until the compressive deflection of the
valve train has been taken up further back but still
within the low constant velocity ramp interval
(Fig. 1.42). Accordingly therefore, the start and
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Fig. 1.42 Variation of valve left at low and high
engine speeds due to the inertia loading of the
actuating mechanism and cam

end of the follower lift and fall transition on the
opening and closing ramps will always take place
at an approximately similar low velocity through-
out the engine’s speed range.

1.7.8 Valve timing
(Figs 1.41 and 1.42)

Valve opening and closing are assumed to take
place at the nominal points where the opening
and closing quietening ramps join their corres-

ponding opening and closing flank contours. In
fact. the valve timing is designed so that the
tappet clearance has been eliminated at roughly
mid-ramp height-—this could mean the cam would
rotate anything from 10° to 20° further or later
before the follower actually contacts the much
faster rising flank profile (Figs 1.41 and 1.42).
However, this is not a real problem because the
rate of valve opening or closing during the ramp
intervals is very low indeed. Therefore. for all
intents and purposes the valve opening and clos-
ing can be said to commence at the start or end of
the opening and closing flank. This is because a
follower rise or fall between the angular move-
ment between mid-ramp and flank may be no
more than between 0.15 and 0.25 mm, which will
hardly influence the fresh charge or gas flow
effectiveness caused by an early start or the later
completion of the induction or exhaust periods.

Consequently, when the engine valves are
timed to coincide with the relevant crank angle
position, the inaccuracy of determining the actual
opening point of the valve when the follower has
taken up the tappet clearance on the ramp, has
made engine manufacturers provide a much lar-
ger tappet cicarance just for timing purposes.
Thus, the timing tappet clearance is chosen so
that the clearance is just taken up at the beginning
of the flank lift at the point where the slightest
forward angular movement of the cam will cause
the valve to lift. The point at which the valve
actually commences to open can be sensed by
rotating the push-rod between finger and thumb
until it becomes tight.

After the valve timing has been checked and
set, the tappet clearance for the valve which has
been timed (usuaily the last inlet valve) must be
readjusted to its normal operating tappet clear-
ance.

1.7.9 Valve train inertia forces versus
cam profile and spring control
(Figs 1.34, 1.36,1.37, 1.38 and 1.39)

Any to and fro motion of the valve train (valve,
rocker push-rod, follower etc) produces inertia
forces which may be positive or negative. Positive
forces are regarded as those which tend to press
the cam follower onto the cam contour, whilst
negative forces tend to separate the two. Negative
forces are the critical forces, as they must be
opposed by the valve return-springs. If these
negative inertia forces are large, stiff return-




springs will become necessary to counteract the
undesirable jump-off response to the negative
forces. Unfortunately, the same spring load is
added to the inertia load during periods of posi-
tive acceleration and deceleration which will in-
crease cam and follower stress and, accordingty,
will cause wear and damage to the heavily loaded
cam flanks and follower contact faces,

The motion of the follower is only controlled
positively by its inertia bearing onto the cam
contour opening and closing flanks during the first
part of its outstroke and by the second part of its
return stroke, whereas the opening and closing
nose-to-follower contact on the second half of the
outstroke and the first part of the return stroke is
maintained solely by the valve return-spring stiff-
ness.

The energy needed to accelerate the follower’s
initial lift on the cam tlank must be equal to the
energy dissipated in retarding the follower on the
final part of the nose lift. The enclosed areas
above and below the zero line on the acceleration
and deceleration diagram are equal as they repre-
sent the energy absorbed in lifting and lowering
the follower.

For the valves to operate effectively the cam
must satisfy two basic requirements:

1 a rapid opening and closing of the valves to .

maximize the breathing and the exhausting of
the cylinders;

2 alow deceleration as the follower approaches
full lift on its outstroke and a low acceleration
when it commences its return stroke so that the
valve return-spring force is minimized.

These two desired requircments are partially
achieved by shortening the flank interval and
extending the nose interval within the valve open-
ing or closing periods (Fig. 1.39). Accordingly.
the point of inflection is moved to make the
angular nose interval approximately twice that of
the flank angular interval. By these means the
follower has a higher initial flank acceleration
and, correspondingly, a higher final flank decel-
eration to make the valves open and close rapidly,
and at the same time, the reduced retardation and
acceleration on both sides of the cam nose en-
ables the follower to maintain its contact with the
cam contour with a relatively small valve-spring
force.

1.8 Valve actuating
mechanism considerations

1.8.1 Criteria for good design of valve
actuating mechanisms

1 Minimum valve train inertia.

2 Minimum rubbing velocity between cam and
follower as this can cause lubrication prob-
lems.

3 Minimum contact pressure between cam and
follower as this can produce surface scuffing.

4 Maximum rigidity of camshaft bearing
mounting.

5 Maximum stiffness of the cam, follower,
push-rod and rocker arm etc.

6 Minimum length of push-rod by adopting a
high mounted camshaft.

7 Minimum length of rocker-arm or rocker-
follower to minimize the rocker moment of
inertia.

8 Minimum valve lift necessary to exhaust and
fill the cylinder as this will help to keep down
cam acceleration and deceleration.

Y Minimum cam profile lift acceleration and
deceleration to enable similar movement to
be faithfully transferred from the cam to the
valve.

) Minimum spring load necessary to prevent
valve jump at high engine speed.

1.8.2 A comparison of direct and
indirect cam operated poppet valves
(Figs 1.29(a and b), 1.30, 1.43(aand b) and 2.41(a
and b))

A high spring rate is no substitute for compensat-
ing for poor cam and actuating mechanism design
and only serves to over-stress the components and
cause rapid wear. Cam opening and closing de-
signed lift motion may be accurately relayed to
the valve at relatively low camshaft speeds, but
due to the elasticity in the actuating valve
mechanism, at high speeds the dynamic forces
will distort the transmitted motion from the cam
to the valve so that the actual valve lift will not be
a true copy of the original cam profile.

With a rocker arm and push-rod valve lift
mechanism (Fig. 2.41(a and b)) the cam lift is
multiplied by the rocker arm leverage ratio
whercas with the direct acting QHC using an
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Fig. 1.43 Comparison of direct and indirect actuated poppet valve

inverted bucket follower (Fig. 1.29(a and b)) the
valve lift can only equal the cam lift. Therefore, a
Jarger cam lobe must be used with direct acting
overhead cams compared with a push-rod actu-
- ated vaive if similar maximum vaive lifts are 1o be
obtained. Consequently, the rubbing velocity be-
tween the cam and follower will be higher for
OHC relative to the push-rod operated valve
mechanism. As a result of having to use a bigger
cam lobe a larger diameter inverted bucket fol-
lower is necessary so that its contact face extends
to the full rubbing length of both the opening and
closing sides of the cam profile, thus the OHC
follower will be relatively heavier than a push-rod
follower used to obtain a similar valve lift.
The inertia of the rocker arm could be con-
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siderable, but fortunately it is the moment of
inertia about the rocker shaft from which it pivots
that forms part of the valve train inertia and this is
normally very small. A very popular OHC valve
actuating mechanism uses a horizontal rocker arm
or beam follower, this pivots on a ball stud
mounted on the cylinder head at one end whereas
the other free end rests on top of the valve stem
(Fig. 1.30). The cam which is mounted over the
arm is positioned roughly two-thirds from the
pivot end and therefore provides something like a
1.4-1.8 leverage ratio, it therefore enables a
smalier cam lobe to be employed for a given
valve lift compared with the direct acting inverted
bucket follower OHC arrangement. Therefore,
this rocker follower OHC layout not only reduces




the inertia of the valve actuating mechanism to
that of the moment of inertia of the rocker
follower about its pivot, but also reduces the size
and rubbing velocity of the cam lobe. The mo-
ment of inertia for the end pivoting OHC follower
arm is larger than for the centrally pivoting push-
rod rocker arm layout.

Thus, comparing the magnitude of the inertia
levels involved with push-rod and OHC-operated
valve mechanisms, the inertia forces of the two
OHC arrangements described may be very
slightly lower than the push-rod layout but the
difference is far too smail to justify the extra cost
of adopting an OHC arrangement on these
grounds alone.

The real benefits of the OHC-operated valve
mechanisms exist in the increased rigidity pro-
vided by the direct acting inverted bucket fol-
lower and the end pivoting rocker follower when
transferring the cam lift motion to the valve stem.
as compared with the more flexible push-rod and
rocker arm valve actuating layout. A very stiff,
rigid, lift and compact valve operating mechanism
permits each valve to be opened and closed faster
and vet precisely without creating undue vibra-
tion which would cause the follower and valve to
bounce and rebound from the cam lobe profile
and from the valve seat in the cylinder head.

Thus, a very stiff and rigid OHC valve actuat-
ing configuration enables the follower and valve
to follow the designed opening and closing cam
lift and fall profile more accurately under the
varying acceleration and deceleration conditions,
whereas with the more elastic push-rod arrange-
ment the small deflection which occurs in the
push-rod and rocker arm is sufficient to set up
some degree of superimposed oscillating move-
ment into the designed cam lift-and-fall motion.
Generally. a more precise control of the opening
and closing of the valve periods improves the
exhausting and filling of the cylinder and, there-
fore, smaller valve overlaps can be chosen to
improve exhaust emission without sacrificing per-
formance.

An ideally designed valve opening and closing
mechanism should be able to rely on identical
acceleration and deceleration patterns to the
vatve. as produced by the cam profile. This is
never quite possible due to the inertia of the
moving components and the small amount of
elasticity and lack of rigidity of the mechanism
which must always exist.

The reduction in elasticity and the improve-
ment in rigidity of the inverted bucket follower
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OHC as opposed to the push-rod operated layout
can be compared by observing the acceleration
and deceleration oscilloscope pattern traces at
various camshaft speeds of both cam and valve-
lift over their opening and closing periods (Fig.
1.43(a and b}). It can be seen that neither the
OHC or push-rod operated valve actuating
mechanisms are able to provide a perfectly re-
layed acceleration and deceleration motion from
the cam profile to the valve. In fact, the push-rod
arrangement produces a considerable increase in
maximum opening and closing acceleration and
that, instead of the acceleration curve rising and
decaying smoothly, there are many secondary
oscillations superimposed onto the main accelera-
tion and deceleration curve—due basically to the
elasticity and flexibility within the mechanism. As
can be seen from Fig. 1.43(a and b) with the
push-rod and OHC arrangements, the push-rod
secondary oscillations of the valve are of much
larger amplitude and are of a lower frequency
than for the more rigid OHC mechanism. The
more flexible push-rod mechanism relative to the
inverted bucket follower OHC layout is reflected
in the much greater deviation in the valve lift and
fall over the opening period than that of the
designed cam lift and fall (Fig. 1.43(a and b)).
These graphs also illustrate the extended valve
opening at the end of the designed opening period
due to valve bounce, this being much more pro-
nounced with the push-rod layout as opposed to
the direct-acting OHC layout.

If the rocker arm follower-type OHC mechan-
ism valve opening and closing response is com-
pared with both the push-rod and direct acting
OHC. then the ability of the rocker arm follower
to provide the minimum valve acceleration and
deceleration and to follow closely the designed
cam profile lift movement would lie somewhere
between the two extremes; that is, between the
push-rod and direct acting OHC arrangements.

1.8.3 Valve spring control
{(Figs 1.44 and 1.45)

The stiffness of the valve return springs plays an
important part in making the valve lift and fall
closely follow the designed lift and fall of the cam.
If the rate is very high (strong) large stresses will
be imposed on the actuating components and the
severe pressure between the rubbing surfaces of
the cam and follower may cause scuffing due to a
breakdown in the separating film or lubricant.
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Conversely, if the spring rate is very low (weak)
there can be two side-effects at high speed. First-
Iy, the spring will not be able to keep the follower
in contact with the cam profile as the follower
motion changes from acceleration to deceleration
in the mid lift-to-nose region of the cam. Second-
ly. when the valve closes the relatively small
spring load will be insufficient to prevent the
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movement

impact of the valve seating, making it bounce and
rebound (Fig. 1.44) at least once or twice before it
fully closes. Therefore, the engine designer has to
select a spring stiffness (spring rate} (Fig. 1.45)
which is able to control the lift-and-fall motion of
the valve without causing excessive cam and
follower surface wear.,




Camshaft Chain Belt and Gear
Train Drives

2.1 Camshaft timed drives

The timed rotational drive from the crankshaft to
the camshaft may be transmitted by one of four
methods:

1 roller chain;

2 inverted tooth chain;
3 toothed belt;

4 gear train.

2.1.1 Roller chains

Construction

(Fig. 2.1(a and b))

The roller chain consists of a serics of inner and
outer side plate links which are coupled together
by pin and bush joints. The opposed inner links
are held together by seamed bushes which are
forced into pairs of holes punched in each link-
plate, whereas the outer opposing plates are
clamped together by bearing pins which slip
through the inner plate bearing bushes and are
then forced through the outer plate holes before
being swagged at their ends. Articulation of each
joint can then take place by each bearing pin
rolling inside its respective bearing bush. To
reduce chain-to-sprocket tooth friction, loose
fitting seamed rollers slip over each bush when
the chain is initially assembled so that when the
chain is driving, the rollers revolve about their
bearing bushes as they roll over the teeth profiles.
The bearing pins and bushes and the rollers are
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case hardened to reduce wear between the rub-
bing surfaces.

Roller chain drive considerations
(Fig. 2.1(a, band c))
Roller chains can be used to drive complicated
and awkward-positioned camshaft and auxiliary
shafts which may be a short distance or a con-
siderable distance apart. Roller chains are parti-
cularly suitable for camshaft drive layouts sub-
jected to relatively large crankshaft-to-camshaft
centre distance variations, due to cylinder-head
and block expansion and contraction caused by
changing operating conditions. Roller chains are
mounted on sprocket wheels which are attached
to the crankshaft and either to a single or twin
camshaft, or sometimes to a third shaft. This third
shaft may drive the distributor, injection pump,
oil pump, coolant pump. hydraulic power steering
pump, exhauster, air compressor, generator etc.
An automatic chain tensioner is usually re-
quired to take up slackness in the chain caused by
the chain stretching and sprocket wear and, for
more positive drive control between long chain
spans, restraint guide mechanisms are recom-
mended. In some designs a jockey idler sprocket
may be incorporated to increase the angle of
chain wrap of the crankshaft sprocket or camshaft
sprocket wheels in the case of twin camshafts.
Generally, the chain should provide a minimum
of 95° preferably 120°, angle of lap for the
smaller crankshaft sprocket and a minimum of
85°, preferably 95°, for the larger camshaft
sprocket wheels and if there is a jockey idler
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Fig. 2.1 Timing drive roller chain

! sprocket, there should be at least three teeth in and noise level is 23, but due to the usual dimen-
engagement with the chain, and the spacing be- stonal limitations of chain drive arrangements, a
tween the jockey sprocket and adjacent drive minimum of 19 teeth for engines up to 1.6 litres
sprockets should be at least four pitches of the and 20 teeth for engines having cylinder capacities
chain apart or more. of above 1.6 litres may be adopted.

The recommended minimum number of crank- The use of single, double (Fig. 2.1(b and ¢)) or
shaft sprocket teeth for low shock loading, wear triple roller chains will depend largely on engine
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type—vpetrol or diesel, the number of cylinders
and their capacity, the maximum engine speed
and the engine’s applications. Normally, for pet-
rol engines with capacities up to 2.0 litres, a
simple (single} chain can cope, but for 2.0 litre to
5.0 litre engines a duplex (double chain) is neces-
sary; whereas the increased driving torque for an
injection pump on a diesel engine justifies a
duplex (double) chain for all engines up to
5.0 litres and triplex (triple) chains for engine
capacitics above 5.(Hitres.

The maximum number of sprocket teeth should
be kept below 125 otherwise the smallest amount
of pitch elongations between each link, due to
wear, will cause the chain to ride and jump the
sprocket teeth long before the chain is worn out,
In practice, this situation is unlikely to happen
since the maximum camshaft sprocket teeth
generally never exceed 50.

For optimum chain performance the centre
distance between shafts should be between 30 to
50 times the chain pitch: 40 times the chain pitch
is about pormal and 80 times the chain pitch is a
maximum.

It is usual for a chain drive to have an even

(a} Minimum pitch
circle radius

Link
Roller
Bearing
pin

{b)y Maximum pitch
circle radius

number of pitches in the chain; therefore, by
using a crankshaft sprocket with an odd number
of tegth, the times when the same sprocket teeth
and rollers come into contact with each other are
considerably extended, this then helps to produce
a more uniform wear distribution over both chain
and crankshaft sprockets.

Roller chain drive efficiencies are in the region
of 8% to 99% under correctly tensioned and
well-lubricated working conditions.

The life expectancy of a roller timing chain
under favourable running conditions may span
160000 km, 100000 miles or even more.

Roller chain wear should not be allowed to vary
the ignition distributor or injection pump timing
by more than =4° if low emission is 1o be main-
tained.

Rolier chain chordal action

{(Figs 2.1(a, b and ¢}, 2.2(a and b) and 2.3}

The chain links form a polygon on the sprocket
wheel with each adjacent side of the polygon
intersecting at one of the chain joint centres (Fig.
2.2(a and b)). The pitch circle will therefore be

Chordal
lift

Involute
tacth

Sprocket
whee!

R = Maximum
pitch circle
radius

r= Minimum
pitch circle
radius

Fig. 2.2 Roller timing chain and sprocket wheel chordal action
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equal to a circle drawn through each joint centre
surrounding the sprocket and the chordal distance
between adjacent joint centres is equal to the
chain pitch. When the sprocket rotates one chain
roller will engage a sprocket tooth on the drive
side and equally disengage a sprocket tooth on
the non-drive slack side; for an eight-toothed
sprocket (Fig. 2.2(a and b)) this would occur
every one-eighth of a revolution.

When a sprocket tooth is at right angles (at the
top of the sprocket) to the lead in of the chain
(Fig. 2.1{(a)) the effective driving radius of the
chain will be the distance from the sprocket
centre to the chord, /", but as the sprocket
revolves so that a roller becomes positioned at the
highest point (top) of the sprocket, the effective
driving radius of the chain increases to the dis-
tance between the sprocket and roller joint cen-
tres, ‘R’. Now, the linear speed of the chain is
directly related to the effective driving radius of
sprocket, that is

Vi=2nrN m/min
V>, =2wRN m/min

where V, and V> = minimum and maximum chain
linear velocity (m/min);
rand R = minimum  and  maximum
effective chain drive radii (m);
N = constant  sprocket angular
speed (rev/min).

Therefore, if the sprocket rotates at a constant
speed, the cyclic difference in effective chain
driving radius R —r will cause the chain speed to
fluctuate correspondingly. The percentage speed
fluctuation may therefore be given by

arVa

2

V:

where V = percentage speed variation. Thus, the
chordal rise and fall of each chain pitch as it
contacts a sprocket tooth is known as chordal
action and results in repeated variations in linear
chain speed. The fewer the number of sprocket
teeth, the greater will be the cyclic speed fluctua-
tion and vice versa—this can be seen in Fig. 2.3
which shows the relationship between the number
of sprocket teeth and the cyclic percentage speed
variation. It can be seen that the percentage
speed variation decreases rapidly as the number
of sprocket teeth increases. Above 23 teeth or
more the speed fluctuation becomes almost insig-
nificant.

A large chordal rise and fall will produce a
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Fig. 2.3 Relationship between number of sprocket
teeth and cyclic speed variation

correspondingly large acceleration and decelera-
tion pulsation in the chain which can, in the
extreme, produce a very jerky chain drive, noise
and rapid wear.

Sprocket wheels

(Fig. 2.2(a and b))

The roller chain sprocket wheels have involute
tooth profiles permitting the rollers to ride farther
out on the teeth as the chain is stretched under
load or the pitch increases as wear occurs, this
profile thus distributes the load over a larger
portion of the tooth surface.

For best crankshaft sprocket and chain com-
patibility a 0.6% carbon steel hardened to Brinell
Hardness 180-220 is recommended whereas the
larger camshaft sprocket wheel, which has a
greater number of teeth in contact with the chain,
can be made from close grained cast iron or even
case hardened mild steel.

2.1.2 Inverted tooth chain (Morse HY-
VO link)

Construction

(Figs 2.4 and 2.5)

The chain comprises a series of inverted (inward
facing teeth) horseshoe-shaped steel links hinged
together by pin and rocker joints (Fig. 2.4). The
width of the chain is made up from adjacent
inverted links alternately stacked with outer guide
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Fig. 2.4 Inverted teeth chain pin and rocker joint articulation

links on either side, all held together by the
riveted ends of the pins forming the pin and
rocker joint (Fig. 2.5).

The riveted link plates have pairs of segmental
holes punched through them at either end, the
swing joints are then formed by pairs of identical
semi-circular pins passing through the alternately
stacked adjacent links.

Link joint articulation is provided by the con-
cave back of each joint pin fitting snuggly against
a convex key formed in each segmental joint hole;
thus, the pins are prevented from rotating relative
to the inverted link to which they are keyed, but
the semi-circular pin and rocker faces contact
each other and are therefore able to roll together
as the links wrap themselves around the sprocket
wheels.

Quter
Inverted quide
tocth links plate
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Fig.2.6 Planview of inverted tooth chain
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Concentric pin-rocker compensating joint
(Fig. 2.6(a and b))

The load bearing contact of the inverted link
joints is provided by the pin and rocker curved
working faces. When the chain links are in-line,
that is stretched out straight, the contact point
will be just below the pitch line (Fig. 2.6(a)) of
the chain. However, as adjacent links hinge about
their pivots, the rolling contact point of the two
curved surfaces moves upwards, thereby margi-
nally increasing the pitch between adjacent articu-
lated links (Fig. 2.6(b)). The extended pitch is
designed to equal that needed for the chain to
wrap itself around the sprocket along the pitch
circle. Tt is through this method of elongating the
articulated link pitch in combination with the
inverted link teeth engaging the involute sprocket
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Fig. 2.6 Inverted tooth timing chain {Morse HY Vo) and sprocket wheel chordal action

teeth, that the chordal action is reduced. This shot peened and pre-stressed for greater load

automatic adjustment of the link pitch, so that the capacity and fatigue resistance.

chain closely follows the circular pitch with very The pin and rocker combination provides a

little variation in pitch circle radius is known as rolling action between the curved bearing contact
i chordal compensation. faces, this minimizes the sliding friction and joint
| A reduction in chordal action with inverted link galling—that is, the rubbing away of one surface
[ chains decreases chain pulsation, vibration, wear by the other when there is very little relative

and noise. movement, as happens with the pin and bush joint

of a conventional roller chain.
No chain tensioner or damper of any kind

Inverted-tooth chain considerations should be used with the inverted-teeth type chain,
: (Fig. 2.6{a and b)) which is in contrast to the roller chain where some
; High strength alloy steel is used for the pins and sort of tensioning to compensate for the stretch/
; links and heat-treatment is controlied so that the wear of the chain is essential.
hardness tolerance is only 3 points on the Rock- Wear in an inverted-link chain elongates the
well C scale; in addition, the pins and links are pitch between joints, this forces the chain further
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out from the sprocket teeth thereby creating a
larger pitch circle (Fig. 2.6(a and b)). This results
in the chain teeth engaging the involute flanks of
the sprocket teeth further out. Consequently, as
the chain wears, the chain teeth contact on the
sprocket teeth, move to the unworn portion of
involute sprocket teeth, and the increased pitch
circle of the chain automatically takes up any
slack tendency of the chain spanning the drive
and driven sprocket wheels.

Sprocket wheels suitable for supporting in-
verted link chain drives are best made from a cast
pearlitic malleable iron surface, induction har-
dened to 60 Rockwell ‘C’ scale. Sometimes, tim-
ing camshaft sprocket wheels ar¢ made from
fibre-reinforced nylon,

2.1.3 Synchronous toothed-belt drive

A synchronous belt drive is an internally cogged
(teeth) endless strap which engages identically
shaped grooves formed on the drive and on the
driven pulley wheel circumferences, so that a
positive non-slip timed drive is provided.

Construction

(Fig. 2.7)

Toothed belts are basically composed of four
components each having a specific function:

1 load carrying cords;

2 moulded drive teeth;

3 cord support backing;
4 wear resistant facing.

Cord
support
backing

NONNY A

rubber

. nylon
carrying yaar tooth
cords  ragisting

facing

Fig. 2.7 Synchronous timing toothed belt drive
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Load carrying cords

(Fig. 2.7)

The belt member transferring the torque load
from the drive to the driven pulley is made of very
strong flexible glass-fibre cords. These cords are
dimensionally stable ensuring that the length of
these belts never changes; that is, they do not
stretch and the belt teeth easily and continuously
mesh with the pulley grooves, which provide the
spacing for the belt teeth. The flexibility. stability
and compactness of the cords make them particu-
larly suitable for forming the backbone of the
camshaft belt drive.

Moulded drive teeth

(Fig. 2.7)

Belt grip is provided by internally spaced, tough,
shear-resistant Neoprene rubber cogs or teeth
mouldings that are bonded to the inside layer of
the tensile load bearing cords to a close tolerance
on pitch and length. This enables the belt to mesh
perfectly with the pulley teeth so that engagement
and release occurs, without drag, in a progressive
and smooth manner.

Cord support backing

(Fig. 2.7)

The support backing is bonded to the load-
carrying cords and is made from oil and age
resistant synthetic rubber, which is both flexible
and durable. This rubber backing, which is
smooth on the outside, positions and supports the
glass-fibre cords so that they all share the drive
load and pull together smoothly and evenly. At
the same time, the smooth outer surface of the
backing reduces vibration when the belt is in
contact with the jockey idler pulley.

Wear resistant facing

(Fig. 2.7)

The toothed side of the belt is protected by lining
it with a tough woven nylon fabric that has been
chemically treated and is impregnated with abra-
sion oil and ageing resistant synthetic rubber. As
a result, the belt-to-pulley interface friction is
reduced and the teeth are able to deform slightly
under load or by torsional oscillation without
prematurally cracking in the roots of the teeth.
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Fig. 2.8 Straight tooth profile timing belt and sprocket pulley

Belt and pulley operating conditions

(Figs 2.8 and 2.9(a and b))

The belt and pulley teeth generally have
a pitch of 9.5mm and they may have a
shallow straight-sided profile (Fig.2.8). How-
ever, the deep involute tooth profile (Fig. 2.9(a
and b)) is becoming more popular since this
profile tends to reduce belt scuffing, noise, im-
prove belt life and make it more difficult for tooth
jumping under cold starting conditions. To sus-
tain the average load transmitted by a camshaft
and auxiliary driven equipment, a 19mm or
25 mm belt width standard is adopted (Fig. 2.8).
The tensile strength of the belt cords is very high
and more than adequate to cope with the com-
bined steady and fluctuating torque load, there-
fore the most common belt weaknesses are tooth
wear and tooth jumping.

If the pulley grooves are roughly finished or are
burred, the nylon lining quickly wears away and,
once this happens, fairly rapid rubber tooth
moulding wear occurs until the load is too high for
the remaining section of the tooth, which then
shears. Another cause of rapid belt wear is due to
pulley misalignment, which results in unequal
tension across the belt width so that cyclic distor-
tion occurs between the load carrying cords and
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moulded rubber teeth. Extreme edge wear there-
fore takes place, the rubber surrounding the cords
disintegrates and, with inadequate support for the
cords, the belt will eventually fracture due to cord
fatigue.

A minimum pulley size of 19 grooves, and a
minimum of six teeth in mesh with the crankshaft
drive pulley, is considered necessary. In general,
for large torque consuming drives like diesel
injection pump drives, the angle of wrap should
be increased so that more teeth are in engage-
ment with both the drive and driven pulleys than
is absolutely necessary for a simple two-pulley
crankshaft-to-camshaft drive. A further precau-
tion to prevent the belt teeth jumping over any of
the pulley teeth is a snubber guide which can be
placed directly above the point of entry of the belt
to the pulley, and approximately 0.75 mm from
the smooth backing of the belt. Beit jump is more
likely to occur during engine cranking when the
engine is cold. For injection pump drive, torque
occurs periodically over a small angular camshaft
movement of about 10° with relatively high peak
values of something like 40Nm (Fig.2.10).
Under these fluctuating load operating condi-
tions, involute deep-tooth profile belts and pul-
leys become essential to avoid any of the belt
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Fig. 2.9 Involute tooth profile timing helt and
sprocket pulley drive

teeth jumping the matched pulley teeth.

To prolong the life of the belt it should be kept
free of grease or oil contamination as this tends to
counteract the smooth grip of the belt as it
engages and disengages the pulley circumferential
toothed profile. At the same time any grease Or
oil may react with the lining fabric protecting the
teeth and so cause it to deteriorate.

Valve Spring and Injection

Injection

40 pump
— torgue
E Valve
;’ 30+ spring
2 torque
3
g 20}
o
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0
0 180 360 540 720
Crankshaft Angutar Movement (deg}
Fig. 2.10 lllustration of cyclic spread valve spring

torque and instantaneous injection pump torque for a
four-cylinder engine
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Sprocket

Toothed-belt tension
Engine temperature may vary in the UK from
something like 0°C before starting on a cold
winter’s day to a running temperature of 90°C,
and in cold climates the initial temperature may
drop as low as —30°C.

The engine block and cylinder head will there-
fore expand or contract something like 0.1 to
0.2% depending upon the engine’s component
materials and the amount the mean engine
temperature changes.

The coefficient of linear expansion for the belt
will be smaller than for the material used for the
engine and, in addition, the timing belt will
operate at a much lower temperature than that of
the block and cylinder head. Therefore, the belt
tension will increase as the engine temperature
rises from the off-load to the full-load working
conditions.

A belt tensioner device serves only to adjust
initially and set the belt tension correctly since,
practically, it does not stretch during service. In
contrast, a roller chain tensioner device is pro-
vided to take up the chain slack caused by the
stretching of the chain as wear takes place during
the engine’s operating life.

For easy removal and assembly of a toothed
timing belt, a sideway defiection between pulleys
should be of the order of 4 to 5 mm, whereas for
adjustment of the belt tension only 1 to 2mm
movement is generally required.

The belt must not be overstretched when its
tension is adjusted between the crankshaft pulleys
and any other auxiliary drive pulley. For belts
fitted to 1.5 to 3.0 litre diesel car engines a typical
tension would be about 150 N. A more precise
belt tension for both cold starting and normal
running would be a minimum of 50N and a
maximum just above 250 N respectively, but an
automatic variable tensioning mechanism has not
been considered necessary up to now.

Overtensioning of these timing belts consider-
ably shortens belt life and simultaneously in-
creases the pulley bearing radial loads—
subsequently increasing bearing wear.

Pulleys and flanges

(Fig. 2.8)

Pulleys can be made from carbon steel forgings
and iron castings but the machined finish and final
heat treatment to harden the pulley grooved
surfaces is expensive. A better alternative is sin-
tered steel powder preformed to improve the
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surface finish and to work-harden the material
around the teeth profile surface. A very low-cost
solution for large volume production is injection
moulding with thermoplastic polymide resins such
as Nylon 66 glass filled from 20% to 30%, and
anti-friction additives such as graphite or molyb-
denum bisulphate from 1% to 5%. These plastic
compounds are moulded onto steel hubs to pro-
vide the pulley with adequate dimensional stabil-
ity and support. The major problem with plastic
pulleys has been to predict with accuracy the
shrinkage of the mould pulley—which may vary
under different moulding conditions and there-
fore produce pulleys outside the recommended
dimensional tolerances.

Toothed timing belts have an inherent ten-
dency to generate a slight side thrust when in
motion, therefore some sort of guide flange
(Fig. 2.8) is necessary to prevent the belt winding
itself off the edge of the pulley. In general, for
drives with two pulleys, there should be one
flange on opposite sides on each pulley or on each
side of the drive pulley only. With three pulleys,
at least one should be flanged on two sides, while
for drives with more than three pulleys at least
two pulleys should be flanged on two sides or
more than two on opposite sides.

Merits of toothed-belt drives

Wide speed range capability The lightness and
flexibility of the belt enables it to accelerate and
decelerate smoothly and to operate at very high
speeds and over a wide speed range without any
side effects.

Silent belt drive system The drive provides a low
noise level due to the absence of metal-to-metal
contact between the belt and pulley teeth as they
move into and out of mesh.

Belt chatter and vibration is eliminated Speed is
transmitted uniformly; this is because there is no
chordal rise and fall of the pitch line, no belt
creep or slippage and therefore no belt chatter or
vibration.

Low heat build-up and high mechanical effici-
ency There is very little heat build up due to the
very low belt-to-pulley surface friction and re-
latively low tensile tension. The thin belt cross-
section makes the belt very flexible and there will
be negligible hysteresis. As a result, the belt-to-
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pulley drive has an unusually high mechanical
efficiency.

No belt drive maintenace required The absence
of metal-to-metal contact and the relatively low
belt tension eliminates the need for lubricating
the belt and pulley system and, with the low radial
pulley bearing load, periodic belt-and-pulley and
pulley-bearing adjustment is eliminated.

Low-cost drive system A belt drive arrangement
can be arranged to cope with complicated drive
configurations with relatively low-cost grooved
pulleys, a jockey idler tensioner and a toothed
belt.

Limitations of toothed belt drive

The life expectancy of a toothed belt is about
one-third of a chain drive used for a similar
application. The recommended belt replacement
period is normally 60000 km (36000 miles).
However, there is a new generation of toothed
belts which claim a life expectancy of 160000 km
(100000 miles).

There is no warning indication when a belt is
about to fracture and when it does, valves in the
cylinder head may bump against the piston crown
necessitating their replacement.

Cold start instantaneous belt loads can cause
the belt teeth to jump over engaging pulley tecth,
thereby altering the valve, ignition or injection
pump timing.

2.1.4 Gear train drive

When high loads or high speeds are to be sus-
tained for long operating periods, then the most
reliable method of driving both camshafts and
injection pump shafts is the involute gear train.
Helical involute gears are generally used to en-
sure continuous tooth contact and to overcome
tooth pitting and wear, which could result in
increased backlash, and to provide minimal valve
and injection-pump timing variation throughout
the life of the engine.

Conflicting reasons for not using gears are that
accurate distances between shaft centres under all
operating temperatures are required, a large
number of gears may be needed to make up a
train set suitable for driving overhead cam lay-
outs, and the backlash between each pair of gears
connected in series becomes accumulative.
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Fig. 2.11 Sliding action of meshing involute teeth

Construction of an involute tooth profile
(Fig. 2.11)

The involute of a circle can be considered as the
curve traced by the end of a cord being unwound
from the circle.

The involute tooth profile is constructed by
drawing a base-circle of diameter D mm, say
140 mm (Fig. 2.11). The circumference is then
divided into a convenient number of parts, say
intervals of 10°. Each division on the circumfer-
ence is equal to

ﬂ_ﬂ140_122
% 36 oMM

Tangents are next drawn at each marked point
on the circumference of the base circle.

The length of the first tangent line

is equal to w140/36 = 12.2 mm
The length of the second tangent line

isequal to 12.2 x2 = 24.4 mm
The length of the third tangent line

isequal to 12.2 x 3 = 36.6 mm
The length of the fourth tangent line

isequal to 12.2 x4 = 48.8 mm
The length of the fifth tangent line

is equal to 12.2x 5 =61.0 mm
The length of the sixth tangent line

is equal to 12.2 X6 = 73.2 mm

Finally, the involute curve is generated by
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drawing a line joining up the ends of each gener-
ated tangenttal line.

Involute tooth sliding and rolling

(Fig. 2.11)

When teeth of an involute form are in mesh the
action is one of rolling and slipping. For every 10°
interval around the base circle, projected tangen-
tial lines of increasing length equal to the unwrap-
ped base circle arc from the start point are
produced, the joined-up ends then form the invo-
lute tooth profile (Fig. 2.11).

The unwrapped tangential lines, as they move
away from the starting point on the base circle,
increase in length but at a decreasing rate, thus:
the second tangential line length has increased
100% relative to the first; the third tangential line
length has increased 5% relative to the second;
the fourth tangential line length has increased
334% relative to the third; the fifth tangential line
length has increased 25% relative to the fourth;
the sixth tangenttal line length has increased 20%
relative to the fifth.

The incremental distance between tangential
line ends making up the involute curve becomes
larger and larger as the curve moves outward
from the root to the tip of the tooth (Fig. 2.11).

Hence, for equal base-circle intervals, the in-
cremental involute curve length 5-6 is greater
than distance 4-5 and 4-5 is, similarly, greater
than distance 34 and, accordingly, distance 34 is
greater than 3-2, and so on.

If the gears are revolving at a umiform speed,
then each angular interval, and therefore involute
incremental distance, must be completed in the
same time. Consequently, when two teeth are in
mesh and, say, increment 34 on one tooth con-
tacts say, increment 4-5 on the other, then the
smaller increment distance has to be completed in
the same time as the larger increment length;
thus, this can only be achieved by relative slip-
page between the contacting profiles of each
tooth.

Maximum sliding occurs where the largest in-
crement length, say 5-6, on one tooth rubs
against the smallest increment distance, say 1-2,
on the adjacent tooth, whereas intertooth rolling
only occurs when equal length involute profiles
face each other near or at the pitch point. Thus,
the further the engaging teeth move away from
the pitch point, the greater will be the rubbing
action.
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(Fig. 2.12)

Turning effort is transferred from the driver to
the driven gear wheel along a line of action which
is perpendicular to the teeth at their point of
contact and which passes through the pitch point
to form common tangents to both base circles
(Fig. 2.12).

The angle made between the line of action in a
direction in which the pressure is exerted by one
tooth on the other, and a line perpendicular to the
centre line of these gears, which also passes
through the pitch point, is known as the pressure
angle, which is normally 20°.

When two teeth of any pair of gears having
involute profiles engage, their point of contact lies
somewhere along this line and, as these gear
wheels rotate, adjacent meshing-teeth contact
points move continuously along the line of action.

Gear teeth definitions

(Fig. 2.12)

Pitch circle A circle, the radius of which is equal
to the distance from the gear axis to the pitch
point.

Pitch point  The point of contact and tangency of
the pitch circle or the point where the centre line
of mating gears intersects the pitch circles.

Pitch line A line drawn through the pitch point
tangential to both pitch circles.

Line of action That portion of the common
tangent to the base circles along which contact
between mating involute gear teeth occurs.

Circular pitch Length of the arc of the pitch
circle between the centres or other corresponding
points of adjacent teeth.

Pressure angle ({) The pressure angle of a pair
of mating involute gears is the angle between the
line of action and a line perpendicular to the
centre line of these gears.

Tooth engagement and disengagement
(Fig.2.13)

In order that a pair of gears may give a constant
angular velocity it is essential to design the teeth
so that before one pair has disengaged another
pair has taken up the load. Thus, to produce a
smooth and continuous drive each pair of teeth
must come into contact before the preceding pair
has broken contact; hence, the greater the over-
lap interval of tooth contact the smoother the
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Fig. 2.13 Meshing teeth load distribution
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action. To achieve a smooth transition of load
from one gear to another the average number of
pairs of teeth in contact must be greater than one.

Under these conditions, where one particular
tooth makes contact near either its outer edge or
base circle, a second tooth of the same gear is also
in contact with a corresponding tooth. The whole
turning thrust load is taken by a single tooth only
when the tooth contact is near the pitch line. The
engagement and disengagement process can be
explained in the following way, as shown in
Fig. 2.13.

The fully meshed central driver gear tooth
right-hand face contacts the driven gear left-hand
flank of the adjacent tooth point (1) along the
line-of-action; whereas, a second pair of teeth,
just coming into mesh, contact each other on the
flank near the base-circle on the driver gear which
aligns with the outer face tip on the driver gear
tooth point (2), again along the line-of-action.
Immediately before the second pair of teeth
touch, it is the driver gear central tooth alone that
absorbs the transmitted load point (1), this being
the outermost point of its contour at which it will
carry the full tooth load. Further rotation of the
gears causes the driver gear profile contact to
continue to move outwards and along the line-of-
action until the tip of the tooth is reached. Thus,
during the period when the second pair of teeth
progressively come into contact, an increasing
proportion of the load is taken by the second
driver gear tooth as its point of contact moves
from the base circle to the pitch-circle. Therefore,
a driver gear tooth is subjected to the greatest
bending stress when it passes through the pitch
point just before the next pair of teeth mesh and
contact each other.

The cycle of tooth engagement commences
with the tip of the driven tooth making contact
with the flank of the driver tooth and terminates
when the tip of the driver loses contact with the
flank of the driven gear.

Helical tooth gears

When gears are used to connect parallel shafts in
the same plane and are inclined to the axis of the
shafts forming part of the helix they are known as
single helical gears. For these helical gears to
mesh together they must have the same helix
angle but be of the opposite hand. Helix angles
may range from 25° to 45° but a more typical
value would be 30°. The limitation to large helix

angles is that the end thrust rises in proportion to
this angle.

The engagement of a pair of helical teeth takes
place with contact commencing at one end and
steadily extending over the whole tooth width.
The helix angle and the face width are propor-
tional so that the leading edge and the toothcome in
contact at the pitch-line before the trailing edge of
the preceding tooth has passed out of contact at the
pitch-line. By these means, the approach and
recession of mating teeth enables the transference
of power to be continuous and smooth,

It is interesting to note that with straight invo-
lute teeth, if the circle pitch and tooth profiles
were perfectly machined and no deformation of
the teeth occurs under load, then the smooth
transference of power from the driver to the
driven gears would be of equal quality to that of
the helical gearing, but unfortunately this is never
achieved.

Tooth wear

Failure of gear teeth is frequently due to the
non-upiform load distribution across the tooth
width caused by the deflection of the shaft and the
support housing under load so that stress concen-
tration occurs somewhere near the tooth root
causing the tooth to fracture. Excessive compress-
ive loads show up in the form of pitting and
scoring which normally occurs near the pitch line.
Eventually the involute contour is destroyed in
the region so that the engagement becomes jerky
and noisy. Therefore, under extreme high-load
operating conditions the impact transference load
caused by the damaged surfaces rapidly acceler-
ates tooth profile wear further.

2.2 Camshaft pulley,
sprocket and gear wheel
attachments

2.2.1 Camshaft timing belt toothed
pulley wheel attachment
(Fig. 2.14(a))

The toothed pulley central bore is a forced fit over
the overhang portion of the camshaft. Positive
drive is provided by the segmental woodruff key
located betwecn the external semi-circular
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Fig. 2.14{a—d} Camshaft timing drive mounting with end float control

machined groove setbolt and the internal parallel
groove formed in the pulley hub. A central axial
setbolt draws the pullcy hub via the large washer
over the reduced diameter portion of the cam-
shaft until it is positioned hard against its
shoutder.
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Camshaft end float is controlled by a thrust
collar which is located in a slot machined in the
front pedestal mount. When correctly positioned
the semi-circular side of the collar fits in the
groove next to the cylindrical reduced diameter of
the recess machined on the camshaft.



A further feature of this pulley attachment is
that an oil seal is located in the enlarged mouth of
the camshaft support bearing to prevent oil escap-
ing from the front of the camshaft and spilling
onto the pulley and belt—which must be kept dry
at all times.

2.2.2 Camshaft timing chain single-
toothed sprocket wheel attachment
(Fig. 2.14(b))

A single-toothed sprocket wheel attachment for
light-to-medium duty applications is shown in Fig.
2.14(b); here, the sprocket wheel is a single flat
disc with a central hole mounted in the reduced
diameter portion of the overhanging camshaft. A
woodruff key is then located between a flat and
semi-circular groove machined in both sprocket
wheel and shaft respectively.

The positioning of the sprocket wheel on the
end of the camshaft is determined by the thick-
ness of the spacer ring which is sandwiched be-
hind the sprocket. A central setbolt, when tight-
encd, pulls the sprocket wheel and spacer ring
hard against the first step on the shaft through the
overlapping flat washer.

End thrust, which develops in operation, is
absorbed by a thrust collar situated between the
spacer ring and the second step on the camshaft.

The removal of the camshaft is achieved by
aligning holes in the sprocket wheel with the
thrust collar location bolts which can then be
unscrewed, this then permits the thrust collar to
be withdrawn.

2.2.3 Camshaft timing chain double-
toothed sprocket attachment
(Fig. 2.14(c))

A more substantial method of mounting the
sprocket wheel onto the camshaft provides the
hub of the sprocket wheel with a recess which fits
directly over the spigot support at the end of the
shaft. Drive is then transferred by a dowel-pin
which is pressed into the offset aligned holes in
both the camshaft and sprocket wheel, and the
attachment is then completed by a central setbolt
which draws the sprocket wheel recess and cam-
shaft end flat faces together.

Camshaft end thrust reaction is then provided
by a thrust-collar which slips into the grooved

recess machined on the camshaft and is held in
place by a pair of location bolts (only one shown).

2.2.4 Camshaft timing helical-toothed
gear wheel attachment
(Fig. 2.14(d))

For heavy duty applications where straight or
helical timing gears are used a central recess is
machined into the gear hub on the side facing the
camshaft. The gear wheel can then be attached to
the end of the camshaft by pushing the recessed
hub over the spigot support provided by the
camshaft. The drive is then transferred from the
gear to the camshaft through four or more set-
bolts passing through holes drilled in the flanged
part of the gear hub.

End-thrust of the camshaft in this example is
provided by the flanged portion of the camshaft
fitting in the enlarged bore formed in the front
pedestal mounting, and outward movement of the
camshaft is prevented by the thrust-collar encom-
passing half the flanged shoulder of the camshaft.

Removal or replacement of the thrust-collar is
made possible by aligning holes in the side of the
gear wheel with the thrust-collar location bolts.

2.2.5 Camshaft end thrust and float
(Fig.2.15¢a, b, cand d))

The transmission of motion from one shaft to
another by means of a belt chain or gear drive will
always produce some degree of end thrust on the
camshaft even if the pulley sprocket or straight-
toothed gear appears to be parallel to the shafts.

This is usually due to some misalignment be-
tween driver and driven wheel under operating
conditions and by a cam and follower offset
interaction when opening and closing the cylin-
der-head valves.

End-float and thrust control is normally
achieved with an end-plate, or a collar, which is
shaped to fit into or over a recessed groove or a
shouldered portion of the camshaft, respectively.

With the recessed groove, the thrust-collar
reacts against the end-thrust in either direction
(Fig. 2.15(a and d)), whereas, with the flanged
camshaft, end thrust is taken either by the thrust
collar (Fig. 2.15(b)} or by the end-plate (Fig.
2.15{(c}) which, in the latter case, provides an
adjustment to the end float by altering the thick-
ness of the end-plate flange gasket.
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The amount of end float can generally be
checked by inserting a feeler gauge between the
thrust collar and grooved side (Fig. 2.15(a}) or
flanged shoulder (Fig. 2.15(b)), alternatively a
dial gauge can be placed against one of the
camshaft journals or cam shoulders, the end float
can then be read from the clock gauge as the
camshatft is levered to and fro.

{d) Cylinder head mounted camshaft with

distributor drive and end float control

2.3 Camshaft chain drive
arrangements

2.3.1 Cylinder-block mounted
camshaft chain drive
(Fig. 2.16)

For low mounted camshafts, the simplest of
drives is a short chain joining together the two-to-
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Fig. 2.16 Cylinder-block mounted camshaft chain
drive {(Renault)

one speed step-down ratio crankshaft and cam-
shaft sprocket wheels, with a slipper-head chain
tenstoner situated mid-way between the sprockets
on the chain stack side. A typical sprocket wheel
size would be 21 and 42 teeth for the crankshaft
and camshaft sprockets respectively.

2.3.2 Cylinder-block camshaft,
injection 1!:l)ump and generator chain
drive with two idler sprockets

(Fig. 2.17)

A well-proven chain sprocket and idler configura-
tion, which has been adopted by Gardner diesel
engines for many years, is shown in Fig.2.17.

Camshatft Injection
drive pump drive
sprocket gear

Fixed

idler

sprocket

Generator
drive sprocket

Crankshaft Adjustable
drive idler sprocket
sprocket

Fig. 2.17 Cylinder-block camshaft injection pump and
generator chain drive with two idler sprockets
(Gardner Dieset)

This luyout not only drives the low-mounted cam-
shaft and generator directly, but indirectly drives
the injection pump via a pair of meshing gear
wheels driven by way of the camshaft sprocket
wheel. Strict control of two sides of the triangu-
lar chain layout is obtained by a pair of idler
sprockets, one fixed and the other with an eccen-
tric adjuster, whereas experience has shown that
the third side only requires a vibration damper
strip to minimize any chain whip and vibration. A
chain drive of this type was basically chosen as it
could readily cope with the relatively large expan-
sion and contraction occurring between crank-
shaft and camshaft centre distances caused by the
aluminium alloy crankcase.

2.3.3 Overhead camshaft chain drive
(Fig. 2.18)

Overhead camshaft drives require a much longer
chain to span the relative large centre distance
between the small crankshaft and large camshaft
sprocket wheels; therefore, these chains must be
supported not only by a chain tensioner but
additional vibration damper strips which guide
and absorb whip over the extensive chain span.
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Fig. 2.18 OHC chain drive (Vauxhall)
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2.3.4 Overhead camshaft with
injection pump and oil pump chain
drive

(Fig. 2.19)

A three-cornered chain configuration is used for
this car diesel overhead camshaft engine, this
layout uscs a long curved and hinged rail and
automatic chain tensioner for the slack chain side
and a pair of double-sided vibration damper
guides to give closer chain control on the drive
side of the chain. A second short chain is used to
drive the oil pump and, at the same time, to
reduce its speed relative to the crankshaft, there-
by conserving power to drive the pump in the
upper speed range.

2.3.5 Overhead camshaft two-stage
chain drive with auxiliary shaft
(Fig. 2.20)

A single chain looped between the crankshaft
sprocket and the overhead camshaft sprocket

Camshaft
sprocket
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damper strip

Chain
tensioner

Intermediate
bX " double
p sprocket

Chain
tensioner

Crankshaft
sprocket

Fig. 2.20 OHC with two-stage chain drive with
auxiliary drive shaft (Rover)

forms a relatively large chain span which can be
the cause of excessive chain whip noise and wear.

A convenient approach to reduce the centre
distance between chain sprockets is to employ an
intermediate double sprocket wheel and two
short timing chains, this not only halves the length
of each chain span but also provides a drive for an
auxiliary shaft utilized to drive the distributor, oil
pump, fuel pump etc.

Each endless chain between sprocket wheels
forms a single drive stage, the primary stage is
therefore between the crankshaft sprocket and
the large intermediate sprocket while the secon-
dary stage completes the drive from the small
intermediate sprocket to the camshaft sprocket.

The sprocket teeth sizes are so chosen that
the two-to-one speed reduction is obtained in two
stages, this enables a smaller camshaft sprocket to
be used compared with a single chain drive when
using the same number of teeth on the crankshaft.

2.3.6 Twin overhead camshaft two-
stage chain drive with idler sprocket
between camshafts

(Fig. 2.21)

To reduce the chain span between the crankshaft
and camshaft sprockets it is usual on twin over-
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Fig.2.21 Twin OHC two-stage chain drive with
tensioner between camshaft drive sprockets {Jaguar)

head camshaft engines to deliver the drive in two
stages employing an intermediate double sproc-
ket wheel to transfer the drive from the primary
to the secondary stage. The overall two-to-one
speed reduction between crankshaft and camshaft
can therefore be carried out in two parts, hence
smaller camshaft sprocket wheels can be used
which make the cylinder-head twin camshaft
drive more compact as compared with a single
chain drive. The primary chain provides a parallel
chain drive conveying motion from the crankshaft
sprocket of, say, 21 teeth to the larger of the two
intermediate sprockets of, say, 28 teeth. The
secondary chain then transfers the chain drive
from the smaller intermediate sprocket wheel of,
say, 20 teeth upwards and outwards to the cam-
shaft sprockets having, say, 30 teeth and then
downwards between the adjacent sprockets to
loop around the centrally mounted eccentric
adjustable idler jockey sprocket.

The speed reduction can therefore be derived
from a popular set of sprocket wheel sizes as
follows.

Let crankshaft sprocket size = 21teeth

large intermediate sprocket size = 28 teeth
small intermediate sprocket size = 20 tecth
camshaft sprocket size = 30 teeth

speed reduction ratio =

__ primary output y secondary output

primary input  secondary input

_ large intermediate sprocket
crankshaft sprocket

camshaft sprockets

X
small intermediate sprocket
28 30
= —— =
21 20

With this arrangement the camshaft chain lap
angle has been extended by fitting a deep-
mounted central idler jockey tensioner, and chain
vibration is absorbed by the two vibration damper
strips located either side of the secondary chain
betwecn the intermediate and camshaft sprocket
wheels. Primary chain slackness is supported by a
slipper-head chain tensioner on the outside, just
above the crankshaft, whereas a vibration damper
strip is positioned on the inside of the chain just
below the intermediate sprockets. A third chain is
used to provide a speed step-down and drive for
the lubrication pump.

2:1

2.3.7 Twin overhead camshaft and
auxiliary equipment two-stage chain
drive

(Fig.2.22)

A second example of a two-stage chain drive is
shown in Fig. 2.22: such an arrangement provides
a speed reduction in each chain drive stage. thus
bringing down the camshaft revolutions so that
they revolve at half crankshaft speed. A triple-
sprocket triangular-chain drive forms the primary
stage, the crankshaft sprocket providing the input
drive to the larger intermediate double sprocket
wheel and the auxiliary shaft sprocket. Likewise,
the second-stage triple-sprocket wheel-chain lay-
out is triangular, taking its input drive from the
smaller of the intermediate double sprocket
wheels; this sprocket relays motion via the chain
to the twin camshaft sprocket wheels. No idler
jockey sprocket is used as in Fig.2.21, there-
fore chain stackness is controlled entirely by the
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Fig.2.22 Twin OHC and auxiliary equipment two-
stage chain drive (Jaguar)

hinged rail tensioner and vibration damper
guide strips.

2.3.8 Vee8and 12 single overhead
camshaft single-stage chain drive
(Fig. 2.23)

A very popular Vee 8- or 12-cylinder engine chain
drive arrangement for a single overhead cam-
shaft, uses only a single chain, four sprockets, a
curved strip chain tensioner and three vibration
damper guide strips (Fig. 2.23).

The chain layout is basically a vee configuration
with the crankshaft and idler jockey sprockets
forming the apex and the camshaft sprockets and
chain span representing the arms. The deep
mounted idler jockey sprocket provides a large
angle of wrap for both camshaft sprocket wheels.
Chain slack control is achieved by the long curved
strip chain tensioner and chain vibration is res-
trained by the normal vibration damper guide
strips. A separate oil pump chain drive can be
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Fig.2.23 Vee 8 and 12 single ORC single-stage chain
drive {Jaguar and Mercedes)

dispensed with by incorporating a crescent-type
oil pump driven directly off the crankshaft.

Provided twin camshafts are not essential. the
single-chain drive weighs far less, and costs are
reduced, compared with the twin overhead cam-
shaft two-stage arrangement shown in Fig. 2.24,
which utilizes four chains and 12 sprockets. Also,
the noise level is lowered and the chain drives
smoother with twice the number of cam profiles
on each shaft.

2.3.9 Vee8and 12 twin overhead
camshaft two-stage chain drive
(Fig. 2.24)

A twin camshaft chain-drive double cylinder-
bank arrangement, such as is used by vee 8 and 12
engines, is shown in Fig. 2.24.

This layout relays the drive in two steps via
intermediate double sprocket wheels. The prim-
ary chain first speed-reduction stage conveys the
drive from the crankshaft via a pair of intermedi-
ate double-sprocket wheels mounted on each of
the cylinder blocks, a large angle of wrap being
provided by incorporating an idler jockey sproc-
ket between the intermediate double sprockets.
The second speed-reduction stage then continues
the drive from each intermediate sprocket to its
corresponding twin camshafts’ sprockets via the
usual triple-sprocket triangular chain drive lay-
out. Chain slackness and vibration control for
each independent triangular chain drive is then
catered for in the normal way with both slipper-
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Fig. 2.24 Vee 8 and 12 twin OHC two-stage chain drive {Jaguar)

head and hinged-rail chain tensioners for the
primary and secondary stages respectively.

Chain vibration retief on all the non-drive sides
of the chain are absorbed by conventional vibra-
tion damper strips. A fourth simple short-chain
drive rotates the oil pump. a large oil-pump
sprocket being used to reduce the oil-pump speed
so that the power consumed by the pump is
minimized.

2.4 Chain tensioners and
vibration damper strips
(Fig. 2.25(aand b))

With a chain drive, the torque transmitted from
the driver to the driven sprocket wheel is con-
veyed by the taut side of the chain, which alone
takes the load, whereas the slack side of the chain
only provides a means of returning the chain links
unwound on the driver sprocket.

Thus, when the engine is accelerating or steadily
pulling, the slack side of the chain is free to flap or
whip to and fro between the sprocket wheels,
within relative safety (Fig. 2.25(a)). However, as
the chain and sprockets wear and the chain
stretches, the amount of slackness of the chain on
the non-drive side may eventually cause the rol-
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lers to jump over the camshaft sprocket teeth,
thereby altering the valve timing.

Conversely, when the engine decelerates from
a high speed, momentarily the camshaft sprocket
becomes the driver and the crankshaft sprocket
the driven (Fig. 2.25(a) ). Thus, the chain moving
from the crankshaft to the camshaft sprocket
becomes the taut drive side and the opposite
chain spans the slack side. However, generally,
the deceleration period is only of a short duration
and is therefore not a major problem.

Consequently, chain tensioners are incorpo-
rated on the normally slack side of the chain to
take up any chain slack, thereby restricting chain
whiplash (Fig. 2.25(b)). In severe operating con-
ditions guide strips may be provided on the drive
side of the chain span between the sprockets.

2.4.1 Heavy-duty twin-ratchet
automatic chain tensioner
(Fig. 2.26)

When relatively heavy pulsating loads are to be
chain driven then an idler-jockey sprocket-
tensioner is more durable and suitable than a
shpper or rail-friction type tensioner.

The tensioner comprises a flanged mounting
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Fig.2.25 Timing chain respense-under operating conditions

which forms part of a protruding rectangular
sectioned block. A cylindrical slider-block with
a rectangular elongated central slot fits over
the flanged mounting (Fig. 2.26). The cylindrical
outer-profile of the slider-block provides the
bearing surface to support the sprocket-wheel and
a compression spring assembled inside a bored
hole on one side of the rectangular section of the
flanged mounting. The spring therefore moves
the slider-block and sprocket-wheel assembly
hard against the chain, thereby taking up any
chain slack which may exist. A rectangular twin
pawl housing is screwed onto the end of the
flanged mounting, whereas a pair of segmental
ratchet plates are screwed on either side of the
pawl housing against the slider-block. This, there-
fore, restricts both the slider-block and sprocket-
wheel end-float respectively. When assembled,
the ratchet-pawls are forced outwards by the
central bias-spring until they both engage the
ratchet-plate teeth.

In service, as the chain stretches, the compress-
ion-spring situated between the flanged mounting
and the slider-block pushes the slider block and
sprocket wheel assembly further towards the
chain to compensate for the increased amount of
slackness in the chain. As the slider-block moves
progressively over, both toothed pawls ride over
the segmental ratchet-plate teeth until they align
and drop into place with the next set of meshing
teeth. Consequently, the tensioner sprocket-
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wheel assembly is permitted to move in one
direction towards the chain but is prevented from
retracting rearwards under chain backlash condi-
tions.

2.4.2 Ratchet strip and block
automatic chain tensioner
(Figs 2.27 and 2.28)

Tensioning of the chain with these tensioners
utilizes a fixed and hinged arm, compression
spring and guide pin, and a nylon toothed ratchet
strip and toothed block {Figs 2.27 and 2.28).

As the chain stretches, the light compression
spring thrust is relayed to the hinged arm causing
it to swing the slipper head (Fig. 2.27) or tension-
ing rail (Fig. 2.28) towards the chain to take up
the extra slack.

The automatic tensioning is achieved by the
toothed block which is wedged between the rat-
chet strip arm and hinged arm by the thrust of the
compression spring. The gap between the fixed
and hinged arms is bridged by the block’s curved
profile and inclined arm, on one side, and the
block’s trailing ratchet and ratchet strip arm on
the other. Thus, as the two arms move further
apart with increased chain slackness, the block
slides further between the inclined arm and over
the ratchet strip to engage the next adjacent
teeth. If chain backlash attempts to force the
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Fig.2.26 Heavy-duty twin-ratchet chain tensioner

adjuster arms together, then the squeeze reaction
of the arms causes the matching block and strip
teeth to slot together and lock. Tensioners of this
type do not rely upon a heavy spring load and
therefore they eliminate excessive chain ten-
sioning.

These tensioners can be adapted to operate via
a rubber slipper head or indirectly through a
hinged rubber-lined rail.

24.3 Cylindrical spiral ratchet
automatic chain tensioners (Renold)
(Fig. 2.29(a, b and c})

The adjuster consists of an oil abrasion resistant
Neoprene rubber slipper head bonded to a steel
plate mounted on the end of a holiow plunger
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which slides in the cylinder housing. Located
inside the plunger is a ratchet sleeve which has a
slot spiralling from top to bottom with a series of
stepped semi-circular notches formed along one
edge of the spiral {a helix). A light spring inside
the ratchet sleeve combined with engine oil press-
ure pushes the plunger out from the housing so
that the slipper head bears against the chain,
thereby restricting the chain slackness to a mini-
mum and at the same time applying the correct
chain tensioner (Fig. 2.29(a)). Whip-back of the
chain is prevented by the limit-peg—protruding
inside the plunger near its mouth—being pushed
back with the plunger and slipper head until it
aligns and sits in one of the ratchet-stepped
semi-circular notches (Fig. 2.29(b)).

As the chain stretches in service. the shipper
head and plunger extend further outward to take




Slipper head
(Neoprane rubber}

Hinged arm
Guide pin
Preload 227
spring “~

Toothed
block

Reaction
post

Fixed
arm

Toothed
ratchet
strip

Fig. 2.27 Ratchet strip and block slipper-head chain
tensioner

up the chain slack and, in so doing, the limiting-
peg contacts the smooth side of the spiral slot, this
causes the ratchet sleeve to rotate partially (Fig.
2.29(¢)). The limiting-peg will therefore have
moved further around the spiral slot so that when
the chain whips back, the slipper head and plun-
ger's rearward movement is restricted by the
limiting-peg aligning with a new semi-circular
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notch on a portion of the spiral which is further
out from the blank end of the ratchet sleeve. By
these means the plunger and slipper head auto-
matically move outwards, whereas the ratchet
sleeve revolves as the chain and sprocket teeth
wear. Because of this, the backlash retraction of
the plunger remains constant as the plunger pro-
gressively extends from its cylinder housing to
compensate for the increasing chain slackness.

Before the plunger is inserted into its cylinder
housing during assembly, the ratchet sleeve, using
a4 3 mm Allen-key fitted in the hexagonal hole in
the base of the sleeve, is screwed inwards against
the spring tension until it moves beyond the
limiting peg—this action retains the sleeve and
spring within the cylinder. After the tensioner
assembly has been bolted to the engine block, the
spring-loaded plunger is released by removing the
back end-plug, inserting the Allen-key in the base
of the ratchet sleeve and turning it in a clockwise
direction until a distinct click is heard, the slipper
head will then freely move outwards until it
contacts the chain.

Lubrication oil from the engine is supplied to
the automatic ratchet mechanism via a drilling in
the backplate, and it passes out through a hole in
the slipper head. The body of oil tends to damp
down any violent to and fro movement of the
plunger and also lubricates the slipper head and
chain.

2.4.4 Hydraulic plunger-controlled
automatic chain tensioner
(Fig. 2.30)

With this type of chain tensioner the outward
thrust of the plunger, tensioning the chain, is
maintained constant.

The tensioner assembly consists of a cylinder
housing screwed into the cylinder head, an end
cap nut which supports the inlet non-return ball-
valve, a thrust-plunger, compression-ring, and a
pressure-relief ball-valve assembly, all of which
contribute in converting the hydraulic pressure
into a tensioning load acting perpendicular to the
chain (Fig. 2.30).

Initially, the compression spring exerts an axial
thrust against the plunger alone thereby forcing it
to load the friction rail lightly against the chain.

When the engine is running, oil from the en-
gine’s lubrication system passes into the cylinder
housing, via passages from the cylinder head,
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tensioner cylinder housing, cap nut and finally
through the inlet non-return ball-valve.

The initial oil pressure build-up in the cylinder
forces the plunger out, thus causing the tension-
ing friction rail to swing over against the chain.
When the maximum pressure is reached the re-
lief-valve opens and spills the excess oil onto the
friction rail.

Lubrication between the plunger and cylinder
housing is obtained by a permanent leakage of oil
through the sliding clearance between them.

{b) Chain backlash
tensioner position
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Chain
whiplash
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ratchet
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Ratchet
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Automatic tensioning of the chain, as stretch
takes place by the plunger progressively moving
outwards, keeps the chain slackness to a mini-
mum and any chain backlash is absorbed by the
oil trapped between the cylinder and plunger.

A volume-reducer rod is placed inside the
compression spring to reduce the initial volume
formed between the cylinder and hoilow plunger,
it thereby provides faster venting during the filling
operation.
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24.5 Ratchet pawl and plunger
automatic chain tensioner
(Fig. 2.31)

Controlled automatic chain tensioning for heavy
duty conditions may be achieved by incorporating
an idler jockey sprocket wheel which relays the
thrust from the sliding cylinder and fixed-plunger
tensioner to the chain (Fig. 2.31).
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Fig. 2.31 Ratchet pawl chain tensioner
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As the amount of chain slack increases, the
cylinder moves out due to the combined effort of
the compression-spring and oil pressure, and, in
so doing, the paw} slides along the underside of
the spring-loaded ratchet-arm, clicking into each
sawtooth notch as the chain stretch and wear
permits.

Therefore, the cylinder and jockey-sprocket
can move outwards but are prevented from mov-
ing rearwards by the ratchet and pawl locking
when the chain tries to whip back.

Note that the permanent outward movement of
the jockey-sprocket assembly occurs in steps
equal to the pitch of the ratchet teeth, so that the
chain slack builds up from a minimum, when a
new ratchet tooth engages, to a maximum just
before the pawl engages the next tooth.

2.4.6 Chain vibration damper strips
(Snubbers)
(Fig. 2.25(b))

Over an engine’s speed range, torsional vibration
(or cyclic speed variation) of the crankshaft and
camshaft occurs at one or more critical speeds.
Generally, these vibrations are partially absorbed
or detuned by the crankshaft vibration damper
but they may still persist with a much reduced
magnitude and the critical speed or speeds may
shift slightly to another part of the engine’s speed
range.

If the engine, when passing through one of
these critical speeds, should linger for any length
of time, then the wind and unwind oscillating
motion imposed on the revolving crankshaft drive
sprocket will be relayed to the chain and cam-
shaft. This will cause the chain tension to alter-
nate repeatedly between taut and slack on the drive
side of the chain at a relatively high frequency,
and if this becomes severe long unsupported
chain spans can be excited into vibrating.

In the majority of cases these vibrations dis-
appear when the engine speed increases or de-
creases above or below the critical speed. How-
ever, for some engines, these critical or resonant
speeds occur in the normal-use driving speed
range. It is usual, therefore, to minimize these
vibrations by supporting and guiding the chain
spans with synthetic rubber-lined guides, known
as vibration damper strips (snubbers) (Fig.
2.25(b)). The effects of fitting these strips is to
absorb some of the chain whip deflection energy
and therefore damp down the vibration tendency
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at the critical speeds when these vibrations build
up.

2.5 Camshaft toothed-belt
drive arrangements

2.5.1 Overhead camshaft belt drive
(Fig. 2.32(a))

The simplest of toothed belt drives consists of a
driver and driven grooved or toothed pulley and
jockey pulley tensioner layout. The two to one
speed ratio step down for the camshaft is obtained
with something like a 21 tooth crankshaft driver
pulley relaying motion to a 42 tooth camshaft
pulley via the toothed belt.

The correct working belt tension then being
provided by a jockey tensioner situated on the
smooth non-drive side of the belt approximately
mid-way between the two pulleys, the jockey
pulley being made to contact and roll against the
smooth side of the belt.

2.5.2 Overhead camshaft with coolant
pump on the non-drive side of the belt
drive

(Fig.2.32(aand b)}

A triple-grooved pulley and jockey tensioner belt
drive has a very similar configuration to a two-
grooved pulley drive with the exception that a
third grooved pulley, which is mounted on the
coolant pump spindie, is positioned on the non-
drive side of the belt, engaging the belt teeth be-
tween the crankshaft pulley and jockey tensioner.
With this arrangement the belt passes from the
outside of the coolant pulley to the inside of the
smooth jockey pulley, thereby increasing the belt
angle of contact with both the coolant pump and
jockey tensioner pulleys. Likewise, the position
of the jockey tensioner winds the belt further
around the return side of the camshaft pulley.

2.5.3 Overhead camshaft with coolant
pump on the drive side of the belt drive
(Fig. 2.32(c))

An alternative triple-grooved pulley and jockey
tensioner belt drive configuration, which drives
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both the camshaft and coolant pump, mounts the
coolant pump on the drive side of the belt to the
right of the crankshaft and camshaft centres, and
brings the jockey pulley tensioner lower down
and roughly in line with the crankshaft and cam-
shaft centres. This layout has the benefit of in-
creasing the angle of belt contact for the toothed
crankshaft and coolant pump pulleys, and also for
the plain jockey pulley.

2.5.4 Overhead camshaft and
auxiliary equipment belt drive
(Fig. 2.32(d))

A further triple-grooved pulley and jockey ten-
sioner arrangement uses a large third pulley,
mounted tow down to the right of the crankshaft
and camshaft centres, to drive the auxiliary shaft
at half crankshaft speed (distributor, petrol pump
and oil pump take off). The jockey pulley ten-
sioner, however, is positioned just below the
camshaft pulley, again a little to the right of the
crankshaft and camshaft centres. This configura-
tion is chosen to maximize belt contact with each
grooved pulley and jockey tensioner.

2.5.5 Overhead camshaft with
injection pump and oil pump belt drive
(Fig. 2.32(e))

A quadruple-grooved pulley toothed-belt drive
uses a pair of large pulleys mounted adjacent to
each other on the drive side of the belt, to the
right of the crankshaft and camshaft centres; to
drive both the injection pump and the oil pump.
The jockey tensioner pulleys as before, is posi-
tioned high up on the non-drive side of the belt.
The belt is then looped on opposite sides of the
injection pump and oil pump pulleys to extend
their angle of belt wrap. Note that the oil pump
pulley is driven on the smooth side, this being
possible since it does not have to be timed.

2.5.6 Twin overhead camshafts and
coolant pump belt drive with two
jockey pulleys

(Fig. 2.32())

A further example of a twin overhead camshaft
quadruple-grooved puiley toothed-belt drive us-
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ing a pair of jockey pulleys (one fixed and the
other adjustable) is shown in Fig. 2.32(f).

With this arrangement the coolant pump pulley
is offset to the left of the crankshaft with a jockey
pulley on both the non-drive and drive sides of
the belt. Motion is transferred from the crank-
shaft to the coolant pump and both camshafts, via
the toothed belt, which is partially wound over
each grooved pulley. The jockey pulley posi-
tioned between the left-hand camshaft and
coolant pump, and between the crankshaft and
right-hand camshaft, bends the belt inwards on
either side, thereby extending the angle of pulley
contact, and sets the belt tension.

2.5.7 Horizontally opposed twin
camshaft engine belt drive
(Fig. 2.32(g))

The belt drive for a horizontally opposed twin
camshaft engine consists of two separate belt
drives which are driven from a crankshaft double
pulley, each belt is tensioned by its own jockey
pulley tensioner mounted on the non-drive side of
each belt, the tension being created by the plain
jockey pulley surface rolling against the smooth
side of each belt.

2.6 Belttensioners

2.6.1 Spring-loaded pivot plate jockey
pulley tensioner
(Fig. 2.33(a, band c))

The difficuity of accurately measuring the tension
of a belt while levering the pivot plate and pulley
against the smooth side of the belt is overcome by
spring loading the tensioner so that a constant
torque is applied to the pivot plate causing it to
deflect the beit until the correct tension is
achieved. The spring force which produces the
pivot swing action may be provided by one of the
following types of spring: (1) compression (Fig.
2.33(a)); (2) tension (Fig. 2.33(b)); or (3) torsion
(Fig. 2.33(c)). Tensioning of the belt is obtained
by slackening both the pivot-post and the elon-
gated hole locknuts, this then permits the preload
spring force to swing the pivot-plate and jockey-
pulley hard against the smooth side of the belt,
the relayed spring load therefore applies to the
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belt, via the jockey-pulley, the correct tension.
Both pivot-plate locknuts are then tightened, and
the crankshaft pulley is then rotated two complete
revolutions, enabling the belt to settle and accur-
ately align itself between pulley-wheels. Finally,
the pivot plate locknuts should again be fully
released and then tightened to permit the pivot-
plate to establish its optimum tensioning position.

2.6.2 Eccentric bush adjustment
tensioner
(Fig. 2.33(d))

This method of tensioning the belt makes use of
an eccentric bush supporting the jockey pulley
bearing inner race, which is itself mounted on a
clamp stud. Tensioning of the belt is achieved by
rotating the eccentric bush with a spanner fitted
over the hexagonal-shaped bush head until the
belt can just be twisted 90° when held between the
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finger and thumb halfway between the crankshaft
and camshaft. The eccentric bush is then held in
this adjusted position while the clamp stud lock
nut is fully tightened.

2.6.3 Spring-loaded slide plate jockey
pulley tensioner
(Fig. 2.34(aand b))

With this belt tensioner (Fig. 2.34(a)} the jockey-
pulley is mounted on a sliding-plate via a bearing
pulley post. Tensioning of the belt is obtained by
slackening the bolts or nuts securing the eion-
gated holes thereby enabling the preload com-
pression-spring to expand until the pulley is
pushed against the smooth side of the belt with a
predetermined force, the locknuts are then re-
tightened to maintain the slide plate in its ad-
justed position,

One design of belt jockey pulley tensioner




(a) Compression spring
and sliding plate
tensioner (Ford)

Pulley and

ball bearing ——— Toothed

belt

Preload
compression

Bearing spring

post

Pulley —
and
bearing

Fig. 2.34 Jockey idler pulley belt tensioner

incorporates a cam to release the tension in the
belt before removing it so that it can easily be
slipped off or pushed on the grooved pulleys
without causing damage to the belt fabric (Fig.
2.34(b)). Thus, before removing the belt, the
three slide-plate locknuts are slackened. and the
square ended cam spindle is then rotated clock-
wise until the cam compresses the preload-spring
and, at the same time, moves the slide-plate away
from the belt. The cam-spindle locknut is then
tightened. The belt can then be withdrawn ecasily
from the jockey-pulley. Once the belt has been
replaced. the cam spindle locknut is again slack-
ened, and the square end cam-spindle is then
rotated anti-clockwise until the cam is horizontal.
This releases the preload-spring so that it is again
free to move the slide-plate towards the belt until
the jockey-pulley loads and tensions the belt. The
crankshaft should then be rotated two full revolu-
tions in the normal direction of rotation to settle
the belt. Finally, the slide-plate locknuts should
be slackened and then retightened so that the
slide-plate and pulley assembly have the oppor-
tunity to reposition after the belt has been
realigned.
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2.7 Camshaft gear train
drive arrangement

2.7.1 Camshaft direct gear train drive
(Fig. 2.35(a) )

For vee 8 engines with push-rod operated valves,
the central-mounted camshaft can simply be
driven by a pair of meshing helical toothed gears.
Typical gear sizes for the crankshaft driver and
the camshft driven gear would be 26 and 52 teeth
respectively, this will then drive the camshaft at
the required half crankshaft speed.

2.7.2 Camshaft and injection pump
with intermediate idler gear train drive
(Fig. 2.35(b))

With an in-line engine using short push-rod oper-
ated valves. a cylinder-block high-mounted cam-
shaft necessitates an additional idler-gear so that
it can be positioned high enough and to one side
of the cylinders. By these means, motion will be
relayed from the crankshaft to the camshaft via
the intermediate idler-gears. The injection-pump
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shaft gear is also driven off the idler-gear at half
crankshaft speed, whereas the oil pump direct-
drive small gear steps up its speed relative to the
crankshaft to compensate for a low revving en-
gine.
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{e) Two-stroke cycle engine
with twin camshalft gear train
drive (Detroit Diesel)

2.7.3 Camshaft direct gear train with
indirect oil pump and auxiliary gear
train drive

(Fig. 2.35(c))

If an in-line engine with a low mounted cylinder
block camshaft is to be used with long push-rod
operated valves, then a simple pair of meshing



gears can be utilized, with the camshaft posi-
tioned to the right-hand side of the cylinders. In
turn, the auxiliary and oil pump shafts can be
driven off the camshaft gear using smaller gears to
bring these shafts up to crankshaft speed again,
this being required for Cummins injection pumps
and to compensate for the engine’s low operating
speed range.

2.7.4 Camshaft, injection pump and
auxiliary drive via intermediate idler
gear train drive

(Fig. 2.35(d))

This gear train configuration provides the drive to
the camshaft, fuel pump shaft and auxiliary shaft.
The centrally mounted camshaft actuates the
push-rods for both cylinder banks and. because
the distance between the crankshaft and the cam-
shaft centres is relatively large, an extra idler-gear
is used to span the gap and to transfer motion
from the small crankshaft gear to the large cam-
shaft gear. The camshaft gear is also utilized to
relay motion to the fuel-pump shaft and auxiliary
equipment shaft, mounted above and on either
side of the camshalft.

2.7.5 Two-stroke engine with twin
camshaft gear train drive
(Fig. 2.35(e))

A well-proven gear train, adopted on the Detroit
Diesel two-stroke vee 4, 6 and 8 cylinder engines,
provides a gear train drive to a pair of camshafts
mounted high up between the cylinder banks.

The gear drive is relayed from the crankshaft to
the right-hand camshaft via the idler-gear and the
drive then continues to the left-hand camshaft by
way of the direct gear engagement between the
camshaft; similarly, the blower is driven at a
faster speed directly from the right-hand camshaft
gear.

2.7.6 Overhead camshaft gear train
drive

(Fig. 2.36)

This overhead camshaft and auxiliary equipment

drive is driven by two completely separate gear
trains, the rear train at the flywheel end drives the

camshaft, compressor and injection pump, while
the front gear train drives the water pump and
steering hydraulic pump. In Fig. 2.36 there are
two gear trains appearing to be driven off the
same crankshaft gear, but. in fact, there are two
separate crankshaft gears, one at the front and
the other one at the rear of the crankshaft.

The rear gear train drive transfers motion from
the crankshaft’s 36 tooth gear to the camshaft via
a pair of lower and upper idler gears each having
60 teeth, and the compressor and injection-pump
drive 72-toothed gear is taken off the lower idler
gear to the left-hand side of the crankshaft,
whereas the oil pump 72-toothed gear is driven
directly off the rear crankshaft gear.

For convenience the water pump and steering
hydraulic pump 28-toothed gear is driven from
the front crankshaft 36-toothed gear through the
52-toothed idler gear.

Thus, camshaft gear _ 60 y 60 72 _
reduction 36 60 60
Injection pump gear _ 60 y 2 _
reduction 36 6

Water pump and hydraulic _ 52 y 28 — 0781
pump gear step-up 36 52

2.8 Valve and camshaft
timing

Inlet and exhaust valve timing are governed by
the relative positions of the camshaft and the
crankshaft and, as these are coupled via chain,
belt or gears directly together, the timing cannot
alter in service unless the chain stretches or jumps
a tooth, the belt fractures or jumps a tooth or,
with a gear train drive, a gear tooth shears.

The majority of engines have some sort of
timing marks for alignment, such as centre punch
marks or line marks; however, there are occa-
sions when a deeper study of valve timing be-
comes necessary to carry out the valve timing
procedure. This will now be discussed and ex-
plained.

2.8.1 Camshaft (valve) timing usinga
valve timing diagram

Camshaft timing generally only requires the inlet
valve opening point to be observed but there are a
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and injection
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Crankshaft
gear

Camshatt gear
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Upper idler gear
(generator drive)

Lower idler gear

Water pump
and steering
hydraulic
pump gear

Idler gear

Fig.2.36 OHC gear train drive {Leyland diesel engine)
few instances where the camshaft timing is carried
out on the exhaust valve closing point instead.

Procedure for camshaft timing
(Fig. 2.37(a and b))

1 Adjust the tappet clearance of the inlet and
exhaust valve of the rear cylinder—that is,
number 4 or 6 cylinder—to the recommended
timing tappet clearance. This is usually greater
than the normat cold tappet clearance.

Having a slightly larger tappet clearance for
valve timing permits the commencement of
valve lift or the completion of valve fall to
occur on the relatively steep part of the open-
ing and closing sides of the cam flanks and not
on the low lift rate ramp portion of the cam
profile. Thus, the increased tappet clearance
enables the first point of valve opening or
closing to be accurately determined.

2 Rotate the crankshaft so that 1 and 4 or 1 and 6
cylinder pistons are at TDC, then mark the
flywheel rim with chalk or pencil opposite a
fixed datum pointer or at some other conve-
nient position on the bell housing.
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Qil pump gear

3 If the inlet or exhaust valve opening or closing
positions are not already marked on the
flywheel rim then they must be derived from
the valve timing diagram and converted from
degrees to linear measurements on the
flywheel rim. The conversion of valve lead or
lag from degrees to flywheel rim measurements
can be obtained in the following way:

x _ 0
D 360
8D

thercef =—
ercfore x == o
where x = linear flywheel rim distance (mm)
6 = angular crankshaft displacement

(deg)
D = diameter of flywheel (mm})

For example, with a 420 mm diameter flywheel
and with the inlet valve opening 18° before
TDC, determine the equivalent distance on the
flywheel rim:

fml) 18X 3.142x 420

360 360)

then x = = 66 mm
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Fig. 2.37 Valve timing fundamentals

4 Measure the inlet valve opening position on
the rim of the flywheel on the lead side of the
datum pointer or mark (Fig. 2.38(a)). or on
the lag side of the datum pointer or mark (Fig.

Datum
pointer

-

(a) Setting flywheel-to
inlet valve opening
position

Fig. 2.38 Flywheel and bell-housing timing markings

{¢) Flywheel timing
marks

2.38(c)) if the exhaust valve closing position is
being measured.

Turn back the flywheel in the opposite direc-
tion of normal rotation (Fig. 2.37(a and b))
until the inlet valve opening (IVO) position on
the flywheel rim aligns with the datum pointer
or mark. If timing the exhaust closing position,
move the flywheel forward in the direction of
normal rotation until the exhaust closing
(EVC) mark on the rim of the flywheel is
opposite the datum pointer or mark on the bell
housing.

Rotate the camshaft slowly in the normal direc-
tion of rotation and with first finger and thumb
twist the rear cylinder inlet valve push-rod until
the first sign of tightness, this will be the point
of inlet valve opening, at this point stop rotat-
ing the camshaft. Recheck the inlet valve open-
ing position by moving the camshaft backward
and then come forward until the first point of
opening is established again. Similarly, if the
exhaust valve closing point is to be found,
apply a steady rotary cffort on the rear cylinder
exhaust valve push-rod and rotate the camshaft
in the direction of rotation until the push-rod is
released.

The two major ingredients for camshaft timing
relative to the crankshaft have now been com-
pleted, these are:

i positioning the crankshaft either at the inlet
lead position before TDC or at the exhaust
closing lag position after TDC;
positioning the camshaft so that the rear
cylinder inlet valve is about to open OF SO
that the rear cylinder exhaust valve is about

ii

1o close.
Bell housing
Fiywheel Datum
Datum

Flywheel

-
D.OR

D.O.R

AN

{b) Setting flywheel-to-
exhaust valve closing
position
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8 At this stage, the drive train between the
crankshaft and camshaft, be it chain, belt or
gear, is ready to be assembled.

In the case of the chain drive remove the
camshaft sprocket-wheel, place the chain over
both crankshaft and camshaft sprockets and
then replace the camshaft sprocket-wheel onto
the camshaft.

With the belt-drive. slacken off the jockey
tensioner and slip the belt over both attached
crankshaft and camshaft pulleys, then tension
the belt.

When assembling a helical gear train an
allowance must be made for the extra angular
movement of the camshaft gear when it is
pushed into mesh with its drive gear.

After the camshaft drive has been assembled
re-check the valve timing.

For a 21/42 tooth drive combination sproc-
ket, puliey or gear, if the timing is one tooth
out then the camshaft timing will be 360/42 =
8.5° out or, on a 420mm diameter flywheel
rim, 31 mm out. This is a considerable amount
and would show up immediately when the
camshaft timing is being checked.

2.8.2 Valve timing check
(Fig. 2.37(a and b))

1 Adjust the rear cylinder inlet valve tappet to
the correct timing clearance.

2 Measure and mark the inlet valve lead before
TDC on the rim of the flywheel (if not already
marked).

3 Rotate the crankshaft until pistons 1 and 4 or 1
and 6 are approaching TDC with number one
cylinder on its compression stroke.

4 With finger and thumb, twist the rear cylinder
inlet valve push-rod and slowly continue to
rotate the crankshaft until the push-rod tight-
ens, i.e. the valve commences to open.

5 At this point, stop rotating the crankshaft and
observe the flywheel rim inlet valve opening
mark. this should now be opposite the datum
pointer on the bell housing.

6 The tolerance of the inlet valve opening mark
and datum pointer alignment should be within
+2.5° camshaft movement or x10mm on a
420 mm diameter flywheel.
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Valves rocking
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Fig. 2.39 OHC with twin rocker shafts and arms
illustrating valve rock

2.8.3 Camshaft (valve) timing by the
approximate method

Background to valve overlap and valve rock
(Fig. 2.39)

When examining a typical valve timing diagram,
it will be seen that the piston is at TDC at the end
of the exhaust stroke and, at the beginning of the
induction stroke, the inlet valve has just begun to
open and the exhaust valve is about to close. This
period when both inlet and exhaust valves are
partially open is known as valve overlap. Gener-
ally, the inlet valve lead and the exhaust valve lag,
which make up valve overlap, are roughly equal
although there is a tendency for the exhaust valve
lag to be slightly larger than the inlet valve lead.

Therefore, when piston numbers 1 and 4 or |
and 6 are at TDC and the rear piston (4 or 6) is at
the end of its exhaust stroke. then for all practical
purposes, both valves in the rear cylinder will be
rocking. This means that, when turning the cam-
shaft slowly backward and forward in the TDC
region, the camshaft will rock open and close
both inlet and exhaust valves approximately the
same amount.

Procedure for camshaft timing
(Fig. 2.39)

1 Adjust the rear cylinder inlet and exhaust valve
tappets to their normal operating clearance.




2 Rotate the crankshaft until pistons 1 and 4 or |
and 6 are at TDC with the camshaft drive
(chain, belt or gears) disconnected.

3 Rotate the camshaft until the rear inlet and
exhaust vaives are equally rocking; that is, the
inlet valve is just opening and the exhaust valve
is near closing.

4 Re-check the crankshaft and camshaft timing
positions and then couple the chain belt or
gears.

Valve timing check

(Fig. 2.39)

To check the engine valve timing when the cam-
shaft drive is assembled, just rotate the crankshaft
until the rear cylinder inlet valve is just opening
and the exhaust valve is about to close (back two
valves rocking) and note the position of the
crankshaft. If the valve timing is correct, cylinders
1 and 4 or 1 and 6 should be at TDC and cylinder
number 1 is about to begin its power stroke.

2.8.4 Vernier hole camshaft valve
timing adjustment

The vernier hole gear camshaft drive is employed
when accurate timing is necessary, where several
gears are involved or a very long chain is used and

when timing may alter in service due to chain
wear and stretch.

Construction and description of vernier hole
adjustment
{Fig. 2.40)

A vernier hole camshaft drive gear consists basi-
cally of a flanged hub mounted on the end of the
camshaft and secured by a woodruff key, and the
shoulder or spigot on the hub supports a separate-
ly attached gear wheel. Relative angular move-
ment between the hub and gear wheel can take
place when the two vernier setbolts are with-
drawn from the aligned holes forming part of the
vernier hole ring. The flanged hub (Fig. 2.40) has
20 holes of equal pitch spacing and the gear wheel
has 18 holes of equal pitch and of the same pitch
circle as the hub holes. This means that only two
diametrically opposed holes will align when the
hub and gear flanges are placed together.

A fine angular adjustment is achieved in the
following manner.
Angular pitch between the flanged hub 18 holes

360
=— =2(r
18

Angular pitch between the gear wheel 20 holes

42-toothed gear
wheel (18 holes)

Flanged
= End hub (20
e holes)
= fioat
-"Zm Thrust

set bolt

Camshaft
gear wheel

Camshaft

Camshatt
flanged hub

Vernier hole

Misaligned
holes

Aligned
holes secured
by setbolts

Fig. 2.40 Vernier hole camshaft valve timing adjustment
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360 _
20

Therefore, the smallest angle of camshaft can be
varied

=20-18=2°

This may be compared with a 42-toothed cam-

shaft gear or sprocket wheel in which the angular
pitch between teeth will be 360/42 = 8.5°.

Procedure for camshaft timing
(Fig. 2.40)

1

5

Set the rear cylinder inlet and exhaust timing
tappet clearance making sure that the tappets
are on the backs of the cams when doing so.
Rotate the flywheel until pistons 1 and 4 or 1
and 6 are at TDC; that is, the TDC mark on
the flywheel rim aligns with the timing datum
pointer looking through the bell housing timing
aperture (Fig. 2.38(c)).

Remove the two setbolts securing the vernier
camshaft gear wheel to its hub.

Rotate the camshaft until the rear cylinder
inlet and exhaust valve just rock; that is, the
inlet valve is just opening and the exhaust valve
is just closing.

Insert and screw in the two setbolts in the two
sets of diametrically opposed aligning holes.

6a Now turn the flywheel very slowly in the direc-
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tion of rotation and apply a rotary effort to the
last inlet valve push-rod until it tightens, the
inlet valve will be at opening point, and
observe if the flywheel inlet valve opening
(IVQO) lead point aligns with the datum pointer
in the bell housing aperture (Fig. 2.38(c}).

6b Rotate the flywheel further in the normal

direction of motion and try to spin the last
exhaust valve push-rod. When it is released the
exhaust valve will be closed. The flywheel
exhaust closing (EVC) lag point should then
align with the bell housing datum pointer. The
check on exhaust valve closing is not always
necessary and therefore need not be carried
out unless there is any doubt about the inlet
valve opening point timing.

If the inlet or exhaust valve opening points are
incorrect and do not align with the datum
pointer within £10mm (2.5°) on, say, a
420 mm diameter flywheel rim, remove both
vernier hole setbolts and rotate the camshaft to
advance or retard as required, then refit and
screw tight the setbolts. Again check the inlet
valve timing.

In most engines, if the timing is more than
two teeth out the engine cannot be turned as
the valves will bump the piston crown.

After timing the camshaft, reset the larger
timing tappet clearances to their normal oper-
ating clearance.




Engine Balance and Vibration

3.1 The concept of balance
and vibration

A perfectly balanced engine is one in which the
relative motion of the component parts do not sct
up an accumulation of forces that tend to make
the engine shake and rock. Hence. if the perfectly
balanced engine were to be suspended freely in
space no vibration or other movement would be
observed and, therefore, in theory, such an en-
gine could be attached directly to its support
frame. Conversely, a partially balanced engine
requires some sort of suspension mounting to
isolate the engine from its support frame to
prevent any of the unbalanced reaction move-
ment being transmitted through to the vehicle’s
chassis and body.

Engine vibrations can be broadly divided into
two unwanted modes:

1 vibration of the engine and its rigid compo-
nents as a whole, in which there is no elastic
yielding of the components—these vibrations
being caused by the imbalance of the rotating
and reciprocating components;

2 vibration of engine components due to the
elastic deformation of the material of the com-
ponent parts under the influence of the
periodic combustion impulses causing torsional
and lateral oscillation of the crankshaft and
camshaft.

3.1.1 Balancing a single-cylinder
crankshaft
(Figs 3.1 and 3.2)

Rotating masses in a single-cylinder engine may
be completely balanced but reciprocating compo-
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nent parts are normally only partially balanced.
Considering the rotating masses only, if the
crankpin and connecting-rod big-end of a single-
cylinder crankshaft of mass (m) rotate at a con-
stant velocity (w) about some fixed centre (main
journal) at a radius (crank throw) (R) the mass
will experience an outward pulling centrifugal
force of magnitude (F)

F=mo’R (1

where  F = centrifugal force (N)

m = crankpin and connecting-rod big-
end mass (kg)

w = angular velocity (rad/s)

R = crank throw (m)

F, = reaction force (N)

The reaction (F,) of the generated centrifugal (F)
force on the axis of the main journal is a force
equal and opposite in direction (Fig. 3.1).

The disturbing force pulling radially outward
from the centre remains constant but its direction
is changing continuously as it moves in its circular
path.

In order that the centre of rotation is in equilib-
rium, an equal and opposite force must be ap-
plied. This may be obtained by extending the
big-end crankpin webs to the other side of the
crankshaft, by a distance (R,), so that half the
equivalent out-of-balance masses (4my,) are situ-
ated opposite and to each side of the crankpin,
thereby causing the centrifugal pivoting reaction
to become zero (Fig. 3.2).

Thus, the two centrifugal forces must be
equivalent and therefore can be equated:

revolving mass centrifugal force = balance mass
centrifugal force.

2 2
mw R = myw R,

(2)



Crank web Connecting
Il rod big-end
Crankpin ——— =
i |
Heavy loaded — ]
main journal =
Eccentric [ p—
; positioned
f journal I T 1 A
! Main bearing ; ]
housing 2F 5F l,
Fig. 3.1 Unbalanced single-cylinder crankshaft
Since the angular velocities are common on both my,
sides of the equation the relationship becomes: mR = o + 3 Ry, (4)
f mR = my Ry, 3)
where mR is known as the mass moment un- 3.1.2 Rotatin components of
tr:la;:Snc(:;d) effort due to the off-centre rotating crankshaft and connectin grod

T Thus, the mass moments of the two half- (Fig. 3.2)

f WI. .
: balance masses can be equated as shown The rotating components of a crankshaft are

crankpin and big-end mass moment basically the crankpin and the big-end of the
= balance mass moments connecting-rod (Fig. 3.2). The revolving mass of
F F
Lightly loaded
main journal

Centrally
positioned
journal

1 1
Fy Extended web 3 7 My
balance weights

Fig. 3.2 Balanced single-cylinder crankshaft
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crankshaft itself is derived from the mass of
offset crankpin and its supporting side webs
t. because these webs are generally made to
end to the opposite side of the main journal,
rotating web imbalance is cancelled so that
ir masses can be ignored. As a result, only the
nkpin mass is considered when examining the
lance of the crankshaft.

ankpin journal mass = material density
» crankpin volume

KLY
) = pV = PId L (kg) (5)

ny = crankpin journal mass (kg)
p = material density (kg/m?®)
d = diameter of crankpin (m)
L =length of crankpin (m)
p = 7900 kg/m*

is usual to divide the connecting-rod mass into
¢ components, a rotating mass component and
reciprocating mass component. The rotating
ass component of the connecting-rod is
btained from the big-end portion of the rod
hile the reciprocating mass component is de-
ived from the rod’s small-end. Experiments have
hown that approximately two-thirds of the con-
ecting-rod mass contribute to the rotating mass
omponent of the rods, whereas only one-third of
he rod’s mass effectively reciprocates, thus:

I steel

otating connecting-rod mass
= two-thirds of the con-rod mass

213C (6)

m. = rotating con-rod mass (kg)
C = con-rod mass (kg)

F
Couple
m arm
/ ——f
c — — c
i aiz | oa2g
]
m
=
X
Vertical
plane

Fig. 3.3 lllustration of a moment of a couple

Consequently, the total rotating inertia compo-
nents acting on the crankshaft are equal to the
sum of the crankpin mass and the rotating big-end
mass component, thus:

total rotating mass = crankpin mass + big-end
mass

m=m1+mc

= p—}d3L+2/3C 7

3.1.3 Centrifugal moment of a couple
{Figs 3.3 and 3.4(a and b))

If two crankpins each of mass {m) are spaced a
distance (@) apart {(Fig. 3.3) on the opposite sides
of the main journals at a radius (r) from the
centre axis of the rotating crankshaft, then the
centrifugal force (F= mw®r) exerted on each
big-end and crankpin, will produce a moment of a
couple, its magnitude being proportional to the
square of the speed of rotation. The moment of a
couple can be expressed as follows:

2

The directional rock caused by the couple will
continuously change as the crankshaft rotates in
the vertical plane when crankpin No. 1 is at TDC
and crankpin No. 2 is at BDC {Fig. 3.4(a)). The
crankshaft will tend to produce a clockwise twist
or rocking movement, but a further half a revolu-
tion of rotation moves crankpins Nos 1 and 2 to
BDC and TDC positions, respectively, thereby
altering the sense of the couple to an anticlock-

C= FE+F5 - 2(F§) = Fa (Nm)

Horizontal
plane



e crankshaft itself is derived from the mass of
1¢ offset crankpin and its supporting side webs
ut, because these webs are generally made to
«tend to the opposite side of the main journal.
he rotating web imbalance is cancelled so that
heir masses can be ignored. As a result, only the
rankpin mass is considered when examining the
yalance of the crankshaft.

Crankpin journal mass = material density
% crankpin volume

T
my=pV =p d’L (kg) (5)
where m, = crankpin journal mass {kg)
= material density (kg/m™)
d = diameter of crankpin (m)
L = length of crankpin (mn}
p = 7900 kg/m’

It is usual to divide the connecting-rod mass into
two components, a rotating mass component and
a reciprocating mass component. The rotating
mass component of the connecting-rod i§
obtained from the big-end portion of the rod
while the reciprocating mass component is de-
rived from the rod’s small-end. Experiments have
shown that approximately two-thirds of the con-
necting-rod mass contribute 10 the rotating mass
component of the rods, whereas only one-third of
the rod’s mass effectively reciprocates, thus:

for steel

rotating connecting-rod mass
= two-thirds of the con-rod mass

me = 23C (6)

where m, = rotating con-rod mass (kg)

C = con-rod mass (kg)

Vertical
plane

Fig.3.3 lliustration of a moment of a couple

Consequently, the total rotating inertia compo-
nents acting on the crankshaft are equal to the
sum of the crankpin mass and the rotating big-end
mass component, thus:

total rotating mass = crankpin mass + big-end
mass

o= my+ m;

= p%d2L+2/3C (7)

3.1.3 Centrifugal moment of a couple
(Figs 3.3 and 3.4(a and b))

If two crankpins each of mass (m) are spaced a
distance {a) apart (Fig. 3.3) on the opposite sides
of the main journals at a radius (r) from the
centre axis of the rotating crankshaft, then the
centrifugal force (F= mw?r) exerted on each
big-end and crankpin, will produce a moment of a
couple, its magnitude being proportional to the
square of the speed of rotation. The moment of a
couple can be expressed as follows:

a _a a
C=F-+F-~= Z(FF) = Fa (Nm)
2 2 2

The directional rock caused by the couple will
continuously change as the crankshaft rotates in
the vertical plane when crankpin No. 1isat TDC
and crankpin No. 2 is at BDC (Fig. 3.4(a}). The
crankshaft will tend to produce a clockwise twist
or rocking movement, but a further half a revolu-
tion of rotation moves crankpins Nos 1 and 2 to
BDC and TDC positions, respectively, thereby
altering the sense of the couple to an anticlock-

Horizontal
plane




the crankshaft itself is derived from the mass of
the offset crankpin and its supporting side webs
but, because these webs are generally made to
extend to the opposite side of the main journal,
the rotating web imbalance is cancelled so that
their masses can be ignored. As a result, only the
crankpin mass is considered when examining the
balance of the crankshaft.

Crankpin journal mass = material density
X crankpin volume

™
my=pV =py d*L (kg) (%)

where m, = crankpin journal mass (kg)
p = material density (kg/m®)
d = diameter of crankpin {(m)
L = length of crankpin (m)
forsteel  p = 7900 kg/m*

It is usual to divide the connecting-rod mass into
two components, a rotating mass component and
a reciprocating mass component. The rotating
mass component of the connecting-rod is
obtained from the big-end portion of the rod
while the reciprocating mass component is de-
rived from the rod’s small-end. Experiments have
shown that approximately two-thirds of the con-
necting-rod mass contribute to the rotating mass
component of the rods, whereas only one-third of
the rod’s mass effectively reciprocates, thus:

rotating connecting-rod mass
= two-thirds of the con-rod mass

m. = 2/3C (6)

where m, = rotating con-rod mass (kg)
C = con-rod mass (kg)

plane

Fig. 3.3 Hlustration of a moment of a couple

y

rT ¢

m ; ’11‘

F

X .4
Vertical

y

Consequently, the total rotating inertia compo-
nents acting on the crankshaft are equal to the
sum of the crankpin mass and the rotating big-end
mass component, thus:

total rotating mass = crankpin mass + big-end
mass

m=m1+mc

= pi:wdzL+2/3C %

3.1.3 Centrifugal moment of a couple
(Figs 3.3 and 3.4(nand b))

If two crankpins each of mass (i) are spaced a
distance (@) apart (Fig. 3.3) on the opposite sides
of the main journals at a radius (r) from the
centre axis of the rotating cramnkshaft, then the
centrifugal force (F= maw’r) exerted on each
big-end and crankpin, will produce a moment of a
couple, its magnitude being proportional to the
square of the speed of rotation. The moment of a
couple can be expressed as follows:

a a a
C=F-+F-= 2(F—) = Fa (Nm)
2 2 2
The directional rock caused by the couple will
continuously change as the crankshaft rotates in
the vertical plane when crankpin No. 1 is at TDC
and crankpin No. 2 is at BDC (Fig. 3.4(a)). The
crankshaft will tend to produce a clockwise twist
or rocking movement, but a further haif a revolu-
tion of rotation moves crankpins Nos 1 and 2 to
BDC and TDC positions, respectively, thereby
altering the sense of the couple to an anticlock-

(3]

L
e

Harizontal
plane
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(a) Clockwise twist

(b) Anticlockwise twist

Fig.3.4(aand b) Change in sense of couple and deflection as twin-cylinder crankshaft rotates

wise rock (Fig. 3.4(b)). Likewise, in the horizon-
tal plane the sense of the moment of the couple
continucusly reverses as crankpins Nos 1 and 2
move towards and from their mid-stroke positions
of 90° and 270°.

Due to the reaction of the main bearings the
outward pull on the crankpins deflects the crank-
shaft in a sine-wave fashion as it rotates (Fig.
3.4(a and b})).

The magnitude of the crankshaft deflection will
be greatly intensified in the vertical plane when
the reciprocating component’s inertia effects are
compounded with the rotational inertia forces as
the crankpins approach either the outer or inner
dead centres. Thus, the rotational inertia effects
are constant but continuously changing their
sense throughout one revolution of the crankshaft
whereas the reciprocating component inertia
effects are only prominent as TDC or BDC is
approached.

3.1.4 Static crankshaft balance
(Figs 3.2, 3.5 and 3.6)

Static balance of a single-cylinder crankshaft can
be achieved by positioning half the equivalent
balancing mass opposite the big-end crankpin on
either side so that the product of these masses
2(m,/2) and its distance from the centre of rota-
tion (R,) is equal to the mass of the big-end
crankpin (/) times its distance from the centre of
the shaft (R) (Fig. 3.2) that is

The static balance of the single-cylinder crank-
shaft can then be checked by mounting it on a pair
of horizontal knife edges which are effectively
frictionless and slowly rolling the shaft in steps o
45° until one revolution is completed. At the end
of each 45° interval the shaft should be held still
and then released. If the shaft is perfectly ba
lanced then it will remain stationary in any posi
tion in which it is stopped: conversely. if the shaf
is unbalanced it will tend to roll one way or th
other until the heaviest part of the crankshaft is i
its lowest position.

Multi-cylinder engines are statically balance
by positioning the opposing crank-throws so tha
they cancel out the individual centrifugal force
created by the crankpin and web structure. Thug

mR = mth

Fig. 3.5 GStatic balance check on knife edges
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Fig. 3.4laand b) Change in sense of couple and deflection as twin-cylinder crankshaft rotates

wise rock (Fig. 3.4(b)). Likewise, in the horizon-
tal plane the sense of the moment of the couple
continuously reverses as crankpins Nos 1 and 2
move towards and from their mid-stroke positions
of 90° and 27(°.

Due to the reaction of the main bearings the
outward pull on the crankpins deflects the crank-
shaft in a sine-wave fashion as it rotates (Fig.
3.4(aand b)).

The magnitude of the crankshaft deflection will
be greatly intensified in the vertical plane when
the reciprocating component’s inertia effects are
compounded with the rotational inertia forces as
the crankpins approach either the outer or inner
dead centres. Thus, the rotational inertia effects
are constant but continuously changing their
sense throughout one revolution of the crankshaft
whereas the reciprocating component inertia
effects are only prominent as TDC or BDC is
approached.

3.1.4 Static crankshaft balance
{Figs 3.2, 3.5 and 3.6)

Static balance of a single-cylinder crankshaft can
be achieved by positioning half the equivalent
balancing mass opposite the big-end crankpin on
either side so that the product of these masses
2(m/2) and its distance from the centre of rota-
tion (Ry) is equal to the mass of the big-end
crankpin (/) times its distance from the centre of
the shaft (R} (Fig. 3.2) that is

mR = mbRb
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(b} Anticlockwise twist

The static batance of the single-cylinder crank-
shaft can then be checked by mounting it on a pair
of horizontal knife edges which are effectively
frictionless and slowly rolling the shaft in steps of
45° until one revolution is completed. At the end
of each 45° interval the shaft should be held still
and then released. If the shaft is perfectly ba-
lanced then it will remain stationary in any posi-
tion in which it is stopped:; conversely, if the shaft
is unbalanced it will tend to roll one way or the
other until the heaviest part of the crankshaft is in
its lowest position,

Multi-cylinder engines are statically balanced
by positioning the opposing crank-throws so that
they cancel out the individual centrifugal forces
created by the crankpin and web structure. Thus,

Fig. 3.5 Static balance check on knife edges




Fig. 3.6 Static balance check on ball race bearings

if a multi-cylinder statically balanced crankshaft is
rolled on knife edges (Fig. 3.5) or, alternatively
spun on ball race bearing supports (Fig. 3.6) then
the crankshaft should remain stationary in any
position.

3.1.5 Dynamic crankshaft balance
(Fig.3.4(aandb))

Unfortunately, with multi-cylinder engines, the
individual crankpins are offset to each other so
that, as the crankshaft commences to rotate, the
centrifugal inertia forces act in different planes
and will therefore tend to produce rocking mo-
ments which make the crankshaft twitch in each
direction as it completes each revolution. This
condition is known as dynamic imbalance, which
is caused by the opposing centrifugal inertia
forces being spaced apart, an example of this is
shown by a twin cylinder crankshaft (Fig. 3.4(a
and b)). Thus, a crankshaft which is balanced
statically will produce dynamic imbalance as it
rotates unless provision for dynamic balance has
been built into the shaft, whereas a dynamically
balanced crankshaft will always be statically ba-
lanced.

3.2 Multi-cylinder
crankshaft balancing of
rotating masses

{(Fig. 3.7)

Most muiti-cylinder crankshaft configurations are

Edge and mid-region
bearing pressure
concentration

Fig. 3.7 Distorted crankshaft caused by rotating
crankpin inertia force

arranged so that their crankpins oppose and
therefore neutralize any static out-of-balance of
the individual crankpins and their webs. How-
ever, as soon as the crankshaft commences to
rotate, internal couples will be created by the
crankpin centrifugal inertia force, which tends to
bend the crankshaft laterally. An exapgerated
illustration of a distorted crankshaft (Fig. 3.7)
cancentrates extreme pressure at the edges and
the mid-region of the bearing lengths. The magni-
tude of the crankshaft deflection increases with
rising speed and, if the crankshaft stiffness is
inadequate, the excessive bearing pressures will
produce early fatigue failure.

To reduce the lateral deflection of the crank-
shaft when it rotates, balance masses in the form
of extended webs can be positioned opposite and
on either side of each crankpin. In practice,
normally only one of the crankpin side webs is
extended to the opposite side of the main journal,
but for high-performance engines both side webs
may be extended to smooth out the bending of
the crankshaft, thereby relieving the bearing edge
loading so that a more uniform pressure distribu-
tion exists over the working bearing surface.

3.2.1 Twin-cylinder crankshaft
balance
(Figs 3.8 and 3.9)

Twin-cylinder crankshafts have offset diametri-
cally opposed crankpins supported on a pair of
outer cranked arms and by a common central arm
which joins together both crankpins. With the
in-line 180° out-of-phase twin (Fig. 3.8) the cen-
tral arm is diagonally inclined to increase the
offset between cylinders to accommodate the
piston diameter width, the thickness of the cylin-
der walls and the coolent jacket. However, with
the horizontally opposed twin-cylinder crankshaft
(Fig. 3.9) the crankpin offset between cylinders is
kept to a minimum by having the common central
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Fig. 3.8 180° out of phase twin-cylinder crankshaft
balance

arm perpendicular to the crankshaft axis since
there is no piston interference problem with
opposing piston layouts. Consequently, a larger
couple is produced with 180° out-of-phase twin-
cylinder crankshafts relative to the horizontal
opposed twin-engine.

In both crankshaft arrangements the out-of-
balance opposing crankpins and webs counter-
balance. This provides an inherent static balance
for the shaft, but dynamic balance can only be
achieved by extending the outer crank arm webs
(B) to the opposite side of the main journals (Figs
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3.8 and 3.9) thereby neutralizing the offset crank-
pin and web couple moment.

3.2.2 Three-cylinder in-line
crankshaft balance
(Fig. 3.10)

The three crankpins are spaced at intervals of
120° and their crank arms are supported on four
main journals. The even angular spacing of the
crankpins statically balances the rotating masses
but the longitudinal offset of each crankpin cre-
ates a dynamic imbalance which can only be
cancelled by attaching balance weights opposite
the individual crankpin webs (Fig. 3.10). Without
balance weights, internal couples will cause the
shaft to deflect laterally and, simultaneously, a
resuttant external couple will be generated which
will rock the crankshaft within its main bearings.
The normally adopted counterweight system ex-
tends both central crankpin webs to the opposite
side of the shaft’s main journals, whereas the first
and last crankpins only have counterweights cx-
tended on their outer webs,

3.2.3 Four-cylinder in-line crankshaft
balance
(Fig. 3.11(aand b))

With this single-plane crankshaft two interna
couples of opposite sense are created by th
opposing crankpins and their supporting webs
These couples are absorbed by the stiffness of th
crankshaft material and cancel each other out
but the rigidity of the crankshaft structure i
generally insufficient to prevent a small amount
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lateral deflection when the crankshaft rotates.
Therefore, to improve the crankshaft alignment
four extended webs are incorporated. two on the
outside webs of the first and last crankpins and a
second pair opposite the inner crankpins adjacent
to each other (Fig. 3.11(a and b)). These ex-
tended balance webs produce dynamic couples
which counteract each of the internal couples
caused by the big-end crankpins so that the
crankshaft deflection is minimized and the bear-
ing toad is spread more evenly over a large area.
This crankshaft configuration is dynamically ba-
lanced with or without the cxtra balance masses,
the extended web masses are there only to reduce
the crankshaft lateral deflection and therefore
minimize bearing pressure at high rotational
speeds.

at TDC position

Four-cylinder in-line crankshaft with extended balance webs illustrating the effects of internal coupies

3.2.4 Five-cylinder in-line crankshaft
balance
(Fig. 3.12)

A straight five-cylinder crankshaft has five sepa-
rate big-end crankpins equally spaced around the
crankshaft axis of rotation at intervals of 72° in a
consecutive firing order of 12453 (Fig. 3.12). Each
crankpin and its two side webs are separated and
supported by one of six main journal bearings.
With this arrangement, there are no pairs of
opposing crankpins to balance out the inertia
effects of each crankpin; therefore, each crankpin
and big-end portion of its connecting rod is indi-
vidually counterbalanced by balance weights
which are provided by both crankpin side webs
being extended to the opposite side of the main
journals, This method of obtaining both static and
dynamic crankshaft balance of the rotating com-
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Fig.3.12 Five-cylinder in-line crankshaft balance

ponents also eliminates any internal couples
which might have been generated at its source, so
that crankshaft lateral deflection and therefore
bearing loading will be at a minimum. The penal-
ty of increasing the inertia wind-up effect pro-
duced by having the full complement of counter-
weights, is compensated by having relatively
large-diameter short-length journal surfaces
which considerably improve the crankshaft's
rigidity.

3.2.5 Six-cylinder in-line crankshaft
balance
(Fig. 3.13)

Six-cylinder crankshafts have either four or seven
main journal bearings. Four main bearing crank-
shafts were very popular until the 1960s for petrol
engine capacities up to 3.5 to 4.0 litres because of
their low manufacturing costs. However, owing to
higher crankshaft speeds, compression ratios and
better cylinder charge filling since then, the seven
main bearing crankshaft has become necessary to
provide greater lateral crankshaft support, there-
by reducing running roughness and bearing load-
ing caused by crankshaft bending.

Both four and seven main bearing crankshafts
generate pairs of front and rear internal couples
due to the inertia forces of the rotating big-end
crankpins, these couples and their resulting later-
al crankshaft deflection are shown with the crank-
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Deflection

shaft in three different angular positions
Fig. 3.13. The generated couples act in the oppo-
site sense to each other and therefore tend to
become neutralized, but this is generally at the
expense of the crankshaft bending in several
places along its length, which can cause excessive
main journal deflection and very high bearing
loads. A partial remedy is to attach counter-
weights in the form of extended crankpin webs to
one, or in some cases both, sides of each big-end
crankpin so that rotating crankpin inertia forces
are balanced, or at least partially batanced, thus,
limiting very high bearing loads caused by lateral
tilting of the crankshaft.

3.2.6 60° vee six-cylinder crankshaft
balance
(Fig. 3.14)

A 60° vee cylinder banked angle enables the
width of an engine to be reduced by approximate-
ly 25% at the expense of something like a 20%
increase in engine height, as compared with a 9(0°
vee engine of the same capacity. Whereas the
overall engine length is reduced by roughly 35%
relative to a similar capacity straight six-cylinder
engine, this reduction in crankshaft length con-
siderably increases the rigidity of the crankshaft
and, therefore, practically eliminates any torsion-
al vibration.

The crankshaft has six separate big-end crank-




Fig. 3.13 Six-cylinder in-line crankshaft illustrating crankshaft lateral deflection caused by the internal couples

pins equally spaced at intervals of 60° arranged in
pairs between the four main journal bearings
{Fig. 3.14).

The centrifugal inertia forces of the crankpins
and connecting-rod big-ends cancel out due to
there being three diametrically opposing pairs of
crankpins 1 and 6, 4 and 2 and 3 and 5, but these
generate three longitudinally active couples which
create a dynamic imbalance to the crankshaft.
These three couples produce a resultant longitu-
dinal couple in the plane of crankpins 1 and 6 and
this is normally cancelled by providing balance
weights directly opposite and on each side of
crankpin Nos. 1 and 6. In some long stroke
engines a third additional pair of smaller balance
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weights are positioned in the same plane and
direction as the other counterweights, but they
are attached to the inner webs of crankpins 3 and
4 as this arrangement tends to relieve more of the
load on the two inner main bearings.

3.2.7 90° vee eight two-plane or
cruciform crankshaft balance
(Fig. 3.15 (a-d))

This is a two-plane five main bearing crankshaft
with four big-end crankpins each supporting a
patr of connecting-rods.

A pair of rotating couples is generated by the



Fig. 3.14 60° vee six-cylinder crankshaft balance

two outer diametrically opposing big-end crank-
pins 1 and 4 in the vertical plane (Fig. 3.15(a))
and the two opposing inner crankpins 2 and 3 in
the horizontal plane, both couples thus being at
right-angles to each other. The plane of the
resultant couple occurs at approximately 18° to
the plane of crankpin No. 1.

To neutralize the unbalanced couples (Cy and
Cy) caused by the rotating crankpins, balance
weights (B) are positioned directly opposite the
crankpins on webs 2, 3, 6 and 7, the mass moment
of each of these balance weights being equivalent
to something like half to two-thirds of the purely
rotating mass moment of each crankpin, its sup-
port webs and the crankpin ends of the connect-
ing-rods. A further two balance weights (B) are
also positioned on the outer webs of crankpins i
and 4. Their mass moment and angular disposi-
tion relative to No. 1 crankpin (18°) then com-
pletely counterbalance the remaining resultant
couple produced by the combination of the rotat-
ing crankpin and webs and the rotating compo-
nent of the connecting-rods.

3.2.8 Crankshaft dimensional
proportions
(Figs 3.16,3.17,3.18 and 3.19)

The crankshaft dimensions will be greatly in-
fluenced by the magnitude of the piston inertia
and gas loads imparted to the big-end crankpin
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and the load-carrying capacity of the shell bear-
ings.

The load-carrying capacity of the bearing will
be determined basically by the big-end journal
projected area and the maximum pressure the
bearing material can sustain.

Early crankshafts adopted long slender dia-
meter big-end and main journals, thereby keeping
the rubbing velocities between the journal and
bearing to a minimum (Fig. 3.16). This design
produced a long crankshaft with very low torsion-
al and lateral stiffness; however, modern trends
have been to increase the journal diameter and to
shorten the length of each journal without sac-
rificing any of the projected bearing area. This
considerably raises the torsional stiffness and the
lateral rigidity of the crankshaft, but at the ex-
pense of increasing the surface rubbing velocity
between bearing and journal.

However, high rubbing velocities do not seem
to be a major problem now that a much better
understanding of hydrodynamic lubrication exists
since this has produced great advancements in
bearing materials and design and, therefore, im-
provements in engine lubrication systems.

Crankshafts were originally all made from
forged steel; however, due to the development of
suitable nodular iron and the improvements in
foundary technigues using shell mouldings, cast
crankshafts which are much cheaper to produce
have mainly replaced the forged shafts for small
and medium-sized engines. Only for high per-
formance petrol engine applications and for large
heavy-duty diesel engines is the forged crankshaft
still prominent.

With increased gas pressure and inertia loading
of the crankshaft it has become necessary to
provide substantial main beanng support on
either side of each big-end crankpin instead of
every second big-end crankpin, particularly when
cast crankshafts are used which tend to need more
lateral support.

Big-end and main journals are sometimes cast
{Fig. 3.17) with hollow cores since the metal in
the central portion of the journals contributes
very little to the torsional and lateral stiffness of
the crankshaft. Thus, for a given weight of crank-
shaft, the metat which would normally occupy the
journal cores can then be used to enlarge the
journal and web dimensions, where it is more
effective in raising the torsional stiffness and the
lateral rigidity of the crankshaft.

Long stroke under-square engine crankshaft
(Fig. 3.18) have very little journal overlap. an
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therefore the shaft relies entirely on the web
section thickness for bending strength. On the
other hand, over-square engine crankshafts
(Fig. 3.19) have relatively short crank-throws,
which provide adjacent journals with a certain
amount of lateral overlap. Consequently, this
overlap contributes somewhat to the lateral rigid-
ity of the crankshaft,
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Sometimes engines are designed to have two or
more cylinder capacities. This can be-achieved by
increasing the cylinder diameter. However, this
may be difficult, or even impossible, with some
cylinder-block castings since the thickness of the
cylinder walls would not permit additional boring.
However, a relatively straightforward method of
altering the cylinder’s capacity without introduc-
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Fig.3.16 Relationship between rubbing velocity and journal diameter

ing any major changes is to have crankshafts with
two or more crank-throw sizes (Figs 3.18 and
3.19). An interesting feature which results when
different strokes are used with a common con-
necting-rod length, is that the engine with the
smaller swept volume (shorter crank-throws) will
have a larger connecting-rod to crank-throw
ratio, i.e. n = l/r. Therefore, the reciprocating

Fig. 3.17 Short stroke cored crankshaft with large
journal overtap

secondary inertia forces will be greater for the
larger swept volume engine, which has a longer
crankthrow. Thus, with an in-line four-cylinder
engine there will be an increase in secondary
force vertical shake as the engine cylinder capac-
ity is raised.
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1+ {Counterweight
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Fig. 3.18 Long stroke crankshaft with very little
journal overlap
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3.3 Primary and secondary
piston movement

3.3.1 Primary piston movement
(Fig. 3.20(a))

Qil hole

L arilling Primary piston motion may be studied by con-
. . . structing a crankpin circle with a radius (R) to
Fig.3.18 Normal stroke sofid crankshaft with represent to a predetermined scale, the length of
moderate journal overlap the crank throw (Fig. 3.20(a)). Next, draw the
line-of-stroke through the centre of the circle,
divide one half of the crankpin circle into a
number of equal parts at, say, 30° intervals.
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Fig. 3.20 lllustration of primary and secondary motion
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Project lines from each crankpin position to in-
tersect the line-of-stroke. Set a compass to the
scaled connecting-rod length and mark off the
small-end gudgeon pin positions along the ex-
tended line-of-stroke for corresponding crankpin
big-end angular dispositions. Draw perpendicular
lines to the line-of-stroke for each incremental
position of the small-end gudgeon-pin, also draw
a second set of lines paratlel to the tine-of-stroke
passing through the crankpin points until they
intersect the corresponding perpendicuiar lines
for each gudgeon pin position. Mark off the
perpendicular and horizontal intersection point
and then draw a smooth curve through these
points,

The distance between gudgeon-pin points along
the line-of-stroke then represents the piston’s
movement for a corresponding crank-angle dis-
placement. Primary piston movement may be
defined as the piston’s travel caused by the rotat-
ing crankpin’s projected position along the line-
of-stroke. The curve drawn between plottings
represents a graph of the piston’s velocity with the
base as the line-of-stroke while the perpendicular
distance from the base (line-of-stroke} to the
curve represents the piston velocity at any point
between TDC and BDC.

Analysing the motion for the first and last 30°
crankpin angular intervals, there will be an equal
but relatively small corresponding piston move-
ment at each end of the piston’s stroke. The next
30° crankpin inward intervals, from TDC and
BDC, i.e. 30-60° and 150-120°, will again be
equal but their corresponding piston travel will be
much greater. Finally, the third 30° crankpin
inward intervals from TDC and BDC, i.e. 60-90°
and 120-90°, meeting at the mid-stroke position
will produce similarly equal but only slightly
increased piston travel compared with the pre-
vious crankpin intervals. Hence, the primary pis-
ton movement x, between TDC and mid-stroke
and between BDC and mid-stroke will be identi-
cal; however, the effective primary movement will
be greatest in the mid-stroke region, and the
minimum as the piston approaches or departs
from either end of its stroke. Thus, the piston
motion near either dead centre is known as the
ineffective crank angle movement.

3.3.2 Secondary piston movement
(Fig. 3.20(b))

The relative piston-to-crankpin secondary move-
ment can be shown by constructing a crankpin

92

circle to scale, of radius (R) (crankthrow) (Fig.
3.20(b)). Draw a line-of-stroke and a perpendicu-
lar to the line-of-stroke passing through the cen-
tre of rotation. Divide one half of the crankpin
circle into a number of equal parts in, say, 30°
intervals, Draw projected lines through each
crankpin centre interacting the perpendicular
centre-line and mark these points 0,6 1,5 2.4 and
3. Set the compass to the scaled connecting-rod
length and mark off the piston gudgeon-pin posi-
tion along the line-of-stroke for each intersected
point on the perpendicular centre-line.

Secondary piston movement may be defined as
the piston travel caused by the rotating crankpin’s
projected positions on the perpendicular centre-
line.

The secondary movement velocity graph can
then be produced by drawing lines perpendicular
to the line-of-stroke through each gudgeon-pin
position and then intersecting these lines with the
parallel lines to the line-of-stroke which pass
through the crankpin centre’s perpendicular pro-
jection points. The horizontal and wvertical in-
tersections in the gudgeon-pin region are then
joined together with a smooth curve which repre-
sents the piston’s secondary motion velaocity. The
axes of the graph are the line-of-stroke as the base
representing the piston displacement, and the
perpendicular height to the line-of-stroke as the
measure of the piston’s velocity at any instant.
The construction also shows that the piston
changes its direction of motion every quarter of a
revolution and, therefore, completes two forward
and backward secondary strokes every revolu-
tion.

3.3.3 Relationship between primary
and secondary piston movement
(Fig.3.20 (aand b))

Due to the obliquity of the connecting-rod—that
is. the connecting-rod inclination angle to the
line-of-stroke—there is a projected crankpin out-
ward and inward movement perpendicular to the
line-of-stroke as the piston moves to and fro
between its dead centres (Fig. 3.20(b)). This
additional piston displacement produced due to
the perpendicular crankpin outward and inward
projection movement is known as the secondary
movement. Thus, as the crankpin on its first half
angular displacement moves from TDC to the
mid crankpin position, the connecting-rod big-
end will move perpendicularly outward and away



from the linc-of-stroke, therefore causing the
piston to have an additional movement away from
TDC in the same direction as the primary piston
movement. However, when the crankpin has
reached its mid-position and commences the
second half of its angular displacement towards
BDC, the big-end perpendicular projected move-
ment will be towards the line of stroke. Hence,
the piston movement caused by the perpendicular
projected crankpin’s inward movement reverses
its direction and pushes it in the opposite direc-
tion to the main primary movement (Fig.
3.20(a)).

Therefore, as the crankpin turns through its
first quadrant from TDC to mid-stroke position
the connecting-rod big-end moves perpendicular-
ly outwards and away from the line-of-stroke and,
as a result, additional movement in the same
direction as the basic primary movement occurs.
After the crankpin has reached its mid-crank
angle position, it then moves into the second
quadrant, the big-end of the connecting-rod now
reverses its perpendicular outward movement and
commences to move inward towards the line-of-
stroke. Correspondingly, the piston movement
caused by the perpendicular projected movement
of the crankpin will now move in the opposite
direction to the primary movement which still
continues to move towards BDC.

Hence, for the first quadrant (0-90°) crankpin
movement, from TDC to mid-crankpin position,
both primary and secondary movement are in the
same direction and it is therefore additive.
However, during the second quadrant (90-180°),
from mid-crankpin position to BDC, the secon-
dary movement has reversed its direction and
cancels out a portion of the primary movement.
The consequences of these events means that the
resultant piston movement from TDC to mid-
crankpin position 1s greater due to the addition of
the secondary movement, i.e. X, + X, whereas
the resultant piston movement from mid-crankpin
position to BDC is smaller due to the subtraction
of the secondary movement from the primary
movement, i.¢. X, — X,.

When the piston reaches the end of the out-
ward stroke and commences its return inward
stroke from BDC to TDC, the relative displace-
ments of the primary and secondary movements
are similar to those on the outward-going stroke.
Thus, when moving from BDC to mid-crankpin
position the secondary movement reduces a por-
tion of the primary movement and, with further
movement from mid-crankpin position to TDC,

the secondary movement then, in effect, extends
the primary movement. The overall result is that
the piston travel from TDC for the crank-angle
inner stroke quadrants, 0-90° and 270-360°, is
greater than for the outer stroke crank-angle
quadrants, 90-180° and 180-270°.

Subsequently, for the crankshaft to revolve at a
uniform speed, the piston’s acceleration and de-
celeration between TDC and mid-crankpin posi-
tion must be higher (due to the increased distance
moved) than the deceleration and acceleration
which occurs between BDC and mid crankpin
position, where the relative piston travel is less.

3.3.4 Combined primary and
secondary reciprocating movement
(Figs 3.21 and 3.22)

The crank—piston reciprocating mechanism rela-
tive motion may be examined by constructing a
circle with a radius representing, to a predeter-
mined scale, the length of the crank-throw. One
half of the circle is then divided into any number
of equal parts, say 15° intervals (Fig. 3.21). Set
the compass to the scaled connecting-rod length
and mark off the small-end gudgeon-pin positions
along the line-of-stroke for corresponding crank-
pin big-end angular dispositions. Draw straight
lines between the big-end and small-end centres
and for the first crank-angle quadrant (0-90°).
From TDC extend back these lines until they
intersect the big-end circle centre perpendicular
line and mark off these points. Draw perpendicu-
lars along the line-of-stroke for each incremental
gudgeon-pin position and then draw lines parallel
to the line-of-stroke passing through the pro-
jected crankpin intersecting points on the perpen-
dicular crankpin circle line. The resulting velocity
graph is then produced by drawing a smooth
curve  through the  perpendicular and
parallel intersecting points. With the piston
stroke as the base the magnitude of the piston
velocity at any position of the gudgeon-pin is
presented by the perpendicular distance between
the line-of-stroke and the curve.

Thus, the piston travel for the first crankpin
quadrant ((-90°) is larger compared with that of
the second crankpin quadrant (90-180°), and the
piston movement for equal crankpin intervals in
the TDC and BDC region is greater at TDC; that
is, the piston movement at BDC is relatively
ineffective compared with simitar crankpin move-
ments at TDC. However, the piston’s movement
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at both TDC and BDC is very ineffective com-
pared with the 60-75° crankpin interval which
provides the most effective (greatest) piston
movement over the entire half revolution of the
crankpin. The velocity graph also shows that the
piston velocities are zero at either dead centres
and that the piston velocity rises rapidly for the
first 45° crank angle movement from TDC, the
steepness of the velocity rise then reduces until
the maximum velocity is reached roughly 80° after
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Resultant primary and secondary reciprocating motion

TDC. The piston velocity rise then commences to
decrease slowly until the crankpin has been dis-
placed approximately 90° from TDC, after this
the piston’s velocity steadily declines until, at
BDC, it becomes zero.

The increased distance traveiled by the piston
for the first half of the crankpin angular move-
ment compared with that moved in the second
half (Fig. 3.22) of the piston’s stroke implies that
the piston’s rate of speed increase or decrease
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{acceleration or deceleration) has to be greater
between TDC and the mid-crankpin position than
when the piston is moving in its second half of its
stroke and the crankpin is somewhere between its
mid-position and BDC. Consequently, there 1s a
relative imbalance of acceleration and decelera-
tion when the piston changes its direction of
motion at either dead-centres.

3.3.5 Reciprocating piston
connecting-rod and crank dynamics
(Fig. 3.23)

An analytical determination of how the piston’s
velocity, acceleration and inertia forces vary as
the piston travels between the inner and outer
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lllustration of reciprocating acceleration and deceleration

dead-centres can be derived for any crank angle
movement.

Let x be the displacement of the piston from
the inner dead-centre position (Fig.3.23) then
[ = length of the connecting-rod, r = crank throw,
¢ = connecting-rod angle to the line-of-stroke,
8 =crank angle movement from TDC,
» = angular velocity of crank.

Thus, it can be proved that

. . ) sin26
piston velocity (v} = wr| sind +2— m/s
1

cos 29) 5
m/s
n

piston acceleration (a) = w’r (cosﬂ +

. . . 520
piston inertia force (F) = mmzr(cose +2 ) N
n
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Fig. 3.23 Reciprocating crank mechanism geometry

Multiplying out the brackets

) 2 cos20
F = mwrcosd X mer N

The first term mw®r cos® is called the primary
inertia force and reaches a maximum value of
mw’r twice per revolution, when 6 = 6 and 180°.

The second term mw’r(cos26/n) is called the
secondary inertia force and reaches a maximum
value of mw?n four times per revolution when
6 =10° 90°, 180° and 270°, thus inertia piston
force = primary force * secondary force.

The primary force is the inertia force produced
by the piston mass due to the rotating crankpin’s
projected movement along the line-of-stroke
being relayed to the piston via the connecting-
rod,

The secondary force is the inertia force pro-
duced by the piston mass due to the rotating
crankpin’s outward and inward projected move-
ment perpendicular to the line-of-stroke relaying
motion to the piston via the inclined connecting-
rod.

In practice when the crankpin rotates, its pro-
jected movements for each crank-angle position,
both along the line-of-stroke and perpen-
dicular to the line-of-stroke occur simultane-
ously, this then causes a resultant acceleration or

deceleration motion to the piston and hence a
corresponding inertia force will be created by the
reciprocating piston’s mass.

3.3.6 Primary and secondary piston
acceleration curves
(Fig. 3.24)

From the derived formula for the piston accelera-
tion for any crank shaft angular displacement it
can be seen that both primary and secondary
piston acceleration and deceleration between the
two extreme dead-centres follow a cosine wave-
form (Fig. 3.24). 1t can be seen that the primary
piston acceleration and deceleration cycle takes
place between the outward and inward stroke
displacing the crankshaft through 360°, whereas
the secondary piston motion completes two accel-
eration and deceleration cycles for one complete
crankshaft revolution. In other words, the secon-
dary piston movement operates at twice the fre-
quency of the piston’s primary movement.
However, its peak magnitude is only between a
quarter to one-third of the primary acceleration
depending upon the connecting-rod length to
crank-throw ratio. Maximum primary piston
acceleration and deceleration occurs at TDC and
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BDC respectively while at mid-crankpin positions
%° and 270° the acceleration or deceleration is
zero. However, the secondary piston periodic
acceleration and deceleration occurs at 0° (TDC),
90°, 180° (BDC), 270° and 360° crankpin move-
ment, whereas zero acceleration occurs at 45°,
135°, 225° and 315°.

Comparing both the primary and secondary
piston motion over one complete revolution, it
can be observed that both primary and secondary
piston movements, moving away from TDC, are
accelerating together, whereas when BDC is
approached the primary piston motion is deceler-
ating while the secondary piston movement is
accelerating. Algebraically combining both the
positive and negative accelerations of the primary
and secondary piston movements over one com-
plete revolution produces an increase in piston
acceleration as it moves out from TDC—this
being shown by the height and steepness of the
resultant curve for the first crank-angle quadrant.
In contrast, the resultant deceleration of the
piston as BDC is approached is reduced, this
being shown by the almost flat plateau at the base
of the resultant acceleration curve. A further
feature of the resultant, primary and secondary
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piston acceleration curve is that the piston’s zero
acceleration has shifted to just before and just
after 90° and 270° crank angle movement respec-
tively due to the secondary piston movement's
interaction with that of the primary piston mo-
fion.

3.4 Balancing of the
reciprocating parts of a single
cylinder engine

(Fig. 3.25)

If the reciprocating masses of the piston and
connecting-rod are completely balanced in the
vertical plane by extending backward the crank-
arm webs on each side of the crankpin then, as
the crankshaft rotates (Fig. 3.25), the opposing
reciprocating and counterweight mass vertical-
force component cosine-curve phasings are such
that they become the mirror image of each other
and therefore cancel out. Thus, the vertical recip-
rocating and counterweight mass force compo-
nents on the outward stroke decline together
from a maximum at TDC to zero during the first




Fig. 3.25
and horizontal plane

quadrant (-90°; then, they again increase from
zero at the mid-crankpin position to a maximum
at BDC during the second-quadrant 90-18(F
movement. On the return inward stroke the
opposing vertical force components repeat the
half-cycle of events. Hence, in any position in the
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lllustration of single-cylinder engine cychic reciprocating force and counter weight balance in both vertical

vertical plane ({along the line-of-stroke) the
piston’s reciprocating inertia force will be com-
pletely neutralized by the counterweight’s verti-
cal force component, However, in the horizontal
plane there is no reciprocating force component
to be balanced by the two half counterweights so
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Fig.3.26 In-line 180° out-of-phase twin cylinder engine balance

that the latter produce their own imbalance at
right-angles to the line-of-stroke. Thus, if the
counterweight masses completely balance the re-
ciprocating masses in the vertical plane then there
will be a maximum out-of-balance horizontal
force at crankshaft positions where the recipro-
cating vertical force components become zero;
that is, at 90° and 270° crank angle positions,
which are equal in magnitude to the reciprocating
inertia forces at TDC and BDC. Thus, all that has
been achieved is that the maximum out-of-
balance forces have been shifted a quarter of a
revolution from TDC and BDC positions, to the
mid-crankpin positions, 90° and 270°.

As a compromise, it is usual for the counter-
weights to provide only a 50% reduction in recip-
rocating imbalance. Consequently, the crankshaft
will move through four instead of two equal peak
out-of-balance positions every revolution—that
is, at TDC and BDC in the vertical plane caused
by the reciprocating masses and at 90° and 270° in
the horizontal plane, caused by the counterweight
masses—but the magnitude of ecach peak imba-
lance will amount to only a half of the maximum
reciprocating inertia force.
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3.4.1 Primary and seconda
reciprocating inertia force balance
(Figs 3.26 and 3.27)

Before examining the balance of different crank-
shaft and cylinder configurations it is worthwhile
reminding ourselves in which direction the prim-
ary and secondary forces point along the line-of-
stroke relative to the extreme dead-centres and
mid-stroke (Figs 3.26 and 3.27).

Due to the obliquity of the connecting-rod the
inertia forces are greater at the TDC crank posi-
tion than at the BDC position, which necessarily
results in an imbalance of forces that cannot be
balanced simply by attaching counterweights on
the opposite side of the crankpins.

As a result, both primary and secondary forces
act in the same direction at TDC (0° and 360°),
that is F,+ F,, whercas at BDC (180°) the secon-
dary force opposes the primary force—that is
F,— F,. The secondary forces at TDC and BDC
therefore point in the same direction towards
TDC and are referred to as being positive.

Conversely, when the crankshaft approaches
mid-stroke (90° and 270°) positions the piston
primary inertia force decreases to zero due to the
piston velocity in this position being approxim-
ately constant. However, the crankpin’s projected
perpendicular movement to the line-of-stroke
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Fig. 3.27 Horizontal opposed twin-cylinder engine balance

changes its direction, at mid-stroke, and therefore
there will be a maximum negative secondary
piston force which is in the opposite sense to that
produced at either dead centres.

3.4.2 Method of solving the state of
balance for primary and secondary
forces and couples for various
crankshaft and cylinder configurations
(Figs 3.26, 3.27 and 3:32)

Analysing the dynamic balance of an engine in
terms of primary and secondary forces and
couples with single-plane crankshafts, such as are
used in two and four-cylinder engines, is rela-
tively simple. However, when the crank-throws
are arranged in several planes, it becomes very
difficult, and therefore a more precise method
of studying the state of engine balance is needed.

The method chosen in this text uses what are
known as a primary and secondary cranks, and
from their angular configurations, primary and
secondary vector force and couple polygons are
drawn. From these, the balance or imbalance of
the system can be derived.

Using the in-line four-cylinder engine as an
example (Fig. 3.32) the procedure for obtaining
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the force and couple polygons is described as
follows.

1 Draw a plan or pictorial view of the crankshaft
with vertical lines representing the crankpin
centres.

2 Mark off the reference plane, usually mid-way
along the crankshaft length, using the notation
that anything to the left of the plane is positive
and to the right is negative.

3 Draw dimension lines parallel to the crankshaft
length and insert distances x,, x», x; etc from
the reference plane.

4 Draw the primary crank, this is the end view of
the crankshaft showing each crank throw (arm)
with its angular displacement (6) from its
piston’s respective line-of-stroke.,

5 Draw asecondary (imaginary) crank, this is the
end view of the crankshaft with each crank-
throw having been rotated twice the primary
crank displacement (26) from the piston’s re-
spective line-of-stroke.

6 Draw both primary and secondary force-vector
polygons. Primary and secondary force vectors
are treated as acting radially outwards from
crank centres,

7 Draw both primary and secondary moment
vector polygons. All positive primary and
secondary moment vectors are treated as




acting radially outwards and the negative vec-
tors radially inwards.

3.4.3 In-line 180° out-of-phase twin-
cylinder engine balance
(Fig. 3.26)

With the in-line 180° out-of-phase twin-cylinder
engine, when one piston is at inner-dead-centre
the other will be at outer-dead-centre; therefore,
since the primary forces of both pistons act in
opposition to each other they are neutralized.
However, the secondary force on piston No. 1,
when at TDC, acts in the same direction as the
primary force; that is, towards the cylinder head,
whereas the secondary force on piston No. 2,
when at BDC, acts in the opposite direction to the
primary force; that is, away from the cylinder
head.

Consequently, the offset between the two
pistons causes the primary forces (which are
parallel but point in opposite directions to each
other) to produce a moment of a couple, this
tends to rock the crankshaft alternately clockwise
and anticlockwise. In contrast, both secondary
forces act in the same direction and therefore they
produce a vertical shake.

3.4.4 Horizontal opposed twin-
cylinder engine balance
(Fig. 3.27)

With this crankshaft and cylinder configuration,
both pistons arrive at or depart from TDC or
BDC simultaneously, therefore the primary
forces created are directed outwards when TDC is
reached or point inwards when approaching
BDC. Likewise, both secondary forces are
directed outward at TDC and inwards at BDC.

Due to the offset of the primary and secondary
forces there will be both a primary and secondary
couple which rocks the engine in both a clock-
wise and anticiockwise direction. However, the
couple-arm length is smaller with the opposed
twin compared with the in-line twin since there Is
no piston ovetlap interference when the pistons
are on either side of the crankshaft. There is no
secondary shake as both of the secondary forces
act in opposition to each other.
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3.4.5 90° vee twin-cylinder engine
balance
{Figs 3.28 and 3.29(a—d))

With this basic crankshaft arrangement the prim-
ary inertia force of each piston is completely
out-of-balance, whereas the secondary inertia
forces produce an approximate 70% secondary
force imbalance (Fig.3.28). However, by
attaching counterweights to each web on either
side of the crankpin on the opposite side of the
cranks, the primary inertia force may be com-
pletely balanced but, unfortunately, the secon-
dary inertia forces still remain unaffected and
unbalanced.

Primary force balance by attaching balance
weights to the crankarms will now be described
(Fig. 3.29). With the crankpin in the TDC posi-
tion (Fig. 3.29(a)) relative to the left-hand No. |
piston and cylinder, the primary inertia force is
completely balanced by the centrifugal force set
up by the counterweights, and the right-hand
piston will be in the mid-stroke position where
there is no primary inertia force. However, there
will be a secondary inertia force on piston No. 1
when it is at TDC and on piston No. 2 when it is at
mid-stroke position, which produces a resultant
secondary inertia force Fsp = 1.414F5.

When the crankpin has turned through 90°
(Fig. 3.28(b)) the right-hand piston No. 2 will
now be at TDC and the primary inertia force will
be completely neutralized by the counterweights’
centrifugal force, which is now diametrically
opposite piston No. 2. Correspondingly, piston
No.1 will have moved to its mid-stroke zero
primary inertia force position. Consequently, pis-
ton No. 2 in its mid-stroke position also produces
a maximum secondary inertia force along its
line-of-stroke; both of these forces being at right-
angles to each other and, therefore, they produce
a resultant secondary force Fsg at 45° to each
individual secondary inertia force.

As the crankpin revolves through 180° (Fig.
3.29(c)) relative to piston No. 1's line-of-stroke,
piston No. 1 will be at BDC with the crankshaft
counterweights aligned in the opposite direction.
Also, piston No. 2 will again be in a mid-stroke
zero primary inertia force position. In this crank-
angle-position, piston No. 1 at BDC and piston
No. 2 at mid-stroke position produce a maximum
secondary inertia force along their respective
lines-of-stroke. which has a resultant secondary
force, Fsgr.

A further crankpin angular movement from
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Fig. 3.28 90° vee twin-cylinder engine balance

piston No. 1’s line-of-stroke of 270° (Fig. 3.29(d))
positions piston No. 2 at BDC so that its primary
inertia force is exactly cancelled by the centrifugal
force of the counterweights, while piston No. 2
will be in its mid-stroke zero primary inertia force
position. Under these conditions the secondary
inertia forces acting on each piston are at a
maximum and will again produce a resultant
secondary force of Fgg .

3.4.6 In-line three-cylinder engine
balance
(Figs 3.30(a—f) and 3.31)

A three-dimensional view of a three-cylinder en-
gine crankshaft with its pistons attached is shown
in Fig. 3.30. With this simple crankshaft arrange-
ment both primary and secondary inertia {orces
are balanced as shown by the two force polygons
(Fig. 3.31). In contrast, there are both primary
and secondary couples which cannot be simply
balanced by counterweights since they would then
introduce additional couples at right-angles to the
cylinder axis. The out-of-balance couples are por-
trayed by the open primary (C,) and secondary
{C,) moment polygons as shown (Fig. 3.31). The
couples produced as the crankshaft rotates will be

Primary  Secondary Secondary
moment force moment
polygon polygon polygon
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Firing order 12

o Secondary
crank

of varying magnitudes, as explained in the fol-
lowing.

When piston No. 1 is at TDC, its upwardly
directed inertia force in the vertical plane is equal
to the combined downward inertia force compo-
nents of pistons Nos 2 and 3, which are both &()°
from BDC. The effect of these opposing offset
forces along the crankshaft is to create a vertical
clockwise pitching couple with the front-end tilt-
ing up and the rear-end pressing downwards
(Fig. 3.30(a)).

Rotating the crankshaft 60° from piston No. I's
position brings piston No. 2 to BDC, causing its
maximum inertia force to be directed downward,
this is counteracted by pistons No. 1 and No. 3,
which are both 60° from TDC. They, therefore,
produce opposing upward inertia force compo-
nents which equal the middle piston’s maximum
downward inertia force. Accordingly, with the
crankshaft in this position, there will be no pitc
couple (Fig. 3.30(b)).

Rotating the crankshaft 120° from pisto
No. I's TDC position brings piston No. 3 to TD
and its maximum upward inertia force position
while pistons Nos 1 and 2 move to 6(° either sid
of the BDC pasition. The lower pistons, there
fore, produce downward inertia force compo
nents equal to that produced by piston No. 3’
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Fig. 3.29 90° vee twin-cylinder engine with crankweb counter weight primary force balance principle
Rotating the crankshaft 180° from piston

No. 1's TDC position brings piston No. 1 to BDC
and pistons Nos 2 and 3 to 60° either side of TDC

upward force. However, due to all the pistons
being in different planes the downward force of
the first two pistons is opposed by the upward

force of the rear piston, the result being that an
anticlockwise pitch couple is produced which
tends to tilt the engine downward at the front and
upward at the rear (Fig. 3.30(c) ).

(Fig. 3.30(d)). Accordingly, the maximum down-
ward inertia force of piston No.l is counter-
balanced by the upward inertia force components
of pistons Nos 2 and 3, but their offset along the
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crankshaft length produces a similar anticlock-
wise pitch couple to the previous 120° crankshaft
position (Fig. 3.30(d)).

Rotating the crankshaft 240° from piston
No. 1's TDC position brings piston No. 2 1o the
TDC position and pistons Nos 1 and 3 move to 60°
either side of BDC. In this position, the upward
force of piston No. 2 is balanced by pistons Nos 1
and 3’s downward force components. Therefore,
since the downward force components are at an
equal distance from the middle piston’s upward
force there will be no pitch couple in this position
(Fig. 3.30(e)).

Rotating the crankshaft still further to 300°
from piston No. 1's TDC position brings piston
No. 3 to BDC and pistons Nos 1 and 2 to 60°
before and after TDC position. The resulting
offset upward force components and the max-

In-line three-cylinder primary and couple balance
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imum downward piston force along the crank-
shaft length now produces a clockwise pitch
couple which tends to tilt the front end up and the
rear end down (Fig. 3.30(f} ).

Rotating the crankshaft a further 60° to 360°
from piston No. 1’s TDC position brings piston
No. 1 to TDC again, whereas pistons Nos 2 and 3
move to 60° either side of BDC. Thus, the cycle of
events is repeating (Fig. 3.30(a})).

3.4.7 In-line four-cylinder engine
balance
(Fig. 3.32)

The in-line four-cylinder engine can be treated as
a pair of in-line 180° out-of-phase twin crank-
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shafts joined together end on (Fig. 3.32). Thus,
all the crank throws are in a single plane (in-line)
so that when pistons Nos 1 and 4 are at TDC,
pistons Nos 2 and 3 will be at the opposite ends of
their stroke at BDC. Accordingly, the primary
forces caused by the pistons’ upward movement
in cylinders Nos 1 and 4 will be balanced by the
primary forces produced by pistons Nos 2 and 3
on their downward movement and, correspon-
dingly, when the outer pistons are on their down-
ward stroke approaching BDC and the inner
pistons are on their upward stroke towards TDC
then the opposing directional sense of the inner
and outer primary forces also cancel each other
out (Fig. 3.32}).

It is worthwhile reminding ourselves of the
relationship between the primary and secondary
forces as the piston reciprocates between TDC
and BDC. When the piston approaches TDC the
secondary force produced acts upwards in the
same direction as the primary force (F, + F,), but
when the piston approaches BDC the secondary
force always acts upwards in opposition to the
primary force (F,—F,) which is now directed
downwards.

With this knowledge it is easy to visualize that
the secondary forces for both inner and outer
pairs of pistons when approaching either TDC or
BDC always point upwards, that is, at TDC the
secondary forces act in the same direction as the
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primary forces, but at BDC the secondary forces
react in opposition to the primary forces.

The overall result is that a pair of primary
couples will be created at the front between
pistons Nos 1 and 2 and at the rear between
pistons Nos 3 and 4 and, since one has a clockwise
rotation and the other an anticlockwise rotation
and their magnitudes are equal, then both are
neutralized by each other through the internal
stresses created within the crankshaft matenal.
Thus, the couples are absorbed internally by the
crankshaft’s rigidity, thereby eliminating all ex-
ternal rocking.

However, all the pistons’ secondary forces are
directed upwards, and therefore the crankshaft is
subjected to a vertical secondary shake.

3.4.8 Horizontally opposed flat four-
cylinder engine balance
(Fig. 3.33)

This crankshaft arrangement can be considered as
a pair of horizontally opposed twin-crankshafts
joined together end on (Fig. 3.33). The engine
configuration consists of two horizontally
opposed cylinder banks, the left-hand bank is
formed by cylinders Nos 1 and 3 and the right-
hand bank includes cylinders Nos 2 and 4. Thus,
the first two crank throws (Nos 1 and 2) will be at
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Fig. 3.32 In-line four-cylinder engine balance

TDC or BDC when the rear two crank throws
(Nos 3 and 4) are at the opposite ends of their
strokes, at BDC or TDC respectively.

Observing the primary forces produced when
the four pistons are in motion, as can be seen, the
primary forces of piston No. 1 at TDC and piston
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No. 4 at BDC both point towards the left-hand
bank, whereas piston No. 2 at TDC and piston
No.3 at BDC point in the opposite direction,
towards the right-hand bank; therefore, the prim-
ary forces are balanced (Fig. 3.33).

Inspecting the secondary forces for pistons Nos
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Fig. 3.33 Horizontally opposed four-cylinder engine balance (flat four)
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1 and 2, since both pistons are at TDC they point
outwards in the same direction as their respective
primary forces. In contrast, the secondary forces
imposed on pistons Nos 3 and 4 act in opposition
to their respective primary force since both of
these pistons are at BDC and therefore their
sense of direction must be towards their respec-
tive TDC positions.

As aresult, a clockwise couple for both primary
and secondary forces is generated between pis-
tons Nos 1 and 2, whereas oniy a primary anti-
clockwise couple is generated between pistons
Nos 3 and 4, this being partially counteracted by a
clockwise secondary couple, in the opposite sense
to the rear primary couple.

The overall state of balance is that both prim-
ary couples are neutralized internally, but there
now exists an unbalanced external secondary
couple because the front and rear couple both
tend to rotate in the same direction.

3.4.9 60°vee four-cylinder engine
balance
(Figs 3.34, 3.35 and 3.36(a, band c))

This four-throw two-plane crankshaft has throw
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Fig. 3.3% 60° vee fourcylinder engine balance

Fig. 3.34 60° vee four-cylinder engine crank and
piston layout

intervals of 60°, 120°, 60° and 120° respectively.
The left-hand cylinder-bank pistons are con-
nected to one of the crankthrow planes while the
right-hand cylinder-bank pistons are connected to
the crankpins of the other plane (Fig. 3.34). Thus,
when one piston of either cylinder bank is at TDC
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Fig. 3.36 60° vee fourcylinder primary force and couple balance

the second piston from the same bank will be at
BDC. Power impulse intervals occur every 180°.
Thus, it can be seen from the force and moment
polygon diagrams that only the primary forces are
balanced and that the primary couples, secondary
forces and secondary couples are unbalanced
(Fig. 3.35). Examining the state of primary piston
inertia forces and couples (Fig. 3.36(a)) and
considering the left-hand cylinder-bank; when
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piston No. 1 is at TDC, piston No.2 will be at
BDC. Likewise, piston No. 4 will be at TDC and
piston No.3 will be at BDC in the right-hand
cylinder-bank. A plan view of these piston forces
shows that a horizontal clockwise couple is gener-
ated in both the left- and right-hand cylinder
banks which produces a resultant compounded
horizontal clockwise couple.

Rotating the crankshaft 120° from piston No. 1




TDC position in the left-hand cylinder-bank
brings crankpin No. 3 to TDC and crankpin No. 4
to BDC on the left-hand cylinder-bank, whereas
crankpins Nos 1 and 2 will be in a horizontal
position (Fig. 3.36(b)). In this crankshaft position
the pistons in the left-hand cylinder-bank gener-
ate a small clockwise couple, and this results in an
overall small horizontal anticlockwise (yaw)
couple.

Rotating the crankshaft 240° from crankpin
No. I's TDC position in the left-hand cylinder-
bank, brings crankpin No. 2 to TDC and crankpin
No. 1 to BDC on the right-hand cylinder-bank,
whereas crankpins Nos 2 and 4 will be in a hori-
zontal position (Fig. 3.36(c)). In this crankshaft
position the pistons in the left-hand cylinder-
bank generate a small horizontal clockwise couple
while the pistons in the right-hand cylinder-bank
will generate a large horizontal anticlockwise
couple. A resultant horizontal anticlockwise
coupleisproducedof moderate magnitude.

Thus, it can be seen that there will be a
resultant horizontal couple which changes both its
direction and magnitude every revolution of the
crankshaft. The unbalanced primary couples can-
not be simply balanced by attaching counter-
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force moment
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Fig. 3.37 In-line five-cylinder engine balance
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weights to the crankshaft webs, but they can be
neutralized by incorporating a counterbalance-
shaft parallel to the crankshaft.

3.4.10 In-line five-cylinder engine
balance
(Figs 3.37 and 3.38(a-¢))

With this crankshaft configuration five separate
crank throws are equally spaced 72° apart. Each
successive crank throw angular interval (com-
mencing at the front and moving to the rear)
occurs in the order 12453 (Fig. 3.37).

The construction of the primary and secondary
force and couple polygons, enabling the state of
balance to be determined, is fully described for
the in-line five-cylinder engine as follows.

Procedure for solving primary and secondary
force and couple polygons

(Fig. 3.37)

Draw a plan or pictorial view of the crankshaft
and mark off a reference plane mid-way along the
crankshaft, this being No.3 crankpin centre.
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Draw dimension lines parallel to the crankshaft
length and insert distances x; and x, to the left of
the reference plane and x, and xs to the right.
When drawing the primary and secondary mo-
ment polygons use the notation that pistons to the
left of the reference plane are negative and pis-
tons to the right are positive. Draw the primary
crank (PC), which is the end view of the crank-
shaft, showing each crank-throw arm with its
angular displacement (6) from the line-of-stroke.
Finally, draw the secondary (imaginary) crank
(8C), this being the end view of the crankshaft
with each crankpin having been rotated twice the
primary-crank (PC) displacement (28) from the
line-of-stroke.

Primary and secondary force polygon

(Fig. 3.37)

Choose a suitable scale for the force polygon and,
starting from the point(s), draw to scale a line
parallel to the primary crank arm (1) representing
the piston primary force (1) and mark an arrow
pointing in the outward direction from the prim-
ary crank centre. From the end of the first line
draw to scale a paralle! line to the crank arm (2)
representing the piston primary force (2) and
insert an arrow pointing again in an outward
direction from the centre of the primary crank.
From the end of the second line draw to scalc a
parallel line to the crank arm (3} representing the
piston primary force (3) and again insert an
outward pointing arm from the primary crank
centre. Repeat the foregoing procedure for prim-
ary forces (4) and (5) marking the finish of the last
vector line with (F).

If the start (S} and finish (F} points meet, then
the primary forces balance, whereas if the prim-
ary reciprocating forces are unbalanced there will
be a gap proportional to the imbalance between
the first and last vector-line’s open ends.

The secondary force polygon is constructed
similarly to the primary force polygon, but this
time parallel lings are drawn from the secondary-
crank instead of the primary-crank.

Primary and secondary moment polygon
(Fig. 3.37)

Select a suitable scale for the primary moment
polygon and then draw to scale a line proportion-
al in length to the distance from crankpin No. 1 to
the reference line parallel to the primary crank
arm (1). Mark an arrow pointing in the outward
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direction from the primary crank centre for
crankpins on the positive side of the reference
plane and, conversely, point an arrow towards the
centre of the primary crank if the crankpin is on
the negative side of the reference plane.

From the end of the first moment line draw to
scale a second parallel line to the primary crank
arm (2} representing the primary moment (2)
making it proportional to its distance from the
reference plane, i.e. x;, x;, xi. Repeat this
procedure for primary moment vectors 3, 4, and
5.

If the start (S) and finish (F) points of the
moment polygon do not meet, then the distance
between these points represents the out-of-
balance primary moment.

The secondary moment polygon is constructed
similarly to the primary moment polygon except
that it is developed from the secondary crank.

Summary

of primary and secondary force
and couple Jalg

nce

Referring to Fig. 3.37 both primary and secon-
dary piston inertia forces are balanced: this is
indicated by the force polygon being closed. Tt
can also be seen that the secondary moment
polygon is closed so that there is no unbalanced
secondary couple. Unfortunately, the primary
moment polygon does not close and, in fact, the
large gap (C) between the start and finish of the
vector moment indicates a relatively large unba-
lanced primary couple.

One advantage of the five-cylinder engine is
that there are separate angular phasings for each
crankpin and therefore no two pistons reach or
depart from either dead centres at any one time.
Consequenttly, the resultant vertical primary
force of a five-cylinder engine is less than for a
six-cylinder engine where pairs of pistons
approach either TDC or BDC together.

Primary force and couple distribution

The primary couple produced as the crankshaft
rotates will be of varying magnitude as illustrated
in Fig. 3.38(a-e).

When piston No.1 is at TDC the upward
maximum inertia force of piston No.1 and the
smaller upward inertia force components of pis-
tons Nos 2 and 3 are counter-balanced by the




Force and couple distribution
Crank cylinder positions Crank
position 1 2 3 4 5 position
TDC Large pitch coupie
; (W)
ﬁifj’ @;@\ =T @ .o
W, NANIAY.)
2 grnall pitch coupla
4 1 ) (Cﬂ) —‘t‘\
@ ( ‘;?(/T\ ; g l/q h 72¢ ()
VeV AN AN ¥
4 gmall pitch coupjs
"W ¢
@ glc = /T\@
YAV R ALY PANAN
5 x”m\
@ GRVERY SRV T4 D
VARV VAR S AN ANAN
3 Balanced
W T

Fig. 3.38 In-line five-cylinder primary force and couple balance

downward inertia force components of pistons
Nos 4 and 5, but the offset planes of the individual
pistons cause a relatively large clockwise pitching
couple to occur (Fig. 3.38(a) ).

Rotating the crankshaft 72° from piston No. 1's
TDC position brings piston No. 2 to TDC, caus-
ing the maximum inertia force to be directed
upward; likewise, pistons Nos 1 and 4 have small
upward inertia force components, whereas pis-
tons Nos 3 and 5 have medium downward inertia
force components (Fig. 3.38(b)). Consequently,
the upward and downward inertia forces are
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equal, but, due to their offset to each other along
the crankshaft’s length, they create a resultant
clockwise pitching couple which is of medium
magnitude.

Rotating the crankshaft 144° from piston
No. 1’s TDC position brings piston No. 4 to TDC
in its maximum upward inertia force position and,
together with pistons Nos 2 and 5’s smail upward
inertia force components, they balance the down-
ward inertia force components for pistons Nos 1
and 3 (Fig. 3.38(c)). However, due to the offset
of each piston along the crankshaft an anticlock-




wise pitching couple is now produced of medium
magnitude.

Rotating the crankshaft 216° from piston
No. I's TDC position brings piston No. 5 to TDC
in its maximum upward inertia force position and,
together with pistons Nos 3 and 4, which also
provide small upward inertia force components,
they counteract the medium downward inertia
force components of pistons Nos 1 and 2 (Fig.
3.38(d)). Thus, due to the staggering of the
pistons over the crankshaft span, a large anti-
clockwise pitching couple is produced.

Rotating the crankshaft further, to 288° from
piston No. 1’s TDC position, brings piston No. 3
to TDC and to its maximum inertia force position
and, together with the small upward inertia force
components of pistons Nos 1 and 5, they neutral-
ize the evenly spaced downward inertia force
components of pistons Nos 2 and 4, which are also
evenly spaced on either side of the middle piston
(Fig. 3.38(¢)). This combination of vertical in-
ertia forces (which are equally spaced and are of
equal magnitude) cancel out any likely pitch
couple. Hence, there is no pitch couple while the
crankshaft remains in this position.
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To remove the unwanted pitching and there-
fore improve the smoothness of this type of
engine, twin counter rotating balance shafts are
sometimes installed which are able to cancel out
the inherent unbalanced primary couples.

3.4.11 In-line six-cylinder engine
balance
(Figs 3.39 and 3.40)

This in-line six-cylinder crankshaft has its six
crank-throws arranged in pairs, the three pairs
being equally spaced 120° apart with their crank-
pins usually paired off in the order 1-6, 2-5 and
3—4 (see Fig. 3.39). The usual firing order for this
configuration is 153624.

The angular phasing between the first and last
three crankpins is 120° to one another; thus, the
front three and rear three crank-throw configura-
tions are the mirror image of each other and
therefore constitute a pair of in-line three-
cylinder crankshafts joined together end on
(Fig. 3.39).

The three-cylinder crankshaft is balanced for
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Fig. 3.40 In-line six-cylinder primary force and couple balance

both primary and secondary shake forces, but cancel each other out. This is demonstrated by
because these vertical forces are in different the closed primary and secondary moment poly-
planes along the crankshaft, rocking couples will gon (Fig. 3.40). The bending moment and stresses
be introduced which are difficult to balance. are absorbed by the rigidity of the crankshaft
However, when two of these three-cylinder material itself and therefore there is no external
crankshafts are joined together they may be tre- rocking couple load imposed on the crankshaft’s
ated as the mirror image of each other with the main bearings and its supporting crank-case.

first and last (1-6), adjacent middle (3-4) and in A similar treatment may be given to the secon-
between front and rear (2-5) crankpins paired dary couples created in both the front and rear
(Fig. 3.39). Consequently, the unbalanced pitch halves of the crankshaft, these being again neut-
couple for the front three cylinders will be coun- ralized internally by the crankshaft due to the
ter-balanced by the rear three-cylinder pitch double in-line three-cylinder crankshaft arrange-
couple since both vertical couples will always act ment which causes the couples created at both
in opposition to each other and therefore they will ends to balance out.
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The in-line six-cylinder crankshaft is therefore
perfectly self-balanced for primary and secondary
shake forces and primary and secondary rocking
couples and, with its 120° cylinder filling intervals,
it makes a very popular engine for large cars and
commercial vehicles where engine length is not at
a premium.

3.4.12 Horizontally opposed flat six-
cylinder engine balance
(Figs 3.41 and 3.42)

This cylinder configuration can be considered as a
180° vee six-cylinder engine with both cylinder
banks sharing a common six-throw crankshaft
(Fig. 3.41). Successive pistons in each cylinder
bank are linked via the connecting-rods to every
second crankpin, the angular intervals between
the crank-throws for each cylinder bank are 120°
and the crank-throws for both cylinder banks
alternatively intermesh along the crankshaft’s
length and are out-of-phase with each other by
60°. Therefore, the left- and right-hand cylinder
banks are staggered to accommodate and align
the connecting-rods with their respective crank-
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Fig. 3.41

pins, the left-hand bank being slightly forward
relative to the right-hand bank.

In effect, the left- and right-hand cylinder
banks consist of a pair of three-cylinder in-line
engines with each set of crank-throws being a
mirror image of the other.

As a result, the unbalanced coupies produced
by each cylinder bank, from the imaginary pair of
three-throw crankshafts, exactly counter-balance
each other for all crank angle positions
(Fig. 3.41).

Thus, this cylinder and crankshaft configura-
tion provides perfect self-balance for primary and
secondary shake forces and, similarly, all primary
and secondary rocking couples which can be seen
by the closed force and moment polygon dia-
grams (Fig. 3.42).

3.4.13 60° vee six-cylinder engine
balance
(Figs 3.43, 3.44 and 3.45)

These six-cylinder engines have two cylinder
banks of three cylinders inclined at 60° to each
other (Fig. 3.43). Three evenly spaced crank-
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Fig. 3.42 Horizontal opposed six-cylinder primary force and couple balance

throws (with their pins aligned with each cylinder
plane in the left-hand bank) and, similarly, three
evenly spaced crankpins, align with their respec-
tive cylinders in the right-hand bank. The angular
interval between crankpins for each bank is 120°%
however, when both sets of crank-throws merge
together to form a single crankshaft, the relative
spacing of the left and right-hand bank crank-
throws is such that the three prongs of each set of
crank-throws intermesh with each other so that
the angular phasing between both sets of crank-
throws is 60°. The left-bank is numbered from the
front to the rear 1, 2 and 3 and the right-hand

bank also follows this pattern with numbers 4, 5
and 6. Thus, the left-bank cylinders align with the
first, third and fifth crankpin whereas the right-
hand bank cylinders align with the second, fourth
and sixth crankpin, counting from the front of the
crankshaft. Consequently, the engine should be
visualized as two three-cylinder in-line engines
inclined 60° to each other (Fig.3.44) with the
crank throws for each cylinder bank alternately
staggered along the crankshaft length.
Therefore, the primary and secondary forces
for this double three-cylinder in-line engine are
balanced, this is illustrated by both force polygons
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Fig. 3.43 60° vee six-cylinder engine crank and piston
layout

closing (Fig. 3.45). Moreover, there is no direct
secondary couple, again shown by there being no
resultant on the secondary moment polygon.
Conversely, however, there is a large primary
couple created as shown by the open primary
moment polygon (Fig. 3.45).

The inertia forces created by each piston react
on their respective crank-throw pins, each being
offset along the length of the crankshaft; there-
fore, each cylinder bank produces its own primary
couple (Fig. 3.44). Therefore, as the crankshaft
revolves, the directional sense and magnitude of
both sets of couples are continuously changing
and they are not necessarily in phase. Conse-
quently, there will be angular periods when the
direction and magnitude of these couples do not
cancel each other out, this then causes periodic
external couples to be generated.

With counterweights forming part of the fly
wheel and rear three extended crank webs, and
diagonally opposed counterweights imposed on
the front pulley and first three extended crank
webs, primary couples can be neutralized
(Fig. 3.43).
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3.4.14 90° vee eight-cylinder engine
balance with sinje-plane crankshaft
(Figs 3.46, 3.47 and 3.48)

The crankshaft is similar in shape to an in-line
four-cylinder engine which has two up and two
down crank-throws all in the same plane, except
that each crankpin, instead of supporting one
connecting-rod big-end, accommodates a pair,
one from each cylinder bank (Fig. 3.46). This
means that at any one time, when the crankshaft
is at TDC or BDC relative to one cylinder bank’s
line-of-stroke, pairs of pistons will be either at
TDC or BDC simultaneously, while the pistons in
the other cylinder bank will all be in their mid-
stroke positions. With power impulses every 90°
of the crankshaft movement a typical firing order
would be 18364527,

Thus, the primary inertia forces of one pair of
pistons at TDC: or BDC will always be counter-
balanced by the other pair of pistons in the same
cylinder bank (Fig. 3.47). Conversely, the pistons
in the other cylinder bank in their mid-stroke
position do not generate any primary inertia force
and therefore do not influence the state of prim-
ary force balance.

The internal couples, which are created by the
offset distance between the first and second pairs
of pistons when the outer and inner dead centres
are reached, are counteracted by both couples
opposing and neutralizing each other.

However, the inherent imbalanced secondary
forces in each four-cylinder bank are cancelled
out in the vertical plane due to the 90° inclination
to each other of both banks, but these secondary
forces combine in the horizontal piane to produce
a secondary force disturbance equal to V2
(1.414) times the total secondary inertia force on
one bank of cylinders (Fig. 3.48).

Thus, both primary forces and couples are
balanced (Fig. 3.48). This is shown by the closed
polygon force and moment diagrams. However,
the secondary force is unbalanced as the force
diagram does not close, whereas that of the
secondary moment polygon closes, indicating that
the secondary couples are neutralized.

3.4.15 90° vee eight-cylinder engine
balance with two-plane crankshaft
(Figs 3.49, 3.50(a-d) and 3.51)

These two-plane 90° vee eight-cylinder crank-
shafts have four spaced crank-throws which are
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Fig. 3.44 60° vee six-cylinder primary force and couple balance

set at angular intervals of 90° to each other
(Fig. 3.49). A pair of connecting-rods, one from
each cylinder bank, are linked to each crankpin,
and therefore the engine can be considered as two
four-cylinder engines sharing a common crank-
shaft. There is a 90° interval between power
pulses which adapts readily to one of several firing
orders, such as 15486372,

Considering the left-hand cylinder bank (Fig.
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3.50(a)) when piston No.1 is at TDC, piston
No. 4 will be at BDC and pistons Nos 2 and 3 are
in mid-stroke. However, on the right-hand cylin-
der bank, piston No.6 will be at TDC while
piston No. 7 is at BDC and pistons Nos 5 and 8
are in mid-stroke positions. Thus, when the
crankshaft arrives in this position a large clock-
wise couple is created by the left-hand cylinder
bank of pistons, whereas the right-hand cylinder
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bank also produces a clockwise couple, but of half
its magnitude. Hence, the two individual sets of
couples for each cylinder bank acting 90° to each
other produce a compounded relatively large
resultant couple which reacts through the main
bearings onto the crank case.

When the crankshaft has rotated a further 90°
(Fig. 3.50(b}) the left-hand cylinder bank pistons
Nos 3 and 4 will now be at TDC and BDC
respectively, while pistons Nos 1 and 4 are now at
mid-stroke positions, whereas the right-hand
cylinder bank pistons Nos 5 and 8 have moved to
TDC and BDC respectively and pistons Nos 6 and
7 are in their mid-stroke positions. The effects are
a large clockwise couple in the right-hand cylinder
bank, which is opposed by an anticlockwise
couple of half the others’ magnitude on the
left-hand cylinder bank. These couples which are
at right-angles to each other therefore produce a
relative moderate unbalanced resultant couple.

Rotating the crankshaft 180° (Fig. 3.50(c)),
from piston No. 1's TDC position now produces a
large and small anticlockwise couple in the left-
and right-hand cylinder bank respectively, this
causes a relatively large resultant couple to be
created which will tend to pitch the engine in an
anticlockwise direction.
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Fig. 3.47 90° vee eight-cylinder primary force and couple balance with single-plane crankshaft

Further rotation of the crankshaft to 270° (Fig.
3.50(d)), from piston No. i's TDC position now
generates a large anticlockwise couple in the
right-hand cylinder bank which is partially coun-
teracted by a small clockwise couple coming from
the right-hand cylinder bank; consequently, there
will again be an anticlockwise resultant couple,
but of a smaller magnitude.

A further rotation of 90° will bring the crank-
shaft to its original position in which the resultant
couple has again changed its sense and now
pitches the engine in a clockwise direction (Fig.
3.50(a)). However, all the primary and secondary
shake forces are balanced and there is no secon-
dary rocking couple (shown by the closed force
and moment polygon diagrams, Fig.3.51). The
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magnitude of the imbalance of the primary
couples is illustrated by the relatively large gap in
the primary moment polygon (Fig. 3.51}.

Baiance

Fig. 3.49 90° vee eight-cylinder engine with a two-
plane crankshaft crank and piston layout
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A much easier approach to understanding and
achieving rteciprocating inertia balance with a
two-plane four-throw crankshaft is to consider the
engine as four transverse 90° vee twin-cylinder
engine, with each pair of connecting rods sharing
a common crankpin and each pair of crank-
throws joined to the mext pair via the main
journals.

The crank-throws are arranged with the first
and fourth crank-throws in the same plane but
with their crankpins diametrically opposite each
other, while the second and third crank-throws
are both in a second plane and again opposite
each other, but situated at right-angles to the first
crank-throw plane.

Primary piston inertia force balance can be
achieved by placing a counterweight diametrically
opposite one of each pair of crank-throw arms,
and equal to the piston and connecting-rod recip-
rocating mass (Fig. 3.29).

Thus, when any of the pistons are at TDC or
BDC their primary inertia force will be exactly
balanced by the counterweight mass, while the
adjacent piston on the opposite cylinder-bank will
be in its mid-stroke position where there is no
primary piston inertia force. Since each primary
piston force is balanced by a counterweight vir-
tually in the same plane, there will now be no
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primary couples. However, the secondary inertia
force of each piston at mid-stroke is negative (see
Fig. 3.24) and is at a maximum so that it points
downward along its line-of-stroke. Conversely,
when the piston is at either TDC or BDC the
secondary force is positive and at a maximum and
points upwards along its line-of-stroke. This is
because when a piston is approaching TDC the
secondary inertia force reinforces the primary
force and, therefore, points in the same direc-
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tion—that is, upwards—whereas when the piston
moves towards BDC the secondary inertia force
opposes the primary force and therefore also
points upwards along its line-of-stroke, while the
primary force is directed downwards.
Accordingly, the negative secondary inertia
forces which are produced at mid-stroke from
pairs of pistons in each cylinder bank are neutral-
ized by the positive secondary inertia forces pro-
duced at TDC and BDC by the other pair of
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pistons. Therefore, the secondary reciprocating
inertia forces and couples are balanced.

The single plane crankshaft provides a filling
and exhausting interval between adjacent trans-
verse cylinders of 180°, whereas the two-plane
crankshaft produces an uneven induction and
exhaust interval between cylinder banks.

The two-plane cruciform crankshaft is more
complex and heavier, due to the second plane and
the counterweights, than the single-plane crank-
shaft configuration. Therefore, it can be seen
that, with the use of counterweights, all primary
and secondary forces and couples are eliminated
(Fig. 3.49).

Single-plane vee-eight crankshafts have been
used for racing engines where a shghtly higher
level of vibration is tolerated. However, the
two-plane crankshafts are preferred for saloon
car applications that demand an engine to be
balanced not only for primary forces and couples,
but also secondary forces and couples so that the
engine does not experience shake and rock and
therefore will run smoothly over its normal oper-
ating speed range.
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3.4.16 90° vee ten-cylinder engine
balance
(Figs 3.52 and 3.53)

This double five-cylinder banked engine with
each line-of-stroke set at right-angles to each
other has adopted an in-line five-cylinder engine
crankshaft which has five crank-throws evenly
spaced 72° apart (Fig. 3.52). Pairs of traversely
located pistons are attached to each crankpin via
their connecting-rods. If the engine is considered
as two in-line five-cylinder engines sharing a
common crankshaft, then the inherent imbalance
of secondary inertia forces, primary and secon-
dary couples can be observed by the open force
and moment polygons (Fig. 3.53).

Fortunately, these unbalanced primary couples
can be balanced by treating each pair of trans-
verse cylinders as a 90° vee twin-cylinder engine
and extending the crank-throw webs to the oppo-
site side to form counterweights, equal in magni-
tude to one piston and connecting-rod reciprocat-
ing mass (Fig. 3.29).

Hence, when either piston is at TDC or BDC
the counterweights balance the primary piston
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Fig.3.52 30° vee ten-cylinder engine crank and
piston layout

inertia force, whereas the piston from the oppo-
site cylinder bank is in its mid-stroke position
during which time its primary force is zero and
therefore does not contribute in any way to the
state of balance. As the crankshaft rotates, the
piston which was initially at mid-stroke, now
approaches TDC or BDC and the other piston,
which was originally at one of the dead-centres,
now moves to the mid-stroke position. Thus, the
piston which is now in line with the crank-throw is
balanced and, since the cycle of events is periodic,
this system will always cancel out unwanted prim-
ary inertia imbalance.

The question of secondary piston inertia force
shake and secondary rocking couples still re-
mains, but these effects are relatively small and
can be tolerated with good engine mount design
and for commercial vehicle applications.
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3.4.17 60° vee 12-cylinder engine
balance
(Figs 3.54, 3.55 and 3.56)

This 60° double-banked 12-cylinder engine adopts
a conventional in-line six-cylinder crankshaft with
paired crank-throws evenly spaced at 120° inter-
vals (Fig. 3.54). Each crankpin supports a pair of
connecting-rod big-ends which are connected to
adjacent pistons in each transverse cylinder bank.
This crankshaft and cylinder arrangement pro-
vides a power impulse every 60° of crank move-
ment with the induction and exhaust occurring at
equal intervals of 120° from alternative cylinder
banks. The two cylinder banks can be treated as a
pair of separate six-cylinder engines sharing a
common crankshaft.

The crankshaft has three pairs of throws evenly
spaced 120° apart so that the rear half of the
crankshaft is a mirror image of the front half
(Fig. 3.55). This symmetry gives perfect self-
balance for both the primary and secondary
forces and ensures that the internal couples pro-
duced by the front three cranks and pistons cancel
out the couples produced by the rear three cranks
and pistons.

Hence, the engine is perfectly balanced for
primary and secondary inertia forces and couples
(Fig. 3.56) without having to tesort to adding
counterweights, although counterweights are
used to provide dynamic balance of the crank-
throws and pins themselves. This crankshaft and
cylinder configuration therefore provides the very
best smoothness and acceleration response of all
the engines examined.

3.5 Primary and secondary
piston movement

3.5.1 Primary inertia force balancing
of a single-cylinder engine using twin
countershafts

(Fig. 3.57(a—e))

The primary inertia force, created by the piston
and that part of the connecting-rod that is consi-
dered to reciprocate, produces a considerable
amount of vertical shake which might not be
tolerated. Normally, if the cylinder capacity is to
be increased the solution is to have more cylin-
ders and thereby make each piston and its inter-
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Fig.3.53 90° vee ten-cylinder engine balance

connecting crankshaft configuration balance out
the primary forces.

However, a method using twin countershafts
can, in very special circumstances, be adopted to
absorb and cancel out the unwanted vertical
up-and-down shake, which results from this imba-
lance, without increasing the number of cylinders.

The fact that the primary inertia force balance
is very rarely tackled by using countershafts and
weights does not exclude a close study of this
method as it is the basis of balancing primary
couples and secondary forces when opposing
crank-throw configurations are unable to elimin-
ate these effects completely.

The primary inertia force balance is obtained
by a pair of counterweights, each being equiva-
lent to half the primary reciprocating inertia force
mounted on twin countershafts, which are driven
by a pair of meshing gear wheels so that they
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rotate in opposite directions to each other
(Fig. 3.57). These gears are then made to rotate
at the crankshaft speed by meshing the left-hand
countershaft to an input gear, which is of the
same size as the countershaft gears and, which is
itself, mounted on the crankshaft.

When the revolving crankshaft approaches
TDC position (Fig. 3.57(a) ) the twin countershaft
weights are so timed as to point downwards in a
BDC direction. Thus, the primary positive inertia
force which is now at a maximum with an upward
TDC direction will be exactly balanced by the
centrifugal force produced by both counter-
weights.

Rotating the crankshaft 90° from TDC position
(Fig. 3.57(b)) brings the piston to a mid-stroke
position where the primary force has diminished
to zero and the countershaft weights have also
turned 90° so that they now face each other in the
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piston layout

horizontal plane. Accordingly, the opposing cen-
trifugal forces produced by these counterweights
now cancel out leaving the engine in a state of
complete primary balance.

Rotating the crankshaft 180° from TDC posi-
tion (Fig. 3.57(c)) brings the piston to BDC and
the twin countershaft weights pointing upwards in
a TDC direction. Correspondingly, the primary
negative inertia force which now has a downward
BDC direction will be neutralized by the upward
direction of the centrifugal forces produced by
both counterweights.

Rotating the crankshaft 270° from the TDC
position (Fig. 3.57(d)) brings the piston to its
mid-stroke return position where its primary in-
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ertia force has been reduced to zero. Similarly,
the countershaft weights will have rotated the
same amount so that they are now outward facing
in the horizontal plane. Consequently, the oppos-
ing centrifugal force produced by each weight is
cancelled.

Finally, rotating the crankshaft 360° from TDC
position (Fig. 3.57(e)) brings the piston back to
its TDC position and the countershaft weights to
their downward BDC direction. Accordingly, the
positive primary inertia force with its upwards
TDC direction is exactly balanced by the twin
countershaft weights which both point in a down-
ward BDC direction.

3.5.2 Primary couple balancing of an
in-line three-cylinder engine using a
single countershaft

(Fig. 3.58(a—c})

The balancing of the primary couples cannot be
eliminated in a three-cylinder in-line engine by
means of balance-weights attached to the crank-
shaft alone. This is because, although these
weights could produce balance in the vertical
plane they, in turn, would introduce unbalanced
horizontal couples.

Complete balancing of the primary couples in
the vertical and horizontal planes, however, can
be achieved using a reverse rotating balance-shaft
(countershaft) in conjunction with weights
attached to the crankshaft (Fig. 3.58(a—<)). The
countershaft is driven at crankshaft speed in the
reverse direction by a pair of meshing identical
gear wheels attached to the front end of the crank
and balance-shaft. Weights are attached in the
form of extended crankwebs on both sides (split
weights) of crankpins Nos 1 and 3, 30° before
crank-throw No.1 and 30° after crank-throw
No. 3 looking from the front in a clockwise direc-
tion. Likewise, a pair of diametrically opposed
weights are attached to the front and rear end of
the balance countershaft. The meshing gear
wheels are so timed as to position the crankshaft
and countershaft weights in the vertical plane
with both front end weights pointing downwards
and the rear end weights pointing upwards with
crankpin No. 1 positioned 30° before TDC.

Considering the crankshaft rotating at a steady
speed, then, when piston No. 1 reaches TDC,
pistons Nos 2 and 3 will both be 60° from either
side of BDC position (Fig. 3.58(a}). Thus, the




Firing order
1,12,5,8,3,10,6,7,2,11,4,9.

(123458) 67891011 12)

OEEE®®
QELWEOE

Space
diagram
3,4
9,10
7 Secondary
, . 8 1 moment
Primary 7|16 Primary Secondary polygon
force moment force
polygon polygon polygon
Fig. 3.55 60° vee twelve-cylinder engine balance
batance weights on the crankshaft and counter- balance weights of the crankshaft and counter-
shaft will be in planes inclined 30° after BDC and shaft will now be in the horizontal plane where
before TDC, respectively. Therefore, the upward these centrifugal forces cancel-out.
primary maximum force of piston No. 1 will be Rotating the crankshaft 120° from crank No. 1's
opposed by the front split weights B, and weight TDC position brings piston No. 3 to TDC, and
B, whereas the downward primary force compo- pistons Nos 1 and 2 will have both moved 60° on
nents of pistons Nos 2 and 3 will be equally either side from BDC position (Fig. 3.58(b)). The
opposed by the rear split weights B, and weight balance weights of the crankshaft will now be in a
B, thus eliminating the vertical clockwise prim- plane 30° before TDC whereas the countershaft
ary couple. weights are in the plane 30° after TDC position.
Rotating the crankshaft 60° from crank No. ! Consequently, piston No. 3’s maximum upward

TDC position brings piston No.2 to BDC and primary force will be opposed by the downward
pistons Nos 1 and 3 will both be 60° either side of direction of the rear balance weights B, and B,

the TDC position. In this position the primary whereas the downward direction of pistons Nos 1
maximum downward force of piston No.2 ba- and 2's component forces is counterbalanced by
lances the upward component forces of pistons the upward effects of the front balance weights B,
Nos 1 and 3 and since they are offset from the and B,.

central piston an equal amount on either side, Rotating the crankshaft 180° from crank No. I’
there is no vertical primary couple pitching. The position brings piston No. 1 to BDC and piston
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g

Nos 2 and 3 will now both be 60° either side of
TDC position. In this position the primary max-
imum downward force of piston No.1 will be
opposed by the upward component forces of
pistons Nos 2 and 3, thus causing an anticlockwise
pitching. However, the front and rear balance

weights now act in the opposite sense to cancel
out the primary couple and thus eliminate any
vertical pitching.

Rotating the crankshaft 240° from crank No. 1’s
TDC position brings piston No.2 to TDC and
pistons Nos 1 and 3 to 60° either side of BDC
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Fig. 3.57 Single-cylinder engine with twin primary force balance shafts

position (Fig. 3.58(c)). The central piston’s
(No. 2) upward maximum primary force will now
equal the downward force components of pistons
Nos 1 and 3, which are similarly displaced on
either side of the central piston so that the varying
rotating primary couple in the vertical plane is
now zero. Correspondingly, the balance weights
of the crankshaft and countershaft will be in the
horizontal plane where their centrifugal forces
cancel each other.

Rotating the crankshaft 300° from crank No. 1’s
TDC position brings piston No.3 to BDC and
pistons Nos 1 and 2 to 60° on either side of TDC
position. Accordingly, the timed balance weights
of the crankshaft will be in a plane 30° after TDC
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and the countershaft weights will be in a position
30° before TDC. Consequently, the centrifugal
forces of these weights will now oppose the
downward dip at the rear and the upward lift at
the front, thus neutralizing the vertical primary
couple.

3.5.3 Primary couple balancing of a
60° vee four-cylinder engine using a
single countershaft

(Fig. 3.5%(a—d) )

The unbalanced primary couple produced by the
crankshaft and cylinder configuration can be dealt
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with by incorporating a single countershaft driven -

by the crankshaft via a pair of meshing gears so
that the shaft rotates at crankshaft speed but in
the opposite direction (Fig. 3.59(a—d)).
Balance-weights of half the horizontal force
components are attached on the common webs
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between crankpins Nos 1 and 3 and on the
common webs between crankpins Nos 3 and 4.
Likewise, balance-weights of half the horizontal
force components are mounted on the counter-
shaft. The disposition of both crankshaft and
countershaft weights are such that when piston
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Fig. 3.59 60° vee four-cylinder engine with primary couple balance shaft

No. 1 is at TDC both sets of weights will be in the
horizontal plane (Fig. 3.59(a)).

The front crankshaft and countershaft weights
will then point in the same direction, whereas the
rear crankshaft and countershaft weights will
point in the opposite horizontal direction. Thus,
these weights are so timed that they will oppose
and cancel out the primary couples in the horizon-
tal plane.
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Rotation of the crankshaft 90° from piston
No. 1 at TDC position (Fig. 3.59(b)) brings all
four pistons to their mid-stroke positions where
the piston assembly does not exert any primary
inertia force. Consequently, the crankshaft front
and rear balance-weights will point downwards
and upwards respectively, whereas the counter-
shaft front and rear weights will point upwards
and downwards respectively. Therefore, since




there is no primary inertia force, the opposing
centrifugal force of the front pair of weights and
the rear pair of weights cancel, thus eliminating
all primary inertia force and balance-weight imba-
lance.

Rotation of the crankshaft 180° from piston
No. 1 at TDC position (Fig. 3.59(c)) brings the
front two pistons (No. 1} to BDC and No. 3 to
TDC whereas the rear two pistons (Nos 3 and 4)
will now be at TDC and BDC respectively, all
the pistons now exert their maximum primary
inertia force and, of course, their horizontal force
components. Correspondingly, the crankshaft
and countershaft balance-weights have moved
round so that the front pair are facing in the
same direction to oppose the front horizontal
force component and, likewise, the rear pair of
balance-weights are together facing in the oppo-
site direction to oppose the rear horizontal force
components. Accordingly, all primary inertia
couples are eliminated.

Rotation of the crankshaft 270° from piston
No.1 at TDC position (Fig. 3.59(d)) brings all
four pistons to mid-stroke position where their
primary inertia forces are zero. Correspondingly,
the crankshaft front weights point upward and the
countershaft front weights point downwards,
whereas the crankshaft and countershaft weights
at the rear point downwards and upwards respec-
tively. Thus, the front crankshaft and counter-
shaft balance-weight centrifugal forces cancel,
and, likewise, the rear two balance-weights also
cancel, so again all primary forces and centrifugal
forces are neutralized.

A further rotation of the crankshaft 360° from
piston No. 1's TDC position brings the crankshaft
back to its original position as in Fig. 3.59(a), thus
completing the cycle of events.

35.4 Secondary inertia force
balancing of a single-cylinder engine
using twin countershafts

(Fig. 3.60(ai))

The secondary inertia force created by the piston
and that part of the connecting-rod which is
considered to reciprocate has a magnitude equal
to approximately one-quarter of the primary in-
ertia force.

With engine-cylinder swept volumes of a half a
litre or more, the resultant vertical shake pro-
duced can create unwanted vibrations and harsh-
ness which is unacceptable in certain applications.

However, these secondary unbalanced forces
can be balanced out by introducing a pair of
counterweights (Fig. 3.60(a-i)) each being
equivalent to half the secondary reciprocating
inertia force, supported on twin shafts, which are
driven by a pair of meshing gear wheels so that
they rotate in opposite directions to each other at
the same frequency as the periodic varying secon-
dary force; that is, twice the crankshaft speed via
a 2:1 chain and sprocket drive.

The balance shafts are so timed that when the
piston is at either dead-centre (positive secondary
forces) or at mid-stroke (negative secondary
forces) then the counterweights are both pointing
in the opposite direction to the piston’s secondary
inertia force and, therefore, exactly counteract
the unbalanced reciprocating inertia force.

When the piston is at TDC (Fig. 3.60(a)} the
twin counterweights both point downwards in a
BDC direction, thus causing their centrifugal
forces to counteract exactly the unbalanced max-
imum positive secondary piston inertia force,
which has an upward direction towards TDC.

A 45° movement (Fig. 3.60(b)) of the crank-
shaft brings the piston to a quarter stroke. This
moves the balance-shafts 90° in clockwise and
anticlockwise directions where they are diametri-
cally opposite each other, facing outwards, in a
horizontal plane. In this position the secondary
inertia force has decreased to zero and therefore
the centrifugal force of each counterweight is
timed to oppose and cancel out.

A 90° movement (Fig. 3.60(c)) of the crank-
shaft from TDC position brings the piston to the
mid-stroke position where the secondary force
has a maximum negative value. Correspondingly,
the counterweights will now both have been ro-
tated 180° to the TDC position where their centri-
fugal forces exactly balance the negative down-
ward secondary piston inertia forces.

A 135° movement {Fig. 3.60(d)) of the crank-
shaft from TDC position brings the piston to a
three-quarter stroke, to zero the secondary in-
ertia force position. Correspondingly, the coun-
tershafts will have rotated 270° and will therefore
point towards each other so that the centrifugal
force generated by each weight will cancel out,
therefore climinating any imbalance in the hori-
zontal plane by the counterweights.

A 180° movement (Fig. 3.60(e)) of the crank-
shaft from TDC position brings the piston to
BDC, the secondary force is therefore at a posi-
tive maximum with its directional sense towards
TDC in opposition to the primary inertia force of
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the piston. At the same time the countershafts
will have turned through 360° so that both coun-
terweight centrifugal forces will point downwards
in opposition to the secondary inertia force and
will thus neutralize the secondary imbalance.

Rotating the crankshaft 225° from TDC posi-
tion (Fig. 3.60(f)) brings the piston to its return
quarter-stroke position, where the secondary
forces are again zero. Likewise, the countershaft
will have revolved 450° so that the counterweights
are now in a horizontal plane pointing away from
each other and, accordingly, their generated cen-
trifugal forces cancel out.

Rotating the crankshaft to the 270° position
(Fig. 360(g)) brings the piston to its return mid-
stroke position where its secondary inertia force
creates a negative maximum in a BDC downward
direction. However, the countershaft will have
rotated 540° and will therefore point upwards in a
TDC direction.

Rotating the crankshaft to the 315° position
(Fig. 3.60(h)) brings the piston to its return
three-quarter position where the secondary in-
ertia force has diminished to zero. The counter-
shafts revolving at twice the crankshaft speed will
have rotated 630°, and therefore, their counter-
weights will neutralize each other since they will
be facing each other in the horizontal plane.

Finally, rotating the crankshaft 360° from TDC
position (Fig. 3.60(i)) brings the piston again to
TDC pasition, while the countershafts will have
rotated 720° causing the counterweights to point
in a downward BDC direction. Thus, the secon-
dary inertia force, which is at a positive max-
imum, points in an upward TDC direction and
will accordingly be balanced by the twin counter-
weights pointing in the opposite direction.

3.5.5 Secondary inertia force
balancing of an in-line four-cylinder
engine using twin countershafts

{Fig. 3.61(a—d))

When pairs of crank-throws approach TDC or
BDC with an in-line four-cylinder engine, the
secondary inertia forces for all four piston and
connecting-rod assemblies will be at a maximum
and will simultaneously be acting upwards to-
wards TDC. If the cylinder capacity of the engine
starts to exceed two litres the resultant vertical
shake at certain speeds can be prominent, which
is often reflected in engine roughness and vibra-
tion.
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These imbalanced secondary forces can be ba-
lanced out by incorporating twin countershafts
and their weights, these being equivalent in mag-
nitude to the secondary inertia forces of all four
cylinders (Fig. 3.61(a~d}). The countershafts are
mounted underneath the crankshaft and they are
made to revolve in the opposite direction to each
other by a pair of meshing gears driven at twice
the crankshaft speed via a 2:1 chain and sprocket
wheel drive.

Consider a steady rotating crankshaft in various
crank-throw positions 0°, 45°, 90°, 135° and 180°
as follows.

With pistons Nos 1 and 4 at TDC, pistons Nos 2
and 3 will be at BDC position (Fig. 3.61(a)),
whereas the twin countershaft weights are timed
to point in a downward direction. Under these
conditions, the secondary inertia forces caused by
the pistons at TDC act with the primary forces in
an upward direction, whereas the secondary in-
ertia forces caused by the pistons, which are at
BDC, act in opposition to the downward primary
forces and therefore also have an upward sense.
Accordingly, the upward direction of all four
secondary forces will be counteracted by the
centrifugal forces of the two counterweights
which, together, act in opposition.

Rotating the crankshaft 45° from cranks Nos 1
and 4’s TDC position (Fig. 3.61(b)) brings pistons
Nos 1 and 4 to quarter-out-stroke position and
pistons Nos 2 and 3 to quarter-return-stroke
position, where both pairs of pistons experience
zero secondary force., Correspondingly, the coun-
tershaft weights will both have rotated 90° in a
clockwise and anticlockwise direction where they
are diametrically opposite each other and face
outwards in the horizontal plane. Therefore, the
centrifugal force of each countershaft weight
opposes and cancels the other one, thereby pro-
ducing a resultant zero horizontal reaction.

Rotating the crankshaft 90° from cranks Nos 1
and 4’s TDC position (Fig. 3.61(c)) brings pistons
Nos 1 and 4 to the mid-out-stroke position and
pistons Nos 2 and 3 to the mid-return-stroke
position, where both pairs of pistons exert a
maximum negative secondary inertia force which
has a downward direction. Correspondingly, the
countershafts will both have rotated 180° in a
clockwise and anticlockwise direction, thus caus-
ing both counterweights to face upwards in the
vertical plane. Therefore, the centrifugal force of
both counterweights acting upwards opposes and
neutralizes the four secondary inertia forces with
their downward direction.

e ae
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sprockets

(a) 0° at TDC

Balance similar to 180°
gears at BDC
(1:1)

(c) 90° after TDC

Fig. 3.61 In-ine four-cylinder engine harmonic secondary force chain drive twin-counter shaft balancer principle
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Rotating the crankshaft 135° from cranks Nos ]
and 4’s TDC position (Fig. 3.61(d)) bring pistons
Nos 1 and 4 to the three-quarter out-stroke
position and pistons Nos 2 and 3 to the three-
quarter return-siroke position, where again the
secondary inertia forces of each piston assembly
have decreased to zero. At the same time, the
countershafts will both have rotated 270° in a
clockwise and anticlockwise direction, thus caus-
ing both counterweights to be diametrically oppo-
site and facing towards each other in the horizon-
tal plane. Again, the centrifugal force of each
counterweight will oppose and cancel the other
one and so result in a zero horizontal reaction.

Rotating the crankshaft 180° from cranks Nos 1
and 4’s TDC position brings pistons Nos 1 and 4
to BDC and pistons Nos 2 and 3 to the TDC
position where again both pairs of pistons exert a
maximum positive secondary inertia force, which
has an upward direction. At the same time, the
countershafts will both have rotated 360° in a
clockwise and anticlockwise direction so that both
countershaft weights now face downwards in the
vertical plane. Accordingly, the centrifugal forces
of both counterweights exactly equal and balance-
out the secondary forces created by all four piston
assemblies.

A similar procedure could be repeated for the
remaining crank angular movements of 225°,
270°, 315° and 360° to complete the cycle of
events.

3.5.6 Central gear drive transverse
twin-countershaft harmonic secondary
force balancer (Lanchester harmonic
secondary force balancer)

(Fig. 3.62)

The first secondary force twin countershaft balan-
cer was invented and patented in 1911 by Dr
Frederick Lanchester and was known as the Lan-
chester harmonic analyser.

In this design, short twin countershafts are
transversely mounted between two bearings
underneath the middle region of the crankshaft
{(Fig. 3.62). The centre of each countershaft has
skewed helical teeth machined around it while a
pair of balance weights are positioned on either
side. Each countershaft skewed gear meshes with
ring gears, shrunk onto the two circular central
crankwebs, and this gearing provides a 2:1 speed
step-up from the crankshaft. The two ring-gear
helical cut teeth are of the opposite hand so that

135

Helical

gears
Twin
counter
Skew gears shafts
{2:1 speed
step-up)

Fig.3.62 Four-cylinder engine central gear drive
transverse twin-counter shaft harmonic secondary
force balancer (Lanchester harmonic balancer)

the countershafts rotate at the same speed but in
the opposite direction to each other.

The basic principle of the harmonic balancer is
that the countershaft weights oppose and neutral-
ize the maximum secondary forces in the vertical
plane, while the centrifugal force of each counter-
weight opposes and cancels the others in the
horizontal plane.

3.5.7 Front-toothed belt-drive parallel
twin countershaft harmonic secondary
force balancer

(Figs 3.63, 3.64 and 3.65)

A belt-drive twin-countershaft secondary force
balancer (Fig. 3.63) incorporates long twin coun-
tershafts with the right-hand countershaft being
directly driven by the belt via a pulley, whereas
the left-hand countershaft is indirectly driven by a
pair of similar-sized spur gears which drive this
shaft in the opposite rotational direction to the
directly driven shaft. The belt pulleys are chosen
to give a 2:1 speed step-up and a jockey pulley is
included to provide the correct tension to the belt
drive.

Thus, the balance countershafts rotate counter
to each other at twice the crankshaft speed and
are so phased that they counteract the positive
secondary forces at either dead centre, and the
negative  secondary forces at mid-stroke
(Fig. 3.60). This is achieved by the weights facing
in the opposite direction to those secondary
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Fig. 3.63 Four-cylinder engine front-toothed belt drive parallel twin-countershaft harmonic secendary force

balancer

forces when in the vertical plane, and then for
both balance-weights to face either inward or
outward and thereby oppose each other when
they have moved to one of the two horizontal
positions.

An important feature of this secondary force
balancer is that the countershafts are both
mounted the same distance out from the cylin-
der’s line-of-stroke but the left-hand countershaft
is mounted considerably higher than the right-
hand countershaft, which 1s itself positioned just
above the crankshaft centre (Fig. 3.63).

The object of positioning the balance counter-
shafts at different heights is so that when the
countershaft weights are in the horizontal plane,
the height offset produces a balance—countershaft
torque which opposes the fluctuating torque
generated by all the piston secondary forces
which occur at both dead centres and mid-stroke,
otherwise this secondary inertia torque will pro-
mote engine roll (Fig. 3.64).

In addition to neutralizing the secondary tor-
que fluctuations the offset balance—countershaft
torque partially counteracts the explosion impulse
torque produced over a wide speed and load
range.

Measurements of secondary force vibration
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(Fig. 3.65) at the gearbox mounting rise at an
increasing rate with engine speed, but when twin
countershafts are incorporated these secondary
force vibrations are considerably reduced, thus
producing a much smoother running engine, par-
ticularly in the upper speed range.

3.6 Offset vee six and vee
eight crankshaft big-end
journals

3.6.1 Purpose of crank-pin offset
(Fig. 3.66)

Six-cylinder vee engines may utilize wide 90°
inclined cylinder banks to reduce the engine’s
overall height. This configuration will result in
unevenly spaced firing impulses. However, the
power impulse can be made to occur evenly by
dividing each big-end crank-pin in two and offset-
ting each half by 30°. Firing intervals will now
take place at every 120° crankshaft movement,
which is similar to that obtained with the com-
monly used six-cylinder 60° vee banked arrange-
ment.
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A 90° six-cylinder engine permits the same
machining line as in a production plant set up for
a 90° vee cylinder-bank configuration to be used;
thus, there are considerable cost savings by utiliz-
ing the same equipment for both engines. Con-
versely, vee eight-cylinder engines with narrow
60° inclined cylinder-banks to reduce engine
width have unevenly spaced firing impulses, but
even firing intervals can be obtained by splitting
each big-end pin in half and offsetting the two
halves by 30°. The firing pulses then take place at

(

270° after TDC
In-line four-cylinder engine harmonic secondary force off-set twin-countershaft balancer cycle of events
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intervals of 90°, similar to those achieved with 90°
vee eight-cylinder engines,

3.6.2 Cycle of piston events with
offset big-end journal
(Fig. 3.66(a—d))

Consider a vee eight-cylinder engine having its
cylinder banks inclined 60° to each other with the
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Fig. 3.65 Engine vibration caused by unbalanced
secondary forces with and without twin-balance shafts

crankshaft big-end crankpins split and offset 30°
to each other.

Left-hand piston crankpin at TDC in its
line-of-stroke

(Fig. 3.66(a))

If the crankshaft is positioned such that the piston
in the left-hand cylinder-bank is at TDC, then the
right-hand cylinder-bank piston is approximately
at mid-stroke with its crankpin 30°+ 60° = 90°
from the right-hand cylinder-bank TDC position.

Crankshaft movement 90° from left-hand
cylinder-bank line-of-stroke

(Fig. 3.66(b))

If the crankshaft is now rotated %° from the
left-hand cylinder-bank crankpin TDC position,
then the left-hand cylinder-bank piston will be
approximately in its mid-stroke position with its
crankpin 30° + 60° = 90° from the left-hand cylin-
der-bank line-of-stroke.

Crankshaft movement 180° from left-hand
cylinder-bank line-of-stroke

(Fig. 3.66(c))

If the crankshaft is now rotated 180° from its
starting position, the left-hand cylinder-bank pis-
ton will be at BDC and the right-hand cylinder-
block piston will be approximately in mid-stroke
with its crankpin perpendicular to the line-of-
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stroke; that is, 90° from the right-hand cylinder’s
line-of-stroke.

Crankshaft movement 270° from left-hand
cylinder-bank line-of-stroke

(Fig. 3.66(d))

If the crankshaft is now rotated 270° from its
original starting position, the right-hand cylinder-
bank piston will be at BDC and the left-hand
cylinder-bank piston crankpin will be perpendicu-
lar to its line of stroke; that is, 90° from the
left-hand cylinder line-of-stroke.

Crankshaft movement 360° from left-hand
cylinder-bank line-of-stroke

{Fig. 3.66(a))

Rotating the crankshaft 360° from its starting
position brings the left-hand cylinder-bank piston
back to its original TDC position with the right-
hand piston at approximately mid-stroke. This
cycle of events for a single-throw crankshaft will
therefore be continuously repeating.

3.6.3 Summary
(Figs 3.66 and 3.67)

It can be seen that having the big-end crankpin
offset 30° has enabled the crankshaft angular
displacement between the left-hand piston at
TDC to the right-hand piston reaching TDC to be
extended from 60° to 90°. Consequently if the vee
twin cylinder-banks and crankshaft are adapted to
accommodate eight cylinders by arranging the
crank-throw in two planes—that is, in a cruciform
configuration—then the firing pulse intervais of
the various cylinders can be evenly spaced to
occur every 90°, As a result, the regular interval
between each power stroke produces a smooth
power response which is comparable with the 90°
vee eight-cylinder engine.

A comparison of the torque fluctuation over
one cycle for a 90° vee six-cylinder engine with
and without off-set big-end crank-pins is shown in
Fig. 3.67. The graph illustrates the distorted
engine torque due to the uneven firing intervals of
90°, 150°, 90°, 150 etc for the engine with the
conventional crankshaft. This is compared with
the regular torque pattern generated when an
even firing interval of 120° is produced when
using an offset big-end crank-pin crankshaft.
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3.7 Torsional vibration

If a torque impulse twists a shaft, it creates a
strain which, when the torque ceases to act, starts
to bring the shaft back to its original position.
However, owing to the mass of the shaft the latter
will overshoot and twist in the opposite direction,
thus creating a new restoring strain. The ampli-
tude of this angular back-and-forth deflection
through the equilibrium position decays over a
number of cycles due to internal friction, but its
+ frequency of vibration is unique for the particolar
crankshaft’s cross-section cranks, webs and coun-
terweight configuration. Therefore, any shaft

Crankshaft
webb
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Big-end
crankpin
off-set halves

(b) 90° Crankshaft movement from
left-hand eylinder-bank

(d) 270° Crankshaft movement from
left-hand cylinder-bank

with cranked arms can be treated as an elastic
shaft which will oscillate longitudinally with its
own natural frequency of vibration.

3.7.1 Cylinder pressure and crank
tangential torque
(Fig. 3.68)

Rotation of the crankshaft gradually increases
cylinder pressure as the piston approaches TDC
on its compression stroke. Ignition and combus-
tion then cause a rapid pressure rise which peaks
just after TDC, the pressure then begins to fall as
the piston travels down towards BDC and the
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for a 90° six-cylinder engine

combustion gases expand (see Fig. 3.68). This
pressure acting on the piston relays a force to the
big-end crankpin via the connecting-rod. How-
ever, it is the tangential force which is actuaily
transformed to do useful work for a rotating
crankshaft. The resulting tangential pressure, or
torque plus the turning effort due to the inertia
spread over 720°, is shown in Fig. 3.68,
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Fig. 3.68 Periodic cylinder and tangential pressure
curves for a typical four-stroke single-cylinder engine
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3.7.2 Harmonic (sine wave) torque
curves
(Fig. 3.69)

The variable periodic tangential torque curve can
be resolved into a constant mean torque and an
infinite number of sine wave torque curves,
known as harmonics, with orders that depend on
the number of complete vibrations per engine
revolution (see Fig. 3.69). Thus, the tangential
crankshaft torque is made up of a large number of
harmonics of varying amplitudes and frequency.
The order of a harmonic is the number of sine
wave (harmonic) cycles completed per crankshaft
revolution. Thus, for a four-stroke cycle engine a
half-order harmonic, known as the fundamental
order, completes a period (one cycle) every
second revolution; that is, half a cycle per revolu-
tion, whereas the first-order harmonic completes
one period {one cycle) every revolution. Hence,
for a four-stroke cycle engine the harmonic orders
are as follows:

$-order harmonic completes a half cycle/cycles
every revolution

Ist-order harmonic completes one cycle/cycles
every revolution

13-order harmonic completes 14 cycle/cycles every
revolution

2nd-order harmonic completes two cycle/cycles
every revolution
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2b-order harmonic completes 24 cycle/cycles every

revolution

3rd-order harmonic completes three cycle/cycles

every revolution

3.7.3 Critical speeds

When the shaft is revolving at such speed that the
tangential torque frequency, or one of the harmo-
nic sine wave frequencies (harmonic order
number X crankshaft speed), synchronizes—that




is, coincides with the natural frequency of vibra-
tion of the shaft—resonance occurs. Thus, the
crankshaft speed at which this resonance occurs is
said to be a critical speed for that particular
harmonic order. If the tangential torque or har-
monic impulses are applied at the same number of
times per minute as the natural frequency of the
elastic system, the amplitude of the vibration will
increase until eventually the crankshaft is des-
troyed by fatigue failure or the crankshaft speed
moves out of phase with the harmonic frequen-
cies. It therefore follows for a four-stroke cycle
engine that there is a critical speed for every
whole and half-order harmonic.

3.7.4 Normal elastic line
(Fig. 3.70(a~c))

Crankshaft torsional vibrations can be analysed
by replacing the rotating and reciprocating com-
ponents of each cylinder (Fig. 3.70(a)) by single
rotating masses attached to a cylindrical shaft
which has an equivalent elasticity to that of the
actual crankshaft so that respective masses align
with the centre-line of each cylinder axis (Fig.
3.70(b)).

(a) Reciprocating and rotary
piston and crankshaft
arrangement

{b} Equivalent
system

and elastic-line

With a relatively heavy flywheel, the natural
torsional vibration of any crankshaft system nor-
mally produces the maximum angular deflection
or amplitude at the mass furthest away from the
flywheel.

The relative twist between adjacent equivalent
masses along the length of the crankshaft for free
vibration can be derived and plotted to form a
normal elastic curve over the length of the shaft
{Fig. 3.70(c)). The first mass furthest removed
from the flywheel which has the maximum ampli-
tude is given a value of unity while all other
masses have relative values less than unity. This
information is very useful since, within the elastic
working range of the material, the relative twist in
the crankshaft remains in the same proportion as
given, whatever the actual magnitude of vibration
in the crankshaft at any one time.

It should be observed that the elastic curve
intersects the shaft axis before it reaches the
flywheel and then continues for a short distance
below the axis. This point where the elastic curve
crosses the axis is therefore a node where no
torsional deflection occurs in the crankshaft.

Fig. 3.70 lllustration of natural torsional vibration of a four-cylinder crankshaft




3.7.5 Major and minor critical speeds

The magnitude of the vibration in a multi-cylinder
engine varies greatly for different critical speeds,
even taking into account the amplitude of the
various harmonic torques. This is due to some
harmonic torque orders assisting one another in
producing large vibrations, whereas other harmo-
nic torque orders partially cancel each other out.
Hence, the important critical speeds have harmo-
nic torque components which act cumulatively to
intensify the torsional twist to the shaft in its
normal mode of vibration, these critical speeds
are known as the ‘major’ criticals. In contrast, all
other critical speeds which may exist individually,
or partially overlap other harmonic orders, tend
to neutralize and damp the excited oscillations.
These critical speeds are therefore referred to as
‘minor’ criticals.

Minor critical speeds are generally unimpor-
tant, whereas major critical speeds normally have
orders which are a direct multiple of the number
of torque pulses per revolution and are danger-
ous, and must either be avoided or must be
severely damped.

3.7.6 Determination of major and
minor critical speeds
(Fig. 3.71)

Vibration severity for various harmonic torque
orders can be approximately determined with the
knowledge that work done in the form of kinetic
energy during a torsional oscillation is prop-
ortional to each order of harmonic torque T,
applied at a respective cylinder axis, times the
torsional twist 8 taken from the elastic line ordin-
ates in the same cylinder plane.

Hence. the kinetic energy for cach cylinder
harmonic torque pulse is proportional to 76

1.e. kinetic energy (KE)>x T

Thus, for the total number of cylinders produc-
ing phased harmonic torques, the entire kinetic
energy is given by: a constant X harmonic
torque X vector sum of the phased elastic line
ordinates at which the torque is applied.

1.e. KE = a constant x T26

where 26 = vector sum of the elastic line ordin-
ates.
T6 implies that the magnitude of the vibration
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in a critical speed ts directly dependent on the
harmonic torque. on the shape of the normal
elastic line, on the crank throw sequence and
firing order.

The vector sum 28 is readily derived by means
of phase and vector diagrams, as shown in
Fig. 3.71.

3.7.7 Constructing the phase diagram
(Fig. 3.71)

1 For each order of critical speed a phase dia-

gram is constructed. For the half-order critical

speed. 360° represents one complete vibration
which is equivalent to two crankshaft revolu-
tions.

For the fundamental half-order critical speed,

divide the phase circle into as many intervals as

there are cylinders and, in a clockwise direc-
tion, number each successive radial arm in the
firing order sequence.

3 For the Ist-order critical speed the harmonic
vibration is completed in half the crank-angle
movement compared with that of the half-
order critical speed, so that the angular dis-
placement between each firing interval will be
doubled on the phase diagram. Thus, the Ist-
order interval becomes 2 X l-order interval;
that is, for the six-cylinder engine 2x60 =
120°.

4 For the 13-order critical speed. each harmonic
vibration is completed in one-third of the
crank-angle movement compared with that of
the 13 order. Thus, the angular displacement
between each firing interval now becomes
3 x 3-order interval; that is, for the six-cylinder
engine 3 X 60 = 18(°.

5 For the 2nd-order critical speed, each harmo-
nic vibration is completed in one quarter of the
crank-angle movement compared with that of
the 14 order. Thus, the angular displacement
between each firing interval now becoimes
4 x $-order interval; that is, for the six-cylinder
engine 4 x 6 = 240°,

6 In general, the critical-speed order-number
angular intervals above the fundamental 3

order are obtained by multiplying the } order

number angle by 2, 3, 4, 5 and 6 for the lst,

13, 2nd, 24 and 3rd order critical speeds respec-

tively. After order number 3 the phase dia-

grams repeat themselves; that is, order num-
bers3fand 4,4 and 1. 44 and 13, 5 and 2, 5} and

24 and 6 and 3 are all identical. Note also

b2
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numbers 1, 4, 7 etc have the same phase
diagrams respectively.

3.7.8 Constructing the vector diagram
{Fig. 3.71)

1 Choose a suitable scale to represent the elastic
curve ordinates.

2 Starting from point (S) and preceding in the
firing order sequence draw to scale (1.0) a line
parallel to the phase diagram radial arm ‘I’
with an arrow pointing outwards from the
centre of the phase diagram. Then, from the
end of the first line, draw to scale (0.4) a line
parallel to radial arm ‘5" with an arrow pointing
outwards. Next, draw to scale (0.8) a line
paraliel to radial arm ‘3’ with an arrow also
pointing in an outward direction.

3 Continue with the other scaled elastic curve
ordinates in turn, drawing each scaled elastic
ordinate at the end of the previous one and in
all cases watching the direction of the arrows,
then label the end of the fast scaled ordinate to
be drawn (F).

4 Join points (S and F), this line represents the
magnitude of the resultant of the elastic curve
ordinates for that particular order number, this
being a measure of the degree of additive
alignment of the harmonic torques. It will be
observed that the phase diagrams for orders §,
34 and 64 are the mirror images of orders 2%
and 54 respectively. Likewise, orders 1, 4 and
7 are the mirror images of orders 2 and 5
tespectively. Thus, only one vector diagram is
required for each set of phase diagram con-
figurations.

Further observations show that for critical speed
orders 3, 6, 9, 12 etc the harmonic torques are all
in phase and wilt therefore enforce the crankshaft
oscillations in their normal mode of vibration.
Hence, the in-phase harmonic-order critical
speeds are the most potent and are consequently
known as ‘major’ critical speeds, whereas all
other critical speeds are referred to as minor
criticals.

3.7.9 Inherent torsional vibration
damping
(Figs 3.72 and 3.73)

When a crankshaft is subjected to repeated cycles
of torsional stress reversals the stress and strain
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Fig.3.72 Stress—strain hysteresis loops

do not obey Hooke’s law; that is, the strain is not
strictly proportional to the stresses within the
elastic limit. There is, in fact, a very small lag of
the strain during loading and unloading of the
strain, so that a stress-strain graph encloses what
is known as a hysteresis loop (Fig. 3.72) the width
of which at any given stress is the strain difference
between the unloading and loading curves.

The lag in strain between cycles of fluctuating
stresses may cause the material at comparatively
low stresses to accumulate considerable local
strains, which may eventually result in shaft fai-
lure. Thas, the energy dissipated in hysteresis at a
critical speed due to stress reversals in the first
instance may contribute to a small amount of
damping of the vibration, but eventually it may
lead to the rupture of the shaft at stresses far
below the elastic limit of the material.

When the stress is low, the area which repre-
sents the energy imparted by the hysteresis loop is

Energy dissipated

Stress range

Fig. 3.73 Relationship between energy dissipated
with increasing strain range




small. However, as the stress range is increased,
the area increases enormously; that is, the energy
dissipated within the shaft material rises rapidly
(Fig. 3.73) and, if permitted to persist. will des-
troy the shaft even though the alternating stresses
are relatively low.

Crankshaft torsional vibrations are inherently
damped to a limited extent by either internal or
external means; that is, within the engine or in the
transmission and auxiliary drives. Internal engine
damping is made up partially by energy losses due
to hysteresis but more so by oil film viscous shear
in the main and big-end bearings. This damping is
adequate to protect the shaft during minor critic-
als but is not sufficient to cope with the more
violent major criticals,

3.7.10 Identifying critical speeds

Critical speeds can be responsible for producing a
rumbling noise caused by the relative side move-
ments of revolving and reciprocating components
such as journals and pistons pounding from side
to side in their respective clearances and by
backlash between meshing gear teeth. Critical
speed noise may be suppressed when the engine is
cold and the viscosity of the oil is high but, when
the oil becomes hot, the reduced damping capac-
ity of the lubricant permits the rebounding repeti-
tion of the bombardment of one component
against another to become more violent and
audible. Critical speed rumble can be identified
by running the engine up to high idle speed and
then cutting out the fuel supply so that the engine
speed runs through its speed range. If the engine
runs quietly over much of the speed range, but
the noise occurs at certain defined speeds then
there is a good possibility that the trouble is due
to resonant torsional vibration.

3.7.11 Suppressing critical vibrations

For engines which have to operate over a rela-
tively wide speed range it is almost certain that
the crankshaft will be excited into torsional vibra-
tory resonance at critical speeds, and if the rotary
speed remains at or near one of the major criticals
for any length of time, fatigue failure of the shaft
could easily result.

Crankshaft rumble and, in the extreme, tor-
sional failure can be prevented by mounting some
form of vibration damper at the front end of the
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crankshaft that is capable of absorbing and dis-
sipating the majority of the vibratory energy.

These torsional vibration dampers can be di-
vided into four basic kinds:

viscous friction damper

Coulomb or solid friction damper
viscous fuid damper

tuned rubber damper

B b —

Viscous friction ‘Lanchester’-type vibration
damper

(Fig. 3.74)

This form of damper comprises a multi-plate
clutch attached between a hub and a ring mass
spacer. There are two sets of friction disc plates:
the drive plates which are internally splined to the
hub and the driven plates externally splined to the
inertia ring mass. The clutch pack is held together
by side-plates which are bolted on either side to
the ring mass spacer. The friction discs are lightly
squeezed together by six evenly spaced coil
springs. Engine oil supplied from the crankshaft




front main bearing submerges the friction discs in
lubricant.

During crankshaft rotation the inertia disc mass
and outer splined driven plates are dragged
around with the drive plates and input hub. When
the crankshaft accelerates the ring mass slips and
holds back, whereas the ring mass maintains its
forced momentum for a short time when the shaft
decelerates so that slip again occurs. Conse-
quently, when the shaft approaches a critical
oscillation order. the vibratory energy generated
will be dissipated by the relative slip between
the many pairs of rubbing surfaces.

In theory, the wet multi-plate damper produces
viscous friction. That is, the friction is indepen-
dent of the spring pressure but is proportional to
the area of the friction discs.

Solid friction vibration damper

(Fig. 3.75)

The inconsistency of the viscous friction multi-
plate damper due to the variation in oil viscosity

Twin-flywheels

Dowel
Leoad spring

Friction
lining
disc

Hub and

pulley
wheael

Fig. 3.75 Solid friction vibration damper

147

with the change in lubrication temperature calls
for a modified friction damper to be used.

This consists of a pair of matched inertia discs
separated by a number of equally spaced coil
springs and mounted on a hub between two
friction disc linings. The discs are dowelled so that
both inertia discs are compelled to move
together. The axial thrust of the coil springs
presses cach half-inertia disc against its respective
friction-disc linings. The dry, or solid, friction
generated is sufficient to clamp both halves of the
inertia mass to the hub side walls, causing them to
revolve with the mass all the time the crankshaft
accelerates or decelerates. However, if the shaft
goes through a critical speed the resultant tor-
sional oscillation will be violent enough to cause
both half-inertia discs to slip between the side
walls of the hub. Thus, the excited torsional strain
energy will be absorbed by the friction torque.
This then is dissipated by convection and radia-
tion to the atmosphere. This form of friction is
not ‘viscous’ but approaches the state known as
‘solid"—it is independent of the slipping velocity
of the rubbing discs but is proportional to the
pressure between them.

Viscous fluid vibration damper

(Figs 3.76 and 3.77)

This design of damper consists of an annular-
shaped flywheel mounted on a bronze bearing
lining and enclosed in a light steel casing which is
rigidly attached to the crankshaft via the pulley
wheel hub (Fig.3.76). The flywheel annular
chamber is completely sealed by a side cover
fitted into a recess machined on the exposed side
of the casing, which is then rolled over. The
flywheel has a radial clearance of about (.25 mm,
and a lateral clearance of up to (.5 mm in the
chamber, and the existing space bectween the
flywheel and casing walls is filled with a very
viscous silicon fluid which changes little with
temperature.

When there is very little or no vibration at the
end of the crankshaft, the viscous torque drag
causes the annular damper mass to rotate with the
casing. If the damper casing is suddenly rotated
the flywheel will move only so far, as it is dragged
by the fluid, and if the direction of rotation is
reversed the flywheel will overrun before it is
itself reversed. Consequently, with the rapid and
continual changing of direction during a torsional
vibration, the fluid in the case is being sheared,
and it is the resistance to this shearing action
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which forms the damping force. Thus, when the
frequency and amplitude of the oscillations cause
the vibration torque acting on the damper mass to {
exceed the viscous torque, relative slip occurs. It
is this slippage between the casing and flywheel
(that is, the shearing of the viscous fluid) which is
responsible for the absorption of the vibratory
energy which is simultaneously dissipated in the
form of heat to the surroundings.

The main difference between the viscous fluid
damper and the rubber damper is that the viscous
damper is untuned but is very capable of reducing
the amplitude and smoothing out major critical
orders. Conversely, the rubber damper has a
natural frequency of its own, the value of which is
chosen to detune major criticals so that their
vibrations occur at different speeds with much
reduced amplitude (Fig. 3.77).

Tuned rubber torsional vibration damper
{Figs 3.78, 3.79, 3.80, 3.81(a—c) and 3.82)

The damper consists of a rubber band interposed
between an outer inertia ring mass and a central
hub, which is attached to the front end of the
crankshaft. The rubber may be bonded to both
members or it may be unbonded and held in
position by compression. The auxiliaries can be
driven directly off the pulley wheel hub (Figs
3.78, 3.79 and 3.80) or from the belt groove
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Fig. 3.77 Torsional vibration amplitude for six-cylinder diesel 8.8 litre engine with and without viscous fluid
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formed on the outside of the inertia ring (Fig. mass to keep up with the rotary speed increase of
3.81(a—)). the crankshaft. In addition, if the direction of
When there is no vibration at the end of the oscillation is suddenly changed, the ring mass will
crankshaft the rubber strip sandwiched between overrun before it is itself reversed (Fig. 3.81(b)).
the inner and outer cast-iron vibration damper Thus, with a continual reversal in the direction
members causes the inertia ring mass to rotate of angular twist superimposed on the crankshaft’s
freely with the pulley wheel hub (Fig. 3.81(a)). normal rotational direction during a torsional
If the front of the crankshaft is suddenly vibration, the ring mass, due to its inertia, will
accelerated clockwise (Fig. 3.81(c)) the inertia repeatedly lag behind the crankshaft’s oscillatory
ring mass will tend to lag behind, but is, however, movement. Consequently, the rubber will be dis-
dragged around via the rubber ring which will torted alternately in a clockwise and anticlock-
now be subjected to a shear-strain type of de- wise direction (Fig. 3.81(b and ¢)).
formation, due to the reluctance of the inertia Hence, at a critical speed, the energy of excit-
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ing oscillations within the crankshaft is spent in
deforming the rubber; that is, this unwanted
energy is damped by transforming it to the rubber
in the form of strain energy, elastic hysteresis
losses and to heat rejection to the surroundings.
- The rubber damper may be considered to be
_similar to attaching an additional mass to
. the crankshaft through a rubber band; the latter
: being equivalent to a flexible shaft of similar stiff-
- pess as the rubber. Thus, the dual stiffness of the
-crankshaft system produces a second frequency
Lof vibration, which results in a frequency below
.gnd above the original frequency when no rubber
vibration damper is attached.
. It therefore follows that by choosing an
.appropriate damper mass, stiffness and damping
properties, the crankshaft amplitude of vibration
¢an be restricted to safe working limits.
. Figure 3.82 shows how the rubber damper

detunes a major critical vibration and simul-
taneously introduces a similar critical order of
much reduced amplitude on either side of the
undamped vibration.

Properties of rubber

Rubber stiffness decreases with high deformation
while its damping ability remains constant or even
decreases. Likewise, heat reduces both the stiff-
ness and the damping ability. Rubber has the
ability to store enormous amounts of energy and
can release most of this energy on retraction.
Thus, as a comparison, 150 times as much energy
can be absorbed by rubber than for tempered
spring steel of a similar mass. Rubber also has the
highest internal friction (hysteresis) of all the
engineering materials.
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Combustion Chamber Design
and Engine Performance

4.1 Introduction to
combustion chamber design

Engine torque, power output and fuel consump-
tion are profoundly influenced by the engine
compression ratio, combustion chamber and
piston crown shape, the number and size of the
inlet and exhaust valves, and the position of the
sparking plug.

The object of good combustion chamber design
is (1) to optimize the filling and emptying of the
cylinder with fresh unburnt and burnt charge
respectively over the engine’s operating speed
range; and (2) to create the condition in the
cylinder for the air and fuel to be thoroughly
mixed and then excited into a highly turbulent
state so that the burning of the charge will be
completed in the shortest possible time.

To achieve these fundamental requirements the
designer and development engineer has to be
aware of the factors that contribute towards in-
ducing the charge to enter the cylinder, to mix
intimately, to burn both rapidly and smoothly and
to expel the burnt gases.

An appreciation of the influencing parameters
for good combustion chamber design will now be
considered.

4.1.1 Induction swirl
(Fig. 4.1(a))

Swirl is the rotational flow of charge within the
cylinder about its axis. Induction swirl is pro-
duced by positioning the induction port passage
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to one side of the cylinder axis so that the flow
discharges into ‘the cylinder tangentially (Fig.
4.1(a)).

Directed straight port

(Fig. 4.2(a))

The air or mixture charge is made to flow through
a straight and parallel port passage towards the
valve opening in the desired tangential direction
relative to the cylinder axis. It then discharges
into the cylinder tangentially towards the cylinder
wall where it is deflected sideways and down-
wards in a spiral or whirling motion,

Deflector wall port

(Fig. 4.2(b))

The air or mixture charge is made to flow through
a slightly curved and tapered port passage so that
the inner side walls of the port provide a semi-
circular flow path towards the valve opening. It
then discharges into the cylinder with a predeter-
mined downward spiralling motion about the
cylinder axis. In the main, the charge tends to rely
on the outer curved passage wall and only partial-
ly on the inner wall to obtain the directional
effect, therefore the port areas are less restrictive.

Masked valve port

(Figs 4.2(c) and 4.3(a))

The air, or fuel and air mixture, is usually made to
flow through a straight and paraliel-port passage
towards the valve opening where the valve mask
forces it to discharge into the cylinder with a
downward swirling motion about the cylinder
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Fig. 4.1

axis. The closing of a portion of the valve scat
periphery restricts the flow discharge and there-
fore reduces the possible volumetric efficiency of
the cylinder but with the benefits of a large
amount of swirl.

Helical port

(Figs 4.2(d) and 4.36)

Swirl is generated within the port above the valve
seat and about its axis before the air or mixture is
discharged into the cylinder (Fig. 4.2(d)). The
charge flow in the induction port is guided by the
passage walls, which make it spiral around and
downwards in the helix-shaped passage above the
valve seat (Fig. 4.36). Therefore, when it gjects
into the cylinder it will have acquired a rotational
swirl motion which will continue as it is drawn
into the cylinder during the piston’s outward
movement from TDC.

The intensity of swirl is influenced by the
steepness of the port helix and the mean diameter
of the spiral flow path about the valve axis.

Helical ports usually provide higher flow dis-
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mixture swirl

Terminology of airfmixture movement inside the cylinder

charges for equivalent levels of swirl compared
with directed ports because the whole periphery
of the valve opening area can be fully utilized
and, as a result, higher volumetric efficiencies can
be obtained in the low-to-mid speed range of the
engine.

Helical ports are less sensitive to their position
relative to the cylinder axis since the swirl gener-
ated depends mainly on the port geometry above
the valve and not how it enters the cylinder.
Generally, the magnitude of swirl rises with in-
creased valve lift.

However, helical high swirl induction ports
{due to the pressure drop across the valve when
creating the swirl) suffer from a loss of volumetric
efficiency in the upper speed range of the order §
to 10%.

Chamber wall deflected induction swirl

(Fig. 4.3(b))

The mixture charge entering the cylinder is made
to flow between the steep semi-circutar chamber
wall close to one side of the iniet valve head and




(a) Direct straight port

(c) Masked value port

Fig. 4.2 [nduction port classification

the slanting and widening roof portion of the
chamber on the opposite sparking plug side,
which curves with the plan of the cylinder in a
heart or kidney shape. The nose of the steep
chamber wall partially separates the inlet and
exhaust valves so that the incoming charge is
forced not only to move downwards but also to
rotate around the wall of the cylinder. Thus, the
resultant downward and circular movement of the
mixture generates an expanding and then a con-
tracting spiral swirl about the cylinder axis during
both the induction and the compression strokes,
respectively.

In contrast to induction, during the exhaust
stroke, the burnt products of combustion are
gently directed by the vertical circular chamber
wall and the curved roof of the chamber so that
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(b} Deflecter wall port

{d) Helical port

the least resistance is experienced during the
expulsion of the exhaust gases.

4.1.2 Methods of intensifying the rate
of burning

Squish

(Figs 4.1(b) and 4.4)

Squish is caused by the compression of the trap-
ped charge formed between the parallel opposing
portion of the cylinder head and piston crown
(Fig. 4.1(b)) as the piston approaches TDC so
that the air, or air and fuel mixture charge, is
squeezed at a relative high velocity (Fig. 4.4)
towards the much enlarged combustion chamber
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Fig.4.3 Directed induction swirl

space situated either in the piston or cylinder
head.

The larger the parallel opposing portions of the
cylinder head and piston crown, and the closer
they are at TDC, the greater will be the flow
velocity of the charge entering the main combus-
tion chamber (Fig. 4.4).

The highly pressurized air or air—fuel mixture
in the lamina region of the chamber, suddenly
expanding into the larger space, considerably
increases the charge turbulence, it therefore
promotes fuel mixing and the rate of heat trans-
ference throughout the combustion chamber.

Quench area

(Fig. 4.4)

The quench area is defined by the parallel por-
tions of the piston and cylinder head which almost
touch each other as the piston approaches TDC.
These opposing flat surfaces sandwiching a thin
lamina of charge between them, have a large
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(b} Chamber wall deflectad induction
swirl

surface area relative to the small volume trapped
between them. Consequently, there will be a
large amount of heat transferred from this thin
lamina of hot charge through the metal walls. The
result is a rapid cooling or quenching effect, by
these parallel surfaces.

The quench area is defined as the percentage of
opposing flat area relative to the piston crown
area.

Turbulence
(Fig. 4.1(cand d))
Turbulence consists of randomly dispersed vor-
tices of different size which become superimposed
into the air, or air and petrol mixture, flow stream
(Fig. 4,1(c)). These vortices, which are carried
along with the flow stream., represent small
irregular breakaways that take on a concentric
spiral motion (Fig. 4.1(d)).

As the vortices whirl they will contact adjacent
vortices causing viscous shear interaction. This




0.1 Bump &
\</_‘r: 83 lclearance x§
" 08 (mmy) Q‘,S
o
‘ &

I

Squish radial velocity (m/s)
n
[+
]

¥
N4
49 Squish _|

[T

/
s

TDC 10 20 30
Crank angle {degrees bafore TDC)

Fig. 4.4 Effect of crankangle position on squish velocity

rapidly speeds up the rate of heat transfer and
fuel mixing. This is in contrast to laminar or
streamline flow where heat is relatively slowly
transferred by molecular diffusion, and fuel mix-
ing has either been achieved before it enters the
cylinder (as in the petrol engine) or it relies
entirely on the injection of fuel spray atomizing
and mixing as it penetrates the air stream (as in
the diesel engine).

The amount of vortex activity, that is the
formation of new vortices and the disintegration
of others, increases the turbulent flow with rising
engine speed.

Flame propagation

(Fig. 4.5{(a, band ¢))

If the induced combustible mixture moves within
the cylinder with a laminar (streamline) steady
motion, then when the spark produces ignition
the fuel moiecules which are then burning,
raise—by conduction and radiation—the temper-
ature of adjacent molecules until they also ignite.
At the same time, the temperature of the mole-
cule will rise, thereby speeding up the random
movement of the gas molecules so that the colli-
sion rate amongst themselves and with adjacent
boundary molecules of the unburnt gas mixture
considerably increases. Accordingly, the resulting
pressure increase causes an expansion of the
burning molecules which greatly assists in prop-
agating the ignition.
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Unfortunately, the speed at which burning
spreads to the unburnt charge by this method
alone would be much too slow and therefore
combustion would not be completed early enough
during the power stroke for it to be an effective
driving force, However, the induced air-fuel mix-
ture contained in the cylinder will normally be in
a state of turbulent swirl, its turbulent nature
consisting of directed vortices and random pulsa-
tions on the velocity of the main gas stream.

1 The intensive pulsating vortices superimposed
onto the flow stream distort the flame front and
break it into separately burning focal points
which enlarge the actual flame front surface
area many times, thus increasing the rate of
heat transference (Fig. 4.5(a, b and c)).

2 The very small turbulent pulsations, which are
no thicker than those caused by a laminar
streamline flow, do not produce any flame-
front distortion, but their agitation does inten-
sify the heat transfer and diffusion process
between the boundaries of the burning flame
front and the unburnt gas mixture.

3 The irregular and constantly changing flame-
front caused by the intensive turbulence pro-
duces local currents which greatly speed up the
heat transference process.

Typical flame propagation velocities range
from something like 15 to 70 m/s. This would
relate to the combustion flame velocity increasing
from about 15m/s at an idle speed of about
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1000 rev/min to roughly 700 m/s at a maximum
speed of 6000 rev/min.

The time interval for the completion of com-
bustion is dependent on the intensity of turbu-
lence, which is itself almost directly dependent on
engine speed. The combustion time interval for a
given intensity of turbulence will therefore corres-
pond to one given engine speed.

Thus, if the combustion process occupies a
crank angle movement of 30° at 1000 rev/min for
one level of turbulence, then at 2000 rev/min with
the same intensity of turbulence the crank angle
interval will have doubled to 60°, an unacceptabie
angular movement. However, if the engine
speed, and therefore turbulence, is doubled the
combustion time interval will be halved, so that
when the engine speed increases from 1000 rev/
min to 2000 rev/min the combustion crank angle
interval will remain approximately constant at its
original value of 30°.

Thus, without turbulence the petrol engine
would be unable to operate over the necessary
speed range.

Flame propagation analogy through a turbu-
lent flow-field

(Fig. 4.6(a, b and c))

An idealistic illustration of how the initial nucleus
of a flame from a spark spreads throughout a

-

%7

Turbulent

flame front

(¢) Turbulent combustion

turbulent mass can be visualized in terms of many
circles representing the vortices or eddies in a
turbulent flow field.

When ignition occurs the nucleus of the flame
spreads with the whirling or rotating vortices in
the form of a ragged burning crust from the initial
sparking plug ignition site (Fig. 4.6(a)).

The speed of the flame propagation is roughly
proportional to the velocity at the periphery of
the vortices.

For one half-rotation of the vortices (Fig.
4.6(b}) the flow will have spread 180° about the
pair of inner adjacent vortices on the right-hand
side and, in turn, the contact with the second pair
of inner vortices on the left-hand side will have
transferred the flame to their peripheries through
a 9(F angular movement.

By completing the second half-revolution of the
vortices (Fig. 4.6(c)) the flame will have spread
all around the inner pair of vortices on the right,
three-quarters of the way around the inner pair of
vortices on the right, halfway around the inner-
upper and inner-lower pairs of vortices and only a
quarter of the way around the outer left and
right-hand side vortices.

Simultaneously with the peripheral flame prop-
agation, burning will spread in a laminar fashion
and therefore at a much slower rate towards the
centre of each vortex.
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Fig. 4.6 Idealistic spread of turbulent combustion

In practice, the vortices are randomly arranged
and wili resemble a disordered network where the
vortices are continuously changing their size,
many will disappear while new ones will be cre-
ated.

It should be visualized that the turbulent vor-
tices are only part of the general swirl movement
within the cylinder.

Swirl ratio

(Fig. 4.7)

Induction swirl can be generated by tangentially
directing the air movement into the cylinder
either by creating a preswirl in the induction port
or by combining the tangential-directed flows
with a preswirl helical port.

Cylinder air swirl is defined as the angular
rotational speed about the cylinder axis. How-
ever, it is more convenient to relate this rotational
speed to the crankshaft angular rotational speed,
it is then known as the swirl ratio: that is

air rotational speed

Swirl ratio = -
crankshaft rotational speed
N,
R, =—2
Ne

Helical ports can achieve swirl ratios of 3 to 5 at
TDC with a flat piston crown. However, if a bowl
in the piston chamber is used, the swirl ratio can
be increased to about 15 at TDC.

The swirl ratio varies considerably throughout
the engine’s cycle of operation (Fig. 4.7). If the
piston crown recess is very shallow, the peak in
the swirl ratio as TDC is approached is small;

{b) One half vortix or
eddy revolution
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site Turbulent flame spread

(¢) One full vortix or
eddy revolution

however, with a deep bowl chamber there is a
large swirl ratio peak in the TDC region. This
instant rise in the relative swirl speed just before
ignition occurs, assists considerably in promoting
turbulence and accelerating the initial combustion
process.

4.1.3 Surface-to-volume ratio
(Fig. 4.8(aand b))

To minimize the heat losses and the formation of
hydrocarbons within the combustion chamber,
the chamber volume should be maximized rela-
tive to its surface area, that is, the chamber's
surface area should be as small as possible relative
to the volume occupied by the combustion cham-
ber (Fig. 4.8(a)).

A very useful comparison to compare likely
heat losses and the amount of hydrocarbons pro-
duced in the exhaust gases with different chamber
shapes is the ratio of the combustion surface area
to that of its volume; that is

surface-to-volume ratio =

surface area of chamber §

volume of chamber  V

The primary source of hydrocarbons formed in
the exhaust gases is caused by the outer layers of
the mixture becoming overcooled in the region of
the chamber walls. Thus, the flame cools as it
approaches the chamber walls until eventually it
stops burning, this therefore leaves a film of
unburnt hydrocarbons on the walls which mixes
with the burned charge as it is expelled through
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the exhaust system. Consequently, the larger the
surface-to-volume ratio, the higher will be the
exhaust gas hydrocarbon concentrates (Fig.
4.8(b)).

Chamber design shape

{Fig. 4.9(a~d))

The combustion chamber with the least surface
area containing a given volume is the spherical
configuration. Within the limit of bore size cylin-
der capacity and compression ratio, the double
hemispherical chamber has the lowest surface-to-
volume ratio, whereas the highest is the bowl in
the piston chamber (Fig. 4.9(a—d)). Generally, as
the quench (squish) area is enlarged, the surface

Chamber
volume

W | v

Chamber
surface
area

(a)

600

Hydrocarbons {ppm}

400

2001

% quench biip = Piston area — bowl area  1gg
piston area

area of the chamber increases relative to the
chamber volume. Thus, chambers with large
squish zones have large surface-to-volume ratios
and therefore promote more hydrocarbons than
do chambers with very small squish zones.

A typical comparison for a 100 mm cylinder
diameter and 9:1 compression ratio engine with
four different combustion chambers is shown in
Fig. 4.9(a—d). It can be seen that the double
hemispherical chamber has the lowest surface-to-
volume ratio, whereas the bowl in the piston gives
the highest value, due to the larger squish zones.
In practice, most combustion chambers will in-
clude features of each basic type of chamber and
will, most likely, have surface-to-volume ratios
similar to the pancake chamber.

Surface / volume ratio

Fig.4.8 (a) lllustration of combustion chamber surface area to volume ratio (b} Effect of surface/volume ratio on

exhaust gas hydrocarbon emission
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{(a) Bowl in piston {b) Pancake

(c} Hemisphere {d) Double hemisphere

L]

17

Fig. 4.9 Effect of combustion chamber shape on surface-to-volume ratio for a 100 mm diameter cylinder and a

9:1 compression ratio

Compression ratio
(Fig. 4.10(a))
Raising the compression ratio for a given cylinder
capacity reduces the combustion chamber volume
for a given cylinder diameter and piston stroke.
Therefore, the chamber surface area becomes
relatively larger as the clearance volume (com-
bustion chamber space) decreases, accordingly
the chamber surface area to the chamber volume
ratio increases linearly with rising compression
ratio (Fig. 4.10(a)).

Cylinder size versus number of cylinders
(Figs 4.10(b and d) and 4.11)

For a given cylinder capacity, the fewer the
number of cylinders and the larger their size, the
lower will be the surface-to-volume ratio for the
engine as a whole (Fig. 4.10(b and d)).

The larger the cylinder capacity, the greater
will be the chamber volume relative to the cham-
ber’s surface area (Fig. 4.10(d)). This is because
the cylinder’s volume increases with the cube of
its diameter whereas the surface area increases as
the square of its diameter. Thus, increasing the
cylinder capacity rapidly decreases the surface-to-

and, therefore, increases the surface-to-volume
ratio (Fig. 4.10(b) ).

Relative variations in cylinder surface area can
be made between a single-cylinder and a four-
cylinder engine with both being square; that is,
their stroke-to-bore ratio (s/b) is unity. The cylin-
der diameter for the four-cylinder engines is
86 mm and that of the single large-cylinder engine
136.6 mm.

Cylinder surface area

2D 2mD?
(§)=wDL+ “4 = D+ 5

since L =D

therefore

S=uD*(1+}) =3nD’

For four cylinders

Sy = 4x §w86° = 139411.32 mm?
For a single cylinder

S, = $7136.6° = 87931.1 mm”

ratio of surface areas

volume ratio of the chamber. Increasing the num- Sa = 139411 =1.58545=1.5:1
ber of cylinders decreases the size of each cylinder S, 87931.1
10 T T 10 —
é : / d :
5 L 1t L
E G 4 61}
3
S 1= 1 L
g N * 1
E2 2 2L 1 2t
@ | L {1
) 1 1 0 1 i AL L 1 I 0 L 1 1

4 6 8

{a) Compression ratio

{b) No of ¢ylinders
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1012 4 6 8 10 12 0206101418 0 2 4 6 8

{c) Stroke /Bore (d) Capacity (litre)

Fig. 4.10 Relationship between compressicn ratio, number of cylinders, stroke/bore ratio and cylinder capacity to

surface-area-to-volume ratio




Fig.4.11 A visual comparison of cylinder surface-area-to-v

similar capacity

Thus, there is 1.5 times the surface area for a
four-cylinder engine as opposed to a single-
cylinder engine. A visual observation (Fig. 4.11)
immediately shows that there is much more sur-
face area for the four-cylinder engine compared
with the single-cylinder engine of the same cubic
capacity. From these observations it can be con-
cluded that, as the number of cylinders increases,
the overall heat losses and the swept friction
losses become greater, consequently this will
lower the efficiency of the engine.

Stroke-to-bore ratio

(Figs 4.10(c} and 4.12(a—c))

When the stroke length and the bore diameter are
equal, the engine’s stroke-to-bore ratio is said to
be square (Fig. 4.12(b)). However, if the stroke is
smaller than the cylinder diameter the stroke-to-

Ql s/'b=0.51 Q

-—L—'l.j

© >

500
cm3

86 mm

olume for a single-cylinder and four-cylinder engine of

86 mm

136.6 mm

bore ratio is said to be oversquare (Fig. 4.12(a)).
whereas if the stroke is larger than the cylinder
diameter the engine is said to be undersquare
(Fig. 4.12(c)). The stroke-to-bore ratio for va-
rious engines can range from 0.6:1 to 1.4:1.
Oversquare engines are morc suitable for saloon
car petrol engines, whereas undersquare engines
are better utilized for large diesel engines.

A long stroke smaller diameter bore cylinder
(Fig. 4.12(c)) more closely approaches the mini-
mum surface area of a sphere than a short stroke
large diameter cylinder of the same cylinder dis-
placement. Thus, a long stroke-to-bore (s/b) ratio
produces a smaller surface-to-volume ratio than a
short stroke-to-bore ratio engine (Fig. 4.10(c)).
Consequently, a long-stroke engine is preferred
to minimize heat losses and the formation of
hydrocarbon as opposed to short-stroke large-
diameter cylinders. However, this advantage

D

2D

sib=2:1

A~ /
&y t\(‘

{a) Over square engine (b} Square engine  (¢) Under square engine

Fig.4.12 Comparison of different stroke-to-bore ratio engine configurations
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inner edgas
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inner edges

Fig. 4.13 Charge flow pattern through open poppet valve

diminishes with very long stroke engines. A furth-
er consideration is that peak cylinder pressure
tends to decrease as the stroke-to-bore ratio
becomes more undersquare.

4.1.4 Poppet valve flow characteristics
(Figs 4.13(a—c) and 4.14)

The efficiency of the flow discharge from the open
valve is a measure of how near the effective flow
area is to the geometrical flow area. This efficien-
cy is normally quantified by a flow discharge
coefficient which is the ratio of the effective flow
area to the geometric flow area, i.e.

{e) Exhaust valve-high ift

effective flow area

discharge coefficient = -
geometric flow area

Ae
TI.'DL
Ae = effective flow areas
D = valve head diameter

L = valve lift
Cp = discharge coefficient

CD:

where

The inertia of an air—fuel mixture moving
through an open poppet valve and its port seat
prevents the charge mixture exactly following the
contour of the valve port seat and the valve head
seat. In fact, there will be a tendency to overshoot




as it moves over abrupt surface changes; thus, the
flow around such sharp edges as the open valve
seats, causes the charge mixture to break away
from the inner edges of both the valve-head seat
and the cylinder-head port seat. The exit between
the mating seats then results in the formation of a
free jet. The air flow and discharge coefficient
{Cp) characteristics for a typical valve and port
plotted on a base of valve-lift to valve-head
diameter (L/D) ratio is shown in Fig. 4.14(a).
The apparatus used to measure the air flow is also
shown in Fig. 4.14(b).
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Valve lift/valve head diameter {(L/D})
Fig. 4.14{a) Effect of valve lift on the vaive discharge

coefficient and air flow rate

Laminar flow meter

Air (
intaks 7

Inlet valve flow pattern

(Figs 4.13(a—c) and 4.14(a and b))

The effectiveness of the open inlet valve flow
discharge capability can be examined for three
different valve lifts—small, medium and high—as
follows.

1

At the lowest valve lift the flow jet separates at
the inner seat corners and then re-attaches
itself on both adjacent seats, thus filling the gap
as it discharges into the cylinder (Fig. 4.13(a)).
At the intermediate range of valve lift, the flow
jet separates at the inner seat corners and then
re-attaches itself on the port seat side but
remains free on the valve head side as it
emerges between the seat gap (Fig. 4.13(b)).
At high valve lifts, the flow jet separates at the
inner seat corners and remains free from both
seats as it is expelled in a conical jet (Fig.
4.13(c)).

As can be seen, the utilization of the gap

formed by the open valve seats is at its optimum
somewhere between a small and medium valve
lift. In general, the discharge coefficient decreases
with increasing valve lift.

The flow of mixture entering the cylinder

through the valve merges with the surroundings
and produces zones of recirculation and pressure
drop which, in response, expand the jet (Fig.
4.14(b)).

Valve lift
setting screw

Cylinder
head

Manometer
for flow meter

Manometer for
valve pressure
drop

|

Thermo
couple

it

Cylinder
slesve

To atmosphere

Fig. 4.14{b) Apparatus for measuring the steady air flow through open poppet valve
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Exhaust valve flow pattern

{Fig. 4.13(d and ¢))

The exhaust gas flow from the cylinder into the
exhaust port via the open poppet valve is simply
the reverse of the inlet valve flow.

At low exhaust valve lift (Fig. 4.13(d)) the flow
slightly separates at the outer seat corners and
then re-attaches itself on both adjacent seats so
that it fills the gap before it discharges into the
relatively large port passage as a convergent
conical jet. Consequently, the sudden expansion
of the exhaust gas dissipates the kinetic energy of
the gas with only the minimum being converted to
prssure energy downstream of the valve port seat.

At high exhaust valve lift (Fig. 4.13(¢)) the
flow separates from the outer seat corners and
remains free from both sides so that it establishes
a jet with the centre of the valve stem as its axis.
The jet is of sufficient size relative to the port
cross-sectional-area to convert some of the gas’s
kinetic e¢nergy into pressure ecnergy; that is, a
pressure rise downstream of the valve port seat.

At valve lifts below 0.2D, the effective area is
something like 95% of the minimum geometric
area of the open valve gap, whereas for valve lifts
of 0.25D and above, the effective arca is about
90% of the valve opening gap. In other words the
high lift free jet is inferior to the low convergent
jet.

In general, the 30° valve seat angle produces a
larger effective flow area compared with the 45°
valve seat angle for valve lifts up to about 0.25D.
However, for higher valve lifts, the 45° valve seat
angle tends to establish a larger effective flow
area.

4.1.5 Comparison between spark
ignition and compression ignition
engines
(Fig. 4.15)

Engine efficiency is greatly influenced by the
cylinder pressure before combustion. Thus, if the
compression ratio is raised the thermal efficiency
will increase and vice versa.

With a petrol engine, the cylinder pressure will
be at its maximum at full throttle when there is no
restriction on the cylinder compression pressure
just before combustion. However, as the throttle
valve is steadily closed there is a corresponding
increase in the cylinder and manifold depression
during the induction stroke.
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Fig. 4.15 Comparison of petrol and diesel engine
thermal efficiency with varying load

This means that during the early part of the
compression stroke the cylinder pressure will still
be below the atmospheric pressure and so, effec-
tively, compression wili not commence until the
cylinder pressure has changed from a negative
depression to a positive pressure that is greater
than the atmospheric pressure. In effect, positive
compression may not start uatil the piston has
travelled almost halfway along its return stroke so
that the effective compression ratio and the final
cylinder compression pressure before combustion
commences may be halved under practically
closed idling conditions. Thus, the engine’s effec-
tive compression ratio will decrease as the but-
terfly throttie-valve is moved from the fully-open
to the almost closed position, which correspon-
dingly causes a reduction in the engine’s thermal
efficiency. At the same time, the increasing intake
depression causes the engine to use more of its
power to pull in the air—fuel mixture.

A diesel engine controls its power output by the
quantity of metered fuel per injection and there-
fore does not need to throttle the air intake.
Consequently, each cylinder receives the same
amount of air per induction stroke so that the
compression pressures remain roughly the same
throughout the engine’s speed range and, in con-
trast to the petrol engine, there is no power loss
due to throttie restrictions as the load and speed
are reduced.

Because of these basic differences in controll-
ing engine output in both petrol and diesel en-
gines, the diese! engine’s thermal efficiency re-
mains approximately constant for ail load and
speed changes, whereas the petrol engine, with its
10% thermal efficiency disadvantage at full load,




deteriorates to something like a third of the diesel
engine’s thermal efficiency as the operating condi-
tions move over to no-load (Fig. 4.15).

It should be appreciated that most of the en-
gine’s operating time cycle ranges between a
quarter to three-quarter load and that only rarely
is full load response required.

Both petrol and diesel engines are internal
combustion power units which burn the air-fuel
mixture in the cylinder between the cylinder-head
and piston.

The basic difference between these two types of
engines exists in the method of preparing the
mixture for combustion and the method of ignit-
ing the combustible mixture.

With the petrol engine, a mixture of air and
fuel is drawn into the cylinder during the outward
moving induction stroke. On its return inward
moving stroke, the mixture is compressed to
something like one-ninth to one-eleventh of the
unswept volume, and just before the piston
reaches the end of its compression stroke a spark
is used to ignite the combustible mixture.

In contrast, a diesel engine draws only fresh air
into the cylinder during the induction stroke and
then on its return stroke compresses this charge
into about 5 to z5 of the unswept volume until its
temperature is raised well in excess of 550°C. Just
before the piston reaches the end of the com-
pression stroke an accurately metered quantity of
fuel is injected into the cylinder at pressures of
350 bar or more. The finely atomized fuel spray
mixes with the hot air causing it to ignite {(due to
the heat) and burn rapidly.

The time for injecting the fuel over a 40° crank
angle movement at 5000 rev/min is

50 X 0 _ L 0.00133 d
5000 7360 750 o ocones
the actual effective combustion crank-angle

movement may only be half of the total injection
duration, that is 20°,

This is a very short interval of time and, in
order that as much fuel as possible is burnt, the
fuel spray must be exposed to the largest quantity
of air as possible. To minimize the mixing of the
fuel particles, the air is given movement so that it
sweeps across the finely atomized and penetrating
spray.

However, at high engine speeds, with such
short injection and mixing times, the chemically
correct amount of air charge will not be able to
seek out, intimately contact, mix and burn all the
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fuel particles: therefore, very high unacceptable
levels of soot and black smoke would be expelled
with the exhaust gases.

Consequently, diesel engines have to operate
with something like 20% excess air at full-load to
come anywhere near completing the combustion
process during each cycle.

This means that for the same power output,
diesel engines have to have a cylinder capacity at
least 20% greater than an equivalent petrol en-
gine; for example, a 2-litre diesel engine can only
be expected to develop approximately the same
power as a 1.6-litre petrol engine operating under
similar conditions.

Another reason why a diesel engine cannot
develop the same amount of power as a petrol
engine with the same cubic capacity is that, with
the petrol engine, the air and fuel are already
mixed before they enter the cylinder, whereas
the mixing process in the diesel engine takes place
only just before combustion commences. Thus,
the faster the engine runs the less time there is to
mix the air and fuel; in the case of the petrol
engine, the mixture can be adequately prepared
and burnt up to speeds of 6000 rev/min and over.
However, with the diesel engine it is difficult to
complete the air—fuel mixing at speeds above
3000 rev/min without using high swirl induction
ports which then raise the maximum engine speed
to about 4000 rev/min. For even higher engine
speeds, up to around 5000 rev/min, indirect injec-
tion divided combustion chambers become essen-
tial.

4.1.6 Fundamentals of the combustion
process in the spark ignition petrol
engine

(Figs4d.16(aand b), 4.17(aand b), 4.18, 4.19 and
4.20)

The atomized and partially vaporized air-fuel
mixture is induced into the cylinder where it
mixes with the remaining hot residual exhaust
gas, it also contacts the hot combustion-chamber
walls, cylinder wails and piston crown. Heat is
transferred from the metal surfaces to the entrap-
ped homogeneous mixture which is umformly
distributed throughout the cylinder, with the re-
sult that the unvaporized portion of the fuel
mixture entering the cylinder is vaporized before
the end of the compression stroke.

The ignition temperature at

which the
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Fig. 4.16(a) Effect of compression ratic on the
b.m.e.p. compression and maximum cylinder
pressures

Compression ratio

homogeneous mixture commences to burn is
known as the ignition temperature. This
threshold temperature is greatly influenced by the
composition of the air—fuel mixture, its dilution
with the residual burned gases, the size, shape
and existing temperature of the combustion
chamber and, possibly the most important factor,
the compression ratio which determines the com-
pression pressure (Fig. 4.16{(a)) at TDC and
therefore the mean temperature of the charge
(Fig. 4.16(b)). However, the ignition tempera-
ture does not rely on the cylinder compression
pressure alone but more so on the heat transfer in
the cylinder, which itself increases with the dens-
ity of the air—fuel mixture. The effect of increasing
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Cylinder pressure {bar}
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BDC
(a) Cylinder swept volume
Fig. 4.17(a) Effect of compression ratio on the

characteristic pressure—volume diagram for a petrol
engine
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Fig.4.16(b} Effect of compression ratio on the air
temperature and ignition lag

Comprassion ratio

the compression ratio on the rise in combustion
pressure is shown on a base of swept volume (Fig.
4.17(a)) and on a base of crank-angle movement
(Fig. 4.17(b)). The merits and limitations of
raising the compression ratic with regards to
thermal efficiency and mechanical efficiency are
shown in Fig. 4.18, whereas Fig. 4.19 shows the
benefits of increased power and reduced specific
fuel consumption with rising compression ratio.
Spark ignition petrol engines are quantity reg-
ulated—the amount of homogeneous charge of
thoroughly mixed petrol and air taken into the
cylinder per stroke is varied by a throttle valve to
regulate the engine’s speed and load conditions.
This contrasts with diesel compression ignition
engines, which are quality regulated—for these
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Fig. 4.17(b) Effect of compression ratio on the
characteristic pressure-crank-angle diagram for a
petrol engine
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Fig.4.18 Effect of compressicn ratio on an engine’s
thermal and mechanical efficiency

engines, the amount of air taken in per stroke is
constant but the amount of fuel injected is varied
to match the engine speed and load conditions.
Therefore, a heterogeneous fuel-air mixture ex-
ists consisting of a fuel-rich droplet core im-
mediately surrounded by air alone. Thus, with the
diesel combustion process, for the completion of
combustion, the stratified fuel droplets only have
to be burnt, and this can be achieved locally at
part-load, or spread out under full-load so that
mote air can be burnt.

Because of the nature of the homogeneous
mixture in the cylinder for a spark ignition en-
gine, the air-fuel mixture strength on the weak
and rich sides of the stoichiometric ratio (14.7:1
by weight) cannot vary by more than about 20%,
this will provide an air-fuel ratio operating range
extending from something like 18:1 on the weak

20 : . . 30
16 280
@
[%2]
T £
5 12 260%
E
a P
(8]
n%_ 8 240 L
b
4l 220
0 . s . 200
7 8 9 10 1

Camprassion ratio

Fig. 4.19 Effect of compression on engine power
and specific fuel consumption
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side to very rich mixtures of 12:1. The reduced
rates of burning with these extreme mixture
strengths (Fig. 4.20) are only made possible for
engine speeds up to 6000 rev/min by raising the
engine compression ratios to something like 9:1
or, better still 10:1.

4.1.7 Compression ratio
(Figs 4.16(aand b), 4.17(aand b), 4.18 and 4.19)

Raising the engine compression ratio increases
the cylinder’s compression pressure from roughly
8.0 bar to 19.0 bar over a compression ratio in-
crease from 5:1 to 10:1 respectively (Fig.
4.16(a)). Correspondingly, the maximum cylin-
der pressure increases from 32 bar to 82 bar and
the brake mean effective pressure generated also
increases from about 9.4 bar to 11.8 bar over the
same compression ratio range, respectively.

The effect of higher cylinder pressure is to
cause a corresponding rise in cylinder tempera-
ture from 360°C to 520°C over the same com-
pression ratio rise. As would be expected, raising
the cylinder temperature reduces the ignition
delay period for one set engine speed (Fig.
4.16(b)). Thus, for an engine running in its
mid-speed range, the ignition timing would be
reduced from 37.5° to 12.5° before TDC if its
compression ratio is increased from 5:1 to 10: 1.

The steepness of the pressure rise and the peak
values reached for three different compression
ratios in the early part of the power-stroke can
best be compared in both the pressure/volume
(P-V) diagram (Fig. 4.17(a)) and the pressure/
crank angle (P-8) diagram (Fig. 4.17(b)).

The main reason for raising the engine com-
pression ratio is due to the increased density of
the air—fuel mixture at the point of ignition, so
that when this energy is released it is better
utilized. It therefore raises both the engine ther-
mal efficiency and the developed power.

One of the major unwanted side effects of
raising the compression ratio is that there will be a
corresponding increase in cylinder pressure which,
in turn, increases the piston-ring to cylinder-
wall friction and the compression and expansion
heat losses. Consequently, the higher compres-
sion ratio produces a reduction in the mechanical
efficiency.

Subsequently, increasing the compression ratio
produces an increase in thermal efficiency but at
the expense of a falling mechanical effictency
(Fig. 4.18). Thus, if the efficiencies are compared
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on an equivalent efficiency scale, the reducing
mechanical efficiency cancels out more and more
of the ideal Otto cycle thermal efficiency. Hence,
the resultant (combined) efficiency curve shows
very little efficiency rnise advantage when the
compression ratio goes beyond 12:1. In theary,
the maximum useful brake thermal efficiency
occurs with a 16:1 compression ratio, but this
would necessitate an abnormally high anti-knock
octane fuel which is not readily available and
would be much too expensive to refine.

The two lower themal efficiency curves
(Fig. 4.18) compare the brake thermal efficiency
for both maximum fuel economy and maximum
generated power against a changing compression
ratio.
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Mechanical pressure—volume indicator (Maihak type)

Another way to illustrate the improvement in
engine power and fuel consumption with rising
compression ratio is shown in Fig. 4.19. Here, the
power curve is expressed as a percentage of the
maximum power developed with a 7: 1 compress-
ion ratio, over the compression ratio range from
7:1 to 11:1. whereas the fuel consumption is
plotted on a specific fuel consumption basis over
the same compression ratio range.

One further effect of raising the engine com-
pression ratio is that it reduces the cylinder clear-
ance volume. This results in a lowering of the
cylinder volumetric efficiency since less fresh
charge will be drawn into the cylinder per stroke
and, at the same time, there will be a lowering of
the cylinder’s residual exhaust gases.




Pressure
transducer

Entarged
TDC Inductive
slot pick-up

Channel 1

(Y} Oscilloscope
Amplifier
& trigger
unit
o C O 0O

Channel 2
X}

Slotted disc
attached
to crankshaft

Recorder

Fig.4.21 Electronic engine indicator equipment

4.2. Sparkignition
combustion process

The characteristics of the cylinder pressure rise
during the power stroke can be examined either
by the cylinder pressure on a piston stroke base
indicator diagram (Fig. 4.20) or by the cylinder
pressure on a crank-angle-movement base indica-
tor diagram (Fig. 4.21).

The combustion process may be considered to
take place in three phases or periods:

1 the delay period;
2 the rapid pressure rise period;
3 the after burning period.

4.2.1. Delay period (ignition and early
flame development) (0,)
(Figs 4.22, 423 and 4.24)

This first phase covers the period from when a
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timed high-tension spark passes between the
spark-plug electrode (which then ignites the air-
fuel vapour surrounding the clectrodes) to the
time the established flame begins to release the
heat energy of the burning fuel vapour fraction.

The actual end of the first period is considered
as the point where the initial sign of gas expansion
pressure rises above the normal compressive
pressure for a given crank-angle displacement,
shown on the pressure/crank-angle diagram
(Fig. 4.22). This period tends to be very nearly
constant in time.

The duration of this period is dependent upon
the following:

1 the temperature of the flame thread passing

between the electrodes of the sparking plugs

(Fig. 4.23);

the nature of the fuel;

the temperature and pressure of the prepared

charge;

4 the thoroughness in the mixing of the air-fuel
charge;

5 the strength of the charge mixture (Fig. 4.24).
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4.2.2 Rapid pressure rise period
(flame propagation) (0;)
(Fig. 4.22)

The second phase occupies the time between the
initiation of the flame front and the beginning of
the pressure rise (above the normal compression
pressure) to the point in time when the rugged
flame front has spread to the cylinder walls and
the cylinder pressure has reached its peak valve.

Once the energy liberated from the developing
flame is sufficient, it will cause the cylinder press-
ure to increase at a much greater rate than the
normal compressive pressure as the piston
approaches TDC.

The time required for the rapid pressure-rise
phase depends mainly on the intensity of the
turbulence or state of agitation of the mixture.

The slowest rate of burning occurs when the
mixture is stagnant, whereas the rate of burning
becomes faster as the turbulence in the combus-
tion chamber increases and, since turbulence rises
almost linearly with engine speed, the duration of
this second period is roughly constant in terms of
the crank-angle movement.

4.2.3 After burning period
(termination of combustion) (03)
(Fig. 4.22)

After the flame front has reached the cylinder
walls there will be something like 25% of the
charge which has still not completely burnt.

At this stage it becomes more difficult for the
remaining oxygen in the charge to react with the
petrol vapour so that the burning rate slows
down, this condition is known as after burning.

At the same time, there will be heat liberated
due to a chemical interaction caused by re-
association of the combustion products through-
out the expansion stroke.

Also, during this last phase, a greater propor-
tion of the heat energy released is lost through the
cylinder walls, head and piston crown and, simul-
taneously, the descending piston increases the .
clearance volume. Consequently, the cylinder
pressure commences to decrease rapidly.

4.2.4 Ignition timing and engine
speed
(Figs 4.25 and 4.26)

When the engine speed rises there is less time for 1



the cylinder to dissipate the heat of combustion
per stroke and, accordingly, the time interval
between the spark firing and the point of ignition
when burning commences—that is, the delay
period—reduces. However, in terms of crank-
angle movement with rising speed the delay
period increases as_the square root of its speed
according to 6, « VN where 0, is the delay period
and N the engine speed.

With rising engine speed the intensity of turbu-
lence and hence the rate of burning increases
approximately in proportion to the engine speed.
Thus, the time interval of burning from the point
of ignition to peak pressure (rapid pressure rise
period) reduces, while its duration, expressed in
degrees of crank-angle movement, remains
roughly constant.

Consequently, if the ignition timing is fixed to
produce its peak pressure at about 10° after TDC
at low speed then, with increasing speed, these
peaks will occur progressively later in the cycle
and their magnitude will also decrease (Fig. 4.25).

In contrast, if the ignition timing is advanced
the same amount as the delay period increases in
terms of crank-angle movement with rising engine
speed, the positions at which these peak combus-
tion pressures occur remain roughly the same,
with only a very small drop in peak value due to
reducing volumetric efficiency (Fig. 4.26). Thus,
by automatically advancing or retarding the
actual firing point with increasing or decreasing
speed the optimum engine torque will be main-
tained.
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4.3 Detonation
(Figs 4.5(c), 4.27 and 4.28(a and b))

Detonation is the creation within the cylinder of a
pressure-wave travelling at such a high velocity
that, through its impact against the combustion
chamber walls it excites them into vibrating.

The shockwaves in the gas, which are repeated-
ly reflected from the walls of the combustion
chamber, cause a ringing metallic knocking or
high pitch ‘ping’ sound to be produced
(Fig. 4.27). Consequently, the term ‘pinking’ is
commonly used to describe the resulting noise
caused by these abnormally high pressure-waves
travelling through the previously burnt products
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of combustion., The waves then bombard the
relatively rigid surrounding metal surfaces con-
sisting of the cylinder-head, cylinder walls and
piston crown.

To produce this knock the pressure-wave
oscillation has to be within the audible fun-
damental frequency, and the actual tone of the
noise produced will be largely influenced by the
velogity of the shockwaves and the distance they
travel between consecutive reflections from the
enclosed chamber—that is, the size of the
cylinder.

When detonation is slight it may not occur on
every power stroke so that the knock may be light
and intermittent whereas heavy detonation will
create a continuous loud knocking noise.

Generally, the detonation pressure oscillations
when superimposed on the normal pattern of
combustion pressure rise and fall will show a
slightly higher peak cyclic cylinder pressure.

The average vibrating frequency of detonation
will be in the region of 500 cycles/second whereas
the shockwaves propagating through the burnt
and unburnt charge will reach velocities in the
1000 to 1200 m/s range.

During the combustion process, the atomized
homogeneous fuel-air mixture is ignited by the
passage of the spark between the spark-plug
electrodes. At first a smali nucleus of flame is
created which then rapidly spreads outwards.

If there is no movement of the fresh mixture in
the cylinder the nucleus of flame initiated from
the spark would form an unbroken burning front
travelling progressively outwards to the furthest
point in the combustion chamber at a very low
velocity.

However, the flame front is normally subjected
to turbulence which distorts the smooth flame
front into a ragged and broken one (Fig. 4.5(c))
so that the frontal area of the flame exposed to
the unburnt mixture is considerably enlarged.
Consequently, the rate of heat transfer from the
flame to the unburnt charge by conduction, con-
vection and radiation is greatly increased, it
therefore enables and encourages the flame to
travel towards the outer walls of the chamber at a
very high velocity.

As the flame front moves forwards (Fig. 4.28(a
and b}) it compresses ahead of it the still unburnt
mixture whose temperature is raised both by
compression and by radiation from the advancing
flame until a point is reached when the remaining
unburnt charge is subjected to such a high inten-
sity of heat that it spontaneously ignites. The

resulting pressure-waves pass through the burnt
and burning mixture at enormously high veloci-
ties. These shockwaves reflect against the com-
bustion chamber walls and, accordingly, the walls
are set into a state of vibration at an audible
frequency which is heard in the form of a ringing
knock.

4.3.1 Illustration of controlled and
uncontrolled combustion
(Fig. 4.28(aand b))

If the speed at which the flame spreads is slow and
its flame path is long (Fig. 4.28(a)) there will be
more time to compress and transfer heat to the
unburnt mixture ahead of the advancing flame
front. Consequently, the unburnt mixture will
reach its critical detonation temperature earlier
during the combustion process when there is still
a large proportion of mixture unburnt,

As a result, this entrapped ‘end-mixture’ spon-
taneously ignites and burns at an enormously high
rate, the release of this relatively large amount of
energy causes a violent pressure shockwave to
travel through the combustion chamber, which
thus produces detonation.

If, however, the speed at which the flame
speeds through the chamber is extremely fast and
its flame path is short (Fig. 4.28(b)), there will be
insufficient time for the unburnt part of the
mixture to become excessively compressed and
overheated. Therefore, the majority of the charge
will burn in a controllable manner and only the
very last of the unburnt charge may actually reach
the spontaneous condition which causes detona-
tion.

Detonation can be eliminated or at least mini-
mized by the combination of the following three
methods:

1 by increasing the turbulence and the speed of
fHame travel thereby preventing the end-
mixture overheating;

2 by reducing the flame path and increasing the
surface area of the combustion-chamber in the
furthest region from the sparking plug so that
the ‘end-mixture’ is quenched;

3 by raising the octane value of the fuel.

4.3.2 Intensity of detonation

The intensity of detonation will depend mainly
upon the amount of energy contained in the
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‘end-mixture’ and the rate of chemical reaction
which releases it in the form of heat and a high
intensity pressure-wave. Thus, the earlier in the
combustion process the detonation commences,
the more unburnt end-mixture will be available to
intensify the detonation. As little as 5% of the
total mixture charge when spontaneously ignited
will be sufficient to produce a very violent shock.

4.3.3 Effects of detonation

The high detonation pressure-wave sweeping
through the combustion-chamber has three basic
effects:

1 to scour away the protective boundary layer of
stagnant gas which always exists on the surface
of the combustion-chamber so that more heat
will be transmitted through the chamber wall,
thereby raising the mean chamber temperature
which will promote pre-ignition;

2 to scour away the oil-film which protects and
lubricates the cylinder walls, thereby causing
dry friction to occur between the cylinder walls
and piston rings with the corresponding in-
crease in wear;

3 the detonation shockwaves imposed on the
piston may cause a vibratory load to be im-
parted to the gudgeon-pin, piston bosses and
connecting-rod small-end bearings. Accord-
ingly, if this is excessive it will destroy the
gudgeon-pin boundary lubrication and hence
cause abnormal wear to the small-end joint.

4.3.4 Factors which promote
detonation

High compresstion ratios.

Low octane number fuel.

Long flame path from point of ignition.

An over-advanced ignition setting may move

the cylinder peak pressure to occur at TDC

thereby causing higher than normal maximum
pressures to occur.

5 A slightly rich (10%) air—fuel mixture raises
the combustion temperature and, correspond-
ingly, pressure; thereby increasing the detona-
tion tendency.

6 An inadequately cooled combustion-chamber
possibly due to faulty cooling systems, slipping
water pump, stuck thermostat etc.

7 Excess carburization of combustion-chamber

and piston-crown.
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4.3.5 Effects of engine speed on
detonation
(Fig. 4.29)

At low engine speed there is more time for the
flame front to preheat the end mixture, and it
therefore promotes detonation, whereas at higher
speeds there is less time for the end-charge to
become overheated so that the end mixture will
be proportionally smaller or even non-existent.

The volumetric efficiency, which is a measure
of cylinder pressure, tends to decrease with en-
gine speed so that the less severe conditions at
higher speeds discourage detonation.

In contrast, the shorter time available for the
heat of combustion to dissipate, increases the
cylinder temperature.

However, the combined effect of shorter com-
pression time and reduced volumetric efficiency,
as opposed to increased cylinder temperature,
favours reducing the detonating tendency in the
cylinder with rising engine speed.

4.3.6 Preignition
(Fig. 4.30)

Preignition is the ignition of the homogeneous
mixture in the cylinder, before the timed ignition
spark occurs, caused by the local overheating of
the combustible mixture. For premature ignition
of any local hot-spot to occur in advance of the
timed spark on the compression stroke it must

attain a minimum temperature of something like
F00-800°C.




The initiation of ignition and the propagation
of the flame front from the heated hot-spot s
similar to that produced by the spark-ptug when it
fires, the only difference between the hot-spot
and sparking plug is their respective instant of
ignition. Thus, the sparking plug provides a timed
and controlled moment of ignition whereas the
heated surface forming the hot-spot builds up to
the ignition temperature during each compression
stroke and therefore the actual instant of ignition
is unpredictable.

The early ignition created by preignition ¢x-
tends the total time the burnt gases remain in the
cylinder and therefore increases the heat transfer
to the chamber walls and. as a result, the self-
ignition temperature will occur earlier and carlier
on each successive compression stroke. Conse-
quently. the peak cylinder pressure (which nor-
mally occurs at its optimum position of 10°-15°
after TD'C) will progressively advance its position
to TDC where the cylinder pressure and tempera-
ture will be maximized.

The accumulated effects of an extended com-
bustion time and rising peak cylinder pressure
and temperature, cause the self-ignition tempera-
ture to creep further and further ahead of TDC,
and with it, peak cylinder pressure. which will
now take place before TDC so that negative work
will be done in compressing the combustion pro-
ducts (Fig. 4.30).

Preignition in a single-cylinder engine will re-
sult in a steady reduction in speed and power
output.

If this was allowed to persist, the self-ignition
temperature will commence so early in the cycle
that the incoming air—fuel charge will ignite, thus
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Fig. 4.30 Cylinder pressure variation when pre-
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causing the flame to propagate back through the
induction port and manifold.

The real undesirable effects of preignition are
when it occurs only in one or more cylinders in a
multi-cylinder engine. Under these conditions,
when the engine is driven hard, the unaffected
cylinders will continue to develop their full power
and speed. and so will drag the other piston or
pistons, which are experiencing preignition and
are producing negative work, to and fro until
eventually the increased heat generated makes
the preigniting cylinder’s pistons and rings seize.

Thus. the danger of the majority of cylinders
operating efficiently while one or more cylinders
are subjected to excessive preignition is that the
driver will only be aware of a loss in speed and
power and therefore may try to work the engine
harder to compensate for this, which only inten-
sifies the preignition situation until seizure occurs.,

Preignition is initiated by some overheated
projecting part such as the sparking plug elec-
trodes. exhaust valve head, metal corners in the
combustion chamber, carbon deposit or a prot-
ruding cylinder head gasket rim, etc.

However, preignition is also caused by persis-
tent detonating pressure shockwaves scoring
away the stagnant gases which normally protect
the combustion chamber walls. The resulting in-
creased heat flow through the walls, raises the
surface temperature of any protruding poorly
cooled part of the chamber, and this therefore
provides a focal point for preignition.

Preignition is not responsible for abnormally
high cylinder pressure, but there can be a slight
pressure rise above the normal due to the ignition
point and. therefore, the peak pressure creeping
forward to the TDC position where maximum
pressure occurs.

If preignition occurs at the same time as the
timed sparking plug fires, combustion will appear
as normal. Therefore, if the ignition is switched-
off, the engine would continue to operate at the
same speed as if it were controlled by the conven-
tional timed spark, provided the self-ignition
temperature continues to occur at the same point.

4.3.7 Post-ignition or running on
ignition

Post-ignition is the establishment within the com-
bustion chamber of a hot-spot (such as the spark-
ing plug central electrode) which supplements the
timed spark ignition every time, in the compress-




ion stroke cycle. the self-ignition temperature of
the mixture is reached.

When the engine is at working temperature and
the ignition is switched off the hot-spot will
contine to be heated during the combustion phase
to well above the self-ignition temperature of the
mixture, after which it cools as the other three
strokes’ exhaust induction and compression are
completed.

With the ignition switched off and the throttle
closed the combustion will, at first, continue to
occur every time the self-ignition temperature is
reached, at roughly the same position in the
compression cycle. After a time with the throttle
closed, the peak temperature in the chamber will
begin to fall until the hot-spot will not be able to
ignite the mixture so that the engine stalls. A
weak, slow-burning, mixture or retarded ignition
setting can be responsible for the overheated
hot-spot and thus for the occurrence of post-
ignition.

4.3.8 Qctane numbers
(Figs 4.31 and 4.32)

A practical measure of a fuel’s resistance to knock
is essential so that a comparison of commercial
fuels can be made by testing the fuel in a variable
compression ratio engine under controlled oper-
ating conditions.

Commercial blends of fuels are rated on an
octane number scale between zero and 100. The
octane number is based on two hydrocarbons
which have very different knock properties enabl-
ing them to define the ends of the scale: iso-
octane (CzxH g} which has a very high resistance
to knock and therefore is given an octane number
of 100, and normal heptane (C;H,¢) which is very
prone to knock and is therefore given a zero
value. Blends of these reference fuels define the
knock resistance of intermediate octane numbers,
and thus a blend of 7% n-heptane and 93%
iso-octane by volume has an octane number of 93.

A commercial fuel octane number is deter-
mined by measuring what blend of these primary
reference fuels (iso-octane/n-heptane) matches
the unknown knock property of the fuel being
tested.

The knock rating of a fuel is determined by
running the single-cylinder test engine under stan-
dardized operating conditions. These fixed condi-
tions being air inlet temperature, coolant temper-
ature, engine speed, ignition advance setting and
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mixture strength to give maximum knock re-
sponse.

The fuel being rated is tested by increasing the
compression of the test engine {Fig. 4.31) until
the fuel attains a predetermined intensity of
knock which is measured with a magnetostriction
knock detector. Various reference fuel blends are
then tested in the same way until the compression
ratio of one of these reference blends exactly
matches the commercial fuel in terms of similar
knock intensity, This fuel is then rated by the
octane percentage in the equivalent blend of
reference fuel. The relationship between octane
number and compression ratio is approximately
as shown (Fig. 4.32).

The octane number (ON}) obtained depends on
the conditions of the test and the two main
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methods in use are the Research and the Motor
methods.

Research octane number (RON) method

This method measures anti-knock performance
under relatively mild operating conditions. It 1s
considered to be similar to the detonation tenden-
cy of a fuel when the engine is accelerating from
low speed in top gear with a wide-open throttle
under medium load. Inlet air temperature
52°C; coolant temperature = 100°C; engine speed
= 600 rev/min; ignition advance setting = 13°
BTDC.

Motor octane number (MON) method

This method measures anti-knock performance
under relatively severe operating conditions. It is
considered to be similar to the detonation tenden-
cy of a fuel when the engine is driven at medium
speed in top gear with a wide-open throttle under
heavy load. Inlet air temperature 150°C;
coolant temperature = 100°C; engine speed =
900 rev/min; ignition advance setting = 19-26°
BTDC.

Fuel sensitivity

The more severe operating conditions for the
Motor method compared with the Research
method will therefore predict a lower octane
rumber for the MON than for RON.

This difference in octane number between the
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Research method and the Motor method octane
numbers is known as the fuel sensitivity; thus

Fuel Sensitivity = RON — MON

Paraffinic fuels tend to have roughly the same
octane numbers with either the Research or
Motor method since their chemical structure is
similar to that of the primary reference fuels
(octane and heptane blends).

As the fuel composition deviates from the
paraffinic to the napthenes aromatics or the fuel is
highty cracked, the sensitivity of the fuel in-
Crcascs.

A comparison of the RON and MON is shown
in Table 1.

Table 1 Octane number requirement for different
fuel grades

Grade RON MON
5 star 100.0 89.0
4 star 97.0 86.0
3 star 940 82.0
2 star a0.0 80.0

Antiknock index

Both the Research and the Motor methods of
measuring the octane number do not reflect the
actual operating speed and load conditions when
the vehicle is being driven on the road. There-
fore, chassis dynamometer tests which predict
road conditions have been devised to determine
the fuel’s road octane number. It has been found
that the road octane number lies roughly between
the Research and Motor octane ratings. It follows
that the average of the two octane number rating
methods, RON and MON, is a very good anti-
knock quality indicator which is known as the
antiknock index

RON + MON

Antiknock index = 5

4.3.9. The effects of cylinder pressure
on detonation and octane number
requirements

(Figs 4.29, 4.32 and 4.33)

The effects of increasing the engine’s compression
ratio (Fig. 4.32) is to raise the cylinder’s pressure
and temperature so that the end-gas becomes




overheated and spontaneously burns. Therefore,
fuels with higher octane numbers are necessary to
suppress the detonation tendency as the com-
pression ratio is increased.

Generally, the octane number fuel require-
ments for an engine, depend upon the maximum
indicated mean effective pressure generated in-
side the cylinder, which is a measure of the
volumetric efficiency over the engine’s speed
range. Thus, the highest knock-limited indicated
mean effective pressure (Fig. 4.29) occurs roughly
in the engine’s mid-speed range where the
volumetric efficiency and engine load are usually
at a maximum, but at higher speeds the declining
volumetric efficiency and, correspondingly, the
reducing mean effective pressure do not demand
such high octane number fuels to prevent detona-
tion occurring.

Advancing the ignition timing so that peak
pressure occurs at the engine’s optimum crank
angle position of about 10° after TDC with rising
engine speed demands an increase in the fuel’s
octane number requirement to match the detona-
tion tendency caused by the high cylinder press-
ures and temperature. A lower octane number
fuel can be used by retarding the ignition timing
slightly.

The mixture strength influences the knock-
limiting indicated pressure (Fig. 4.33) because,
for high engine loads and speeds, more energy
has to be burnt; that is, richer mixtures which
burn faster are necessary to generate the high
cylinder pressures. However, for light-loads and
maximum economy conditions, weak mixtures
which burn slowly are used, but these tend to
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generate lower cylinder pressures and to overheat
the end gases.

A cool intake mixture, low cylinder bore and
cylinder-head wall temperatures tend to depress
the temperature of combustion and therefore
enable higher knock-limited mean-effective-
pressures 1o be generated without causing detona-
tion.

4.4 Lean or fastburn
combustion chamber
technology

(Figs 4.34, 4.35 and 4.36)

In recent years there has been great concern that
the internal combustion engine is responsible for
far too much atmospheric pollution, that it is
detrimental to human health and that it is damag-
ing the environment. Consequently, research en-
gineers have been striving to reduce the respon-
sible pollutants emitted from the exhaust system
without sacrificing power and fuel consumption.

Pollutants are produced by the incomplete
burning of the air—fuel mixture in the combustion
chamber. The major pollutants emitted from the
exhaust due to incomplete combustion are: un-
burnt hydrocarbons (HC), oxides of nitrogen
(NQ,) and the highly poisonous carbon monoxide
(CO). If, however, combustion is complete the
only products being expelled from the exhaust
would be water vapour, which is harmless, and
carbon dioxide, which is an inert gas and, as such,
is not directly harmful to humans.

The aim of lean burn technology has been to
design engines which burn completely, or almost
completely, the air-fuel mixture supplied, in an
efficient manner, so that fuel consumption is
reduced and the levels of the pollutants hydrocar-
bon (HC), oxides of nitrogen (NO,) and carbon
monoxide (CO) are within the statutory limits
imposed by governments.

The conflicting characteristics of the three ex-
haust poliutants, the fuel consumption and de-
veloped power and how they are influenced by
the mixture strength are iliustrated in Figs 4.34
and 4.35.

As can be seen (Fig. 4.34) the rich and weak
air—fuel mixture strength ratio for a conventional
engine does not vary by more than about two
numbers from either side of the chemically cor-
rect stoichiometric ratio of 14.7 parts of air to one
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part of fuel by mass; that is, from a rich 12:1
mixture to the leanest of 17:1.

Figure 4.34 shows that at an enriching mixture
for full throttle maximum power, from 13.5:1 to
12.5:1, the carbon monoxide rises steeply where-
as the oxides of nitrogen under similar operating
conditions tend to be quickly decreasing. Con-
versely, under part throttle maximum economy
conditions with weakening air—fuel mixture
ratios, from about 15.5:1 to 16.5: 1, the oxides of
nitrogen have reached their worst and have
peaked, whereas the unburnt hydrocarbons and
carbon monoxide have decreased to their mini-
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mum valves. Thus, there has always been a major
conflict between the high carbon monoxide con-
centration with rich maximum power mixtures
and the high nitrogen oxides concentration with
lean part-throttle maximum economy mixfures.

This means that the engine at any one time will
produce either a large amount of carbon monox-
ide and a modest amount of hydrocarbons or a
very small amount of carbon monoxide and hyd-
rocarbons but a large concentration of nitrogen
oxide.

Generally, the air-fuel mixture ratio (Fig. 4.34)
range can be divided into a rich burning zone on
the left-hand side of the stoichiometric (14.7:1 to
10:1) and a weak or lean burning zone on the
right-hand side of the stoichiometric, which is
itsetf subdivided in a semi-lean zone (14.7:1 to
18:1) and a full lean zone (18:1 to 23:1).

Combustion chamber research and develop-
ment has produced engines which can now
operate consistently with lean air—fuel ratios of
something like 18:1 and 19:1 under part throttle
running conditions. This, therefore, shifts the
air—fuel ratio to the decreasing portion of the
nitrogen oxide curve about half-way down,
whereas carbon monoxide is at a minimum and
the unburnt hydrocarbons are only just on the
increasing upward slope (Fig. 4.34). This has not
only reduced the overall emission of the three
main poliutants but it has also improved the fuel
consumption when the engine is operating in the
semi-lean and full-lean mixture strength region.

One of the main problems with lean burning
engines is that as the mixture strength moves
towards the full-lean region during transitional
operating conditions, individual cylinders wili ex-
perience hesitation and misfiring. This happens
because it is almost impossible to produce a
homogeneous mixture of exactly the same
strength, identical intensity of swirl and generated
turbulence, accurate and equal spark energy re-
lease and, with similar cylinder temperatures in
each cylinder under the varying speed, load and
throttle opening conditions,

Thus, the most important operating condition
for multi-cylinder lean burning engines is that the
mixture preparation, distribution and ignition
energy release between cylinders is very near
perfect.

With further improvements in promoting in-
duction swirl (Fig. 4.35) and cylinder squish and
with more emphasis on the precise matching of
mixture strength with ignition timing, even
leaner mixtures of between 19:1 to 21:1 will be




capable of being reliably burnt. At the same time,
with more consideration to detail for piston and
piston-ring design and accurate bump clearance
control, the upward trend for the hydrocarbons
can be encouraged to level out.

Thus, as advancements in combustion chamber
design continue, the control of combustion in the
lean-burn range improves so that effective burn-
ing can extend well into the full lean-burn range,
where the dominant pollutants have reached their
minimum values.

The major advancement in combustion cham-
ber design has come about by the understanding
that rich mixtures burn quickly and weak mix-
tures burn slowly. Therefore, to obtain maximum
engine power, fast-burning rich mixtures are
essential to make the bulk of the pressure rise
occur just after TDC where the clearance volume
is at a minimum and the combustion pressure will
be most effectively applied.

Conversely, with conventional combustion
chambers the burning time for very lean mixtures,
under part throttle, is far too long so that the
rapid pressure-rise period occurs when the clear-
ance volume is itself expanding fairly quickly.
This means that the prolonged burning is spread
over the least effective part of the crank-angle
movement; that is, well beyond TDC.

However, lean-burn combustion chambers are
able to promote large amounts of induction swirl
(Fig. 4.36) which, just before ignition occurs, is
excited into a highly violent and turbulent mix-
ture but still retains some of its directional move-
ment.

Thus, when combustion commences, the turbu-
lent vortices within the swirling mixture break up
the boundary between the flame front and the
unburnt mixture into a rugged greatly enlarged
frontal area, the flame therefore rapidly pene-
trates and propagates its way through the decreas-
ing amounts of unburnt charge.

The initial swirl greatly helps to sweep the
burning nuclei into the still unburnt charge.

By these means, the normally siow-burning
rate for a weak mixture is greatly accelerated due
to the vigorous activity of the mixture prior to
combustion, which enables the rapid pressure rise
of the second period of combustion to occur when
it can be most effective; that is, just after TDC.

Thus, it can be seen that the lean-burn combus-
tion-chamber is, in effect, a fast-burn chamber.
Therefore, both terms may be used to describe a
combustion chamber which, under part throttle
conditions, is capable of running consistently with

Induction
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Fig. 4.36 Portinduction swirl combustion chamber

extremely weak mixtures of the order 18:1 to
21:1 or even leaner.

It should be appreciated that an engine oper-
ates under part-throttle conditions for the major-
ity of a vehicle’s driving cycle and only rarely is
full throttle used.

A fast combustion process compared with a
moderate burn rate does produce a modest gain
in engine efficiency.

A decrease in the total burn duration from ®y
to 60° crank angie movement—that is, the differ-
ence between a slow and a moderate combustion
burn time—results in something like a 5% de-
crease in the specific fuel consumption, whereas a
decrease in the burning period from 60° to 30°,




that is, from a moderate to fast burn rate, gives
only a further 2% specific fuel consumption im-
provement.

4.5 A comparison of the
breathing ability of various
valve arrangements

(Fig. 4.37(a—f))

In general. a flat cylinder-head minimizes the
valve head diameter if the valve-seat to cylinder
wall and valve-seat to valve-seat spacing ade-
quately accommodates the cooling passages with-
in the cylinder-head.

However. by inclining both the inlet and ex-
haust valve stems from the vertical, in opposite
directions to each other, the valve heads form
an arched roof. As the included valve-stem angle
is increased, the diameter of the valve-seats can
also be increased, and consequently, the intake
breathing and the ease of expelling the exhaust
gases will be considerably improved.

A comparison between intake vaive port arca,
which influences the intensity of cylinder filling.
valve inclination to the vertical and the number of
valves located in the cylinder-head, can be de-
monstrated by the use of the area ratios given
below:

1 cylinder bore to ftat cylinder-head upright
single-valve seat bore area ratio A /A,
where A, = cylinder bore area; A,,, = upright

.single-valve seat bore area;

2 tilted single-vaive to upright single (flat) valve
seat bore area ratio A /A, ., where A4, = tilted
single-valve seat bore area; A, = upright sing-
le-valve seat bore area;

3 tilted multi-valve to tilted single-valve seat
bore area ratio A.,/A,. where A, = tilted
multi-valve seat bore area; A, = tilted single-
valve seat bore area.

4.5.1 Calculation comparing the
breathing ability of various valve
arrangements

(Fig. 4.37(a~f})

Compare the breathing ability of the following
valve configurations when incorporated in a cylin-
der-head combustion chamber that fits on top of a
80 mm diameter cylinder bore.
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{(a) Single inlet and exhaust valves arranged verti-
cally (Fig. 4.37(a and b))

Flat inlet valve seat bore diameter 28 mm

Cross-sectional area of cylinder bore
T R

Agy = z 80- = 5026.5mm-

Cross-sectional area of valve seat bore
™ 2 ~

Aoy = 128“ =612.75mm"

Ratio of cylinder bore to upright valve seat bore
areas

Aw 50265
Ax  612.75

=8.203:1

(b) Single inlet and exhaust valve with a small
incline of 20° from the vertical (Fig. 4.37(c))

Tilted inlet valve seat bore diameter 32 mm

Cross-sectional area of 20° inclined valve
m 2 ]
A= 1 32° = 804.25mm~

Ratio of 20° tilted valve to upright valve areas
Ay B04.25
Ay 612,75

this amounts to a 31.25% increase in valve seat
cross-sectional area.

=1.3125:1

(c) Single inlet and exhaust valve with a large
incline of 35° from the verticai (Fig. 4.37(d))

Tilted inlet valve seat bore diameter 36 mm

Cross-sectional area of 35° inclined valve
T g2 2
A = 7 36- = 1017.87mm

Ratio of large tilted valve to upright valve area
Az 1017.87
Aw 61275

this amounts to a 66.1% increase in valve seat
cross-sectional area.

=1.661:1

(d) Twin inlet and twin exhaust valves arranged
vertically (Fig. 4.37(¢e))

Flat inlet valve seat bore diameter 24 mm
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plug (SP)

(a) Two-valve cylinder head
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{b) Valves arranged vertically
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(d) Valves inclined 35° from the vertical
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Fig. 4.37 Comparisor of valve configuration and inclination

Cross-sectional area of twin exhaust seat bore

Ay = %242 = 452.4mm?

Ratio of cylinder bore to twin valve seat bore

areas
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(e) Four valve cylinder head

{f) Five-valve cylinder head

Ag _ 5026.5

= =5.55:1
Asvae  2x4524

(e) Twin inlet and twin exhaust valves with a
small incline of 20° from the vertical (Fig. 4.37(c
and e))




Tilted inlet valve seat bore diameter 28 mm
Cross-sectional area of tilted twin inltet valve seat
bore ’

T a2 2
Az = 7 28° = 612.75mm
Ratio of tilted twin valves to upright single-valve
seat bore areas
Arxrs - 2x612.75 _
A 61275

this amounts to a 100% increase in valve seat
cross-sectional area.

2.0:1

Ratio of tilted twin to tilted single-valve seat bore
areas

Asxay 2% 612.75
Ap  804.25

this amounts to a 52.4% increase in valve seat
cross-sectional area.

=1.524:1

Ratio of tilted twin valve to upright twin valve
seat bore

Azers  2%612.75
Asgas 2% 452.4

this amounts to a 35.4% increase in valve seat
cross-sectional area.

= 1.354:1

{f) Triple inlet and twin exhaust valves arranged
vertically (Fig. 4.37(f))

Flat inlet valve seat bore diameter 20 mm

Cross-sectional area of triple inlet valve seat bore
o™
Az = 1202 = 314.16mm?

Ratio of cylinder bore to valve seat bore areas

Agg 5026.5

= =5.33:1
Ao 3%314.16

(g) Triple inlet and twin exhaust valves with a
small incline of 2(° from the vertical (Fig. 4.37(c
and f))

Tilted inlet valve seat bore diameter 24 mm

Cross-sectional area of triple tilted inlet valve seat
bore

Apy = % 242 = 452.4mm?
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Ratio of tilted triple valves to single upright valve
seat bore

Anxae  3x452.4

=2.215:1
Aoy 612.75

this amounts to a 121.5% increase in valve seat
cross-sectional area.

Ratio of tilted triple valves to tilted single valve
seat bore

Azxna _ 3Ix452.4
A | 80425

= 1.6875:1

this amounts to a 68.75% increase in valve seat
cross-sectional area.

Ratio of tilted triple valves to upright twin valve
seat bore

A 3X4524

= =1.5:1
Ansaa  2x452.4

this amounts to a 50.0% increase in valve seat
cross-sectional area

Ratio of tilted triple valves to triple upright valve
seat bore

Ajers  3%4524
Asxao  3%314.16

=1.44:1

this amounts to a 44.0% increase in valve seat
cross-sectional area.

4.5.2 Summary of the breathing
ability of various valve arrangements
(Fig. 3.37(a=f))

A comparison between different valve configura-
tions in the cylinder-head to obtain the greatest
intake mixture flow ability can roughly be based
on the valve seat bore cross-sectional area if the
port passage curvature and valve opening flow
characteristics (coefficient of discharge) are
ignored.

If the inlet valve seat bore cross-sectional area
of the flat (upright) single inlet valve cylinder-
head is taken as unity, then all other valve
configurations, which enlarge the total intake
valve seat bore areas for the same cylinder bore
size, can be considered as an improvement.




Two-valve hemispherical combustion
chamber

(Fig. 4.37(a, c and d))

The single 20° and 35° tilted inlet valves enlarge
the port area and improve breathing by the same
amount relative to the single flat (upright) inlet
valve as follows:

a) 20° tilted single inlet valve by 31.25%
b) 35° tilted single inlet valve by 66.1%

Four-valve pentroof combustion chamber
(Fig. 4.37(c, d and ¢))

The twin 20° tilted inlet valves enlarge the port
area and improve breathing by the same amount
relative to the following layouts:

a) upright single inlet valve by 100%
b) 20° tilted single inlet valve by 52.4%
¢) upright twin inlet valve by 35.4%

Five-valve pentroof combustion chamber
(Fig. 4.37(c, d and f))

The triple 20° tilted inlet valves enlarge the port
area and improve breathing by the same amount
relative to the following layouts:

a) upright single inlet valve by 121.5%
b) 20° tilted single inlet valve by 68.75%
¢) upright twin inlet valves by 50.0%

d) upright tripte inlet valves by 44.0%

4.6 General relationships
between valve configurations
and breathing capacity

(Fig. 4.37(a~f))

In general, it can be seen that the flat cylinder-
head accommodates the smallest valve heads.
However, inclining the valve stems from the
vertical increases the slant length of the chamber
roof, which therefore permits larger valve heads
to be used. In practice, the slope of the chamber
roof ranges from approximately 20° for a shallow
hemispherical chamber to a limiting 35° for the
deep chambers.

The alternative method of improving the
breathing ability of the combustion chamber is
to adopt multi-inlet and exhaust-valve cylinder-
heads. Hence, by reducing the diameters of the
valves and increasing their numbers, more of the
combustion-chamber plan area will be utilized
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since less surface area between adjacent valve
heads will be wasted. Thus, if two, three, four,
five or six valves are incorporated in the cylinder-
head, but with reducing valve-head diameters
respectively, the total cross-sectional area of
these valve heads increases while the exposed
space around each valve rim correspondingly
decreases. In other words, the chamber wall
surface area becomes more effectively used with
small but many valve heads as opposed to using
fewer but larger valve heads. At the same time, if
the valve heads are instalied in a slanted roof, the
port flow area is further enlarged; however, for
three valves or more the arched roof is normally
restricted to a 20° slope.

4.6.1 Inverted bath tub (in cylinder-
head) combustion chamber (Rover and
Vauxhall)

(Fig. 4.38(a—d))

With this type of in-line valve combustion cham-
ber, the space is cast in the underside of the
cylinder-head in the shape of a heart. Both valves
sit in the cylinder-head recess partially separated
by a protruding tongue or nose as observed in the
plan view (Fig. 4.38(a)).

The flat part of the cylinder-head, which over-
laps the piston from two squish regions. is a large
area due to the protruding nose (tongue), and a
much smaller crescent-shaped area on the oppo-
site side of the cylinder.

The pairs of poppet valve heads are partially
masked by the chamber walls on the nose side of
the squish zone (Fig. 4.38(a}), whereas they are
more exposed on the sparking-plug side of the
chamber. This permits the induced air-fuel mix-
ture to be reflected unrestricted in a downward
spiral about the cylinder axis (Fig. 4.38(a)).

Towards the end of the compression stroke the
air—fuel charge between the flat portion of the
cylinder-head and the piston crown is squeezed
into the combustion chamber cavity at a relatively
high velocity and, in the process, it becomes
highly turbulent (Fig. 4.38(b) ).

Just before TDC is reached, the spark jumps
between the electrodes of the sparking plug, and
there is then a very small time lag in which a
nucleus of flame is established 6° before TDC
(Fig. 4.38(c)). In this example, the flame then
propagates outwards from the ignited nucleus of
flame in a circular fashion, which is shown in the
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Fig. 4.38 (nverted bath-tub combustion chamber illustrating cycle events

form of isocrank-angle movement loops. These
expand throughout the combustion-chamber and
the squish region of the cylinder until the burning
flame front reaches the cylinder walls over a

crank-angle movement of 6°+24° = 30°, ‘after-
burning’ then completes the combustion process.

The intensity of turbulence generated by the
induced swirl and squish tends to increase directly
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with engine speed. Consequently, the rate of
burning rises roughly in the same proportion to
engine speed. This means that the angular period
of flame propagation from the ignition point to
the extreme cylinder walls occupies approxi-
mately the same angular movement for all
engine speeds.

Finally, towards the end of the expansion
stroke the exhaust valve opens causing the pro-
ducts of combustion which are still hot and press-
urized to expel themselves out through the ex-
haust port (Fig. 4.38(d)), mainly by flowing out
on the sparking plug side of the combustion
chamber.

4.6.2 Bath tub (in piston crown)
combustion chamber (Rover)
(Fig. 4.39)

This combustion chamber consists of a flat cylin-
der-head with single-row valves facing a circular
cavity cast in the piston crown. Thus, an annular
squish-zone is created around the piston’s rim
(Fig. 4.39).

The offset downward-inclined induction port
provides the incoming air—fuel mixture with a
spiral motion about the cylinder axis during the
piston’s outward induction stroke. This induction
swirl continues just as vigorously when the piston
reverses its direction and commences compress-
ing now a mostly vaporized charge.

Hence, with the piston approaching TDC, the
charge is compelled to sweep around both the
squish zone and the deep central bowl and, just
before TDC is reached, the charge wili be
squeezed radially inwards entering the bowl at a
relatively high velocity. This radial movement
imposed on the main circular swirl produces a
highly turbulent mixture charge which then
sweeps past the sparking plug that is located to
one side of the central bowl area.

When ignition occurs the nucleus of flame will
be spread by the whirling vortices of the turbulent
mixture, and the main swirl velocity of the charge
so that blankets of burnt charge do not suffocate
the yet unburnt vapour mixture. This enables a
rapid and progressive growth and spread of the
flame front which is essential if overheating of the
end gases is to be avoided.

This method of maintaining rapid movement
and agitation of the charge encourages the flame
to travel very quickly throughout homogeneous
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Fig. 4.39 Bath-tub combustion chamber

mixtures, that may be very weak, without hesita-
tion and leaving local zones unburnt.

4.6.3 Wedge (in cylinder-head)
combustion chamber (Ford)
(Fig. 4.40)

This chamber resembles an inclined bath tub
recessed into the flat cylinder-head face. Single-
row valves are tilted to accommodate the sloping
roof of the chamber. The sparking plug is located
on the thick side of the wedge mid-way between
the valves (Fig. 4.40).

The steep end walls of the wedge chamber
partially mask the air—fuel mixture flow-path from
the port into the cylinder so that the charge is
deflected and forced to move in a downward
spiral about the cylinder axis.




Fig.4.40 Wedge-type combustion chamber

During the return compression stroke just be-
fore ignition occurs, the piston to cylinder-head
squish area gap reduces to such an extent that the
trapped swirling mixture is thrust violently from
the thin to the thick end of the wedge chamber
space.

Thus, when the electric arc spans the sparking
plug etectrodes, a nucleus of flame is established
in the deep end of the chamber where it is
protected from the very high turbulent swirl ex-
tinguishing the flame. The flame front then
spreads outwards with increasing speed towards
the shallow end of the wedge recess.

Once the flame front reaches the thin end of the
wedge space, it enters the parallel squish-zone
where the local surface-to-volume ratio is high.
Consequently, these highly pressurized and over-
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heated end-gases become partially quenched and
are therefore prevented from detonating.
However, if the quench area is very large, not
only will detonation be prevented but the remain-
ing vapour charge may not completely burn:
unwanted hydrocarbons will be produced.

4.6.4 Split level (May fireball)
combustion chamber (Jaguar)
(Fig. 4.41)

This combustion chamber has the exhaust valve
head deeply recessed in a circular chamber
whereas the inlet valve head is sunk just below the
flat face of the cylinder-head so that the valve
head does not bump the piston crown when it
approaches TDC (Fig. 4.41). The walls of the
deep exhaust valve are steep. However, a cham-
ber groove merges the slightly sunken inlet valve
seat with the flat face of the cylinder-head. This
shaillow recess of the inlet valve head merges into
the side wall of the deep exhaust valve chamber
so that it forms a neck or passage between the
valves when the piston is in the TDC region. The
sparking plug intersects the steep side walls of the
exhaust valve chamber, slightly to one side of the
shallow passage communicating between the two
valve heads.

When the piston approaches TDC the bump
clearance reduces so that the mixture is squeezed
with great intensity through the offset recessed
passage into the deep exhaust valve chamber.
This eccentric or tangential entry from the large
squish zone into the deep chamber therefore
produces a highly intensified squish-induced swirl
about the deep exhaust chamber’s axis.

At the same time, the violent inward squish due
to the reducing bump clearance surrounding the
exhaust chamber converts the mixture motion
into a highly turbulent swirl.

At the instant of ignition, the high swirl rate
and the surrounding inward squish produces a
rapid and controlled propagation of the flame
front from the sparking plug to the furthest point
in the chamber with rich, stoichiometric and weak
mixture strengths without hesitation and mis-
firing. It is claimed that the combustion chamber
operates satisfactorily with a 97 RON octane
petrol with a 16:1 compression ratio, and a 92
RON octane petrol with a 12:1 ratio, without
detonation due to the elimination of most end-
gases before they become overheated.
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Fig. 4.41 Split level (May fireball) combustion chamber

4.6.5 Compound valve angle
hemispherical combustion chamber
(Ford)

(Fig. 4.42)

With this chamber the valves are inclined at 45° to
each other with the plane of inclination twisted by
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Exhaust

Induction

7° anticlockwise (looking down from above),
allowing a reasonably near part-hemisphere to
form the combustion chamber in spite of using
rockers and a single, rather than double, camshaft
arrangement (Fig. 4.42). The induction and ex-
haust ports are arranged in a cross-flow fashion so
that the fresh charge enters the chamber on one
side and is expelled on the opposite side. The
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Fig. 4.42 Compound valve-angle hemispherical
combustion chamber

small inclination of the valves permuts slightly
larger valve heads to be incorporated in the
cylinder-head chamber without causing the com-
bustion chamber to overlap the cylinder bore.
Consequently, better breathing will be achieved
in the upper speed range.

This chamber resembles 2 shallow semi-
hemisphere with a crescent squish region on the
sparking plug side, and a wider nose-shaped
squish region on the other side. Thus, the fuel
mixture entering the cylinder will be guided by
the induction port in a downward direction and,
as it enters the chamber, the steep walls on the
protruding nose side of the chamber mask the
entry passage of the charge so that it is deflected
more towards the sparking plug. As it moves
beyond the chamber into the cylinder it will tend
to swirl about the cylinder axis. The partially
heart-shaped shallow semi-hemispherical cham-
ber offers little resistance to the induced mixture,
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yet it is able to spiral and flow gently around the
cylinder walls as the piston moves away from
TDC.

On the last part of the return stroke, the
intensified swirl of the mixture is subjected to a
rapid radially inward squish component which
converts the slightly turbulent swirl into a highly
turbulent one.

Thus, when ignition occurs just before TDC the
nucleus of a flame established at the sparking plug
will rapidly expand its frontal-area and, simul-
taneously, it will be directionally swept through-
out the chamber. Consequently, this combustion
phase gives very little opportunity for any of the
end-gases to become over-compressed and for the
temperature to reach a detonation threshold.

4.6.6 Hemispherical combustion
chamber (Jaguar)
(Fig. 4.43{(aand b))

By inclining both inlet and exhaust valve stems to
each other, in this example by 70°, the valve
heads are able to blend into the walls of the
chamber without disrupting the chamber’s hemis-
pherical contour (Fig. 4.43(a)). Inclined valves
are beneficial as they permit larger valve heads to
be instalied compared with the vertically mounted
valves, as used on flat-top chambers. This feature
therefore considerably improves the cylinder's
filling ability, particularly at high engine speeds.
Thus, for a deep hemispherical chamber, the inlet
valve flow area would be increased by something
like 30% or more, which accordingly, promotes
high volumetric efficiencies with these chambers.
A hemispherical chamber has a very low surface-
to-volume ratio {(S$/V) so that the minimum
amount of heat will be lost through the chamber
walls and. consequently, a high thermal efficiency
is associated with this chamber shape. Another
attribute to this chamber shape is that with a
curved induction port, the entering mixture is
relatively free to generate a high swirl rate around
the chamber towards the end of the compression
stroke. A further feature of this chamber layout is
the raised piston crown which contributes to a
moderate squish zone around 